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ABSTRACT

An Investigation of Vibratlon Isolation Systems
Using Active, Seml-active and Tunable Passive Mechanlisms
with Applications to Vehicle Suspensions

Hong Su, Ph.D.
Concordla University, 1990

In this dissertation, an analytlical investigation on active,
semi-active and passive vibration control mechanisms is presented 1n
order to achieve improved shock and vibration isolatlon of mechanical
systems, especially ground vehicle applicatlions.

A hybrid active vibration Isolation system, Incorporating an
electro-magnetic force generater along with passlve damplng and spring
elements, 1s mathematlically modeled based on fundamental physlcal laws
and taking into account the generator dynamics. Complete vibration
isolation characteristics of the hybrid active control system are
evaluated for various feedback varlables and control schemes, using
numerical simulations. Influence of the force generator dynamlcs on
vibration isolation performance 1s 1illustrated through the simulation
results.

A concept of tunable pressure limiting modulation 1s proposed in
hydraulic damper systems. A hydraullc orifice damper 1s modified by
using the proposed tunable pressure 1limiting modulatlion to achleve
variable damping in vibration isolatlion systems, without requiring any
external energy source, sophisticated control devices and feedback
instrumentation that are essential for active and semi-active lsolators.

The fluid flow equations are employed to develop the nonlinear
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mathematical model of the hydraulic damper, incorporating the fluld and
mechanical compliance, and the dyn'mics of the pressure Ilimiting
mechanism. The computer simulatlon reveals that the shock and vibratlon
isclation performance of the tunable pressure limited hydraulic damper
systems 1s comparable to that of the semi-active ‘on-off’' wvlbratlion
control systems.

A generalized harmonic linearization technique, based on a2
principle of energy similarity ci dynamic elements, is proposed to
derive equivalent linear representations of both nonlinear damping and
spring elements, in the frequency domain. An analysis of the nonlinear
in-plane vehicle model, with alr-springs, orifice damping and pressure
limiting modulation due to tunable hydraullic shock absorbers, is carried
out to establish the stochastic response to random read inputs in terms
of power spectral denslty, and to illustrate the improved vehicle ride
performance due to tunable shock absorbers.

An interconnected hydro-pneumatlic suspension with tunable pressure
limiting mechanism ls presented to achleve improved vehicle ride and
handling performance. Analysis of a roll plane medel of a vehicle
employing the tunable Interconnected suspension shows that the
connectlons of fluld flow within the interconnected suspension provide
an enhanced static roll stablility; while the tunable pressure limiting
modulation between the strut and the accumulator of each suspension unit

offers an improved vehlicle ride performance.
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CHAPTER 1

INTRODUCTION AND LITERATURE REVIEW

1.1 General

Design of an effective shock and vibration lseclation system to
protect mechanical systems or the human body from shock and vibratlon
environments involves the selectlon of appropriate spring and damplng
mechanisms. Specifically, the damping characteristics play a major role
in shaping the shock and vibration response performance of the isolation
system. Shock and vibration isolation can, in general, be realized by
passive, active or semi-active vibration control elements.

The restoring and dissipative forces, in a passive vibration
control system, are generated purely due to the relative deflectlon and
relative velocity, across the passive elements, such as springs and
dampers of varlous types. Passive vibration lisolation systems thus do
not require any external power source and offer simple, inexpensive and
rellable means to achleve shock and vibration control. However, passive
vibration isolation systems possess inherent performance limitatlions due
to their fixed parameters, such as damplng. It has been established that
vibratlon lsolatlion systems with variable parameters can conslderably
improve vibration attenuation performance.

The control forces, in an active vibration control system, are
generated Qia active force generators, and change with varlations in
excitation and response characteristics. Active vibration control
systems can supply energy, when required, as well as dissipate energy,
vwhereas passive systems can only disslpate or temporarlly store energy.
Investigatlons carried out during the past decade have shown that

desired damping and restoring forces can be achieved via appropriate



feedback control schemes leading to 1improved vibration isolation
performance. The major disadvantages of active vlbration conirol systems
include the requirement of an external energy source and a sophisticated
control system with a number of sensors. The Iimplementatlon of such
active vibratlon isclation systems is thus severely limited due to the
increased cost, complexity and weight. However, active vibration
isolation systems are used where the performance benefits ocutwelgh these
limitations.

Semi-active vibration isolation systems generate damplng forces
passively, while the damping parameters are modulated using an actlve
control sy:.i:u. Semi-active vibration control systems offer an excellent
compromise between the performance benefits of active systems and the
simplicity of passive vibration isolation systems. Semi-active vibration
control systems require only low electrical power for necessary signal
processing and can provide improved shock and vibration lsolation
performance as compared with that of passive ones. Although the hardware
requirements of a semi-active vibration 1isclation system are
considerably simpler than those of an active one, the general use of
semi-active vibration isolation systems still remains limited due to the
requirement of comprehensive instrumentation and control devices.

Vehicle suspensions invariably employ either linear or nonlinear
passive vibration isolators to protect the structure, cargo and human
occupants from shock and vibration inputs arising from tire-terrain
interactive dynamics. Hlgh power and mobllity requirements of meodern
vehicles necessltate the suspension design to achleve Iimproved rlde
comfort and drlver safety. In view of the performance limitations of

passive vehlicle suspensions, numerous seml-active and active vibration



isolation systems have been proposed to achleve satlsfactory vehicle
ride.

The obJjective of thls dissertation is to investigate passive,
active and semi-active vibration control systems in order to achleve an
improved shock and vibration l1solation performance for mechanical
systems specifically for vehlcle systems. in view of the complex
hardware requirements of seml-active and actlve vibration control
systems, the primary focus of the sthdy is directed towards tunable
passive vibration control systems to achleve improved performance,
Methodologies for modeling and techniques for effective analysls of the

system are presented and employed.

1.2 Review of Previous Investigations

Literature in shock and vibration control and vehicle suspension
design constitutes a varlety of investigations concerning the
development of improved passive elements, advanced active and semi-
active control systems, and modified suspensions. A review of the
relevant literature is presented in the following subsections in order
to develop the objective of thls dissertation.

1.2.1 Passive Vibratlon Isolation Systems and Hydraulic Dampers

Mechanical vibration energy ls disslpated due to the damping within
a dynamic system. Dampers are, therefore, critical components In all
passive mechanical vibration control systems [1]. Passive hydraullc
dampers of various types are widely employed in shock and vibration
isolation systems {2, 3, 4], specifically Iin vehicle suspensions such as
in automobiles, motorcycles and aircraft landing gear {5, 6, 7).

Shock and vibration isolation performance characteristics of



passive isolators employing llnear or nonlinear springs and dampers have
been studied extensively [8). Varlous forms of nonllinear damping were
Investigated in view of thelr vibratlion isolation characteristics by
Ruzicka and Derby [9]. A single-degree-of-freedom model of a vibration
i1solation system employing nonlinear dampers with the relative velocity
exponent varying between 0.5 and 5 was analyzed to determine vibration
transmissiblility. The study concluded that the preferred damping
nonlinearity and damping value in a vibratlion isolation system depend on
the vibration excitation characteristics and are based on « compromise
between resonant vibration contrel and high-frequency vibratlion
isolation. The shock isolation performance of a passive isolator with
linear spring and quadratic law damper was investigated by Hundal [10].
The study proposed a closed form solution of the equation for the
isolator and the design of an optimal quadratic law damper.

Shock absorbers used in passive vehlcle suspensions have been
extensively investligated via analytical and experimenta)l studies,
Karadayl and Masada [11] developed a nonlinear analytical medel of a
shock absorber based on experimental results. The shock absorber medel
incorporated various damping nonlipearities including asymmetric
damping, dry friction, hysteresis due to fluld compressibillty and
backlash. A shock absorber model Iincluding coulomb friction was
Investigated by Mercer and Rees [12]. The study minimized both the
transmitted shock and relative displacement by adapting a variable
friction force to achieve an optimum shock Iisclator. The impact
characteristics of a shock absorber used in frelght cars was studied by
Freudenstein [13]. The analysls discussed the infiuence of masses,

impact speed, closure time, Coulomb damping, and compliance distribution



within the lading, on the shock 1isoclation performance. Varlous
optimization techniques have been implemented to determine optlmal
parameters of shock and vibratlon lsclatlon systems with respect to
specified input excitation and performance criteria [14, 15].

Analytical and experimental studies have established that the
damping characteristics of shock absorbers are strongly influenced by
the operating temperature, fluld compressibllity and entralned alr [4,
7). Alr spring suspensions with separated gas chambers have been
proposed in recent years [16]1. Moulton and Best [17] proposed the deslign
of a hydro-gas suspension to achleve improved ride and handling
performance of vehicles. Chu and L1 [18] developed an analytical model
of the hydro-gas suspension system to evaluate the vibration isolation
performance. The analysis of the basic characteristics of the hydro-gas
suspension indicates that the stiffness of the suspension varles with
respect to the system mass and the restoring force is nonlinear and
asymmetric. The nonllnearities due to orifice damping and gas spring of
a hydro-pneumatic suspension were discussed by Lin and X{ [19]). Thelr
study further analyzed the performance characteristics of the
hydro-pneumatic suspension for stochastic input excitations. Lliquid
springs have also been proposed and analyzed to achieve improved shock
isolation performance [20].

The magnitude of the damping force developed due to orifice flows
within a shock absorber is primarily related to the square of the
relative veloclty across the shock absorber [10]. Here the damping force
increases rapidly with the relative velocity response and ylelds poor
vibration isolation ©performance. Certain wvalving mechanlsms are

therefore employed within shock absorbers to limit the magnitude of the
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orifice damping force [4, 6]. Pressure relief valves are often used to
1imit the magnitude of the hydraulic damping force corresponding to high
relative velocity response. The pressure relief valves are preset by the
manufacturers to achieve desired damping characteristics. The spring
rate of the relief valves 1s selected primarily to achleve high damping
force around the rescnant frequencies, Such fixed shock absorbers do not
provide effective limiting of the damping force corresponding to high
relative veloclity response [4]. The shock absorbers with relief valves
are often designed to yield asymmetric damping characteristics during
compression and extension strokes. Burns and Sachs [21] developed a
simple model of an asymmetric shock absorber and presented the lnfluence
of asymmetric damping on the ride comfort in terms of vibration
isolation performance.

Van Vliet [22] developed an analytical model of a hydraullic shock
absorber with a fixed rellef valve., The relief valve is designed to open
only during compression to limit the magnitude of maximum damping force.
An unsymmetrical damping force and displacement relationship was
established by computer simulation and test results.

In order to overcome the Iinherent performance limitations of a
passive hydraulic damper with fixed damping characteristics due to
constant orifice area, a number of damping mechanisms with wvarliable
orifice areas have been proposed. Asaml et al [23] studied the damping
characteristics of a hydraulic damper by varying the orifice area in the
piston. A two stage variable area orifice hydraulic damper used in an
impact absorber has been proposed and analyzed by Hundal [24].

The effects of fluid compressibility on the damping characteristics

of the hydraulic damper and thus the shock and vibration lsolation
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performance of the isolator have been investigated by many researchers
(24, 25, 26). The significant influence of the fluld compressibility on
the performance characteristics of landing gears was presented by Wahl
[25]1 through test results. Shock absorber models consldering
compressible fluid were developed and analyzed by Wahi [25] and Mayne
[26). The shock 1isclatlon performance with the influence of
compressibility of the fluld was presented via numerical analysis of a
single fluid chamber impact absorber model. Hundal [24] also presented a
parametric study to 1illustrate the influence of bulk modulus of the
fluid on the performance characteristics of the two stage varlable
orifice impact absorbers. The simulation results indicated that the
performance of a finely tuned varlable area shock absorber is degraded
if the fluid compressibllity is consldered.

1.2.2 Active Vibratlon Isolatlon Systems

Developments in control engineering provided a new approach to
predict dynamic behavior of physical systems [27, 28]. Dynamic systems
with adjustable dynamic characteristics can be realized using feedback
control techniques [29]. It has been demonstrated that vibration
isolation systems with parameters that change with excltation and
response characteristics provide improved shock and vibratlon isclatlon
performance (30, 31, 32].

Numerous active vibration isclation systems employlng various force
generators and control schemes have been proposed and investigated In
recent years. Cavanaugh [33] first proposed a servo controlled pneumatic
vibration isolation system. The active control force generated was
proportional to the integral of the relative displacement response. The

analysis of the single degree of freedom linear active vibration
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isolation system demonstrated an improved vibratlion transmissibility.
Hullender et al. [34] investigated the vibration control of vehicle
systems using an active pneumatic suspension. The classical PID control
scheme was employed in the proposed active suspensiol. The study
concluded that the heave acceleration of the vehicle with actlve
suspension could be reduced to only 38 percent of the heave acceleration
response of optimally damped passive fluid suspension. A secondary
lateral suspension employing active controlled pneumatic actuators has
been investigated by Cho and Hedrick ([35]. The active pneumatlc
suspension employed the acceleration and velocity respense in a feedback
control scheme. The comparison of experimental and analytical results
revealed the slgnificant influence of dynamics of the actlive actuator
system. This study concluded that the car body lateral acceleration can
be reduced by 46 percent with a power requirement of 5.7 kW. Iwata and
Nakano [36] discussed optimal vibration control of active pneumatic
suspensions by using a linear optimal control technique based on full
state variable feedback.

Various active vibration 1solation systems using servo-controlled
hydraulic actuators have been proposed and investigated by Sutton (371,
and Dominy and Bulman [(38], respectively. The hydraulic actuator,
energized through a fluld pump, provides the actlive force controlled via
a hydraulic servo-valve, modulated through a linkage feedback mechanism.
The analysis of a suspension using such active hydraulic actuators
demonstrated [38] that the active system is able to minimize the sprung
mass response to bump input excitatlons while maintalning a constant

ride attitude.

Active electro-hydraulic vibratlon isolation systems employing



various control schemes have been proposed and analyzed by many
researchers [39, 40, 41]. Electrically controlled servo-valves are
employed to modulate the active control forces generated by the
hydraulic actuator. Calcaterra et al. [39] Iinvestigated an active
electro-hydraulic suspension employing a PID control scneme. Schubert
and Ruzicka [40] proposed and analyzed an electro-hydraullc vibration
isolation system using a feedback control scheme based on the absolute
acceleration and relative displacement response varlables, while the
electro-hydraulic servo-valve 1s modeled as a second order subsystem.
The theoretical and experimental results indicated that statlc
deflection as well as vibration isolation performance of such an active
control system can be improved over a broad-band excitatlon frequency
range. Tanaka and Kikushima [41] proposed an electro~hydraulic vibration
isolatlon system employing a force feedforward control to isolate the
forces transmitted to the ground for a forging hammer machine. Dynamic
compensators were designed to obtain adequate suppression of the
transmitted force.

Seto [42] proposed and investigated an eddy-current force generator
for active vibration control. The active force generated due to the
controlled magnetic field is a function of the relative veloclty sensed
by the vibration control system. The analytlical and experimental studles
of a long overhung ram in a machlne tool revealed that vibration
transmitted during metal cutting processes can be suppressed
considerably by employing the actlve eddy-current force generator. An
active vibration control system employing an electromagnetic force
generator was proposed and investigated by Ellis and Mote [43]1, for

control of transverse vibrations of a circular saw, where the control
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force generated was proportional to the relative velocity response.
Nikclajsen et al [44] investigated an electromagnetic vibration control
system for transmission systems, based on relative velocity feedback and
showed that the shaft vibrations are damped signlflicantly.

A concept of reliable fali-safe vibration control, compriéing of
active and passive force generator elements, was introduced by Guntur
and Sankar [45]. Implementation of both active and passive elements in
active vibratlon control systems has been proposed by other researchers
(33, 35, 41)]. Various active control schemes, including feedback and
feedforward controls, were presented to demonstrate the potentials of
such active vibration contrel systems.

The vibration isolation performance of active vibration control
systems is often evaluated for 1ldeal elements [32-45], while the dynamic
characterlistics of the active force generators are neglected. Buzan and
Hedrick [46] modeled a pneumatic actuator in an active vibration control
system as a dynamic sub-system and investigated the influence of
dynamics of the pneumatic actuator on the wvibration isclation
performance. The study revealed that the actuator dynamics influences
the suspension performance considerably.

Some control laws based on feedback of response varlables have been
proposed not only to obtain the desired performance characteristics, but
also to realize a practical control scheme, and to compensate for the
influence of dynamics of force generators. Thompson [47] investigated a
suboptimal linear active suspension which considered only some varlables
in a partial state feedback control, instead of the state feedback.
Klinger and Calzade [48] proposed a contrcl scheme which took Iinto

account the compensation for dynamics of the force actuator, in an
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active pneumatlc suspenslon. It seems necessary, therefore, to
investigate systematically the baslc vibration isolation characteristics
of varlous feedback varlables, and the influence of the dynamics of the
entire control system, including force generator, signal processing
systeﬁ and power amplifier, on the performance of actlve vibration

isolation systems.

1.2.3 Vibration Isolatlon Systems With Semi-active Or Sequential
Damping

In a vibration isolation system, the damping force tends to reduce
the magnitude of mass acceleration only during a part of the vibratlon
cycle and to increase it during the remaining part of the cycle. A
number of sequential damping mechanisms have been proposed so that a
high damping force is provided during that part of the cycle when 1t
acts to reduce the magnitude of mass acceleration and a minimum damping
force is generated during the remaining vibration cycle (49, 57}. Such a
sequential damping is realized by modulating the orifice areas in a
hydraulic damper using semi-actlve control.

Karnopp et al. [49] first proposed the concept of a seml-active
vibration lsolation system using a force generator based on ‘skyhook’
control. The damping force, proportional to absclute velocity response
of the mass, is generated whenever the absolute and the relatlve
velocities carry the same sign. Although hardware implementation of such
a system is conslderably simpler and less costly than that of an active
vibration isolation system, the realizatlion of skyhook control is still
significantly complex.

A number of semi-active vibration isolators employlng ‘on-off’ or
sequential damping have been proposed and investigated in an attempt to
further simplify the hardware implementations. Roley [50] and Margolls
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et al [51] investigated some seml-active vibration isolation systems
employing a force generator which generates a damping force as a
function of the relative velocity. The passively generated damping force
1s modulated by using the control scheme proposed by Karnopp et al.
[49). The damping force is assumed to be proportional to rélatlve
velocity when the absolute and the relative velocitles carry the same
sign. The damplng force is assumed to be zero when the sign of the
absolute veloclty response of the mass differs from that of the relative
velocity response. Krasnlckl {52] conducted experimental studies on a
prototype semi-active ‘on-off’ damper and presented a comparison of
analytical and experimental performance characteristics for harmonic
excitatlions. The experimental study illustrated that the vibratlon
transmissibility of the ‘on-off’' damper 1is comparable with that of the
‘skyhook’ semi-active damper proposed by Karnopp et al [49] in the low
and ressnant frequency regions. In the higher frequency regicn, however,
the seml-active ‘on-off' damper vyields a poor vibration Iisolatlon
performance.

The semi-active ‘on-off’ control scheme has been used in varlous
applications by many investigators, such as multi-mode structures [53],
tractor cabs [50], and military ground vehicles [54]. All the above
studles clearly demonstrate that vibration control schemes with
semi-active ‘on-off' damping provide considerably superior vibration
isolation performance to that provided by passive vibration control
systems. However, measurement of absolute veloclity of the mass poses
considerable complexities, speciflcally at low exclitatlon frequencies.
Margolis [55], and Sharp and Hassan [56], proposed an absclute veloclity

and acceleration feedback control scheme to compensate for the error
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caused by measurement of absclute velocity.

In view of the problems assoclated with the acquisitlion of absolute
velocity at low exclitation frequencies, Rakheja et al. [57] and
Sireteanu [58] proposed a semi-actlive ‘on-off' damplng mechanism based
upon directly measurable variables. The proposed damper generates a high
damping force proportional to the square of the relative veloclty
response, when the sign of the relative velocity opposes that of the
relative displacement. The damping force is reduced to a low value by
modulating the orifice to 1ts maximum opening, when the relative
velocity and displacement carry the same sign. Sireteanu [58] analyzed
the random response characteristics of vehlcle suspensions employing the
above sequential damping. The studies revealed that the vibratlion
isolation performance of the sequential dampers is almost ldentlical to
that of the ‘on-off’ dampers proposed by Karnopp et al. [49] and
Margelis et al. {51].

Seml-active ‘on-off’ controls yield large magnitude of Jerk (rate
of change of acceleration) around the discontinuity between the ‘on' and
‘off' states, similar to the bang-bang control [59]. Moreover,
semi-active vibration Isolation systems requlre a comprehensive
instrumentation package and control devices. Thus the cost,
complexities, and instabilities assoclated with chatter and drifting
phenomena of semi-active ‘on-off’ control may still be the major
obstacles for its general applicatlon.

Snowdon [60)] proposed various concepts of dual-phase damping in
vibration isolation systems and investigated their shock isolatlion
performance. The damping ratio takes one of two constant values 1f the

relative velocity of the dual-phase damper is either small or large. For

- 13 -



intermediate velocitles, there is a linear transitlion from one level of
the damplng ratio to the other. Venkatesan and Klirshnan [61] analyzed
the harmonic response of a vibration isolation system with a dual-phase
damper. The analysis demonstrated that the absolute vibration
transmissibility of the dual-phase damper system can be minimized by
selecting appropriate dual-phase damping parameters. Guntur and Sankar
[62) investigated the shock isolation characteristics of several
dual-phase mechanisms. Venkatesan and Krishnan [63] proposed and
investigated an application of the dual-phase damper in a landing gear

during the touch-down of alrplanes.

1.2.4 Interconnected Hydro-pneumatic Suspensions

Ride, handling and control of ground vehicles pose conflicting
requirements on vehicle suspensions. A softer suspension provide better
ride but poor stabllity and directional control. Improved handling
performance requires a suspension that 1is neither stiff nor too soft.
Vehicle suspensions are thus desligned to achieve a compromise among the
ride, handling and control performance requirements of the vehlcles.
However, a larger welghting is given to the control performance to
ensure ground vehicle stabllity.

Concepts in Interconnected vehicle suspensicns have been proposed
to achleve improved ride as well as handling and stabillity of road
vehicles [31, 37). Hydro-pneumatic vehicle suspensions with rising rate
stiffness characterlstics and almost constant natural frequency offer
consliderable potential for ride amplitude contrel, self-leveling,
anti-roll and anti-pitch control via the interconnections [16, 18, 64].

A number of interconnected hydro-pneumatic suspensions have been

proposed and lnvestigated in an attempt to cvercome the limitatlions of
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the conventional passive suspensions and to improve the roll stabllity
as well as ride performance of road vehlicles. Felez and Vera [65]
investigated interconnected passive hydro-pneumatic suspenslion systems
for ride and roll response characteristics. The study demonstrated an
improved anti-roll performance of the interconnected suspenslions,
Moulton and Best [66] proposed and analyzed an interconnected suspension
system with rubber springs. Thelr investigation demonstrated an imoroved
load distribution control of the vehicle. Meller [67] proposed and
investigated an interconnected hydro-pneumatic suspenslion with a
self-energizing pump system. The load dependent internal pump ls
energized by the relatlve movement between the axle and the wvehicle
body. The hydro-pneumatic leveling characteristlics are hence realized
via this suspension. Tanahashli et al. [68] proposed and investigated an
interconnected and feedback modulated hydro-pneumatic suspension. The
interconnected suspension provides a variable damping force with three
levels by an electronic modulation system according to the vehicle
running and road conditions. The theoretical and experimental studles
demonstrated both improved ride comfort and handllng characteristics of
the vehicle.

Various interconnected suspensions with active and semi-active
controls have been proposed and investigated by many researchers [69,
71)]. Horton and Crolla [69] investigated Interconnected suspensions
incorporating semi-active feedback mechanisms. A mechanical linkage
mechanism is used to control the hydraulic servo valve and thus the
stiffness and damping characteristics of the suspension. An active
suspension with interconnection between hydro-pneumatic shock absorbers

was investigated by Crolla et al. [70]. The simulation study indicated
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an improved ride comfort and body attltude control of the wvehicle.
Sutton [37] configured an active interconnected suspension using actlive
hydraullic actuators. The results of the experimental simulatlon in the
time domain indicated the potential advantages of the actlve
interconnected suspension. Howard [71] Investigated an ‘active
interconnected suspension for a three dimensional model of vehicle. The
improved self-leveling, anti-roll and anti-pitch behaviors of the
suspension were presented through computer simulation studies. Felez and
Vera [65] also investigated a hydro-pneumatic suspension with active
connectlon control. A three position servo valve was employed to control
the fluid connection passages of the suspension. The study observed the
hunting type of instability problem assoclated with the interconnected
active suspension,

Studles conducted on interconnected vehicle suspensions have
established that the vehicle roll stability in general can be Improved
considerably. Although active and semi~active interconnected suspensions
provide superior shock and vibration isolation as well as improved road
holding ability, the implementation of such systems has been limlted due

to the associated high costs, complexities and poor stability (37, 65].

1.2.5 Analytical Techniques for Nonlinear Stochastlc Systems

Since linear systems are much easler and economical to analyze than
nonlinear systems, nonlinear mechanical systems are often analyzed by
assuming linear characteristics. Vehicle suspension systems often
exhiblt nonlinearities assoclated with coulomb friction, orifice flows,
alr springs, leaf springs, etc. Often critical effects of nonlinear
suspension thus can not be simulated via linear theory, speclfically

when the system nonlinearitles are strong and the system does not
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operate in a small range, as in the cases of coulomb frictlon and
logical state changes. For the analytical models presented in this
study, such as hydraullc dampers and tunable pressure limliting
mechanisms, the nonlinearities are relatively strong and play deminant
roles in their dynamic characteristics [12, 72]. Road surfaces traversed
by vehicles are random in nature and the 1nput excitations to vehlcles
should be described stochastically. Hence, the ride performance of the
nonlinear vehicle models should be evaluated by a stochastic approach.

In this section, the avallable techniques that can be adopted to
solve nonlinear dynamic systems subjected to stochastlc excltatlons are
reviewed. The major advantages and limitations of these techniques are
examined with emphasis on applications to multi-degree~of-freedom
vehicle suspensions with nonlinearities assoclated with orifice dampling,
alr springs and tunable pressure limiting mechanisms, so that a suitable
method may be selected for stochastic analysls of the proposed vehlcle
suspension with tunable dampers.

Various analytical techniques have been developed to predict the
response characteristics of nonlinear dynamic systems to random
excitations [73-77]. These nonlinear analytical techniques employ

varlous approaches, such as

i) Markov methods,

i1) perturbation methods,

111) simulation methods, and

iv) equivalent linearization methods.

1.2.5.1 Markov Methods

When the future state of a system response process depends only on
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the most recently known state, then it ls defined as a Markov process
{78]. A Markov random process is completely described in terms of its
first and transitlon probablility densities or the statlistical moments.
Roberts [74] discussed a number of analytical techniques dealing with
Markov processes. The response process of a system with Markov process
properties can be derived using two approaches:

(1) Fokker-Planck equation and

{11} moment equation.

Fokker-Planck Equatlion

The transition probablility density function of the response process
of nonlinear systems, subject to a white noise (or filtered white noise)
excltation, 1Is governed by the Fokker-Planck equation. The required
statistics of the response process are then completely defined by its
transition density function. Ariaratnam [79] and Caughey [80] derived
the Fokker-Planck equatlon of discrete nonlinear dynamlc systems
subjected to white random excitation. Ariaratnam [79] analyzed a
two-degree-of-freedom suspension with nonlinear springs, and derived
closed form solutions for some simple cases with stationary processes.
It has been establlished that the Fokker-Planck equation approach offers
the advantage of providing an exact solution for response statistics
(73, 81, 82]. However, the complete solution of the equation is
avallable only for a limited class of problems. The dynamic systems with
nonlinearitles involving velocities and thelir couplings and
nen-statlionary random processes still remain to be solved.

In view of the diffliculiy of derlving exact closed form solutions
of the Fokker-Flanck equatlion, various approximate methods to solve this

kind of parabolic differential equation have been developed, which can
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be classlfied as:

(1) approximate analytical methods, and

(2) approximate numerical methods.

The stochastic averaging methods are a class of approximate
analytical methods, in which rapid fluctuatlons 1n varlable amplitudes
and phases are averaged wlth respect to time to provide simpler
equations for slowly varying quantities [83]). Crandall and Zhu [75]
discussed various different stochastlc averaging methods In order to
generate the slowly varying quantities. Although stochastic averagling
methods have been extensively applied to some nonlinear random systems,
the major limitation of the stochastic averaging method 1s that it can
not account for the effect of strong nonlinearity in restoring force
terms [75, 84].

Numerical methods offer an alternative way to solve the
Fokker-Planck equation. Since the Fokker-planck equatlion is essentlally
a parabolic partial differential equation, it can, Iin princliple, be
solved numerically. A finite difference method was proposed by Roberts
(85] for solving the Fokker-Planck equatlon. Langley [86] discussed a
finlte element method to compute stationary solutions of Fokker-Planck
equations and obtained very satlisfactory results for a single-
degree-of -freedom Duffing oscillator. Effective numerical methods for
solving higher dimensional Fokker-Planck equations of multi-degree-
of -freedom systems still remain to be developed [76].

The Fokker~Planck equations of dynamic systems with nonlinearitles
involving velocities, or inertial or damping coupling between the
general coordinates, also remain to be solved [87, 88]. Therefore, the

Fokker-Planck equation approach is not sultable for nonlinear suspension
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systems considered in thls dissertatlon.

Moment Equation

The moment equation approach can yleld statistical moments of the
response of a nonlinear system subject to random excltations, assuming
the response as a Markov process [89]. A set of differential equations
for the statistical moments of the response can be derived either from
the equations of wmotion or from the associated Fokker-Planck equations.
A set of coupled ordinary differential equations can thus be derived and
solved to yleld nonlinear response characteristics. The Inherent
limitation of the moment equation approach is that there are always more
unknown moments than the number of equations for nonlinear systems and
exact solutions can never be obtained [S0].

Approximate solutions to moment equations have been proposed based
on the following assumptions [75]:

(a) certain higher order moments can be neglected,

{b) the neglected higher order moments can be related to lower order

moments in a certain manner,

Therefore, it 1s necessary to introduce a closure approximation
technlque to generate the results. Iyenger and Dash [91] presented a
study on random vibration response of nonlinear systems by using the
Gaussian closure approximation technique. The Gaussian closure technique
relates the higher order moments to lower order moments in the same way
that moments of Gausslan processes are related. It has, however, been
pointed out by Roberts and Dunne [92] that the Gausslan closure
approximations sometimes produce poor, and even completely erroneous,
results.

Crandall [89) systematically discussed the Non-Gaussian closure
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approximation techniques and polnted out that such methods offer the
potentials to improve considerably the accuracy of the results. Varlous
non-Gaussian closure methods have been proposed and tested for special
cases [90, 93]. Although good results for some cases, even for some
multi-degree-of-freedom nonlinear systems, have been obtained by using
these methods, the rellability of the non-Gaussian closure technliques
has not yet been proven [75].

It can be seen that both Fokker-Pl;nck equatlion and moment equation
approaches for Markov processes have limltations in applications to the
multi-degree-of freedom nonlinear suspension models with nonlinearities
assocliated with orifice damping, air-spring and tunable pressure
limiting mechanisms. The Markov methods are, therefore, not sultable for

the nonlinear vehlcle models proposed in this thesis.

1.2.5.2 Perturbatlon Methods

In this technlque, the magnitude of the nonlinearity in a system is
assumed to be controlled by a small perturbation parameter €. The
response of the system ls established in terms of a power serles in €.
Substituting the power serles solution into the original nonlinear
equations of motion and equating the coefficients of like powers of the
nonlinear parameter, a set of successive linear differential equations
are evaluated in terms of the power series of the solution [94].

This classical approach for deterministic nonlinear problems was
first applied te stochastic nonlinear vibration problems by Crandall
[95]). The statistlics of the response sclution are evaluated in the same
manner as the deterministic response. Various appllications of this
method have been proposed to analyze stochastic dynamlc systems

possessing limited amounts of nonlinearities [74). Chu and L1 ([18]
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analyzed the dynamic characteristics of a nonlinear suspension system
employing hydro-pneumatic shock absorbers by using the perturbation
method. The influence of the alr-spring parameters of the shock
absorbers on ride performance was presented. The analytlcal
investigations of various nonlinear stochastic systems have been
proposed by Manning [96] and Tung [97].

The perturbatlion serles is usually an asymptotic power serles. For
small ¢ higher order perturbation can Iimprove the accuracy of the
solution. For large £, however, the perturbatlion may worsen the accuracy
of the results. The advantages of the perturbation methods include that
it is a simple and effective technique for the analysis of systems with
weak nonlinearities. Furthermore, the method is not restricted to cases
of uncorrelated excitations. The major limitation of this approach 1is,
however, that the stochastic system, in addition to possessing only weak
nonlinearities, must contain some finite amount of linear viscous
damping so that the solution of the successive linearized equatlions
would be In a bounded form. Since the nonlinear suspension systems, to
be investigated in thls dissertatlion, are characterized by strong
nonlinearities such as orifice damping, air springs and tunable pressure
limiting mechanisms, the perturbation methods are considered

inappropriate.

1.2.5.3 Simulation Methods

This approach, also referred to as the Monte Carlo method, can be
described by following three steps [75]:
1) generation of a large number of sample functions of the excitation
process, with desired statistical propertles;

2) computation of the corresponding sample functions of the response
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process, based on the dynamic model of the system and a finlte

number of ‘typical’ initlal conditlong;

3) statistically processing the response characteristics to obtaln the

desired response statistics.

In principle, the approach 1ls very general and applicable to the
stationary or nonstationary response of systems of any degree of
complexity. However, it requires a large number of representative
simulations of the system response yielding an ensemble of state
trajectories. The statistics of the response, such as mean, covarlance,
etc., are then estimated with certain confidence limits. For statlonary,
ergodic processes the method 1s simplified due to the fact that temporal
averaging needs only one input/output realization of sufficlent duration
fo8].

The simulations can be performed either on a digital computer or an
analog computer depending on the way the system is modeled. The
excltation process for an analog simulation is obtained from a random
signal generator and filters. The white nolse excltatlon for a digital
computer simulation, on the other hand, can be generated directly from a
sequence of independent random numbers with a normal distribution [99].
For non-white noise excitation a digital filter can be constructed to
operate on a white noise and thus to obtain the desired spectrum. If the
frequencles are equally spaced, implementatlon of simulation on a
digital computer can be made considerably more efficlent by using the
FFT algorithm [100). Varlous other simulation methods have been
discussed by Roberts [75].

The advantages of simulation methods over other methods include the

flexibiiity that it can be readily extended to the case of



multidimensional and multivarliate processes [101], and possesses better
error diagnostic capabillity. The major drawback of simulation methods is
the computatlon time and cost. The statistical uncertalnty 1in the

-1/2
(n = number of

response statistics decreases in proportion to n
sample excitatlons), while the cost Increases 1s essentlally
proportional to n. To galn one additional significant figure Iin the
results requires a hundredfold increase in cost [75]. For this reason,
the simulation methods are usually used to provide a basis for assessing
the valldity and accuracy of other approximate methods when the exact

solution is not avallable. This method 1s, therefore, not considered

appropriate for the analysis of the proposed nonlinear vehicle system.

1.2.5.4 Equivalent Linearization Methods

Well established linear analytical toecls provide a powerful and
convenlent approach to analyze the characteristics of linear stochastic
systems. Equivalent 1linearization methods make use of merit of the
linear analytical tools for certaln classes of nonlinear systems. The
equivalent linearization methods are based on the concept of replacing
the nonlinear system by a related llnear system according to a specified
criterion such that the difference between response characteristics of
the two systems is a minimum [102). Though there are wvarious
linearization methods based on different criterla, they can be
classified into two approaches according to the domain in which the
mathematical model of the system 1s established:

1) time domaln linearization approaches;

2) frequency domaln linearization approaches.

In time domain linearization approaches, the following two

techniques are available 1in the analysis of nonlinear stochastic
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systems:
(a) Statistical linearlzatlion techniques
(b) Plece-wise linearization technique

Statistical Linearizatlion Techniques

Statistical linearizatlon techniques are an extension of the
describing function method of Krylov uud Bogollubov in control theory
for deterministic excitations [103]. The first development of a sultable
equivalent linearization procedurz for stochastically exclited nonlinear
systems was introduced by Caughey [88] and Booton [102]. Here, nonlinear
stiffness and damping elements are replaced by optimal linear elements
by minimizing the mean square errors between the nonlinear and llnear
equations. Iwan and Patula [104] presented varlous minimization criteria
for the statistical linearization technique and discussed their relative
merits and demerits.

The statistical linearization technique is not limited by the
restrictions on excitation and dlssipation often encountered in other
approximation approaches. Therefore, it can been applled to a bread
class of vibration problems with many degrees-of-freedom. If the
excitation 1is Gaussian distributed, the procedure 1is simple to
implement. Roberts [75] discussed the statistical linearization method
and its applications, and pointed out that the errors in mean square
response remain quite modest even for large nonlinearities. However,
difficulties are encountered when the nonlinear characteristlcs are
discontinuous [105], as in Coulomb friction and logical state control.
Since the proposed nonlinear models of vehicle systems have logical
state control due to a tunable pressure limiting mechanism, the

statistical llinearizatlion method is not applicable to the vehlcle models
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discussed in this dlssertation.

Plece-wise Linearization Technique

This technique is used when the nonlinearitles of a rsystem vary
with time. Here, the nonlinear system is replaced by a set of equivalent
linear representations 1in discrete time. The plece-wise linear
representation of the system model within each time Interval ls
predetermined by using determinlistic approaches. The stochastic response
is established by evaluating response of the piece-wise llnear model to
random excitations, within each time interval. Kumar et al. [106]
investigated the stochastic response of gears by using the plece-wlse
linearization technicque. The nonlinear time variant model of the gear at
different contact positions is expressed by an equlvalent plece-wise
time discrete model in terms of state transition matrix. This technique
is limited to the cases where the nonllnearities of systems are only
functions of time and the plece-wise linear models can be predetermined.
Since the nonlinearitles of the proposed vehicle systems are functlons
of response variables and can not predetermined without knowing
excitations, this method is not adoptable for the analysis cof the
nonlinear vehlcle medels In thls investigation.

Frequency Domalin Linearizatlon Approaches

When excitations to a nonlinear system can be represented in the
frequency domalin, this linearization technique can replace the nonlinear
system by a frequency dependent linear model based on the minimization
of the difference between the two systems with respect to a specified
criterion. The deterministlic linearization in the frequency domaln was
first developed by Thomson [107]. Various nonlinear damping elements in

steady state harmonic vibratory systems are replaced by the equivalent
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1.3 Scope of the Investigation

In the previous pages 1t has been established that passive
vibration isolators exhibit inherent performance llmitations. While
semi-active and actlive vibration isclators with varlable parameters
offer superior 1isolatlon performance, the Increased cost and
complexities prohibit their general Iimplementation. It s further
established that low <cost, simple and rellable passive vlbratlon
isolators with variable parameters are extremely desirable to achieve
improved shock and vibration 1isolation performance. Modifled passive
vibration Lisolators with tunable characteristics are proposed and
analyzed in this thesis with the objective of achleving improved shock
and vibration isolatlon performance of mechanical systems, 1in particular
for wvehicle systems. Semi-active sequentlal <dampers are also
investigated to demonstrate the relative performance characterlstics of
tunable hydraulic dampers. The vibration isolation performance of actlve
vibration isolators is also investigated incorporating the generator
dynamics.

1.3.1 Objective of the Investigatlion

The overall objective of this research investigation 1s to
contribute towards attainment of effective vibration \1sclaters,
specifically for vehicle suspensions, in order to achleve improved shock
and vibration 1isolation performance. The speclfic objectives of the
study may be summarized as follows:

(1) Investigate active vibration control systems employing various
feedback control schemes in view of their vibratlon isolatlon

performance and discuss the influence of dynamics associated

with the force generators.
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viscous damping elements, which are calculated by equating the energy
dlssipated per cycle of the nonlinear damplng elements to that of an
equivalent viscous damper. This simple and practical technique has been
widely used in many deterministic nonlinear dynamic systems [108].

A discrete harmonic linearization method, which 1s an extension of

the frequency domain linearlzation te stochastlc nonlinear systems
subject to random excltatlions, was introduced by Rakheja [105]. It
replaces different nonlinear damping mechanlsms by an array of
equlvalent viscous damping coefficients within specified frequency
intervals over the entire frequency range of interest. The set of
localized linear systems thus developed is a functlion of corresponding
discrete frequency and amplitude of excitatlon..Various linearization
methods in the frequency domaln based on different equivalent criterla
and accuracy of the methods have been presented by Rakheja et al. [109].

The discrete harmonic linearization method presents a very simple
approach to analyze stochastic response of nonlinear systems with many
degrees-of -freedom The response of the nonlinear system is directly
obtained ln terms of the power spectral density (PSD) function by matrix
multiplication of the linearized frequency response functlon and the
input power spectral density function. The major limitation of this
technique 1s that it 1s restricted to stationary exclitatlons. Another
limitatlon is that the techniques proposed have dealt with only
nonlinear damping elements and can not provide an egquivalent linear
stiffness for a nonlinear restoring element. This restriction to
nonlinear restoring elements may be removed by a generallized discrete

harmonic linearlization technique that is proposed in this investigation.
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(11)

(i11)

(iv)

(v)

Investigate the performance potentials of passive hydraullc
dampers with tunable parameters.

Investigate the performance characteristics of passive
vibration systems employlng tunable hydraulic damper in
relation to the semi-active sequential dampers.

Develop appropriate techniques for the evaluatlon of the
stochastic ride response of vehlicle suspenslon employing
nonlinear tunable shock absorbers.

Configure and analyze the interconnected vehlcle suspension
with tunable parameters in order to achieve improved ride and

roll stabllity performance.

The proposed study is carried out ln the following four phases in

order to reallze the above objectives:

(1)

(11)

(1i1)

{iv)

Investigate vibration isolation performance of an actlive
vibration control system employing an electro-magnetic force
generator and evaluate the influence of the dynamics of the
force generator.

Configure a tunable passive hydraulic damper and investigate
its shock and vibration isclatlien performance.

Evaluate the random ride response of vehicle suspenslion
employing tunable hydraulic damper.

Configure a tunable interconnected venicle suspension, and
investigate the vibration attenuation and roll perfurmance

characteristics.

In Chapter 2, an active vibration isolatlon control system using an

electro-magnetic force generator in conjunctlion with passive spring and

damping elements is investigated. A mathematical model of the active
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vibration isolator incorporating the dynamics of the force generator is
developed. A generalized control scheme ls proposed in order to evaluate
the wvibration 1solation characteristics of the actlve system
incorporating the effects of generator dynamics. Simulatlon results of
the active system with various independent as well as comblned controls
are presented and discussed. The effects of generator dynamics and the
stabllity of the active control system are emphasized.

In Chapter 3, a passive hydraulic damper with constant orifice area
is analyzed in view of the damping and vibration Iisolatlon
characteristics. The concept of a pressure limited hydraullc damper ls
derived and the associated tuning methodology 1is presented. The shock
and vibration 1isclatlon performance characteristics of the lisclator
employing a tunable pressure limited hydraulic damper are compared with
those employing semi-active sequential dampers.

In Chapter 4, a higher order mathematlcal model of the tunable
hydraulic damper 1is developed, incorporating the fluld and mechanical
compliance, and the dynamics of the tunable pressure rellef mechanism.
Nonlinear differentlal equations characterizing the dynamics of an
isolator using a tunable damper are solved via numerical Iintegration.
The results are dlscussed to demonstrate the influence of the dynamics
of the pressure rellef mechanlsm and fluld compliance on the shock and
vibration isolatlon performance of the tunable hydraulic danper.

In Chapter 5, rlde performance potentials of vehlcle suspensions
enploying the modifled tunable shock absorbers are evaluated for both
deterministic and stochastic excitations. Two rlde dynamic models are
developed, namely a quarter car model and an in-plane vehicle model, to

investigate the rlide performance potentlals of tunable shock absorbers.
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The quarter car model is first evaluated In the time and frequency
domains for determinlistic 1inputs. The dynamlc ride performance ls
presented In terms of shock and vibration isolation characteristics. A
generalized discrete harmonic linearization technique, based upon local
linearization techniques, 1s developed to obtaln the vehicle ride
response to stochastic terrain excitatlons. The stochastic ride response
of the in-plane vehicle model with tunable shock absorbers ls presented
in terms of the response power spectral density.

In Chapter 6, roll plane models of vehicles with lndependent and
interconnected suspensions are developed to investigate the ride and
roll performance potentials of Iinterconnected vehlicle suspensions.
Interconnected vehicle suspensions employing constant orifice and
tunable pressure limited mechanisms are analytlically modeled and
investigated. The roll plane vehicle system employlng tunable
interconnected suspension is modeled incorporating the effective bulk
modulus of the fluid and the dynamics of rellef mechanisms. The roll
response characteristics of the interconnected suspensions is evaluated
for a typical cornering maneuver. The ride performance potentlals of
tunable interconnected suspension are demonstrated in both time and
frequency domains in terms of shock and vibration isolatlon
characteristics.

In chapter 7, highlights of the results obtained and the general

conclusions drawn are presented along with an outline for the future

work.
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CHAPTER 2

AN ACTIVE VIBRATION ISOLATION SYSTEM USING
ELECTRO~MAGNETIC FORCE GENERATOR

2.1 Introduction

In general, vibration isolation of mechanical systems can be
achleved through either passive or actlive vibration control systems.
Although passive vibration isolation systems offer simple and reliable
means to protect mechanical systems from vibration environment, the
inherent performance limitations of passive vibration isolators are well
known. An active shock and vibration isolatlon system with parameters
that change with respect to the excltation and response characteristics
of the system can provide significantly superior vibratlon isolation
performance. Actlve vibration control systems can supply energy when
required as well as disslpate energy, whereas a passive vlbration
contrel system can only dissipate or temporarlly store energy. The
major disadvantages of active systems include the requirements of an
external energy source and a sophisticated control system with a number
of sensors. Increased cost, complexity and weight of the active
vibration isolation systems Impose a limitation on the general
application of such systems, however active vibration isclators are used
where the performance benefits outweigh these limitations.

In the past twenty years various active vibration isolatlion systems
have been proposed and investigated extensively [31, 37, 122]. Many
efforts have been made to predict the dynamic performance of active
vibration control systems in various applications [123, 124]. An active

vibration control system employing an electro-magnetic force generator



was analyzed by Ellis and Mote [43] for the attenuation of transverse
vibrations of a circular saw. Nikolajsen et al. [44] investigated an
electro-magnetlc force generator to achleve the active control of
transmission shaft vibrations. Active electromagnetic suspenslons were
investigated by Hogan and Hubbard [125), and Weinberg [128],
respectively. The vibration isolation performance of active vibration
control systems is often evaluated for ideal elements [32-45], while the
dynamic characteristlics of the active force generator are neglected.
Buzan and Hedrick [46] investigated the Influence of the dynamics of a
pneumatic actuator on the vibratlion isclatlon performance of the actlve
vibration control system. The study revealed that the actuator dynamics
influences the suspension performance considerably.

In this chapter, an analytical investigation of vibratlion isolation
performance of a hybrid active vibration control system, incorporating
an electro-magnetic force generator along with passive spring and
damping elements, is presented. The electro-magnetlc force generator 1s
modeled as a first order dynamic subsystem, and a general control scheme
is formulated by including absolute and relative response variables of
the system. The basic vibration isolation characteristics of the
feedback vibration control employing individual variables are flrst
presented and discussed in vlew of the dynamics of the force generator.
The vibration isolation performance of the electro-magnetic active
system with combined varlable control schemes is, secondly, evaluated
and compared with that of the ideal model to demonstrate the
significance of force generator dynamics. Actlve control schemes are

proposed and Iinvestigated based on the basic vibration 1isclation
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characteristics of individual variables, with the effects of generator
dynamics. The limiting values of various control gains are established
through stability analysis of the active vibration control system.

2.2 Development of Active Vibration Control System Model

A single-degree-of-freedom hybrid fall-safe vibration control
system 1s cenfigured by Integrating an active force generator to a
conventional passive vibration lisolatlon system, as shown in Figure 2.1.
The hybrid active vibration isolation system is conflgured in view of
following advantages:

1) improved reliabllity of the vibration contrel system [45];

2) reduced power level requirement of the active generator.

The equation of motion of the hybrid active vibration control
system is developed and expressed in terms of control forces generated

by both actlve and passlve components:

mx(t) +f (t) +f (t) =0. (2.1)
cp ca
where,
m = mass of the system (kg)
X = vertical displacement cocordinate of the mass (m)
fcp = control force due to passive elements (N)
f = control force due to active element (N}

ca

The passive control force offered by the passive spring and damper
is dependent upon the element coefficients and relative movement of the
system. Assuming linear coefficients, the passive control force can be

expressed as:

fcp(t) =k z(t) + ¢ z(t) (2.2)
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where,

k = stiffness coefficient of spring (N/m)
c = viscous damping coefficlent of damper (N-s/m)
z = relative displacement of the system (m), defined by
z(t) = x(t) - xl(t) (2.3)
X = base input d. spiaicement (m)

1

The active control force generateg by active force generator G, is
dependent upon the dynamics of the force generator, control laws and
control gains. The active control force can be generated via hydraulic
or pneumatic actuators coupled with wide band servo-valve and external
hydraulic or pneumatic power source (40, 46). Ellis and Mote [44] and
Nikolajsen et al. [45) proposed that the active control force can also
be realized vla electro-magnets with a lesser degree of complexlity.

An electro-magnetic active force generator model, as shown In
Figure 2.2, 1is selected for this investigation. The electro-magnetic
force generator consists of a stator and an armature. The stator
provides a magnetic fleld through a constant electric current, while the
armature generates an active force by means of interactions of armature
current and stator magnetlc field. The armature circuit is represented
by a resistor and inductor circult subject te the control voltage. The
stator mass of the force generator 1s lumped to the base, whlle the mass
of the armature is lumped with system mass. The control force, generated
by the electro-magnet, is proportional to the gproduct of armature

current and magnetic flux strength of the field [126, 128]:

fca(t) = A1 (] 1a(t] (2.4)
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A = constant coefficlent of generator (m)
Ia = armature current (A)
¢ = magnetic flux (Wb)

Assuming an unsaturated magnetic fleld, the flux ¢ ls then proportiocnal

to the constant fileld current and expressed as:

¢ = A2 Ir (2.5)
Az = constant coefflcient of magnetic field (N-m/A%)
i = constant field current (A)

f

Substituting equation (2.5) into (2.4) yields the following:
f (t) =K 1 (t) (2.6)
ca a a

where,

Ka = A1 Aa jr' constant coefficient of force (N/A)

Equation (2.6) reveals that the active control force can be expressed as

a linear function of the armature current. The armature current can be,

further, related to control voltage, armature resistance, armature

inductance and the counter emf induced by the relative motien of the

arm: re with respect to the stator, and expressed as:

d i (t) .
L 2 +R i (t) + e(i, z)=v(t) (2.7)
d t a a
where,
v(t) = input control voltage of active system (V)
R = constant armature resistance (Q)
L = constant armature inductance (H)
£ = counter electromotive force , emf, (V)
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State Equation of the Active Systenm

Assume that the influence of eddy currents due to counter
electromotive force (emf) is negligible as compared with that of the
input control voltage [128). A set of state varlables ls selected and

defined as the followling:

x1(t) = z(t) (2.8)
x,(t) = x(t) (2.9)
x,(t) = 1 (t) (2.10)

The corresponding state differential equations car be then obtained from

equations (2.1) to {2.10), and expressed as:

X(t) = A X(t) + B ult) + B, w(t) (2.11)
where,
X = state varliable vector
u = control input teo the system
W = excitation input to the system
A = constant time-invarlable state matrix
B1 = constant control vector
B2 = constant disturbance vector
and
X
1 -
X = X, [+ U= v(t) and w = xl(t] (2.12)
X
3
[ 0. 1 0.
K
_ k c a
A= |- T " m T m (2.13)
R
L0 0 T
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V '3 \
0. -1
B ={ 0.} and B. = { — (2.14)
N . n 2— TP .
1
—_ 0
LLJ \ J
2.3 Generalized Contreol Scheme

For a complete controllable nth order system, a control law based
on n linearly lndependent state varlables is sufficlent for a full state
feedback control of the system [103]. A number of active control schemes
employing various feedback varlables, that may include absolute response
variables, such as positlon, velocity and acceleration of the mass, and
relative response variables, such as relative displacement, relatlive
velocity and relatlve acceleration of the mass with respect to the
isolator base, have been proposed in the literature [35, 43, 47]. The
cholce of feedback varlables is often made to obtain a practical control
scheme [47], desired performance characteristics and/or tco compensate
for the influence of the dynamics of force generating actuators [48].

A General Contrel Law for the Active ¥ihration Control System

In order to examine systematically the vibratlon lsolation
performance based on various feedback variables, a general control law

is formulated as a combination of absolute, as well as relative response

variables:

u(t) = k1X(t) + kzx(t) + kax(t) + k4z(t) + ksz(t) + ksz(t) {2.15)
Where,

k, = control gain due to absolute posltien (V/m)

kz = control gain due to absolute velocity (V-s/m)

k3 = control gain due to absolute acceleration (V-szfm)
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k4 = control galn due to relative position (V/m)
ks = control gain due tc relative veloclty (V-s/m)
k = contreol galn due to relatlve acceleraticn (V-sz/m)

Transfer Functlion of the Active System

The performance characteristics of active vibration 1sclatlon
system are evaluated in terms of transmissibility characteristics.
Taking Laplace transform of equatlons (2.11) to (2.15), a block diagram
of the active vibration isolation system, incorporating an
electro-magnetlc force generator, a passive spring and a viscous damper,
Is feormulated as shown in Figure 2.3. The transfer function of the

hybrid active vibration isolation system can thus be expressed as:

(G, + Tc)st + (G + ¢ *+ tkls + (G, + k)

X(s) _ - _ (2.16)
X (s) Tms +(G_+G +1c + m)s +(G_+ G_ +7k +c)s +(k + G+ G )
1 3 6 2 5 1 4
where, s ls the lLaplace variable, and
Ka
Gi = kI , 1 =1,...,6 (2.17)
R
T =1L / R (2.18)

For an lideal actlve vibraticn isclation system, where the dynamics
of the electro-magnetic force generator are neglected (Tt = 0.), the
transfer functlon of equation (2.16) reduces to that of a second order

system as given by:

2
Gﬁs + [G5 + ¢cl)s + (G4 + k)

X(s) - _ (2.19)
x|(5] (Ga+ Gﬁ+ mis + (G2+ G5 +c)s +(k + G1+ G4]
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An examination of the ldeal active vibration control system based on
equation (2.19) reveals that:

1) the stiffness characteristics of the active wvibration

isolatlon system are influenced by the gains of the absolute
and relative pasitlon feedback (G1 and G‘J;
2) absolute velocity and relative velocity feedback gains (G2 and
Gs) affect the damping charac?eristics of the system; and
3) absolute and relative acceleration gains (63 and Gs) influence
the inertial properties of the active system.
The active control force can thus be generated and varied with respect
to response and excitation variables to achleve the deslred performance
characteristics of the active vibration contrel system.

A comparison of equations (2.16) and (2.19) reveals that dynamic
characteristics of the active force generator also affect the properties
of the active vibration control system and thus may cause certain
distortions in both amplitude and phase of the control force with
respect to excitatlon frequency. Specifically, the distortions in phase
can alter the nature of the control force slignificantly.

Transmissibility Function of the Active Vibration Control System

The wvibration transmissibility of the active vibration conirol
system, employing the feedback from absolute as well as relative
response varlables, is obtained from equation (2.16) and expressed as a

function of non-dimensionalized variables as follows:
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N G RTIRIL :
[(1+v2) - (2t + “z)[ 5 ] ] + [[T + 2501 + —E)][ > ]] 2

n

. w Y42 ' cx cz w o 32
ool T 0 ) ) (2]
n n n
... (2.20)
where,
W = angular excltatlon frequency (rad/s)
w o= angular undamped natural frequency of system (rad/s)
and
2 Vimk "
G1 G2 63
v =—; &£ = ; H = —
X k X 2 {ﬁ X m
G4 GS Gﬁ
vz = —'—k— H q = H no= T (2-21)

2 vmk *

2.4 Stability Analysis of Active Vibration Control System

Active control systems are often conditionally stable systems. It
is apparent from (2.16) that the characteristic equation for the active
vibration contreol system incorporating an electro-magnetic force
generator 1s of third order. For a stable active vibration isolatlon
system, the following conditions on limiting galn values are obtalned,
based on the Routh-Hurwitz stability criterion [103]):

v tv, > -1
Zcx + 2cz > = (v + 2¢)

ot R o> (1 + 2¢T")
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and
CX cz
[1 oty ¥ ZCt‘][t’ + 2§[1 + T + T ]] > T'[l *v ot vz] (2.22)
In the evaluation of vibration isclatlon performance of various
control schemes, the 1limiting values of feedback gains of varlous
variables are determined from equation (2.22) in order to ensure

stability of the active control system.

2.5 Vibration Isclation Characteristics Using Control Law
with Individual Variables

Vibration isolation characteristics of active wvibratien control
system with an electro-magnetic force generator are Iinvestigated for
feedback from various response and excitation variables. The
non-dimensional time constant of the first order subsystem model, the
electro-magnetic force generator, is selected as t’=0.3. Damping ratlo
due to passive element is assumed to be, &=0.3. The influence of the
dynamics of force generator on the performance characteristics |is
emphasized for the feedback control schemes employed. Transmissibility
characteristics of the active vibration control system using
electro-magnetic force generator (t’=0.3) are thus compared with those
of the ldeal vibration control system (t’=0.), for various values of
control variable gains to demonstrate the significance of the generater
dynamlcs.

In this section, the vibration isolation characteristics of the
hybrid active system, employing the six 1lndivlidual response varlables,
respectively, are presented and evaluated In terms of vibration

transmissibility of the system. The basic vibration 1solation
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performance of the actlive control system based on individual variables

is established and discussed, In view of dynamics of the force

generator.

2.5,1 Absolute Positlon Control

Equation (2.20) 1is computed to establish the transmissiblility
response of the active vibratlon control system using an ideal (t’'=0) as
well as the electro-magnetic force generator with first order dynamics
{r'=0.3). Vibration transmlissibility of the actlive vibration control
system employing absolute position feedback, often referred to as a
skyhook spring, is compared with that of an ideal vibratlon control
system, as shown in Figure 2.4. It ls observed that statlc as well as
resonant response values of the ideal vibratlon control system decrease
as the gain G1 is increased (for G1>0)' However, due to dynamles of the
force generator, peak response of the actual force generator model
increases considerably as the absolute position galn value is increased.
The generator dynamics, therefore, deterlorate the vibration isolatlon
performance employing the absoclute position feedback, except {for G1<D.
The electro-magnetic force generator reveals better performance than
that of an ldeal system, when negative absolute position gain value
within the stable range is employed.

It can be also seen that as the feedback gain value of the absclute
position control is increased, the natural frequency of the system
Increases due to the stiffness characteristics of the position feedback
control.

2.5.2 Absolute Veloclty Control

A vibration isolatlion control system employing an absolute veloclty
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feedback is also referred to as a skyhook damper {49]. Transmissibility
characteristics of the hybrid active vibration control system using
either an electro-magnetic or an ideal force generator, when absolute
velocity feedback is employed, are shown in Figure 2.5. It can be seen
that transmissibility response decreases considerably Irrespective of
the excitatlon frequency, as the feedback gain G2 1s increased. The
absolute veloclty feedback, therefore, ylelds a significantly l1mproved
vibration 1isolation performance. A ~comparison of the response
characteristics of the electro-magnetic force generator (1'=0.3) with

that of an ideal system reveals that the generator dynamics have only

minimal effect on the performance.

2.5.3 Absolute Acceleration Control

The transmissibility response of hybrld actlve vibratlon isclatlon
system employing mass acceleration feedback control, with varlous
feedback galn values, is presented in Figure 2.6. The peak response of
an ideal system increases as the acceleration feedback galn G3 is
increased. However, the peak respnnse value decreases when the dynamlcs
of the force generator are taken into consideration, as shown 1ln Flgure
2.6. The dynamics due to the generator, thus, vyleld an Iimproved
vibration isolation performance with absolute acceleration feedback
control.

Since absolute acceleration feedback iInfluences the mass
characteristics of the vibration 1iscolation system, the resonant
frequency of the actively controlled vibration I1solation system

decreases with an lncrease in the galn value Ga'
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2.5.4 Relatlive Position Control

Transmissibility characteristics of the hybrid active vibration
control system based on relative position control are 1llustrated in
Figure 2.7, It is observed that the peak response of active system duu
to individual relative position control increases as the gain value G4
i1s increased. A comparison of transmissibillity characteristics of 1ideal
and electro-magnetic actuator (t’=0.3) reveals that vibratlon isolation
performance 1s severely deterlorated due to the dynamlcs of the
actuator, for relative position control with G4>0. However, the
transmissibility response due to actuator dynamics coupled with negative
gain value (GQ<0.) is observed to be superlor to that of an ldeal
controller, The natural frequency of actlive system based on relatlve

position control also increases due to its stiffness characteristics.

2.5.5 Relative Velocity Control

Transmissibility characteristics of relative veloclity controlled
active vibration control system are shown in Figure 2.8, It can be seen
that response of vibration control system with both Ideal and
electro-magnetic force generators is baslically similar to that of a
passive system. However, the peak response amplitude as well as the
natural frequency of the electro-magnetic force generator 1s sllightly
higher than that of the ldeal system for positive galn values (cz>0).
due to the influence of generator dynamics. For a negative gain value, a
significant resonant peak 1s obtalned due to reduced damping value of
the active contrel system. The amplitude of resonant peak decreases

slightly when the dynamics of the force generator are taken into
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conslderation.

2.5.6 Relative Acceleratlion Control

Transmisslbllity characteristics of hybrid active vibratlion control
system based on only relatlve acceleration control, for both ideal and
electro-magnetic force generator, are shown in Figure 2.9. The peak
transmissibility response and natural frequency of the relative
acceleratlon controlled system decreases considerably with increased
gain values. The rescnant peak response of the actlive system with the
electro-magnetic force generator ls smaller than that of the ideal one,
for G6>0. However, the transmissiblility response of the ideal active
system is significantly deteriorated with negatlve gain (G5<0)' Dynamics
due to the generator further deteriorate the transmissibility response,

as shown in Figure 2.9,

2.6 Vibration Isolation Characteristics Using Control Laws

with Combined Variable Controls

Vibration isclation characteristics of the active vibration control
system with, ldeal as well as electru-magnetic actuators, are further
Investigated by employing the feedback from a combination of response
and excitatlon varlables, such that an effective vibration isolation can
be achieved. The influence of the dynamics of the force generator on the
transmissibility characteristics 1is Investigated and discussed for
various centrol laws. Control laws comprising of various response and
excitatlon variables, for generatlon of active force, are selected based

upon the performance characterlistics presented in section 2.5.
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2.6.1 Combined Absolute Velocity and Relative Position Control

Karnopp et al. [49]), and Guntur and Sankar [45] have discussed the
potential performance benefits of absolute velocity and relative
position control, while neglecting the dynamics of the force generator.
The control voltage appllied at the electro-magnetic force generator by
employing absolute velocity and relative position control can be

expressed, from equation (2.15), as:

u = vit) = kx(t) + kz(t) (2.23)
The transmissibillity function of thls active vibration isolation system
is obtained from equations (2.11) and (2.23), and expressed as:

R o) e |7

T w 1412 Sy w w )32
[(1+Vz)‘(1.+2CT.' ){'Tn] :| "'[EZC(I"' 3 )+t ][Tn]"l' [T] ]

.0 (2.24)

Figures 2.10 and 2.11 show the transmissibillty characterlistics of
active vibration control system, when the active force is generated
using absolute vazlocity and relative position contrel. The influence of
absolute velocity gain (cx} on the transmissibility characteristics for
fixed relative position gain vz=1, and ¢=0.1 is presented In Figure
2.10. Response characteristics clearly reveal that peak transmissibility
response of the actlive system with low absolute velocity gain (Cx=0.2]
is deteriorated considerably due to the dynamlics of the electro-magnetic
force generater. However, the resonant transmlssibility peak Is

suppressed as the velocity gain Gz(cx) is increased. The absolute
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velocity feedback 1is, therefore, desirable in an active vibration
isolation control system. Transmissibility characteristics of the active
control system with cx=0.7 and varlous values of relative poslition gain
(G‘ or vz) are shown In Figure 2.i1. Response characteristics reveals
that the vibration 1isolation performance can be improved considerably,
for all excitatlon frequencies (including @ = 0.), when the gain G‘(vz)
is decreased, as shown 1in Figure 2.1i. However, for stablility
considerations, the gain value must be limited to v z -1,

2.6.2 Combined Absolute Velocity and Acceleration Control

Cho and Hedrick [35]), and Guntur and Sankar [45] have investigated
the performance of an active vibration control system based upon
absolute veloclity and acceleratlion contrel while neglecting the dynamics
of the actuator. The control law corresponding to absolute velocity and
acceleration feedback is obtalned as:

u = vit) = dx(t) + kX(t) (2.25)
The vibration transmissibility function 1s then expressed as:

R e ()

n

T, w 1212 I3 (o L
oo [ s e )= (3]

... (2.26)

Transmissiblility characteristics of the active vibration control
system employing absolute veloclity and acceleration feedback control are
presented in Filgure 2.12, where the absolute velocity gain is held fixed
(Cx=0.7) and the acceleration feedback gain 63 is varied. A comparison
of response characteristics of both ideal and electro-magnetic fouice

generator reveal that the dynamics of the electro-magnetic force
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generator introduce a high peak at larger excitation frequency, when the
galn G3 is selected to be negative. It is obvious that the amplitude at
high excitatlon frequency as well as the resonant frequency decreases as
the acceleration feedback gain (Gz} is lincreased. However the peak
transmissiblility increases as the gain value 1is Increased. For a
positive acceleration feedback gain, moreover, the electro-magnetic
force generator ylelds a lower peak response as compared with that of

the ldeal force generator.

2.6.3 Combined Absolute Velocity, Acceleration and Relatlve Position

Control

Figure 2.7 revealed that a negative relative position control can
reduce transmissibility response at low excitation frequencies. The
vikration iseclation performance of the active vibration control system
i1s thus lnvestlgated for a combined relative position, absolute velocity
and acceleratlon control. Thompson [47]) proposed an active control
scheme based upon this combined variable control with an ideal force
generator and positive relative position feedback. The contro: law for

such a vibratlon control system can be expressed as:

u't) = v(t) = kas'c(t) + kai{t) + kz(t) (2.27)

The correspending transmissibility function is then expressed as:

v w3 )]

INPECE & (o T
[(1+vz]-(1.+ux+2(;'r )[T] ] +[[2c(1+ e ]{Tn]-t [—w;] ]

n

SRR

...(2.28)
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Transmissiblility characteristics of the active vibration control
system with an Jideal and an electro-magnetic actuator model are
presented 1n Flgure 2.13. The absolute veloclity and acceleration
feedback gnins are held fixed (Cx= 0.7 and Bo= 1.), whlile the relative
position gain (vz) is varled. It can he observed that the active
vibration 1isolation system provides superior transmisslibillty for
negative values of relative position galn (vz<0). Speclifically for

vz=—1, at the threshcid of the system stability, the static ratio 1is
given by:

20 + T’

tlyse . PEFEIF T (2.29)

The static ratio for the lideal force generator 1s obtalned as

0.125, for £ = 0.1 and Cx= 0.7, while the corresponding static ratlo due

to the dynamics of the actuator is observed to be 0.26.

2.56.4 Combined Absolute Positlon, Veloclity and Acceleration Control

It has also been established that the positive positlon feedback
{skyhook spring) can improve the static stiffness of a vibratlon control
system. The vibration isolation performance of the actlive controcl system
is thus investigated for the three absolute varlable control. The

corresponding contrel law 1ls expressed as:

u = vit) = kx(t) + kx(t) + kx(t) (2.30)
and the corresponding expression for vibratlon transmissibility Is

cbtained as:
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Vibratlon transmissibility characteristics of the active control
system with ldeal as well as electro-magnetic force generators are
presented in Figures 2.14 and 2.15. The vibration isolation performance
for fixed absclute velocily and positlen galns (cy= 0.7 and vy= 1.), and
various values of acceleratlon gain (Ga) is shown in Figure 2.14. It ls
observed that an increase in acceleration gain value results in lower
resonant frequency and consliderably larger resonant response. The
influence of generator dynamics becomes slgnificant for negatlve
acceleration feedback gains. A comparison of results in Flgures 2.12 and
2.14 reveals that the introduction of absolute position feedback (vx=1)
reduces the static amplitude to 0.5. ~flzure 2.15 presents the
transmissibllity response due to variations in absolute position
feedback gain. In the case of an ideal force generator, an Increase in
G1 yields an increase in natural frequency, and decrease in static as
well as peak transmissibility. However, the peak value 1s conslderably
higher when the dynamics of the force generator are taken Into
consideration, specifically for large absolute position gains (vx= 8.1,

as shown in Figure 2.15.
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2.6.5 Comblned Absoclute Poslitlion, Velocity and Relatlive Position

Control
It has been showr. that the negative relative position feedback (sz
in an actlive control system can reduce vibratlon transmissibility at low
exclitation frequencles, however the stablility of the system is affected
unfavorably when v, approaches -1. The stabllity of the system can be
improved by introducing absolute position feedback, as demonstrated in
equation (2.15). The control law due to absolute position, veloclty and
relative position variable feedback is expressed as:
u = vit) = kx(t) + kx(t) + kz(t) (2.32)

The corresponding transmissibility functleon is then expressed as:

R ) () 2

r 242 C » o 3.2
[ vp-tzgen [ Tfzeas ) (5] ]

n

...{2.33)

Equation (2.33) reveals that the static value of transmissibllity
approaches zero by letting v = -1. and vx>0. The stiffness of such
system becomes infinite, while the stabllity of the system will be
assured due to positive value of absolute position control gailn vx.
Figure 2.16 shows the vibratlion transmlssiblility of the active controi
system, for fixed values of absolute position and velocity gains (vx =
0.5 and cx= 1.), and varlous values of relative position gain v - It can
be observed that transmissibllity response at extremely low frequencles
decreases conslderably as the gain v, is decreased, and the response

~proaches zero for the relative position galn v = -1. The wvibration
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isolation performance of the active control system 1s deterliorated
considerably when the dynamics of the force generator are incorporated,
as shown In Figure 2.16. Vibratlon transmissibility of the hybrid active
control system, for various values of absolute positlon feedback gain
(vx), while the absolute velocity and relative position gains are held
fixed (Cx= 1. and v = -0.5) is shown in Figure 2.17. It can be seen that
response amplitude can be reduced considerably at low excltation
frequencies by Introducing large values of absolute position gain v .
However, too large a value of the gain vx yields a high peak at higher
exclitation frequencles due tc the dynamics of the electro-magnetic force

generator.

2.7 Summary

In this chapter, vibration lsclation characteristics of a hybrid
active vik.otion control system, incorporating an electro-magnetic force
generator, and passive spring and damping elements, are presented, based
on various control schemes. The electro-magnetic force generator 1is
modeled as a flrst order dymamic subsystem. The simulatlon results are
obtained for various controls based on feedback from individual and
comblined absolute and relative response variables. Vibration isolation
perfermance of the active system due teo individual variable controls
indicates that each response variable can only effect some aspects of
the transmissibility characteristics. The vibration Isolation
characteristics of the active system with an ldeal as well as an
electro-magnetic force generator are presented and discussed to

demonstrate the significance of dynamics of the force generator. The
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vibration 1isolation performance of the active system, In general, Iis
adversely affected by the generator dynamics. However, in certaln cases,
the generator dynamlcs can yleld an Improved vibration 1isolatlon
performance, depending upon the feedback variables and control galns. An
active control scheme, based upon absolute positlon, velocity and
relative position control, ylelds considerably superior vibratlon
isolation performance. Stability analysis of the active vibratlon
control system is alsoc carried out to determine the limiting values of

various response variable feedback galns.
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CHAPTER 3

ANALYSIS OF AN IDEAL TUNAELE PRESSURE
LIMITED HYDRAULIC DAMPER

3.1 Introduction

Passive springs and dampers of various types are widely used in
mechanical vibratlon isoclation systems, such as vehicle suspensions.
Although conventional passive vibratlion control elements offer a simple,
inexpensive and reliable means to protect mechanical systems and human
bodies from shock and vibration disturbances, the most obvious
performance limitation associated with passive elements ls exhibited due
to the Inherently fixed damping characteristics. Heavily damped
vibration isclators are desirable to suppress the resonant vibratlion of
a mechanical system, while attenuation of vibration at higher excitatlon
frequencies require lightly damped isolators. In order to overcome the
inherent performance limitation of conventional passive vibraticn
isoclation systems, it 1is desirable to develop vibration isolation
systems with variable parameters which could be varied with respect to
the changlng excitations or response variables.

Active vibration isclation systems, with automatically controlled
parameters that change with variatlons in excitation and response
variables, can provide superior shock and vibration lIsolation
performance, as 1llustraied in Chapter 2. However, the requirements of
an external energy source, actuators, control devices and sensors limit
the general implementation of active vibration control systems [31, 32].
The implementatior. of active means of vibration isolation has been

limited to cases in which the performance benefits outwelgh the



disadvantages assoclated with costs and complexitles,

Alternatively, semi-active wvibratlion Isolation systems actively
modulate the passively generated isolator forces, and thus offer a
compromise between the performance beneflits of an active and the
simplicity of a passive vibration 1isolatlon system. A seml-active
vibration isoclator, with elther continuous or sequential varlations in
damping parameter, requires only low level electrical power for
necessary slgnal processing, and provides improved vibration lsolatlon
performance as comparea vith that of a passive vibration isolator [56,
57]. However, semi-active vibration Isolators stlll requlre a
comprehensive Iinstrumentation package and control devices. Moreover,
measurement of certain semi-active control wvarlables may pose
complexities, specifically for low excltation frequencies. Semi-actlve
‘on~off' control vylelds a large magnitude of Jerk around the
discontinuity between the ‘on' and ‘off' stales [59].

Hydraullc shock absorbers used In vehicle suspensions linvariably
employ valving mechanlsms to limit the magn:tude of damplng force due to
orifice flows [6, 22]. The valve may be opened during the compression or
extension strokes in certain conditions to yield a reduced damping
force. The pressure relief valves are preset by the manufacturers to
achieve desired damping characteristics. The spring rate of the rellef
valves is primarily selected to achieve high damping force around the
resonant frequencies. Such shock absorbers thus do not provide effective
limiting of the damping force corresponding to high relative velocity
response [6, 22].

In thls chapter, a passive hydraulic damper with fixed oriflice area
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is analyzed in view of the damplng and vibration \isolatlon
characteristics. Two semi-active ‘on-off’ control schemes, proposed by
Rakheja (105] and Margolis et al. [51], respectively, are examined by
applying them to a vibration isolation system with a hydraulic damper.
An alternative passive control scheme based on a concept of tunable
pressure limiting modulation is proposed to achleve variable sequentlal
damping. The associated tuning methqdology is presented to obtaln
effective vibratlon resonant control as well as Iimproved vibration
isolation. The shock and vibration isolation performance characteristlcs
of a passive vibration isclator employing tunable hydraullc damper are
investigated through computer simulation and compared with those of
vibration isolators employing fixed oriflce hydraulic and semi-active
‘on-of f' dampers.

3.2 Mathematical Modeling of Vibration Isolation System with

Hydraulic Damper

Figures 3.1 (a) and (b) illustrate the model representation of a
base excited single-degree-of-freedom (SDOF) vibratlion isolatlon system
employing fixed and variable damping elements, respectively. A schematic
of the ~ixed orifice hydraulic damper employed in the vlbratlon
isolation system is shown in Figure 3.2.

3.2.1 Equation of Motion

The equation of motion of the SDOF system employing a llnear spring

and a passive hydraullc damper shown in Figure 3.1 can be expressed as:

mx(t) + r’k(t) + fds(t) =0 (3.1)
where,

m = mass of the maln body (kg)
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X = vertlical displacement coordinate of the mass (m)
t = time (sec)

fk = restoring force generuted by llnear spring k (N)
f,, = total dynamic force due to hydraulic damper D (N}

The restoring force, fk(t). generated by linear spring, is expressed as:

fk(t) =k z(t) {(3.2)
where,
z=Xx-X% (3.3)
k = stiffness coefficlent of linear spring (N/m)
z = relative displacement of the system {(m)
X = input displacement at the base (m)

The total dynamic force, fds(t), generated by the flixed orifice

hydraulic damper shown in Figure 3.2, consists of restoring and dampling

forces due to pressurized gas column and orifice flows, respectively:

f (L) =f (L) + £ (t) (3.4)
ds d a

fa = restoring force due to gas-spring of the damper (N)

fd = orifice damping force of the damper (M)

The restoring and damping forces generated by the hydraulic damper are

derived in the following subsections.

3,2.2 Static Equllibrium Equations

The hydraulic pressure within the hydraulic damper corresponding to
the static equilibrium is related to the static load, linear spring

stiffness, and static deflection by:

mg = k Xst + poAr {3.5)

where,
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X . - static deflection of the system (m)

]

P, = static internal pressure of hydraulic damper (Pa)
A = cross sectlon area of the plsten rod (mz)

Assuming a polytroplic process, the static pressure can be related to the

initial charge pressure In the gas chamber III:

¥
= v .
b, pa[va/o] (3.6)
where,
P = initial charge pressure (Pa)
a
\ = initial volume of gas chamber III (m)
a
V0 = static volume of gas chamber 111 )
¥ = polytroplc exponent, 1 = 7 = 1.4, (=1 for isothermzl

process; 7=1.4 for adlabatlc process)
Assuming incompressible fluld, the static deflection can be related to

the change in the gas volume;

= —_— (3.7)

The nonlinear algebralic equations (3.5) to (3.7) are solved
simultaneously using an iterative method to yleld the values of the
pressure, volume and deflection of the hydraulic damper corresponding to

the static equilibrium position.

3.2.3 Dynamlc Forces due to Hydraulic Damper

Assuming negligible seal friction, the total dynamic force
generated by the hydraulic damper is determined by taking inte account
all the pressures acting upon the piston with respect to the static

equilibrium position as:
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fds(t) = (p1 - po) Ap - (p2 - ;:0)(Ap + Ar) (3.8)

where,
P, = Instantaneous pressure in chamber I (Pa)
p, = instantaneocus pressure In chamber II (Pa)
Ap = area of the piston on the rod side (mz)

Define a pressure differential as:

P P, - P

by =Py (3.9)

J
Equation (3.8) can be expressed in terms of the pressure differentials

across the plston and cylinder orifices through a simple manipulation:

fds(t) =P, AP *+ P, Ar - P, Ar (3.10)
where,

p, = instantaneous pressure in gas chamber III (Pa)
The pressure differentials, p12' p32 and p30 in equation (3.10), can be
derived from fluid flows equations and polytroplc process of compressed

gas, respectlvely, as presented in the followings.

Fluid Flow Equatlions

During compression and extenslon of the hydraulic damper, shown in
Figure 3.2, the fluld flows through orifices in the plston and cylinder.
Assuming incompressible fluid, the turbulent flow through the coriflces
can be related to the pressure differentlal across the orifices. For n
ldentical orifices on the plston, the fluid flow across the piston
orifices is expressed as:

Q,(t) =ncC, a 2 L"&z' sgn(p,,) (3.11)

where,
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c
41

The fluld

where,

Q

32

c
d2

a
2

flow rate through orifices from chamber I to 11 (m°/s)

1

n

discharge coefficient of p'ston orifice

I}

orifice area of piston (m%)

mass density of fluid (kg/mal

+1, (-} >0
sgn(-) =
-1, () <0

flow across the cylinder orifice Is simlilarly expressed as:

I

- 2 |pg,l
Qaz(t) = Cdz a, ; 32 sgn(pgz) (3.12)

1

flow rate through orifice from chamber III to II (m°/s)

It

discharge coefficient of cylinder orifice

area of cylinder orifice (m®)

The change rate of fluid volume In chamber I caused by the relative

motion of

where,

Q

ml
Zz

Similarly,

where,

Qm2

The fluid

the hydraulic damper is glven by:

le(t] = Ap z(t) (3.13)

rate of change of fluld volume in chamber I (ma/s)

relative velocity of the damper (m/s)
the change rate of fluld volume in chamber II is gliven by:

Q 2(t) = (Ap + Ar) z(t) (3.14)

= rate of change of fluld volume in chamber 1II (m>/s)

continuity condition gives the following relaticnships:

left) =Q,(t) (3.15)
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Q_,(t) = Q(t) +Q(t) (3.16)

Pressure Equatlons

The pressure differentials due to the orifice flows can be obtalned
from the flow equations. Equations (3.11) through (3.16) yleld the

following expresslions for pressure differentials P, and P,y

P AP 2,
P, = [ ,] |z|z (3.17)
127 T, 22 | A
a1
P Ar-.z‘.
p.. = [ J |ziz (3.18)
2,2 |3,
dz

The Instantanecus pressure of the gas chamber 1s determlned

assuming polytroplc process and given by:

¥
— 4
P, = P, ( Vo / V3 ] (3.19)
where,
Va = instantaneous volume of gas chamber III (ma), and
VIit)=Vv + A z(t) (3.20)
3 o] r

The pressure differential Pao is then obtalned from equations {3.19) and

{3.20) as:

¥ ¥
Vo - (V0 + Ar z)

Y, (3.21)
Q r

Upon substituting equations (3.17), (3.18) and (3.21) into equation

(3.10), the total dynamic force generated by the hydraulic damper Iis

obtained as:
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2 n d1l 1 d2 2
(v, + A 2)7- vo7
+ r A P, (3.22)
(V. + A z)7 r
0 r

A comparison of equations (3.4) and (3.22)}) reveals that the total
dynamic force generated by the hydraullc damper comprises of a nonlinear
orifice damping force and a nonlinear gas-spring restoring force

expressed, respectively, by:

] P A A 42 Ar A 2 L.
flz, t) = - — [ =~ ] +— [ =2 ] lz|z (3.23)
2 n°cy, 1 c, 2
and
(V) + A z)7- v07
f(z, t) = z A p (3.24)
2 (Vo + A z}7 ro
r

3.3 Semi-active ‘On-off’ Dampers

It has been established that the damping force tends to decrease
the amplitude of mass acceleration only durlng a part of the vibration
cycle, whlle the amplitude of mass acceleration increases in the
remaining part of the cycle due to the passive damping (49, 57].
Equation (3.23)} reveals that the magnitude of the damping force becomes
predominant for large value of the relative velocity and thus yields
poor vibration lsclation performance. In order to overcome the inherent
limitations of a vibratlion Isolation system comprising of a passive
damping mechanism, various semi-actlve ‘on-off’' damping mechanisms have

been proposed and analyzed. Two seml-active ‘on-off' control schemes
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based upon directly measurable response varlables, proposed by Rakheja
[105] and Margolis et al. [51], have been consldered practical and

Investigated with emphasis on applications by many other resecarchers

[58, 52, 53].

Semi-active Control Scheme I

Rakheja [105] established that the damplng force tends to attenuate
the mass acceleration only when the damping force opposes the relative
displacement of the vibration iseclation system. Thus an ‘on-off' control
scheme is configured to modulate the damping force through the relative

displacement of the system:

fd1 _ { C |zlz , for zz <0 (3.25)

e C |é[i , for zz >0

where,

‘on-of f' damping force due to control scheme I by
Rakhe ja [1035) (N)

d1

[y]
[l

force reduction coefficient when the orifice is
modulated to its maximum opening

0
]

orifice damping coefficient (kg/m}, and given by:

P A A (2 A A 2
C=- zz[a"]+ ;[a’] (3.26)
nC 1 C 2

Semi-active Control Scheme 11

A8 ]

Karnopp et al. [49] established that the amplitude of mass
acceleration can be reduced when the absolute veloclity of the mass
carries the same sign as the relative velocity across the damper. An
‘on-of ' damper control scheme, based upon the sign of absolute and

relative velocities, has been proposed and analyzed by Margolis et al
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[51]):

P C |z|? o for f ? > 0 (3.27)
a2 e C |z|z, for x z < 0
where,
f, = ‘on-of f' damping force due to scheme II by Margolls et
al. [51} (N)

The objective of these contrel schemes ls to attaln the maximum
damping force from the damper when 1t acts te reduce the amplitude of
mass acceleration, while the damping force is reduced to a minimum when
it acts to 1increase the magnitude of mass acceleration. Such a
sequential damping mechanism can be reallzed by Iimplementing a
two-position ‘on-off’' valve to a conventlonal hydraulic oriflice damper,
The ‘on-off' wvalve utilizes feedback signals of the .zlative velocity
and elther absolute velocity or relative displacement response of the
vibration isolation system. Thus, the realization of sequential damping
via seml-active ‘on-off' schemes requires measurement of response
variables and manipulation of measured signals to generate a command
signal. The time delays associated with the Instrumentatlon package and
control device often limit the performance of an ‘on-coff’ mechanism.
Moreover, an ‘on-off' damping mechanism yields a significant magnitude

of jerk of 1solator mass around the discontinuity.

3.4 Concept of Tunable Pressure Limited Hydraulic Damper

Alternatively, wvariations in damplng may be reallzed through
tunable pressure relief valves, where the command signal is generated
from the pressure differential P, From eguatlions (3.17) and (3.18) it

can be seen that the ratioc of pressure differentlals Pas and P,s is a
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constant:

32

p.(t) (o na_ A 42
[ ] = constant (3.28)

[
p:z‘t)
From equations (3.17), (3.18), (3.23) and {3.28), the damping force of

the hydraulic damper can be expressed as a proportional functlon of

pressure differential Py, alone:

fd(t] = a p:a(t} (3.29)
vwhere
o = damping force coefflcient (n%), given by:
Cdl 2 na,2 Ar 2
LAV LN .50
dz 2 P

From equatlons (3.17) and (3.29) it is evident that the pressure
differential P, and thus the dampling force is dependent upon the squure
of relative wvelocity across the hydraullc damper. For a constant
amplitude of excitation, the magnitude of the damping force becomes
predominant at high excitation frequencies and thus ylelds poor
vibration isclation performance. The vibratlion 1solation performance of
the system employing such hydraullc damper can be improved by limiting
the magnitude of damping force at high excitation frequencles. Equation
(3.29) reveals that the damping force can be conveniently limited by
limiting the pressure differentlal P, Thus a sequentlal damper similar
to a semi-active damper can be achleved by using a pressure limiting
valve with a tunable preset limlting value (p12)o' Assuming the effects
of the relief valve dynamics to be negligible, an ideal control scheme

of the tunable pressure limited hydraulic damper can be expressed as:
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« p lp,| < (p )
fda - { « (;2 ; sgn(p ), ot;erise o 30
12°0 12
where,
fd3 = damping force of tunable pressure limlted damper (N)
(plz)o = tunable preset pressure limiting value (Pa)

The control scheme 1n equation (3.31) can be realized by
conflguring a hydraulic damper with tunable pressure rellef valves, as
shown in Flgure 3.3. The compression and extenslon rellef valves, used
across the piston, limit the pressure differenilal across the piston to
a preset limiting value (p12)o' When the magnitude of the pressure
differential P, is less than the preset limlting value (p12)0 of the
rellef valves, the relief valves remaln closed and thus the shock
absorber acts as a conventional one. However, when the magnitude of the
pressure p exceeds the preset value (p12)o' the relief valve opens.
The damping force is then reduced by permitting the fluid flow through
the open relief wvalves. Jt can be seen that variable damping
characteristics can be realized entlirely passively, using the above
control scheme. The proposed scheme does not require any instrumentation
package which seml-active systems require. As shown in Figure 3.3, the
pressure rellef valves can be appropriately tuned to yield desirable
damping characteristics for different base excitations. The tunable
limiting pressure is obtajned by setting the overlap displacement of the
mechanism (Yo). and the suitable spring rate of the valve can be
selected to make the pressure-veloclity relatlonship close to that of the

ldeal control scheme.
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FIGURE 3.3 Schematlc of a tunable pressure limited hydraullc
damper with two rellef valves
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3.5 Damping Characteristics of Tunable Pressure Limited Damper

In order to evaluate the damping characteristlcs of the proposed
hydraulic damper, a damping parameter B is defined as the ratio of the
damping force fd to the linear critical damping force of a single degree

of freedom vibration isclation system as follows:
g=1f, /[ (2/mk |z]) (3.32)

B = damping parameter
For a linear passive vibration isolation system the damping parameter is
simply the damplng ratio of the system. However, for nonllnear dampers,
the damping parameter ls no longer a constant.

Fixed Qrifice Hydraulic Damper

From equations (3.17), (3.29) and (3.32), the damping parameter of

a fixed orifice passive hydraullic damper 1s obtalned as:

B = — [ 22][:"]2|é| (3.33)
avmk \z et LR

where B is the damping parameter of a fixed orifice damper. Equation
(3.33) shows that the damping parameter of the conventional orifice
damper ls proportional to the magnitude of relative velocity.

Tunable Pressure Limited Hydraullic Damper

The damping parameter of an ideal tunable pressure limited

hydraulic damper can be obtalned from equations (3.31) and (3.32):

A 2
°‘ P ][P]é|. p._| < (p..)
2v mk [2 nchu 3 | 12 120
B = {3.34)
o (p1z)o / 2V mk |i|) , otherwise
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Equation (3.34) reveals that the damping parameter of the tunable
pressure limited hydraulic damper is proportional to the magnitude of
the relative velocity response, when |p12|<(p12)0. as In the case of a
conventional hydraullc orifice damper. However, as the relatlve veloclty
response increases, the pressure differentlial | exceeds the limiting
value of (pxz}o‘ The pressure rellef valves open to limlit the pressure

differential p  around the preset pressure (p ), and the

12°0
corresponding damping parameter ls therefore obtalned as inversely

proportional to the magnitude of the relatlive velocity response.

3.6 Tuning Methodology

In view of vibration iseolation vperformance, it 1s desirable to
achieve a high value of damping parameter around the resonant frequency
such that the resonant peak can be appropriately controlled. On the
other hand, it is also desirable to produce a low value of damplng
parameter at high excitation frequencies to Isolate the mass
effectively. The modified hydraulic damper with tunable dampling
characteristics, expressed in equatlon (3.34), can meet the above
requirements for effective isolation of the mass from base excltatlons.

An initial estimate of the preset limliting pressure (pia can be

]0
obtained from the llnear system's response. For a base exclted single
degree-of -freedom vibration isclator, the maximum value of equivalent
damping parameter ch (ratio of linear damping coefficlent to the
critical damping coefficient) is determined In view of the resonant

response. The damping ratio can be related to the relative velocity

response corresponding to the vibration isolator’s resonance in the

- 80 -



following manner;

B°q| = |xl|/ 2| z] {3.35}
where,
Boqlwcwn = equlvalent damping parameter at resonance
W = angular frequency (rad/s)
W = angular undamped natural frequency of the isolator (rad/s)
n

In order to realize an appropriate control of the resonant peak, the
minimum wvalue of 1llimlting pressure corresponding to the natural

frequency is thus obtained from equations (3.34) and (3.35):

(P ) o lewn = K X/ @ {3.36)
(p12}o|w=wn = limiting pressure value at resonance (Pa)
X = amplitude of base excitation (m)

1

In order to achleve effectlve vibration isolation the limiting pressure
is selected as:
(p ), =v (kX /e (3.37)

where,

v = tuning factor of pressure limited hydraulic damper

The ratio of pressure differential P, to the static pressure P, is
established for varlous values of pressure limiting factors v, assuming
an ldeal pressure 1limiting contrel scheme. The pressure ratio
characteristics of the hydraullc damper are presented against the
non-dimensional relative veloclty response, as shown in Figure 3.4. It
can be seen that the pressure differential of a fixed orifice passive
hydraulic damper increase parabollcally with respect to the relative

velocity response. In case of a tunable pressure limited hydraulic
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damper the pressure differential increases parabolically corresponding
to low relative velocity response until it approaches the limlitling
pressure value. The pressure differentlal p12 is, however, held around
limiting value (pm)0 as the relative velocity response lncreases. The
pressure differentlial characteristics of the tunable pressure limited
hydraullc damper are directly related to the tuning factor v as shown !In
Figure 3.4. The corresponding damping parameters of both fixed orifice
and tunable pressure limlted dampers, computed from equations (3.33) and
(3.34), are presented in Figure 3.5. It can be observed that the damping
parameter of a fixed corifice passive hydraullic damper increases linearly
with the relative velocity response. The damping parameter of a tunable
pressure limited hydraulic damper is ldentical te that of a flxed
orifice passive damper corresponding to low values of relatlve response.
However, as the relative velocity response lIncreases, the pressure
differential across the piston ls limited to (pla)o' and the damping
parameter is then obtained as inversely proportional to the relative
velocity response, as shown in Figure 3.5. An ldeal tunable pressure
limited damper thus yields a peak damping parameter when P, approaches
(p12)o and the damping parameter decreases due to the open of relief
valves.

The damping characteristles of an ldeal tunable hydraulic damper
are further lnvestigated for a base exclted SDOF vibration isclation
system shown in Figure 3.1 (b). Flgure 3.6 presents the pressure
differential characteristics of a SDOF vibration lsclation system with
fixed orifice and tunable pressure limited damper, subjected to constant

amplitude harmonic base excltatlons. The pressure differentlal P, of
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the fixed orifice damper Iincreases very rapldly with lIncrease In
excitation frequency. However, the pressure differential P, of the
tunable pressure 1limited damper Is held around the (plzlo as the
excitation frequency is increased. The value of pressure dlfferentlal
P, at high excitation frequency ls determined by the tunlng factor v of
the pressure limited hydraulic damper as shown in Flgure 3.6. The
damping characteristics of the fixed orifice and the tunable pressure
limited dampers are presented in Figure 3.7. It is observed that the
damping parameter of the pressure limlited damper ls ldentical to that of
the fixed orifice damper at low excltation frequencles. However, at
higher exclitation frequencies, the pressure differential P, exceeds the
preset pressure and the damping parameter decreases due to flows through
the open relief valves. The damping characterlstics of the modified
damper can thus be tuned by selecting the tuning factor v as shown In
Figure 3.7. It is observed that a lower value of tuning factor v causes
the relief valves to start to open at a lower exclitation frequency, and
to result in more reduction in the damping wvalue, and vice versa. In
order to achieve high damping at resonance and low damping at hlgher
excltation frequencies, the selection of the tuning factor of a tunable
pressure limited hydraulic damper, therefore, is of importance for both
effective resonant vibration control and vibration isolation.

3.7 Vibration Isolation Characteristics of Tunable Pressure

Limited Hydraulic Damper

The nonlinear differential equation (3.1) is sclved in conjunction
with equations (3.3), (3.22), (3.25), (3.27), (3.31) and (3.37) for

harmonic and rounded step displacement excitations to evaluate the
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vibration and shock isclation performance of the vibratlon lisclation
system employing fixed orifice, tunable pressure limited and semi-active
‘on-of f' dampers. The equation of motion is solved using a numerical
integration technique and the corresponding simulation parameters are
listed in Table 3.1. The vibration and shock isolation characteristics
of the ideal tunable pressure limited hydraulic damper are presented and
discussed in relation with those of the fixed orifice passive and ideal
seml-active ‘on-off’ dampers in this and the next sections.

The vibratlon isolation performance of the system employing tunable
pressure limited hydraulic damper is evaluated in terms of the following
two characteristics of the system and compared with those of the
semi-active ‘on-off’ and fixed orifice passive dampers:

1) steady state harmonic response;

2) vibration transmissibility.

Steady State Harmonlc Response

The steady state time history of mass acceleratlion response lis
obtalned for the vibration isolation system employing the tunable
pressure 1limiting hydraulic damper and two semi-active ‘on-off’
isolators, when subject to harmonic base excitation.

The non-dimensional steady state acceleration response (i/xlwa) of
the mass corresponding to excitatlon frequency w = wn is presented in
Flgure 3.8. It is observed that the amplitudes of mass acceleration
response of vibration isolation system employing all the three dampers
are almost ldentical. However, the acceleration response characteristics
of vibratlion Isolation system with both semi-active ‘on-off’ dampers

exhibit dlscontinuities at the time of switching, and the acceleration
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TABLE 3.1

Simulation Parameters of Tunable Pressure

Limited Hydraulic Damper System

SYMBOL DESCRIPTION A
m Mass of the system 65 kg

k Stiffness coefficlent 4000 N/m

p Mass density of fluid 797 kg/m>
Ap Area of piston on rod side 2.03x10"7 n®
A Area of rod cross sectlon 1.27x107% n?
Cdl' Cdz Discharge coefficient 0.7

a, Orifice area of plston 1.35x10"° m®
a, Orifice area of cylinder 1,.35x10"° n®
¥ Polytropic exponent 1.4

P, Atmospheric pressure 101300 Pa
P, Initial charge pressure 15x10° Pa
V. Initial gas volume 2.8x107% n”
n Number of orifices on plsteon 4

X Input amplitude 0.05 m
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response disceontlnulty assoclated with semi-active ‘on-off’ scheme I1 \s
more severe than that of scheme I. Such discontinultles in acceleration
give rise to jerk of the system mass. The tunable pressure limited
hydraulic damper, on the other hand, provides sequential damplng by
1imiting the maximum value of damping and the acceleration response does
not exhibit any discontinuities.

As the exclitation frequency is lIncreased, the amplitude of the
orifice damping force increases considerably (as shown in Figure 3.6),
At excitatlion frequency w/wn= 3.0, steady state acceleration response of
the vibration isolation system employlng semi-active ‘on-off' damper 1,
semi-active ‘on-off’ damper 1I and the tunable pressure limited
hydraulic damper, are presented in Flgures 3.9, 3.10 and 3.11,
respectively. It can be seen from Figure 3.9 that the semi-active
‘on-off’ damper using control scheme I does not yleld a discontinulty cf
the acceleration response at w/wn= 3.0, However, the control scheme I
results in an unsymmetrical acceleration response about the statlic
equilibrium position leading to a drift in the displacement response.
The non-dimensional maximum acceleratlon response value of the
semi-active ‘on-off' vilbration 1isolator using the control scheme I,
which Is the acceleration transmissibility at excitation frequency w/wn=
3.0, is found to be 0.711.

The time history of harmonic steady state acceleration response of
the SDOF vibration isclatlon system using semi-active ‘on-off' damper II
at excitation frequency u/mn= 3.0, is presented In Figure 3.10. The
non-dimensional maximum acceleration response value of the vibration

lsolator, at excitation frequency w/wn= 3.0, with semi-active ‘on-off’

- 90 -



muna\a qe ‘] Jaduep ,Jyo-uo, 3IA7}OE-jUIS

y3IM Ssem jo asuodsal uoljela[adoe Ije}s Apeals 6°c FUNOIA
(s) =aull
Q0" ¢ t6°¢ £8°¢ vi'E G9-g ac ¢ LAY
i i i | 1 1 1 1 1 1 !

t

0S 0~

ol

oo 1

000

05°0
( m'x/x) asuodsal uojjelaradoe

oc-1

g

- 9] -



mu:a\a 1e ‘[ Jadwep ,Jjo-uo, 3ATIIOR-TWIS

yj1# ssew Jo asuodsal UOJjeLa[aDVE IEYS ApeEdS o1°€ FUMOIA
(s) aut3y
00" 16°¢ £ € yl°g TR 9g'ge  lb°E,
{ 1 1 ] i 1 I ) I 1 | !
o
(=]
[}
(&
" n
(=)
[w]
/AN AN 5
o

T
0s‘C
( m‘x/x] asuodsal uo[1eIA[300E

IR

oo 1

4

- 92 -



mn:a\a e ‘'Jaduwep pajiwuil sJnssald afqeuny
Y3lTH sseu Jo asuodsad UOT}ela[aade ajel}s Apeals

(s) oui}
l16°¢ £8 L | AR g9t
1

11°E J4N9Id

95° ¢ P2 AR

e
e
-

go- 1

i

0§°0-

00-1

.

X/X) @suodsal uojjesarsode

8]
(o'

- 93 -



scheme II is found to be 0.79 and larger than that of the ‘on-off’
scheme I, while the area covered by the acceleration response, which is
related to veloclty transmissibility, due to seml-active ‘on-off' scheme
II is smaller than that of ‘on-off’ scheme I, It is obvious that the
Jerk introduced by the Inherent discontinuous behavior of the
semi-active ‘on-off’ damper Il becomes even more severe, as the
excltatlon frequency is increased. The chatter and extremely large Jerk
caused by semi-active ‘on-off' scheme II deteriorates the performance of
the semi-active ‘on-off' damper [59].

Figure 3.11 presents the steady state acceleration response of the
vibration 1isclatlon system employing a tunable pressure limited
hydraulic damper at frequency w/wn= 3.0. The non-dimensional maximum
acceleration response value of the vibration isolator using a tunable
damper at excitation frequency w/wn= 3.0 is found to be 0.31 and the
smallest one among the three dampers. Although the acceleration response
does not appear to be very smooth due to the pressure limiting. the
acceleratlon response of the tunable damper system is observed to be
continuous. The Jerk and the chatter caused by the ‘on-off' type of
sequential dampers can thus be eliminated by the proposed pressure
limited hydraulic damper.

Vibration Transmissibility

The vibration transmissibility is obtained by computing the ratlo
of the amplitude of steady state response to that of harmonic base
excitation, over the frequency range of interest. The transmissibility
characteristics of the SDOF vibration isolation system wusing fixed

orifice, tunable pressure limited and semi-active ‘on-off’ (based on
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scheme 1I) dampers are evaluated vla computer simulation. The respeonse
characterlistics of the tunable damper are also presented for varlous
values of tunlng factors to Illustrate the influence of the tuning
parameter on the vibration lsolatlon performance.

The displacement and veloclty transmissibility characteristics of
the vibration 1isolation system employlng an 1deal tunable pressure
limited hydraulic damper (v=1), a fixed orifice damper and an ideal
semi-active ‘on-off' damper are presented In Flgures 3.12 and 3.13,
respectively. It 1is obvious that the displacement, velocity and
acceleration response transmissibilities of a nonlinear system are no
longer identical as in the case of a linear system. A comparlson of the
response characteristics shows that the vibration isolation performnance
of the tunable pressure limited and ‘on-off’ dampers is superior to that
of the fixed orifice damper. However, the peak velocity transmissibility
of the ‘on-off' damper 1s slightly deteriorated, while the peak
transmissibility of the modified tunable damper is identical to that of
the fixed orifice damper. The vibration iseclatlon characteristics of the
‘on-of ' damper is superior to that of both fixed orifice and tunable
dampers beyond the natural f{frequency. However, as the excitation
frequency 1s further increased, the tunable pressure limited damper
yields better vibration isolation performance than that of the ‘on-off’
damper.

The displacement, velocity and acceleration transmisslibility
characteristics of the isolator employing ldeal tunable pressure limited
hydraulic damper, corresponding to different values of the tuning factor

v, are compared with those of the isolator using fixed oriflce damper,
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as shown in Figures 3.14, 3.15 and 3.16, respectively. The
transmissibility characteristics of the tunable damper are ldentical to
that of the fixed orifice damper at low excltation frequencles. The
ideal tunable damper continues to dlssipate energy identical to that of
fixed oriflce damper around the natural frequency, and thus the resonant
transmissibility ratios of both fixed and tunable dampers are identlcal.
As the excltation frequency is increasgd, the pressure differential P,
increases due to the Increase in relative veloclty response. The
pressure relief valve is thus opened to limit the pressure differentlal
and thus the damping force around a constant value. At high excltation
frequencies the vibration isclation performance of the tunable pressure
limited damper is improved conslderably for all values of pressure
limiting factor within 0.8<wv<1.5, as shown in Figures 3.14 to 3.16.

From the simulation results, it 1s apparent that the vibration
isolation performance beyond the natural frequency is strongly dependent
upon the frequency at which pressure limitatlon occurs. A lower value of
pressure tuning factor ylelds an 1improved vibration \Isolation
performance corresponding to high frequency excitatlons. However, an
extremely low value of tuning factor v may result In a large
transmissibility response when pressure differential approaches the
limiting value, as shown in Figure 3.17. A low value of pressure tuning
factor (v=0.5) ylelds low damping near resonance and thus exhibits an
excessively large transmissibllity response, as shown in Flgure 3.17.
This peak can be suppressed by properly tuning the pressure limiting
value according to the method presented in section 3.6. In order to make

pressure limiting value greater than the minimum value glven in equation
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2.00

— fixed orifice
—&— tunable v=1.5
tunable v=1.0
tunable v=0.5

displacement transmissibility

o b !
0.00 1.00 2.00 3.00 4.00

frequency ratio (w/un)

FIGURE 3.17 Displacement transmlissiblility of vibration isolatlion

system employing tunable damper with varlous values
of tuning factor
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(3.36), the pressure tuning factor should be selected such that the
pressure differential approaches the limiting value at excltatlion
frequencles near v 2 w .

3.8 Shock Isolation Characteristice of Tunable Pressure
Limited Hydraulic Damper

The shock isolatlon performance of the tunable pressure limited
hydraulic damper 1s investigated for a rounded step displacement
excltation at the base expressed as [60]:

MWt

x (t) =X [1—e "(1+nwt)] (3.38)
1 max n
where,
X — maximum value of the step displacement (m)
m
e = 2.71828
7 = shock severity parameter

The corresponding velocity and acceleration excitation are given as the
following, respectively:

Mt

x (£} = (X  w) [n e (n t)] (3.39)
i max n n

- Wt

X (L) = (X %) [ n° e (1 -now t)] (3.40)
) max n n

The shock 1isolatlon performance characteristics of the systenm,
employing fixed orifice, the ideal tunable pressure limited, and the
ideal seml-active ‘on-off' dampers, are evaluated in terms of their
responses to the rounded step input In the time domain and with respect
to the shock severity parameter, respectively. The transient time
history response characteristics of the system with these dampers are

presented in terms of thelr displacement, veloclty, acceleration and
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relative dlsplacement response ratios defined as:

displacement response ratio = x(t) / X (3.41)
Bax

velocity response ratio = x(t) /(X w) (3.42)
wmax n

acceleration response ratio = x(t) / (X w°) (3.43)

WX n

relative displacement ratlo = z(t) / X (3.44)

BaX

The translent response characteristics of the vibration isolator
employing a tunable pressure limited damper to the rounded step
displacement excitatlion with shock severity parameter 7=10, are compared
with those of the fixed orifice and the semi-active '‘on-off’' dampers, as
shown In Figures 3.18 to 3.21, respectively. Flgure 3.18 shows the
displacement response ratios of the vibration isolator employing flixed
oriflice, tunable pressure limited, and two seml-active ‘on-off’' dampers.
It is observed that the flxed orifice damper ylelds the largest peak
displacement response value. While the displacement response of the
tunable pressure limited damper 1is almost 1identical to that of the
semi-active ‘on-off' damper II and has the smallest peak value. The
displacement response of ‘on-off’ damper I is improved as compared with
that of the fixed orifice passive one and has a slightly larger peak
value as compared with that of the tunable damper and ‘on-off' damper
II. The veloclty and acceleration response ratios of those dampers are
presented in Flgure 3.19 and 3.20, respectively. A comparison of the
response characteristics reveals that the tunable pressure limited and
two semi-active ‘on-off’ dampers yleld a superlor performance to that of
fixed orifice damper, in terms of peak response values. It is observed

that the velocity and acceleration response ratios of the tunable
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FIGURE 3.18 Displacement response of mass with tunable, semi-

active ‘on-off' and fixed orifice dampers to rounded
step input (n=10)
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FIGURE 3.19 Veloclty response of mass with tunable,
semi-active ‘on-off’ and fixed orifice
dampers to rounded step input (%=10)
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FIGURE 3.20 Acceleration response of mass with tunable, semi-

actlve 'on-off’' and fixed corifice dampers to rouaded
step input (n=10)
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FIGURE 3.21 Relative displacement response of system employing

tunable, seml-active ‘on-off' and fixed oriflce dampe:s
to rounded step input (n=10)
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pressure limited and the two ‘on-off’ dampers, to the rounded step
excitation with severity parameter w=10, are almost Iidentlcal., Figure
3.21 shows the relative displacement response of the tunable pressure
limited damper as compared with that of the fixed orifice and two
semi-active ‘on-off' dampers. It can be seen that the fixed orifice
damper ylelds the smallest valley point but the highest peak value of
the relative response. On the other hand, the relative displacement
response ratios of the tunable pressure limited and two ‘on-off’ dampers
are almost ldentical and give deeper valley and smaller peak wvalues,
while the tunable damper produces the deepest valley value.

The influence of tuning factor v of the tunable pressure limited
damper on the transient response characteristics, to the rounded step
displacement excitation with shock severity parameter mu=10, are
presented In Figures 3.22 and 3.23, respectively. Figure 3.22 shows the
displacement response ratios of the vibration isolator employing tunable
pressure limited for various values of tuning factor. It is observed
that a low value of tuning factor (v=0.7) yields a slightly high peak
displacement response value. While a high value of tuning factor (v=1.5)
gives a displacement response almost identical to that of unit tuning
factor (v=1). The velocity response ratios of the vibration isolator
employing tunable damper for varlious values of tuning factor are shown
in Figure 3.23. It can be seen that a larger value of tuning factor
yields & larger velocity peak response value. After the first peak
response there 1is no significant difference in velocity response for
varlous values of tuning factor within 0.7<v<1.5.

The shock lisolatlon performance characteristics of the vibration
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damper for varlous values of tuning factor
to rounded step input (%=10)
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lIsolator employing flixed orifice, tunable pressure limited and two
seml-active ‘on-off’ dampers are also evaluated with respect to shock

severity parameter 5 in terms of the followlng response parameters:

shock displacement ratio, SDR = |x(t)]nax / |x1(t)|nax (3.45)
shock velocity ratlo, SVR = |x(t)|_  / |x (t)] (3.46)
shock acceleration ratio, SAR = |§{t)|.ax / lﬁl[t)|nax (3.47)

shock relatlve displacement ratio, RDR = |z(t)]| _ / [x (t)] (3.48)
naX 1 X

The SDR, SVR, SAR and RDR characteristics of the vibration isolator
employing tunable pressure limited damper are compared with those of the
fixed orifice and semi-active ‘on-off' dampers for shock severity
parameter ranging from 1 to 50, as shown In Fligures 3.24 to 3.27. Shock
displacement ratlos of the system with a tunable damper as compared with
those of the flxed orifice and two ‘on-off' dampers are shown in Flgure
3.24. It 1is apparent that the tunable and ‘on-off' dampers offer
improved SDR characteristics upon that of the fixed orifice damper. The
tunable damper yilelds a SDR response almost identical to that of the
‘on~of f’ damper II and the smallest value for shock severity parameter n
> 10. Figure 3.25 shows the SVR characteristics of the wvibration
isolation system using fixed orifice, tunable and ‘on-off' dampers. A
comparison of the results reveals that at low shock severity paraneter
value there is not much difference in response ameng those dampers.
However, as the shock severity parameter 1s increased, both tunable and
‘on-of f' dampers yield improved response, whlle the seml-active ‘on-off’
damper produces the lowest SVR value for % < 10 and the tunable damper

gives the lowest value for n > 10. The shock acceleration ratio
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characteristics of the \Isolator with fixed oriflice, tunable and
semi-active ‘on-off' dampers are presented in Flgure 3.26. It 1s
observed that the flxed orifice damper ylelds largest SAR value, while
both tunable and ‘on-of ' dampers result in improved SAR
characteristics, as the shock severlty parameter is increased. The SAR
value of the system using tunable damper 1s larger than that of the
semi-active ‘on-off’ damper for m < 8. However, the tunable damper
yields superlor SAR characteristics wheﬁ the shock severlity parameter is
greater than 8 (n » 8). The RDR characteristics of vibration isolation
system employlng those dampers are compared in Flgure 3.27. It |is
observed that the tunable damper ylelds largest RDR value for shock
severity parameter m > 10, While the fixed orlifice damper glves the
smallest RDR response value.
3.9 Summary

In this chapter, a sequential damplng mechanism is proposed using
the concept of tunable pressure limitlng modulation. The reallizatlon of
such a sequentlal damping modulation is discussed through a tunable
pressure limited hydraullic damper and a tuning methodology. Mathematical
models of the wvlbration Iisolation systems employing fixed oriflce
damper, ldeal semi-active ‘on-off' dampers, and an ideal tunable passive
pressure limited hydraulic damper, are developed. The vibration and
shock 1isolatlion characteristics of the vibration Aisolatlion system
employing tunable pressure limited damper are evaluated and compared
with those of the fixed orifice and semi-active ‘on-off' dampers. The
simulation results demonstrate that the shock and vibration isolation

performance of the system with tunable pressure limlted damper lIs

-~ 116 -



superior to that of the fixed orifice damper, and is comparable to that
of the Iideal semi-active ‘on-off’' dampers. Moreover, the tunable
hydraulic damper only 1limits the maximum wvalue of the pressure
differential and thus does not cause the dlscontinuity in damping force
and acceleration response. The proposed tunable pressure limiting
modulation does not require instrumentation and active control devices
essential for active and semi-actlve vibration lsclators. The influence
of the dynamics of the pressure limiting mechanism, and the fluld and
mechanical compilance on the shock and vibration isolation performance
of the tunable pressure limited damper is investigated via analysis of a

comprehensive mathematlcal model developed iIn the following chapter.
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CHAFPTER 4

ANALYSIS OF TUNABLE PRESSURE LIMITED DAMPER WITH
FLUID AND MECHANICAL COMPLIANCE AND VALVE DYNAMICS

4.1 Introduction

The control forces, generated via passive, semi~-actlve or active
means, are often evaluated assuming ldeal characteristics while the
dynamics due to controller and force generatlng elements are consldered
insignificant [1, 32}. Various dual phase passive dampers have been
investigated in view of thelr shock isolation performance assuming ldeal
characteristics [60, 61). Vibratlen and shock Iisolatlon performance
characteristics of ‘on-off' dampers employlng wvarlous seml-active
control laws have been evaluated assuming 1ideal on-off damplng
characteristics [49, 51, 57]. The majority of the studies on active
shock and vibration control systems have been conducted assuming ldeal
force generating elements [30, 31, 4il.

Although it is well known that the control forces generated via
seml-active or active control are strongly influenced by the dynamics
assoclated with controller and the force generator, studlies on
semi-active and active vibration contrel systems incorporating these
dynamics have been limited. Buzan and Hedrick [46] investigated the
influence of the dynamics of a pneumatic actuator on the vibratlon
isolation performance of an active vibratlion iseolator. Klinger and
Calzado [48] proposed an actlve control scheme which tock into account
the compensation for the dynamics of the force actuators. Margolis [5§5],
and Sharp and Hassan [56] proposed a control scheme in semi-actlve

‘on-of f' isolators to compensate for the error caused by the measurement



of absolute veloclty due to the signal processing system.

The damplng characteristics of a tunable pressure limited damper,
conceptually proposed in Chapter 3, are influenced by the dynamics
assoclated with the pressure limiting mechanism. Shock and vibration
lsolatlon performance of the tunable damper are thus investigated via
computer simulation of a mathematical model incorporating the dynamics
of the tunable pressure relief valves. The tunable pressure limited
hydraulic damper 1is represented by a hligher order analytical model
Incorporating the fluid and mechanical compllance and, the dynamics of
the tunable pressure limiting mechanism. Basic laws of dynamics, and
fluid flow are employed, and the assoclated mnodeling methodology is
presented. The pressure limiting mechanism is modeled as a second order
dynamic system. The fluld flow through the pressure limiting mechanism
is expressed as a function of the preset pressure, spool motion and port
geometry. While the fluld and mechanical compliance of the hydraulic
damper system is characterized in terms of effective bulk modulus.

The damping characteristics of the proposed tunable damper are
investigated in view of the dynamics of the tunable pressure limiting
mechanism and the effective bulk modulus. Parametric sensitivity
analyses are carrled out to establish the influence of the bulk modulus
and the dynamics of the pressure llmiting mechanism on shock and
vibration isolation performance of the tunable pressure limited damper.

4.2 Development of Mathematical Model

The schematic of a vibration lsolation system employing a tunable
pressure limlted hydraulic damper, subject to base excitation, is

presented in Flgure 4.1 (a). The tunable pressure limited hydraullc
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damper is realized by implementing two pressure rellef valves across
chambers I and II, in order to 1limit the pressure differential during
both compression and extension strokes, as shown in Figure 4.1 (b). The
pressure relief valves can be tuned to limit the pressure differentlal
across the plston to the desired preset value.

The static equilibrium equations of the tunable damper system are
ldentical to that of the flxed orifice damper system, as presented in
subsection 3.2.2.

4.2.1 Equations of Motlon

The vibration isclation system employing tunable hydraulic damper
with valve dynamics, shown in Figures 4.1 (a) and (b), comprises not
only the main body mass but also two spocl masses. The equations of
motion are therefore derived with respect to the main body mass and
spool masses, respectively,

Equation of Motlon of System Maln Bedy

Neglecting friction forces, the equation of motion of the main body

mass subject to base excitation can be expressed as:

mx(t) + £ (t) + £ (t) =0 (4.1)
k ds
where,
fk = restoring force due to linear spring k (N), given by:
fk(t) =k 2(t) (4.2)
z =X - X, relative displacement of malin body mass with
respect to the base (m)
fdi = total dynamic force generated by tunable damper (N)

The total dynamic force of the tunable damper can be expressed as a

combination of a gas-spring force and a damping force , based upon the
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derivations presented in sectlon 3.2:

£fo(t) = F(t) + £ (t) {4.3)
ds -1 d
where
fa = restoring force due to gas-spring (N}, given by:
fa(t) = — p30Ar (4.4)

f, = variable damplng force due to the tunable damper (N),
and is glven by:

ft) =", Ap * Py, A (4.5)

The pressure differentials in equations (4.4) and (4.5) are derlived from
the flows through piston and cylinder orifices, pressure rellef valves,
and due to the compressibility of fluild., Flow through the relief valves

is derived from dynamics of the spool mass, presented in the following

subsections.

Equatlions of Motion of the Spools

The pressure relief valve, as shown in Flgure 4.1 (b), comprises of
a spool and an adjustable spring. Assumling viscous damping and linear
spring characteristics, the equations of motlon of the spocl masses can

be expressed as, respectively:

mrcyc(t) + crcyc(t) + krcyc(t] = frc(t] (4.6)
mreye(t) + creyc(t) + xrcyctt) = fra(t) (4.7)
where,
m. mru = masses of spools of compresslon and extension valves,
respectively (kg)
Yoo ¥, = coordinates characterlizing displacements of compression
and extension spools, respectively (m)
Cot Cre = viscous damping coefflicients of the compression and

extension rellef valves, respectively (N:s/m)
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k , k = gtiffness coefflcients of the compression and extension

relief valves, respectively (N/m)

r , f = forces acting on compression and extenslon spools,

respectively (N}, glven by:

frc(t) =a p1a(t) (4.8)
fre(t) = - are piz(t) (4.9)
a , a = spool end areas of compression and extensicn valves

rc re
respectively (m)

4.2.2 Flow Equations

The flow rates through orifices on the piston and the cylinder, and
relief valves, and due to fluld compressibility are derived as functions
of the piston movement, the motion of the spool masses and the effective
bulk modulus. The leakage flows within the valves and damper are assumed
to be negligible. The relationships among the fluid flows are
established using the fluid continuity equation,

The total fluld flow between chambers I and Il consists of the
flows through the fixed orifices on the piston and the tunable rellef

valves expressed as:

Q (t) =Q (t) +Q (t) (4.10)
12 or re
where,
Q12 = volume flow rate of fluid from chamber I to II (m/s)
Q = volume flow rate through orifices from chamber I to 11
or 3
(m~/s)
Q = volume flow rate through relief valves (m3/s)

re

Assuming turbulent flows, the rate of fluld flow through the

orifices on the piston is related te the pressure differential P,
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across the plston:

2 / 2 Iplzl
QOr = [ 151 Cd11a1|] — sgn(plz) (4.11)

where,
n = number of orifice on the piston
Cdil = discharge coefficient of the ith oriflce
a = area of the ith orifice (m)

Assuming identical orifices on the piston, such that Cd11= Cdl and

a = a, equation (4.11) can be simplified as:

11
/ 2 |p12|
Qor =n Cdla1 — sgn(pm) {4.12)

Assuming ldentical compression and extension rellef valves of the
tunable hydraulic damper m =m =m; k =k =k :;¢c =¢c =¢
rc re r rc re T re re r

a8 = a =a; Y =Y =Y, and symmetric damper characteristics, an
re re r Oc Oe 0

identical motion of both spools is obtalned :

yc(t) = - Yﬂ(t) = y(t) (4.13)
The total flow due to the rellef valves conslists of flow through valve
openings and flow due to movements of valve spools. Assuming turbulent
flow through tlhe openings, the volume flow rate through the rellef
valves can, therefore, be expressed as:
2ay(t), ly| <,

9 = (4.14)

re Z|p .
C, 2 (y.Y) sgnlp,,) +2ay, |y|]=zY,

Cdr = discharge coefficlent of the valve opening
Yo = preset displacement overlap of the spools (m)
a = spool end area of relief valves (m?)
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P = area of the rellef valve opening (m?)
-}

The spool overlap is related to the preset pressure limlting wvalue

(p,,}, as the following:

-

Yo = (p,), 3, / k. (4.15)
kr = stiffness coefficlent of the valves (N/m)
Assuming turbulent flows the fluid flow rate through the orifice on

the cylinder is expressed as:

/ 2 Ipszl
Qcy = Cdza2 — sgn(p3a) (4.16)

where,
e = volume flow rate through cylinder orifice (m/s)
Cdz = discharge coefficient of cylinder orifice
a = area of cylinder orifice (m%)

2

The rate of change of fluld velume In chamber I can be related

to the relative velocity in the following manner:

Q (t) = A 2(t) (4.17)
ml P

" rate of change of fluid volume in chamber I (m/s)

z relative velocity of tunable damper (m/s)
The flow due to the effective bulk modulus is the rate of volume
change due to the fluld compressibility and mechanical compliance of the

damper cylinder. For chamber I, rate of change of fluid volume due to

the fluld and mechanical complliance is expressed as:

V1 dp1
Qi(t) = — (4.18)
° B . dt
el
Q = volume flow rate due to compllance in chamber I (ma/s)

al
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p = instantaneous pressure in chamber I (Pa)

o - effective bulk modulus of chamber I (Pa), given by

1 1 1

—_— = + (4.19)
Bol Bcl ﬂl
- bulk modulus of chamber I container (Pa)
B1 = bulk modulus of the fluid (Pa)
V1 = instantaneous volume eof chamber I (msl, glven by:
Vit = [X —z(t)] A +V +2a y(t) (4.20)
1 st P ro r
Vro = equivalent volume due to connecting plpes (mal

Based on the law of conservatlion of mass, the flows in chamber I are

related by the fluid continulity equation given as:

-Q (ty - (ty=-0Q (t) +0Q (1) (4.21)
or re ml el
The rate of change of fluld volume in chamber I! is related to the

relative velocity of the damper in a similar manner:

Q _(t) = (A +A) z(t) (4.22)
m2 p r
sz = rate of changs of fluid volume in chamber I1I (ma/s)
The rate of change volume in chamber II due to the effective modulus ls

caused by the mechanical and fluid compllance can be expressed:

Va dp2
Qez(t) = —_—— (4.23)
Bez dt
0 . = volume flow rate due to compliance in chamber [1 (ms/s)
-}
P, = instantaneous pressure in chamber II (Pa)
= - effective bulk modulus in chamber 11 (Pa}, glven by

1.1,

1 i
B, B, B

(4.24)
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B , = bulk modulus of chamber II (Pa)
c
V2 = Instantaneocus volume of chamber II (m3), given by
VIt) =1l -X )+z(t)] (A +A)+V -—2a y(t) (4.25)
2 st p r ro r
14 = length of the hydraullc damper stroke (m)

The fluild continuity equation yields the fellowing relationship:

Qor(t) + Qrc(t) + Qcy(t) = Qﬂ(t) + Qeztt) (4.26)

In chamber III, the rate of change of gas volume can be expressed

as;
dV3
Q 3(t) = —_— (4.27)
" dt
Qm3 = rate of change of gas volume in chamber 111 (m3/s)
v = Instantaneous volume of gas in chamber III (m°)

3

Assuming that the bulk modulus of the fluid is very high as compared
with the compressibllity of the gas, the volume change due to
compressibllity of the fluld in chamber III 1s thus negligible. The flow

relationshlp for chamber III can be thus expressed as:

Q (t) =qQ _(t) (4.28)
cy m3

The instantaneous volume of gas in chamber III is given by:

V3 = Vo + ch (4.29)

where

Y= Q (t) (4.30)

Opening Area of Relief Valve

The opening area of relief valves is a function of tunable preset

displacement overlap, displacement of the spool and port geometry. In a
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general case, the port geometry can be selected as shown In Figure 4.2.

During the pressure limiting operatlion of the rellef valve, the area of

the opening can be derived from the followlng four spool positlons:

(A) o< (|y] -Y)sR:

— 2_
a =« Rr X, X, (4
where,
R = radius of the port arc (m)
x, =R_~ (|y| = Y) (4
2 2
X, = Rr - X (4
_ -1
« = tan [ x, /[ % ] (4.
(B) Rr < (ly] - Yo) = (Lr + Rr):
— 2 -— —
a = (xR /2)+2R [ (ly| = ¥)) - R ] (4.
where,
L = distance between two centers of the port arcs (m)

r

(€) (L +R) < (|y] -Y¥) = (L +2R):

a =nR - [a R2 - X_ X ] + 2R L (4.

e r 2 r 3 4 r r

where,
x, = (yl - Y - (L +R) (4
x = / R®E =% (4
4 r 3
_ -1

o, = tan [ X, / X, ] (4.

(@ (ly] - Y) > (L_+2R):

a =nR +2R L (4.
r r r

.31)

.32)

.33)

34)

35)

36)

.37)

.38)

39)

40)

Tt is apparent that circular and rectangular port shapes are only
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special cases of the above port shape. The above equations can be
readlly simplified to compute the rellef valve opening for circular and

rectangular ports.

4.2.3 Pressure Equatlions

The rate of change of fluid pressure in each chamber is related to
compressiblility of the fluid and fluld continuity equations. The rate of
change of fluid pressure in chamber I, obtalned from equations (4.18)

and (4.21), is expressed as:

dpl Bcl
= —5 [Q (t)- Q@ (t) -Q (t)] (4.41)
ml or re
dt 1

vwhere Qm1' Qor and Qre are derived from equations (4.17), (4.12) and
(4.14), respectively.

The rate of change of fluld pressure In chamber II is simllarly
established from equations (4.23} and (4.26) and expressed as:
2 Bez

- = (0,0 o 0+ o) - g )] (4.42)
at 2 Uer re ¥ "

wvhere Q , Q , Q and Q _ are derlved from equations (4.12), (4.14),
or re cy m2
(4.16) and (4.22), respectively.
The instantaneous pressure of the gas In chamber III is derived

assuming polytropic process and expressed as:

v rs
p,(t) = ° p (4.43)

v +v (£)]¥ °
o] cy

p = Instantaneous pressure of gas 1n chamber III (Pa)

3

Solution of static equilibrium equation, presented in section 3.2.2,

yields the static values of gas volume (VD) and pressure {pol. The
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change in gas volume in chamber III due to fluld flow through the
cylinder orifice {ch) is obtained from equation {4.30). The pressure
differentlial, Poy required to compute the gas spring force in (4.4) can

be then derived from (4.43):

v, +V (t)1¥ - v?
p. (t) = - =X P, (4.44)
0 vy + v, ()17

4.3 Dynamic Characteristics of Tunable Damper

The damping force, pressure differential, and shock and vibratien
isclation performance characteristics of the tunable damper are
Investigated In order to 1illustrate the significance of dynamics
assoclated with the pressure relief valves and compliance of the damper.
The system of nonlinear differentlal equations of the tunable pressure
limited hydraullic damper Incorporating the fluid and mechanical
compliance, and the dynamics of the pressure limiting valves, developed
in sectlion 4.2, 1s solved using a numerical integration technique. The
computer slmulatlons are carried out for the parameters presented Iin
Tables 4.1 and 4.2.

Damping characterlstics of the tunable pressure limited damper are
evaluated In terms of steady-state force-displacement Lissajous diagrams
and compared with those of fixed orifice and ideal pressure limited
dampers. The pressure differentlal characteristics of the tunable
pressure limited damper are evaluated for constant amplitude harmonic
excltations and compared with those of the fixed orifice and ideal
pressure limited dampers. The Iinfluence of relief valve dynamics and

variations in the effective bulk modulus on the damping characteristics
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TABLE 4.1

Simulation Parameters of Tunable Pressure

Limited Hydraulic Damper System

SYMBOL DESCRIPTION AR
m Mass of the main body 365 kg

k Stiffness coefficient 18730 N/m

p Mass density of fluld 797 kg/m°
A Area of piston on rod side 2.5x10"° n®
A Area of rod cross section 3.14x10"% n®
Cdi. Cdz Discharge coefficient 0.7

a, Area of piston orifice 3.14x10"% n®
a, Area of cylinder orifice 6.28x10"° n?
7 Polytropic exponent 1.4

P, Atmospheric pressure 101300 Pa
P, Initial charge pressure 15><105 Pa
v, Initial gas volume 3.0x10"% n’
n Number of plston orifices 4

1 Damper stroke 0.4 m

X Input amplitude 0.05m
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TABLE 4.2

Simulation Parameters of Tunable Pressure Limiting Valves

SYMBOL DESCRIPTION e
m Mass of the valve spool 0.056 kg
kr Stiffness coefficlent of valve 2000 N/m
c, .1scous damping coefficient 8.5 N+s/m
B . B Effective bulk modull 6.9x10°,
ol ez 6.9x10° Pa
a_ Spool end area 2.0x10”% n®
Rr Radius of the port arc 0.0025 m
Lr Distance between the arc centers| 0.02 m
Cdr Discharge coefficient of valve 0.7
p Mass density of fluid 797 kg/m3
v, Equivalent volumes due to pipes 5x10°° m®

of the tunable damper Is discussed.
The dynamic force due to the hydraulic damper Is non-dimen-

sionalized with respect to the static damper force, given by:

F =p A (4.45)

F = damper force corresponding to statlc equilibrium

position of the system (N)
The relative displacement response 1s non-dimensionalized with respect
to the excitation amplitude Xl. Figure 4.3 presents the steady state
non-dimensicnalized force-displacement characteristics of the {ixed

orifice and tunable pressure limited hydraulic dampers for excitatlon
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frequency w/wn=2.0. The effectlve bulk modulus of the f{luld in all
chambers ls assumed identlical and Bc = 6.9x10° (Pa) is selected as
recommended by Wahl [25] and Merritt 1[114]. The force-dlisplacement
characteristics, presented in Figure 4.3, clearly reveal that the
tunable pressure limited hydraulic damper dissipates vibration energy in
a different manner thar that of the fixed orifice damper. Although, the
amount of energy dissipated per c¢ycle (area enclosed by the

force-displacement curve) by the tunable damper 1s similar to that by
the fixed orifice damper, the damping characteristics of the two dampers
differ considerably. The fixed orifice hydraulic damper ylelds high
damping force corresponding to maximum relative veloclity response, whlle
the magnitude of damping force generated by the tunable pressure 1limlted
damper is considerably smaller due to the pressure limiting modulatlen,
The corresponding relative displacement response of the tunable damper
is, however, larger than that of the flxed orifice damper, as shown in
Figure 4.3.

The force-displacement characteristics of the tunable hydraullc
damper incorporating pressure relief valve dynamlecs and effective bulk
modulus (Be = 6.9x10° (Pa)), referred to as "tunable (higher order)",
are compared with that of an ldeal tunable pressure limlled damper,
"tunable (ideal)", as shown in Figure 4.4, in order to illustrate the
slgnificance of rellef valve dynamlics and fluid compressibility. Figure
4.4 clearly illustrates that an ldeal tunable pressure limlted hydraulic
damper limits the magnitude of damplng force to a constant value
corresponding to high relative velocity response. However, 1ideal

pressure limiting and its corresponding damplng characteristics can not
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be achleved due to the dynamics assoclated with the rellief valves, The
magnitude of the dampilng force generated by the tunable damper,
incorporatlng the rellief valve dynamics, 1is conslderably larger than
that generated by the lideal tunable damper. A comparison of Figures 4.3
and 4.4 further reveals that the tunable hydraulic damper 1limits the
magnitude of peak damping force to a great extent when compared with the
magnitude of damping force due to a fixed orifice damper.

The area of valve opening required to modulate the fluid flow and
1imit the pressure dlfferential across the piston ls strongly related to
the pressure differentlal itself. The pressure differential
characteristics of the tunable pressure limited hydraulic damper
incorporating the hydraullc and mechanical compliance, and relief valve
dynamics are evaluated In the frequency range 0 = w/wns 5, as shown in
Flgure 4.5. The pressure differentlal characteristics are compared with
those of the ideal flixed orifice (B°= w), fixed orifice with effective
compliance and Iideal tunable dampers in order to 1illustrate the
Influence of the valve dynamics and effective bulk modulus. The pressure
differentlal is non-dimensionalized with respect to the static pressure
P, Figure 4.5 reveals that the pressure differential across the piston
of a fixed orifice damper increases as the exclitation frequency is
increased. The influence of hydraulic and mechanical compliance of the
damper is Insignificant for excltation frequencies below 2wn. However,
the pressure differential response of the fixed orifice damper
incorporating effective bulk modulus is larger than that of the ideal
fixed orifice damper at high excitation frequencies, as shown in Figure

4.5. Response characteristics of the 1ldeal tunable pressure limited
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damper (v=1) reveal that the pressure differential is limited to a
constant value at excitatlon frequencles beyond the resonant frequency.
The response characteristics of the tunable pressure limlited hydraulic
damper, however, \llustrate that the pressure differential can not be
limited to a constant value due to dynamics of the pressure rellef valve
and fluld compllance. Although the pressure differential response of the
tunable damper is larger than that of the ideal pressure limited damper,
the magnitude of pressure differentlial is considerably smaller than that
of the fixed orifice damper as shown in Flgure 4.5.

Steady state damping force-displacement characteristics of tunable
pressure limited hydraullc dampers are ilnvestligated for varlous values
of the effective bulk modulus in order to demonstrate the influence of
mechanical and fluld complliance on the damping characteristics. Flgures
4.6 to 4.8 present the force-displacement characteristics of tunable
damper corresponding to excitation frequency w/wn = 0.5, 2.0 and 5.0,
respectlively. The effective bulk modull used in the simulation are Be =
6.9x10° (Pa), 36/16 and 36/256. Force-displacement characteristics
reveal that the dynamic force due to the tunable damper is strongly
influenced by the effective bulk modulus, especially at high excitation
frequencles. At low excitatlion frequencles, the influence of effective
bulk modulus ls observed to be relatively insignificant, as shown in
Figure 4.6. The magnitude of peak dynamic force increases slightly with
reduced bulk modulus, while the energy dissipated per cycle remains
almost similar. At higher excitation frequencles, the energy dissipated
per cycle by the tunable damper, however, decreases considerably when

the value of the effective bulk modulus is reduced, as shown in Figures
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4.7 and 4.8. The magnlitude of peak dampling force decreases considerably
with reduced bulk modulus, as shown in Figure 4.8. At higher excitatlion
frequencles, compliance due to the damper fluld gives rise to restoring
force characteristics, as lllustrated in Filgure 4.8.

The restoring force due to the gas-spring of the pressure limited
damper 1s computed from equatlons (4.4) and (4.44). The gas spring
force-displacement characteristics of the tunable hydraullc damper
incorporating valve dynamics and effectlve compllance are computed
corresponding to excitatlon frequencies w/un = 0.5, 1.0 and 5.0, and
compared with those of the ideal tunable pressure llmited damper, as
shown in Figures 4.9 to 4.11, respectively. It ls observed that the
force value due to the gas spring of the tunable pressure limited damper
1s shifted up , with respect to the gas spring force with incompressible
fluid, when fluid compressibility is considered as shown In Figures 4.9
to 4.11. For the same load on the vibration isolatlon system, the
effective bulk modulus results in a reduction in fluid volume within the
damper. The compressed fluld volume thus introduces a further reduced
gas volume in chamber III, which, In turn, shifts the gas spring force
to a larger value. Furthermore, as the excitation frequency is increased
the gas chamber within the tunable damper begins to disslp;te a certaln
amount of vibratlion energy due to compressibility of the fluid and valve
dynamics, as shown in Figure 4.10 and 4.11. The amount of energy
dissipated per cycle due to the gas chamber increases as the excitation
frequency 1s increased. An ideal tunable damper, however, provides only
restoring force due to the gas chamber.

Figure 4.12 presents the total dynamic force-displacement
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characteristics of the tunable pressure limited hydraulic damper, as
function of the effective bulk modulus, corresponding to excltation
frequency w = 5 @ . It 1s observed that the magnitude of peak damping
force (corresponding to zero relative displacement) decreases
conslderably and orlents towards a restoring force as well, when the
value of bulk medulus is reduced. A lower value of effective bulk
modulus ylelds a larger shifting of the total force component of the
damper due to the increase in gas-spring force as shown in Figure 4.12.
A time history of the dynamic force of the tunable hydraullc damper
with the 1}deal pressure 1limiting scheme and higher order models,
corresponding to a rounded step excitation, is presented in Figure 4.13.
It is observed that the magnitude of peak dynamic force due to the
effective bulk medulus is increased, as compared with that of the ideal
pressure limiting scheme. Figure 4.14 shows the dynamic force of tunable
damper with varlous values of effective bulk medulus in time domaln. A
comparison of the results reveals that the magnitude of the peak dynamlc
force is reduced as the bulk modulus s decreased. Moreover, the steady
state value of dynamic force of the tunable damper is increased due to
the decrease of the effective bulk modulus and thus the Increased gas

spring force.

4.4 ¥ibration Isolation Performance

The system of equations derived 1in section 4.2 are solved to
evaluate the vibration isclation performance of the system employing a
tunable pressure limited damper In terms of vibration transmissibility.

Vibration transmissibility characteristics of the system with a tunable
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pressure limited damper are compared witn those with an lideal tunable
damper to demonstrate the influence of effective bulk modulus and valve
dynamics. The vlbratlon !solation characteristics of the system with a
tunable pressure limited damper are further compared with those of the
fixed orifice damper, Incorporating the effect of fluld compllance, to
i1lustrate the performance potentials of the proposed pressure limited
hydraullc damper. The influence of varlations In the tuning factor and
effective bulk modulus on the vibration transmissiblility characteristics
is presented.

The displacement and veloclity transmissibllity characteristics of
the vibration isolation system, employing a tunable pressure limited
damper, are evaluated and compared with those of the isolator employing
a fixed orifice hydraulic damper incorporating compliance of fluld, as
shown in Figure 4.15 and 4.16, respectively. The effective bulk modulus
for both dampers is selected as Be = 6.9.10° (Pa). It is observed that
the displacement and velocity transmissibility response of the system
with tunable damper (v=1) is identical to that of the fixed orifice
damper for excitation frequencies below the resonant frequency of the
isolator. The resonant transmissibility response of the pressure limited
hydraulic damper 1is slightly larger than that of the fixed orifice
damper, as shown in Figures 4.15 and 4.i6. The transmissibility
characteristlics of the pressure limited hydraulic damper continue to be
larger than that of the isolator with fixed orifice damper corresponding
to excltation frequencles above the resonant frequency. Dynamic motion
of the spool within the pressure relief valves ylelds modulation of the

fluld flow even before the pressure differential P, approaches the
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preset value and thus provides poor transmissibility characteristics at
excitatlon frequencies slightly larger than the resonant frequency.
However, as the excltatlon frequency ls further increased, the tunable
pressure limlted damper yields considerably superior vibration
transmlissiblility characteristics when compared with those of the fixed
orifice damper,

The Influence of the dynamics of the pressure relief valve on the
vibration lsolatlion performance is further illustrated though comparison
of the vibration transmissibility characteristics of the isolator with a
higher order tunable damper system with those of an ideal tunable
pressure limiting damper. Displacement, acceleration and relative
displacement transmissibility characteristics of the pressure limited
hydraullc damper are presented in Flgures 4.17, 4.18 and 4.19,
respectlvely. Transmissibllity characteristics of the system employing
ldeal tunable pressure limited damper exhibit two peaks corresponding to
the resonant frequency of the isolator and the frequency at which flow
modulation occurs., Transmissibility characteristics of the system with a
higher order tunuble damper, incorporating the dynamics associated with
relief valve and fluid compliance, also reveal two neaks similar to the
ldeal tunable damper, as shown in Figures 4.17 to 4.18. The magnitude of
displacement transmissibility increases slightly, corresponding to
excltatlon frequencies above the resonant frequency, when dynamics due
to rellef valve and fluld compliance are incorporated, as shown in
Flgure 4.17. The peak acceleration transmissibility, at the isolator's
resonant frequency, also Increases due to the dynamics of the relief

valve, as shown in Figure 4.18. The acceleration transmissihility,
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- 153 -



corresponding to excitatlion frequency at which the pressure differential
P, approaches the preset value, however, decreases due to dynamics of
the pressure rellef valve. At hlgher excitation frequencles, pressure
rellef valve dynamics ylelds only insignificant influence on the
acceleration transmissibility, as shown in Figure 4.18. Dynamlc motion
of the spools within the pressure relief valves ylelds improved relative
displacement transmissibility corresponding to the excitation frequency
at which pressure limiting occurs, as shown 1n Flgure 4.19, due to
gradual opening of the relief valve. However, the relative displacement
response lncreases slightly due to the dynamics of the relief valves at
higher excitation frequencies.

The influence of the effective bulk modulus on the displacement and
velocity transmissibility characteristics of the vibration isclation
system with a tunable pressure limlited hydraulic damper are illustrated
in Figures 4.20 and 4.21, respectively. in Figure 4.20 the displacement
transmissibility characteristics are presented for wvarious values of
effective bulk moduli: Be = 6.9x10° (Pa), 56/4 and 85/32. It is observed
that there is a moderate reduction in effective bulk modulus ylelds only
a sllight increase In displacement transmissibility, specifically around
the excitation frequency at which pressure limiting takes place.
However, an excessive reduction in the effective bulk modulus can yleld
significantly large peak transmissibllity respense, as shown in Flgure
4.21 for wvarious values of effective bulk modull: Bc = 6.9><10B (Pa),
66/16, 36/128 and 50/256.

Yibration transmissibility characterlistics of the vibration

isolation system employing tunable pressure limited damper are strongly
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FIGURE 4.22 Velocity transmissibillty of vibration isclation
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related to the tuning factor, v, as shown in Figure 4.22. The vibration
transmissibility characteristlcs at excitation frequencies near and
above the resonant frequency are significantly influenced by the tuning
factor. A lower vniue of tuning factor (v=0.8) tends to 1limit the
pressure differential at a lower excitation frequency ard thus yields a
larger transmissibility response near the rescnance. Alternatively
larger value of tuning factor can be selected to 1limit the pressure
differentlal at a higher excitation frequency such that the
transmissibllity response near the resonant frequency can be reduced.
However, larger tuning factor tends to limit the pressure differential
to a higher preset value and thus yields slightly higher
transmissibility response at higher excitation frequencles, as shown in

Flgure 4.22.

4.5 Shock Isolation Performance

The shock isolation performance of the system employing a tunable
pressure llmited hydraulic damper is also strongly related to the
dynamics associated with the relief valve and the effective bulk
modulus. Shock icclatlon characteristics are evaluated for a rounded
step dlsplacement excltation at the 1isoclator’'s base in order to
i1lustrate the significance of these parameters. The shock displacement
and velocity responses are non-dimensionalized with respect to input
magnitude Xmax and (wn xnax). respectively.

The transient displacement and velocity response characteristics of
a shock lsolation system, employing a fixed orifice hydraullc damper,

are compared with those of the isolator employing a tunable damper
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(v=1.0) incorporating valve dynamics, as shown !n Figures 4.23 and 4.24,
respectively. Mechanical and fluid compliance is Incorporated in both
the dampers through an effective bulk modulus of BB = 6.9x10° (Pa).
Figures 4.23 and 4.24 clearly revea! that the peak displacement and
veloclty responses of the tunable pressure llmited damper are
conslderably lower than those of the fixed orifice damper.

Translent displacement and veloclty response characterlstics of the
isolator with tunable pressure lirited damper are further compared with
those of an 1ldeal pressure limited damper in order to illustrate the
Influence of rellef valve dynamics, as shown in Figures 4.25 and 4.26,
respectively. The shock displacement response, presented in Figure 4.25,
reveals that the peak response and the corresponding settling time
decrease slightly, when the rellef valve dynamics and fluld compliance
are incorporated in the higher order tunable damper model. However, the
peak veloclty response lncreases due to the dynamics assoclated with the
relief valves. The settling time of the velocity response of the higher
order tunable damper model associated valve dynamics and {fluld
compliance decreases as compared with that of the ldeal tunable damper
as shown in Flgure 4.26.

Figure 4.27 illustrates the influence of the effective bulk modulus
on the shock isolation performarce of the tunable pressure limlted
damper, for relatively smaller reductions in effective bulk modulus (Be
= 6.9x10° (Pa), Be/4 and 30/16). It is observed that the peak
displacement response, the speed of response, and the steady state value
of response decrease due to reduced effective bulk modulus of the fluid

in the hydraulic damper.
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FIGURE 4.29 Transient velocity response of shock isclatlon

system employling &unqble damper with various bulk
moduli (B°=6.9x10 (Pa), (v=l)

- 163 -



A further reduction in effective bulk modulus (Be. 8/16 and Be/64)
ylelds significant influence on the displacement and veloclty response
characteristics of the isolator as shown in Figures 4.28 and 4.29,
respectively. The response speed of the tunable pressure limited
hydraulic damper decreases considerably, when the value of the effective
bulk modulus is further reduced. The fluid volume within the hydraulic
damper decreases due to the reduced effective bulk modulus for the same
load on the lsolator and thus a further deflection of the hydraulic
damper results with respect to the static equilibrium position.
Therefore, the steady state value of displacement response of the
isolator is further reduced with respect to the input displacement
value, for a lower bulk modulus, as shown in Figure 4.28. When the value
of effective bulk modulus is reduced and thus results in a softened
damper, the peak value of velocity response of the system with tunable

damper is also reduced, as shown in Figure 4.29.

4.6 Summary

A mathematical model of the tunable pressure limited hydraullc
damper, incorporating the fluid and mechanical compliance, and the
dynamics of pressure relief valves, is developed. Equatlons of motion
and fluid flow are formulated for a general port geometry. The higher
order analytical model of a tunable pressure limited hydraulic damper,
incorporating fluid compllance and valve dynamics, is analyzed to
determine the damping force, gas spring force, vibration
transmissibllity and shock response characteristics. The response

characteristics of a tunable pressure limited damper are compared with
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those of fixed orifice and ldeal pressure limlted dampers to demoustrate
the significance of effective damper compliance and valve dynamlcs. The
study demonstrates that the reduced effective bulk modulus can result In
dynamic force changes which influence both shock and vibration isolation
performance of hydraulic damper isclators considerably. The dynamics of
the relief valves also have certaln influence on the shock and vibratlon
isolation characteristics of the Iisolator employing tunable pressure
limited damper. The tunable damper 1incorporating valve dynamics and
effective bulk modulus yields significantly improved shock and vibratlon

isolatlon performance as compared with that of the fixed orifice damper.
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CHAPTER 5

RIDE DYNAMIC ANALYSIS OF ROAD VEHICLES
EMPLOYING TUNABLE PASSIVE SUSPENSION

5.1 Introduction

Rlide comfort, handling and control performance of road vehlcles
pose conflicting requirements on primary vehicle sucpensions. A soft
vehlcle suspension is required to effectively Iisclate the vehicle
structure, cargo and driver from terrain induced exclitatlons in order to
achieve good ride quality. Directlionally stable performance of the
vehlcle, however, requires the vehicle suspension to be relatively
stiff. Design of vehicle suspensions thus lnvolves the selection of
appropriate spring and damping mechanisms to achleve a compromise among
ride comfort, handling and control performance. A number of damping
mechanisms have been proposed and investigated to achleve improved
vehicle rlide, while the suspension stiffness is selected to provide
adequate handling and control performance. In view of the performance
limitatlons of conventional passive vehicle suspensions, specifically
due to the fixed damping, numerous semi-active, active and modified
passive suspension systems have been proposed to achieve improved
vehicle ride. Although active vehicle suspensions, with actively
controlled damping and spring characteristics, provide superior vehicle
ride quality, lmplementation of the active suspension has been limited
due to requirements of external power source, feedback control devices,
sensors and force generators [32]. Alternatively, seml-active
suspensions, based on elther continuous or sequential varilations in

damping, have been proposed to improve the dynamic ride performance of



road vehlcles [49, 57]. Although the hardware requirements of a
semi-active suspension are considerably simpler than that of an active
suspension, a general use of the semi-active suspension 1s still
prohlbitive due to the requirements of Instrumentation packages and
feedback control devices, and the assoclated chatter problems [S9].

In this chapter, the ride performance characteristics of road
vehicles employing tunable pressure limited shock absorbers within the
primary suspension are analytically Investigated. Dynamic ride
performance of a vehlcle employlng a tunable passive suspension lis
evaluated through deterministic and stochastic analyses. Two vehicle
models, namely a quarter vehicle model and an in-plane vehlcle model,
are developed and Investigated to demonstrate the ride performance
potentials of tunable shock absorbers. The quarter vehlcle model is
first evaluated for determinlstic excitations in the time and frequency
demains. The dynamic ride performance of the quarter vehicle model is
presented in terms of shock and vibration isolation characteristics. A
generalized dliscrete harmonic 1linearization technique, ©based on
frequency domain llnearization methods is proposed to simulate nonllnear
vehicle models for stochastic exclitations. The equivalent llnear
stiffness and damplng coefficlients are derived as a function of
excitation frequency and response amplitude to characterlze the
nenlinear restoring and damping elements. The stochastic response of an
in-plane vehicle model with tunable passive shock absorbers 1s presented
and discussed in terms of response power spectral density.

5.2 Development of Vehicle Nodels

The two vehicle models, namely a quarter vehlcle model and an
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in-plane vehlcle meodel, are developed based on ldeal tunable pressure
limited shock absorber models, in order to simplify analysis of the
dynamlc rlde performance potentials of the tunable vehicle suspenslons.
The bulk modulus of the fluld 1s also assumed to be high and Iits
influence on ride performance is thus negligible.

5.2.1 A Quarter Vehicle Model

Shock and vibratlon isolatlon performance characteristics of a
primary wvehlcle suspenslion, employing a tunable pressure limlted shock
absorber, are Iinitlally investigated through analysis of a simplified
two-degrees-of-freedom vehicle model, often referred to as a "quarter
vehicle model" [110), and }s illustrated in Figure 5.1. The primary
vehicle suspension ls modeled as a parallel combination of a linear
spring, ks, and a tunable hydraulic shock absorber D. The tire |is
represented by a linear spring, kt' assuming point contact with the
terrain and negllgible damping. Sprung mass, m_, represents the portion
of the mass of the vehicle supported on a single wheel suspension, while
the mass due to wheel and axle assembly is modeled as an unsprung mass,
m. The sprung and unsprung masses of the vehicle are constrained to
move along the vertical axls alone. Assuming negligible friction, the
total dynamlc force generated by the tunable shock absorber includes a
restoring force due to the gas-spring and a dissipative force due to
orifice flows, as dlscussed earlier in Chapter 3. The equations of

motion of the two-DOF vehicle model are expressed as:

m x(t) +k z(t) + F(t) + f(t) =0 ) (5.1)
] 8 a d
m iéu(t) -k, z{t) ~ £ (t) - £ () + k, xu(t) =k, xi(tl (5.2)

where,
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FIGURE 5.1 Schematic of a quarter vehicle model

k'] 3l kaZ 12
% b
Ilnul mu2 |
c
it k Q
1l Q
xil xi2
FIGURE 5.2 Schematic of an in-plane bounce and plitch

vehlicle model
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X = vertlcal dlsplacement coordinate of sprung mass (m)
X = vertical displacement coordinate of unsprung mass (m)
X, = input dlisplacement at tire-road interface (m)

z =X =X, relative dlsplacement of suspension (m)

f = gas-spring force of shock absorber (N)

f = damplng force due to tunable shock absorber (N)

d
The force due to gas spring, f , 1s determined from equation (3.24),
while the tunable damping force, fd, is deflned in equations (3.17) and
(3.31), letting fd = f

a3’

5.2.2 An In-plane Vehicle Model

A two-axle road vehicle is modeled as an in-plane four-degree-of-
freedom dynamic system, employing tunable pressure limited shock
absorbers, as shown in Flgure 5.2. The vehlcle mass ls characterized by
sprung mass, m_ and plitch mass moment of inertla, Is about its center of
gravity. The front and rear axle assemblies are represented by unsprung
masses, mul and muz. respectively. The vehlcle mass is free to bounce
(xs) and pitch {ep). whlle each of the unsprung masses is constralined to
translate along the heave axis. Each vehlcle suspension is modeled as a
combination of linear spring, and nonlinear gas-spring and nonlinear
damping elements due to pressure limited shock absorber. The tires are
represented by linear springs and viscous dampers, assuming point
contact. Assuming a small attitude angle, the equations of motion of the
in-plane vehicle model are expressed as follows:

Bounce motlon of the sprung mass:

m'x'(t) + k“z1 + k‘zz2 + fs1(21’21't) + f.z(za,zz,t) =0 (5.3)
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Pitch motion of the sprung mass:

Inep(t) - kni !f zl(t) + k_z tr zztt)
- flltz‘,zl,t] £f + fsztza,zz.t) £r= 0 (5.4)

Bounce motion of the front unsprung mass:

mulxl(t) + ctlxi(t) + kllxltt] - kllzl(t) - f.i(zi.zl.t)

= ctix’i(t) + kt1x11(t) (5.5)

Bounce motjion of the rear unsprung mass:

muzxz(t} + ctzxztt) + ktzxztt) - k.zzz(t) - {sz[zz.zz.t)

= Ctlez(t) + ktlez(t] {5.6)
where,
m = gprung mass of the vehicle (kg)
Is = pitch mass moment of inertla of the vehicle (kg-mz)
mi = unsprung mass of front axle assembly (kg)
yz  UnSprung mass of rear axle assembly (kg)
X, = coordinate of bounce displacement of sprung mass (m)
ep = coordinate of pitch displacement of sprung mass (rad)
X %X, = coordinates of bounce displacements of front and rear
unsprung masses, respectively (m)
' X2 T input displacements at front and rear tire-road
interfaces, respectively (m)
ksl lic“2 = gtiffness coefficlents of front and rear suspension
springs, respectively (N/m)
e’ Ko T stiffness coefficients of front and rear tires,
respectively (N/m)
Coyt Cp damping coeffliclents of front and rear tires,

respectively (N+s/m)
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o
o
n

horizontal distances between sprung mass center and

front and rear axles, respectively {(m)

2,2z, = relative displacements of front and rear suspension.
respectively (m), glven by:
z =x -8 -x (5.7)
1 ] fp 1
z. =% +88 -x (5.8)
2 ] rp 2
f . f . = total dynamlc forces generated by the front and rear
] s

tunable shock absorbers, respectively (N)
The total dynamic force due to the ith tunable shock absorber is

comprised of gas spring and damping forces, as discussed in Chapter 3:

fop=f,; o)+ (z,t),  i=1,2 (5.9)
where,
f, = gas-spring force of ith shock absorber (N), as
expressed in equation (3.24)
fdI = dampling force due to tunable shock absorber (N), given
in equatlions (3.17) and (3.31), letting fdi = fﬁa'

5.3 Deterministic Analysis of Quarter Vehicle Model

The quarter vehicle model incorporating nonlinearities due to the
gas-spring, orifice damping and tunable sequential damping is analyzed
to determine the shock and vibration attenuation performance of a
primary vehicle suspension employing a tunable pressure limited shock
absorber, The differential equations of motion (5.1} and (5.2) are
solved, in conjunction with (3.17), (3.24) and (3.31), for determined
excltations via a numerical integration technique. The simulation
parameters of the quarter vehicle model are lllustrated in Table 5.1.

Dynamic ride performance of the quarter vehicle model employing tunable
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TABLE 5.1

Simulation Parameters of Quarter~Yehicle Model

SYMBOL DESCRIPTION A
m Sprung mass of the vehlcle 240 kg

mu Unsprung mass of the vehicle 36 kg

ks Suspension spring stiffness 16000 N/m
kt Stiffness coefficlent of tire 160000 N/m
p Mass density of fluid 797 kg/m’
Ap Area of piston on rod side 2.51x107° n®
A Area of rod cross sectlion 3.14x107% n°
Cdl' Cdz Discharge coeffliclents 0.7

a Area of orifice on the plston 3.14x10"° n°
a, Area of cylinder orifice 3.14x10"° n°
¥ Polytropic exponent 1.4

P, Atmospheric pressure 101300 Pa
P, Initial charge pressure 14x10° Pa
v, Initial gas volume 1.9x10"% n’
n Number of orifices on plston 2
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suspension s presented 1n terms of wvibration and shock lsclation
characteristics. The vibration isolation performance 1is evaluated
through vlbratlion transmissibility characteristics in the frequency
domaln, whlle the shock isclatlion performance of the tunable suspension
is analyzed in terms of its transient response characteristics to a road
bump input in the time domain.

5.3.1 Vibratlon Transmissibllity Chiracteristics

The vibration 1solation performance of the quarter vehicle model
employlng a tunable suspension Is evaluated for harmonic displacement
excltatlons at the tire-road interface. The vibration transmissiblility
is obtained by computing the ratlo of steady state response amplitude to
the excitation amplitude corresponding to excltation frequencies of
interest. The steady state response amplitude coirresponding to each
excitation frequency ls obtalned by selecting the maximum value of the
response after the response reaches the steady state in the simulation.
The ampllitude of displacement excitation is selected as 1.86><10_2 m.

The sprung mass velocity transmissibllity characteristics of the
vehicle model employing a tunable pressure limited shock absorber are
compared with those of the vehicle model employing a fixed oriflice shock
absorber, as presented in Flgure 5.3. Both the shock absorbers
considered In the simulation are assumed to have two identical piston
orifices, while a unit value of the tuning factor (v=1) is selected for
the tunable shock absorber., Figure 5.3 1llustrates that velocity
transmissibllity response of the vehlcle model with fixed orifice shock
absorber ylelds two peaks correspending to the resonant frequencies of

the sprung mass (.08 Hz) and unsprung mass (3.9 Hz) of the vehicle
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velocity transmissibility |*/R1|

3.00
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frequency {(Hz)
FIGURE 5.3 Velocity transmissiblility of sprung mass of

quarter vehicle model employing tunable and
fixed orifice shock absorbers

- 175 -



model, respectively. The large transmisslbllity response corresponding
to the resonance of the unsprung mass is attributed to the high value of
the fixed orifice damping, primarlly caused by flow through two plsten
orifices. The velocity transmissibility characteristics of the vehicle
model employing tunable shock absorber are identical to that of the
fixed orifice shock absorber at low excitation fregquencles. The tunable
shock absorber continues to dissipate vibration energy identically to
that of the fixed orifice shock absorber around the first resonant
frequency. However, as the excitation frequency and thus the relative
velocity response across the primary suspension increases, the pressure
differential across the plston increases. Flow modulation through the
pressure llmiting mechanism takes place when the pressure differential
exceeds the preset value. The pressure differential is held around the
preset value to 1limit the damping force due to the tunable pressure
limited shock absorber. The magnitude of damping force developed by the
tunable shock absorber 1s thus considerably smaller than that developed
by the fixed orifice shock absorber. The velocity transmissibility peak
corresponding to the wunsprung mass resonance frequency 1is thus
effectively attenuated by the tunable shock absorber, as shown in Figure
5.3. A comparison of response characteristics of the tunable and fixed
orifice shock absorbers reveals that the vibration isolation performance
of an adequately tuned pressure limited shock absorber 1s considerably
superior to that of the fixed orifice system at excitation frequencies
beyond the sprung mass resonant frequency.

The peak vibration transmissibility response of the vehicle model

with a fixed orifice shock absorber can also be suppressed by reducing
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the flow resistance and thus the effective damping. The displacement
transmissibility characteristics of the sprung mass employing a lightly
damped fixed orifice shock absorber (n=4) are compared with those of the
heavily damped fixed oriflce shock absorber (n=2) and the tunable shock
abscrber, as shown 1n Flgure 5.4, Although, the lightly damped flxed
orifice shock absorber effectively suppresses the peak ceirespondling to
unsprung mass  resonance, the peak transmissibillity response,
corresponding to the sprung mass resonance, lincreases considerably with
light damping. A comparison of displacement transmissibillity
characteristics of the fixed orifice shock absorbers [(n=2 and n=4) with
those of the tunable shock absorber (n=2 and w=1) reveals that the
tunable shock absorber can provide an appropriate contrel of the peak
responses corresponding to resonant frequencles of sprung and unsprung
masses. Figure 5.4 further reveals that the tunable shock absorber can
effectively attenuate terrain induced vibratlon at frequencies above the
sprung mass resonant frequency.

The vibration Isolation characteristics of the quarter vehicle
model employing tunable pressure limited shock absorber are moderately
related to the tuning factor. Figure 5.5 illustrates the influence of
the tuning factor on the velocity transmissibllity response of the
sprung mass. A low value of tuning factor (v=0.7) ylelds further
reduction in the transmissibllity response at higher exclitatlen
frequencies as shown in Flgure 5.5. A lower value of the tuning factor,
however, results in opening of the relief valves at relatively lower
excitation frequency, that may produce a large transmisslbility response

near the sprung mass resocnance due to insufficlent damping at resonance,
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FIGURE 5.4 Displacement transmissibility of sprung mass

of quarter vehicle model employing tunable and
fixed orifice shock absorbers
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A higher value of the tuning factor (v=1.5) results in opening of the
relief valves at relatlively higher excltatlon frequency and thus yields
higher response values at hlgher exclitation frequency. Figure 5.5
clearly demonstrates that a primary suspension system equipped with a
tunable shock absorber with the pressure tunable factor range,
0.7<v<1.5, offers considerable potential te achieve superlor vibratlion
isolation performance.

5.3.2 Transient Response Characteristics

Differential equatlons of motlon (5.1) and (5.2) are solved for
excitatlon arising from a road bump to determine the transient response
characteristics of the quarter vehicle model employing fixed orifice and
tunable pressure limited shock absorbers. A semi-circular road bump
input 1s schematically presented in Figure 5.6. Assuming constant
forward speed, the lnstantaneous horizontal location of the tire contact
point with respect to center line of the bump can be expressed as a

function of the vehicle speed

u{t) = u, v t (5.10)
where,
u = Instantaneous coordinate of the tire contact point (m)
u0 = initial position of vehicle away from the bump center (m)
v = constant forward speed of vehicle (m/s)
t = time (s)

The displacement excltation caused by a road bump of radius r, can be

expressed as:

x (t) = { V/_;E:—;E?;;- , —r= u(t) sr
!

0 v |utt}] > r

(5.11)
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instantaneous input displacement of the bump (m)

fl

X
1

r radius of the road bump (m)

The transient response characteristics of the quarter vehicle model
are evaluated for simulation parameters listed In Table 5.1, and
r=0.1016 m, us= - 0.2524 m, and v = 10 m/s. The transient displacement
response characteristics of sprung mass of the vehicle employling tunable
and fixed orifice shock absorbers, together with the history of the
input displacement, are presented in Figure 5.7. The total oriflice areas
of both shuck absorbers are selected to be identical (n=2), and the
tuning factor for the tunable shock absorber 1s selected as v=1. The
transient veloclity response characteristics of the sprung mass of the
quarter vehlcle model with tunable and fixed oriflce shock absorbers are
presented in Figure 5.8. Figures 5.7 and 5.8 reveal that the peak
displacement and velocity responses of the vehicle model employing a
tunable shock absorber are considerably smaller than that of the fixed
orifice shock absorber. For simulation parameters cconsidered in this
study, the fixed orifice shock absorber ylelds a peak sprung mass
displacement of 0.036 m compared with 0.020 m caused by the tunable
shock absorber. The peak sprung mass veloclty response of the quarter
vehicle model employing fixed orifice and tunable shock abscorber is
observed as 0.88 m/s and 0.36 m/s, respectively. Moreover, the translent
response of the tunable absorber is less oscillatory than that of the
fixed orifice one.

The transient displacement response of the unsprung mass, presented
in Figure 5.9, reveals that the initial peak displacement response due

to the tunable shock absorber is larger than that due to the fixed
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orifice one. FPowever, the successive peak values of displacement
respense of the unsprung mass due to tunable shock absorber are smaller
than those due to the fixed orifice., Moreover, the displacement response
of the unsprung mass with tunable shock absorber is less oscillatory
than that of the fixed orifice shock absorber.

The effectiveness of the tunable pressure limlted shock absorber s
further investigated for vehlcle speed, v=5 m/s, and different bump
heights (r=0.1016 m; r=0.1524 m). Figure 5.10 presents the transient
velocity response of the sprung mass of the quarter vehicle model
employing either fixed orifice or tunable shock absorbers. For the bump
height r=0.1524 m, the peak values of sprung mass veloclty response of
the quarter vehicle model employing fixed orifice and tunable shock
absorbers are observed to be 3.0 m/s and 0.9 m/s, respectively. For the
bump height r=0.1016 m, the peak values of the veloclty response due to
fixed orifice and tunable shock absorbers are observed to be 1.5 m/s and
0.5 m/s, respectlvely. The response characteristics, presented in Figure
5.10, clearly demonstrate that an appropriately tuned pressure limited
shock absorber contlinues to provide improved shock isolatlon performance
for a wide range of vehicle speeds and excitation levels,

5.4 Development of A Generalized Discrete Harmonic Linearization

Technique for Stochastic Analysls of Nonlinear Vehicle Models

Well established linear analytical tools provide a powerful and
convenient approach to carry out stochastic analyses of elther linear or
linearized systems (103, 112]. Equivalent linearization techniques are
frequently employed to evaluate the random response of nonlinear

mechanical systems using linear analytical tools [75]. In equivalent
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linearization techniques, a nonlinear system 1is replaced by a related
appropriate linear system according to specified criteria such that the
response characteristics of the Ilinearlzed system do not deviate
considerably from that of the nonlinear system [102].

A discrete harmonic linearization method, which is an extension of
the frequency domain linearization, introduced by Thomson [107], for the
stochastic analysis of nonlinear systems , was proposed by Rakheja et
al. [109]. The discrete harmonic linearization technique, based upon
balancing either average force or average energy dissipated per cycle,
has been appllied to simulate nenlinear systems with nonlinear coulomb
and velocity squared damping mechanisms. Nonlinear damping mechanisms
are characterized by an array of equlvalent local damping coefficients,
where each local constant 1s determined as a function of excitation
frequency, excltation amplitude and the properties of the nonlinearity.
Although, the discrete harmonlc linearization technique provides a
convenlent tool to evaluate the random response of nonlinearly damped
mechanical systems, treatment of nonlinear spring and varlable damping
mechanisms has not been addressed.

In this section, the discrete harmonic linearization technlque is
generallzed to obtaln linear representations of nonlinear conservative
as well as dissipative elements, based on the principle of energy
similarity of dynamic elements. The generalized discrete harmonic
linearlzation technique 1s then applied to characterize the tunable
shock absorber with nonlinear gas spring and variable orifice damping by
local equivalent stiffness and damping coefficients, respectively. The

stochastlc response of a nonlinear vehicle model employing tunable
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pressure 1limlted shock absorber 1s then evaluated wusing linear

stochastic analytical approach.

5.4.1 Princlple of Energy Similarlity of Dynamic Elements

It has been established that an equivalent viscous dampling
coefficient of a nonlinear damplng element can be obtalned by equating
the dissipated energy per cycle due to the nonlinear dissipative element
to that of a equlvalent viscous damper [107]. A conservatlve restoring
element, however, does not dissipate energy, it rather stores and
releases energy during a vibration cycle., The energy stored by a
conservative element during a vibration cycle is equal to the energy
released. The total energy due to the restoring element is thus zero.

On the other hand, the total amount of energy processed by a
conservative element In one complete cycle can be measured by summling
the absolute values of both the stored and released energles, as
described below.

Consider a dynamic element subjected to a harmonic excitation with
period T. Let f(t) be the force function of the dynamic element, z(t) be
the relative displacement across the element, and 2{t) be the derivatlve
of z with respect to time t. The energy processed by the dynamic element
can be determined usling the following definitions.

Definition 1:
A function f{t) is said to be in the same orientation in an

interval [tl_ . ti], if the slgn of the product of f(t) and z(t)

1

remains the same for t € [t1-1' t‘]. where |t1~1_ tsl s T.

Definition 2:

A processed energy Ep assoclated with a function f(t) 1s the
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sum of the absolute values of energy computed In all the same

orientation intervals [tl-i' t1] over the period T, that is

t
' rwza (5.12)
1 t

where

N
Z(t -t)=n1 (5.13)

It 1s obvious that a dynamic element, whether dissipative or
conservative, linear or nonlinear, can be characterized in terms of its
processed energy. The discrete harmenic linearizatlon technique can thus
be generalized for simulation of nonlinear dissipative as well as
conservative elements using the following principle of energy similarity

of dynamic elements:

Principle of Energy Similarity of Dynamic Elements:

A dynamic element is consldered to be equivalent to another
dynamic element in a sense of energy similarity, If their force
functions are of the same nature (dlisslipative or conservative) and

their processed energies are ldentlical.

A nonlinear mechanical system with nonlinear dissipative and/or
conservative elements can be, therefore, replaced by an equivalent
linear system, based on the above principle of energy similarity of
dynamic elements such that the processed energy of elements within the
linearized system does not devlate considerably from that of the
elements within the nonlinear system. The generallized discrete harmonic

linearization technique can thus be employed for simulation of nonlinear
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systems containing dlssipative as well as conservative nonlinear

elements using the above principle.

5.4.2 Computation of Equivalent Linear Coefficlents

Nenlinear dynamic elements within a mechanical system are
represented by their equivalent llnear elements, using the generallzed
discrete harmonic llnearization technlque. Coeffliclents of equivalent
linear elements are obtalned by equating the processed energy of
nonlinear dynamlc elements to that of equivalent linear elements of the
same nature (dissipative or conservative).

Assuming harmonic motion across a nonlinear dynamic element, the
nonlinear force, f(z.é,t). due to the nonllinear element can be
approximated by local equivalent stiffness and damping coefflclents,
where each local coefficient is valid in the vicinity of a selected

excitation frequency and excitatlon amplitude. The nonlinear force can

thus be approximated as:
fz,z,t) = ¢ (0,2) z(t) +k (w,2) 2{(t), J=1,...N (5.14)
J eq |} eq )

where z{(t) 1s the harmonic motion across the element at a discrete

excitation frequency wj. given by

z(t) = Z sin (wjt) (5.15)
Z is the amplitude of displacement across the element and N 1s the total
number of excltation frequencies. coq(wj,z) and koq(wj.z) are the local
equivalent damping and stiffneus coefficients, respectively,
corresponding to discrete frequency wj and relative dlsplacement

amplitude Z.

The local equivalent coeffliclents are establlshed by equatling the
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processed energy of the nonlinear element to that of an equlvalent
linear element of the same nature, at a discrete excltation frequency
such that each local coefficlent is wvalld around the vicinlity of a
selected excitation frequency and amplltude.

Vehicle models, presented in section 5.2, exhlbit suspension
nonlinearities due to orifice damplng, damplng modulation caused by a
pressure limlting mechanlsm, and a gas-spring. These suspension
nonlinearitles are expressed by their local equivalent stiffness and
damping —coefficlents,  using the |generalized discrete harmonic
linearization technique. The detalled methodology assoclated with
derivation of local equlvalent coefficlents is presented below.

Fixed Orifice Damper

Since the sign of the product of the orifice damping force and
relative velocity is always positlve for a complete vibration cycle, the
damplng force is In the same orientation interval for t e [O, Zn/wj].
The processed energy of an fixed orifice damper is then the energy
dissipated by the element per cycle and can thus be expressed by:

2n/w
E,(0,,2) = J'o £(t) zat (5.16)
where fd(t). the nonlinear damping force due to orifice flow, Iis
expressed in equation (3.23). The local equivalent damping coefficient
is then obtalned by equating the dissipated energy to that of a viscous

damper [107]:
ccq(wj,Z) = 8cawj Z/ 3n (5.17)

where c, is the nonlinear damping coefficlent of the orifice damper
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given by:
A L2
c, = P [a"] « (5.18)
2n Cdl 1
and
Cd1 2 na1 2, A 2
a=A+[C][a][Ar]A (5.19)
P a2 2 p/ T

Tunable Pressure Limited Damper

The tunable pressure limited damper is also an orifice damper,
however the orifice damplng varies due to flow modulation through the
pressure limiting mechanism. A tunable pressure limited damper can be
treated as a fixed orifice damper for a part of the vibration cycle when

the magnitude of the damping force, expressed in equation (3.31}, s

below the limiting force given by:

Fo= a(p12)o

The damping force due to tunable pressure limlted damper, however, 1s
held to around Fo during the remaining part of the cycle due to flow
modulation though the pressure limiting mechanism. Assuming a harmenic
response across the tunable damper, the damping force due to the
pressure limited hydraulic damper is illustrated in Figure 5.11. The
magnitude of damping force Iinitlally lIncreases proportional to the
square of the relative veloclity, as described by equations (3.17) and
(3.31). As the magnitude of damping force approaches the limiting value

Fo' the damping force is held constant as the relative velocity response

increases. The time, when the damping force approaches the limitling

value Fo‘ at to’ can be expressed as:
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FIGURE 5.11 Damping force of a tunable shock absorber
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F
- 1 -1{ 1 0
to = - sin [-—z ] (5.20)

The damping force is then held equal to Fo until the decrease in
relative velocity response ylelds a damping force less than the limiting
value, as shown in Figure 5.11. The processed energy, which is the total
energy dissipated by the tunable pressure limited shock absorber per

cycle, can thus be expressed as:

to /2w

. ¥,
E (w,2) =4 Ic 22dt + | F zdt (5.21)
d J o 2 to [+]

The local equivalent damping coefficlent is then obtained by equating

the processed energy to that of a linear viscous damper:

c (w,2} =
eq
SCZMJZ/SII ’ Ifdl <F0
(5.22)
4 3 2.2 1 3
Ea;z[caz 01(5 coswjt°+ 7cos wjto)+F02coquto], otherwise
Gas-spring

The nonlinear restoring force fa(z,t). expressed in equation
(3.24), due to the gas-spring within the shock absorber 1is expressed by
an array of local stiffness coefficlents by equating the processed
energy of the nonllinear restoring element to that of a linear spring.
The processed energy of a 1linear spring 1is first determined, as

illustrated below.

The force functlon fk due to a linear spring with stiffness

coefficient k is given by:

fk(z.t) =k z(t) (5.23)
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Since the llnear force fk is an odd functlon of displacement z and the
sign of product of displacement 2z and velocity z changes four tlmes
during each harmonic cycle, there exist, according to Definition 1
presented 1n section 5.4.1, four same orlentation Intervals associated
with the linear restoring force within a vibration cycle r=2n/wj. namely
(O, n/ZwJ]. [n/ZmJ, n/wj], [n/wj, Sn/ZwJ], and [3n/2wj, Zn/wJ]. The

processed energy of the linear spring, based on Definition 2 in section

5.4.1, 1s then expressed by:

/2w I n/wj
E(w,Z)=’If(z,t)édt +.J'r(z.t)édt +
k3 " | k
o
R/2W
J
3n/2w 2nsw
I flz,t) z dt |+ J' £ (z,t) z dt (5.24)
/W 3n/2w
J J
Integration of equation (5.24) yields
E =2k 2° (5.25)

k

Equation (5.25) reveals that the processed energy of the linear spring
is a function of the spring stiffness coefficlent, k, and amplitude of
displacement across the spring, 2.

It 1s apparent, from equation (3.24), that dynamlc nonlinear force
fa due to a gas-spring 1s an asymmetric function of the relative
displacement across the gas-spring, as shown in Fligure 5.12. Since the
nonlinear restoring force of gas-spring has the same sign as that of the
relative displacement, as shown in Figure 5.12, the vibration cycle can
also be divided into the four same orientation Intervals as In the case

of a linear spring. The processed energy of a gas-spring can, therefore,
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FIGURE 5.12 Gas-spring force of a shock absorber
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be established by computing the absolute values of the energy stored and
released over each the same orlentatlon lnterval, using the definitlions

presented in section 5.4.1:

1':/200-| n/wJ
E(w ,z) = I f (z,t) 2 dt | + I £ (z,t) z dt | +
k) o a a
/2w
3
3n/dw 2n/w
‘ J' fz,t) z dt | + J' £ (z,t) z dt (5.26)
y 3ns2
n UJ " UJ

where force function fn is expressed in equation (3.24). Conslidering two
cases of polytropic exponent for =1 and %1, the magnitude of the
processed energy of the gas-spring is obtained by integration of

equation (5.26), as given by:

ArZ ArZ
2p0Vo[ —ln[ 1 + v ] -1n[ 1 - v ]] . for =1
0 0
Ek = (5.27)
2p0V0 AZ i-7 A2 1-7
[2—(1+{,] —[1-’—] ] for y=1
v
1l - % o] o

Based on the principle of energy similarity of dynamic elements, the
local equivalent 1linear stiffness coefficient 1is then obtalned by
equating the processed energy of the gas-spring, expressed in equation

(5.27), to that of a linear spring, in equation (5.25):

pV AZ AZ
°°[-1n[1+’]~1n[1-"]] , for =1

Zz v Vo

kK (0 ,2) = (5.28)
aq V

P AZ 17y A2 17
o0 r r
[2 [1 + v ] -[1 - Vo ] ]. for 7+l
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5.4.3 Random Response Analyslis

A random road surface 1s often characterized by its power spectral
density (PSD), and the road vehlicle by 1its complex frequency response
function. The complex frequency response function of the vehlcle is used
as a transfer functlon operating on the road spectrum to derlve the
spectrum of vibratlon response of the vehicle moving at a specified
speed. Llnear vehicle models are convenlently expressed by thelr
frequency response functions in order to carry out random response
analyses. Nonlinear vehicle models, however, are described by frequency
response functions of thelr linear equlivalent models such that
convenlient linear analytlcal tools can be applied to evaluate random
responses of nonlinear vehicle models. The generallzed discrete harmonic
linearization technique can be applied to express the nonlinear vehicle
model by an array of local equivalent linear models, where each locally
equivalent model describes the nonlinear model's behavior 1n the
vicinity of a dlscrete frequency. The complex frequency response
function of the local equivalent model can thus be generated to be used
as the transfer function operating on the road spectrum.

Local equivalent representation of nonlinear vehlcle models \is
achieved through computation of local equivalent stiffness and damping
coefficients, using equations (5.16) through (5.28). Determination of
local equivalent constants, however, requires prior knowledge of the
relative respohse quantitles across the nonlinear elements corresponding
to a selected excltation frequency. Since these relatlive response
quantities are dependent upon exclitation amplitude, an iterative

algorithm is developed to compute the relative displacement response and
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thus the local constants corresponding to a specific excitatlon
frequency.

The iterative methodology initlally assumes the values of the local
equivalent coefficlents 1n order to formulate a linear model at a
selected exclitation frequency. The random road spectrum is discretized
te yield the excitatlon amplitude corresponding to the selected
excltatlon frequency. An input amplitude vector is estimated from the

input power spectral density in the following manner [105]:

wJ+Aw/2 172

x|(U5] =y J sl(w) dw (5.29)
wJ-Aw/z

where xl(wJ) is the excltation amplitude corresponding to the excitation
frequency wj. sl(w) 1s the input power spectral density, Aw is a small
frequency band around the center frequency wJ and ¥ is a constant. A

time history, xl(t) is then synthesized using sine serles approximation:

N
xl(t] = Z

(-1)? %X (0) sin(w t) (5.30)
[ i) )

1
where N is the total number of the discretized exclitation frequencies.

The assumed linear system ls then solved to compute the relative
response quantities using the estimated amplitude vector Xi(ij
Equations (5.16) through (5.28) are solved to determine local equivalent
coefficlents corresponding to selected frequency wj. For each nonlinear

dynamic element, an error vector between the assumed and computed values

of local equivalent coefficients is evaluated as:
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q ) eq )

. (5.31)
(@, 2) -k (w, 2)
eq |} eq }

(1]
0

k

where c:q and k:q are the 1initlally assumed local equivalent
coefficients, and ceq and keq are the local coefflcients establlshed
from equatlons (5.16) through (5.28). The assumed local equjvalent
coefficlents are updated and the iteratlve process is continued until
convergence s achleved. The Iiterative process 1s repeated for each
discrete excitation frequency to generate a compiete array of local
equivalent linear systems.

Although the nonlinear vehlicle model is characterlzed by its local
equivalent linear models using a deterministic approach, the generalized
discrete harmonic linearization can provide an accurate estimate of the
frequency response function as a functlon of dlscrete excltatlion

frequency and amplitude [109]. The estimated frequency response function

can then be used to determine the random response in the following

manner {11673:

— . T
st(wjll = [H(wj)] [sl(wj)l [H(wj)l (5.32)

where sx(wj) is the response spectral denslty and H(wj) is the complex
frequency response function at discrete excitatlon frequency wj. ‘*' and
‘T' denote complex conjugate and transpose, respectively. Equation
{5.32) 1lllustrates that random response is evaluated from the spectral
density of road roughness and the frequency response characterlstics of
the equivalent system corresponding to a local frequency “ﬂ' Thus a

deterministic excitatlon is assumed only to determine the frequency
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response characteristics of the nonlinear system. A flow dlagram of the

slmulation procedure is 1llustrated in Figure 5.13,

5.5 Stochastic Analysis of In~plane Vehlcle Model

The differential equations of motion, from (5.3) to (5.6},
describing the rlide dynamlcs of a two-axle vehicle employing tunable
pressure limited shock absorbers, are solved for stochastic excitations
originating from the randomly distributed road roughness. The stochastlc
response of the in-plane model a of two-axle vehicle ls evaluated using
the generalized harmonlc llnearization technique and the corresponding
simulation parameters are listed in Table 5.2. Random road roughness is
expressed by auto~ and cross-spectral densitles, assuming an
undeformable rcoad. The response characteristics of the vehlicle model are

presented and discussed in terms of response power spectral densitles,

5.5.1 Random Road Excitation

Road surfaces traversed by vehicles are random in nature. It has
been established that most road surface irregularities are normally
distributed and may be accurately described by a stationary random
process [117, 118]. The PSD of road roughness provides the essential
profile characteristics distributed over the frequency range of interest
and is thus sultable for analysis of the dynamic behavior of vehicle
systems. Spectral densities of road surfaces that closely approximate
available experimental data are described by [119]:

slu ) (u/u ) Y, o us H,
s{u} =

v (5.33)
slp)u/m) = w>p
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TABLE 5.2

Simulation Parameters of Tunable
In-plane Two Axle Vehlcle Suspension

PARAMETER
SYMBOL DESCRIPTION VALUE
m Sprung mass of the vehicle 1460 kg
I Pitch mass moment of inertia of 2460 kg-m2
# the suspension
L Unsprung mass of frent axle assembly| 80 kg
LI Unsprung mass of rear axle assembly| 71 kg
k 1,k ) Stiffness coefflicients of front and 39920,
| 5 rear suspension springs 35500 N/m
ktl. ‘2 Stiffness coefficients of front and 351000,
rear tlres 351000 N/m
c _, Damping coefficients of front and 800, BQO
t1' 2
rear tires N-s/m
£ Horizontal distance between front 1.0l m
f axle and sprung mass cg
2 Horlzontal distance between rear 1.803 m
r axle and sprung mass cg
A Area of piston on rod side 2.51x10"° m®
Ar Area of rod cross section 3.14)’:10"II m2
CM.Cdz Discharge coefficlients 0.7
al Area of plston orifice 13.14><10'-5 m2
a, Area of cylinder orifice 3.14x10"° n?
¥ Polytropic exponent 1.4
P, Initial charge pressure 14><10s Pa
v, Initial gas volume 1.9x10"* n°
n Number of piston orifices 2
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s(u) = spatlal spectral density of road roughness (mz/cycle)

M = gpattal frequency (cycles/m)

s(po) = roughness coefficient and amplitude of the spectral
density at reference spatial frequency My (ms/cycle]

M, = 1/2n, reference spatial frequency (cycles/m)

w_, W = constants characterizing road waviness
Assuming a constant forward speed v, the temporal spectral density of

road excitations can be expressed as [120]:

s(f) = s(u)/ v (5.34)
where,
s(f) = temporal spectral density of road roughness (m%/Hz)
v = constant forward speed of vehlicle (m/s)
f = ¢ v, temporal frequency (Hz)

The vehicle model, shown in Figure 5.2, 1s subjected to two
vertical excitations at the front and rear tire-terrain Iinterfaces,
respectively. Assumling that the rear wheel follows the same proflle as
the front one, the cross-spectral density of recad lnput can be then

expressed in terms of a time delay function:

srr(f) = s(f) exp(-i 2n f T) (5.35)

srr(f)= cross-spectral density of road input (m°/Hz)

T = time delay between the front and rear wheels (s), given by:
T=t [V (5.36)
£r = vehicle wheelbase (m)
r

and
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TABLE 5.3
Data of Random Road Input

PARAMETER
SYMBOL DESCRIPTION VALUE
s(p, } Roughness coefficient of road 252.8x10"°
° m 9cycle
w1 Road waviness constant one 2.1
v, Road waviness constant two 1.4
v Vehlcle travel speed 20 m/s
(f) =s_(f (5.37)
Srf - sfr( ) '
s.r(f) = complex conjugate of Sfr(f) (m°/Hz)
r

The temporal displacement spectral denslty matrix can be, therefore,

established and expressed as:

-y2nft
1 e
[s  (£)] = s(u) [ ] (5.38)

v 12ufT
e

where [sxl(f)] is the temporal displacement spectral density matrix of
the road excitation. Figure 5.14 illustrates the temporal displacement
PSD of the random road excitation, used for the response evaluatlion of
the vehicle model, and the corresponding parameters are presented in
Table 5.3. The road spectrum is discretized to yield the excltation
amplitude vector using equation (5.29). A synthesized time history is
generated based on the estimated input amplitude vector using equation
(5.30). The temporal power spectral density of synthesized time history
is estimated using a fast Fourier transform (FFT) and compared with the

displacement PSD of road roughness, as shown in Figure 5.14. It can be
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observed that the estimated displacement PSD correlates quite well with

displacement PSD of the road.

5.5.2 Dynamic Analysls of In-plane Vehlcle Model

The dynamic response of a nonlinear Iin-plane vehlcle model,
employing tunable shock absorbers, is evaluated using the generallzed
discrete harmonic linearization technlque. The nonlinearities assoclated
with the gas-spring, orlfice flow and the pressure limiting mechanism
are expressed by local equivalent stiffness and damping coefficlents.
The complex frequency response functlon matrix of the nonlinear vehicle
model is thus established as a function of local excitation frequency
and amplitude, as well as the preset limiting pressure value:

1

= 2 : .
CIOE ORI (RS wj[m]+wjlc°q]I n[[k‘]wllct}l (5.39)

X xm
where,
n = number of degrees of freedom of the vehicle model
m = pnumber of Iinput varlables
[Hl = complex frequency respcnse function matrix
i = v=1, unit imaginary number

[m) is the mass matrix, [keq} and [ceq] are nxn matrices of equivalent
stiffness and damplng coefflclients, respectively. [kt] and [ct] are nxm
matrices of stiffness and damping properties of the tires, respectively.
The PSD of the response variables 1s then computed for the random road

excltations in the following manner [116]:
- . T
[sx(wJ)Axn- [H(UJ.XI.(p 1] [sl(ij%xm (H [UJ'XI’(p12)o)ixn (5.40)}

12 0 nxm

where [sx] is the response PSD matrix. The dynamic ride performance of
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the tunable vehicle suspension is evaluated through power spectral
density characteristics of the vehicle response. The response chara-
cteristics are expressed and discussed 1n terms of the bounce and pitch
acceleration spectra of the sprung mass, and the vertical acceleration
spectra of the front and rear unsprung masses, respectively.

The PSD of the vertical and pltch acceleration response of the
vehicle sprung mass is computed for the tunable and flxed orifice shock
absorbers as shown 1In Figures 5.15 and 5.16, respectively. Identlcal
orifice sizes (n=2) have been selected for both tunable and fixed
orifice shock absorbers to demonstrate the effectiveness of the tunable
pressure limiting modulation. The pressure limiting factors of the front
and rear tunable shock abscrbers are selected to be identical and unit
(v=1). Figures 5.15 and 5.16 reveal that bounce and pltch acceleratlion
response of the vehicle with tunable suspenslion is identical to that of
the vehicle with fixed orifice shock absorbers at low excltation
frequencies. Since the relative velocity response and thus the pressure
differentlal across the plston is small at low frequencles, the tunable
shock abscrber acts as the fixed one due to ciosed relief wvalves.
However, the rellef valves open when the relative veloclty response
increases at higher exclitatlion frequencies, The pressure differential
across the shock absorber 1s then held around the preset pressure (piz)o
by the pressure relief mechanism, and the corresponding damplng force
generated by the tunable shock absorber is reduced. The peak bounce and
pitch acceleration response of the vehicle sprung mass with tunable
shock absorbers 1is, therefore, considerably lower than that of the

vehicle with fixed oriflce shock absorbers.
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pitch acceleration PSD ((rad/s%)%/Hz)
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A comparlson of the bounce and pitch acceleration PSD of the
vehicle model employing the tunable suspension with that of the flixed
orifice suspension reveals that the ride performance of the vehicle can
be improved considerably via the tunable shock absorbers in the
frequency range 1 to 10 Hz, which is known to be the frequency range to
which human body 1s most fatlgue sensitlive [111]. The pressure
differentlal approaches a low value due to almost insignificant road
excltation corresponding to frequencles above 10 Hz, as illustrated in
Figure 5.14. The fixed orifice and tunable shock absorbers, therefore,
yield identical vehicle ride response at higher frequenclies, as shown in
Figures 5.15 and 5.16.

The PSD of the vertical acceleration response of the front and rear
unsprung masses ls presented in Figures 5.17 and 5.18, respectively. The
tunable pressure limited shock absorbers tend to reduce the vertlcal
acceleration response of sprung as well as unsprung masses at excitation
frequencles above 1.1 Hz, where pressure limiting occurs, as shown in
Flgures 5.15 and 5.17. Fligures 5.17 and S5.18 clearly reveal that
vertical acceleration response of unsprung masses with tunable shock
absorbers 1s smaller than that of axles with fixed orifice shock
absorbers. The reduced damping due to pressure limiting shock absorbers,
however, can not suppress the unsprung mass resonance and thus yleld
larger acceleration PSD peaks around 9.5 Hz.

The vehicle ride response is strongly influenced by preset value of
the limiting pressure “ﬂz]o' The influence of the preset pressure on
the vehicle ride response is investigated by varying the value of the

tuning factor v of the tunable pressure limited shock absorber. The PSD
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of the bounce and pltch acceleration response of the sprung mass is
presented in Figures 5.19 and 5.20, respectively, for varlious values of
the tuning factor. A low value of pressure tuning factor (v=0.8) ylelds
a further reduction of both bounce and plitch acceleration response in
the frequency range 1.5 - 10 Hz. However, a lower value of pressure
tuning factor induces a large resonant peak, around 1 Hz, due to reduced
suspension damping. A high value of the pressure limiting factor (v=1.2)
yields poor vertical and pitch ride when compared with the wvehicle
response for a lower value of the tuning factor. However, a high value
of the tuning factor suppresses the resonant peak caused by the
suspension system with lower preset pressure. A comparison of the
response characteristics of the tunable shock absorber with that of the
fixed orifice shock absorber reveals that a higher value of the limiting
factor can still provide a considerable improvement in vehicle ride
performance, in the frequency range 1 to 10 Hz.

The random response characteristics of the vehlicle are influenced
not only by the lnput power spectral density but also by cross coupling
between the axles. The coupling effects may be altered by varying the
suspension parameters. A further improvement in vehicle ride response
may be realized by appropriately tuning of the front and rear
suspensions. The influence of front and rear suspenslon parameters on
the vehicle ride quallity 1is investigated for three shock absorber
configurations: fixed orifice; identlcally tuned front and rear shock
absorbers (vr=vr=1); and front and rear shock absorbers with different
preset pressure (V;=1- vr=0.7). The bounce and pitch acceleration PSD

response characteristics of the vehicle sprung mass with the above three
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confligurations are presented in Flgures 5.21 and 5.22, respectively. A
comparison of both bounce and pitch acceleration PSD response shows that
the tunable shock absorber with identical pressure limiting factor
ylelds improved ride response as compared with the fixed one 1n the
frequency range from 1 to 10 Hz. The PSD of the vertlical acceleration
response, shown in Figure 5.21, reveals that the selected tuning
parameters (vr=1. vr=0.7] yield poor bounce ride at lower frequencics,
whlle the vertical ride of the vehicle is improved around the higher
frequencles. The pitch acceleration PSD response of the tunable vehicle
suspension, however, can be improved in the frequercy range 1 to 10 Hz
by selecting different tuning parameters, as shown in Figure 5.22.
5.6 Summary

Dynamic analyses of two vehicle models, employing tunable pressure
limited shock absorbers, are carried out for deterministic and
stochastlc excitations. The quarter vehlcle model is first evaluated for
deterministic analysis in the time and frequency domains. The ride
dynamics of the quarter vehlcle model are presented In terms of shock
and vibration isolation characteristics to demonstrate the performance
benefits of tunable pressure limited shock absorbers. A generalized
discrete harmonlic linearization technique is proposed, based on the
principle of energy similarity of dynamic elements, to carry out
stochastic analysis of a nonlinear vehicle model. The equivalent linear
coefficients of the nonlinear vehicle model are derived for the
nonllnear restoring as well as damping elements, using the generallized
discrete harmonic 1linearization technique. The stochastic response

characteristics of an in-plane vehicle model with tunable pressure
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limited shock absorbers are evaluated and compared with those of the
vehicle model with fixed orifice shock absorbers. The results presented
in this chapter reveal that the vehicle ride in the frequency range 1 -

10 Hz can be improved considerably by using tunable pressure limited

shock absorbers.

- 221 -



CHAPTER 6

ANALYSIS OF AN INTERCONNECTED SUSPENSION
WITH TUNABLE DAMPING CONTROL

6.1 Introduction

Handlling, control and ride quality of road vehicles pose conflict
requirements on vehlcle suspensions. A comfortable ride demands a
suspension system that can provide effective shock and vibration
isoclation performance. Effective 1sclation of shock and vibration,
Induced by road surface irregularities, requires not only a soft
suspension %but also appropriate variable damping characteristics.
Adequate directional control and handling performance of road vehicles
require a stiffer suspension to reduce roll angle at the wheel 1iftoff
condition. An stiffer suspension 1s essential to enhance the rollover
threshold value and thus static roll stability of road vehicles [121].
Vehicle suspension designs are thus carried out to achieve a compromise
between ride quality and handling and control performance of road
vehicles. Auxlliary roll stiffness mechanisms are often introduced to
increase effective roll stiffness and thus a vehicle's rollover
threshold value. Addition of roll stiffness, however, deterlorates the
vehicle ride quality.

Interconnected passive and active vehicle suspensions have been
proposed to achieve improved vehicle ride as well as handling and
control performance. Interconnected suspension systems are configured
via fluid coupling between the hydraulic struts of suspensions, either
within an axle or on front and rear axles [65, 66]. Felez and Vera [65)

Investigated interconnected passive and active hydro-pneumatic



suspension systems for their ride and roll response characteristics. The
gtudy demonstrated an improved vehlcle handling and control performance
of the Interconnected suspensions. Moulton and Best [66] proposed an
interconnected suspension system with rubber springs, and demonstrated
an improved load distribution control of the vehicle. Horton and Crolla
{69] 1investigated Iinterconnected suspenslons Incorporating actlve and
semi-active feedback mechanisms. A mechanical linkage mechanlsm was used
to control the hydraulic servo valve and thus the stiffness and damping
characterlistics of the suspension. The study indlcated improved ride
comfort and attlitude control of the vehicle. It has been establlshed
that the effective roll stiffness and rollover threshold value of
vehicles can be improved via an interconnected vehlicle suspension, whlle
the improved ride quality can be achleved by varlable damping
characteristics via active or seml-active means. Therefore, improvement
in vehicle ride can also be achleved via damping control using a tunable
pressure limiting mechanism. The interconnections between hydraulic
suspension struts provide an enhanced anti-roll capability and thus
static roll stabillity, while the tunable pressure limiting mechanlsm
between the strut and accumulator of the suspension offers sequential
damping to improve shock and vibratlon isclation performance of road
vehlicles.

In this chapter, an Interconnected hydro-pneumatlc suspenslon with
tunable passive pressure limiting mechanism 1is investligated to achieve
overall suspension performance. A roll plane model of a road vehicle,
incorporating hydraulically interconnected suspension struts within a

beam axle, is developed. Rlde quality and static roll stability
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performance potentials of two Interconnected suspension struts, located
at the right and left tracks of the vehicle, are Investigated via
computer simulations. Performance characteristics of the interconnected
vehicle suspension with tunable dampling ccntrol are compared with those
of an interconnected suspens!on with fixed orifice damping valves and an
independent strut suspension.

Roll plane models of vehicles, employing Independent and
interconnected suspensions with a beam axle, are first analyzed assuming
a high fluid bulk modulus. Fundamental characteristics of an Inter-
connected suspension are derived; specifically the influence of fluld
coupling and feedback effects are discussed through analysis of these
simplified models., A comprehensive analytical model of a modiflied
tunable iInterconnected hydro-pneumatlc suspension 1s developed,
incorporating the dynamics of the pressure limiting mechanism, as well
as fluid and mechanlical compliance.

The static roll stabllity and the ride performance of the
interconnected hydro-pneumatlic suspension are analyzed through computer
simulation. The roll stability of the suspension systems 1ls evaluated in
terms of the roll response of the sprung mass during constant radius
turns. Rlde performance ls established in terms of shock and vibration
1solatlion characteristics of the suspension subject to road excitations.
The Influence of effective bulk modulus and the dynamics of the tunable
relilef walves on the dynamic performance of the modified tunable
interconnected suspension is presented and discussed.

6.2 Development of Roll Plane Vehicle Model

The roll plane model of a road vehicle, consisting of a beam axle,
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is presented Iin Flgure 6.1. The primary vehicle suspension 1Is
represented by nonlinear springs [k'L and k-r]and dampers (c.L and c.r).
The tires are represented by linear spring and damper elements (ktc'
ktr, €. and ctr), assuming point contact in the roll plane. Excitations
to the roll plane model Include vertlical excltation at the tlre-terrailn
interface due to road roughness and a roll moment T¢(t) of the sprung
mass caused by centrifugal forces about the roll center during a turning
maneuver.

Assuming small vibration of the roll plane vehlcle model and a
fixed height of the roll center of the sprung mass, the equatlions of

motion of the roll plane model can be derived as follows:

Bounce motion of the sprung mass:

mlxs(t] + ka[ZL't) + de(zL.t) + fkr[zr,t} + fdr(zr.t) =0 (6.1)

Roll motion of the sprung mass:

Il¢s(t) - [fkc(zt't} + de(zL.t)] EL + [fkr(zr.t) + fdr(zr,t)]£r

= t
T¢( ) (6.2)

Bounce motion of the unsprung mass:

maxu(t) - [fu(zL.t) + fd‘_(zt,t)] - [fkr[zr.t) + fdr(zr.t)]

= - [kl.(.zlt.(t) * CthlL(t]] - [ktrzlr(t} * ctrzlr{t)] (6.3)

Roll motlon of the unsprung mass:

Iziﬁu(t) +If, (z )+ f (2 ,0)) & - [f (z ,t)+f (z ,t}]¢

= [ktcz1a(t) + cttzit(t)] tuc- [ktrz‘r(t) + ctrzlr(t)] lvr (6.4)

where,

m, = sprung mass of the vehicle (kg)
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I = roll mass moment of lnertia of sprung mass about the roll
center (kg-mz)

m = unsprung mass of the beam axle assembly (kg)

I = roll mass moment of 1lnertia of the beam axle

assembly (kg-mz)

X X = general coordinates characterlizing bounce displacements

of the sprung and unsprung masses, respectively (m)

b, P = general coordinates characterizing roll angles of the

sprung and unsprung masses, respectively (rad)

kL,fkr = restoring forces due to the left and right suspension
struts, respectively (N)
fdt’fdr = damping forces due to the left and right suspension
struts, respectively (N)
Ts¢ = total external moment acting on sprung mass (N-m)
t-L,kh_ = sgtiffness coefficients of the tires (N/m)
Coo' S = damping coefflcients of the tires (N-s/m)
EL, Er = lateral distances from the struts to the center of
gravity of the sprung mass (m)
b T lateral distances from the tires to the center of gravity

of the unsprung mass (m)
and

N
]

[xl - £L¢l) - (xu - lr¢u)

N
il

(xs * tr¢|) - (xu * 8r¢u)

z
i¢

(xu - Lut‘pu] - xlt.

A

ir (xu * £Hr¢u) - X

ir
The simulation parameters of the rell plane model of the vehicle are

presented in Table 6.1,

The generalized coordinates and excitations can be expressed by
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TABLE 6.1

Simulation Parameters of
the Rell Plane Vehicle Model

DESCRIPTION P VALUEER
Sprung mass 1460 kg

Unsprung mass of beam axle assembly| 120 kg

Roll mass moment of inertia of 2020 kg-m2
sprung mass about roll centre

Roll mass moment of inertia of 140 kg-m2
beam axle assembly

Lateral distances from left and 0.6, 0.ém
right struts to sprung mass cg.

Lateral distances from tires to 1.25, 1.25 m

unsprung mass cg.

Stiffness coefficlents of left and 451000,

right tires 451000 N/m
Damping coefficlents of left and 200, 200
right tires N-s/m
Height of sprung mass center above 1.2 m

the ground

Height of sprung mass center with 1.4 m

respect to roll center
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the following vectors:

{x} =[x x ¢ ¢u]T (6.5)
]T

{xl} = [xit xlr

(6.6)

where T denotes transpose. The relative displacements vectors:

{z} = “ d {z} iE 7)
z} = ” an zl = 2 {6.
r ir

can be expressed in terms of general coordinate and input vectors by:
{z} = [T2M] {x} (6.8)
{zl} = [TaM1] {x} + [T2M2] {xl} (6.9)

where [TZM], [TZM1] and [TZM2] are coordinate transformation matrices

given by:
1 -1 -t ¢
(T2M] = ¢ (6.10)
1 -1 £ e/
r r
0 1 0 -t
[TZM1) = “t (6.11)
0o 1 0 ¢
wr
and
-1 ©
[T2M2) = (6.12)
0 -1

Equations (6.1) through (6.4), in general, describe the dynamics of
a vehicle in the roll plane. While the equations of motion for the roll
plane model are retained in the same form, the suspension forces can be
considerably different for varying types of suspensions and assocliated
modeling assumptions. Independent, interconnected and tunable
interconnected hydro-pneumatic vehlicle suspenslons are systematically

modeled in the following sections in order to derive thelr respectlve

forces.
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6.3 Modeling of Independent Hydro-pneumatic Suspension

The schematic dlagram of a hydro-pneumatic shock absorber,
comprising a hydraullc strut, an accumulator and a damping restriction,
is shown In Figure 6.2. The chamber I of the hydraulic strut is assumed
to be open to atmosphere, while chamber Il contains pressurized
hydraulle fluid. The accumulator, chamber III, 1'-. 'ues a separator to
prevent the gas from diffusing into the fluld. Elastic dlaphragms or
floating plstons are often used in the accumulator to separate the gas
from the hydraulic fluld. The roll plane model of the vehicle
incorporating independent hydro-pneumatic suspension with a beam axle is
presented in Flgure 6.3. Slmulation parameters of the hydro-pneumatic

suspension employed in the vehlcle model are listed in Table 6.2.

6.3.1 Static Equilibrium Equations

The Iinternal pressure of the hydro-pneumatic suspension, with
respect to atmospheric pressure P, corresponding to the static
equilibrium, 1is determined from the static load transferred to the
suspenslon. Assuming negllgible mass due to the separator, the internal

static pressure can be expressed as:

Poy =W, 74, W=brT) (6.13)
where,
£, r = subscripts referring to left and right suspension units,
respectively
pOJ = static internal pressure of suspension strut j (Pa)
ACJ = piston area of suspension strut ] (n?)
W = static load acting on suspension strut j (N)
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TABLE 6.2

Simulation Parameters of Hydro-pneumatic Suspension

PARAMETER
SYMBOL DESCRIPTION VALUE
p Mass density of fluid 797 kg/m"
Cd Discharge coefflcient 0.7
7 polytropic exponent 1.4
P,. Atmospherlc pressure 101300 Pa
a
, A Piston areas 9.5x19;3,2
et er 9.5x10™" m
a e Orifice areas S.IxIQ;S,z
e 5.1x10"° m
P . P Initial charge pressure 12.0x195 )
st er 12.0x10° Pa
vV , Vv Initial gas volume 1.5x10;3,3
at’ er 1.5x107° m
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and

W=—> T and W=—1 " (6.14)

Assuming a polytropic process, the statlc pressure can be related to the

Initial charge pressure of the accumulator:

Py, ng = b, VZJ . U=t (6.15)
where,
VOJ = static volume of gas chamber (m”)
pBJ = inlitial charge pressure (Pa)
Vaj = 1initial volume of gas chamber (m°)
1 = pclytroplc exponent, 1 = ¥ % 1.4, y=1 for an isothermal

process, und y=1.4 for an adlabatic process

The static deflec® _on, XBLJ of the suspension strut 1s then derlived as:

=V -V AL gt (6.16)

X

st) aj c)

Simultaneous solutioen to equations (6.13) to (6.16) ylelds static values
of the pressure, volume and deflection of the hydro-pneumatlic

suspension, corresponding to the static equilibrium position.

6.3.2 Fluid Flow Equations

The rate of change of flulid volume in chamber II, caused by relative

motion across the hydro-pneumatic suspension is given by:

szj = ch zJ ' (J=12¢8¢ 1) (6.17)
where,
Q 2) = rate of change of fluld volume in chamber II of
m.
suspension strut j (m/s)
z = relative veloclity across suspension strut j (m/s)
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Assuming turbulent fluid flow, flow through the orifice between the

strut and the accumulator can be expressed 1n the followlng manner:

- 2 |p,,,| =
Qz3J = Cd a1J B 234 sgn(p23jl , h=¢ 1) (6.18)
P
where,
Q231 = volume flow rate through the orifice between chambers Il
to 111 (m>/s)
Cd = dlischarge coefflcient
') = orifice area (m°)
p = mass density of fluld (kg/m’)
P = p - p ., pressure differential between chambers a and b
ab) aj b}

of suspension strut j (Pa)

_ +1, ()=zo0
sgn{-) =
'—lv(')<0

Assuming incompressible fluid, the fluid continuity equation is glven
by:

Q.. =Q ' (J=¢ r} (6.19)

6.3.3 Pressure Equations

Equations (6.17) to (6.19) yleld the pressure differential due to

the orifice restriction:

-]
p Az
el ) .
P = — | ———— | sgn{ z2) , (J=¢ r) (6.20}
a5 [ C, a,, ] ]

Assuming a polytroplc process, the instantanecus pressure and volume of

the gas are related to the static values:

p vio= p v’ , (1 =¢ r) (6.21)
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where,

el
0

3y instantaneous pressure of gas in chamber III (Pa)

It

V3J Instantaneous volume of gas in chamber TII (ma]. glven by

V.. =V + A = .
a3 03 e zJ , J=¢$ r) (6.22)

From equations (6.21) and (6.22), the gas pressure can be related to

relative displacement across the suspension system:

0)

v ¥
p, =|————}|p,. WU=4 1) (6.23)
3 [v +Az] o

o) c) J

and the pressure differential, pao]' is expressed as:

vY¥io(v +a 27
b = 0J 0) i}
30}

P.. (J=¢& r) (6.24)
(v +A z)7 ] 0J
0} e 3

6.3.4 Dynamic Forces of Independent Suspension

The total dynamic force generated by the Independent strut
hydro-pneumatic suspension, with respect to the static equillbrium

position, is established from the fluld pressure acting upon the piston:

fdsj = (paj - poj] AcJ , (j=2¢8 r) (6.25)
where,
fdsj = total dynamic force of suspension strut j (N)
p2J = Instantaneous fluid pressure in chamber Il (Pa)

Equation (6.25) can be expressed in terms of pressure differentlals,

through simple manipulatlons:

fdﬁj = pza] ch * ijJ ch ’ (J=¢ r) (6.26)

Substituting for P,y and pm‘1 from equations (6.20) and (6.24) ylelds:

J
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[}

3 . _ e, ‘
fdﬂj(zj. zJ. t) fdJ(zJ. t) + faj(zj' t) , (J r) (6.27)

where faj(zj. t) and fdj(ij, t) are restoring and damping forces,

respectively, given by:

v07 -V, Az ¥

£ (z, t) = ) ] J Poy Ay + =t 1) (6.28)

ay (V. +A z)7

0) e3”)
fel Az 2
. cj J .

= — | =2 2 , = ¢, r) 6.29
rdj(zj. t) . [ 3 aij ] Ac] sgnl( zJ] (3 r ( )|

Equations (6.27) to (6.29) reveal that the total dynamic force generated
due to the hydro-pneumatic suspension comprises a restoring force due to
the gas chamber and a damping force caused by orifice flows. The
restoring and damping forces are nonlinear functions of the relative
displacement and veloclity, respectively, across the hydro-pneumatic
suspension, Equations of motion of the roll plane model of the vehicle
employing independent hydro-pneumatic suspension can then be obtained by
substltuting for stiffness (fkj = f ) and damplng forces, equations

aj
(6.28) and (6.29), into equations (6.1) to (6.4).

6.4 Modeling of Interconnected Hydro-pneumatic Suspension

The rell plane model of an interconnected hydro-pneumatic
suspenslon is presented 1ln Figure 6.4, Two hydraulic suspenslion struts
are linked via connecting plipes, as illustrated in Figure 6.4. The upper
chamber of hydraulic strut located on the left side of the axle (chamber
IIL) is connected to lower chamber of hydraulic strut located on the
right side of the axie (chamber Ir). The lower chamber of the left strut

(IL) is connected to the upper chamber of the right strut (IIr). Fluid
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couplings between right and left hydraullc suspension struts yield a
fluld feedback effect that influences both static and dynamic
characteristics of the interconnected suspension. An analytical model of
the suspension is thus developed to include the static and dynamlc
effects of the overall interconnected system. Simulation parameters of

the interconnected hydro-pneumatic suspension are listed in Table 6.3.

6.4.1 Static Equilibrium Equatlons

Static loads acting upon the left and right suspension struts are
balanced by the reaction forces established from internal pressures in
all the chambers. The force balancing equations for the interconnected

hydro-pneumatlc suspenslon are expressed by:

Paro Ace ™ Prol Ao A < M, (6.30)
pzro Acr - per( Acr_ Arr) = ur (6.31)
where,
P. . P = statlc pressures in chambers I and II, of left
10’ 2o L L
suspenslon strut, respectively (Pa)
Piro' Paro = static pressures in chambers Ir and IIr of right
suspension strut, respectively (Pa)
AcL, Acr = pliston areas of left and right suspension
struts, respectively (n°)
Arl. Arr = rod cross section areas of left and right
suspension struts, respectively (mz)
HL, wr = static loads on left and right suspension struts

{N), as expressed in equation (6.14)
In view of the connections between the right and left suspenslon struts,

the statlc pressures in the connected chambers should be identlcal
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TABLE 6.3

Simulation Parameter:. of Interconnected

Hydro-pneumatic Suspension

PARAMETER
SYMBOL DESCRIPTION VALUE
p Mass density of fluid 797 kg/m°
" Absolute viscosity of fluld 0.006 N:s/m°
D Inside dlameter of pilpe 0.02 m
L Length of connecting pipe 1.2 m
Cd Discharge coefficient 0.7
¥ Polytropic exponent 1.4
P, Atmospheric pressure 101300 Pa
oA Piston areas 9.5x10;3,2
¢ er 9.5x10™" m
A, A Cross section area of rod 5.0x10" 7,
ri re -3 2
5.0x10 m
a, . 2, | Orifice areas 5.1x10_%,
i 5.1x10"° m
P,.' P Initial charge pressure 12.0x195.
& ar 12.0x10" Pa
Vo,V Initial gas volume 1.5x107,
all er 1.5x107° m
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[113]. The following constrailnt equations are thus derlved corresponding
to the static equillbrium position:

= 6.3
Paeo P (6.32)

= = 6.33
per p3r0 pl Lo ( )

Ass'.ing a polytropic process, the static value of fluld pressure can be

related to the initlal gas charge pressure:

7 _ 7
Pio VOL Pat Vac (6.34)
¥ o_ Y
P3ro VOr = Par Var (6.35)
where,
Voor Yo, = statlc volumes of gas chambers (m°)
P, P, = initial charge pressures {Pa)
Vnt, Vnr = initial velumes of gas chambers (m3}

The statlc deflectlons of the suspension struts are derived as

functions of the volume changes of the gas chambers and are given by:

A X -(A -A )X =(V -V ) (6.36)
cl sti cr rr str at oL

B (Acl. - ArL) xstL * Acr xst.r = (var B VOI‘) (6.37)

where Xitt and Xsu” static deflections of left and right suspensicn

struts respectively, are derlived from equations (6.36) and (6.37):

= (vnt— VOL) Acr * (Var_ vOr)(Acr_ Arr] (6 38)
st A A —(A ~A JA —A)
cl cr cl rt cr rr
(V -~V JA +(V -V ) -A )
. = ar or cl atl oL ct ré (6.39)
A A —(A —A A —-A )
cl «cr ct ri cr rr

Simultanecus solutlon to the nonlinear algebralc equations (6.30) to

(6.39), by using an Iiteration method, ylelds the static values of
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pressure, volume and deflectlon of the interconnected hydro-pneumatic
suspension corresponding to the static equllibrium positlon.

6.4.2 Fluid Flow Equallons

The fluld flows within the interconnected suspension include the
flows through orifices, flows through connecting plipes and flows due to
plston movements. Assuming a high bulk modulus of fluld, the fluid flows
due to fluid compresslibility are neglected. The relationships among the
various volume flow rates are established from fluld contlnuity
equations, based on the law of conservation of mass.

Assuming turbulent flows through the oriflice restrictlions between
the struts and the accumulators, the volume flow rates through the
orifices in the left and right suspension units are related to pressure

differentials across the orifices, in the followling manner:

- 2 {p,, |
Q23L = Cd a, 23t sgn(pzat) . {(6.40)
o]
- 2 |p,, |
Q23r = Cd a, 23r sgn(paar) . (6.41)
P
where,
Qzan' Q23r = flow rates through orifices between Chambers IIL and
IIIt and between IIr and IIIr. respectively (ms/s)
a2, = orifice areas of left and right suspension units,

respectively (n%)
Assuming laminar fluld flow tlLrough interconnecting pipes, volume
flow rates through the pipes are expressed, for two ldentical

interconnecting pipes in length L and diameter D, as follows [114]:
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n D4

Q = ——— P (6.42)
2L1r 128 pu L 2Lir
4
Q. = D P,y (6.43)
v 128 p L "t
Q = flow rate from chamber II to chamber I (m’/s)
2L1ir L r
Q = flow rate from chamber II to chamber I (m/s)
2riL r L
H = absolute viscosity of fluid (N-s/& )
P, = P, P, Pressure differential (Pa)
= - d
P,ye p, “P, » Pressure ifferential (Pa)

The laminar fluid assumption 1s verified by computing the Reynolds

number, R, by using the following equation [114]:

- 4p0Q
R———n“D (6.44)

Since the diameters of the Interconnecting pipes are much larger than
that of the orifices, it is found that the Reynolds number is much less
than 2000 for the simulations in this study. The assumption of laminar
flow in the connecting pipes can therefore be Jjustified.

The rates of change of fluid volume in chambers I of the left and
right suspension struts are related to thelr relative velocitles as

expressed by, respectlvely,

let. = (Acl. - APL) zt(t) (6.45)
Q. =(A —A ) z(t) (6.46)
mir cr T r
inL = rate of change of fluid volume in chamber It (m>/s)
inr = rate of change of fluld volume in chamber Ir (ma/s)

Assuming incompressible fluld, the fluid continuity yields the following

flows equations for chambers IL and Ir:
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ey Py

Q-lc * Q2r1L =0 (6.47)
Qnir * Qzl.ir =0 (6.48)
where Qn:t' er:b, Q-“_ and Qzur are expressed in equatlions (6.45),

(6.43), (6.46) and (6.42), respectively.

The respective rates of change of fluld volumes in chambers Il of

the left and right suspension struts, related to thelr piston movement,

are expressed as:

szz = AcL zL(t) (6.49)
=A_ z(t) (6.50)
m2r cr r
szL = rate of change of fluld volume In chamber IIL (mafs)
szr = rate of change of fluid volume in chamber IIr (n’/s)

The flow rates related to chambers IIL and IIr are constralne' by the

fluid continuity equation expressed as, respectively:

ane * Q2L1r * QZBL =0 (6.51)
Qer * QZrlL ¥ Q23r =0 (6.52)

where szu' Q2L1r and 023L are expressed in Equatlions (6.49), (6.42) and
(6.40), and Q_, Q and Q in (6.50), (6.43) and (6.41),
m2r 2ritd 23r

respectively.

The rates of change of gas volumes in chambers IIIL and IIIr are

expressed, respectively, by

dvac

Qm3t = (6.53)
dt
dVar

e (6.54)
dt

where,
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= rate of change of gas volume in chamber IIIL (m/s)

m3L

5 = rate of change of gas volume in chamber IIIr (m/s)
m

s = instantaneous gas volume in chamber IIIc (n°)
V3r = instantaneous gas volume in chamber IIIr (ma)

The rates of change of gas volumes are further related to volume f{low

rates through the oriflices, respectively:
230 Qn3L (6.55)

23r Qm3r (6.56)

where Q23L and Q. 2are expressed in equations (6.40) and (6.53), and

Q23r and Qmar in equations (6.41) and (6.54), respectively.

6€.4.3 Pressure Equations

The fluld pressures in varlous chambers of the interconnected
hydro-pneumatic suspenslon are derived in terms of ©pressure
differentials due to orlfice and pipe flows. The pressure differentials
due to orifice flows in the lzft and right suspension units are obtained

from equations (6.40) and (6.41), respectively, as:

o Qaae )’
Pp,, =— | — | sen(@,,) (6.57)
23¢
2\ C a |
d 2t
’ 2
L e Q) (6.58)
Paar 5 C a SE0 1 Naar )
v d 2r /
where volume flow rate, Qzat' 1s derived from equations (6.51), (6.46),
(6.48) and (6.49):
Q,, =- AcL zL(t) + (Acr - Arr) zr(t) (6.59)

Volume flow rate, Qaar' s similarly derived from equation (6.52),

(6.45), (6.47) and (6.50):
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(6.60)

Q,, =-A_Zz(t)+ (A ~A )z

due to laminar flows through the

The pressure differentlals

obtained from equations (6.42) and (6.43),

connecting plpes are

respectively, as:

_ 128 p L
pztir - D‘ Qatir (6.61)

_128ulL

Porge © 4 2r1t
nD

(6.62)

d Q " derived from equatlons (6.48)

wrere volume flow rates, Q2L1r an 2r
and (6.46), and (6.47) and (6.45), respectively, are expressed as:

- (A —-A ) z(t) (6.63)
cr rr r

talr
(6.64)

ey =~ (AcL - ArL) zt(t)

Instantaneous gas pressures in the accumulators are establlshed,
assuming polytropic processes. For the left and right accumulators, the

pressures in chamber IIIL and IIIr are expressed as follows:

V.7
ot ] (6.65)

pat = paco [ Y
3t

= or
p3r p3r0 v

v ¥
] (6.66)

ar

where,
P, P, = instantaneous pressures in chambers IIIL and IIIr,
respectively (Pa)
P.o’ Paro™ static pressures in chambers IIIL and IIIr.
respectively (Pa)
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v , v = static gas volumes in chambers IIIL and IIIr,

respectlively (Pa)
v , V = instantaneous gas volumes in chamber IIIL and IIIr,

respectively (mal. given by:

V. =V =¥ (6.67)
3t o 23L
V. =V -V (6.68)
3r or 23r
where volumes, Vzac and Vsz are defined using equations (6.53) and

(6.55), and (6.54) and (6.56), respectively:

dv dV23
23 - g T =g (6.69)

dt dt a3r

From equations (6.65) to (6.68) the instantaneous pressures in Chambers

]IIL and III are expressed as:
T

VOL !
p, = | —— P (6.70)
3 v -y 3e0
oL 23t
VOr !
P, = —"—V v Poo (6.71)
Or 23r
The pressure differentials, Pood and Py, 2T€ expressed in the following

manner:

Voz - WOL - Vz:u) 7
p = o} (6.72)
30L T 3o
(v -V )
ot 23t /
Voz - (VOr - Vzar) ?
Pagr = p (6.73)
r ¥ 3r0
(v. -v_ )
or 23r /

The pressure differentials Poy and P, needed for computing the

dynamic forces, are defined, respectively, by:
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Pare = Paor 7 Prior (6.74)
Poir T Paor ~ Piroe (6.75)
where,
Poor T Par T Pao P Pagr T Py T Py
Pieor “Pie “Paio 7 Pror T Pir T Pao

Since chambers IL and IIr, and Ir and IIL. are connected through plpes,
the desired pressure differentlials can then be expressed In terms of the

following already derived pressure differentlals:

Py =P (6.76)

+ +
23 T Paoc

Py, =P +p -p -p (6.77)

+
23r 30r

6.4.4 Dynamic Ferces of Interconnected Suspension

The dynamic forces, generated by the intercennected hydro-pneumatlc
suspension, are established by considering the pressures acting upon the
pistons, with respect to the static equillibrium position. The respective

total dynamic forces of the left and right suspenslon units are given by:

fase = (Pay = Pyl = (P = Pyl A, —A) (6.78)
faer = Pop = Pogdher = (P = P A - A '6.79)
where,
fier = total dynamic force of left suspension unit (N)
fdar = total dynamic force of right suspension unit (N)

The total dynamic forces can be expressed in terms of pressure

differentlals, using simple manipulation:

+p. A (6.80)

30L rt

Tist = Pare (Act - ArL) *P

A
23t rL
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f =p (A —Arr)+p A +p_ A (6.81)}

dar 21r cr 23r rr 30r rr

Substltuting equations (6.76) and (6.77) into above equations ylelds:

[dnt. = (pZBL * pSOL) AcL * pzrll.(AcL - Art.)
" Py * Py, ) A — AL (6.82)
fdnr - (p23r * p30r) A<:r * pztlr(Acr - Arr)
= (Pyg* Py} (A, —AL) (6.83)
where pressure differentlals Pose’ Pose' Porie' Parie’ Paoc and Py, BF€

given In equatlons (6.57), (6.58), (6.61), (6.62), (6.72) and (6.73),
respectively. Equatlions (6.82) and (6.83) reveal that the connecting
plpes between two cylinders produce filuid feedback effects within the
interconnected suspension. The total dynamic force generated by one
suspension unit consists of the following three components:

(1) Damping and restoring forces due to flows within the same

suspension unit:

(p +p_ ) A . — left suspension unit

23L 30L

(p23r + pSOr} Acr ~— right suspension unit

(11) Damping forces due to flow through the plpes connecting the two

suspension units:

pzr“(AcL - AM) —— left suspension unit

pztlr(Acr - A"] — right suspension unit

(111) Negative feedback damping and restoring forces due to flows

within the other suspension unit:

- (p,. +p ) (Acr. - AH‘) — left suspension unit

23r 30r

- (p,_ * pao:,) (Acr - A”_) — right suspension unit

23t

The equations of motlon of the roll plane model of the vehicle
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employling interconnected hydro-pneumatlc suspension are then obtalned by

substituting the following into equations (6.1) to (&6.4):

fkb(z. L) + fdt(z. t) = fd_L(z. z, t) (6.84)

ft

f (z, t) +f (z, ) =f (2, 2z, t) (6.85)
kr dr T

ds

6.5 Modeling of Tunable Interconnected Hydro-pneumatic Suspension

The damping forces in an Interconnected vehlcle suspenslien,
presented in sectlon 6.4, are primarily generated due to fluld flows
through fixed area orifices and interconnecting pipes. The damping force
due to fixed area orifices deteriorates vibration isolation performance
at excitation frequencies beyond the sprung mass resonant frequencles.
Shock and vibration isolation performance of mechanical systems with
variable damping characteristics can be Iimproved considerably, as
discussed 1in chapters 3 and 4. Vibration lsolation and thus rlde
performance of interconnected vehicle suspension can be further improved
via variable damping. Variable damping in an interconnected suspenslon
can be conveniently achleved by introducing pressure limiting valves
between the strut and the accumulator of each suspension unit. Such an
interconnected vehicle suspension can thus offer tunable damping
characteristics to improve ride performance potentials of the vehicle,
while the suspension continues to provide good handling and control
characteristics of the vehicle due to the interconnections.

A tunable pressure limiting mechanism is Introduced between the
strut and accumulator of each suspension unit to achleve varlable
damping characteristics. The roll plane model of an Interconnected

vehicle suspension is presented in Figure 6.5. The fluid flows through
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FIGURE 6.5 Schematic of roll plane model of tunable

interconnected hydro-pneumatic suspension
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the orifices between chambers IIL and IIIL, and Ilr and IIIr. are
modulated by a pressure limiting mechanism to achieve tunable passive
sequential damping in an linterconnected suspension. The tunable
interconnected vericle suspension is modeled incorporating hydraullc and
mechanical compliance, and t dynamlics assoclated with pressure
limiting rellef valves. While the simulatlon parameters of the tunable
interconnected suspension are ldentical to those listed In Table 6.3,
parameters related to the pressure rellef valves and fluld complliance
are presented in Table 6.4.

The static equilibrium equations of the tunable interconnected
suspension have the same form as that of the Iinterconnected hydro-

pneumatic suspension, equations (6.30) to (6.39) in section 6.4.1.

6.5.1 Fluild Flow Equations

Since the tunable relief valves provide additicnal flow passages
between the strut and the accumulator of each hydro-pneumatlc suspension
unit, the fluid flows between chambers IIL and IIIL. and IIr and IIIr,
consist of not only the flows through the fixed orifices but also the
flows througin the tunable relief valves. The respective volume f{low

rates in left and right suspension units are, therefore, expressed as:

23L = QorL * Qrel. (6.86)
23r = Qcn-r * Qrer (6.87)
where,
Qzat’ Q23r = total volume flow rates from chi?bers IIL to IIIL,
and II to III, respectively (m™/s)
Qort' Q o - volume flow rates through fixed orifices in left and
[+]

right suspension units, respectively (m'/s)
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TABLE 6.4

Simulation Parameters of Tunable Interconnected
Hydro-pneumatic Suspension

PARAMETER
SYMBOL DESCRIFTION VALUE
B Effective bulk modulus 6.9x10° Pa
€
p Mass density of fluid 797 kg/m>
" Absolute viscoslity of fluid 0.006 N-s/m°
a ,a Spool end areas 5.5x1924,2
rLoorr 5.5x10" % m
m o, m Masses of valve spools 0.05,
rtoorr 0.05 kg
k , k Stiffness coefficlents of valves| 3000,
rerr 3000 N/m
c , C Viscous dawping coefficlents 9.7,
Rt 9.7 N-s/m
- -5
ro]L,Vrozt rgquivalent veolumes due to plpes 5x1o_5. 3
510 " m
-5
corr Vroze Equivalent volumes due to pipes 5x10_5. 5
5x10 m
oot Strokes of chambers I 0.25, 0.25 m
£2L' 32r Strokes of chambers 11 0.25, 0.25 m
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Qrct' Qrer = volume flow rates through rellef valves in left and

right suspension units, respectlively (m/s)
Assuming turbulent flow through the orifices, volume flow rates ngt and

are expressed as:
Q23r P

= 2(p,., |
Qort. - CdL32¢ ___EEE_ Sgn(pzat) (6.88)
p
= 2|py |
Qe = Car?r g sgn(p, ) (6.89)

where azLand a2r are areas of oriflces 1n left and right orifice

suspensicn units, respectively., Assuming turbulent flows through valve

openings, volume flow rates due to spool movements and valve openings,

Q and Q are expressed as:
rel rer

2 a_, yL(t] . |yL|sY°L
Q = (6.90)
ret 2|p | .
Cd aet(yL'YOL] ___Eii_ Sgn(pzu)+ 2 TR IyLl>Y0L
2 arr yr(t) ' Iyr|sYOr
Q = (6.91)
rer 2lp | .
Cd aer(yr'YOrJ ;3' sgn(pzar)+ 2 Bpedpr lyr|>YOr
where,
Yo Y, = displacements of spoels in left and right suspension
units, respectively (m)
Ybb, Yo = preset displacements of rellief valves (m)
T
a ,a_ = spool end areas of rellief valves (m)
r
a , a = opening areas of rellef valves.
el er

The opening area of a relief valve is a functlon of the spool's
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displacement and preset positlon, as discussed earller in section 3.2.2.
The flows through the connecting pipes between the two cyllinders

are assumed to be laminar flows and expressed as:

n D‘
QZLI = p2L1 (6-92)
" 128 u L i
4
Urie = = Parte (6.93)
r 128 u L “7

Rates of change of fluid volumes in chamber 1 of the left and right
suspenslion unilts, let and Qnir. are related to thelr relative

veleocities of the struts, respectively, given by:

Q

mll

n

(Aca - ArL} zc(t) (6.94)

Q

fl

(A -A )z {t) (6.95)
r ™ r

mlr c
The rates of change of volume due to fluid compressibility and
mechanical compliance of the cylinder, in chamber I of left and right

suspension units, respectively, are expressed as:

1L dplL
Q W {6.96)
eli 8 dt
L]
v dp
Qexr = ir ir (6.97)
B dt
e
where,
chc' Qe“; rates of change of vclumes due to compliance in
chambers I and I , respectively (m’/s)
Py, Py, = Instantaneous pressures in chambers IL and Ir(Pa)
B = effective bulk modulus (Pa), glven by:
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— = 2 e (6.98)
BB BC ﬁl—
B_ = bulk modulus of strut chamber (Pa}
BL = bulk modulus of liquid fluld (Pa)
., v = instantaneous volumes of chambers I and I ,
1L 1r 3 [ r
respectively (m™), given by:
V.. = [£1L + X, - zt(t)] (Acu - Art) + Vrou {6.99)
V.. = & _+X, . - zr(t)] (Acr - A") * Ve (6.100)
, 2 = strokes of chambers I and I (m)
it ir r L

v v equivalent volumes due to connection plpes (ma)
rolt’ rO1ir

Applying the law of conservation of mass, the fluid flows in chambers lt

and I are related by the fluld continuity equation, respectively:
r

Q2r1L s leL * Qe!L (6.101)

Q2L1r =-Q r * Qolr (6.102)

ml
where erit. leL and Qoit are expressed in equations (6.93), (6.94) and

(6.96), and Q v Q and Q in (6.92), (6.95) and (6.97),
2L1r mlr elir

respectively.
Rates of change of the fluid volume In chamber II of the left and
right suspension units, anL and Qn2r, related to thelr plston

movements, respectively, are expressed as:

tht AcL zt(t) {(6.103)

A ér(t) (6.104)

m2r cr
The rates of change of volumes due to the effective bulk modulus, in

chamber II of the left and right suspension units, respectlively, are
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derived for fluld and mechanical compliance and expressed as:

v dp
Q, = — 2 (6.105)
° B dt
-]
vz dpz
Q,, = — J (6.106)
ez2r B8 4t
(-}
QQZL' Qezr = rates of change of volumes due to compliance in
chamber II of left and right suspension units [m3/s)
P+ Py = instantaneous pressures in chambers IIL and IIr (Pa)
v , Vv = Iinstantaneous volumes of chambers II and II ,
2t 2r 2 L r
respectively (m”), given by:
2t [£2L B anL * ZL(t)] AcL * Vr02L -2 Y. (6.107)
Vzr = [£2r - xstr * zr(t” Acr * Vrozr -2 arr yr (6.108)
, £ = strokes of chambers II and II (m)
2L 2ar L r

v .V = equivalent volumes cduc to connectlon pipes (m°)
r02L ro2r

The fluid continuity in chambers IIL and IIrestablishes the following

flows equatious as:

-0 L -0, -9, T, *Q,, (6.109)

- Qorr - Qrcr - erlt. = anr M Qle {(6.110)

where Q ., Q ., Q.. Q_ and Q_  are expressed In equations
(6.88), (6.90), (6.92), (6.103) and (6.105), and Q , Q , Q )

orr rer 2rlt wlr

and Qezr are glven in equatlons (6.89), (6.91), (6.93), (6.104) and
(6.106), respectively.
Rates of change of gas volumes in chamber III of the left and right

suspension units, Qm3¢ and Qm3r' respectively, are expressed as:
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dv

. 3t
QnBL = ot (6.111)

dV3
Q. = z (6.112)

dt
VSL' Vac = Iinstantaneous gas volumes in chambers IIIL and IIIr(mB)

The flow equatlons in Chambers IIIL and IIIr are expressed as:

QorL * QroL = Qm3L (6,113}
Qrr ¥ Qor =0 {6.114)
arrT rer

where Q , Q and Q are expressed in (6.88), (6.90) and (6.111),
ort L w3t

re

and @ , Q and Q are given in (6.89), (6.91) and (6.112),
or rer mar

r

respectively.

6.5.2 Pressure Equatlions

The rate of change of {luld pressure 1is related te the
compressibility of the fluid volume and 1is derived from the fluid
continuity equation. The pressure change rates in chamber I of the left
and right suspension units are then obtalned from equations (6.96) and

(6.101), and (6.97) and (6.102)}, respectively:

dp B

1L ]
= (Q +Q ) (6.115)
dt V1L 2rit mlL
dp B
L= (Q,, +Q ) (6.116)
2L1r wir
dt ir

where Q2L1r and ler are expressed in equations (6.92) and (6.93), and
er1c and let are given in equations (6.93) and (6.94), respectively.
Pressure change rates in chamber II of the left and right

suspension units, established from equations (6.105) and (6.109), and

(6.106) and (6.110), respectively, are expressed as:
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== A (Qort * QreL * QZLlr * QmZL) (6.117)
dt 2t
P B
2r L] N
-7 v (Qorr * Qror + QZrlL ' Qan) (6'118)
dt 2r
where Qon, Qrct, Qzur and QnZ(. are expressed in equatiens (6.88),

{6.90), (6.92) and (6.103), and Qorr, Qnr. eru. and Qﬂr are given in
equations (6.89), (6.91), (6.93) and (6.104), respectively.
Assuming a peolytropic process, the instantaneous pressures in gas

chamber I1I of the left and right suspension units are, respectively,.

expressed as:

v T
_ oL
Py = [V Y ] Paio (6.119)
ot

vOr !
= 2]
p:!r v paro (6.120)
Oor 23r

where Vzu and Vzar' the gas change volumes due to flows from Chambers

IT to TII of the left and right units, respectively, are expressed as:

dVZBL
= QorL + QreL (6.121)
dt
dv23r
=Q __+Q (6.122)
dt

where QorL and Qr°L are expressed in equations (6.88) and (6.90), and

Q and Qnr in {6.89) and (6.91), respectlively.

orr

The pressure differentlals, Pao and P, are expressed as:
¥ _ _ 7
Vou. (VOL st:.)

_ 4
(VDL V23L)

30t (6.123)
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-2 p (6.124)

6.5.3 Dynamic Forces of Tunable Interconnected Suspension

The dynamlc forces of suspension units in the modified Inter-
connected configuration are established from the pressures equatlons
presehted in section 6.5.2. The total dynamic forces of both suspension

units, derlved by consldering various pressures actlng on the plstons,

can be expressed as:

fase = [pza P A mA D R, mp )AL YR AL (5.125

fier = (er B plr) (Acr B Arr) * 1, - pBr) At Py AL (6.126)
where,

fdsL = total dynamic force of left suspension unit (N)

fdm_ = total dynamic force of right suspension unit (N)

The Iinstantanecus pressures, P,,» P, Py+ P Py and P, are
computed from equations (6.115) to (6.120), respectlvely.

The equations of motion of the roll plane mndel of the vehicle,
employlng tunable interconnected hydro-pneumatic suspenslon can be

obtained by substituting the following into equations (6.1) to (6.4):

fkt(z' t) + de(z. t) = f;nc(t] 6 127)
fkr(z, Lt} + fdr(z, t) = fdsr(t) (6.128)

6.5.4 Equations of Motion of Valve Spools

The spool in a tunable rellef valve 1s sub_zcted to forces due to
the pressure differential between the strut a-d accumulator. Assuming

viscous damping, the equations of motlon of the spools within the left
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and right suspension units are expressed as:

LI yL[t] e, yt[t} + krt yt(t) = frc(t) (6.129)
m_ yr(t) +tc yr(t) + krr yr(t) = frr(t) {6.130)
whzre,
m,» M. masses of spools of left and right valves (kg)
e’ Cor T viscous damping coefficlents of dynamic spool
subsystems (N-s/m)
L krr = gtiffness coefficients of valve springs (N/m)
L’ frr = forces acting on left and right spools, respectlvely,
given by:
er = % Pase (6.131)
fo=2a P, (6.132)

The system of nonlinear differential equations of the roll plane
model of the vehicle employing independent, interconnected and tunable
interconnected suspensions, developed in sectlons 6.2 to 6.5, s solved
using the numerical integration technique. Roll response characterlstics
and ride performance of the roll plane model of the vehicle employing
the various types of suspensions are analyzed vila computer simulation.
The roll response characteristics of the vehicle model are evaluated 1in
terms of the roll response of the sprung mass during a steady turnlng
maneuver. The ride performance is illustrated in terms of the shock and
vibration isolation characteristics of the roll plane vehicle model
subject to road exclitations. The influences of effective bulk modulus
and the dynamics of pressure limiting mechanlsm on the dynamic ride
performance of a vehicle employing the tunable interconnected suspension

are also discussed.
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6.6 Analysis of Vehicle Roll During Steady Turning

The roll response characteristics of a vehicle, employling
Independent, Interconnected and tunable interconnected suspensions are
evaluated via computer slmulation of the roll plane vehicle model. The
static roll stabllity of the three suspension models are evaluated in
terms of the roll response of the sprung mass to an external roll moment

caused by centrifugal forces during a steady turning maneuver.

6.6.1 External Roll Moments

The sprung mass of a vehicle experiences roll angle and centrifugal
acceleration during steady turning. Centrifugal acceleration gives rise
to an overturning moment, while the sprung mass roll ylelds a roll
moment due to lateral displacement of the sprung mass, as shown in
Figure 6.6, Thus the total external roll moment, acting on a vehicle

during steady turning, can be expressed as:

{t) =T (t) + T .(t) (6.133)
P L

Tag ¢ ¢

where TB¢ Is the total roll moment acting on the vehicle, presented in
equation (6.2), Tp¢ 1s the primary overturning moment due to lateral
acceleration and TL¢ i1s the roll moment due to lateral displacement of
the sprung mass.

Assuming constant forward vehicle speed and turn radius, the
centrifugal force due to lateral acceleration of the vehicle,

encountered during steady turning maneuver can be expressed as:

fc(t) = at(t) m (6.134)

where fc is the centrifugal force, and aL = vz/ R 1s the vehicle lateral
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acceleration encountered durlng negotiating a turn of constant radius R
at a constant forward spred v. Assumlng small roll angles, roll moments
caused by lateral acceleration and lateral displacement of the sprung

mass can be expressed as:

Tp¢(t) =m a h2 (6.135)

Telt) =m gh ¢ (1) (6.136)

where g is the acceleration of gravity and h2 is the helght of the
sprung mass center with respect to the roll center. Equation (6.136)
clearly reveals that a large sprung mass roll response, caused by a soft
vehicle suspension, will ylield large reoll moment due to the lateral
displacement of sprung mass. The effective roll stiffness can be
increased via a stiff suspension, so that the magnitude of the roll

angle and lateral displacement moment can be reduced.

6.6.2 Roll Response of Vehlicle Model

The roll angle response characteristics of the sprung mass of the
vehicle, employling independent, interconnected and tunable
interconnected hydro-pneumatic suspensions, are evaluated for ccnstant
lateral acceleration excitation. The primary overturning roll moment
imposed on the vehlcle 1s characterized by a rounded step with steep
rise, as shown in Figure 6.7,

The roll angle response characteristics of the sprung mass of the
vehicle employing independent and interconnected suspension, subject to
constant lateral acceleration, a, = 0.5 m/sz, are 1lllustrated in Figure
6.8. Independent vehicle suspension yields high amplitude roll response,

as compared with that of the Interconnected vehicle suspension. Roll
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angular response of the sprung mass reveals oscillation occurring at 1.0
and 1.4 Hz, for independent and interconnected vehicle suspensions,
respectively. Comparison of the oscillation frequencles clearly
11lustrates that interconnection between two suspension units increases
the effective roll stiffness of the vehicle, and thus reduces the
amplitude of roll oscillatlon. The roll angle of the sprung mass
approaches steady value of 1.1x10™2 and 0.6x107° rad, respectively, for
independent and interconnected suspensions. Comparison of these steady
state values further demonstrates the increased effective roll stiffness
and thus enhanced static roll stability of the interconnected
suspension. The roll veloclty response of sprung mass of the vehicle,
illustrated in Flgure 6.9, reveals that the sprung mass roll rate can be
considerably reduced via an interconnected suspension. The roll velocity
response of the sprung mass employing an interconnected suspension also
clearly reveals a higher oscillation frequency and thus a higher roll
stiffness than that of the independent suspension.

Figures 6.10 and 6.11 show the rell angle and roll veloclty
response characteristics of sprung mass, using Interconnected and
tunable interconnected suspensions, respectively. The vehicle |is
subjected to a constant lateral acceleration, ar= 1.0 m/s°. The results
show that the tunable interconnected suspension ylelds a sprung mass
roll response identical to that of interconnected suspension, when the
tuning factor, v > 0.35. Flgures 6.10 and 6.11 clearly reveal that
variable damping achieved via tunable rellef valves does not affect the
roll response characteristics. The roll response of a vehicle with a

tunable interconnected suspension tends to lncrease, when the tuning
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factor 1s selected at a very low value (v=0.35). The roll response of a
vehicle employing a tunable interconnected suspension (v=0.3) exhlbits a
slightly larger peak due to the extremely low preset tuning factor.
However, the steady state value of roll response of vehicle employing
tunable suspension Is ldentical to that employlng the simple
interconnected suspension. The roll osclllatlon of both types of
suspensions reveals almost 1ldentical frequencles, as shown In Flgures
6.10 and 6.11. The statlc roll stabllity of the vehlcle thus remains
unaffected by the tunable pressure limiting valves.

A comparison of the roll response of a vehicle with three types of
suspensions, for lateral acceleratlion excitatlon a = 1.0 m/sz, is
i1llustrated In Flgure 6.12. The steady state values of sprung mass roll
angle are cobtalned as 1.1x10"2 rad for the interconnected and tunable
interconnected suspensions, and 2.55x10"2 rad for the independent
vehicle suspension, respectively. 1t shows that the effective roll
stiffness of both Iinterconnected and tunable interconnected vehicle
suspensions is much higher than that of the independent suspenslon.
Furthermore the independent vehicle suspension ylelds excesslve roll
oscillation, as shown in Figure 6.12.

The roll angle response characteristics of the unsprung mass of the
vehicle employing Independent and Iinterconnected suspensions are
presented in Figure 6.13, for az= 0.5 m/s®. The roll angle response of
the unsprung mass is smaller than that of sprung mass due to high value
of tire stiffness. It 1s clear that the peak roll angle response of the
unsprung mass, with the independent suspension, is sllghtly less than

that with the interconnected one. The roll angle response of the
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unsprung mass, however, approaches the identical steady state value for
both 1ndependent and 1interconnected suspensions. It can be further
observed that the amplitude of roll oscillation cof the unsprung mass
with interconnected suspension decays at a faster rate than that with
the independent one. The frequenclies of roll oscillation are 0.97 Hz and
1.37 Hz for the independent and interconnected ones, respectively.
Figure 6.14 presents the vertical displacement response of the
sprung mass, caused by a lateral acceleratlon excitatlon (0.5 m/s%). The
amplitudes of vertical displacement oscillation of the sprung mass of a
vehicle employing the independent suspension are conslderably larger
than that of the vehicle employing the interconnected one, The steady
state displacement response of interconnected suspension approaches a
conslderable lower value than that of the independent one, due to the
higher effective roll stiffness of the interconnected suspension. The
displacement response osclllation of the vehicle's sprung mass employling
the interconnected suspension exhibits a higher decay rate as compared
with that of the vehicle employling the independent one. The vertical
displacement response of the vehicle's sprung mass, employlng the
tunable interconnected suspension, is compared with that of the vehicle
employing the Iinterconnected suspension, as shown in Flgure 6.15.
Computer slmulations, carrled out for a lateral acceleration excitatlon,
a = 1.0 m/sz. reveal that the tunable interconnected suspension with a
tuning factor v>0.35 yields vertical displacement response
characteristics identical to those of the interconnected suspension, as
shown in Figure 6.15. A low value of tuning factor (v=0.3), however,

yields a large negative peak due to the sudden opening of the pressure
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relief valves corresponding to a relatively low value of the pressure
differentlal between chambers Il and III. The displacement
characteristics, after the initial peak, however, are simllar to the
response behaviocr of the non-tunable and tunable (¥>0.35) interconnected
suspensions, as lllustrated in Figure 6.15. Identlcal steady state
amplitude as well as frequency of oscillation of the sprung mass
displacement response are obtalned for both suspensions.

6.7 Dynamic Ride Performance Evaluation

Dynamic rlde performance characteristics of the vehicle employing
independent, Iinterconnected and tunable interconnected hydro-pneumatic
suspenslons are analyzed via computer simulatlions for transient as well
as harmonic excitation. The ride dynamics of three types of suspensions,
evaluated in terms of their shock and vibration isolation
characteristics, are compared to 1illustrate the ride performance
potential of the tunable Iinterconnected suspension. The effects of
effective bulk modulus of the fluld and the dynamics of the relief
valves on the shock and vibration lsclation performance of the tunable
Interconnected suspension 1s also investigated and discussed.

6.7.1 Translent Response Characteristics

The ride performance characteristics of the vehicle model in the
rell plane are investigated for a rounded step displacement excitation.
The transient response characteristics are evaluated, assuming that only
the right tire ls subjected to a rounded step displacement excitation of
amplitude, X‘r=0.025 m. Bounce and roll response characteristics of
various suspensions can thus be evaluated. Figure 6.16 illustrates the

vehicle model and corresponding rounded step displacement excitation
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imposed at the right tires. The transient response varlables of the
vehicle employlng varlous suspensions are non-dimensionalized with
respect to the equivalent excitatlion amplitudes and thelr corresponding
constants. The amplitude of equivalent roll excitatlon is computed as,
assuming small roll angle:

xlr

¢ = — (6.137)
ie ) +
wWr

wi
where Xir is the amplitude of step displacement exclitation at the right
tire-road Iinterface, and ¢lo is the amplitude of equivalent roll
excitation. The corresponding vertical excitation at the center of the

vehicle track is computed as:

X ¢
Ir  wt

X E e— (6.138)

ie ) + 8
W

wi o

vwhere Xia s the amplitude of vertlcal excitation at the center of the
vehicle track. The shock lsolation characteristics are thus expressed by
the fellowing response ratios:

displacement response ratlo of sprung mass = xs(t)/Xlo

velocity response ratlo of sprung mass = xs(t)/lxie-wno)

roll response ratio of sprung mass = qbs(t)/'qb1e

roll velocity ratio of sprung mass = ¢s{t)/(¢’°-wno)

displacement response ratio of unsprung mass = xu(t)/Xle

rell response ratio of unsprung mass = ¢u(t)/¢ie
where ©, = /g 7ﬁ-t and Xst is the static deflection of the suspension.

The vertical displacement and velocity, and roll angle response
characterlstics of the sprung mass of the vehicle employing three

different types of suspensions, with incompressible fluid and ideal
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tunable valves, are 4illustrated in Flgures 6.17, 6.18 and 6.19,
respectively. The vehlcle with Independent suspension yields a large
displacement peak and the oscillation frequency is obtained near 1.48
Hz. The resonant frequency, however, reduces to near 1 Hz, when the
independent suspension units within the axle are interconnected. The
interconnected suspension conflguration also reduces the peak amplitude
of vertical displacement, as shown in Figure 6.17. The vertlcal
displacement response of the sprung mass with interconnected suspension
approaches the steady state value at a much quicker rate than that with
independent suspension. The frequency of vertical oscillatlion increases
slightly to 1.05 Hz, when tunable pressure relief valves are introduced
between chambers II and III. The corresponding peak amplitude of
vertical displacement of the sprung mass decreases considerably with
tunable interconnected vehlcle suspension. Comparison of the vertlcal
displacement response characteristics thus reveals that an
interconnected vehicle suspension tends to reduce the peak ampllitude
response as well as bounce resonant frequency of the sprung mass. Th~«
vertical velocity response of the sprung mass, presented in Fligure 6.18,
also reveals that the bounce resonant frequency and the peak velocity
response of an independent suspension are considerably larger than those
of the interconnected suspension. A tunable Iinterconnected suspension
ylelds considerably superior response of the sprung mass when compared
with that of the interconnected as well as the independent suspensions.
The roll angle response of the sprung mass, caused by translient
excitation at the right tires, 1is presented in Figure 6.19. A comparison

of roll angle response characteristics of the sprung mass with three
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different types of suspensions clearly reveals that the interconnected
suspension ylelds the highest resonant frequency in the roll mode. The
resonant frequencies assoclated wlth the sprung mass roll mode are
obtalned as 1.4 Hz and 0.8 Hz, respectlively, for interconnected and
independent suspensions. Figure 6.19 further reveals that the peak roll
angle response of the sprung mass with the interconnected 1is
conslderably larger than that with independent one. The peak amplitudes
of subsequent roll osclllations of the sprung mass with the
interconnected suspenslon, however, decrease rapidly, while the roll
response of the independent one continues to exhibit high amplitude
oscillation. Comparison of the response characteristics of the
independent and interconnected suspensions to those of a tunable
interconnected one reveals that the tunable interconnected suspension
provides the best of both: that is the high roll resonant frequency of
the interconnected and the low peak response of the Iindependent, as
shown in Figure 6.19. The roll resonant frequency of the tunable
suspension (1.2 Hz) 1s slightly less than that of the interconnected one
(1.4 Hz). The peak roll response of the tunable interconnected
suspension, however, 1s quite close to that of the independent one.
Furthermore, the roll response of the sprung mass with the tunable
interconnected suspension decays at a faster rate than that of the
independent and Interconnected ones. Figures 6.17 through 6.19 clearly
illustrate the performance potential of the tunable suspension for
translent excitations, in view of both peak response and settling time.
The transient response characteristics of the roll plane vehicle

model, employling Interconnected and tunable interconnected suspenslons,
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are further evaluated, whille the dynamics due to fluild compliance and
the rellef valves are appropriately Ilncorporated, as presented 1in
Figures 6.20 through 6.25. A comparlson of vertical displacement and
velocity of the sprung mass, employing Interconnected and tunable
interconnected suspenslons, ls presented in Figures 6.20 and 6.21. These
figures clearly 1llustrate that the transient response of the sprung
mass can be Iimproved considerably vla the tunable interconnected
suspension. Roll angle and rate response characteristics of the sprung
mass of the vehicle, employing interconnected and tunable interconnected
suspensions, illustrated in Figures 6.22 and 6.23, clearly show that the
peak roll angle as well as rate response can be suppressed conslderably
via the tunable interconnected suspension. Furthermore, the roll
resonant frequency of sprung mass with the tunable interceonnected
suspension (1.1 Hz) 1s almost identical te that with the interconnected
one. A tunable interconnected suspension not only suppresses the peak
response of the sprung mass, but also yilelds lower response of the
unsprung mass, as lllustrated by the bounce and roll displacement
response of the unsprung mass of the vehicle shown in Figures 6.24 and
6.25.

The shock and vibration isolation performance characteristics of
the vehicle model employing the tunable interconnected suspension are
strongly related to the effective fluid bulk modulus and valve dynamics.
Figures 6.26 through 6.29 present a comparison of the sprung mass
vertical dlsplacement and veloclty, and roll angle and veloclty response
characteristics of the vehicle employing an ideal model of the tunable

interconnected suspension to those of a higher order one incorperating
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the valve dynamics and fluld compliance. The response characteristics of
the higher order of tunable interconnected suspenslion including the
dynamics due to fluld compressibility and pressure relief valves are
referred to as "TIC (higher order)". Comparison of the response
characteristics, presented in Figure 6.26, reveals that peak vertical
displacement response of higher order model of tunable interconnected
suspenslon 1s slightly deteriorated when the effects of valve dvnamics
and fluld compressiblility are considered. However, the response
characteristics of higher order tunable interconnected suspension remain
superior to those of an interconnected suspension, as shown In Figure
6.26. The vertical veloclty response characteristics, presented in
Figure 6.27, reveals that the vertical velocity response of higher order
tunable interconnected suspension, is almost 1dentical to that of the
ideal tunable interconnected suspenslion. Figures 6.28 and 6.29 show the
transient roll angle and roll rate response of the two tunable
Interconnected suspenslon models, respectively. Comparisen of the roll
response characteristics of the ldeal and higher order models of tunable
Interconnected suspenslons reveals that the peak roll angle and roll
rate response of the sprung mass decrease with consideration of the
effective bulk modulus and valve dynamics. Furthermore, the roll angle
and roll rate response of the higher order tunable interconnected
suspenslon model approaches steady state values at a faster rate.

6.7.2 Frequency Response Characteristics

The frequency response characteristics of the roll plane vehlcle
model employing the Interconnected and tunable interconnected

suspenslons are evaluated to determine their relative vibration
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isolatlon performance. The vibration isclation performance
characteristics of the roll plane vehicle are evaluated for harmonic
excitation at the contact point of the right tire and the road surface.
The amplitude of harmonic displacement excitatlon, at the right tire, is
selected as x1r=0.025 m. The vibration isolation characteristics of two
different suspensions are evaluated by computing the ratio of the steady
state response amplitude to the equlvalent exclitation amplitude.
Vibration 1isolation characteristlcs are expressed by the followlng

transmissibility ratles:

X
vertical displacement transmissibility of sprung mass = xs
ie
¢8
roll angle transmissiblility of sprung mass = )
e
X
vertical displacement transmissibllity of unsprung mass = xu
ie
¢u
roll angle transmissibility of unsprung mass = 7
ie
2
relative displacement transmissibility = xr

of right suspension unit ir

The sprung mass displacement and roll angle, and unsprung mass
displacement and roll angle transmissibility characteristics of the roll
plane model of the vehlcle, employing Iinterconnected and tunable
interconnected suspensions incorporating fluld compressiblility and valve
dynamics, are lllustrated in Figures 6.30 through 6.33, respectively.
The effective bulk modulus of the fluld for the two suspension systems

is selected as Be= 6.9x10° (Pa). Both the interconnected suspensions in
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the simulation are assumed to have 1ldentical orlfice areas between
chambers II and I1II, while a unit value of the tuning factor (v=1) is
selected for the tunable Interconnected one. The displacement
transmissibility of the sprung mass with the lnterconnected suspension
vields a resonant peak response at an excltation frequency of 0.9 Hz, as
shown in Flgure 6.30. The response amplltude of the sprung mass reduces
as the excitation frequency Iincreases. However, the Interconnected
suspension ylelds a large second peak response of the sprung mass around
excitatlon frequency 4 Hz corresponding to the unsprung mass resonance,
due to the high damping value provided by the interconnected one at the
high relative velocity. The tunable interconnected suspension ylields
displacement response ldentical to that of the interconnected suspension
before and around the flrst resonant frequency. However, the
displacement transmissibility response reveals a higher response as
compared wlth that of the interconnected one, as the pressure rellef
valve starts to open and modulate the fluld flow between chambers II and
ITI. As the excltation frequency further Increases, the tunable
interconnected suspension conslderably reduces the displacement response
amplitude through pressure 1limlting modulation. A comparison of the
displacement transmissibility response of the two types of
interconnected suspenslons reveals that the tunable interconnected one
yields superior vertical displacement transmissibility at excitation
frequency beyond 2 Hz, as shown in Figure 6.30. The roll angle
transmissibllity characteristics of the sprung mass of the vehicle
employing Interconnected and tunable Interconnected suspensions,

incorporating fluld compressibility and valve dynamics, are presented in

-~ 293 -



2.00

T

1.00 1.50

roll angle transmissibility
0.50

interéénneétéa
—— -- — tunable interconnected (v=1)

o S
ot
000 2.00 4.00 6.00 8.00 10.00
frequency (Hz)
FIGURE 6.31 Roll angle transmissibility of sprung mass

of vehicle employing interconnected and tunable
interconnected (v=1) suspenslons (ﬁ°=6.9x10 (Pa))

- 294 -



Figure 6.31. It ls observed that the interconnected suspension ylelds
two high peaks of roll angle response, around excitatlon frequencies 1.2
Hz and 3.9 Hz, respectively. The roll angle response of the sprung mass
with the tunable interconnected suspension 1s identical to that with the
interconnected one when excltatlion frequency is less than 0.9 Hz. The
roll angle transmlssibllity of the sprung mass tunable interconnected
suspension, however, is considerably reduced even before the first roll
peak response, due to opening of the pressure rellef valve around the
resonant frequency of vertical displacement mode of sprung mass. It is
ocbvious, from Figure 6.31, that the tunable interconnected suspension
ylelds a significantly reduced roll response value, for excltation
frequency beyond 1 Hz.

Figures 6.32 presents displacement transmissibility characteristics
of the unsprung mass of the vehicle employing two types of inter-
connected suspensions. It 1s observed that the interconnected suspension
ylelds a peak displacement response around 4 Hz and a reduced response
amplitude corresponding higher excitation frequencies. The tunable
interconnected ylelds an unsprung mass displacement response identical
to that of the interconnected one when excitation frequency is less than
1 Hz. As the excitatlon frequency increases, the tunable suspension
yields a reduced displacement response of the unsprung mass due to
pressure limiting modulation. Due to reduced damping by the pressure
limiting valves, the unsprung mass displacement response 1ncreases and
approaches a resonant peak of the unsprung mass, for excltation
frequency beyond 6 Hz, as shown in Figure 6.32. The roll angle response

characteristics of the unsprung mass with two suspensions are presented
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in Flgure 6.33. A comparlison of the unsprung mass roll angle response
reveals that the tunable suspension ylelds a reduced roll angle response
for an exclitation frequency less than 6 Hz. The reduced damping in the
suspension due to the pressure limiting modulation results ln an
increased amplitude response of the unsprung mass roll angle and a
higher resonant frequency corresponding to the unsprung mass mode, for
excitation frequency beyond 6 Hz, as shown In Figure 6.33,

The effects of fluld compressibility and valve dynamics, upon the
response characterlistics of the roll plane vehicle model employing the
tunable interconnected suspension, are illustrated by comparison of
frequency response characteristics of 1deal and higher order models, as
shown 1n Figures 6.34 through 6.36. The effective bulk modulus of the
fluid for the higher order suspension systems 1s selected as B°= 6.9x108
(Pa). The tuning factor for both the ideal and higher order tunable
Interconnected suspensions is set to be unity (v=1). The displacement
transmissiblility characteristics of the sprung mass of the vehicle
employing Interconnected (with Be), and ideal and higher order tunable
interconnected suspensions, presented in Figure 6.34, reveal that the
ideal tunable interconnected suspension yields a sprung mass
displacement response ldentical to that of the interconnected suspension
until the opening of the pressure relief valve. The displacement
response of the sprung mass with 1ideal pressure limiting control
i1llustrates a slightly larger response around the excitation frequency
at which the pressure limiting modulation occurs. It is observed that
the 1ideal tunable interconnected suspension ylelds the smallest

displacement response amplitude of the sprung mass for an excitation
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frequency beyond 1.8 Hz. The tunable interconnected suspension
deterlorates the vertical dlsplacement response of the sprung mass
slightly as compared with that of the ideal interconnected suspension,
due to the dynamics of rellef valve, especlally around the excitation
frequency at which the pressure 1limlting modulation starts. However, the
displacement response of sprung mass with the higher order model of the
tunable Interconnected suspension 1is still superjor to that with the
interconnected suspension, as shown in Figure 6.34.

The roll angle transmissibility characteristics of the sprung mass
of the roll plane model of the vehicle, employing interconnected, ideal
and higher order tunable interconnected suspensions, are presented 1in
Figure 6.35. It !'s observed that the ideal tunable suspension ylelds a
roll angle response ldentical to that of the interconnected one until
the excitation frequency approaches 1.1 Hz. The magnitude of the roll
angle response of the sprung mass increases and reaches to a peak at the
frequency 1.8 Hz at which pressure limiting modulation occurs. The roll
angle response of the sprung mass with the ideal tunable suspension
decreases for excitation frequencles above 1.8 Hz. The roll angle
response of the sprung mass with higher order suspension is ldentical to
that of interconnected one until 0.9 Hz. It can be seen, from equations
(6.90) and (6.91), that the motion of the relief valve spool affects the
fluid flow between chambers II and I1II even before the relief valves
open. The magnitude of the roll angle response of the sprung mass with
the hlgher order tunable interconnected suspension 1s thus found to be
reduced for frequency less than 0.9 Hz. It 1s observed that the

magnitude of roll angle transmissibility of sprung mass with the higher

- 300 -



order tunable suspension is less than that with the ideal tunable one
within the frequency range 0.9 to 3.0 Hz, as shown in Figure 6.35.

The relative displacement transmissibility characteristics of the
right suspension unit with interconnected, and ideal and higher qrder
tunable interconnected suspensions are illustrated in Figure 6.36, It is
observed that the magnitude of the relative displacement response of the
right suspenslion unit with the interconnected suspension 1ls always less
than that of the tunable interconnected one, due to the higher dampling
value provided by Iinterconnected suspension with flxed orifice area,
especially at high frequency. The 1ideal tunable Interconnected
suspenslion yields a higher peak value of relative displacement response
around the excltation frequency 1.8 Hz due to a sudden pressure limiting
modulation of an ideal damping force control. The relative displacement
response approaches to unity when the excltation frequency further
increases, due to the reduced damping in the suspension by pressure
limiting mechanism. The higher order tunable interconnected suspension
ylelds a lower wvalue of relative displacement response arocund
frequencies of 1.8 Hz, due to the gradually opening of the relief
valves, as compared with that of the ideal tunable suspension. At higher
frequency, the relative displacement of right suspension unit with the
higher order tunable Iinterconnected suspenslon Is similar to that with
the ideal tunable suspension, as shown in Figure 6,36,

The vibration transmissibility characteristics of the roll plane
vehicle model, employing the tunable Intercounected suspension, are
strongly related to the tuning factor, v, as illustrated in Figures 6.37

through 6.39, The displacement transmissibllity characteristics of the
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sprung mass, employing the tunable interconnected suspension, for
various values of tuning factor, are presented in Flgure 6.37. It 1s
observed that the vertical dlisplacement response characteristics of the
sprung mass with tunable Interconnected suspension, around excitation
frequenciles at which pressure limitlng modulatlon occurs, are
significantly influenced by the tuning factor. A lower value of the
tuning factor (v=0.7) tends to limit the damping force at lower
excitation frequency and thus ylelds a larger dlsplacement response
around the frequency at whlch pressure limiting modulation starts. On
the other hand, a larger value of the tuning factor (v=1.3) can be
selected to limlt the damping force at a higher excitation frequency and
the displacement response can be reduced. However, the larger tuning
factor ylelds a slightly higher displacement response at hilgher
excitation frequencles, as shown 1in Figure 6.37. The roll angle
transmissiblility characteristics of the sprung mass with the tunable
interconnected suspension are presented in Figure 6.38. It can be seen
that a lower value of the tuning factor (v=0.7) ylelds a larger peak
value of roll angle response due to pressure limiting modulation at a
lower excitation frequency. A larger value of tuning factor (v=1.3)
results in a smaller peak amplitude of the roll angle response, but
ylelds a slightly higher magnitude of roll angle transmissibility at
higher frequencles. Figure 6.39 shows relative displacenment
transmissibility of the right suspension wunit with the tunable
suspension, for various values of tuning factor. A comparison of the
relative response characteristics reveals that a lower value of tuning

factor yields a larger peak in the relative displacement response around
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an excitation frequency of 1.8 Hz. A larger value of the tuning factor
results in a lower peak amplitude around 1.8 Hz. For the excitatlion
frequencies above 2 Hz, the lower value of the tuning factor yields a
slightly larger magnitude of relative response of the right suspension
unit. There 1s not very much difference in the relative displacement
response at the high excitation frequencies, as shown in Filgure 6.39.
The results in Figures 6.37 through 6.39 indicate that the tunable
interconnected suspension, with the tuning factor within the range 0.7
to 1.3, can yield lmproved vibration transmissibility characteristics of
the roll plane vehicle model.
6.8 Summary

In this chapter, a tunable interconnected suspension is proposed to
achieve improved overall performance of a roll plane model of a vehicle.
A mathematical model of the roll plane model of the vehicle employing a
tunable interconnected suspension has been developed, incorporating the
effects of fluid and mechanical compliance, and tunable valve dynamics.
The performance potential of a vehicle employing a tunable
interconnected suspension are illustrated via turning and dynamic ride
evaluation. The fluid feedback effects due to the interconnecting pipes
within the hydro-pneumatic suspension are analytically demonstrated by
formulating the interconnected suspension models, as well as by computer
simulation. Performance evaluation of the static roll stabllity and
dynamic ride of the roll plane model of the vehicle are presented and
compared with that of a vehicle employing independent and interconnected
suspensions. The static rell stability and roll performance is evaluated

by simulating the roll response of the vehicle to an external moment
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during a turning maneuver. The dynamic ride performance of the
suspensions 1s 1llustrated In terms of the transient and frequency
response characteristics. The analysls demonstrates that the fluld
interconnections between the two suspension unlts of vehicle can
provlides enhanced static roll stabllity; while a tunable pressure
limiting mechanism between the strut and the accumulator of each

suspension unit can yleld improved dynamic ride performance.
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CHAPTER 7

CONCLUSIONS AND RECOMMENDATIONS

7.1 General

In this thesls, active and passive vibration control systemsrare
analytically Iinvestlgated in order to achieve improved shock and
vibration 1isolation performance. Tunable passive vibration control
systems are configured based upon a critical examination of passive
hydraulic, as well as active and semi-active damping control mechanisms.
The performance characteristics of tunable dampers and tunable
interconnected suspenslons are examined for improved ride and handling
characteristics of road vehicles.

The vibration isolation characteristics of a hybrid active control
system, comprising an electro-magnetic force generator, and passive
spring and damping elements, are Iinvestigated for deterministic base
excitations. The dynamlcs of active force generating element are
appropriately lincorporated in the hybrid vibration control system and
the influence of the dynamics of force generator on the frequency
response characterlstics are presented for various control schemes.

A concept of tunable hydraulic damper is proposed to achieve
sequentlal damping based upon the pressure differential across the
piston, without requiring any external energy source, sophisticated
control devices and feedback Instrumentation that are essential for
active and semi-active vibration isolators. Damping, as well as shock
and vibratlon isolatlon, characteristics of the proposed tunable damper
are lnvestigated for determinlistic excitations and compared with those

of fixed orifice passive and semi-active ‘on-off’ dampers. A higher



order analytical model of the tunable damper, Incorporating the dynamics
due to the pressure modulating mechanism, as well as fluld and
mechanical compliance, is developed and a tuning methodology ls derlived.
The tunable damper model is integrated into a quarter vehlcle and an
in-plane vehicle models and the ride characteristics are presented to
demonstrate the performance potential of the proposed damper
arrangement. Discrete harmonic linearization technique 1s generalized
for simulating nonlinear systems containing both nonlinear restering and
dissipatlve elements, based on the principle of energy simllarity of
dynamlc elements. Stochastic analysis of the nonlinear in-plane vehicle
model, employing tunable shock absorbers, is carried out using the
generalized discrete harmonic linearization technique, and the results
are presented ln terms of response power spectral density.

A tunable interconnected vehicle suspension is configured by
introducing tunable pressure relief valves to an interconnected
hydro-pneumatic suspension. Roll-plane models of a road vehicle,
incorporating independent, interconnected and tunable Interconnected
suspensions, are developed to investigate the ride and handling
performance potential of tunable Iinterconnected suspensions. The tunable
interconnected suspension 1s mathematically modeled as an eighteenth
order dynamic system, Iincluding fluid compressibllity and valve
dynamics. Shock and vibration, as well as roll response, characteristics
of a road vehicle are investigated for deterministic excitatlions arising

from road roughness, and rounded step turning moments.

7.2 Highlighte of the Investigation

The major highlights of this investigation are summarized in the
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following subsections,

7.2.1 Vibration Isolation Performance of Electro-magnetic Active

Control Systems Includling the Influence of Force Generator

Dynamics

The vibration isolation characterlistics of active vibration control
systems are often evaluated assuming ideal control elements, while the
dynamic characterlstics of the control force generators are not taken
into account. In this thesls, a hybrid active vibration control system,
incorporating an electro-magnetic force generator along with passive
spring and damping elements, Is Investigated to demonstrate the
signiflcance of generator dynamics as a functlon of the active control
scheme. The electro-magnetic force generator is modeled as a first order
dynamic subsystem. The vibration isclation characteristics of a SDOF
system employlng an electro-magnetlic force generator are presented in
terms of vibratlon transmissibility, for varicus control schemes. The
vibration transmissibllity characteristics clearly 1illustrate that the
dynamics of the force generator influence the vibration isolation
performance considerably. The stability limits of the active vibration
control system are also affected by the dynamics of the generator. In
most cases, the vibratlon isolation performance of the active system is
adversely affected by the Inclusion of the generator dynamics. However,
for certaln control schemes only, the force generator dynamics can

contribute to an improved vibratlion isolation performance.

7.2.2 Concept of Tunable Pressure Limiting Modulation

It has been established that the damping force of a fixed oriflce

hydraulic damper becomes predominant at large values of the relative
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velocity and thus ylelds poor vibration isolation performance. The
semi-active or sequential dampers reduce the magnltude of the damping
force at large values of the relative veloclity response by actlively
modulating the fluld flow through the orifice using ‘on-off’ control
schemes. An examlnatlon of the frequency response characteristics of a
fixed orifice hydraulic damper clearly reveal that the pressure
differentlal across the piston and the damping force increase rapidly
with Increasing relative veloclty response. The vibration 1isolatlon
performance of fixed orifice hydraulic damper s considerably
deterlorated under a large relative veloclty response. A concept of a
tunable pressure limiting modulation to obtaln sequential damping, by
limiting the pressure differential across the damper, is proposed to
achleve improved shock and vibratlion lsolatlon characteristics. Pressure
differential limitation and thus damping modulation 1is achleved via
externally mounted pressure relief valves that can be tuned to achleve
desirable damping characterlstics. A tuning methodology lis developed,
based upon harmonlic base excltations, to estimate the preset limiting
pressure required to control the resonant response.

The shock and vibration Isolation characteristics of a tunable
hydraulic damper are compared with those of fixed oriflce and
semi-active sequential dampers. It is concluded that the performance
characteristics of the tunable damper are comparable to those of a
semi-active damper. The proposed tunable passive pressure limitlng
modulation can be reallzed passlvely and does not require sophisticated
control devices and feedback instrumentatlon essential for a semi-actlve
‘on-of f' vibration 1isclator. Moreover, a semi-active ‘on-off’ damper

exhibits discontinuitles in acceleration and gives rise to large
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magnitude Jerk of the system mass, chatter and instability at the time
of switching. The tunable damper, on the other hand, provides a
sequential damping by limiting the maximum value of pressure and does

not produce discontinuities in the acceleration response.

7.2.3 Significance of Fluld Compliance and Valve Dynamics

Hydraulic dampers and shock absorbers are often analytically
modeled assuming incompressibllity for the fluid flow. In this thesis,
the tunable hydraulic damper and the interconnected hydro-pneumatic
suspension are modeled Iincorporating the fluid and the mechanical
compliance as well as the dynamlcs of the tunable pressure rellef valves.
The influence of the fluld compliance and valve dynamics on the shock
and vibration isolatlon performance of tunable dampers is illustrated.

The fluid and mechanical compliance is characterized in terms of an
effective bulk modulus, related to bulk moduli of the fluld and the
chamber. Additional variables, describing the rate of change of pressure
in each fluld chamber and rate of change of volume in each gas chamber,
are Iirtroduced 1n the mathematical modeling. This general modeling
methodology is appllicable to other types of hydraulic dampers and shock
absorbers,

The tunable pressure limiting mechanism is modeled as a second
order dynamic subsystem incorporating the spring preload and various
port shapes. A SDOF base excited vibration isolation system employing
the tunable hydraulic damper is thus mathematically modeled as a seventh
order nonlinear dynamic system. The roll-plane vehlicle model
(conventionally four DOF), equipped with tunable Interconnected
suspension, is analytlically modeled as an eighteenth order nonlinear
dynamlc system.

- 311 -



The shock and vibratlon isolatlion characteristics of the tunable
dampers, presented in Chapter 4, clearly lllustrate the signiflcance of
fluid compressibility and valve dynamics. The simulation results reveals
that the effective bulk modulus has a relatively moderate influence on
vibration isolation performance. At high excltatlon frequency, however,
the magnitude of the dynamic force changes considerably with reduced
bulk modulus. Reduction in fluld bulk modulus, caused by entrapped alr
within the fluid, significantly affects the restoring as well as dampling
force characteristics, specifically at higher excitation frequencles.
The variations in dynamlic forces due to fluld compressibllity, are of
significance in active and semi-active vibration control systems and may
produce serious stability problems.

7.2.4 Development of Generallzed Dlscrete Harmonic Linearlization
Technlque

The discrete harmonic linearization methed is an extension of the
frequency domain linearization [107] to stochastic analysls of nonlinear
systems [105]. The discrete harmonic linearization technique, based upon
energy balance, is applicable to systems with nonlinear dissipative
elements. The conventional linearization technique can not provide an
equivalent stiffness coefficient for a nonlinear conservatlve restoring
element, due to the fact that the energy stored by the restoring element
per cycle is zero. The discrete harmonic llnearization technlque is
generalized in this investigation such that the nonlinear tunable
dampers can be simulated in the convenient frequency domaln for
stochastic excitations.

The generalized dlscrete harmonlc 1linearization method provides

linear representations of both nonlinear conservative and dissipative
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elements based on the principle of energy simllarity of dynamic
elements. The generallzed dlscrete harmonic 1linearlzation technique,
thus developed, ls applicable to both nonlinear damping and restoring
elements, while all the advantages of the original discrete harmonic
linearlzation method are retalned. The generalized technique presented
is, therefore, directly applicable for deterministic and stochastic

analyses of nonlinear dynamlc systems.

7.2.5 Development of Tunable Interconnected Hydro-pneumatic Vehicle

Suspension

Ride comfort and road heolding ability of a vehicle often pose
conflicting requirements on the vehicle suspension. From the study
presented 1In this dissertation and previous studies, it has been
established that an interconnected vehicle suspension can increase the
effective roll stlffness and thus the roll stabllity. Tunable pressure
limiting mechanisms can be introduced to further improve the ride
performance of interconnected vehicle suspensions. A tunable
interconnected vehlicle suspension is thus configured to achieve improved
suspension performance 1n view of ride and roll characteristics of the
vehlcles.

A roll plane model of a road vehicle employing a tunable inter-
connected hydro-pneumatic suspension is developed, and then investigated
for excitations arlsing from road roughness, and roll moments imposed
during turning, In order to determine overall suspension performance.
The simulation results clearly 1llustrate that fluid couplings between
the two struts of the suspension yield an improved anti-roll performance
and thus enhance static roll stability; while tunable pressure limiting

modulation between the strut and the accumulator of each suspension unit
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offers sequential damping and thus an lmproved vehicle ride,

7.3 Conclusions
Based on the studles carried out in this thesis work, the following
speclfic conclusions can be drawn:
— Stabllity and vibratlon 1solation characteristics of an active

vibration control system are strongly influenced by the dynamics of

the active force generatcr.

-— Vibration isolation characteristics of an active control system, in
most cases, are adversely affected by the generator dynamics. The
generator dynamics, however, can yleld an improved wvibration
lsolation response for certain control schemes, such as x.

~— Actlve control based on independent response varlables can affect
only some aspects of vibratlion transmissibility characteristics,
while active control based wupon combined variables has the
potentlal to yleld improved vibration isolation performance.

— Active control based on absolute displacement, wveloclity, and
relative displacement of a hybrid active system ylelds a sup=rior
vibration isolation performance in the presence of generator
dynamics, as compared with other schemes proposed in the
literature.

— Sequential damplng characteristics can be achleved via modulating
the pressure differential across the damper piston.

— The pressure limited hydraullic damper can be effectively tuned by
employing a harmonic analysis for a desirable sequential damping.

— The tunable pressure limited hydraulic damper offers an improved
shock and vibration isolation performance.

— The performance characteristics of tunable hydraulic damper are
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comparable to those of a semli-actlve ‘on-off’ damper, while the

tunable damper offers the following advantages:

{a) Varlation in damping is realized passlvely.

(b) The tunable damper is simpler and does not reguire sensors and
control devices essential for a seml-active ‘on-off’ damper.

{c) The Jerk and chatter associated with the discontinuous
behavior of a semi-active damper is essentlally eliminated by
the tunable passive damper.

The shock and vibration isolation performance of a tunable damper

is strongly Influenced by the preset value of the limiting

pressure. Too low a value of preset limiting pressure ylelds a high

resonant peak due to insufficlent damping. It is recommended that

the tuning factor should be selected greater than or equal to one.

The dynamics of the pressure 1limiting mechanism and fluid

compliance alsce influence vibratlion Isolation performance of a

tunable pressure limited damper.

Varlations in fluld complliance yleld a severe influence on the

shock isolation performance, while the vibration isolation

characteristics are only moderately Influenced by variations in

f luld complliance.

Dynamlc characteristics of restoring and damping forces are

strongly influenced by low values of effectlive bulk modulus.

Both deterministic and stochastic analyses of tunable pressure

limited suspension systems indicate that the tunable damper offers

conslderable potential to improve vehicle ride.

The generallzed harmonic lineartzation technique can be implemented

to achieve 1locally equivalent 1linear coefficients for both
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nonlinear damping and spring elements based on the principle of
energy simllarity of dynamic elements. The neonllnear system can be
simulated for deterministic as well as stochastlc excltation, in
the convenient frequency domain.

— The random rilde response of a vehicle suspenslion system |s
influenced not only by the power spectral density of road
roughness, but also by the preset pressure limiting values for the
tunable shock absorbers at front and rear axles.

— The tunable Iinterconnected hydro-pneumatic suspension offers
consliderable potential to improve vehlcle ride through tunable
sequential damping. The enhanced effective roll stiffness of
interconnected vehicle suspension increases the rollover threshold
value and thus lmproves static roll stabllity.

— The tunable pressure limiting mechanism employed in an Inter-
connected suspension does not affect the effective roll stiffness
and thus the static roll stability. Even with very small values of
tuning factors, the steady state value of roll response remains
unchanged.

— A low value of bulk modulus along with valve dynamlics slightly
increases the bounce response of the vehicle model with a tunable
interconnected suspensicn. The vehicle roll respense, however,
decreases due to low fluid bulk modulus and valve dynamics.

Some of the results of this investigation have been presented at
conferences and published in journals [129, 130, 131, 132].

7.4 Recommendations for Future VWork

Mathematical modeling and computer simulation provide performance

potential of the tunable pressure limiting control scheme, but physical

- 316 -



validation 1s necessary for realization and application of such a
concept. An attempt should be made to develop and study physical models
of a tunable pressure limited damper and interconnected suspension. The
corresponding performance characteristics should be evaluated via
laboratory experimentation and the analytical models may be
appropriately tuned to achleve validated models for further analyses.

Parameter sensitivity of a tunable hydraulic damper with relief
valve mechanisms should be studied, with respect to the shock and
vibration 1isolation characteristics, and incorporating experimental
valldation. Parameter optimization design of a tunable hydraulic damper
can be carrled out to achieve shock and vibration isolation
characteristics of the system close to those of an ideal tunable damper
system, for specified base excitations,

Different mechanisms to reallze the pressure limiting modulation
should be investigated, in order to minimize the influence of valve
dynamics and to achleve further effective control. Adaptive control of
tunable modulation should be studied to achieve an optimal tuning of
pressure modulation with respect to various excitations.

Parameter sensitivity of a tunable interconnected suspension should
be studied in order to achleve an optimal compromise of roll stabllity
and rlde comfort, for various types of vehicle models.

Efforts are needed to develop and investigate more comprehensive
vehicle models for evaluation of ride and handling performance
characteristics. A three dimensional vehicle model with tunable
Interconnected suspension needs to be studied, incorporating fluid flow
interconnections within both roll and pitch planes.

Stochastic analysis of the roll plane vehicle model, as well as a
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three dimenslonal wvehlcle model, employing tunable interconnected
suspenslon should be carrled out to evaluate the ride performance of the
suspension in terms of PS5D characteristics, by using the generalized
harmonic linearization technique.

Application of the generalized harmonic linearization technique to
simulate the response of nonlinear dynamlc systems with varlous types of
conservative and dissipative nonlinear elements would be of interest.
The stochastic response characterlstics of the nonlinear systems thus
obtained can be compared with those obtained via other methods in order
to ldentify the limltatlons and advantages of the technique.

Nonlinearities in active vibration control systems, such as the
nonlinear contrcl force du2 to variation in clearance and nonlinear
magnetic field, should be properly considered. The effects of these
nonlinearities can be evaluated via computer simulations. Laboratory
tests, however, need to be conducted to achleve an active vibratlon
control system based upon electro-magnetic force generator.

An optimal design of a hybrid active vibration isolation system
along with passive elements could be studled. The optimization can be
carried out to achleve the best vibration isolation performance for a

limited level of active force or external energy, and employing directly

measurable response variables.
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