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ABSTRACT
A Study of Ride Comfort Performance of Occupant on Car Seat
Exposed to Whole-Body Vibration
Tingsheng Tang

The perception of whole-body vibration and automotive driver/passenger comfort
is strongly influenced by the static and dynamic properties of the seat. The analysis of
comfort performance of the polyurethane foam (PUF) seats poses considerable challenges
due to nonlinear properties of PUF and complex biodynamic response behavior of the
human body. In this dissertation, the static and dynamic properties of three PUF seats are
characterized in the laboratory under a wide range of preloads and excitation conditions.
The measured data are analyzed to determine the stiffness and damping models of the
seats as a function of the preload, and relative deflection and relative velocity of the
cushion. The models thus derived are analyzed to study the vibration transmission
performance of PUF seats loaded with a rigid mass under broadband as well as road-
measured random excitation. Laboratory experiments are performed to evaluate vibration
responses of the seat-rigid mass system and the data are used to examine the validity of
the proposed models under the wide range of conditions considered. The analytical model
of the seat-rigid mass system resulted in good agreements with the measured data in
terms of acceleration transmissibility. A number of performance measures are formulated
to assess the vibration isolation effectiveness of the seat. These included the true and
frequency weighted rms acceleration, S.E.A.T. (Seat Effective Amplitude
Transmissibility) values, and peak acceleration. A parametric study is carried out to study

the influence of stiffness and damping gains, body-weight, frequency and relative

i



deflection dependence of the PUF stiffness and damping on the vibration isolation
effecuveness. Analytical models of the seat-occupant systems are developed by
incorporating four different biodynamic human body models. reported in the literature.
into the nonlinear seat model. Laboratory experiments are also performed with one
subject to experimentally derive the vibration transmissibility characteristics of the seat-
occupant system. The analytical response characteristics of the seat-occupant systems are
compared with the measured response to assess the validity of the models. The results
revealed reasonably good agreement between the measured and computed response
charactenistics under certain excitations, but considerable deviation was observed under
other excitation. The three degree-of-freedom seated human body model, proposed in the
literature, is further tuned to satisfy the measured apparent mass (APMS) and seat
transmissibility characteristics in order to account for the body coupling with the
deformable cushion. The validity of the proposed model is demonstrated by comparing

its response charactenistics with the measured data.
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1 INTRODUCTION AND SCOPE OF DISSERTATION

I.1  General

The assessment of automotive seating comfort characteristics is a highly complex
task due to excessive inter-subject variations, such as the body sizes, weights and
preference, and variation in the driving environments. The subjective perception
experienced by the driver/passenger is associated directly with the level of comfort. Since
the driver's/passenger’s perception of comfort is related to the seat design, the
enhancement of comfort properties of automotive seats forms an important design
objective. However, many factors, which include design factors, environment factors and
subjects’ factors, affect the comfort performance of automotive seats. The comfort
performance of the seat may be further influenced by the seat-occupant interactions and
the surrounding environment, such as visual field, ability to reach control panel. interior
space, hand hold, temperature and humidity of environment, noise, vibration, individual
factors, subject posture and so on. Among all of these factors, vibration transmitted to the
occupant through the seat is one of the most important factors related to the overall

perception of the comfort.

Whole-body vibration (WBV) occurs when the body is supported on a surface
which is vibrating. The human occupant on a car seat is the most typical example of
exposure to whole-body vibration. The vibration transfers to the seated occupant from the
supporting seat surface, the seat-back, the steering wheels, and the feet, along all three
translational and rotational axes [1]. A good seat has been defined as one that (i) gives

good support to the driver and passengers in every driving situation; (ii) reduces the

1



transmission of vibration from the car to the body of the driver and the passengers: and
(iii) provides comfortable seating with respect to temperature and humidity [2]. It has
been reported that the vertical component of vibration transmitted to the seat is usually
the highest after the frequency and the axis weightings are applied [3,4]. Paddan and
Griffin (5] studied vibration affects on the different human subjects and the same human
subject in different directions. The study concluded that seat to body transmissibility is

greatest along the z-axis, as shown in Figure 1.1.

Consequently, the assessment of vertical vibration transmission performance of
the seat under representative excitations arising from the tire-road interactions is vital to
achieve the design objective of enhancing the occupant comfort. The ride comfort
performance in this dissertation thus refers to the nature of vertical vibration transmitted
to the occupant on the car seat and exposed to the whole body vibration. In view of the
quality of the road surface on which the people have to travel, they may be submitted to
significant levels of vibration and shock that arise primarily from the tire-terrain
interactions, the intensity of which is dependent on the road profile, the speed, the quality
of the vehicle primary suspension and of the seat ability to attenuate the vibration. Even
though the tolerance of the humans to the same level of vibration varies from individual
to individual, the frequency dependence shows the same functional dependence and
displays a marked increase in the sensitivity in the region of 2 —10 Hz [57]. It is well
known that vibration in most automotive vehicles is predominant in the 0.5 to 10 Hz

frequency range and that levels of exposure of as high as 1 m/s’ may be encountered.
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Figure 1.1:  Variations in the transmission of vertical seat vibration to the body of a
single subject measured on 12 separate occasions [5] respectively.

Exposure to such vertical whole body vibration has been known to interfere with the
occupant’s comfort, work efficiency and health. Many chronic health effects have been
associated with prolonged exposure to whole-body vibration. These include disorders of

the spine, abdominal pain, digestive and vision problems, etc. [1,4,6,7].

The dynamic responses of the human body on the seats to vertical whole-body
vibration and shock have been investigated experimentally for more than four decades.
The development of an understanding of the side effects of whole-body vibration on the
human body involves study of the mechanical, psychological, physiological and

pathological responses. Even so, complex nature of the human body and complicated



visco-elastic properties of seats have prevented a clear understanding of the form of the
dynamic response of the body. Understanding of the mechanical responses of the human
body and nonlinear properties of the seats are essential to reduce the undesirable effects
on the ride comfort and the feelings of occupants caused by vibration. A number of
studies have investigated the dynamic properties of the human body and the seat. One of
the objectives of the seat designer is to achieve an overall reduction in vibration
discomfort of the seat-occupant compared with the discomfort that would be experienced

with a rigid seat [4].

Owing to the complexities associated with the human perception of comfort and
response to vibration, and static and dynamic properties of polyurethane foam (PUF)
seats, the comfort assessments are mostly performed through subjective and objective
tests [4,24]. The latter is frequently considered more desirable since the former yields
inconsistent results due to excessive variations in the individuals’ preferences. The
objective methods are employed in to the field as well as laboratory measurements. The
field measurement methods, however, involve high cost, lack of repeatability, and
uncontrolled conditions, and thus are justified when only limited number of tests is
required. Alternatively, the laboratory-based methods yield more consistent measures

under controlled conditions.

In general, subjective evaluations yield considerable data on relative ride ranking
and don’t provide quantitative information to the designer. Furthermore, it is considered
to be complex and expensive, specifically when repetitive tests need to be performed with
a large number of seats. The subjective evaluations, however, can be effectively used to

obtain ride perception when relatively small number of prototype seats is involved. This



method is used to obtain general qualitative view for ride comfort as the first step in

design procedure.

Objective methods propose direct measures of physical quantities, such as
displacement, force, and acceleration [4,24], often yield quantitative information for the
designer. The experiment-based objective methods, however, also pose considerable
difficulties and concerns. These include the high cost associated with repetitive tests with
large number of subjects and data analysis, and ethical concerns related to human
exposure to vibration. Alternatively, few attempts have been made to develop analytical
models of automotive seats, such that the number of field and laboratory trials could be

limited to a minimum.

[n an effort to improve the vibration comfort of automobile occupants, many car
manufacturers have been made increasingly aware of the importance of better designing
the car seats to reduce exposure to vibration. While several efforts have been made to
identify polyurethane foams with better vibration attenuation properties, an objective
assessment of vibration attenuation performance of such seats requires the consideration
of contribution due biodynamics of the seated occupant to whole-body vibration. It is
thus vital to assess the comfort performance of seats loaded with human occupant when
either field or laboratory methods are used. For the design purposes, such a procedure
may be considered cumbersome, since any alterations of the seat would most likely be
followed by a series of measurements to assess the influence of the changes on the
overall attenuation performance. Altemnatively, development of suitable models
representing both the seat and the occupant offers the possibility to assess the impact of

any modifications on the basis of simulation results, that may be supplemented by only



few tests. Development of an analytical model of the seat involves two distinct tasks: (i)
modeling the static and dynamic properties of the PUF seat; and (it} modeling the seated

occupant.

While modeling techniques have been successfully applied to represent the
biodynamic responses of the human body exposed to whole-body vibration, suitable
biodynamic models capable of representing automobile occupants and postural
constraints are still lacking. The biodynamic response characteristics of the human body
are known to be influenced by several factors, including subject weight, posture, backrest
support, feet and hand position, vibration excitation type and level, etc. While most
current biodynamic models have been derived on the basis of measured biodynamic
response functions, the conditions associated with the development of these models have
often been very different from those that would apply to automobile drivers. Most of the
seated occupant models have been derived from biodynamic response of subjects seated
with no buck support, exposed to relatively high magnitudes of vibration. The reported
models may thus be considered not likely applicable to automobile occupants which
involve a seated posture with fully supported back with an inclined backrest and seat pan,
with hands either in lap or in a driving position, subjected to significantly lower vibration

excitation levels.

The PUF seat cushions are known to yield highly nonlinear static and dynamic
properties that are highly dependent upon the seated body weight and nature of excitation
(frequency and stroke). Although a number of studies have attempted to characterize the
static and dynamic properties of PUF cushion, only limited evidence exist on the validity

of the resulting models.



In this dissertation research, the static and dynamic properties of selected PUF
cushion are explored to derive nonlinear models, which are validated for a range of
selected body weights and excitations. The reported biodynamic models are applied to
derive a couple seat-occupant model. The validity of the resulting model is explored
through comparisons with the measured data. A modified biodynamic model is proposed

to effectively carry out the vibration attenuation performance of automotive seats.

1.2 Literature Review

The reported studies relevant to human comfort perception, assessment methods,
characterization of PUF seats and biodynamics of the seated occupant are reviewed. The
highlights of these studies are briefly discussed below in order to gain knowledge and

formulate the scope of the dissertation research.

1.2.1 Analysis of comfort performance

The comfort performance of a seat is mostly evaluated through either laboratory
or field measurements. The ‘measurement’ involves the assignment of numerical values
according to some rules, while the ‘evaluation’ results in some indication of the relative
or absolute worth, value or severity. Vibration measurement may therefore make use of
mathematical procedures which do not necessarily indicate vibration severity or
discomfort. The evaluation of vibration with respect to human response involves the use
of procedures which, by some means, provide an indirect measure of severity of vibration
exposure. Conceptual illustration of the measurement and evaluation of vibration with

respect to human response is shown in Figure 1.2. The evaluation, however, may involve
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Different objective measures are defined in terms of frequency-weighted root mean
square (rms) or root-mean-quad (rmq) acceleration, and seat-effective amplitude
transmissibility (S.E.A.T.). The methods for deriving these measures and their

interpretation are documented in standards, which are briefly summarized below.

International Standard ISO 2631-1

Presently, the most commonly used standard for evaluating human exposure to
WBYV and shock is the International Standard [SO 2631-1 (1997) developed by the
[nternational Standards Organization (ISO). This standard defines the frequency
weighting functions, which account for the variation of human sensitivity to vibration
frequency. The frequency weighting procedure implies that human response to WBV is
not only related to magnitude but also to the frequency of the vibration. The purpose of
the frequency weighting procedure is to compensate and to normalize for differences in
human susceptibility and sensitivity at different frequencies. Figure 1.3 presents the
frequency-weighting curve for principal weighting, W, , which applies to vibrations in
the vertical direction in order to assess health and comfort effects on seats. The standard
also presents the main vibration exposure assessment methods based on frequency-
weighted rms acceleration measured at the point of entry of the vibration in the body.
This method must be complemented with additional assessment methods including a
fourth power vibration dose value of acceleration (VDV), and /or a maximum transient
vibration value (MTVV) to emphasize the added inﬂuence; of transient vibration and high
amplitude shock events. Evidently, the International Standard ISO 2631-1 (1997) (1]
provides guidance on comfort and health risk based on the frequency-weighted rms

9
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acceleration measured within the frequency range of 0.5 to 80 Hz at the seat-subject
interface for a seated individual subjected to continuous broad-band vibration. On that
basis, it must be supposed that the amount of vibration measured at the interface is a good

indicator of the vibration transmitted to the body.

The effects of vibration on the comfort of a person exposed to periodic, random or
transient vibration are assessed in the frequency range 0.5 to 80 Hz. When assessing the
effects on comfort, all the relevant vibration directions should be included to obtain the
overall total value of vibration at each point of entrance of vibration within the body (i.e.
seat, feet, backrest) neglecting angular motion, the point vibration total value is defined

as:

a,. = (kfaf_‘ +kla;, +klal )”2 (L.1)

w3l

where a, = fZ(wua“)Z . a,, = /Z(w'“aw): , and a_ = !Z(w_,,a:l): are
t t t

frequency-weighted rms accelerations with respect to the orthogonal axes x, vy, z,
respectively; &, /cy. and k_ are multiplying factors; wy;, wyi, and w,; are the weighted

factors for the i th one-third octave band with respect to the orthogonal axes x, y, z,
respectively; ay;, ayi, and a,; are the rms acceleration for the i th one-third octave band in

the orthogonal axes x, y, z, respectively.

The overall rmms value of the frequency-weighting acceleration

1/2
(a. = (Zasz] ) can be then compared with the following guidance:

L1



a.<0315 m/s? Not uncomfortable

03l5<a, <0.63 m/s? A little uncomfortable
0.5<a, <1 mfs? Fairly uncomfortable
0.8<a, <1.6 m/s? Uncomfortable

[.6<a <25 m/s? Very uncomfortable
a.>25 m/s? Extremely uncomfortable

¢

The standard cautions that before making this comparison, it is important to
remember that reactions to various magnitudes of vibration depend on various factors
such as comfort expectations, annoyance and tolerance. Therefore, the above figures

should be treated only as guidance.

Frequency weighting

Many studies have concluded that the vibration energy absorbed by the human
body is strongly related to the frequency of vibration, with peaks being in the range of
4-6 Hz [4,29]. Human body exhibits different sensitivity to vibration within different
frequency ranges. The weighting factor has thus been introduced within the standardized
evaluation procedures to account for the human sensitivity to vibration. The frequency
weightings are defined in the form of filter transfer functions or weighting factors
corresponding to center frequencies of the one-third octave bands, that could be directly
applied in the frequency-domain analyses. Figure 1.3 illustrates the transfer function of
the Wi-filter defined in ISO 2631-1 [I]. The weighting factors represent the magnitude

12



ratio of the transfer function corresponding to specific frequencies, which are the highest

within the frequencies of 4-12 Hz.

Vibration discomfort assessment of occupants is primarily based on laboratory
evaluations of subjects’ judgment when exposed to various vibration stimuli. Equivalent
sensitivity contours express the vibration magnitude required to produce equivalent
discomfort for each vibration frequency, axis and input position, especially in frequency.
Consequently, frequency-weighting functions in the time domain are defined to express

the differences in discomfort at different vibration frequencies.

For the assessment of health and comfort effects due to vertical vibration
transmitted at the seat level, a frequency weighting function, Wk, is defined in the 0.5 to
80 Hz frequency range [1]. The frequency weighting function is defined as a combination
of a series of transfer functions. Mathematically, the transfer function of the weighting
filter is as a combination of high-pass, low-pass. acceleration-velocity transition and

upward step transfer function, given by:
i) High pass filter:

|

H,(s)= > (1.2)
l+w, [(Q;s) +(w, /5)”
where @, =27, f; .04 Hz, s =jf, and Q, = /2.
1i) Low pass filter:
l
H,(s)= (1.3)

L+ 5/(Q,w,) + (s/ w,)*

where @, =27f,, =100 Hz, and Q.= 1/+/2.

13



ii) Acceleration-velocity transition (proportionality to acceleration at lower

frequencies, proportionality to velocity at higher frequencies):

l+s/w,

H, (s)= -
l+s/(Qw,) +(s/w,)"

(1.4)

where w; =27f, f5=12.5 Hz and Q;=0.63; w, = 2af,, and f;= 12.5 Hz.

iv) Upward step (steepness approximately 6 dB per octave, proportionality to

jerk):

H (s) = L5 51Qs05) + (sTe5) (&) (L.5)

L+ s/(Q,w,) + (s/ w,)* \ w,
where w; =27f, f5=2.37 Hz, and Q5 =0.91; w, = 27f,, fs = 3.35 Hz, and Q¢ = 0.91.

The total frequency weighting function is expressed as:

H(s)=H,(s)-H,(s)-H,(s)- H (5) (1.6)

S.EA.T.

The S.E.A.T. (Seat Effective Amplitude Transmissibility) has been defined as a
measure of the efficiency of a seat in isolating the body from - ation [53]. It provides a
simple numerical assessment of the seat isolation efficiency. An un-weighted S.E.A.T.
value of a seat represents the ratio of the un-weighted rms acceleration measured on the
seat to the un-weighted rms acceleration measured on the seat base along the same

direction, given by

14



a of seat vibration 1.7)

a of base vibration

where the mms acceleration may be computed either from the time domain or from the

acceleration spectra in the following manner:

rmy _nime

(1.8)

rms _ freq —

Is.nar
h

where X(1) is the acceleration time history and S,(f)is its power spectral density. T is
the sample or measurement duration. and f, and f, define the frequency limits of the
analysis.

A frequency-weighted S.E.A.T. value represents the ratio of the frequency-
weighted rms acceleration measured on the seat to the frequency-weighted rms

acceleration measured on the seat base along the same direction, given by:

of seat vibration (1.9)

a .
S.EEAT., = —2m

w.rms

of base vibration

where the frequency-weighted rms acceleration «,,  may be computed either in the

S

time-domain or in the frequency-domain

LS



a =

w.rms _time

| SR
= 6[: (t)dt

Ayims_freq = Zn:[amu_/'rrq(-fx)‘vk (f,)]2 (1.10)
=t

where X _(z) is the frequency-weighted acceleration time history obtained through
application of the weighting filter. defined in Equation (1.6). w(f) is the weighting
factor corresponding to center frequency f, of the i third-octave band, and n is the

number of frequency bands considered in the analysis.

1.2.2 Characterization of Automotive Seats

The continuous pressure from the automobile industry for cost saving has resulted
in greater demands for car seat weight together with improved posture and vibration
comfort. This has led to a number of studies on the characterization of the flexible
polyurethane seating foam and their contribution to the ride comfort [2,8-10]. Various
studies have attempted to study the relationship between PUF characteristics and the seat
comfort. It is widely concluded that the polyurethane foam widely used in seat cushion
design has complex mechanical properties and the ride comfort is closely related with
these properties [8]. The highly nonlinear visco-elastic properties of the polyurethane
foam cushion depend not only on the composition, density and geometry of the cushion,
but also on the excitation magnitude and frequency content, the seated posture and

subjects’ physical characteristics.

16



A number of studies have reported the constitutive properties of cellular foams
used in automotive seats [9-11]. Lee and Ferraiuolo [12] studied and reported that foam
thickness and foam hardness were important parameters affecting seat ride comfort. In
the context of the foam properties, the study characterized the force-deflection curves of
the foam cushion to identify parameters, such as the linearity and gradient of the curve.
Diebschlag et al. [13] recommended polyurethane foam with linear characteristics
between applied force and compression ratio by optimizing the force and pressure

distribution on the contact surface between a human body and the seat cushion.

Many different models of seat cushion have been proposed with varying
objectives. All the reported models tend to characterize the properties through lumped
spring and damping elements constrained along vertical direction, while the elements
may possess different characteristics, either linear or nonlinear. The majority of the
studies on human-seat or seat cushion dynamics, however, consider a linear seat cushion
model to predict the comfort of seat and to investigate the optimum seat cushion
parameters so as to minimize the transmission of vibration magnitude from the floor to
the interface between the seat and the human body [14-17]. These linear models are
presented in the force-deflection and force-velocity properties of the cushion along the
vertical axis with an equivalent linear spring and a parallel viscous damper, as shown in
Figure [.4. Although the linear cushion model provides good representation of
polyurethane foam seats when the magnitude of input vibration is small and the
frequency of the input is above 4 Hz. it tends to yield large error when the magnitude of

input vibration is large and the frequency of the input is below 4 Hz. Thus, the
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applicability of the linear cushion model is when the magnitude of input vibration is

small and the frequency of input vibration is above 4 Hz.

Human Body —— m 4 Xo

Cushion ———> =]

Seat Pan ——f —

Figure 1.4:  Cushion model with an equivalent spring and an equivalent damper
representation.

Rakheja et al. [3546] presented the laboratory characterization of selected
automotive seat cushions in terms of force-displacement and force-velocity
characteristics as function of the preload (seated body weight), excitation amplitude and
excitation frequency. The study also evaluated the equivalent stiffness and damping
coefficients as function of the preload, and excitation conditions. The study concluded
that the stiffness coefficients of the seat cushion varies most significantly with the
preload, and excitation magnitude and frequency. The damping coefficient, however, was
found to be less sensitive to variations in body weight and excitation frequency at

frequencies above 3 Hz.
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Based on the interface pressure distribution measured between the seated subjects
and the seat cushion, Wu [18] developed a nonlinear seat cushion model to account for
the body hop motion and cushion bottoming, occurring under either large preload or large
magnitudes of vibration excitation. Although the proposed model behaves like a
conventional linear element when the dynamic deflection is in the vicinity of the static
equilibrium position, it demonstrates progressively hardening/softening behavior over a
wider range of deflections to account for the body hop and cushion bottoming
phenomena. The proposed seat cushion model consists of a parallel nonlinear spring and
a linear viscous damper. The force-motion relationship at the human-seat interface of the

seat cushion model was expressed as:

«

Fronm () =3 F+k (x—x)+ f(x)+ CoqX 0<x<y (L.11)
0 x<0

Fot+k (x—x)+ f(x)+k, (x—-x)° tc, X X Sx<T,

In the above, F is the static preload on the seat cushion under which the seat
cushion undergoes a static deformation of x,. x is the deflection of the seat cushion with
reference to the free thickness of the seat cushion, which should not exceed its free
thickness, T.. c., is equivalent viscous damping coefficient which can be estimated from
vibration transmission characteristics of the human-seat system.  is the relative velocity
due to foam deformation. The parameters k.; and k¢; include linear and nonlinear (cubic)
contents of stiffness coefficient, respectively, when cushion bottoming is initiated beyond
the deflection threshold of the seat cushion, x,. The deflection threshold of the seat

cushion x; should be greater than the cushion deflection at the equilibrium position x,.
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The model incorporates nonlinear restoring property, using linear and cubic dependencies
on displacement. f(x) is a nonlinear force function, which mostly relates to the
nonlinearity associated with body hop motion. The mass of the seat cushion is further
assumed to be negligible, since the density of the polyurethane foam is quite low (in the
order of 50 kg/m’). The proposed model incorporates the influence of body weight

through consideration of the static deflection ;.

Human Body [——» m 4 Xo
l\cq Ceq

Cushion [==]

Seat Pan o ]—f Xi

Figure 1.5:  Cushion model with a nonlinear spring and an equivalent viscous damper .

By simplifying a continuous shape function that characterize the piecewise
continuous stress-strain characteristic of flexible open-celled foam, Patten et al. [19,20]

developed a non-linear automotive seat cushion model, which relies explicitly on the



constitutive properties of polyurethane foams and on the geometry of the seat cushion.
The model includes the influence of pneumatic damping attributed to air flows within the
open-celled foam and matrix polymer. The proposed seat cushion model consists of a
parallel nonlinear spring and a non-linear viscous damper, as shown in Figure 1.6. The
major assumptions of the model include: (1) the motions relative to static equilibrium are
small; (2) the motion occurs along the vertical direction only; (3) the foam consists of an
assemblage of cells; (4) the top and bottom sides of the foam cushion are covered with a
material that prevents flow though these faces; (5) the air in the foam matrix is treated as
a Newtonian fluid; and (6) flow is assumed incompressible, which is justified with low

Reynolds numbers.

Human Body ——® m 4 X,

kcq Ceq

Cushion ——— J.EEI;I

Seat Pan > l—? Xi

Figure 1.6:  Cushion model with a nonlinear spring and a nonlinear damper [19,20].



The nonlinear stiffness and damping coefficients of the seat cushion are described

K(x)= £ (1.12)
O+ K x T
C(x)=C, +C | (1.13)

where Ko, K, Co, and C, are constants. It is found that the spring stiffness of the seat
cushion is a function of the relative deflection (x) alone, while the damping coefficient is
a function of the relative velocity (x). The study does not consider the influence of

seated body weight or the excitation frequency.

Tcherrnychouk [21] developed a non-linear automotive seat cushion model on the
basis of laboratory-measured static and dynamic properties of the polyurethane foam
cushions. The proposed seat cushion model consisted of a parallel combination of a
nonlinear spring and a non-linear viscous damper. similar to that as illustrated in Figure
L.6. The stiffness and damping properties were established as function of frequency and
amplitude of excitation and preload, using a look up table. These tables represented the
cushion behavior in the selected ranges of frequency, excitation amplitude and preload.
The interpolation was employed to derive the spring stiffness and the damper coefficient

of the seat cushion according to specific excitation and body weight.

Leenslag et al. [22] introduced a small-scale dynamic creep test to derive the foam
dynamic creep behavior and related vibration properties. The results of the small-scale
test were analyzed to evaluate the contribution of non-linear foam behavior to ride
comfort and were further employed to model seat behavior. A finite-element based

analytical (FEA) model for the polyurethane foam cushion was proposed to study the
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quasi-static and dynamic behaviors. Figure 1.7 shows an example of the computed
vibration transmissibilities at different percentage level of ILD (preload). In general.
minimum values for natural frequency were observed in the 20 to 35 percent [LD range,

reflecting the foam’s non-linear behavior.

10

——— 15% ILD (265N}
cersenesens 25% [LD {340N)
----- 40% ILD @SEN}
o. 1 | | 1 1 1 L]
1] 2 4 6 8 10 12
Frequency (Hz2)

Figure 1.7:  Vibration transmissibility of the FEA seat cushion model [22].

All of the above-mentioned studies focus on the characterization of PUF cushion,
while the contribution due to biodynamic properties of the human occupant are mostly

ignored. The reported studies, however, have established that the vibration attenuation
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performance of a seat is strongly dependent upon the mechanical properties of the PUF
and the body weight, and that the mechanical properties are complex function of
excitation condition. The reported studies, in general, may be grouped in these categories

on the basis of the study objective. These are summarized below:

L. The first group of studies includes very limited number of studies, which focus on the
development of new materials with superior static and dynamic properties.
Murakamiet et al. [23] developed a new MDI (diphenylmethane diisocyanate) - based
polyurethane flexible foam for automotive seat cushions having superior static and
dynamic properties. The improved MDI-based polyurethane flexible foam provided
good pressure distribution properties with increased contact area, and lower
maximum and average interface pressure. The variations in the interface pressure
were evaluated in terms of coefficient of variation (cv) of the pressure and it was
suggested that a lower value of cv would provide favorable pressure distribution [23].
The proposed MDI-based foams also showed lower vibration transmissibility over a

wide range of frequency range, especially at the resonance frequency.

89

The second group of studies includes those focusing on the static as well as
combination of static and dynamic comfort. With the increasing demand for comfort,
not only the dynamic comfort should be studied, but also the static comfort. ‘Static
comfort’ refers to the sitting impressions of the occupants in the absence of dynamic
motions. Ebe and Griffin [24] discussed factors affecting static seat cushion comfort.
When considering the characteristics of polyurethane foam, the foam hardness feeling
and bottoming appear to be important factors that influence the static seat comfort.

When changing foam characteristics, such as composition, hardness and thickness,
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bottoming will affect static seat comfort, and the stiffness could be a useful indicator
of static seat comfort. Pressure around the ischial bones may also reflect both comfort
factors: the foam hardness feeling and bottoming [18, 24]. The seat cushions resulting
in low pressure around the ischial bones were evaluated as more comfortable than
those giving high pressure. Many other factors, such as seat shape, subject posture
and seat covers, may also affect the static comfort. Leenslag et al. [22] also
considered also the quasi-properties in their FEA analysis of the polyurethane foam
cushion.

The third group of studies includes those with a focus on development of
comprehensive models of the seat cushion for ride quality assessment. The studies
conducted by Wu [18], Tcherrnychouk [21], Patten et al [19,20], Lee and Ferraiuolo
[12], and others [9-11] would fall within this group. The highlights of these studies
based on the lumped-parameter models have already been discussed in this section.
The distributed-parameter FEA-based model developed by Leenslag et al [22] also

falls within this group.

1.2.3 Biodynamic Response Functions

The comfort performance of an automotive seat is strongly influenced by the

dynamic responses of the seated human occupant. Experimental studies conducted on

seats loaded with a passive mass and human subject clearly establish the significant

contributions to the overall seat-human system vibration transmissibility [5,21,52]. Figure

1.8 [52] illustrates a comparison of the measured vibration transmissibility characteristics

of a seat loaded with a passive mass and human subjects. It is thus vital to consider the
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biodynamic response of the human body to whole-body vibration in assessing the

comfort performance of the seats.

50% FEMALE

om——ALL SUBJECTS
—— RIGID MASS

w
“n

w

~

Acceleration Transmissibility
" &

) 1 2 3 4 5 6 7 8 9 10
Frequency, Hz

Figure 1.8:  Comparison of acceleration transmissibility of the seat loaded with human
subjects and a rigid mass [52].

The biodynamic response behavior of the seated human body exposed to whole
body vibration may be characterized by three different biodynamic response functions:
driving-point mechanical impedance (DPMI), apparent mass (APMS) and seat-to-head

transmissibility (STHT). While the first two functions have often been used



interchangeably to describe “to the body” force-motion relationship at the interface
between the human body and the seat (“to the bedy” transfer function), the third function
refers specifically to the transmission of motion through the body (“through the body”
transfer function) [4,25]. A number of studies have reported the measured biodynamic
response functions of human subjects seated on a rigid platform [18,26,27,29]. A vast
number of these studies have also proposed a number of biodynamic analytical models of
the seated human body on the basis of the measured driving-point mechanical impedance

and seat-to-head transmissibility magnitude and phase responses.

The driving-point mechanical impedance DPMI, the complex ratio of applied
periodic excitation force F(j2nf) at frequency f to the resulting vibration velocity v(j2ntf)
at that frequency measured at the same point and in the same direction as the applied

force, is given by:

z(j2) =
= )

where Z(j2nf) is the complex DPMI. F(j27f) and v(j2af) are the driving force
and response velocity at the driving point, respectively. f is the frequency in Hz and

J =+-1.Under random vibration, the DPMI is derived from:

G, (j27f)

- (1.15)
G, (j2rf)

Z(j27f)=

where G (j2af) is the cross-spectral density of force and velocity. G, (j27f) is the

auto-spectral density of the velocity.
The apparent mass APMS, the complex ratio of applied periodic excitation force
F(j27f ) at frequency f to the resulting vibration acceleration a( j27f ) at that frequency
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measured at the same point and in the same direction as the applied force, is formulated

as:

F(j2f) _Z(j2nf) (1.16)

M{j2nf) =
P = G - o

where M(j27f)is the apparent mass and a(j27f)is the driving point response
acceleration. The quantity apparent mass has the advantage that it can be obtained
directly from the signals provided by accelerometers and force transducers. Moreover,
Newton’s second law of motion gives apparent mass a simple intuitive meaning: a force
applied to a body accelerates the body by an amount proportional to the force, the
constant of proportionality being the apparent mass of the body. When the human body is
effectively rigid, the apparent mass of the body is equal to its static mass, and the driving
force and the acceleration response remain in phase. For the human body, the APMS
magnitude at low frequencies is observed to be similar to that of the body weight
supported by the seat, and increases with increase in the frequency until the resonant
frequency. At higher frequencies the upper body segments are loosely coupled and the
human body will no longer be rigid, the apparent mass decreases and is less than the mass

of the human body.

The seat-to-head transmissibility STHT is a complex non-dimensional ratio of
response acceleration of the head to the forced vibration acceleration at the seat-body

interface, and is expressed as:

X,(j2nf) (L1

H(j2rn)=—
=% ()



where H(j2af) is the complex seat-to-head transmissibility function, and X, (j27f) is
the acceleration responses of the head and X ,(j27f) is the acceleration at the seat-body

interface.

The biodynamic response functions have been widely employed to characterize
the human biodynamic response. A number of human body models have been proposed
in the literature based on the measured data under a variety of test conditions
(17,18,27,30,48]. Majority of the measurement conditions used in some investigations,
however, cannot be considered representative of those likely to prevail while driving a
car [29,76]. The applicability of a proposed biodynamic model to driving situations may
thus be questioned without analyzing the test conditions used for deriving the data on
which the model relies because the biodynamic response of the human body subjected to
vibration is strongly related to a wide range of intrinsic, such as body posture and mass,

and extrinsic, such as intensity and type of excitation variables [3,26.64.65.77].

1.24 Review of Biodynamic Models

The characterization of vibration isolation performance of seats necessitates the
consideration of biodynamic response characteristics of the seated occupant. A number of
lumped-parameter models, ranging from single-degree-freedom (DOF) to multi-DOF,
have been proposed. A comparative study of these models, conducted by Boileau et al.
[26], concluded that these models yield considerably different biodynamic response
characteristics. The different models used to characterize the biomechanical response to
whole-body vibration employ considerably different idealizations of the body structure.

The reported models can be categorized into three types: lumped parameters, continuum
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models and discrete models. In the lumped parameter models, the mass of the body
structure is concentrated into a few lumped masses interconnected by springs and
dampers. The majority of the reported models fall within this group of models. The
discrete and continuum models consider distributed parameters of the human body and

component characteristics in two-and three-dimension.

In an early study, Coerman [27] proposed a SDOF model of the human body,
shown in Figurel.9. The mass of the subject, due to upper torso and the head, supported
by the seat is lumped and linked to the base through parallel spring and damping
elements. Stiffness coefficient k represents the restoring property of the spine; damping
coefficient ¢ is due to the spine and the adjacent tissues. The model parameters were
identified to fit the DMPI data measured with subjects sitting without their feet and back
supported under sinusoidal excitation only. Payne [28] presented an improved Dynamic
Response [ndex (DRI) model (Figure 1.10) comprising four parallel and uncoupled
single-DOF models, which was realized upon combining the DRI model, also known as
“spinal” or “shock response” model, with additional single-DOF models: “visceral”;

“body vibration™; and “low frequency”.

Fairly and Griffin [29] proposed a single-DOF model, as shown in Figure 1.11.
This seated body involved two masses: m; being the mass of the upper body moving
relative to the platform, and m; being the mass of the lower body and the legs supported
on the platform but not moving relative to the platform. The mass of the legs m3 was
included in the model only when the feet were supported on a stationary footrest. The

model parameters were identified to fit the measured mean APMS of 60 subjects,
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including male, female and children, sitting erect without back support. The APMS was
measured under 1.0 m/s’ random vibration.

m ? X1
k = ==lc |
C —] Xo
f,=6.3 Hz £=0.57 k=13118IN/m  for "Seated Erect"
f,=52 Hz £=0.65

k =84180N/m  for "Relaxed"

Figure 1.9: SDOF model by Coerman [27].
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My }J X4 ms; X3 moa X2 l m, LJ X1
ks l==l cs k3 l==l c3 k» =l ¢c2 ki l==I ¢
w,, =157 rad/s W,; =529 rad/s w,, =25.1rad/s w,, =529 rad/s
£, =1.0 &, =10 £, =04 &, =0.2245

Figure 1.10: [mproved DRI model proposed by Payne [28].
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Figure 1.11: SDOF model proposed by Fairly and Griffin (1989) [29].

Suggs et al. [30] proposed a two-DOF biodynamic model of the human body to
characterize the human body response behavior over a frequency range comprising the
first two resonant frequencies of the body (Figure 1.12). The model parameters were
identified from the measured DPMI characteristics of 11 male subjects seated upright
with feet supported, hands in lap, and exposed to sinusoidal vibration of 2.54 mm
amplitude in the 1.75 to 10 Hz frequency range. The lumped masses of the model
consisted of my, representing the pelvis and the abdomen; m,, representing the head and
the chest; and mq, representing the spinal column. Similarly, Allen [32] developed
another two-DOF biodynamic model of the human body, as shown in Figure 1.13. This
model characterizes the upper response and the head response. The lumped masses mg

and m, represent the upper and the head of the body, respectively.



kzé L“Tl—:‘ch
m
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m, =36.4 kg ) L_ ’

m, =18.6 kg

k, =25968 N/m L
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—

Figure 1.12: 2-DOF model proposed by Suggs et al. [30].
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Figure 1.13: 2-DOF model proposed by Allen [32].
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A number of multi-degree-of-freedom models have also been developed, ranging
from 3-DOF to 10 or more-DOF. Wu [18] proposed a three-DOF model (Figure 1.14),
which consists of four masses, coupled by linear elastic springs and viscous-damping
elements. The masses m, to m3 have no explicit physical meaning. The masses m, to m;
are introduced with an objective to describe the biodynamic behavior related to two
resonant peaks observed in the APMS and STHT magnitude responses near frequencies
of 5 Hz and 10 Hz, respectively. The lower mass m, is used to increase the flexibility for
tuning the model parameters without increasing the number of DOF. This mass
specifically affects the APMS response with only negligible effect on the STHT
response. A parametric optimization technique was employed to determine the model
parameters. An objective function was defined to minimize the weighted sum of errors in
the magnitude and phase responses of the mode! and the measured data of the two

biodynamic response functions APMS and STHT over a specific frequency range.

Boileau [17] proposed a four-DOF model, as shown in Figure 1.15, consisting of
four masses. coupled by linear elastic spring and viscous-damping elements. In this
model. the mass m, represents the head and neck; the mass m; represents the chest and
upper torso; the mass mj represents the lower torso; and the mass my represents the thighs
and pelvis in contact with the seat. The mass of lower legs and the feet are not considered
in this model, assuming their negligible contributions to the biodynamic response of the
seated human body. The model is proposed for a seated subject maintaining en erect
posture without back support. The model parameters were identified such that the model
response correlates with both the target DPMI and STHT magnitude and phase. Payne

and Band [37] proposed another 4-DOF lumped-parameter biodynamic model, as shown
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Figure 1.14: Three-DOF model proposed by Wu [18] and included in the ISO 5982
[25].
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Figure 1.15: 4-DOF linear model proposed by Boileau [17].
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Figure 1.16: 4-DOF model proposed by Payne and Band [37].

in Figure 1.16, as an extension of the “spinal model” described in Figure 1.9. The
proposed model comprises mass m, representing the buttocks and pelvis; m; representing
the viscera: and my representing the neck and the head. The model parameters were

identified from the DPMI.

Smith [47] proposed a 5-DOF mathematical model based on the measured DPMI
and transmissibility of major anatomical structures contributing to the observed
resonance behavior. The model, as shown in Figure 1.17, was relatively effective in
simulating the vibration responses of the male body. The five lumped masses represented
spine, torso/chest, pelvis, lower legs and upper legs, respectively. The mode! was further
modified to represent the leg as a two-DOF structure uncoupled to the torso and spine

[48]. The model coefficients were adjusted to produce the best match for the major
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resonance peaks observed in both the DPMI and transmissibility profiles for the female

and male. The model was again refined for evaluating the effectiveness in simulating the

major resonance observed in the DPMI and transmissibility frequency responses [49]. In

the modified model, the upper and lower legs were coupled, as suggested by the data.

M 2 Spine
K 3 W C 3
Lower M
Legs Ms 3
K, SL,J c _ Torso/Chest
5
M Upper K 2
4 | Legs
K 4 gl"'" C 4 M 1 Pelvis

Figure 1.17: 5-DOF mechanical model of the human body by Smith, S.D. [48].

A few nonlinear models have also been reported in the literature. Demic [39]

proposed a three-DOF nonlinear model of the human body to account for nonlinear body

response to high intensity shock excitations (Figure 1.18). The parameters, k, to k3 and ¢,

to c3, include linear and nonlinear (cubic) contents, respectively. The model incorporates

nonlinear restoring and dissipative force, using linear and cubic dependencies on
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displacement and velocity, respectively. Matching the model response with the measured

transfer functions only identified the model parameters.

k%L'% ?
k%%rJ ?
“%%4 -

Figure 1.18: 3-DOF non-linear model proposed by Demic [39].

The majority of lumped parameter models are one-dimensional. In order to
predict motion of the human body in the two-dimensional space or the three-dimensional
space, finite element models of the human body has also been formulated. Discrete
models and continuum models are both distributed parameter models. The discrete

models treat the spine as a layered structure of rigid elements, representing the vertebral
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bodies, and deformable elements representing the inter-vertebral discs. The continuum
models treat the spine as a homogeneous rod beam. Belytschko and Privitzer [40]
developed a three-dimensional head-spine model using finite element method. Kitazaki
and Griffin [41] proposed a two-dimensional space finite element model of the human
body, shown in Figure 1.19. This biomechanical model, which evolved from those
developed by Belytschko and E. Privitzer [40], was used to model the spine, viscera,
head, pelvis and buttocks tissue, using beam, spring and mass elements. This model was
entirely linear and includes 134 elements and 87 masters degrees-of-freedom. The model
was developed by comparison of the vibration mode shapes with those measured in the
laboratory. The spinal column was modeled by 24 beam elements, representing all the
inter-vertebral discs between the vertebral Cl and the sacrum S1. Mass clements for the
torso were located anterior to the spine in the region between the T1 and T10 levels by
massless rigid links, so as to model the eccentric inertial loading of the torso on the spine.
Below the T10 level (the diaphragm level), the spinal masses and the visceral masses
were modeled by separate mass elements. The sum of the spinal and the visceral masses
at each vertebral level corresponded to the torso mass, with its mass center also located
anterior to the spine. The visceral column in the abdominopelvic cavity was modeled by
seven mass elements at the levels from T1I to LS interconnected by spring elements. The
bottom of the visceral column was connected to the pelvis mass by a massless rigid link,
and top connected to the spinal beam at the T10 level, also by a massless rigid link
representing the pair of the lowest complete ribs. The interaction between the visceral and
the spine was modeled by horizontal spring elements interconnecting the visceral masses

and the spinal beams. The head was simply modeled by connecting to the top of the
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spinal beam at the Cl level by a beam element representing the atlanto-occipital joint.
The pelvis was modeled by a mass element and connected to the bottom of the spinal
beam at the S1 level by a massless rigid link. A total of seven modes were calculated for
a normal body posture below 10 Hz, and the mode shapes of the model coincided well
with those obtained from measurements. Various response of the proposed model were
compared below 10 Hz with experimental data reported in the literature. The model
responses generally show good agreement with the experimental data in the apparent
mass, transmissibility to the vertical spinal motion and the transmissibility to vertical

head motion.
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Figure 1.19: The two-dimensional biomechanical model in the normal posture [40].
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1.3 Scope of the Dissertation Research

The automotive seats are designed to accommodate subjects of different weights
and different vibration environments. From the review of literature, it is apparent that the
vibration comfort performance of an automotive seat is strongly influenced by the static
and dynamic characteristics of the seat cushion and the biodynamic behavior of the
seated human body. Although the comfort performance of the automotive seats can be
reliably assessed through experiments with human subjects, when representative subjects
sample and test conditions are determined, this approach involves high cost and certain
ethical concerns. The assessment methods based on proven analytical models, which
either eliminate or reduce the involvement of human subjects and repetitive tests. are thus

considered highly desirable.

The development of analytical model for vibration comfort assessment of seats
requires modeling of the static and dynamic properties of PUF cushions. and the human
occupant. and their integration. Although a number of automotive seat and occupant
models have been proposed, their effectiveness in assessing the comfort performance has
not yet been proven. Moreover, only limited efforts have been made to derive analytical

models of the coupled human occupant and automotive seat model.

From the review of the published studies on the characterization of PUF cushion,
it is apparent that mechanical properties are strongly influenced by the preload, excitation
frequency and deflection magnitude. The models developed thus far mostly consider the
deflection magnitude, while only two of the models attempt to consider the deflection
magnitude, preload and frequency. The validity of these models, however, has not been

proven even with a rigid mass representing the human occupant.
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The biodynamic models of the seated occupant exposed to WBYV are known to be
formulated under condition that is not representative of the automobile environment. The
application of the models to the PUF model, performed in one study, thus yields
unsatisfactory results [35,21]. The large degree of error observed between the coupled
model response and the measured data may be attributed to two major factors: (i) lack of
proven model of the PUF cushion; and (ii) inapplicability of the biodynamic model of the
occupant. It should also be pointed out that the biodynamic models are invariably desired
from the measured biodynamic response functions that are acquired for the human
subject seated on a rigid platform. The automotive seats provide a flexible interface and
coupling between the seat and the occupant, which may affect the biodynamic response
and the distribution of body weight on the seat. This would raise additional concerns on

the applicability of the reported models.

This dissertation research focuses on the development of automotive seat cushion
model and the human occupant model for effective assessment of the coupled system.
The measured static and dynamic properties of PUF cushion are analyzed to study the
influence of seated weight, frequency and amplitude of excitation. An analytical model is
then derived and validated when coupled with a passive mass representing the human
occupant. Vibration comfort performance of the coupled seat-occupant system is
attempted by integrating the selected biodynamic models to the validated seat cushion
model. Optimization method is used to identify the human occupant model parameters
that would satisfy both the biodynamic response of the occupant seated on a rigid

platform and the vibration transmissibility of the coupled seat-occupant system.
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The dissertation research is expected to yield considerable contributions to the
knowledge in view of vibration response of human occupants seated under automotive
postures and vibration conditions. The outcome of the research work will provide a
design and analysis tool for enhancement of human comfort and safety under automotive

vibration environment.

1.4 Objectives of the Dissertation Research

The overall objective of this dissertation is to develop methodologies for objective
assessment of vibration performance characteristics of the car seats subjected to whole-
body vibration. such that the human exposure to transmitted vibration during evaluations

1s reduced.

As part of this study, it is proposed to derive models of a car seat and of a seated
automobile occupant, as a means of predicting the influence of seat design parameters on
its vibration attenuation performance. While the seat model is derived on the basis of
measured dynamic stiffness and damping characteristics of a car seat cushion, the
biodynamic model is derived on the basis of reported models and apparent mass response
data. The seat as well as the combined models are analyzed and validated on the basis of
measurements carried out in the laboratory to assess the vibration transmissibility
characteristics of a car seat loaded with passive load and subjects. For that purpose,
sinusoidal vibration, white noise and typical acceleration time traces are used as inputs to
the seat. In summary, the specific objectives of the study are summarized as follow,

which also comply with some of the recommendation for future work outlined in [6]:



!\)

Acquire essential data to characterize static and dynamic properties of automotive
seat cushions from the laboratory tests and published studies.

Perform laboratory measurements to derive vibration transmissibility characteristics
of a car seat loaded with rigid mass and human subjects.

Derive a seat cushion model for different preloads corresponding to 5™, 50™ and 95*
percentile body weight for automobile occupants based on the measured static and
dynamic properties; and perform simulation to examine the model validity when
loaded with a rigid mass.

Perform parametric sensitivity analysis to study the influence of the seat design
parameters on the vibration attenuation performance of the seat with different body
masses.

Develop a coupled occupant-seat model by integrating a published biodynamic model
of the occupant to the validated seat model; perform simulation and examine the
validity of the coupled model.

Formulate an optimization problem to identify the biodynamic model to be applied to
automotive seats, such that the biodynamic response correlates with the measured
data acquired for the subjects seated on a rigid platform, and the vibration
transmissibility of the coupled system correlates with that derived from the laboratory
measurements.

Explore the validity of the coupled seat-occupant model.
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1.5  Thesis Organization

This dissertation is organized into six chapters to describe the research
methodology in realizing the above objectives. The literature is reviewed in chapter |
highlighting the research contributions on the various subjects so as to formulate the

scope of the work.

Chapter 2 presents the test matrix and test methodology for characterizing the
static and dynamic properties of automotive seat cushion. The static and dynamic force-
deflection data are analyzed to identify the dependency on the preload, excitation
frequency and deflection magnitude. Nonlinear seat cushion models are developed and

validated using the measured data.

In Chapter 3. the test and data analysis methodologies are described for deriving
the vibration transmissibility characteristics of an automotive seat loaded with rigid mass
and human subjects. A non-linear vertical vibration model of the car seats is derived on
the basis of the analytical model formulated in chapter 2. The seat model includes linear
and nonlinear stiffness, and linear and nonlinear damping components. Finally, the model
with a rigid mass representing the human occupant is analyzed to derive the vertical
acceleration transmissibility of the seat under selected excitations. The validity of the

model is demonstrated by comparing the model results with the measured data.

In chapter 4, an acceleration time history characterizing the typical vibration
environment of automobiles synthesized using MATLAB Optimization Toolbox is used
to evaluate the vibration attenuation performance of the seat. The analyses are performed
to study the influence of various model parameters on the ride comfort performance of

seats.
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A coupled human-seat model is formulated in chapter 5 by integrating a human
occupant model to the validated model of the seat. The validity of the model is examined
by comparing the model results with the measured data. The occupant model is refined
using optimization techniques. The validity of the modified human-seat model is

demonstrated.

Finally, the highlights of the dissertation research, conclusions and the

recommendations for the future work are presented in Chapter 6.
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2 CHARACTERIZATION AND MODEL OF SEAT CUSHION

2.1  Introduction

The automotive seats are designed to provide adequate postural support and to
further attenuate the whole body vehicular vibration arising primarily from the tire-terrain
interactions, even though the automobile suspension is designed to provide as good a ride
quality as possible [44]. Automotive driver/passenger seating comfort is strongly
influenced by the perception of whole-body vibration. The comfort assessment of the car
seats can be performed through accurate characterization of static and dynamic properties
of the seat and the seated human body.

The polyurethane foam (PUF) is widely used in seat cushion design, which
possesses complex mechanical properties. It has been established that the stiffness and
damping properties of air-filled polymeric foams are nonlinear functions of the seated
body weight, force-deflection and force-velocity properties of foam cushions, which
primarily arise from the nonlinear stress relaxation behavior and viscous-elastic non
linearity present in the stress-strain curves [21,35,45]. The dynamic characterization of an
automotive seat cushion involves determination of dynamic stiffness and damping
properties. These properties may depend upon various internal factors, such as material,
and construction, and external factors, such as seated body weight, and amplitude and
frequency of excitation. The seat properties may be identified in the laboratory through
measurement of the static and dynamic force deflection characteristics under
representative test conditions. The static and dynamic tests are performed on a candidate

seat, which is referred to as seat “C”. The reported data for two other seats, referred to as
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seat A" and seat “B” [46], is further considered for general characterization. Analytical
models are formulated to describe both static and dynamic properties as function of the
preload and excitation conditions. This chapter presents the test methodology employed

to characterize the static and dynamic properties of PUF seat cushions.

2.2 Test Methodology

2.2.1 Test setup

Few studies have shown that the stiffness and damping characteristics ot PUF seat
cushions are strongly dependent upon frequency and amplitude of excitation and body
mass [21,35]. The experiment is thus designed to acquire the force-deflection and force-
velocity data under a wide range of these important parameters, namely, preload (body
weight), and excitation amplitude and frequency. Figure 2.1 illustrates the schematic of
the test setup designed as recommended in the SAE J1051 [42] to perform the static and
dynamic tests. The test setup comprises a vibration platform mounted on an electro-
hydraulic vibration exciter. An indenter comprising 20 cm diameter disk and fixed to an
inertial frame through a force sensor is used to apply the desired preload. The initial
position of the vibration exciter is adjusted to achieve a desired preload. The vibration
exciter is operated in the position feedback mode to generate sinusoidal displacement
motion. The static and dynamic characteristics of the components under varying loads
and displacement excitations are measured in terms of instantaneous force, displacement
and velocity response using a Sensotech load cell, a built-in Schaevitz LVDT, and a
velocity transducer (LVT), respectively. The load cell and LVT are installed between a

fixed inertial frame and the component, which is mounted on a vibration platform. The
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LVDT is built within the electric-hydraulic exciter to measure the excitation

displacement [35].
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Figure 2.1:  Schematic of the test setup for measurement of static and dynamic
properties of seat cushion.

2.2.2 Test Matrix
The experiment is designed to conduct experimental characterizations under a

wide range of representative conditions. The range of test variables is derived from the

following:

50



¢ Preload: The static and dynamic characterizations of the seat are performed
for different preloads representing the 5%, 50" and 95" percentile adult
population. Considering that a seat cushion supports approximately 73% of the
total body weight [43], three different preloads of 358 N, 537 N and 716 N are
selected, which represent the body masses of 50kg, 75kg, and 100 kg,
respectively.

e Amplitude of Excitation: The vehicle seats are subject to varying levels of
displacement excitations depending upon various vehicle and road factors. In
the dynamic characterization test of the seat, the input excitations of
amplitudes ranging from 0.254 mm to 19 mm are considered to represent the
range of displacements that may be encountered in the automobiles.

e Frequency of Excitation: The automobile vibration predominates in the
vicinity of the sprung mass natural frequencies (= | Hz) and the unsprung
mass natural frequencies (= 9-12 Hz). The test matrix is thus formulated to
vary the excitation frequency from 0.5 to 12 Hz. The amplitude of excitation
at higher frequencies, however, is limited to ensure safety of the experiment

and prevent the failure of the seat cushion.

Based on practical driving conditions the test matrix, illustrating the range of
preloads, amplitudes and frequencies, are shown in Table 2.1.

Apart from the dynamic test, the static properties of the seat cushion are also
evaluated under gradual loading and unloading of the seat. The loading and unloading is

achieved through a large amplitude and low frequency (0.0833 Hz) displacement signal.
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Table 2.1:  Test Matrix Describing the Range of Preloads, Excitation Strokes and
Excitation Frequencies.

Preload Excitation Excitation Frequency (Hz)
(N) A'(“l[:ll:lu)de 0.5 1 2 4 8 10
0.254 - - - - x X
0.635 - - - - x x
1.270 - - - - x X
358 1.905 - - - - x x
& 2.54 X X X X x _
537 6.35 X X X X - -
2.7 X X X X - _
19.05 X X X X - -
0.254 - - - - x X
0.635 - - - - x X
1.270 - - - - x X
716 1.905 - - - - x %
2.54 X X X X - =
6.35 X X X X - -
12.7 X X X X - -
19.05 X X X X - -

Notes: the conditions marked with x are used in the experiments;
and the conditions marked with — are not used in the experiments.
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2.2.3 Data acquisition

The dynamic properties of the car seats are derived from the force-deflection

characteristics, measured under different vibration frequencies, preloads and excitation

amplitudes. The input displacement signal is configured and controlled by servo-

controller. The force, deflection and velocity signals are acquired in an analog DMA

(Direct Memory Access) block of the PC comprising an 8-channel data acquisition board

PC-1-204228W-1. The DMA block is linked to a DDE (Dynamic Data Exchange) server

block. The analog signals are converted into digital signals by A/D (Analog/Digital)

conversion, and transferred into the MS-EXCEL worksheet, using Visual Designer

software. Figure 2.2 illustrates the schematic of test and data acquisition system.

Preload Servo-
Amplitude = 0 opjer
Frequency

[nput

Servo-
Hydraulic
System

.........................

Sensor signal
(Velocity, Force,
Displacement)

v

Data acquisition

v

A/D conversion

v

Data transferred
into
MS-EXCEL

Figure 2.2:  The schematic of the test and data acquisition system.
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The sampling rate of the data acquisition is configured within the Visual Designer
acquire 360 samples/cycle for each channel. The selection of this sampling rate allows for
desirable variations in the sampling rate with variations in the excitation frequency. The

sampling rate satisfies the equation

Sampling rate =360 * f (samples/s) (2.1)

The acquired data is used to generate on-line force-deflection and force-velocity
characteristics of the seat cushion within the EXCEL environment. The measured data
and the curves are further analyzed to derive the static and dynamic properties and their

dependence upon the preload, frequency and deflection.

2.3 Static Characteristics of car seat cushion

Figure 2.3 illustrates the static force-deflection characteristics of the seat “C”,
acquired under cycle loading at a very low frequency of 0.0833 Hz. The measured data
exhibit considerable hysteresis. The mean force attained during loading and unloading is
clearly a nonlinear function of the cushion deflection x. The curve is fitted by polynomial
and the order of polynomial is determined by the tolerance between the measured data

and fitting curve. The polynomial may be expressed as:

F(x)=6x107x* =5.4x107 ¢ +0.2353x* +3.4056x +3.7248: x>0 (2.

[89]
N
~

where F(x) the force in N and x is cushion deflection in mm.
From the figure, if can be clearly seen that the static stiffness of the seat increases

considerably with increasing preload and deflection. Equation (2.2) may be used to
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compute the static stiffness coefficients at different magnitudes of static deflections by

differentiation of the force F with respect to the deflection x, namely,

stiffness =?TF‘ =24x107x,’ -1.62x lO'in1 +0.4706x, +3.4056 (2.3)
Agl

=x,

In the above, x; is the static deflection corresponding to a specific preload Fi. The static

deflection can be computed from Equation (2.2) by letting F(x) = F;.

Force, N 1000 -

800 /

F(x;) '
600 1 /

F(x)) -

400 //

F(x;)
7

200 -

0 10 20 30 40 50 60 70
X X2 X3

Displacement, mm

Figure 2.3:  Measured static force-deflection characteristics of the seat “C” cushion.

In addition to the measured data for seat "C", the data acquired for the other two

seats ("A" and "B") during an earlier study [46] were analyzed to compute their static
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stiffness corresponding to different preloads. Table 2.2 summarizes the static stiffness
characteristics of all three seats for specific values of preload. Owing to the available data
the static stiffness values for seats "A" and "B" were determined for lower preloads.
Moreover, seat "B" was reported to have failed under the higher preload set at 627N. The
results clearly show that the seat stiffness increases considerably with increasing preload.
This property may yield relatively less variation in the seat natural frequency with
varying preload. The stiffness values further suggest that seat "C" yields much higher

stiffness under larger preload, when compared with that of seats "A" and "B".

Table 2.2: Static Stiffness of all three seats.

Static Stiffness
Seat Preload (N) Deflection (mm)
(N/m)
358 42.76 12700
“C” 537 54.17 19500
716 61.89 27400
347 54 12000
“A” 480 65 14000
627 74 17700
347 60 10000
ﬁbB”
480 71 14500

* Stiffness values are rounded to nearest hundreds.
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24 Dynamic characteristics of car seat cushions

2.4.1 Dynamic stiffness coefficients

The dynamic stiffness coefficient of a seat is known to differ from its static
stiffness value [35]. It is derived from the measured dynamic force-deflection data, as a
function of the preload, excitation frequency and excitation amplitude. The measured
dynamic force-deflection is an enclosed loading/unloading curve, where the static
equilibrium position under a given preload is defined as the reference position. The
dynamic stitffness coefficients are then derived from the mean curves around the
operating point representing the static equilibrium [35]. In order to simplify calculation of
dynamic stiffness, Figure 2.4 illustrates, as an example, the force-deflection
characteristics of seat "C" corresponding to 358 N preload, and subject to 12.7 mm peak
displacement excitation at a frequency of | Hz. The mean force may be expressed as a
cubic function in deflection:

F(x)=0.012x" +0.3415x +18.763.x +353.88 (2.4)

where Fis in N and x is in mm.
The dynamic stiffness corresponding to the defined preload and excitation is

derived as:

aF

. | .o =0.036x* +0.683x +18.763 _,=18763 N/m
X

According to the method described above, the dynamic force-deflection
characterization measured for seat “C” are analyzed to derive the dynamic stiffness
coefficients, which are listed in Table 2.3. The dynamic stiffness for seats “A” and “B”,

reported in a previous study, are listed in Table 2.4 [46]. The data in Tables 2.3 and 2.4
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Figure 2.4:  Dynamic Force-Deflection Characterization (Preload = 358 N. Stroke =
12.7mm, and Excitation Frequency = | Hz ).

clearly show that the dynamic force-deflection characteristics and thus the dynamic
stiffness of seat cushions are a function of the preload, amplitude and frequency of
excitation. The results are plotted graphically in Figures 2.5 to 2.25.

The dynamic force-deflection characteristics of seat “C”, presented in Figures 2.5-
2.7, clearly illustrate that excitation frequency and amplitude influence the dynamic
stiffness when the preload is constant. The dynamic stiffness quickly approaches a higher
value as the frequency is increased to 0.5 Hz. The stiffness characteristics of the cushion
then increase only slightly with further increase in the excitation frequency, and decrease
greatly with the increase in the amplitude of the excitation. The dynamic stiffness
increases from 42000 N/m to 45000 N/m, when the frequency of excitation is increased
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from 2 Hz to 8 Hz at an amplitude of excitation of 2.54 mm under preload of 537 N. The
dynamic stiffness increases just 7 % when the frequency increases from 2 Hz to 8 Hz.
The dynamic stiffness decreases from 42000 N/m to 24000 N/m, when the amplitude of
excitation is increased from 2.54 mm to 19.05 mm at frequency of excitation of 2 Hz
under preload of 537 N. This decrease is most likely attributed to increased air flow.

Results are summarized:

i) when fincreases, & increases for similar amplitude;

i) when amplitude of excitation increases, k decreases;

iii) when preload increases, k increases.

45000 1
40000 1 Preload = 358 N
35000 4 %
g 30000 - L memrmrT T -
2 r
250004 ~
"3 - m-— ="
%] iy
g 000044 ___...--
£ fro TR
“ 15000 {}
d ! Anplitude = 0.254 mm Amplitude = 0.635 mm
10000 4 ' Arplitude = 1.27 mm Amplitude = 1.905 nm .
. =--~-Anplitude = 2.54 mm - = = - Anplitude = 6.35mm .
5000 4 - —--Ampitude =127 mm  -...... Amplitude = 19.05 mm
Y v ey -
0 5 10 15

Frequency, Hz

Figure 2.5:  Influence of the Excitation Frequency and Amplitude on Dynamic
Stiffness at Constant Preload of 358 N for Seat “C™.
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Table 2.4:  The dynamic stiffness coefficients and equivalent damping coefficients for
seat “A™ and seat “B".

Preload Amplitude Frequency Stiffness (N/m) Damping (Ns/m)
Seat <A Seat “B™ Seat “A" Seat +B”
0.1/0.5 19050.88 20434.17 656.5
1 20101.48 23743.56 411.485 584834
(for Se:;f A" 15 20714.33 25249.42 315.18 402.73
2 20574.25 25547.09 24514 322.184
4 20889.43 26632.71 154.1 243.389
254 6 21729 91 27193.03 1243 171508
(for seat “B")
8 2211513 27350.62 117.317 155.839
10 22290 23 28138.57 99.761 136.578
0.1/0.5 16757.07 17194.82 605.8
1 17422.45 19296.02 401 462.264
15 17912.73 20311 6 297.67 348.449
347 127 2 17807 67 20206 54 2329 288.915
4 18227 9 211871 157 6 194.361
6 18893.29 21764.93 120.8 159.341
8 18998.35 22447 .82 1138 140.08
10 19401.08 22307.74 94.6 105.06
0.1/0.5 14936.03 528.8
1 15443.82 360.7
15 15864.06 2609
19.05 2 15899.08 201.4
4 16214.26 131.3
6 16757 07 1051
8 17299.88 911
10 18000.28 911
0.1/0.5 20959 47 27525.72 558.6
6.35 1 21554 81 29802.02 712 730.167
(for seat “A”) 15 21519.79 30747 .56 253.895 464.015
2 21659.87 30905.15 218.875 358 955
254 a4 22447 82 32638.64 1541 266.152
{tor seat “B7) 6 2302565 33128.92 981 236385
8 23936.17 33198 96 613 187.357
180 10 23638 5 33304.02 80.5 168.096
0.1/0.5 18858.27 21992.56 605.8
1 1945361 23498 42 394.01 565.573
15 19471 12 24251.35 301.22 435.999
127 2 19663 73 24543 02 239.9 339694
4 20346.62 25669.66 164.6 234 634
6 21064 53 26282.51 110.3 197.863
8 21502.28 26493.34 91.1 182.104
10 21607.34 26702.75 94.6 148.835
0.10.5 224128 590.1
1 22903.08 376.5
1.5 22833.04 262.65
635 2 2316573 192.61
4 23848.62 1541
6 24128.78 80.5
8 24934 24 101.6
627 10 25196.89 91.1
0.10.5 19646.22 576.1
1 21677.38 376.5
15 21677.38 310
127 2 22010.07 255.6
4 22517 .86 157.6
6 23095.69 1103
8 241638 113.832
10 24058.74 105.1

Notes: 0105 means 0.1 Hz for seat "A” and 0.5 Hz for seat “B"
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The dynamic force-deflection characteristics of seats “A” and “B”, shown in
Figure 2.8-2.12, also reveal similar trends as those of seat “C”. For seat “"A”, the stiffness
increases just 4.8 % (from 21000 N/m to 22000 N/m) when the frequency increases from
2 Hz to 8 Hz under the preload of 347 N and amplitude of excitation of 6.35 mm; the
dynamic stiffness decreases up to 74% (from 21000 N/m to 15500 N/m) when the
amplitude increases by 300% (from 6.35 mm to 19.05 mm) at frequency of excitation of
2 Hz under the preload of 347 N. For seat “B”, the stiffness increases just 6.5 % (from
31000 N/m to 33000 N/m) when the frequency increases from 2 Hz to 8 Hz under the
preload of 480 N and amplitude of excitation of 2.54 mm; the dynamic stiffness
decreases up to 77.5% (from 31000 N/m to 24000 N/m) when the amplitude increases
400 % (from 2.54 mm to 12.7 mm) at frequency of excitation of 2 Hz under the preload
of 480 N.
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Figure 2.8: Influences of the Excitation Frequency and Amplitude on Dynamic
Stiffness at Constant Preload of 347 N for Seat "A”.

63



Stiffness, N/m

Figure 2.9:

N/m

Stiffness

35000 -
30000 5

25000 1

L

20000 §_

15000 1

10000 1

L

5000 1

L

Preload = 480 N

| — Amplitude =6.35 mm |
[———Amplitude =12.7mm,

0

rer rTTvry v

8

T ey

7

4 5

6
Frequency, Hz

[nfluences of the Excitation Frequency and Amplitude on Dynamic

Stiffness at Constant Preload of 480 N for Seat "A™.

35000 1

30000

o

25000 1

20000 -f/\’-

Preload = 627 N

15000 1 .
] | — Amplitude =6.35mm
10000 - | — Amplitude = 12.7 mm|
5000 1
I
0 1 2 3 4 5 6 7 8 9 10
Frequency, Hz

Figure 2.10: Influences of the Excitation Frequency and Amplitude on Dynamic
Stiffness at Constant Preload of 627 N for Seat "A™.
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[n summary, the increase in the excitation amplitude yields a considerably lower
stiffness, while an increase in the excitation frequency causes a slight increase. The
results also suggest that the influence of excitation frequencies on the dynamic stiffness
of all three seats is very similar. The influence of amplitude, however, is most significant
influence on Seat “A”, and the least on Seat “C”.

The dynamic force-deflection characteristics of seat “C” are further evaluated to
study the influence of preload. Figures 2.13-2.20 illustrate the cushion stiffness as
function of excitation frequency for different values of preload and amplitude. The results

clearly show that the preload affects the stiffness most significantly, at all frequencies and
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Figure 2.13: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 2.54 mm for Seat “C”".
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amplitudes of excitation. While the stiffness characteristics of the cushion increase only
slightly with increase in the excitation frequency, the stiffness values increase greatly
with increase in the preload. The dynamic stiffness increases from 55000 N/m to 58500
N/m, when the frequency of excitation is increased from 2 Hz to 8 Hz at amplitude of
excitation of 2.54 mm under preload of 716 N. The dynamic stiffness increases from
27500 N/m to 55000 N/m, when the preload is increased from 358 N to 716 N at a
frequency of excitation of 2 Hz under the amplitude of excitation of 2.54 mm. The

dynamic stiffness increases up to 100 % when the preload increases by 100 %.

50000 1
Amplitude = 6.35 mm
40000 A
£
2 30000
"3
(7]
-]
(=4
g 20000 4
« | ——Preload =358 N
. ——Preload =537 N
H
10000 4 i Preload = 716 N
[
0 v
0 5 10 15

Frequency, Hz

Figure 2.14: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 6.35 mm for Seat “C”.
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Figure 2.15: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 12.7 mm for Seat “C”.
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Figure 2.16: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 19.05 mm for Seat “C”.
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Figure 2.17: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 0.254 mm for Seat “C”.
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Figure 2.18: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 0.635 mm for Seat “C”.
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The dynamic force-deflection characteristics of seats “A” and “B”. shown in
Figures 2.21-2.25, also reveal similar trends in preload as those observed for seat “C”.
For seat “A”, the stiffness increases just 6.4 % (from 23500 N/m to 25000 N/m) when the
frequency increases from 2 Hz to 8 Hz under the preload of 627 N and amplitude of
excitation of 6.35 mm: the dynamic stiffness increases up to 14.6 % (from 20500 N/m to
23500 N/m) when the preload increases by 80 % (from 347 N to 627 N) at a frequency of
excitation of 2 Hz under the amplitude of excitation of 6.35 mm. For seat “B”, the
stiffness increases just 7.2 % (from 31000 N/m to 33500 N/m) when the frequency
increases from 2 Hz to 8 Hz under the preload of 480 N and amplitude of excitation of
2.54 mm; the dynamic stiffness increases up to 19 % (from 26000 N/m to 31000 N/m)
when the preload increases by 38 % (from 347 N to 480 N) at a frequency of excitation of

2 Hz under the amplitude of excitation of 2.54 mm.
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Figure 2.21: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 6.35 mm for Seat “A”.
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Figure 2.23: Influence of the Excitation Frequency and Preload on Dynamic Stiffness
at Constant Stroke of 19.05 mm for Seat “A”.
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Figure 2.25: Influence of the Excitation Frequency and Preload on Dynamic Stiffness

at Constant Stroke of 12.7 mm for Seat “B”".
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In summary, the observations made from Figure 2.5 - 2.25 can be summarized as
follows:
1) The dynamic stiffness increases slightly with increase excitation frequency
beyond 0.5 Hz, irrespective of the preload and magnitude of deflection.
t1) The dynamic stiffness decreases greatly with increase in the amplitude of the
excitation, irrespective of the preload and frequency of excitation.
iti) The dynamic stiffness increases greatly with increase in the preload,

irrespective of the amplitude and frequency of excitation.

2.4.2 Equivalent damping coefficients

The equivalent damping coefficient of a seat can be derived from the measured
force-deflection data, as a function of the preload, excitation frequency and excitation
amplitude, using the principle of energy similarity or dissipation [33]. Referring to the
dynamic force-deflection characteristics under cyclic loading and unloading (Figure
2.26), the energy dissipated AE, due to cyclic deformation of the cushion can be derived

from [33]:

AE = {Fdx 2.35)
where F is the force and x is the deflection.
The equivalent viscous damping coefficient may be derived by equating the
dissipated energy to that of a viscous damper, given by:
AE =, wA® (2.6)

where @ is the excitation frequency, in rad/s, A is the excitation amplitude in m, and Ceq

is the equivalent viscous damping coefficient in Ns/m that may be considered valid in the
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vicinity of the selected excitation frequency and amplitude, and the preload.
The energy dissipated per cycle by the seat cushion is determined from the area
enclosed within the loading and unloading curves, as shown in Figure 2.26. The

equivalent damping coefficient is then derived from Equation (2.6) as:

AE

c_= S 2.7

T wA

The equivalent damping coefficients for seat "C" computed corresponding to each
preload and excitation frequency and amplitude are listed in Table 2.3. Table 2.4 presents
the corresponding damping coefficients derived from the force-deflection data for seats
"A" and "B". The results show that the equivalent damping coefficients for all three seats

vary considerably with the preload and excitation condition. These variations are

presented in Figures 2.27 to 2.43.
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Figure 2.26: Dynamic Force-Deflection Characteristics of seat "C" (Preload = 357 N,
Stroke = 12.7 mm, and Excitation Frequency = | Hz).
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The damping characteristics of seat “C”, presented in Figures 2.27-2.29, clearly
tllustrate that excitation frequency and amplitude influence the coefficients when the
preload is a constant. The increase in the excitation frequency causes a decrease in the
equivalent damping coefficient which tends to be most drastic at lower frequencies. The
equivalent damping coefficient decreases from 1260 Ns/m to 210 Ns/m, when the
frequency of excitation is increased from 0.5 Hz to 4 Hz at an amplitude of excitation of
2.54 mm under preload of 358 N. The equivalent damping coefficients approach similar
values at frequencies above 4 Hz. The equivalent damping coefficient decreases from 340
Ns/m to 310 Ns/m, when the amplitude of excitation is increased from 12.7 mm to 19.05
mm at frequency of excitation of 2 Hz under preload of 358 N, which may be considered
to be relatively small when compared to the effects of the frequency.

The PUF cushions dissipate energy through two mechanisms: (i) the hysteretic
properties of the material; and (ii) the air inflow and outflow through the open cell
structure. At lower frequencies. the open cell structure permits large air flow. Moreover.
the hysteresis is known to yield relatively high damping coefficient at lower frequencies,
which diminishes considerably at higher frequencies [8,9]. Consequently, the PUF
cushions yield relatively higher damping coefficient at lower excitation frequencies.
Higher excitation frequencies limit the breathing ability of the PUF; the damping
coefficient at higher frequencies may thus be mostly attributed to air flows.

The damping characteristics of seats “A™ and “B”, shown in Figures 2.30-2.33,
also demonstrate trends that are similar to those observed for seat “C”. For seat “A", the
equivalent damping coefficient decreases up to 74 % (from 660 Ns/m to 154 Ns/m) when

the frequency increases from 0.5 Hz to 4 Hz under the preload of 347 N and amplitude of
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excitation of 6.35 mm, and it continues to decrease from {54 Ns/m to 100 Ns/m when the
frequency increases from 4 Hz to 10 Hz; the equivalent damping coefficient decreases
only 13 % (from 230 Ns/m to 200 Ns/m) when the amplitude increases by 50 % (from
12.7 mm to 19.05 mm) at a frequency of excitation of 2 Hz under the preload of 347 N.
For seat “B™, the equivalent damping coefficient decreases up to 58 % (from 580 Ns/m to
240 Ns/m) when the frequency increases from | Hz to 4 Hz under the preload of 347 N
and amplitude of excitation of 2.54 mm, and it continue to decrease from 240 Ns/m to
140 Ns/m when the frequency increases from 4 Hz to 10 Hz; the equivalent damping
coefficient decreases only 10 % (from 320 Ns/m to 290 Ns/m) when the amplitude
increases from 2.54 mm to 12.7 mm at a frequency of excitation of 2 Hz under the

preload of 347 N.
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Figure 2.27: Effects of the Excitation Frequency and Amplitude on Equivalent
Damping Coefficients at constant Preload of 358 N for Seat “C".
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Figure 2.28: Effects of the Excitation Frequency and Amplitude on Equivalent
Damping Coefficients at constant Preload of 537 N for Seat “C”.
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Figure 2.29: Effects of the Excitation Frequency and Amplitude on Equivalent
Damping Coefficients at constant Preload of 716 N for Seat “C”.
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Figure 2.32: Effects of the Excitation Frequency and Amplitude on Equivalent
Damping Coefficients at constant Preload of 347 N for Seat “B”.
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Figure 2.33: Effects of the Excitation Frequency and Amplitude on Equivalent
Damping Coefficients at constant Preload of 480 N for Seat “B”.
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Figures 2.34 to 2.43 illustrate the effects of the preload and excitation frequency
on the equivalent damping coefficient. The dynamic force-deflection characteristics of
seat “C”, presented in Figures 2.34 to 2.41, clearly illustrate that excitation frequency and
preload affect the damping coefficients in a significant manner. An increase in the
preload yields higher damping coefficients, mostly attributed to increased internal friction
and reduced air flow passage. The equivalent damping coefficient increases from 340
Ns/m to 630 Ns/m, when the preload is increased from 347 N to 627 N at a frequency of
excitation of 2 Hz under the excitation amplitude of 12.7 mm. The equivalent damping
coefficient of the seat cushion increases up to 86 % when the preload increases by 100 %.

The damping characteristics of seat “B”. shown in Figure 2.43. illustrate similar
trends in the preload. The equivalent damping coefficient, however, increases only 21 %
(from 290 Ns/m to 340 Ns/m) when the preload increases by 38 % (from 347 N to 480 N)
at a frequency of excitation of 2 Hz under the excitation amplitude of 12.7mm. The
results suggest that the seat "C" yields considerably higher damping coefficients, which
are more sensitive to variations in the preload. The damping coefficients derived for seat
“A”, shown in Figure 2.42, show negligible effect of preload.

[n summary, the observations made from Figures 2.27 to 2.43 may be
summarized as follows: i) The equivalent damping coefficients decrease rapidly with
increase in the excitation frequency in the low frequency range under 4 Hz and the rate of
decay diminishes considerably at frequencies above 4 Hz. ii) The equivalent damping
coefficients increase with increase in the preload. iii) The equivalent damping
coefficients decrease only slightly with increase in the amplitude of excitation. Its effect

can be considered to be insignificant when compared to those of the other two factors.
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Figure 2.34: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 19.05 mm for Seat "C™.
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Figure 2.35: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 12.7 mm for Seat “C”.
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Figure 2.36: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 6.35 mm for Seat “C".

2500 -
Amplitude = 2.54 mm
g 2000 1
]
2
a
£ 1500
o
2
’§ Preioad = 358 N|
; 1000 4 Preload = 537 N!
£ ~_Preload =716 N; Ni
E |
-]
Q 5004
0 v - v —
0 5 10

Ffrequency, Hz

Figure 2.37: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 2.54 mm for Seat “C".
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Figure 2.38: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 1.905 mm for Seat “C”".
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Figure 2.39: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 12.7 mm for Seat “C”.
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Figure 2.40: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 0.635 mm for Seat “C”.
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Figure 2.41: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 0.254 mm for Seat “C”.
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Figure 2.42: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 12.7 mm for Seat “A".
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Figure 2.43: Effects of the Excitation Frequency and Preload on Equivalent Damping
Coefficients at Constant Amplitude of 12.7 mm for Seat “B”.
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25 Modeling the dynamic properties of PUF seat cushion

Owing to the strong nonlinearities and complex dependence upon the nature of
excitation and preload, the PUF cushions are widely characterized by an equivalent linear
stiffness coefficient and a viscous damping coefficient. The equivalent linear stiffness
coefficient is mostly derived from the static force-deflection curve, acquired using SAE
J1051 [42] method, while the energy dissipation property is characterized by light vision
damping on the basis of measured force-deflection properties [21,35,46]. The equivalent
stiffness coefficient can be considered valid in the vicinity of a specific preload and
deflection, while it can not account for the dependence of the force on nature of
excitation and preload. Although a number of nonlinear models have been proposed to
characterize the stiffness and damping properties, these models also do not account for

variation in excitation frequency and preload [19,20,22].

2.5.1 Modeling the stiffness characteristics

The dynamic stiffness properties of the automotive seat cushion show that the
stiffness coefficient of a cushion depends upon the preload W, the deflection amplitude A
and the frequency, f, of excitation. The measured data suggest that the dynamic stiffness

coefficients may be described by a power function, such that:

K=aW® f" A" (2.8)

where K is stiffness coefficient of a seat cushion in N/m; W is preload in N: fis
frequency of excitation in Hz; A is deflection amplitude in m; and a;, «> . a; and ay are

model parameters.
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The method of least squares is used to identify the coefficients a;, 1, a5 and ay by
minimizing the sum of squared error between the measured and predicted stiffness
coefficients. Equation (2.8) can be rewritten as:

InK = Ina; + axlnW + a;Inf + a4lnA 2.9)

The target function of the squared error is expressed as:

E=) (Ink,—lna —a,InW, —a,In f, —a,InA,)* (2.10)

=1
where £, is the stiffness, W,is the preload, fis the frequency, and A is the deflection
amplitude of the i*™ measured data, and n is the number of measured data.
The values of a;, a> a; and ay are derived so as to minimize the sum of squared
errors. Differentiating the squared error with respect to a;, a» a; and ay, respectively, and

equating them to zero, yields the following algebraic expressions:

n

> Alnk, ~lna, —a. *InW, —a, *In f, —a, *In A )(~1) =0 (2.11)
=
il(lnkl —Ina; —a,*InW, —a,*In f, —a, *In A )(-InW ) =0 (2.12)
=
Zn:l(lnk‘ —lna, —a,*InW, —a; *In f, —a, *InA )(~In f,) =0 (2.13)
1=]
Zn:?.(lnk, —Ina, —a,*InW, —a, *Inf, —a, *InA,)(-lnA,)=0 (2.14)

1=l

Equations (2.11) to (2.14) can be written in the matrix form as follows:

’Z:: ian, an:lnf, Z"I:lnAl ( illn[(,
n B nlz n = n = l n -
W, Y mw,):  Ylnf *nW, Yina *inw, Za‘ Yink, *nW,
::l nx:l =l . ‘Zl 2 = iil f
lenf, Z:lnf,*an, Zl:(lnf,)l Zl:lnA,*lnﬁ :3 ZI:an,*lnf,
1= 1= = 1= 1 =
dInA YnA *law, DnA*Inf, > (nA) > Ink, *InA,
L =1 =l 1=l =l J 1=t J
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Equation (2.15) is solved in conjunction with the stiffness coefficients derived
from the measured data (Figures 2.5 to 2.12) to identify the model coefficients a;, a1 a3
and a; The measured data attained for seat “C” revealed distinctly different stiffness
values for two different ranges of deflection. The seat exhibits relatively higher stiffness
for deflections below 2.54 mm and considerably smaller stiffness under deflection above
2.54 mm, as shown in Figures 2.5 to 2.7. Two sets of model coefficients are thus

identified to characterize the stiffness properties of seat “C”, which are summarized in

Table 2.5.

Table 2.5:  The optimum parameters of dynamic stiffness model.

Deflection
Seat a; a a; ay
amplitude range

A 0.254 1o 19.05 mm 24.27 0.30 0.03 -0.18

B 0.254 to 19.05 mm 5.99 0.65 0.05 -0.08

c < 2.54 mm 86.983 0.8657 0.0271 | -0.0397
22.54 mm 49.534 0.8120 0.0463 | -0.0266

[t should be noted that the coefficients a;, az a3 and ay describe the dependence of
the seat stiffness on preload, frequency and deflection amplitude, respectively, while the
coefficient a; can be interpreted as a constant gain value. The derived model coefficients
suggest the following:

i) The influence of preload on the seat stiffness is determined from parameter a;.

The stiffness values of all three seats increase with increase in the preload

(a2>0). The stiffness of seat “C” is most sensitive to variation in the preload,
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while that of seat “A” is least sensitive.

i) The influence of excitation frequency on the seat stiffness is determined from
the parameter a;. The parameter values suggest that stiffness coefficients of all
three seats increase with increase in frequency. The increases in stiffness
values. however, are small. Furthermore, the results suggest that the
sensitivity of stiffness of all three seats to variations in excitation frequency is
comparable.

iii) The effect of deflection amplitude on stiffness of a PUF seat is determined
from parameter ay. The stiffness values of all three seats decrease with
increase in deflections amplitude (a4<0). The results suggest that the influence
of deflection amplitude on the stiffness value is small relative to that due to
variations in the preload. The seat “A” exhibits most sensitivity to variations

in deflection amplitude.

2.5.2 Validation of the stiffness model

The validity of the proposed stiffness models is examined by comparing the
model results with the corresponding measured data over the range of excitation
amplitudes, excitation frequencies and preloads. Equation (2.8) is solved to derive the
stiffness constants for each of the three seats under excitations in the 0 to 10 Hz
frequency range, and values of preload and amplitude used in the experimental
characterization.

Figures 2.44 to 2.55 present a comparison of the results of models of all the three

seats with the corresponding measured data over the range of test conditions considered
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in the study. In general, the model results are observed to be in close agreement with the
measured stiffness coefficients. For seat “A”, the results attained from proposed model
agree very well with measured data, shown in Figures 2.44-2.47. Some derivation
between the model results and the measured data, however, are observed under «a; large
preload of 627 N and a large deflection of 19.05 mm. These deviations may be attributed
to possible bottoming of the seat. The model results attained for seat “B” agree very well
with the measured data for the entire range of test conditions considered, as shown in
Figures 2.48 to 2.51. Figures 2.52 to 2.55 illustrate the comparison of model results with
the corresponding measured data for seat “C”. The results generally show a reasonably
good agreement between the measured and computed results, except for extreme preload

(716N) and small deflection amplitudes (<2.54 mm).
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Figure 2.44: The comparison of the modeled stiffness with the measured data at
constant preload of 367 N for Seat “A”.
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Figure 2.45: The comparison of the modeled data with the measured data at constant
preload of 480 N for Seat “A”.
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Figure 2.46: The comparison of the modeled stiffness with the measured data at
constant amplitude of 6.35 mm for Seat “A”.
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Figure 2.47: The comparison of the modeled stiffness with the measured data at
constant amplitude of 12.7 mm for Seat “A”.
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Figure 2.48: The comparison of the modeled stiffness with the measured data at
constant preload of 4347 N for Seat “B”.
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Figure 2.49: The comparison of the modeled stiffness with the measured data at
constant preload of 480 N for Seat “B™.
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Figure 2.50: The comparison of the modeled stiffness with the measured data at
constant amplitude of 2.54 mm for Seat “B.
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Figure 2.51: The comparison of the modeled stiffness with the measured data at
constant amplitude of 12.7 mm for Seat “B.
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Figure 2.52: The comparison of the modeled stiffness with the measured data at
constant amplitude of 2.54 mm for Seat “C”.
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Figure 2.53: The comparison of the modeled stiffness with the measured data at
constant amplitude of 6.35 mm for Seat “C”.
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Figure 2.54: The comparison of the modeled stiffness with the measured data at
constant amplitude of 12.7 mm for Seat “C”.
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The energy dissipation properties of the automotive seat cushions show that the
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Figure 2.55: The comparison of the modeled stiftness with the measured data at

constant amplitude of 19.05 mm for Seat “C".

2.5.3 Modeling the damping characteristics

damping coefficient of a cushion depends upon the preload, the deflection amplitude and
the frequency of excitation. The measured data suggest that the damping coefficients may

be described by a power function, such that:

C=bW" fh A" (2.16)

where C is the damping coefficient of a seat cushion in Ns/m; W is preload in N: fis
frequency of excitation in Hz; A is deflection amplitude in m; and b,, by b3 and by are
model parameters. The method of least squares is used to identify the coefficients b,, b

b; and b, by minimizing the squared error between the measured and predicted damping
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coefficients. For simplifying, equation (2.16) can be rewritten
InC = Inb; + b2InW + bsinf + byinA .17

The target function of the squared error is expressed as

E=) (Inc,~Inb, —b,InW, =b;In f, =b,In A, )" (2.18)

=l
where c, is the stiffness, W, is the preload, fis the frequency, and A is the deflection

amplitude of the i"™ measured data, and n is the number of measured data.
The values of by, b2 b; and b, are obtained in a similar manner so that used for
identifying the parameters a;, a; a; and ay. Following this approach, we obtained the

optimum parameters, as shown in Table 2.6.

Table 2.6:  The optimum parameters of damping model.
Seat b, b b; by
A 2.65 0.04 -0.66 -0.04
B 0.16 0.62 -0.59 -0.08
C 2.2226 0.9318 -0.8490 -0.0438

[t should be noted that the coefficients b;, b2 b; and by describe the dependence of
the seat damping on preload, frequency and deflection amplitude, respectively, while the
coefficient b; can be interpreted as a constants gain value. The derived model coefficients
suggest the following:

1) The influence of preload on the seat damping coefficients is determined from

parameter b;. The damping coefficients of all the three seats increase with

increase in the preload (b>>0). The stiffness of seat “C” is most sensitive to
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i1)

variation in the preload, while that of seat “A” is least sensitive.

The influence of excitation frequency on the seat damping is determined from
the parameter b;. The parameter values suggest that damping coefficients of
all three seats decrease with increase in frequency (b;<0). The decreases in
damping values, however, are large. Furthermore, the results suggest that the
sensitivity of stiffness of all three seats to variations in excitation frequency is
very different. The damping of seat “C” is most sensitive to variation in the

frequency of excitation, while that of seat “A” is least sensitive.

iv) The effect of deflection amplitude on damping of a PUF seat is determined

from parameter by. The damping values of all three seats decrease with
increase in deflections amplitude (b,<0). The results suggest that the influence
of deflection amplitude on the damping value is small relative to that due to
variations in the preload and frequency of excitation. The seat “B” exhibits
most sensitivity to variations in deflection amplitude. Furthermore, the results
suggest that the sensitivity of damping of the other two seats to variations in

deflection amplitude is comparable.

2.5.4 Validation of the damping model

The validity of the proposed damping models is examined by comparing the
model results with the corresponding measured data over the range of excitation
amplitudes, excitation frequencies and preload. Equation (2.16) is solved to derive the
damping constants for each of the three seats under excitations in the 0 to 10 Hz
frequency range, and values of preload and amplitude used in the experimental

characterization.
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Figures 2.56 to 2.63 present a comparison of the results of models of all the three
seats with the corresponding measured data over the range of test conditions considered
in the study. In general, the model results are observed to be in close agreement with the
measured damping coefficients. For seat “A”, the results attained from proposed modetl
agree very well with measured data, shown in Figures 2.56 and 2.57. Some derivation
between the model results and the measured data, however, are observed under higher
frequencies of above 7 Hz. The model results attained for seat “B” agree very well with
the measured data for the entire range of test conditions considered, as shown in Figures
2.58 and 2.59. Figures 2.60 to 2.63 illustrate the comparison of model results with the
corresponding measured data for seat “C”. The results generally show a good agreement
between the measured and computed results, except for higher frequencies (>6Hz) and

small deflection amplitudes (<2.54 mm).
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Figure 2.56: The comparison of the modeled damping with the measured data at
constant preload of 480N mm for seat “A™.
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Figure 2.57: The comparison of the modeled damping with the measured data at
constant amplitude of 12.7 mm for seat “A”.
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Figure 2.58: The comparison of the modeled damping with the measured data at
constant preload of 347N mm for seat “B™.
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Figure 2.59: The comparison of the modeled damping with the measured data at
constant amplitude of 12.7 mm for seat “B".
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Figure 2.60: The comparison of the modeled damping with the measured data at
constant amplitude of 6.35 mm for seat “C”".
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Figure 2.61: The comparison of the modeled damping with the measured data at
constant amplitude of 19.05 mm for seat “C".
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Figure 2.62: The comparison of the modeled damping with the measured data at
constant amplitude of 12.7 mm for seat “C”.
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Figure 2.63: The comparison of the modeled damping with the measured data at
constant amplitude of 2.54 mm for seat “C”.

2.6  Development of Seat Cushion Models for General Application

[n subsection 2.5, the dynamic properties of the seat cushions are characterized in
equations (2.8) and (2.16). These models describing the dynamic properties of the seat
cushions are proposed as functions of the preload, deflection amplitude and excitation
frequencies. The validity of the proposed stiffness and damping models is also
demonstrated by comparing the predicted force-deflection, force-velocity, and stiffness
and damping coefficients with the corresponding measured data over the range of
excitation amplitudes, excitation frequencies and preloads. The model results attained for
all the three seats agree reasonably well with the measured data over most of the range of

test conditions considered.
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The proposed models, however, pose limitation for general application.
Considering that the models are derived as the basis of the data acquired under sinusoidal
excitations, the use of models requires prior knowledge of deflection amplitude A and
excitation frequency f. In general application, a seat cushion deformation is time
dependent and it may contain various spectral components in a relatively wide frequency
band. The proposed models, therefore, need to be modified in order to utilize them for
comfort analysis under representative random excitations encountered in an automobile.
The changes are realized into two steps. The deflection amplitude of A in the seat cushion
models is replaced by absolute value of the instantaneous relative deflection response of

the seat cushion, such that the stiffness and damping coefficients may be expressed as:

K =aW*f|x@|™ (2.19)

C = bW fOx)|* (2.20)

where x() is the instantaneous relative deflection of the seat cushion.
Furthermore, the excitation frequency used in the models could be derived from

the instantaneous relative velocity and displacement responses, such that:

L)
271 x(2)| (2.21)
Equations (2.19) and (2.20) can thus be rewritten:
K = — W )| e (2.22)
)"
bl b, |- by (by-by)
C = ——W"[x(0)|" |x() (2.23)

Qr)>

Equations (2.22) and (2.23) describe the stiffness and damping properties of the

105



seat cushions for general application as function of preload, relative deflection and
relative velocity. These relations are used in the subsequent section to derive analytical

models of automotive seats and occupant-seat system.

2.7  Summary

In this chapter, the procedures for laboratory characterization of the static and
dynamic properties of seat cushions are described. The static and dynamic properties of
these different seats are identified from the measured data, which are observed to be
strongly dependent preload, amplitude and frequency of excitation. While all the three
seats revealed similar trends in relation to the preload, and amplitude and frequency of
excitation, the relative influences of these parameters varied for different seats. Both of
the stiffness and equivalent damping coefficients increased with the increase in the
preload. An increase in the excitation frequency caused a rapid decrease in the equivalent
damping coefficient, and a slight increase in the stiffness coefficient. Both of the stiffness
and equivalent damping coefficients decreased with the increase in the excitation
amplitudes. Owing to strongly nonlinear properties and lack of adequate stress-strain
models for varying material properties, such as hysteresis, rebound index and resilience,
curve-fitting methods are applied to derive stiffness and damping models of the seat
cushions. A general structure of the models is proposed to characterize the dynamic
stiffness and damping coefficients as function of the preload, and excitation and
frequency. The validity of the models is demonstrated by comparing the model results
with the measured data. The proposed models are further refined for general application

involving vibration comfort analysis of the seats.
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3 DEVELOPMENT AND VALIDATION OF SEAT MODELS

3.1 Introduction

It is well known that seats form an integral part of the automobile and strongly
influence the perception and sensation of the ride comfort and safety. The design of an
automotive seat for comfort is presently a more practiced art than an application of
engineering tools. Automotive manufacturers are beginning to explore the little
understood connection between seat design and comfort [23]. At the same time, a number
of fundamental studies have attempted to study the relationships between the seat design
and properties and the seating comfort. The human perception of comfort is complex
function of many factors, such as postural support, seated height, vision, temperature,
humidity, vehicle handling, noise and vibration. While many studies have investigated
the ergonomic design consideration, only a limited number of studies have reported the
vibration comfort performance and analyses.

Owing to strongly nonlinear properties of the seat and high degree of individual
variability with regard to vibration comfort performance, the vibration comfort analyses
are mostly conducted through either laboratory or field measurements. These studies
involve repetitive measurements with relatively large number of subjects and seats, and
yield poor repeatability [35,46]. Alternatively, the comfort performance of a seat could be
objectively assessed through analysis of the analytical model that could be conveniently
formulated from the stiffness and damping coefficient models presented in the previous

chapter.
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The open cell polyurethane foam (PUF) has become the preferred cushion
material for automotive seats because of its good performance/cost ratio and mechanical
properties. Open cell PUF foam consists of a polymer matrix with entrained fluid or gas.
The gas is able to flow through the polymer matrix under the action of an imposed load.
The movement of the gas through the polymer matrix can affect the mechanical
properties of the foam. The stiffness of the polymer matrix is also variable, which affects
the physical properties of PUF. The stiffness characteristics of PUF are inherently related
to the level of loading. The stiffness properties under light loads are mostly determined
from the linear elastic bending behaviors, while the loads beyond the linear-elastic range
produce elastic buckling of the PUF foam. Low-order and lumped parameter models have
been widely developed to describe the vertical vibration properties of automotive seats on

the basis of such mechanical properties of the PUF foam.

3.2 Experimental Methods

The vibration comfort performance of automotive seats is typically performed
either in the field or by using a motion simulator in the laboratory. The former method
offer yields poor repeatability due to variation in the test conditions and the test subjects.
The laboratory-based method is widely applied to assess the performance under
representative and repeatable test conditions. In this study, the vibration isolation
performance characteristics of three different automotive seats are measured in the
laboratory under different levels of preload and vibration excitation. This data is used to

verify the model.

108



A Whole-Body Vehicular Vibration Simulator (WBVVS) is employed to evaluate
the vibration transmission characteristics of the seats in the laboratory. The WBVVS
consists of a vibration platform supported on two servo-hydraulic motion actuators, a PC-
based servo-control system and a data acquisition system. The setup also includes a
signal conditioning system and a real time signal analyzer (B&K 2033), as shown in
Figure 3.1. The motion actuators can replicate signals recorded on the floor or seat base
of a car. The feedback control performance of the seat simulator is characterized by both
flat amplitude and a tlat phase response over a bandwidth of near 40 Hz [50]. The
experiments are initially performed on the seat loaded with a rigid mass in order to
examine the validity of the model while neglecting the influence that may cause the
dynamics of the human subjects. Two piezo-electric accelerometers are placed. one
directly on the top surface of the seat cushion, the other at the seat base in order to
measure the vertical acceleration at cushion rigid load (sand bag) interface and at the seat
pan, respectively. The measured signals are amplified by charge amplifiers and
transferred into the signal analyzer.

In this study, the vibration attenuation characteristics of seat “C” are measured,
while those for seats “A” and “B” are taken from a previous study. The candidate seat
“C” was installed on the WBVVS platform and loaded with a sand bag weighing 56.5 kg,
as shown in Figure 3.1. The seat preload is selected as 56.5 kg for representing 50

percentile adult population of mean mass of 75kg.

3.2.1 Test Matrix

The vibration transmissibility characteristics of the seat “C” are investigated in

the laboratory using the whole-body vehicular vibration simulator (WBVVS) under
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harmonic excitations. The experiments are performed under different amplitudes of
excitation in the 0.625 to 10 Hz frequency range. A swept sinusoidal signal is synthesized
to provide different amplitudes of peak displacement: 2.54 mm, 6.36 mm and 12.7 mm,
in the frequency range from 0.625 to 2 Hz. These correspond to peak acceleration
amplitudes of 0.4 m/s’, 1.0 m/s*, and 2.0 m/s?, respectively. In the frequency range from
2 to 10 Hz, the displacement amplitude is decreased to maintain constant the acceleration
amplitude at the values established at 2 Hz. The test matrix, illustrating the range of

preloads, vibration amplitudes and frequencies, is summarized in Table 3.1.

Steering column
Seat
Accelerometers
3and beg
Platform
Stgnal
conditione
Hydraulic actuator
| [
[} ]
{ — t
] ot I
{ — |
] |
=] [}
I

Dicplay and
douta source

Dynamdc analyzer Contro! system

Figure 3.1:  Schematic of the experimental setup for measuring the vibration
transmissibility characteristics of the seats.
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Table 3.1:  Test Matrix Describing the Range of Preloads, Excitation Strokes and
Excitation Frequencies.

o Displacement Frequency Acceleration | Frequency
Excitation | Preload Amplitude Range Amplitude range
(mm) (Hz) (m/s?) (Hz)
Swept 2.54 0.625-2 04 2-10
< 6.35 0.625-2 1.0 2-10
Sinusoidal | J0-3 kg
12.7 0.625-2 2.0 2-10

3.2.2 Data acquisition

The measured signals acquired from the two accelerometers mounted on the top
surface of the seat cushion and on the seat pan are amplified and fed into the signal
analyzer B&K2035. The analyzer-based software is used to compute the vertical

acceleration transmissibility of the seat in the following manner:

S. .
H(jw)= S (3.1)

X,

Where H(jw) is the complex transfer function of the seat, 5:&, is the auto power

spectral density of the seat pan acceleration ¥; and §_, is the cross-spectral density of

the seat acceleration response X, and seat pan acceleration, and @ is the angular

frequency (w=27f )and j=+-1.
The measured transfer function is expressed in terms of transmissibility

magnitude and phase response of seat “C”, as shown in Figure 3.2. The results show that
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the vibration transmissibility characteristics of the seat “C” with a rigid mass under three
different amplitudes of excitations vary with the excitation amplitude. The magnitudes of
the transmissibility are very similar below 3 Hz for all the excitations. The
transmissibility magnitude rapidly increases and reaches the resonant peak value of 4.4 at
the resonant frequency of around 4.75 Hz under the excitation displacement amplitude of
12.7 mm, and it decreases above 4.75 Hz. Under the excitation displacement amplitude of
6.35 mm, the magnitude of the transmissibility increases slower than that under the
excitation displacement amplitude of 12.7 mm and reaches the resonant peak value of 4.9
at the resonant frequency of around 5.25 Hz, and it decreases faster than that under the
excitation displacement amplitude of 12.7 mm above 5.25 Hz. Under the excitation
displacement amplitude of 2.54 mm, the magnitude of the transmissibility increases and
reaches the resonant peak value of 5.5 at the resonant frequency of around 6 Hz, and
decreases afterwards.

Figure 3.2 also shows that the excitation amplitudes lay obvious effects on the
phase properties of the transmissibility. The phases of the transmissibility are very close
under 3.5 Hz and above 7 Hz, but exhibit obvious differences between 3.5 Hz and 7 Hz
under the three excitation displacement amplitudes. The phases of the transmissibility
decay rapidly at almost same rate, but occur over different frequency ranges, under three
excitation amplitude displacements.

The experimental results indicate that both the resonant peak amplitude and the
resonant frequency decrease with increase in the displacement or acceleration of the
inputs. This conclusion is coincident with the trends obtained from the static and dynamic

properties of the seat cushions. The trends indicate that with the increase in the amplitude
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Figure 3.2:  Vibration transmissibility characteristics of seat “C” with rigid mass 54.5
kg, as measured under different excitation magnitudes.
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of the excitation, the equivalent damping coefficients decrease slightly, but the dynamic
stiffness decreases most significantly. The increase in excitation amplitude displacement
leads to the decrease in the resonant frequency. The increase in excitation amplitude
displacement leads to an increase in the damping ratio & =c/ akm , and thus lower

resonant peak response. The results clearly show the nonlinear vibration transmission

characteristics of the seat.

Figures 3.3 and 3.4 illustrate the measured transmissibility magnitude response of

seats “A” and "B", respectively, reported under displacement excitation of 6.35 mm [52].

ibility

ion Tran
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Frequency, Hz

Vibration transmissibility of seat “A™ with a rigid mass (55 kg) and

Figure 3.3:
constant amplitude displacement 6.35 mm [52].
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The results show resonant peak response close to 4.35 occurring at a frequency of around
5.5 Hz for seat “A”, and close to 3.7 occurring at a frequency of around 5.0 Hz for seat
“B”. A comparison of Figures 3.2 to 3.4 reveals that seat “B” yields the lowest resonant
transmissibility, which occurs at a relatively lower frequency of 5 Hz. Although the
vibration transmissibility characteristics of seats “A” and “B” have not been reported for
different amplitudes of excitations, the dependence upon the amplitude of excitation is
expected to be similar to that observed for seat “C”. This is attributed to the nonlinear

trends observed from the equivalent damping and stiffness coefficients.
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Figure 3.4:  Vibration transmissibility of seat “B” with a rigid mass (55 kg) and
constant amplitude displacement 6.35 mm [52].
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33 Development of the seat model with a rigid mass

3.3.1 Analyses of the seat model

The modeling of an automotive seat with a rigid mass involves accurate
characterization of the mechanical properties of the open-cell PUF seat cushion. Figure
3.5 depicts the mechanical properties of the open-celled PUF in terms of typical stress-
stain relationship [19]. The stress-strain curve reveals three distinct phases. In the first
phase (e< 0.05), the mechanical properties could be characterized by any linear elastic
material [51]. This phenomenon is also evident from the measured stiffness

characteristics of the seat cushion presented in Figures 2.5 to 2.7. In this phase the walls
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4
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Figure 3.5:  Stress-strain curves for open cell foam [19
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of the open celled foam provide simple bending resistance to loads. In the second phase.
corresponding to higher strains, the walls of the cellular structure suffer progressive
buckling. This phase is typified by softening of the foam or reduction in the stiffness of
the foam structure. This phenomenon is also evident from the measured stiffness
characteristics of the seat cushion presented in Figures 2.5 to 2.7, i.e. the stiffness
decreases with the increase in the strain (deflection). Under extreme strains, the PUF
undergoes densification due to total buckling and expulsion of the entrained gas from the
matrix structure. This last phase is evidenced by steeply increasing stiffness in Figure 3.5,
which can also be observed from the measured stiffness data corresponding to extreme
deflection.

The modeling of a seat may also require considerations of the seating
components, such as the frame, trim covers, and some adjusters in addition to the PUF. A
seat cushion model is developed on the basis of stiffness and damping coefficient models
derived in Chapter 2. The stiffness model, derived from the measured data, represents
mostly the stress-strain relationship within the Plateau region shown in Figure 3.5.

The automotive seats are exposed to vertical vibration and shocks arising
primarily from the tire-terrain interactions. The relative deflection and relative velocity
response of the seat cushion strongly depend on the seat load, displacement and velocity
of the input. The defiection behavior of the seat cushion spans over all the three phases
characterized in the stress-strain characteristic. The seat model should thus cover all the
three phases, rather than the second phase alone as characterized by the experimental

data. The automotive seat cushion is presented by its viscous-elastic properties along the
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vertical axis; an equivalent nonlinear spring and a parallel nonlinear viscous damper, as

shown in Figure 3.6.

...............................................................................

...............................................................................

Figure 3.6:  Proposed seat model.

Owing to a, —a, <0 in the stiffness modei shown in formula (2.23) and Table

2.5. when the relative deflection of cushion is less than x,, which is assumed 10 m in
order to avoid that formula (2.23) leads to infinity, it is considered as x,. [n this case, the
stiffness and damper are considered as those when the relative deflection of cushion is Xy.

Owing to b, <0 in the damping model shown in formula (2.24) and Table 2.6, when the
relative velocity of cushion is less than X, , which is assumed 10~ m/s in order to avoid
that formula (2.24) leads to infinity, it is considered as X, . In this case, the damper is
considered as the one when the relative velocity of cushion isx,. When the relative

deflection of cushion is greater than the number x,, which is determined by specific
experimental condition, the stiffness and damper are increased by a constant respectively.

This constant is caused by the deflection of spring inside the frame of seat. Based on the
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formula (2.23) and (2.24) in Chapter 2, the seat models are described as formula (3.2) and

3.3).

(7:)‘,, we _i|ax |x|(a‘ -ay) | < x, when <, x=x
k=4 "a .
(7 l)a‘ a, ‘i_lm lxl(a;-n;) + kdm lll > 5
2T
(b
Q ﬂ.l)b,‘Wb; Mb, ,xlw. -b;) | < x, s when|¥ < &, & =x,
C =3 b b b b (33)
(7 —l)l,‘ Wb! Ixi ! le( 3 -by) +C,.n I-ri 2 X when |_’r! < X" X =-\-:‘
(2

Where x and x are relative deflection and velocity, respectively; Kgen and cgen are the
stiffness and damping in the case of big deflection, respectively.

From the above formulae, the seat possesses a linear elastic phase in which the
stiffness is constant for small deflections that can be associated with the region of small
strain. With the increase of the deflection, the stiffness shows non-linearity and the seat
cushion characteristics enter the second phase. In this phase, the velocity influences
slightly on the stiffness. The higher the relative deflection, the bigger the stiffness will be.
The change of the entrained amount of the gas and the moving speed of the gas in the
foam cause the change of the stiffness. A final stress-strain phase that follows the
buckling is the compaction phase, in which the voids within the foam have been almost
completely eliminated. I[n this last phase the foam exhibits a significant hardening
characteristic. In this phase, the spring component at the bottom of the seat plays an
important role in stiffness and damper, frame bending also, represented by kgen and Cyeq in

the formulae.
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From formulas (3.2) and (3.3), it can be seen that the model parameter a,
represents the stiftness gain, a, describes the preload dependence of the stiffness, a;
relates to relative velocity and deflection dependence of the stitfness, and a, describes the
relative deflection dependence of the stiffness constant. The parameter b; can be
interpreted as a damping coefficient gain, while b, describes the load dependence of the
damping coefficient. The constants b; and b, describe the relative velocity and deflection

dependence of the seat damping coefficient.

3.3.2 Identification of nonlinear stiffness and damping coefficients
A simple and low order lumped parameter model of the car seat is formulated
using Equations (3.2) and (3.3) together with a rigid mass, as shown in Figure 3.7. The
equation of motion for the seat-load system can be expressed as:
mi, +c(x, —x,)+k(x,—x)=0 (3.4)
Where xo and x, are the displacement and velocity responses of the rigid mass.
respectively; and x; and x, are the displacement and velocity of input at the seat track,

respectively. ¢ and k are nonlinear damping and stiffness coefficients described in
Equations (3.2) and (3.3), respectively. m is the mass representing the body mass or the
sand bag employed in laboratory characterization.

The equation of motion of the seat is solved under sinusoidal excitation used in
the laboratory tests, and the resulting responses are compared with the measured data

corresponding to specify preloads and excitations.



Rigid mass ~ |—— m b x,
) )J!c
Seat model ——P =/
Seat Track ———| l————? Xi
Figure 3.7:  Seat —load system.

The trial and error method is used to identify the coefficients kg and Cyeq by
minimizing the error between the measured and predicted vertical acceleration

transmissibility of the seat-load system. The parameters of kgeq and Cqeq identitied for the

three seats are summarized in Table 3.2.

Table 3.2: Linear stiffness and damping parameters of the seat structure.

Seat Kien (N/m) Cgen (NS/m)
A 4400 280
B 2000 270
C 6000 130




3.4  Validation of the seat-load model

The equation of motion of the seat-mass system model, shown in Figure 3.7 is
solved using Simulink software under harmonic excitations of varying magnitudes. The
stiffness and damping coefficients identified for all the three candidate seats are applied
using equations (3.2) and (3.3) together with the parameters presented in tables 2.5, 2.6,
and 3.1. The predicted acceleration transmissibility is compared with the measured data
and the results are presented in Figures 3.8 to 3.12. The simulations for seats “A” and
“B” are performed under 6.35 mm peak displacement excitation in the 0.625 to 2 Hz
range, and under constant acceleration 1.0 m/s® excitation in the 2 to 10 Hz frequency
range. as described earlier in Section 3.2. The simulation for seat ‘C’ is carried out under
three different levels of excitations (2.54 mm, 6.35 mm and 12.7 mm), as described in
section 3.2. The simulation results are presented in terms of acceleration transmissibility,

the ratio of peak acceleration response of the mass to that of the seat pan (I\ / rll ). The

validity of the proposed model for all three seats is examined by comparing the model
results with the measured data.

Figures 3.8 and 3.9 illustrate the comparison of acceleration transmissibility
magnitude response derived from the models of seat “A” and “B", respectively, with the
corresponding measured data. The results represent the vibration transmissibility of seat
“A” and "B with preload of 55 kg and subject to 6.35 mm displacement excitation.
Figure 3.8 shows reasonably good agreement between the model results and the
measured data over the entire frequency range.

Figure 3.9 depicts the predicted and measured acceleration transmissibility of seat

“B” with preload of 55 kg under the excitation displacement amplitude of 6.35 mm. The
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predicted and measured data are very close below 2 Hz. The predicted transmissibility
increased more rapidly than the measured value after the excitation frequency is equal to
2 Hz. The predicted transmissibility increased afterwards more slowly than the measured
value. The two values finally become identical at 5 Hz. The largest error is 10% in the
range from 2 to 5 Hz. The predicted transmissibility agrees with the measured data very
well within the resonant frequency range between 5 and 6.25 Hz. at frequencies above,
the model predicts a more pronounced attenuation than the measured data where the error
can be as high as 40 %.

The model response for both seats “A” and “B” reveals very good agreement with
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Figure 3.8: Comparison between modeled and measured acceleration transmissibility
amplitude and phase of seat “A” under excitation displacement amplitude
of 6.35 mm and preload of 55 kg.
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the measured data in terms of peak acceleration transmissibility and the resonant
frequency. The model response, however, trends to be lower than the measured data at
frequencies above 6.5 Hz. The deviation at high frequency excitation could be mostly
attributed to intermittent jumping of the load from the seat surface, which is often
encountered in laboratory tests. It should be noted that the passive load employed in
assessment of seats is often unrestrained to ensure that the visco-elastic properties of the
seat are not altered by the restraint. The unrestrained load may encounter hopping motion
under high magnitude or high frequency excitations, which could contribute to relatively

high transmissibility at higher frequencies.
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Figure 3.9:  Comparison between modeled and measured acceleration transmissibility
amplitude and phase of seat “B™ under excitation displacement amplitude
of 6.35 mm and preload of 55 kg.
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Figures 3.10 to 3.12 depict respectively the predicted and measured acceleration
transmissibility characteristics of seat “C” with preload of 55 kg corresponding to three
different excitations. For excitation displacement amplitude of 2.54 mm, as shown in
Figure 3.10, the amplitude and phase of the predicted transmissibility match the measured
data very well below 5 Hz. Then the predicted amplitude increases more rapidly than the
measured amplitude. The two curves have same peak value of 5.5. After the two curves
reach peak value, both of them start to decrease. The measured amplitude declines faster
than the predicted. This phenomenon leads to two results. One is that the predicted
resonant frequency shift to left by 0.25 Hz. The other is that the predicted amplitude
comes to be equal to the measured at 7.5 Hz. Finally, the two curves will get close above
7.5 Hz. For excitation displacement amplitude of [2.7 mm, shown in Figure 3.12, the
resonant frequency shifts to right by 0.25 Hz. The resonant peak of the model is higher
than the measure data. The error of peak value is up to 8%. The rest of curves are very
close. For excitation displacement amplitude of 6.35 mm, shown in Figure 3.11. the
mode! response reveals very good agreement with the measured data in terms of peak
acceleration transmissibility and the resonant frequency in the entire frequency range.

For the above three cases, the phase curves of transmissibility show the same
trend as the amplitude curves of transmissibility. In the case of small excitation amplitude
of 2.54 mm, as shown in Figure 3.10, the predicted phase shift to left by 0.25 Hz. When
middle excitation amplitude of 6.35 mm, shown in Figure 3.11, is applied, the predicted
phase fit the measured very well. For the large excitation amplitude of 12.7 mm, as

shown in Figure 3.12, the predicted phase shift to right by 0.25 Hz.
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Figure 3.10: Comparison between modeled and measured acceleration transmissibility
amplitude and phase of seat “C” under excitation displacement amplitude
of 2.54mm and preload of 55 kg.
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Figure 3.11: Comparison between modeled and measured acceleration transmissibility
amplitude and phase of seat “C” under excitation displacement amplitude
of 6.35mm and preload of 55 kg.
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3.5 Summary

In this chapter, the results of seat cushion transmissibility measurements are
reported when using a rigid mass as the load. The transmissibility characteristics are
observed to be strongly dependent on the excitation amplitude. The peak transmissibility
value decreases with the increase in excitation displacement amplitude and the resonant
frequency of transmissibility also decreases with the increase in excitation amplitude.
Based on the seat cushion model described in Chapter 2, a non-linear theoretical vertical
vibration model of the car seats is derived. The fundamental theory of dynamic
mechanical behavior and hydraulics of flexible open-celled foam material is used during
the development of the model. The seat model includes linear and nonlinear stiffness,
which shows characteristic of mechanical properties of the open-celled foam in various
strain phases and contribution of the seat’s frame. Linear and nonlinear damping
coefficients are applied to obtain the results, which presents hydraulics of the confined
gas in the foam matrix that flows under load.

Finally, the stiffness and damping models are combined with a rigid mass to
construct a seat-rigid mass system. The vertical acceleration transmissibility of the seat
cushion model is computed under different amplitudes of excitation, and compared with
the measurements performed with three seat cushions. The validity of the models is
demonstrated by comparing the model results with the measured data. The results show
reasonably good agreement between the model results and the measured data over the
entire frequency range for three different inputs provided to seat “C” and one input

provided to other two seats.



4 VIBRATION PERFORMANCE AND PARAMETER SENSTTIVITY

ANALYSIS OF THE SEAT-RIGID MASS SYSTEM

4.1 Introduction

Ride quality is concerned with the sensation or feel of the driver or passenger in
the environment of a moving vehicle. Apart from many other factors, the ride comfort is
related to the vibration transmitted to the seated body, which may be influenced by a
variety of sources, including surface irregularities, aerodynamic forces, engine and
driveline vibration, and non-uniformities (unbalances) of the tire/wheel assembly.
Usually, surface irregularities, ranging from potholes to random vibration of the surface
elevation profile, act as the major source that excite the vibration of the vehicle body
through the tire/wheel assembly and suspension system. Exposure to whole-body vehicle
vibration may cause a complex distribution of oscillatory motions and forces within the
body [1]. The complex nature of vibration transmitted through the seat determines the
perception of the whole-body vibration and effects on the ride comfort.

The comfort characteristics of automotive seats are frequently assessed through
subjective and objective ride performance tests. While subjective evaluations yield
considerable data on relative ride ranking, they can be effectively used to obtain nde
perception, but do not provide quantitative information to the designer. Alternatively,
objective assessments of seats provide important quantitative information on the design.
The objective assessments may be performed in the field or in the laboratory under
representative vibration conditions. There are two types of methods for evaluating

vibration performance in an objective manner. They are measures based upon physical
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quantities obtained from the experiments and measures based upon simulation quantities
attained from analysis of proven system models. The former is primarily used to evaluate
the properties or performance of specific designs or properties, while the latter is
generally employed to predict the performance potentials and to formulate desirable
design parameters.

[n this chapter, different performance measures are formulated to assess the
comfort performance of automotive seats and influence of selected design parameters.
The influence of variations in various design factors on the performance characteristics

are investigated through parametric sensitivity studies.

4.2  Performance measures

Evaluation of human exposure to whole-body vibration (WBV) can be carried out
by examining different response quantities, such as displacement, velocity and
acceleration responses of the human-seat or load-seat interface. Many studies have
established that the acceleration is the most suitable parameter to assess the vibration
attenuation performance of seats and human perception of vibration [46,52]. Several
response quantities based on acceleration include overall (i.e. 0.5-80 Hz) rms
acceleration, frequency-weighted rms acceleration, root-mean quad acceleration, and
peak acceleration which may be used to define parameters to assess the relative
performance of the seats. Some of these performance measures are described below.

The peak acceleration response of a seat could be effectively used to assess its
vibration as well as shock isolation performance. Furthermore, the human perception and

response to vibration can also be related to peak acceleration [1,71]. The influence of
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model or design parameters on the seat performance is thus assessed in terms of peak

acceleration, defined as the peak deviation from the mean value in the time-domain.

4.2.1 S.EA.T.

The S.E.A.T. (Seat Effective Amplitude Transmissibility) value is defined as to
measure the efficiency of a seat in isolating the body from vibration. It provides a simple
numerical assessment of the seat isolation efficiency, as described earlier in Chapter 1. In
order to measure a S.E.A.T. and frequency-weighted S.E.A.T. value of a seat, rms
acceleration and the frequency-weighted rms acceleration are introduced firstly.

The spectral components of the response acceleration may also be evaluated in
terms of rms acceleration spectra. Both the International (ISO 2631-1) and Brtish
Standard (BS 6841) suggest the use of frequency-weighted rms acceleration and provide
the weighting filter constants corresponding to center frequencies of the one-third octave
bands [1,71]. The ratio of the rms acceleration spectra measured on the seat and at the
base in one-third octave frequency bands may thus be used to assess the vibration
transmission performance of the seats. Both the [SO-2631 [1] and BS 6841 [71] provide
weighting filter networks, W, and W,, respectively, that are applicable to whole-body
vertical acceleration.

The rms of acceleration may be computed either in the time domain or in the
frequency domain. The time domain method permits the derivation of overall rms

acceleration over an exposure duration T in the following manner:

4.1)

where X(¢) is the instantaneous acceleration in m/s’.
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The computation in the frequency-domain permits the analysis of rms acceleration
spectra or distribution in specific frequency bands. One-third octave band analysis is
widely used to study the ride performance in automotive applications since it is
considered to have sufficiently fine resolution and it yields manageable number of values.
The rms in the frequency-domain corresponding to center frequency of one-third octave
band may be calculated by integrating the power spectral density of acceleration over the

desired frequency band:

arnu (ﬁ) = “‘ L,'.' PSD((l)df (42)

where PSD,,, is the power spectral density of acceleration in (m/s”)*/Hz, f; and f, are

the lower and upper limits of the frequency band in Hz, and a,,_ is rms acceleration
corresponding to center frequency f. in m/s’.

The rms value in the frequency domain over the entire range of frequency of
interest may be obtained by computing:

N

s g = | D (@%1) (4.3)

1=l

where N is the total number of frequency bands considered and (a,), is rms

acceleration of i component centered at one-third octave component f, .

When evaluating vibration with respect to its possible effects on the human body,
the frequency weightings are required. The International Standard ISO 2631-1 (1997) [1]
defines principal frequency weighting W, for assessing exposure to vertical vibration in
the frequency range of 0.5 to 80 Hz. The Standard defines a frequency-weighting transfer

function Hy(s) that is applied to derive the time history of the weighted acceleration using
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the Convolution method, as shown in Figure 4.1. The frequency-weighted overall rms

acceleration a,, ,, , in the time domain is thus obtained from:

L.,
— = [— X (t)dt 4.4
@y e 1/Tojr“() (4.4)

where T is the measurement duration in seconds and X,.(¢) 1s the instantaneous

- . . 2
frequency-weighted acceleration in m/s”.

() ——p Hu(s) —> i)

Figure 4.1:  Application of frequency-weighting function defined in ISO-2631 [1].

The frequency-weighted rms acceleration corresponding to each one-third octave
band can also be computed using the magnitudes of the frequency-weighting filter
defined in ISO-2631 [1]. The overall value of frequency-weighted rms acceleration is

then computed from:

N )
Qorms _ freq — gl(wk (f. )a/r )‘- 4.5)
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where W, is the magnitude of the frequency weighting function corresponding to center
frequency f; of the i-th frequency band; (a ;. ), 18 the rms acceleration for i-th one-third
octave frequency band centered at f.- and N is the total number of frequency bands

considered.

The frequency-weighted rms acceleration can also be calculated directly from

acceleration power spectral density:

aw.rm.\'_freq = JJ;L lHn(./f)ll PSD;‘“,df (46}

where f, and f, are the lower and upper limits of the frequency range of interest.

The crest factor is defined as the ratio of the frequency-weighted instantaneous
peak value of the frequency-weighted acceleration signal to the frequency-weighted
overall rms acceleration [4]. The peak value shall be determined over the duration of
measurement, T. The crest factor yields a measure of the shock contents of the measured
signal. For vibration with crest factors below or equal to 9, the basic evaluation method
using weighted rms of acceleration is normally sufficient [1]. For the passenger cars, the
crest factor of acceleration signal is often below 9. For vibration with crest factor above
9, the basic evaluation method may underestimate the effects of vibration exposure due to

presence of occasional shocks, and transient vibration.

4.2.2 Acceleration transmissibility

The steady-state vibration transmission characteristics of a seat-rigid mass system
can be conveniently evaluated in terms of acceleration transmissibility, which is defined
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as the ratio of acceleration magnitude transmitted to the seat-rigid mass interface to the
magnitude of excitation acceleration at the seat base, in the frequency range of interest.
The vertical vibration transmissibility can provide significant information related to

vibration attenuation characteristics and probable frequency range of vibration isolation.

4.3  Synthesis of a road-measured excitation

Owing to highly nonlinear properties of the automotive seat, the vibration
isolation effectiveness and the vibration comfort performance of seats would strongly
depend upon the nature of excitation (magnitude and frequency contents). It is thus vital
to characterize the vibration excitations encountered at the seat base of a specific vehicle.
For laboratory assessment studies, it would be essential to synthesize respective
excitations using a motion generator. The vertical vibration encountered at the seat base
of an automobile are predominant in the vicinity of vertical mode resonance of the sprung
and unsprung masses, as evident from power spectral density of acceleration measured on
the floor of passenger car [57], shown in Figure 4.2. The acceleration spectra measured
at floor was performed under the condition, which is an automabile over a given medium
roadway at constant speed (85 km/h). The human body sensitivity to vibration is strongly
related to the vibration frequency. The vibration in the0.5 to 0.75 Hz frequency range
tend to cause dizziness and motion sickness, while those in the 4 to 8 Hz range cause
whole-body resonance. The human head and neck are known to be sensitive to vibration
in the 18 to 20 Hz range [57]. The rule of good ride quality in a passenger car is that the
natural frequency of the car body should be near 1 Hz in order to avoid the sensitive

frequency region of human body, and to provide effective attenuation of vibration
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Figure 4.2:  Acceleration PSD measured at the floor of a passenger car [57].
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in the 4 to 8 Hz range. The PSD of acceleration measured at the floor reveals two peaks:
near | Hz and 12 Hz, respectively, which are attributed to the vertical mode resonances
of the sprung and unsprung masses. For a typical passenger car, the peak amplitude
associated with the sprung mass resonance is an order of magnitude higher than the
unsprung mass [54,55,56].

A measured ‘representative’ vibration signal can be conveniently synthesized in
the laboratory to assess the vibration isolation performance of seats under controlled
conditions. Considering that y(z) is a white noise random signal and x(z) is the time
history of the synthesized acceleration signal corresponding to the measured acceleration
PSD(S(f)). a frequency response function relating the two may be derived using the
relationship for single-input-single-out (SISO) single-DOF system [58,59]:

S @.7)

HUF) =
A S,

where §.(jf) is the power spectral density of the measured/synthesized acceleration: S:GH
ts the power spectral density of the white noise excitation. such that:.
S, =S, (4.8)
Assuming S, =1, the frequency response function required to synthesize the
measured acceleration PSD, H(jf), may be derived from:

LR ENNT) (4.9)

A frequency response function is formulated to express the measured acceleration
PSD illustrated in Figure 4.2, using a frequency response function similar to that of a 2-

DOF system, as follows:
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d,s(sl +d,s +d,)
(s +ds+d)(s* +dgs +d,)

H (s)= (4.10)

where the coefficients ), to d; are identified through parametric optimization. An
objective function is defined to minimize the error between the predicted and the
measured values of the frequency response function:

2

)
U =Y, (H, G2 -0 (2]’ (4.11)

j =
where v is a vector of model parameters to be identified, expressed as:

x={d\,dy.dy.dy.ds.dg.d; ) ; d;>0 (4.12)

H (jf)and H (s) are the derived and identified functions, respectively. In order

to ensure somewhat comparable contributions of error in the objective function in
different frequency ranges, the weighting factors are introduced. A weighting factor of 5
is selected in the vicinity of two peaks occurring in the frequency ranges of 0.6 to 1.4 Hz
and 10.1 to 14 Hz. The value of the weighting factor is maintained as 1 in the remaining

frequency range. The equation (4.11) is thus rewritten as:

1.4
U =), (HG2)|=|H G0 +5 Y. (HG2A0)|-|H GA)*
f=01 f=06
10 14
+ Y (HG2 | -|H G +5 Y, (HG2A)| - [H (G2Ap)?
r=ts

£=10.1

+ 3 (HG2 )| - |5 G’ (4.13)

f=l41
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Optimization Toolbox [60,61] in MATLAB is used to solve the constrained
optimization problem, defined in Equations (4.12) and (4.13). The solutions are obtained
for different initial values of the parameters vector x. The model parameters identified
corresponding to minimum error of the objective function are summarized below:

di=2.13; d»=325.33; d;=12288.21; dy=7.05; ds=52.67;

de=20.48; d,=6168.50; (4.14)
The magnitude of the identified frequency response function, described in equation
(4.10), is compared with that derived from the acceleration PSD, as shown in Figure 4.3.
The results, in general, show a fairly good agreement between the measured and
identified frequency response function. The magnitude of the computed function
correlates very well with the measured data within 0 to 3 Hz and 10 to 20 Hz frequency
ranges. The computed frequency response function reveals two resonant peaks
respectively in the vicinity 1.15 Hz and 12.5 Hz, which are quite consistent with the
measured data. The resonance in the vicinity of 1.15 Hz is primarily associated with the
sprung mass of the car, while the resonance in the vicinity of 12.5 Hz is associated with
the unsprung mass. The two peak values derived from the computed function, however,
are slightly lower than those from the measured data. The largest error occurs in the 5 to
7 Hz range and approaches almost 17%.

The time history of the acceleration excitation signal is synthesized by applying
the computed frequency response function to a white noise signal (Figure 4.4 (a)). The
displacement and velocity of the synthesized signal are obtained by integrating, filtering

and scaling the acceleration signal using the DSP (Digital Signal Processing) software.
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Figure 4.3: Comparison of the model to measured frequency response function.

The validity of the synthesized acceleration signal is further examined by
comparing its PSD with the target or measured acceleration PSD, as illustrated in Figure
4.4 (b). The results show reasonably good agreement between the synthesized and
measured acceleration PSD’s. The computed acceleration PSD reveals two resonant
peaks respectively in the vicinity 1.15 Hz and 12 Hz, which are consistent with those

observed from the measured data.
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4.4 Analysis of vibration isolation characteristics

The analytical model of the seat-mass system, derived in Chapter 3, is analyzed to
determine the vibration isolation characteristics of the candidate seats under different
excitations. The analytical model includes nonlinear stiffness and damping effects of the
PUF as function of the preload, and nature of excitation and response. The model
simulations are performed under road measured excitation and white noise random
excitation of different magnitudes. The overall rms acceleration of the road-measured or
synthesized acceleration excitation, illustrated in Figure 4.4 (), is computed as 1.2 m/s”.
Three different levels of white-noise random excitation are selected for the analysis with
overall rms acceleration of 0.25, 0.5 and 1.0 m/s® to study the effect of magnitude of
excitation. The simulations are performed for all three-candidate seats and the response
characteristics are evaluated in terms of selected performance measures described in
section 4.2. These include: unweighted and frequency-weighted S.E.A.T. values and
acceleration transmissibility. The results are discussed in view of the vibration isolation
performance of the seats.

Figures 4.5 and 4.6 illustrate the PSD of the acceleration excitation at the seat
base and the acceleration response of the mass on seat “A” under synthesized and white
noise excitations. The corresponding results for seats “B” and “C” are presented in
Figures 4.7 to 4.10. Each figure presents a comparison of the excitation and response
acceleration spectra to identify the vibration attenuation or amplification properties of the

seats.
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The results under road-measured excitations show that all the seats tend to
transmit pan vibration directly to the mass at frequencies below 1.0 Hz. The base-to-seuat
vibration transmission in the 1.0 Hz to 5 Hz range reveals amplification, while the
vibration above 5 Hz is attenuated at the cushion-mass interface. The mass acceleration
responses of all three seats exhibit two peaks in the vicinity of 3.0-3.5 Hz and 12 Hz,
which are attributed to the resonant frequencies of the seat-mass system and excitation in
the vicinity of the wheel-hop frequency. The seat “C”, however, tends to suppress the
peak response corresponding to wheel-hop frequency. A comparison of mass acceleration
PSD responses of all three seats, illustrated in Figure 4.11, reveals their generally similar
performance. The seat “C”, however, yields highest amplification of vibration near 3.2
Hz and least attenuation at frequencies above 15 Hz. The results shown in Figures 4.6,
4.8 and 4.10 illustrate the influence of magnitude of white-noise excitation on the
vibration isolation responses of the three seat-mass models. It can be seen that the
acceleration response of the mass increases in the entire frequency range, with increasing
input acceleration level. This trend is evident for all three seats. The frequency of peak
acceleration response of the mass, however, decreases with increasing input acceleration.
The resonance of the seat-mass system for seat “A” occurs near 3.7 Hz under 1.0 m/s’
rms acceleration, 4.0 Hz under 0.5 m/s* and 4.5 Hz under 0.25 m/s>. The frequency range
in which vibration is attenuated through the seat “A” varies depending on the excitation
level. The attenuation of vibration is attained above 5.5 Hz under 1.0 m/s* rms input, 6
Hz under 0.5 m/s® rms input, and 6.5 Hz under 0.25 m/s® rms input. Based on the results

presented above, it can be seen that the frequency range of vibration isolation increases
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under a higher input level. The seats “B” and “C” also reveal similar trends in mass
acceleration response under white noise excitation.

Figure 4.12 depicts the mass acceleration PSD responses of three seat models
under vertical white noise excitations of magnitude of 0.5 m/s® rms acceleration. It can be
seen that the three seats yield almost identical response. The mass acceleration response
exhibits insignificant changes in the frequency range below 1.5 Hz, amplification of
vibration in frequency range between [.5 and around 6 Hz, and attenuation in the
frequency range above 6 Hz. Some differences in the responses of the seat-mass models
are also evident although small. The magnitude of acceleration of the mass of seat “C” is
slightly larger than those of the other two seats in the vicinity of 4 Hz. The peak
acceleration response of seat “B” is slightly smaller than that of seat “C” but slightly

larger than that of seat “A”.
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Figure 4.11: Comparison of acceleration PSD of three seats under road-measured
random excitation.
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Figure 4.12: Comparison of acceleration PSD of three seats under three different white
noise input.

The simulation results attained tor the three seat-mass models are analvzed to
derive arms_freqr Qrms_timer Qw.rms_freqr @w.rms_time S-E.AT.req, S.EA T timer S-E.A T freqs
S.E.A.T.q times @w peaks and crest factors corresponding to road-measured random input and
the white noise acceleration inputs of three different magnitudes. The results attained in
the time domain and in the frequency domain revealed very small difference. The peak
relative error between dpus_sreq and Quns_sime. and S.E.AT.geq and S.E.AT.ym. were
observed to be well below 5%. These results suggested that the ride quality assessment of
an automobile seat under road-measured and broad-band excitations could be
conveniently accomplished in the frequency domain. The results are summarized in

Tables 4.1 and 4.2 corresponding to road-measured and white-noise random excitations.
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respectively. Owing to small difference in the measures computed in time- and
frequency-domain, the values derived from the frequency-domain alone are presented. It
has been suggested that the rms acceleration levels between 0 to 0.04g, 0.04 to 0.06g, and
above 0.06g of automobiles correspond to smooth, medium and rough ride [56,70] for
seat base.

The results attained under road-measured acceleration excitation suggest that all
the three seats amplify the acceleration, as evident from the unweighted and weighted
S.E.A.T. values (0.5 - 10 Hz) (Table 4.1). The application of frequency-weighting tends
to lower the S.E.A.T. and a,,, values, which is attributed to the attenuation characteristics
of the weighting function. The seat “C” yields highest values of ¢, (1.55 m/sz) and a,.
(l.l9m/sz), while the seat “A” (d,, = 1.36 m/s%: Ay rins =l.01m/sl) yields slightly lower
values than seat “B” (¢, = 1.37 m/s’; Qe rims =1.05m/s>). The seat “C” also yields highest
values of S.E.A.T. and S.E.A.T.,, while the seat “A” yields lowest values. The results

summarized in Table 4.1 support the trends observed in Figures 4.5 to 4.12.

Table 4.1: Vibration Isolation Performance of Three Seat-Mass Models under Road-
Measured Acceleration Excitation (1.2 m/s® rms).

Performance Measure
Seat
arms aw‘rmq S-E-A-T- S-E.A.T.\V aw.pcak Crest
Factors
“AY 1.36 1.01 1.13 1.02 3.65 3.6
“B” 1.37 1.05 1.14 1.07 3.90 37
“C» 1.55 1.19 1.29 1.20 5.60 4.7

150



The results attained under broad-band excitation are shown in Table 4.2. The
S.E.A.T.w measures further contirm that all the three seats tend to amplify the vibration
when loaded with a rigid mass. The seat “A” continues to yield lowest values of a.u, ,
s w, S-E.AT. and S.E.A.T.., trrespective of the magnitude of broad band excitation. It
is interesting to note that the S.E.A.T. values obtained on the basis of unweighted rms
accelerations are lower than the unity values for all three seats, irrespective of the
excitation magnitude. The S.E.A.T., values, however, exceed the unity value in most
cases. This is attributed to the frequency-weighting. The application of frequency
weighting yields only slightly smaller value of the 4, .. than the a,,, under 0.25 m/s’
excitation. The difference between the a,m, and dn,; .. however, tend to grow under
higher magnitude excitations. This is attributed to reduce resonant frequency and
increased frequency range of attenuation under high magnitude excitation. It also needs
to be emphasized that the values 0.25, 0.5 and 1.0 m/s” represent the nominal values of
rms accelerations due to three excitations employed in the study. The exact values of
overall rms accelerations due to white-noise excitation varied slightly.

An examination of values of mass acceleration responses of the three models
suggests that seats “A”, “B”, and “C” could yield peak acceleration of magnitudes of 3.65
m/s’, 3.90 m/s’ and 5.60 m/s’, respectively under the road-measured excitation. The
corresponding crest factor being 3.6, 3.7 and 4.7, respectively. The results suggest that
seats “A” and “B" yield more comparable vibration isolation performance, while seat “C”

yields the worse performance.



Table 4.2: Vibration Isolation Performance of Three Seat-Mass Models under Broad-
Band Random Excitation.

White-noise Performance Measure
Seat | excitations
(m/s?) Aems awrms SEAT. SEAT.W  auwpak Fcf‘;
0.25 0.20 0.19 0.82 1.17 0.60 3.2
“AT 0.5 0.38 0.34 0.77 1.06 1.10 3.2
1.0 0.72 0.63 0.73 0.97 1.88 3.0
0.25 0.21 0.19 0.84 1.20 0.66 34
“B” 0.5 0.39 0.36 0.79 1.10 1.21 3.4
1.0 0.74 0.66 0.75 1.02 2.10 3.2
0.25 0.22 0.21 0.91 1.29 0.73 35
“C"” 0.5 0.42 0.38 0.86 .18 1.25 33
1.0 0.80 0.70 0.81 1.08 223 3.2

4.5 Parameter sensitivity analysis

A parametric study is performed by using the combined seat-rigid mass model
system to study the influence of variations in the seat model parameters on the vibration
isolation performance. Although the stiffness and damping parameters of the PUF
cushions are characterized using curve-fitting techniques, the identified coefficients could

be related to the physical behavior to an extent, as discussed earlier in section 3.3.1. The



coefficients a;, a; a; and ay employed in the stiffness model relate to stiffness gain,
weight-dependence of stiffness, relative velocity and deflection dependence, and relative
deflection dependence of the stiffness values, respectively. The coefficients b;, b», b; and
b; employed in the damping model relate to the damping coefficient gain, weight
dependence of the damping coefficient, relative velocity and deflection dependence of the
damping coefficient, and relative deflection dependence of the damping coefficient,
respectively. A study of influence of variations in these coefficients may yield some
insight into the role of physical properties of the PUF cushions, such as the preload,
velocity and deflection dependence of the force-deflection and force-velocity
characteristics. The parametric sensitivity analysis is performed by varying the
coefficients between 0.75 to 1.25 times the identitied values presented in Tables 2.5 and
2.6.

The steady-state vibration transmission characteristics of a seat-rigid mass system
can be conveniently evaluated in terms of acceleration transmissibility, which is defined
as the ratio of acceleration magnitude transmitted to the seat-rigid mass interface to the
magnitude of excitation acceleration at the seat base, in the frequency range of interest.
The vertical vibration transmissibility can provide significant information related to
vibration attenuation characteristics and probable frequency range of vibration isolation.
A study of the influence of variations in such parameters on the vibration transmissibility
and the S.E.A.T. value can provide significant insight and provide a guideline in view of
the most desirable design parameters of the seat. Owing to the considerable similarity of

all the three seats, the analysis is performed for seat “C” alone loaded with a rigid mass.
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4.5.1 Influence of excitation

The vertical vibration transmission performance of the seat-rigid mass system is
strongly affected by the excitation magnitude due to the nonlinear properties arising from
the seat model. Figure 4.13 illustrates the acceleration transmissibility of the seat
computed under different excitations, including the road-measured acceleration (1.2 m/s”
rms) and white noise acceleration (0.25 m/s2, 0.5 m/s® and 1.0 m/s’ rms) excitations. [t
can be seen that the magnitude of excitation has very little effect on the seat transmission
performance in the frequency range below 2 Hz and above 7 Hz. Under low excitation
magnitude (0.25m/sl), the peak acceleration transmissibility of 4.75 occurs near 4 Hz,

while the attenuation appears at frequencies above 6.5 Hz. An increase in excitation
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Figure 4.13: I[nfluence of excitation on the seat acceleration transmissibility.
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magnitude to 0.5m/s” yields a lower value of peak acceleration transmissibility of 4.25
occurring at a lower frequency of 3.75 Hz. Moreover, the seat tends to attenuate vibration
at frequencies above 6.1 Hz. A further increase in the excitation magnitude to 1.0m/s’
reveals similar tendency. The peak acceleration transmissibility reduces to 4, which
occurs at a further lower frequency of 3.5 Hz, while the vibration attenuation appears at
lower frequencies above 5.8 Hz. Under the road-measured acceleration excitation
(1.2m/s” rms), the resonant frequency further decreases to 3.25 Hz, while the peak
acceleration transmissibility increases to 4.235.

The results suggest that the vibration excitation level directly affects the
acceleration transmission performance of the seat-rigid mass system. The influence of
excitation magnitude on the vibration isolation performance is further evaluated in terms
of SSE.AT. and S.E.A.T., values, as shown in Figure 4.14. It can be seen that the
S.E.AT.w value is smaller than the S.E.A.T. value under road-measured random input
and the S.E.A.T.w values are larger than the S.E.A.T. values under broad-band random
excitations. Under low excitation magnitude (0.25m/sz), the S.E.AT. and S.EA.T.w
values are 0.91 and 1.29, respectively. An increase in excitation magnitude (0.5m/s’)
yields relatively smaller values, of 0.86 and 1.17, respectively. A further increase in
excitation magnitude (1.0m/s’) reveals the same tendency, the S.E.AT. and SEEAT.w
values being 0.81 and .08, respectively. The response under road-measured random
acceleration (1.2m/s?) yields higher values of S.E.AT. 1.28 and S.EAT.y 1.2,
respectively.

Based on the results described above, it can be seen that the seat isolation

efficiency increases (S.E.A.T. values decrease) with an increase in excitation magnitude
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of a broad band excitation. In views of the strong dependence of the system performance
on excitation level, the parametric analysis presented in the following section are

restricted to excitation, magnitude of 0.5 m/s>.
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Figure 4.14: [nfluence of excitation on the S.E.A.T. values.

4.5.2 Influence of stiffness parameters

The influence of stiffness model parameters (a;, @2, a; and ay) on the vibration
isolation properties of seat “C” are evaluated in terms of acceleration transmissibility and
S.E.A.T. responses. The analyses are performed under 0.5 m/s’ rms broad-band
excitation, while the seat mass is considered as 56 kg. Figure 4.15 to 4.18 illustrate the
influence of variations in the model parameters a;, a;, a; and ay, respectively on the

acceleration transmissibility response. It should be noted that a higher value of a, would

156



yield higher stiffness of the PUF cushion. An increase in parameter a; vields higher peak
transmissibility magnitude and a higher resonant frequency, which causes lower
acceleration transmissibility in frequency range of 1.2 to 3.7 Hz and a higher acceleration
transmissibility in the frequency range above 3.7 Hz (Figure 4.15). However, a decrease
in parameter a; yields lower peak transmissibility magnitude and a lower resonant
frequency, which causes higher acceleration transmissibility in the frequency range of 1.2

to 3.5 Hz and a lower acceleration transmissibility in frequency range above 3.5 Hz.

o
o

— NOminal

o
(@]
T

= . —a—al 5% :
‘ al_125% ‘

h
o
T

Acceleration Transmissibility
n w
o o

—
(=)
L]

00 ll.lllllllllll.lnllllllLllAlllll.ln.llllllllllll]

0 1 2 3 4 5 6 7 8 9 10
Frequency, Hz

Figure 4.15: Influence of the stiffness gain (a,) on the seat acceleration transmissibility.

Figure 4.16 indicates the influence of weight-dependent stiffness constant a» on
the seat acceleration transmissibility under 0.5 m/s> rms acceleration excitation. The

results show that a decrease in parameter a, yields lower peak transmissibility magnitude
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and resonant frequency, which causes higher acceleration transmissibility in the
frequency range of 1.2 to 3.4 Hz and a lower acceleration transmissibility in frequency
range above 3.4 Hz. An increase in the parameter a, yields much higher peak
transmissibility magnitude and resonant frequency. Based on the results described above,
it can be seen that the resonant frequency and resonant peak value of the seat acceleration

transmissibility increases as the seat stiffness dependence on the preload increases.
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Figure 4.16: [nfluence of weight dependence of the stiffness (a2) on the seat
acceleration transmissibility.

Figure 4.17 depicts the influence of variation in parameter a; on the seat
acceleration transmissibility under the 0.5 m/s’ rms acceleration excitation. The
parameter a; not only relates to the relative velocity dependence of the stiffness, but also
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the relative deflection dependence of the stiffness. [t may also be interpreted as the
excitation frequency dependent stiffness constant, as described in Equation (3.2). The
results show negligible effect of variation in parameter a3 on the acceleration
transmission properties. The dependence on the relative deflection alone is evident from
the results attained under variation in parameter a; (Figure 4.18). An increase in
parameter ay yields higher peak transmissibility magnitude and a slight higher resonant
frequency. Conversely, a decrease in parameter a, yields lower peak transmissibility
magnitude and a lower resonant frequency. The results suggest that the peak resonant
response could be lowered by lowering the frequency dependence of the PUF material

properties.
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Figure 4.17: Influence of relative velocity and deflection dependence of the stiffness
(a3) on the seat acceleration transmissibility.
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Figure 4.18: Influence of relative deflection dependence of the stiffness (a;) on the seat
acceleration transmissibility.

The influence of variation in stiffness model coefficients on the vibration isolation
performance of the seat-mass system is further analyzed in terms of S.E.A.T. and
S.E.A.T.« values, as shown in Figures 4.19 and 4.20. Both the unweighted and weighted
values of S.E.A.T. exhibit identical trends with respect to variations in the model
parameters. The frequency-weighted value of the S.E.A.T., however, is considerably
larger than the unweighted values, as observed earlier from the results presented in Table
4.2.

An increase in the stiffness gain parameter a; causes an increase in the S.E.A.T.
values. A lower value of a, provides better seat isolation efficiency. A lower value of a
related to preload dependency of the stiffness also yields considerably lower S.E.A.T.

values. The parameter u; describing the dependence on the relative deflection and
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relative velocity response or the frequency does not influence the S.E.A.T. values. The
influence of the relative deflection dependence parameter ay yields relatively small effect
on the S.E.A.T. values: S.E.AT. values being higher for higher values of a,. These trends
are quite similar to those observed from Figure 4.15 to 4.18.

The influence of variations in the stiffness model parameters are also quantified in
terms of percent change normalized with the response corresponding to the nominal
parameter value. The percentage variations in S.E.A.T. values attained for +25 %

variations in the stiffness parameters are summarized in Table 4.3. The variation in

Table 4.3: Variation in S.E.A.T. value caused by the stiffness parameters.

.. Percentage change in S.E.A.T.\ value ( % )
Variation in
Parameters ap a a; a,
100% to 75% -18.6 -23.6 -1.6 9.9
100% to 125% 209 91.6 1.7 12.1

S.E.A.T. value caused by -25 % change in parameters is expressed as 100 % to 75 %.
and that caused by +25 % change in parameters is defined as 100 % to 125 % variation.
The percent change in the S.E.A.T. response is defined as:

SEAT,., — SEAT

100% to 75 % S.E.A.T. value variation (%) = 0% % 100% (4.135)
SEAT o

SEAT,y5q — SEAT g
SEAT e

100% to 125 % S.E.A.T. value variation (%) = x100% (4.16)

where S.E.AT.154, S.E.AT. g% and S.E.A.T.;35¢ refer to the S.E.A.T. values

corresponding to a parameters assuming 75 %, 100 % and 125 % of its nominal value,
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respectively, while all other parameters assume their nominal values. The results show
that reducing the weight dependence of the PUF could enhance the isolation efficiency of

the seat.

4.5.3 Influence of damping parameters

The influence of damping model parameters (b;, b5, b; and b,) on the vibration
isolation properties of seat “C” is evaluated in terms of acceleration transmissibility and
the S.E.A.T. responses. The analyses are performed under 0.5 m/s® rms broad-band
excitation, while the seat mass is considered as 56 kg. Figures 4.21 to 4.24 illustrate the
influence of variations in the model parameters b;, by, b; and by, respectively on the

acceleration transmissibility response. It should be noted that a higher value of b, would
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Figure 4.21: Influence of the damping coefficient gain (b;)on the seat acceleration
transmissibility.
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yield higher damping coefficient of the PUF cushion. A 25% increase in parameter b,

yields lower peak transmissibility magnitude and a slightly lower resonant frequency,

while a 25% lower value of b, causes higher transmissibility magnitude and frequency

(Figure 4.21). The variation in the damping coefficient gain influence the transmissibility

response only in the vicinity of the resonant frequency. This is attributed to extremely

light damping due to PUF cushions.

Figure 4.22 indicates the influence of weight-dependent damping constant b, on

the seat acceleration transmissibility under 0.5 m/s® rms acceleration excitation. The

results show that a decrease in parameter b, yields higher peuk transmissibility magnitude

and a slightly higher resonant frequency due to relatively lower effective damping. An

5.0
>
= 40
-]
»
0
£ 30
c
s
[
§ 20
<
9
8
Qo 1.0
<
0.0
Figure 4.22:

[ S— ﬁN-om'nal N
- —a—b2_75%
X b2_125%
jjllljl‘lllllllllllllllllll‘.lllljllllllllllllllli
0 1 2 3 4 5 6 7 8 9 10
Frequency, Hz
Influence of weight dependence of the damping coefficient (b») on the seat

acceleration transmissibility.
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increase in the parameter by vields considerably lower peak transmissibility magnitude
and resonant frequency. This is attributed to rather large increase in effective damping
due to higher value of b,

Figure 4.23 depicts the influence of variation in parameter b; on the seat
acceleration transmissibility under 0.5 m/s” rms acceleration excitation. The parameter bs;
not only relates to the relative velocity dependence of the damping coefficient, but also
the relative deflection dependence of the damping coefficient. [t may also be interpreted
as the excitation frequency dependent damping constant, as described in Equation (3.3).

[tcan be seen thatincreasing the parameter b; has only little effect on the seat
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Figure 4.23: Influence of relative velocity and deflection dependence of the damping
coefficient (b3) on the seat acceleration transmissibility.
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parameter b5 yields lower peak transmissibility magnitude and a slightly lower resonant
frequency. The results suggest that the peak resonant response could be lowered by
lowering the frequency dependence of the PUF material properties. Figure 4.24 depicts
the influence of variation in parameter bs on the seat acceleration transmissibility. The
results show negligible effect of variation in parameter b; on the acceleration
transmissibility over the entire frequency range., which is attributed to relative small
dependence of the damping coefficient on the relative deflection response of the seat-

mass model.
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Figure 4.24: Influence of relative deflection dependence of the damping coefficient (b,)
on the seat acceleration transmissibility.
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The influence of variation in damping model coefficients on the vibration
isolation performance of the seat-mass system is further analyzed in terms of S.E.A.T.
and S.E.A.T.. values, as shown in Figures 4.25 and 4.26. Both the unweighted and
weighted values of S.E.A.T. exhibit identical trends with respect to variations in the
model parameters. The frequency-weighted value of the S.E.A.T., however, is
considerably larger than the unweighted values, as observed earlier from the results
presented in Table 4.2. An increase in the damping gain parameter b, causes a slight
decrease in the S.E.A.T. values. A higher value of parameter b, provides slightly better

seat isolation efficiency. A lower value of parameter b; related to preload dependency of
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Figure 4.25: Influence of the damping parameters on the S.E.A.T. values.
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the damping also yields slightly higher S.E.A.T. value. The influence of the frequency
dependence parameter b; yields relatively small effect on the S.E.A.T. values; S.EAT.
values being higher for higher values of b;. The parameter b; describing the dependence
on the relative deflection response does not influence the S.E.A.T. response. These trends

are quite similar to those observed from Figure 4.21 to 4.24.

n
)

i
!

Seat "C"
White noise_0.5m/s*2 (r.m.s.)

15 ,
'O75% 0100% 0 125% l

rorye e vy.y

Frequency-Weighted S.E.A.T.
Value

- ?.‘*‘
B 3
. %
0 - - L L — L 4 1
— N m <
L L L0 L0
Parameters

Figure 4.26: Influence of the damping parameters on the frequency-weighted S.E.A.T.
values.

The influence of variations in the damping model parameters are also quantified
in terms of percent change normalized with the response corresponding to the nominal
parameter value, as defined in Equations (4.15) and (4.16). The percentage variations in

S.E.AT. values attained for *25 % variations in the damping parameters are
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summarized in Table 4.4. The results show very small effect of variation in the damping
parameters, except for the weight dependent parameter b2 of the PUF. A higher value of
by could enhance the isolation efficiency of the seat. The relative small effects of
damping model parameters are attributed to light damping properties of the PUF. The

1 25% variations in the coefficients yield only small change in the damping coefficient.

Table 4.4: Vanation in S.E.A.T. value caused by the damping parameters.

Percentage change in S.E.A.T. value ( % )
Variation in
Parameters b, b> bs by
100% to 75% 2.1 3.8 4.8 0.3
100% to 125% -2.7 -25.6 L.6 -0.4

Figures 4.27 to 4.30 depict the influence of variations in the model parameters for
seats “A” and "B” on the seat acceleration transmissibility. The results show quite similar
tendencies, as to the effects of variation in the model parameters. Figures 4.31 and 4.32
illustrate the influence of body weight (preload) on the acceleration transmissibility of
seats A" and “B”, respectively. The results show that a higher preload yields slightly
higher resonant frequency and peak transmissibility. The seat “B” exhibits considerably
more dependency on the preload.

The influence of variation in the model parameters on S.E.A.T. values of seat “A”
and “B” are shown in Figures 4.33 and 4.34, respectively. The results show trends are

similar to those observed for seat “C”.
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Figure 4.31: Influence of preload for seat “A” on the seat acceleration transmissibility.
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4.6  Summary

In this chapter. the concept of frequency weighting is introduced into vibration
performance parameters, which include S.E.A.T value and acceleration transmissibility,
in order to evaluate accurately and in truth the seat performance exposed to whole body
vibration. A road-measured random excitation is created using optimization toolbox in
MATLAB software based on the reported measure power spectral density at the car tloor.
A combined seat-rigid mass system is simulated under different excitations, including a
road-measured random excitation with acceleration rms of 1.2m/s” and white noise with
acceleration rms of 0.25m/s?, 0.5m/s” and 1.0m/s?, respectively. The various vibration
performance parameters (S.E.A.T value and acceleration transmissibility) of the seats are
obtained and evaluated. The results show that seat “A” has the smallest values of all
vibration performance parameters, seat “B” rank the second, and seat “C” yields the
worse performance. A comprehensive parametric study is performed to quantify the
influence of various parameters on the overall vibration attenuation performance of the
coupled seat-rigid mass system, in terms of both the vibration transmissibility and
S.E.A.T. values. The results show quite similar tendencies for all the three seats. The seat
isolation efficiency increase with an increase in excitation magnitude of a broad band
excitation. An decrease in parameters a;, a;, ay and bj; of stiffness and damping models
yield lower peak transmissibility and resonant frequencies and could enhance the
isolation efficiency of the seat. Inversely, a decrease in parameters b; and b; yield higher

peak transmissibility and resonant frequencies and could weaken the isolation efficiency
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of the seat. The results also show negligible effect of variation in parameters «; and b4 on

the acceleration transmissibility and the isolation efficiency of the seat.
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5 DEVELOPMENT OF HUMAN BODY MODEL

5.1 Introduction

In Chapter 3, the models of the seats were developed and validated on the basis of
a rigid mass used to represent the occupant. The biodynamic response behavior of the
seated human occupant, however, is known to affect the overall vibration isolation
performance of the seat [5,29,72]. It is thus essential to develop a model of the seat-
occupant system that incorporates the biodynamic contributions due to the seated
occupant. A suitable biodynamic model capable of representing the postural constraints
encountered in automotive seating, however, is still lacking. The biodynamic response
characteristics of the human body are known to be influenced by several factors,
including subject weight, posture, backrest support, feet and hand position, vibration
excitation type and level, etc. While most of the current biodynamic models have been
derived on the basis of measured biodynamic response functions. the conditions
associated with the development of these models have often been very different from
those that would apply to automobile drivers. The dynamic responses of seated subjects
exposed to whole-body vibration have been investigated and characterized in terms of
‘to-the-body’ and ‘through-the-body’ functions, such as driving-point mechanical
impedance (DPMI), or apparent mass (APMS) and seat-to-head transmisstbility (STHT)
functions [4,25]. The ranges of biodynamic response of seated occupants with no back
support and exposed to whole-body vibration have been defined in the recent
[nternational Standard, ISO-5982 (2001) [25]. The ISO-10326 [62] specifies the basic
requirements for the laboratory testing of vibration transmission through a vehicle seat to

the occupant in order to test the performance of seats. Hinz et al. [63] performed
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laboratory testing of operator seat vibration with 37 subjects seated erect without back
support in order to study the influence of subjects’ posture, type of seat and various
inputs, on the performance of the seats. Wei and Griffin [64] developed mathematical
models of the driving point impedance of the human body by measuring the apparent
masses of 60 subjects including men, women and children. Rakheja and Boileau [52]
identified the biodynamic responses of seated human body through laboratory tests
conducted on 22 subjects, including 12 male and 1O female subjects, under different
sitting postures (back support, hands portion, feet position) and excitations.

A number of the seated occupant models have been derived from the measured
biodynamic responses of subjects seated with no back support and exposed to vibration
[17,18,27.30.48]. The majority of the models, however, are derived from the data
acquired under relatively high magnitudes of vibration. The reported models may thus be
considered not likely applicable to automobile occupants which invoive a seated posture
with body supported by an inclined buckrest and seat pan. with hands either in lap or on
the steering wheel. and subjected to significantly lower vibration levels. Furthermore,
these models were derived on the basis of the measured driving-point mechanical
impedance or apparent mass and seat-to-head transmissibility magnitude and phase
responses of subjects seated on a rigid platform. The nonlinear properties of the seat and
the effects of coupling between the seat and the occupant are not considered in
developing the model. The validity of an occupant mode! for automotive seats has not
yet been proven.

In this Chapter, vibration attenuation properties of automotive seats with human

occupants are evaluated in the laboratory. The measured data are presented in terms of
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frequency response characteristics of the seat-occupant system. Coupled seat-occupant
models are formulated upon integrating the reported biodynamic models to the seat
model proposed in Chapter 3. The analytical acceleration transmissibility characteristics
of the coupled model are compared with those obtained from the laboratory
measurements to examine the validity the model. In addition, an optimization problem is
formulated and solved to identify the biodynamic mode! of the seated body that attempts

to account tor contributions due to seat-occupant coupling.

5.2 Experiments

Owing to the potential health and safety risks and ethical concemns, associated
with vibration exposure of test subjects involved in experimental assessment of seats,
considerable efforts are being made in developing anthropodynamic dummies that could
replace the human occupant participation in such studies [19,20,35,52,66]. Alternatively,
a number of studies have attempted to analyze the vibration isolation performance of
seats using biodynamic models. These studies, however, have been mostly directed for
suspension seats [17,18,35]. In this study, similar attempts are made to study the
vibration attenuation properties of automotive seats.

The vibration transmission characteristics of seat “C” loaded with a human
subject were investigated using the whole-body vehicular vibration simulator (WBVVS).
The test set-up is described in section 3.2.1. A male subject with total body mass of 75 kg
and height of 1.75m participated in the experiments. The subject was considered to
represent 50™ percentile adult population. The mass of the occupant supported by the seat

cushion was estimated as 54.75 kg since approximately 73 percent of the human mass is
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supported by the seat, with the remainder supported by the feet interface with the floor
pan [43]. [t must be emphasized that emergency safety switches were provided to the
subject and to the operator to ensure safety of test subject.

The vibration transmission performance of seat “C” was evaluated under
sinusoidal excitations of magnitudes varying from 2.54 mm to 12.7 mm in the frequency
range of 0.625 to 10 Hz swept at a rate of | octave per minute. The excitation signal was
configured to provide constant amplitude displacement excitation in the frequency range
of 0.625 to 2 Hz and constant acceleration amplitude in the frequency range of 2 to 10

Hz. The test matrix, illustrating the range of amplitude and frequencies, is defined in

Table 5.1.
Table 5.1: Test matrix of the range of excitation stroke and frequency for seat “C”.
Subject | Constant Peak Frequency Constant Frequency
Excitation . Peak
Mass Displacement range . range
(kg) (mm) (Hz) Accelerz,mon (Hz)
(m/s7)
2.54 0.625-2 04 2-10
Swept > 6.35 0.625 -2 L0 2-10
Sinusoidal
12.7 0.625-2 2.0 2-10

The seated subject was advised to assume two different postures in two tests. In
the first test, the subject was seated with fully supported back with an inclined backrest

and seat pan, and with hands in lap. In the second test, the subject was seated erect
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without backrest and with hands on a steering wheel. An accelerometer was mounted
between the body and the seat cushion to measure the vertical acceleration response of
the seat. Another accelerometer was mounted on the seat track to measure the excitation.
The measured acceleration signals were amplified and supplied to a two-channel signal
analyzer, B&K2035. The analyzer-based software was used to compute the vertical
acceleration transmissibility of the seat, and the power spectral density of response and
excitation accelerations. The acceleration transmissibility characteristics revealed two
peaks over the frequency range of 0.625-10 Hz, with predominant vibration occurring
near the principal resonance of the seat-occupant system [19,20,67].

Figure 5.1 presents the measured transmission characteristics of seat “C” with
subject seated without backrest support under three different amplitudes of excitation,
which are described in Table 5.1. The results show principal resonance in the frequency
range of 3.0 to 4.25 Hz, depending upon the magnitude of excitation. The second peak
occurs in frequency region of 8 to 10 Hz, whose magnitude is relatively small.
Considering that the seat-mass resonance occurs near 5 Hz (Figure 3.2), the response
characteristics of the seat-occupant system suggest complex contributions due to the
human subject. The presence of the secondary small peak also suggests more complex
couplings within the anatomical structures, possibly between the legs and the upper torso
(49]. The results clearly show that the excitation amplitude lays obvious effects on the
transmissibility magnitude. The transmissibility magnitudes attained under different
excitations are very close below 1.5 Hz. The transmissibility magnitudes increase rapidly
with increasing frequency and approach the resonant peak value of 2.1 at resonant

frequency of 3.0 Hz under the excitation amplitude of 12.7 mm. The response
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magnitude then decreases in the 3.0 to 4.75 Hz frequency range approaching a value of
0.7 near 4.75 Hz. The transmissibility magnitude tends to increase with further increase
in the frequency and approaches the second peak value of 0.9 near 8.25 Hz. Both the
principle resonant frequency and the corresponding resonant magnitude increase as the
excitation amplitude is decreased. These trends were also evident from both the measured
and simulation results attained for the seat-mass system. Under the excitation amplitude
of 6.35 mm, the magnitudes of transmissibility approaches the resonant peak value of
2.25 at resonant frequency of 3.5 Hz, and it yields attenuation of vibration above 5.25 Hz.
An increase in displacement amplitude to 12.7 mm causes the resonant amplitude of
nearly 2.1 at a frequency of 3 Hz. The higher amplitude excitation yields a more distinct
peak near 8 Hz, most likely attributed to the seated body. The resonant frequency
increases to 4.25 Hz when the amplitude of excitation is reduced to 2.54 mm, while the
resonant amplitude also increases to 2.3. From Figure 5.1, it can be seen that the phase
characteristics of acceleration transmissibility vary considerably with the magnitude of
excitation. The positive phase values at lower frequencies are most likely caused by the
signal noise, which tends to be higher at lower frequencies. The experimental results
suggest nonlinear behavior of the automotive seat and occupant system, as both the peak
amplitude and the resonant frequency decrease with increasing seat track input.

Figure 5.2 presents the measured transmission characteristics of seat “C” with a
subject with and without back support under the excitation amplitude of 12.7 mm. It
indicates that the subject’s posture lays obvious effects on the magnitude properties of the
transmissibility. Both the transmissibility peak and the resonant frequency for the subject

with back support are smaller than that for the subject without back support. The
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Frequency, Hz

Measured acceleration transmissibility of seat “C” with subject seated
with and without back support (Excitation: 12.7 mm peak displacement).
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magnitudes of the transmissibility are very close below 2.5 Hz. While the magnitude of
the transmissibility reaches the peak value of 1.8 at resonant frequency of 3.0 Hz in the
case of the subject with back support, the magnitude of the transmissibility continues to
increase and approaches the peak value of 2.1 at resonant frequency of 3.25 Hz in the
case of the subject without backrest. With the increase of the frequency, the magnitude of
the transmissibility decreases rapidly in frequency range of 3.25 to 5 Hz and then slowly
above 5 Hz, which a secondary peak appears near 8 Hz. The subject’s posture also
affects the transmissibility phase response, as shown in Figure 5.2.

The reported measurements of vibration transmission performance of the seat-
human system for seats “A” and “B” were also considered to study the validity of the
models of seats "A"” and “B”. The measurements of vibration transmission performance
were performed under sinusoidal excitations in the frequency range of 0.625 to 10 Hz
swept at a rate of | octave per minute [52]. The test results were obtained with a total of
22 subjects, including 12 male and 10 female subjects. The experimental data were
analyzed and shown in Figures 5.3 and 5.4. The experimental results further indicate that
the human body affects the transmissibility characteristics of the seat. For seat “A”. the
transmissibility curves corresponding to the different subjects, as shown in Figure 5.3,
suggest that the resonant frequencies vary from 2.75 to 3.25 Hz, while the resonant
amplitudes vary from 2.2 to 4.0. The transmissibility amplitude in the vicinity of the
secondary resonance appears to be considerably small. For seat “B”, as shown in Figure
5.4, the resonant frequencies vary from 3 to 4 Hz and the resonant amplitudes vary from
1.8 t0 2.7. The transmissibility amplitudes near the secondary resonance (frequency range

of 6 to 9 Hz) tends to be considerably higher than those observed for seat “A™”.
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In summary, the seats “A” and “C” tend to provide some attenuation of the
vertical vibration arising from the seat track in the frequency range of 4 to 8 Hz, where
the human body is known to be sensitive. In contrast, seat “B” provides some

amplification within the same range.

5.3  Seat-occupant models

A number of biodynamic vibration models for a seated human occupant have
been reported in the literatures, which have been described in Chapter 1. The
effectiveness of these models to characterize the biodynamic responses of seated
occupants in terms of apparent mass or driving-point mechanical impedance and seat-to-
head transmissibility under whole-body vibration has also been widely reported
[17,18,25-32.37]. In this study, four different linear vibration models are selected to
study the vibration comfort performance of the occupant-seat system. These include
single-DOF system model proposed by Fairly and Griffin [29], two-DOF mode! proposed
by Suggs er al. [30], three-DOF model proposed by Wu [18], and four-DOF human body
model proposed by Boileau [17]. The proposed occupant models are integrated to the
validated nonlinear seat model to study the response characteristics of the coupled model.

The single-DOF seated human body model proposed by Fairly and Griffin [29]
was integrated to the seat model to construct an occupant-seat system, as shown in Figure
5.5. The proposed seated body involves two masses: m; being the mass of the upper body
moving relative to the platform supporting the subject, and m; being the mass of the
lower body. The mass of the legs m3 was ignored. The model parameters were identified

to fit the measured mean APMS of 60 subjects, including male, female and children,
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sitting erect without back support. The APMS was measured under 1.0 m/s> random
vibration. The differential equations of motion of the resulting coupled seated-occupant
system are obtained and expressed as below:

mX +cg(x, ~x)+kg(x, —x,)=0
m,X, +cg(x, —X)+kg(xg—x)+F,_, =0 (5.1)
F,, =k(x,-x)+tc(x,—-x)

seas

where kg and cp represent the restoring and dissipative properties of the occupant
model, and k and c are the nonlinear stiffness and damping coefficients of the seat, as

described in Chapter 3.

m, I x
T L

.......................

LALES

Figure 5.5:  Occupant-seat system model with single-DOF human body model.

A two-DOF biodynamic model of the human body proposed by Suggs er al. [30]
was integrated to the seat model to form a three-DOF occupant-seat system model, as

shown in Figure 5.6. The lumped masses of the model consisted of m,, representing the
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lower torso; and m;, representing the head and the neck. The coefficients k;, k», ¢, and ¢
represent the stiffness and damping constants of the occupant model. The differential

equations of motion of the coupled system are obtained and expressed as below:

mX, +c (X, —x,)+k(x, —x,) =0
m,X, +¢, (X, —X5) +k,(x, —x;) =0
c (% =) +k(x,~x)tc, (%5 — %) +k, (x5, ~x,)+F,,, =0

seat

F . =k(x,—x)+c(x, —x) (5.2)

seat

kz% =%—’Cz
X?L—- m

2

X

Figure 5.6:  Occupant-seat system model with two-DOF human body model.

The three-DOF model proposed by Wu et al. [18], has been adopted into the [SO

-5982 [25]. The model derived as the basis of both the APMS and the STHT consists of
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three mass (m;, m; and m;) and constant stiffness (k, k» and k;) and damping (cy, ¢» and
C3) coefficients. A four-DOF coupled seat-occupant model is realized by integrating
proposed occupant model to the nonlinear model of the seat, as shown in Figure 5.7. The
masses m, to m3 used in the model have no explicit physical meaning. The masses m, to
m; are introduced with an objective to describe the biodynamic behavior related to two
resonant peaks observed in the APMS and STHT magnitude response near frequencies of

5 Hz and 10 Hz, respectively. The lower mass m, is used to increase the flexibility for

X3 L m:;
k. Ci
ks t{:fc;

Figure 5.7:  Occupant-seat system model with three-DOF human body model.
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tuning the model parameters without increasing the number of DOF. This mass
specifically affects the APMS response with only negligible effect on the STHT
response. The differential equation of motion of the resulting coupled system are

obtained as:

m % +c (X, — X)) +k (x, —x,) +c, (¥, - %) +k,(x,—x,) =0

m,X%, +c,(x, —x ) +k,(x,—x)=0

myX, +o; (% — %) +k(x; —x,) =0

myXy +¢, (5 = %)+ k(5 ~x) +e3(% — %) +k,(x, — )+ F,, =0

Fw =k(x, —x) +c(¥, -1, (5.3)

The four-DOF model, proposed by Boileau [17], is also integrated to the
nonlinear seat model to form an occupant-seat system, shown in Figure 5.8. This model
consists of four masses. coupled by linear elastic spring and viscous-damper elements. [n
this model, however. the masses m; to my have explicit physical meaning. The mass m,
represents the head and neck; the mass m represents the chest and upper torso: the mass
m; represents the lower torso; and the mass my represents the thighs and pelvis in contact
with the seat. The mass of lower legs and the feet are not considered in this model,
assuming their negligible contributions to the biodynamic response of the seated human
body. The model proposed is for a seated subject that maintains a back not supported
posture. The model parameters were identified such that the model response correlates
with both the target DPMI and STHT magnitude and phase responses. The differential

equation of motion of the coupled five-DOF model system are obtained as:
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Figure 5.8:  Occupant-seat system model with four-DOF human body model.



m, +c (% —x,)+k(x —-x,)=0
m,x, +c,(x, —X;) +k,(x, —x;)+c (5, ~x)+k(x,—x)=0

myXy +c, (6 — X)) k(g —x) o, (6~ 5) k(g —x,) =0 (54)
m ¥, +c, (6 %) +h, (0 — ) +o5(K ~ %) +k(x, —x)=0 '

C;(jo _—i_;) +k4(x() _‘r4)+ Fwal =0
F

sedt = k(xu - x: ) + C(-Eu - 'el )
Fyex in equations (5.1) to (5.4) is the nonlinear dynamic force due to seat, where k

and ¢ are nonlinear stiffness and damping coefficients described in Chapter 3.

5.4  Response analysis of the occupant-seat system models

The nonlinear occupant-seat system models for three seats considered in the study
are respectively constructed using Equations (5.1) to (5.4). Each seat model is combined
with the selected four different human body models. The nonlinear occupant-seat system
models described by coupled differential equations of motion are simulated in the
SimuLink Toolbox of the MATLAB software under swept sinusoidal excitations to
derive the seat-to-base acceleration transmissibility responses in the frequency range of
0.625 to 10 Hz. These excitations are identical to those in the experimental study. The
simulation results are composed with the measured data to explore the validity of the
proposed occupant models and the coupled seat-occupant system models.

Figures 5.9 to 5.11 present a comparison of acceleration transmissibility
charactenistics of the four different seat-occupant models with the measured data acquired
for seat “C” under three different levels of excitation, respectively. The results show that

the four occupant models yield considerably different magnitude and phase response of
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the seat “C”, irrespective of the level of excitation. Figure 5.9 presents the magnitude and
phase response characteristics of acceleration transmissibility under sinusoidal excitations
of amplitude of 2.54 mm. The results suggest that the two-DOF occupant model,
proposed by Suggs er al. [30], yields relatively good agreement between the computed
and measured acceleration transmissibility below 7 Hz. The three-DOF seat occupant
model yields its resonant frequency near 4.25 Hz and peak acceleration transmissibility in
the order of 2.35, which are slightly higher than the measured resonant frequency and
transmissibility magnitude. At excitation frequencies higher than 5.75 Hz, seat “C” with
two-DOF occupant model tends to underestimate the acceleration transmissibility by
much as 40 %. The phase response of seat “C” with the two-DOF occupant model also
agrees quite well with the measured response up to 7 Hz (Figure 5.9).

The response characteristics of the seat “C” employing single-DOF, three-DOF
and four-DOF human body models are observed to be considerably different from the
measured response ubove 3.75 Hz. The resonant frequency and peak magnitude response
of all these models are considerably lower than those attained from the measured data.
The results presented in Figure 5.9.

From Figure 5.9, it can be also seen that all the four models yield relatively good
agreement between the computed and measured phase of acceleration transmissibility
below 4.5 Hz. At excitation frequencies higher than 4.5 Hz, all the four models
underestimate the measured phase of transmissibility. The differences between computed
and measured data depend on the human body model.

Figure 5.9 suggest that only two-DOF occupant model, present by Suggs et

al.[30], could provide an effective evaluation of the vibration comfort performance of the
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Figure 5.9:  Comparison of the analytical and measured acceleration transmissibility
response of seat “C” coupled with different occupant models (Excitation:
2.54 mm).
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seat-occupant system exposed to low level of vertical vibration (2.54 mm peak). It is
essential to mention that vast majority of the occupant models have been derived on the
basis of biodynamic responses of seated occupants exposed to relatively higher
magnitudes of vibration.

Figure 5.10, illustrates a comparison of acceleration transmissibility
characteristics of seat “C” coupled with the four human body model and exposed to
stnusoidal excitation of 6.35 mm peak amplitude. The results show trends that are
somewhat opposite to those observed in Figure 5.9. The single-, three- and four-DOF
occupant models provide seat acceleration transmissibility magnitudes that are
comparable with the mean measured data in the entire frequency range. The seat response
with the two-DOF occupant model is considerably higher than the measured data. The
some occupant model, however, yields reasonably good agreement with the measured
data under 2.54 mm excitation, as demonstrated in Figure 5.9. The results, therefore,
suggest that biodynamic response behavior of human occupant is nonlinear. The studies
conducted by Fairly and Griffin [29], Suggs er al. [30], Wu [18], and Boileau [17] have
also concluded that the biodynamic behavior is dependent upon the amplitude of
excitation, apart from many other anthropometric and postural factors, while the four-
DOF occupant model, coupled with seat “C”, yields reasonably good agreement with the
measured transmissibility magnitude, its phase response derivates considerably from the
measured data. The phase responses of the seat with the remaining occupant models,
however, are observed to be comparable with the measured response.

Figure 5.11 presents the amplitude and phase characteristics of acceleration

transmissibility of seat “C” coupled with the selected occupant models under the
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Figure 5.10: Comparison of the analytical and measured acceleration transmissibility
response of seat “C” coupled with different occupant models (Excitation:
6.35 mm).
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excitation amplitude of 12.7 mm. The response characteristics of the seat-occupant model
employing all the four human body models result in transmissibility curves which differ
considerably from the measured response over the entire frequency range, both
magnitude and phase. Both the resonant frequencies and the magnitudes of
transmissibility of the seat “C” with all the occupant models are observed to be
considerably larger than measured data. The results further suggest the nonlinearity in the
occupant biodynamic response and that the limitation of the proposed linear models in
seating dynamics application.

The measured acceleration transmissibility of seats “A™ and “B” with human
occupants have been reported in an earlier study [83]. Figures 5.3 and 5.4. depict the
mean acceleration transmissibility characteristics of the seats “A” and “B” that are
derived from measurements performed with 22 human subjects under 6.35 mm excitation
amplitude. The weight and height of selected subjects varies considerably to represent a
wide population. The weight of the male subjects ranges from 118 lbs to 211 Ibs, with
mean weight of 166.5 Ibs. The mean weights of the male subjects representing 5, 50"
and 95" percentile groups are approximately 128 Ibs, 163 Ibs and 208 Ibs, respectively.
The weight of the female subjects ranges from 110 Ibs to 181 Ilbs, with mean weight of
139.3 Ibs. The mean weights of the female subjects representing 5", 50" and 95®
percentile groups are approximately 107.6 lbs, 132.6 Ibs and 179.5 lbs, respectively. The
height of the male subjects selected for the study ranges from 64 inches to 74.8 inches,
while that of the female subjects varied from 62.9 inches to 70 inches. The age of the
subjects varied from 23 years to 50 years, with mean age of 30.1 years. Each subject was

seated in the seat with feet supported on the vibrating platform and hands on the steering
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Figure 5.11: Comparison of the analytical and measured acceleration transmissibility
response of seat “C” coupled with different occupant models (Excitation:
12.7 mm).
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wheel. The subjects were advised to assume a driving posture considered most
comfortable by the individuals. [t was observed that most subjects assumed almost erect
posture, while making adequate use of the back support. The sinusoidal vibration spectra
swept at a rate of | octave/minute comprised constant displacement excitation of 6.35
mm magnitude in the 0.625-2 Hz frequency range, and constant acceleration of
approximately 0.1 g (1 m/s’) magnitude in the frequency range. The results clearly show
that the results attained with all of the selected occupant models differ considerably from

the mean measured data for both seats.
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Figure 5.12: Comparison of the analytical and measured acceleration transmissibility
response of seat “A” coupled with different occupant models (Excitation:
6.35 mm).
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For seat “A”, the resonant frequencies of all the models are observed to be higher
than that observed from the measured mean data and the magnitude of transmissibility of
all the models are considerably smaller than the measured mean data. Similar tendencies
are also observed for seat “B”. The results further show that the two-DOF model,
proposed by Suggs et al. [30], yields considerably higher transmissibility magnitude and

resonant frequency.
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Figure 5.13: Comparison of the analytical and measured acceleration transmissibility
response of seat “B” coupled with different occupant models (Excitation:
6.35 mm).

5.5 Development of Human body Model

The results presented in Figures 5.9 to 5.13 suggest that the application of a linear

seated occupant model to an automobile seat could yield considerable error in the overall
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vibration response of the seat-occupant system. Such error could be attributed to an array
of contributing factors. The reported models have been described on the basis of the
measured apparent mass or driving-point mechanical impedance and the seat-to-head
transmissibility, while the nonlinear effects of the body have been ignored. A number of
studies have shown considerable influence of the amplitude of the excitation of the
measured biodynamic response [18,25,26,35], which is ignored in the formulation of
linear biodynamic models. Furthermore, the models have been mostly derived on the
basis of the data acquired for a sitting posture with no back support. The results presented
in Figures 59 to 5.11 clearly illustrate the nonlinear behavior of the coupled seat-
occupant system. The results presented in Figures 5.11 and 5.12 for seats “A” and "B”.
respectively, however could not support this finding, since the data were available for a
single level of excitation (6.35 mm peak). A comparison of results attained for seats “A".
“B” and “C” also suggests that the response behavior of the coupled seat-occupant
system could also depend upon the properties of the seat. It should be noted that the
occupant models have been formulated on the basis of the measured data on a flat rigid
surface and exposed to whole-body vibration. It is perceived that a body seated on an
elastic seat could yield somewhat different responses due to elastic body-seat coupling.
The difference in the response characteristics of the three seats could be attained to this
phenomenon.

[n this section, the parameters of the three degree-of-tfreedom linear human body
model, proposed by Wu [18], is identified on the basis of measured acceleration
transmissibility and the APMS data in an attempt to account for the body-seat coupling

effects. Wu [18] identified the model parameters through minimizing an error function



comprising the measured and model response in terms of magnitude and phase
characteristics of the APMS and the STHT of occupants seated on a rigid flat surface
exposed to whole-body vibration. The proposed model, shown in Figure 5.14, comprises
four masses, coupled by linear spring and damping elements. The lower mass mq is
introduced to increase the flexibility for tuning the model parameters without increasing
the number of degree-of-freedom. While the model masses, and stiffness and damping
elements do not represent any specific body segments, it was suggested that mass m; may
be considered to represent the lower torso and pelvis in contact with the seat. The mass
m; may be considered to represent the upper torso, the neck and the head and the mass mj
to represent the thighs in contact with the seat.

[n this study, the model parameters are identified to satisfy two different response
functions: (i) biodynamic response in terms of APMS magnitude and phase of the body
seated on a hard surface; and (ii) measured seat acceleration transmissibility of the
coupled seat-occupant system.

The equations of motion for the occupant model shown in Figure 5.14 are

rewritten as:

mX, +c (x, —x) +k (x, —x,) +c, (¢, —x,)+k,(x, —x,) =0
m,X, +c,(x, -5 ) +k,(x, —x)=0 (5.5)

my%, +c(x; —x,) +ky(x; —x) =0

where m;, ¢; and k; (i = L. 2, 3) are the masses. damping coefficients and stiffness
coefficients, respectively, of the model; xq is the displacement of the driving point; and

X1, X2, and x3 are displacement coordinates of the three model masses.
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Figure 5.14: Biodynamic model of the seated occupant, proposed by Wu [18].



Laplace transform of Equations (5.5) yields the following expressions for the

transfer functions, where each function relates to the ratio of a mass response to the base

motion:
X, (s) _(cs+k)m,s® +c,5+k,)
X,(s) A(s)
< X,(s) _ (c;s+k )c,s +k5) (5.6)
X,(s) A(s)
X;(s) C;s+k,
| Xo(5)  ms®+es+k,
where
A(s) =[mys® +(c, +¢,)s + (&, +k)(m,s* +c,5+k,)—(c,s+k,)* 5.7)

In the presence of an elastic seat cushion, the force acting at the driving-point
(mass mg) could be derived from the visco-elastic model of the seat. The apparent mass
(APMS) response on a rigid seat may be derived from the resultant force at mass mg and

the driving-point acceleration X, , in the following manner:

myX, +c (X, =X )+ k(x, —x)+c, (%, — %) +k(x, —x;)=F (5.8)

el

The solution of Equations (3.5) and (5.8) yields:

F . =myX +mX, +m,%, +m¥, (5.9)

vealt

The APMS response of the occupant model can then be derived as follows:

5) XI(S)+ . Xl(s)+m X;(s)

F_(
M _— seal = \ 510
(s) =— =m, +m, o) m, e 3 ) ( )



The acceleration transmissibility of the seat-occupant system model, shown in

Figure 5.15, is computed from the ratio of acceleration response ¥, of the mass mg and
the seat-track acceleration ¥ . [n this study, the multi-parameter error minimization

algorithm is applied to minimize a weighted error function of the occupant APMS

response and the acceleration transmissibility response of the occupant-seat system.

kz§ C2

m |

X3 L ms:
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Xo Mo
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Figure 5.15: Coupled model of the seat-occupant system.
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For the purpose of minimization, the nonlinear seat model is represented by its linear
equivalent properties about an operating point. Equations (2.16) and (2.19) describing the
nonlinear seat properties are linearized for a preload (w) of 55 kg in vicinity of the seat
resonant frequency of 3.5 Hz, while the amplitude of deflection (A) is assumed to be 6.35
mm.

The equations of motion of the linear coupled seat-occupant model (Figure 5.15)

can be expressed as:

(ml_'fl +o (X —X) Hh (x —x)+e, (X —x,) +k,(x, —x,) =0
m, ¥, +c,(x, —x ) +k,(x, ~x)=0
1% o (6 — ) k(e —x,) =0 (5.11)

myXo +¢,(x, — X)) +k (x; —x; ) oy (5 —x5) +k, (5, — x3)

+ k(q (x,—x)+ Cop (x,-x)=0

where keq and ¢ are the linearized stiffness and damping coefficients of the seat.

Laplace transform of Equations (5.11) yields the following expressions for the

transmissibility:
X .
(s) = XO(J_) _ — )cs+k o —. 5.12
() (mys° ros k) +m s sl+m1 . (s s:+m3 3 (8 §?
Xy (s) Xo(s) X, (s)

5.5.1 Parameter Identification of human body model
The parameters of the human body model shown in Figure 5.14 are identified
through a curve-fitting algorithm with an objective to achieve a close match of the

apparent mass and the base-to-seat transmissibility response functions computed from



Equations (5.10) and (5.12). respectively, with the corresponding measured data. A multi-
parameter optimization technique i1s employed to identify the model parameters. An
objective function is defined to minimize the error between the computed and the
measured values of the apparent mass and the base-to-seat transmissibility response in the
frequency range of 0.1 to 10 Hz. The sum of squared error resulting from the frequency

response functions is expressed as:

10 10

Ux)=Y (M )=|M&)D* + D (8. e + 3. (T, )| -[Ts)*

=01 =01 £=0.1

10 10
=Y (M, 2|~ |M ()

¥+ Y (o527 - le(i2Ar )’
=0 1 =01

+ Y (T, G2 - [T G| (5.13)
’

=0 1

where M (s)and ¢, (s) are the measured apparent mass modulus and phase,
respectively: and M (s)and ¢(s) are the apparent mass modulus and phase responses of
the model, respectively, derived trom Equation (5.10). T, (s)andT(s) are the measured

and computed base-to-seat transmissibility responses, respectively. The operator s in

Equations (5.10) and (5.13) is represented by j2zf , and the design vector x of the model

parameters is given by:
r
x={mg,m,my,my,c..c..c.k ky ks ) (5.14)

where ‘T’ designates the transpose.



In order to ensure somewhat comparable contributions of error in the objective
function corresponding to different excitation frequencies, different weighting factors are

introduced to rewrite the weighted error function as:

10 10 10
U= AM, =MD + Y 42, () - + Y w(T, )] -[T(s)?
! I

" =(.1 =0 | =01

10 10
= 2 AM, (2af | =M 2 + D A

1=01 F=01

10
+ Y w(T, (j2af)| - [T (j2nf)
f

=0.1

0,27 )| - |0 i2Af )’

) (5.15)

In the above expression, A, and A, are the weighting factors applied to the apparent mass

modulus and phase error functions, respectively, and  is the corresponding weighting

factor applied to the base-to-seat transmissibility error function. Table 5.2 lists the values

of the weighting factors used in minimization of the error function.

Table 5.2:  Weighting factor values used in the error function.

A A =1 :0.1t03.4 Hzand 5.6 to 10 Hz.
A =5:351055Hz.

A, A, =1:0.1t03.9Hz.
A, =5:4.0t0 I0Hz.

/4 w=1 :0.1to24 Hzand 4.6 to 7.9 Hz.
w=5 :25t04.5Hzand 8.0to 10 Hz.

The weighted error function utilizes the measured base-to-seat acceleration

transmissibility magnitudes for seat “C” presented in Figure 5.10 for a 6.35 mm



excitation. The measured values for the APMS magnitudes and phase response are taken
from the mean idealized values presented in ISO-5982 [25].
The weighted error function described in Equation (5.15), is minimized subject to
following constraints applied to the model parameters:
my >0, m >0; m, >0; m; >0;

k, >0, k,>0: k, >0; (5.16)

¢, >0; ¢, >0: ¢;>0;

Since the reported data and measured data relate to a total body mass of 75 Kg, it
is estimated that 54.8 kg (i.e. 73% of total body mass) would actually be supported by the
seat. A limit constraints is thus further applied to the total body mass supported by the

seat, such that the total coupled model mass would vary within a narrow band of * 4%:
3
52.8<) m, <57 (5.17)
1=0

Optimization Toolbox [60,61] in MATLAB is used to solve the constrained
optimization problem, defined in Equations (5.15) to (5.17). The solutions are obtained
for a number of different initial values of the parameters vector x, and the resulting model
parameters are examined to obtain optimal and minimum error of the objective function.
Different optimization runs corresponding to different initial values of the parameters
vector X converged to similar values of the human body model parameters and the error

magnitude. The resulting values of the human body model are summarized in Table 5.3.



Table 5.3:  Parameters identified for the occupant model.
Parameters Value Parameters Value Parameters Value
o i
o 3:3; h'i Kk, (N/m) 31280 ¢y (Ns/m) 1441
o (ke) 273 k (N/m) 48970 c2 (Ns/m) 311
m; (kg) 97 ks (N/m) 10000 ¢3 (Ns/m) 561

The validity of the resulting occupant model is examined by comparing both the

APMS and seat transmissibility responses of the model with the target data. Equations

(5.10) and (5.12) are solved to compute the APMS and seat acceleration transmissibility

occupant

responses, respectively, of the coupled model using the identified
3 T T b T ¥ T 1 1
— Measured data
—— Computed data
25} 4

[f )

—_—

Acceleration Transrmissibility
o

o
(83}
T

3 4 5

6

Frequency, Hz

Figure 5.16: Comparison of the computed base-to-seat acceleration transmissibility
response with the measured data (Excitation: 6.35 mm).
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Figure 5.17: Comparison of the computed normalized APMS response with the mean
ISO 5982 data.
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model parameters. Figure 5.16 illustrates a comparison of the acceleration
transmissibility response of the seat “C” with the occupant model with the corresponding
measured data.

Generally, the results show a reasonably good agreement between the measured
and the computed base-to-seat transmissibility response characteristics. While the base-
to-seat transmissibility response, computed from the model, correlates very well with the
measured data up to 7 Hz, the normalized APMS response exhibits deviations from the
target ISO 5982 data in the -3 Hz frequency range and at frequencies above 7 Hz. The
peak value of the computed normalized APMS magnitude is in the order of 1.35, which a
very similar to the target value. The peak magnitudes, however, occur at slightly different
frequencies. The target peak magnitude occurs at a frequency of 4.3 Hz, while the
computed peak response reveals peak magnitude near 3.9 Hz. The computed phase
response of the model correlates very well with the target data up to 8 Hz.

An eigenvalue analysis performed on the human body model with the identified
parameters revealed three modes. The undamped natural frequencies and damping ratios
corresponding to these three modes are (i) 4.9 Hz and 0.889; (ii) 5.0 Hz and 0.464; and
(i11) 12.1 Hz and 0.899. All of the three modes can be related to the damped response of
masses m3, m; and my. The larger damping ratios are caused by corresponding to larger

damping coefficients or smaller mass.

5.5.2 Response Analysis of the coupled seat-occupant model

The nonlinear occupant-seat systems are analyzed in the SimuLink Toolbox of the

MATLAB software to derive the acceleration transmissibility characteristics under
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different sinusoidal excitations. The model for seat “C” is analyzed under 2.54 mm, 6.35
mm and 12.7 mm amplitudes of excitation, as described earlier. The analysis of seats “A”
and “B” models, however, was limited to 6.35 mm excitation amplitude, as the measured
data available only for this excitation.

Figures 5.18 to 5.20 illustrate a comparison of the computed acceleration
transmissibility responses of the seat “C” coupled with the identified occupant model
under 2.54 mm, 6.35 mm and [2.7 mm excitation amplitudes, respectively, with the
corresponding measured data. The Figures also illustrate the responses attained with the
reported single-, two-, three- and four-DOF occupant models. The results show that the
coupled model with the identified occupant model yields considerably lower resonant

frequency under 2.54 mm and 6.35 mm excitations (Figures 5.18 and 5.19). The results

Proposed model
Measured data

1 DOF (Griffin)
—e— 2 DOF (Suggs et al.) |
—a— 3 DOF (Wu et al.)

i —&— 4 DOF (Boileau)

Acceleration Tansmissibility

0 1 2 3 4 5 6 7 8 9 10
Frequency (Hz)

Figure 5.18: Comparison of the model results with measured acceleration
transmissibility response of seat “C” (Amplitude: 2.54 mm).
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Figure 5.19: Comparison of the model results with measured acceleration
transmissibility response of seat “C” (Amplitude: 6.35 mm).
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Figure 5.20: Comparison of the model results with measured acceleration
transmissibility response of seat “C” (Amplitude: 12.7 mm).
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under 12.7 mm excitation, however, are somewhat comparable to the measured data.
Such discrepancies between the identified and proposed models and the measured data
could be due to two factors. Firstly, the assumption of cushion deflection (A = 6.35 mm)
in the operator-point linearization of the seat in error minimization and identification
occupant model parameters could contribute to considerable error under lower amplitudes
of excitation. where the cushion deflection response could be considerably lower.
Secondly, the nonlinearity associated with biodynamic response of the human occupant
could yield considerable error in the overall seat-occupant system response.

Figures 5.21 and 5.22 illustrate the comparison of acceleration transmissibility

response of seats “A” and “B” models with the corresponding measured data. The

3.0 4
- Proposed model
Measured mean
1 DOF (Griffin)
1 —e— 2 DOF (Suggs et al.)
-a- -3 DOF (Wu et al.)
g‘ —&— 4 DOF (Boileau)
= .
2 2.0 4
a
E
(73
c
< 4
-
c
K=}
(]
& 1.04
[-7]
Q
Q
<
0.0 A B e o e o o R am e o o e
0 1 2 3 4 5 6 7 8 9 10

Frequency, Hz

Figure 5.21: Comparison of the model results with measured acceleration
transmissibility response of seat “A” (Amplitude: 6.35 mm).
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Figures also illustrate the computed responses obtained with the selected reported
occupant models and the identitied occupant model. In general, the resonant frequencies
of the seats "A"” and “B” coupled with the identified occupant model are observed to be
consistent with the measured mean data. The magnitudes of transmissibility response of
those models, however, are observed to be smaller than the corresponding measured
mean data. Those derivations could be attained to the operating-point linearization of the

seat mode! about relatively higher deflection amplitude of 6.35 mm.

3.0 «
Proposed model
‘ Measured mean
1 1 DOF (Gritfin)
—e— 2 DOF (Suggs et al.)
-~ 3DOF (Wuetal.)

2.0 4 —a&— 4 DOF (Boileau)

Acceleration Transmissibility

0 1 2 3 4 5 6 7 8 9 10
Frequency, Hz

Figure 5.22: Comparison of the model results with measured acceleration
transmissibility response of seat “B” (Amplitude: 6.35 mm).

5.6 Summary
In this chapter, the acceleration transmissibility characteristics of seat “C” loaded

with a human subject, representing 50" percentile adult population, are measured and
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discussed. The transmissibility characteristics are observed to be strongly dependent on
the excitation amplitude and posture of the seated human body. The peak transmissibility
value decreases with the increase in excitation displacement amplitude and the resonant
frequency decreased with the increase in excitation displacement amplitude. Both the
peak transmissibility value and the resonant frequency of transmissibility for the subject
with back support were smaller than those obtained for the subject without back support.

The seat-occupant system models are formulated by combining the seat models
with four different reported human body models, which were derived on the basis of the
measured driving-point mechanical impedance or apparent mass and seat-to-head
transmissibility responses of the subjects seated on a rigid platform. The vertical seat
acceleration transmissibility of the coupled system models are derived under different
amplitudes of excitation, and compared with the measurements performed with seat-
subject system. The results showed that the coupled-occupant models cannot predict the
vibration responses over the selected range of excitation amplitudes and frequencies. The
results suggested nonlinearities associated with the biodynamic behavior of the seated
human occupant exposed to whole-body vibration. [t was further perceived that the body
coupling with an elastic seat could also contribute to such deviations. Consequently, an
alternate model was identified on the basis of reported APMS data for the subjects seated
on a rigid platform and the measured acceleration transmissibility of the seat-occupant
system under a specific level of excitation.

Reasonable agreements were observed between the computed and the measured
APMS and base-to-seat transmissibility, when a lineanized model of the seat was

considered under a specific level of excitation. The seated human body model, when



coupled with the nonlinear seat model, however, resulted in acceleration transmissibility
considerably different from the measured data under the different levels of excitations.
Such deviations were due to the nonlinearities associated with the biodynamic behavior
of the occupant and the assumption associated with the operating point linearization of

the seat model.



6 CONCLUSION AND RECOMMENDATIONS FOR FUTURE WORK

6.1 Highlights and contributions of the Study

The primary focus of this dissertation research is to study vibration ride comfort
performance of occupants seated on car seats and exposed to whole-body vibration. The
dissertation research is conducted in six systematic phases including: (1) experimental
charactenization of seats in terms of torce-deflection and force-velocity charactenstics as
functions of seated load, and nature of excitations; (ii) development and validation of the
seat cushion model; (iii) development of the seat model and validation of the seat-rigid
mass system model; (iv) parametric sensitivity analysis: (v) development and validation
of a coupled human-seat system model by integrating the selected reported biodynamic
models of the occupant to the validated seat model; (vi) development and analysis of a
three degree-of-freedom linear seated human body model. The major highlights and
contributions of this investigation are summarized as follows:

a) Perform laboratory tests to derive the static and dynamic properties ot seat
cushions as functions of the seated load, excitation frequency and deflection
amplitude.

b) Derive a nonlinear seat cushion model based on the measured static and

dynamic properties by using least square method and examine the model

validity by comparing the computed data with the measured data.

c) Perform laboratory measurements to derive vibration transmissibility

characteristics of a car seat loaded with a rigid mass and a subject under three

]
)
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d)

e)

£)

(]
N

h)

1)

different amplitudes of swept sinusoidal excitation in the 0.625 - 10 Hz

frequency range.

Develop an analytical seat model of the seat-mass system for general
application and perform simulation to examine the model validity when

loaded with a rigid mass.

Synthesize a road-measured random excitation of vehicle floor vibration
based on a road-measured acceleration power spectral density at the floor of a

passenger car.

Assess vibration performance of the seat loaded with a rigid mass in terms of
various performance measures described in related standards and published

studies.

Conduct parametric sensitivity analysis for the coupled seat-rigid mass system
to study the influence of variations of the seat model parameters on the
transmissibility and isolation efficiency under road-measured as well as white

noise random excitations of three different amplitudes.

Analyze the vibration transmissibility characteristics of the coupled seat-
occupant systems, which are derived by combining the three seat models with
the four reported biodynamic models of the occupant, and examine the
validity of the seat-occupant model by comparing the analytical results with

the measured data of acceleration transmissibility.

Develop a three degree-of-freedom biodynamic model by minimizing errors

between the computed data and standardized data of the biodynamic response



i)

function APMS and the measured seat vibration transmissibility of the
coupled occupant-seat system in an attempt to incorporate the coupling effects

of the body and the elastic seat.

Analyze the acceleration transmissibility characteristics of the coupled seat-
occupant systems, which are derived by combining the three seat models with
the identified biodynamic model of the occupant, and examine its validity by
comparing the model responses with the measured data under different

amplitudes of excitation.

6.2 Conclusions

On the basis of the results attained in this dissertation, following major

conclusions are drawn:

a)

b)

The static stiffness and the hysteresis of a seat cushion are nonlinearly

dependent upon the seat detlection and the preload.

The dynamic properties of the seat cushion are a strong nonlinear function of
the frequency and amplitude of excitation and preload. The amplitude of
excitation and preload lay great influence on the dynamic stiffness. The
influence of the excitation frequency on the dynamic stiffness, however, is
relatively small. Inversely, the equivalent damping coefficients are strongly
dependent upon the excitation frequency, while the dependency upon the

preload and amplitude of excitation is relatively small.
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c)

d)

e)

(1=}
e

The influences of excitation frequency and amplitude, and the preload on the
dynamic properties of a seat cushion depend upon the type of seat, numely the

nature of the polyurethane foam.

In an effort to develop a seat model for general application, the dynamic
properties of the seat are characterized as a nonlinear function of the preload,

relative velocity and relative deflection of the cushion.

A nonlinear seat cushion model for general application, which accounts for all
the three phases of the stress-strain characteristic of the cushion and the
cushion bottoming. is successfully developed. The coupled seat-rigid mass
system revealed good agreement with the measured data of acceleration

transmissibility.

A comparison of the acceleration transmissibility characteristics of the scat-
rigtd mass system with the acceleration transmissibility of the seat-human
system revealed significant contributions of the human body to the overall
comfort performance of the seat. The vibration attenuation performance of the
seat is further enhanced when dynamic interactions of the human body are

incorporated.

The acceleration transmissibility characteristics of both seat-rigid system and
seat-occupant system are influenced strongly by the amplitude of excitation.
Both the peak transmissibility value and the resonant frequency of the seat-
rigid mass system and the seat-occupant system decrease with increase in the

amplitude of excitation.

N
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h)

i)

i)

K)

1)

m)

The time-history of a representative random seat-track excitation is
synthesized on the basis of the road-measured acceleration power spectral
density at the floor of a passenger car. The synthesized excitation could serve
as an input in evaluating the seat performance and parametric sensitivity

analysis.

A coupled seat-rigid mass system, developed upon incorporating the proposed
nonlinear seat model and the rigid mass, can serve as an analysis and
assessment tool.

The results of parametric sensitivity analyses show that an increase in
parameters oy, a2, a4 and b; cause an increase of peak transmussibility and

resonant frequency and a decrease of isolation efficiency.

[nversely, an increase in parameters b; and b>, cause a decreuase of peuk
transmissibility and resonant frequency and an increase of tsolation etficiency.
The results of parametric sensitivity analyses show also negligible effect
variation in parameters a; and b4 on peak transmissibility, resonant frequency

and isolation efficiency.

Analyses of acceleration transmissibility of seat-occupant system show that
the published human body models, which were derived on the basis of the
measured driving-point mechanical impedance or apparent mass and seat-to-
head transmissibility responses of subjects seated on a rigid platform, do not
account for overall vibration attenuation analysis of the coupled car seat-

occupant systems under the conditions investigated in this study.
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n)

0)

p)

q)

The deviations between the measured and model responses could be attributed
to two factors: (i) nonlinearities associated with the biodynamic behavior of
the seated occupant that cannot be characterized by the linear biodynamic
models; and (ii) the lack of consideration of the elastic interface between the

seated body and an elastic seat.

The biodynamic model of the seated occupant. identified using the
acceleration transmissibility of the coupled seat-occupant system and the
APMS of the occupant, provided reasonably good agreements with the
measured data under the condition considered for the operating point
linearization.

The identified occupant model, coupled with nonlinear seat model, however,
did not yield notable improvements in the vibration responses of the coupled
system. The results thus suggested that nonlinearities associated with the
biodynamic behavior of the seated occupants under whole-body vibration

need to be considered for the analysis.

[n an attempt to consider the influence of elastic coupling between the seat
and the human body, a three degree-of-freedom linear seated human body
model is developed on the basis of both APMS data and the vibration
transmissibility characteristics of the coupled system. The use of optimization
based error minimization necessitated the operating-point linearization of the

seat.



6.3

Recommendations for Future Studies

The following described studies are recommended for future research:

a)

b)

c)

d)

e)

In order to minimize the error of the seat cushion model, more than three same
band seats are tested and mean of measured data are employed as the basis of
characterizing the property of the seat. More candidate seats are involved in
the experiments to examine the effectiveness of the methodology. Likewise,
more human subjects, who are divided into various kind for representing
different preload corresponding to 5™, 50™ and 95" percentile body weight,
different height corresponding to 5®, 50" and 95™ percentile body height. and
different shape corresponding to 5", 50" and 95" percentile body shape,
participate in the experiments to obtain more richly and precisely measured
data.

Further studies in the human body model should consider nonlinearity of the
seat model when identifying the parameters of the human body model.
Furthermore, FEA lincar model and nonlinear model may be studied in
developing human body model in order to make more precise human model.
Except for the ride comfort performance along vertical direction, horizontal
ride comfort performance of seat in the frequency range of interest should be
also studied.

Study APMS with the coupling effect of the body and the elastic seat.

In order to study further the performance characteristics of the seat-human
body system in a realistic environment of multiple axes vibration, studies

incorporating a full-scale vehicle model are recommended.
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