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ABSTRACT

DYNAMIC ANALYSIS OF A HYDROPNEUMATIC SUSPENSION SYSTEM

Frank R. Joo

Variable road surface quality imposes a wide shock and vibration
environment on ground vehicles. The requirement to 1solate the vehicle
chassis, occupants and cargo from potentially harmful shock and
vibration exposure, without reducing vehicle handling performance, has
created several contradictory design requirements. Alternative
suspension designs have thus been investigated to achieve an improved
compromise between ride and handling performance criteria. In this
thesis, the shock and vibration isolation potentials of hydropneumatic
suspension are investigated through systematic modeling and computer
simulation.

The shock and vibration isolation potentlials of hydropneumatic
suspension are investigated through two mathematical models
characterizing the dynamic behaviour of the suspension. The mathematical
models incorporate nonlinearities due to: polytropic nature of the gas
spring; turbulent hydraulic fluid flow; Coulomb damping; compressible
hydraulic fluid, and elastic motion limiting bump stops. Shock isolation
potential is evaluated for rounded step and rounded pulse displacement
excitations. Vibration 1isolation is investigated for harmonic
displacement excitation, employing a direct integration and frequency

sweep method. A frequency dependent linearization technique, based on
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dissipation/storage of energy, 1is employed to derive local linear
equivalent suspension characteristics; frequency response of the
linearized suspension model is investigated to establish validity of the
linearization technique. The influence of various suspension
characteristics are investigated via parametric sensitivity analyses.

Shock and vibration 1isclation potentials of Thydropneumatic
suspension are also Iinvestligated via a vehicle application study. A
pitch-plane, seven degrees-of-freedom ride dynamic model of a tracked
military vehicle 1is employed for this analysis. Vibration isolation
performance is predicted for harmonic displacement excitation, via a
direct Integration and frequency sweep technique. Shock isolation
performance is predicted for the vehicle traversing semi-circular bump
obstacles at different approach speeds.

The hydropneumatic suspension is very nonlinear in nature due to
the progressively stiffening gas spring characteristic and orifice and
Coulomb damping. Shock and vibration isolation response characteristics
of the hydropneumatic suspension tend to be superior compared to those
of a conventional suspension, particularly under severe excitations.
Parametric analyses revealed that the significant design parameters are
initial gas pressure and initial gas volume, whereas the significant
operating parameters are hydraulic fluid bulk modulus and gas polytropic
exponent. Rlde analysis of the tracked vehicle revealed that
hydropneumatic  suspension provides superior vibration isolation
characteristics throughout the entire frequency range of interest, and
improved shock isolation characteristics when the vehicle is sub jected

to severe bump excitations.
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Coulomb friction force acting on floating piston,
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Dynamic friction force, (N)
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hydropneumatic suspension system, (N/m)
Linear spring stiffness coefficient, (N/m)

Effective stiffness coefficlient of road wheel and
elastic track pad, (N/m)

Torslional stiffness coefficlent of torsion bar 'i’,
{N*m/rad)

Distance between Iidler gear and hull center of

gravity, (m)

Distance between sprocket and hull center of

gravity, (m)

Isolator mass, (kg)

Floating piston mass, (kg)

Mass of tracked vehicle hull, (kg)

Mass of road wheel '1i’, (kg)
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Number of orifices in damper plate of hydropneumatic

suspension

Internal pressures of oil chambers 1 and 2 of
hydropneumatic suspension system, (N/mz)

Atmospheric pressure, (N/m°)

Internal pressure of gas chamber in hydropneumatic
suspension, (N/m?)

Dynamic gas pressure of hydropneumatic suspension,
(N/n?)

Initial gas charge ©pressure of hydropneumatic
suspension, (N/m?)

Flow rate into/out of oil chamber '1i’, (m/s)
Trailing arm length, (m)

Distance between trailing arm pivot and elastic bump

stop, (m)
Radius of bump displacement excitation, (m)

Distance between trailing arm pivot and shock

absorber mount 'A', (m)
Time, (s)

Velocity of shock absorber endpoints 'A' and 'B’

along shock absorber axis, (m/s)

Dynamic gas volume of hydropneumatic suspension,
(n°)
Initial gés charge volume of hydropneumatic
suspension, (m®)

Constant forward speed of tracked vehicle, (m/s)
Longitudinal displacement of trailing arm pivot 'i’,

(m)
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Longitudinal displacement of shock absorber endpoint
A, (m)

Longitudinal displacement of shock absorber endpoint

Initial distance between center of semi-circular

bump obstacle and leading contact point of tracked
vehicle, (m)

Longitudinal displacement of road wheel '1’, (m)

Vertical displacement of trailing arm pivot, 'i',
(m)

Vertical displacement of shock absorber endpoint
Ay (m)

Vertical displacement of shock absorber endpoint
'Bl’. (m)

Vertical displacement of road wheel 'i’, (m)

Vertical, (bounce), displacement of tracked vehicle

hul' center of gravity, (m)

Vertical displacement excitation experienced at road

wheel '1i' due to terrain irregularities, (m)

Relative displacement between main and floating
pistons of hydropneumatic suspension, (m)

Vertical displacement of floating piston, (m)

Vertical displacement excitation experienced by

hydropneumatic suspension, (m)

Vertical displacement of main piston, (m)

Ratio of maln to floating piston cross-section areas
of hydropneumatic suspension

Angle between the horizontal and the line between
tralling arm pivot 'Y’ and hull c.g., (rad)
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Hydraulic fluld bulk modulus, (N/m%)

Angle between the horizontal and the line between
shock absorber point ’B" and hull c.g., (rad)

Nominal value of hydraulic fluid bulk modulus,
(N/m)

Error parameters

Angle between trailing arm centerline and a line
passing through the trailing arm pivot and shock
absorber point 'A', (rad)

Polytropic exponent

Swing angle of trailing arm 'i’', (rad)

Static inclination angle of trailing arms with

horizontal, (rad)

Inclination angle of hydraulic shock absorbers,
(rad)

Ratio of floating piston mass to isolator mass
Effective ratio of floating piston mass to isolator
mass

Track stiffness coefficient of leading portion of
track, (N/m)

Track stiffness coefficilent of !railing portion of
track, (N/m)

Track stiffness coefficient of track portions

between road wheels, (N/m)
Shock severity parameter
Hydraullc fluid mass density, (kg/ms)

Pitch angle of tracked vehicle hull about hull

center of gravity, (rad)

Excitation frequency, (rad/s)



CHAPTER 1
INTRODUCTION AND LITERATURE REVIEW

1.1 INTRODUCTION

The function of a vehicle suspension system is to isolate the
vehicle chassis from road or terrain irregularities and to contrcl
dynamic forces experienced under various driving maneuvers. The abllity
to 1isolate the chassis from road Airregularity induced shock and
vibrations is a measure of vghicle ride comfort, and the ablility to
control dynamic forces, experienced during cornering, acceleration and
deceleration, is a measure of vehicle handling and control performance.
The conflicting requirements imposed by the ride comfort, handling and
control performance of a vehicle necessitate a compromise between the
characteristics of the spring and hydraulic shock absorber elements
selected during the suspension design stage.

Ride comfort requires a soft and lightly damped suspension system
to effectively isolate the vehicle chassis from road induced shock and
vibrations. Although 1low natural frequency and soft damping
characteristics of a suspension provide good vibration isolation at
frequencies well above resonance, they yleld poor attenuation and
control at resonance. Conversely, a suspension with stiff damping
characteristic provides good displacement control at resonance, but
exhibits poor shock and vibration isolation.

Conventional suspension systems consist of steel springs and
hydraulic shock absorbers. The steel springs, either coil or leaf type,
are employed extensively on passenger vehicles and provide approximately

linear force deflection characteristics. Compressed alr springs, with




nonlinear force deflection characteristic, are employed almost

exclusively on heavy vehicles such as buses, dump trucks and tractor
trallers. Springs isolate the vehicle chassis from road irregularities
by allowing relative motion between the suspension linkages and the
chassis, and by temporarily storing the shock and vibration energy
emparted by the road irregularities. Dual-tube telescopic hydraulic
shock absorbers are typically employed on all forms of ground vehicles.
Energy dissipation, or damping, is achieved by forcing hydraulic fluid
through restricted passages, valves and orifices, within the shock
absorber. The dissipated kinetic energy is converted to heat energy
which in turn is dissipated to the surrounding environment.

Owing to the design compromise imposed by ride comfort and handling
and control performance, conventional suspension systems have inherent
limitations. Steel springs possess a fixed and unadjustable spring rate,
and impose a considerable weight penalty on the wvehicle. The
corresponding increase in the unsprung mass reduces vehicle fuel economy
and degrades suspension performance. A significant amount of space is
also required to package steel springs, imposing another constraint on
the suspension designer. Increased spring size and complexity robs
valuable space from other hardware, restricting designer's options.

Efforts to avoid the 1limitations associated with conventional
passive suspenslon systems have lead designers to Investigate alternate
suspension designs such as hydropneumatic, semi-active and active
suspensions. Hydropneumatic suspension combines a compressed nitrogen
gas spring and hydraulic shocl; absorber into a single suspension unit.
The compressed nitrogen gas provides a light weight spring with low

static stiffness and nonlinear progressively stiffening spring rate.



Further, the construction of a hydropneumatic suspension aids heat

dissipation, reducing the effects of damper heat fade. The single
suspension unit design also requires less space to package on the
vehicle and reduces the overall unsprung mass of the suspension system

due to the light weight of the gas spring.

1.2 REVIEW OF RELEVANT LITERATURE

The performance characteristics of hydraulic shock absorbers in
view of ride comfort, handling and control performance of vehicles has
been the subject of many investigatlons. Fukushima, et al [1]
investigated the ride/handling improvements provided by optimum damping
characteristics dependent on piston stroke. The authors experimentally
measured suspension vertical reaction force for a vehicle equipped with
a coil and strut suspension arrangement. Coil spring and damper forces
were quantified as a percentage of the total suspension force, and were
measured under various steering maneuvers. Ride comfort was assessed for
random terrains and discrete réctangular obstacles. The results revealed
that the coll spring provided the majority of the suspension control
force under various steering maneuvers, and the shock absorber provided
the majority of the suspension control force related to ride comfort and
ride harshness. The authors postulated that damping force dependent on
piston stroke can provide optimum vehicle ride/handling characteristics.

Anderson and Fan [2] performed an experimental and theoretical
analysis of a dual-tube hydraulic shock absorber with rubber bushings
fitted at the ends, as shown in Fligure 1.1. Dynamic testing of the shock
absorber was performed on an electro-hydraulic shaker at varlous

excitation frequencies up to 10 Hz. A five parameter mathematical model



was developed to predict the shock absorber performance. Model
assumptions included: linear valve characteristic, negligible fluid
leakage, effective compressibility and linear stiffness due to rubber
end bushings. Gauss-Newton method was employed to estimate the unknown
parameters, such as effective bulk modulus, using the nonlinear time
domain analysis. The study provided good correlation with the
experimental results, and the authors concluded that the effective
compressibility 1is the primary factor leading to hysteresis and the
linear valve assumption provides adequate accuracy although valve
leakage does occur.

A dual-tube AC Delco hydraullc shock absorber, shown in Figure 1.2,
has been modeled and investigated using the continuous system modeling
program (CSMP)} [3]. The mathematical model incorporated the effects of
valve dynamics, hydraulic fluid compressibility, and entrapped air.
Assuming negligible leakage flows, constant reserve chamber pressure,
and viscous valve plate damping, the study concluded that an Integration
time step greater than 10™° seconds resulted in errors which terminated
program execution. When compared to previously published experimental
results, the proposed shock absorber model displayed good correlation of
force-velocity characteristic. Four dual-tube shock absorber models were
further considered to study their ride performance potentials: 1linear
approximation; bi-~linear approximation; nonlinear approximation,
excluding hysteresis, and detailed model as developed by the authors.
The two degrees-of-freedom quarter vehicle model, Incorporating tire
stiffness and unsprung mass, was subjected to a weighted white noise
excltation in order to evaluate the ride comfort in relation to

I1SO-standard 2631 [4]. The study demonstrated that the less detailed
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shock absorber models produced significantly more favorable ride

predictions than does the defailed model. The authors also concluded
that entrained gascs have a detrimental effect on shock absorber
performance by increasing the size o’ the hysteresis loop.

Several authors have investigated passive hydraulic shock absorbers
which incorporate unique pressure control schemes. Su et al [5] proposed
a tunable passive sequential hydraulic damper, shown 1in Figure 1.3,
employing external pressure control valves which modulate the pressure
across the damper piston. A mathematical damper model is developed
assuming turbulent orifice flow, high fluid bulk modulus, negligible
seal friction and negligible leakage flow. The contribution of the gas
column is modeled as a nonlinear restoring force following a polytropic
compression/expansion characteristic. An ideal sequential damping scheme
is proposed incorporating the dynamics of the external pressure relief
valves. For pressure differential below a preset 1limit, the relief
valves remain closed allowing constant orifice damping; the relief
valves open providing reduced damping force when the pressure
differential exceeds the preset limit. The simulation results indicated
that a properly tuned sequential damper can provide considerably
improved vibration isolation at frequencies beyond resonance.

The application of compressed alr as a spring medium has been
treated by several authors. In a study presented by Bank [6], the use of
pneumatic springs in heavy vehicle suspensions, including trucks and
buses, is discussed. The ©advantages of pneumatic springs over
conventional steel springs include: inherently low static spring rate
and low natural frequency; almost constant natural frequency over the

load range of the vehicle; potentials for adjustable ride height
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allowing full suspension travel regardless of loading condition;
improved control of shock forces experienced near the end of suspenslion
compression travel, and reduced vehicle mass. The effects of operating
pressure and assembly height on spring performance were investigated,
and the force-deflection characteristics of a rolling sleeve-type
pneumatic spring, Figure 1.4, were compared to those of a spring with
fixed rate, as shown in Figure 1.5. The study also showed that an
improved attenuation cf shocks can be achieved by increasing operating
pressure and decreasing spring diameter. Burkley and Meyers [7]
presented equations governing pressure and volume changes in rolling
lobe pneumatic springs, and demonstrated the differences in
force-deflection characteristics due to adiabatic and 1sothermal
assumptions.

Pneumatic springs and damping mechanisms have also Dbeen
investigated to achieve isolation from shocks. A shock 1isolator
comprising of a single acting pneumatic spring with fixed and variable
volume chambers, separated by an orifice, as shown in Figure 1.6, has
been proposed by Hundal [8]. Assuming adiabatic compression process and
negligible Coulomb friction, the shock isolator performance was
evaluated analytically for a constant velocity pulse of finite duratlion.
The 1isolator’s performance was evaluated for undamped and damped
conditions. A self-damped pneumatic shock 1Iisolator comprising of a
cylinder divided, by a piston, into two equal volume chambers, as shown
in Figure 1.7, was further proposed to achleve improved shock isolation
[9]1. Each chamber was connected to its own surge tank via an orifice
passage which provided the damping for the system. The piston was

connected to the 1isolator mass via a ram, and was capable of axial
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Figure 1.3 Schematic of sequential passive hydraulic damper (S].

Figure 1.4 Schematic of rolling sleeve-type pneumatic spring [6].
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movement within the cylinder. Assuming negligible Coulomb friction,
negligible leakage flows and adiabatic process, the shock isolation
performance of the isolator model was evaluated for a rectangular
acceleration pulse of finite duration.

The investigation of shock absorber performance 1s not limited to
the ground vehicle industry; the aircraft industry has also performed
extensive design and analysis of oleopneumatic shock struts employed as
aircraft landing gear. These struts are a combination spring/shock
absorber employing compresse& nitrogen as *he spring medium and
hydraulic fluid as the damping medium. The hydraulic fluid and the
nitrogen gas may be separated by a floating piston or may Iinterface
directly depending on the strut design, as shown in Figure 1.8. A
mathematical model of the oleopneumatic strut was developed
incorporating metering and snubber orifice discharge coefficients as a
function of the Reynolds number, orifice shape and orifice orientation,
snubber valve hydraulic forces during compression and expansion, and the
effects of internal strut Coulomb friction, wing lift, strut inclination
angle, wheel spin-up and drag loads [10],111]. The gas is assumed to
follow a polytropic compression/expansion process, and the polytropic
exponent is selected as 1.1. Transient response characteristics of the
resulting two degrees-of-freedom model of the aircraft and oleopneumatic
strut were evaluated on an analog computer for drop test and landing
situations. The simulation results revealed good correlation with the
experimental results obtained during actual landing and drop tests.

The influence of oll compressibility and gas polytropic exponent on
the strut performance was further investigated by Wahi [11]. The study

concluded that entralned air has a detrimental effect on strut
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load-stroke performance, and the polytropic exponent 1s indeed not
constant during the compression/expansion process.

Hydropneumatic suspension is primarily a form of an oleopneumatic
shock strut. Hydropneumatic suspension combines compressed nitrogen gas,
as a spring medium, and conventional orifice damping into a single
suspension unit. The hydraulic fluid and nitrogen gas are separated by a
flexible diaphragm or floating piston. Moulton and Best [12] proposed
the design of a hydropneumatic suspension ’Hydragas', shown in Figure
1.9. The history of the susperision development, properties and
advantages of Hydragas suspension, and potential ride benefits were
discussed. The Hydragas suspension consists of two hermetically sealed
spherical containers stacked vertically. The top container is divided
into two chambers separated by an elastic diaphragm: the upper chamber
is filled with compressed nitrogen gas and the lower chamber is filled
with hydraulic fluid. The lower container is also divided into two
chambers by a flexlble diaphragm. The upper chamber is filled with
hydraulic fluid, while the underside of the diaphragm is acted upon by a
tapered piston connected to a suspension link. Hydraulic fluid travels
between the upper and lower containers through a damper valve with
different jounce and rebound flow characteristics. The authors concluded
that the advantages of Hydragas suspension include 1lower natural
frequency, lighter suspension weight, stiffening spring characteristic
leading to constant natural ‘frequency, and damping properties less
affected by changes in operating temperature. A pitch-plane schematic
model of a generic automobile equipped with leading arm front link,
trailing arm rear link and interconnected front-rear Hydragas suspension

has been presented. Based on road measurements, the study presented the
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Figure 1.9 Schematic of Hydragas suspension system (12].
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ride vibration levels of different vehicles with dissimilar suspension
properties. Although the ride vibration characteristics of vehlicles such
as an Austin Mini equipped with Hydragas suspension were compared to
those of a Volkswagen Polo equipped with the conventional suspension,
the study failed to demonstraté definitive conclusions.

Several other authors have also investigated the performance
potentials of hydropneumatic suspension or derivatives of hydropneumatic
suspension. Félez and Vera [13] investigated the response of a heavy
crane vehicle equipped with three forms of hydropneumatic suspension:
independent cylinder suspension; linked cylinder suspension, and active
suspension, as shown in Figure 1.10. Mathematical models developed
employing bond graph techniques were simulated to evaluate vehicle
response to roll input caused by constant speed turning maneuver, and by
a vertical displacement at one side of the vehicle. The simulation
results for the vehicle negotiating a curve at constant speed revealed
that the chassis vertical disblacement respcnse of the independent and
linked cylinder suspension configurations were almost identical. The
active suspension, however, provided the compensation for the
centrifugal forces thereby reducing vehicle roll.

In another study on performance potentials of hydropneumatic
suspension, Craighead and Brown [14] 1investigated the shock and
vibration response of two off-road vehlcles equipped with conventional
and hydropneumatic suspensions. The two vehicles studied were a 25 tonne
articulated dump truck, and a 39 tonne Vickers Main Battle Tank with six
suspension units per side. The responses characteristics of the dump
truck were compared for two suspension configurations: no suspension,

except for pneumatic tires, and leading arm front hydropneumatic



Figure 1.10
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(a) Independent cylinder suspension configuration.

(b} Linked cylinder suspension configuration.
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(c) Active suspension configuration.

Schematic of three hydropneumatic suspension
configurations: (a) Independent cylinder suspension; (b)

Linked cylinder suspension, and (c) Active suspension
[13].
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suspension with rigid rear axle, as shown in Figure 1.11. A six
degrees-of -freedom dump truck model was developed assuming adiabatic
nature of the nitrogen gas, stiff travel limiting bump stops with linear
characteristic, damping forces generated by wviscous flow through
suspension piping, 1linear tire characteristic and constant damping
characteristics. A simplified eight degrees-of-freedom pltch-plane
mathematical model of the battle tank was developed for the conventlonal
torsion bar and hydropneumatic suspension used in the study. Flgure 1.12
illustrates the schematic of the hydropneumatic suspension employed in
the study. The natural frequencies and damping ratios were computed
through eigen value analysis of the linearized homogeneous equatlons.
Continuous Systems Modeling Package (CSMP) was employed, to simulate the
transient response characteristics of the vehicles traversing a discrete
obstacle at a constant speed. The vibration attenuation performance was
evaluated for random terrains at constant speeds. The results indicated
that the addition of front suspension to the truck lowers the bounce and
pitch mode natural frequencies while increasing the damping factor of
these two modes. All other truck modes were not affected by the addition
of the front suspension. The addition of hydropneumatic suspension to
the tank resulted In a reduction of the hull pitch, roll and heave mode
natural frequencies while the damping factors of each mode remaln
virtually wunchanged. The study also concluded that the addition of
hydropneumatic suspension to the truck reduced peak acceleration and
displacement at the «c¢.g., while the tank experienced reduced
acceleration but higher displacement at the hull c.g. Ride response of
the truck traversing random terrain showed that the hydropneumatic

suspension significantly reduced transmitted vibrations. The ride
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Figure 1.11 Schematic of hydropneumatic truck suspension system [14].
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Figure 1.12 Schematic of Vickers battle tank hydropneumatic
suspension system [14].
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responses of the tank traversi&g random terrain, however, indicated that
the hydropneumatic suspension ylelds inferior vibration isolation at
certalin vehicle speeds.

Maclaurin [15] reviewed the configurations and principles of
operation of current British tracked military vehicle suspensions. In
particular, the shock and vibration 1isolation performance of a
Challenger main battle tank, equipped with hydropneumatic suspension,
and the Mechanized Combat Vehicle 80, (MCV-80), equipped with
conventional torsion bar suspension were compared. The suspension of the
MCV-80 comprises a torsion bar, pivoting on roller bearings, and a
rotary vane hydraulic damper. There are six suspension stations per side
of the vehicle; torsion baré are at each station, and dampers at
stations 1, 2 and 6. The Challenger also has six wheel stations per
side, each fitted with a hydropneumatic suspension as shown in Figure
1.13. Vehicle ride performance was evaluated for the following MVEE test
courses: sinewave course, 4.5 m, 7.0 m, and 12.0 m wavelengths; ramps,
30%, 40% and S50%, and a random profile course 205 m long of spectral
characteristic typical of natural off-road terrains. For the 7.0 m
wavelength sinewave course, the Challenger tank, equipped with
hydropneumatic suspension, displayed superior isolation performance.
When subjected to the 30%4 ramp, both vehicles displayed similar
performance, being able to achieve the same approach speed before
reaching the permissible acceleration level at the driver’'s seat. When
subjected to the random course, the Challenger tank displayed inferior
isolation performance, attaining higher levels of RMS acceleration
through the speed range.

Another military application of hydropneumatic suspension 1is
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discussed in a report by Murphy [16]. The ride vibration and shock
isolation characteristics of an M60 battle tank equipped with a
combination of hydropneumatic suspension system (HSS) and advanced
torsion bar suspension (ATB),  referred to as the M60 HSS/ATB hybrid
tank, were investigated. The performance characteristics of the M60
HSS/ATB hybrid tank were compared to those of an M60 tank equipped with
standard torsion bar suspension (STB) for various test courses. The
measured data was analyzed in terms of ride performance, the speed at
which a 1limiting vertical absorbed power is experienced, and ride
quality, the vertical absorbed power experienced at a given speed. The
study concluded that ride performance of the two vehlcles is quite
similar; the M60 HSS/ATB hybrid tank, however can negotiate discrete
obstacles at faster speeds. The study further concluded that the ride
quality of the M60 HSS/ATB hybrid *“ank was superior to that of the M60
STB tank on some of the random.test courses.

Multiple uses and configurations of hydropneumatic suspension have
been investigated by various researchers in an attempt to achieve
improved shock and vibration 1isolation performance. Hydropneumatic
suspension has been studied for applications such as adaptive,
semi-active and fully active suspensions. Karnopp and Margolis [17]
discussed the Influence of suspension parameters on vibration isolation,
and proposed an adaptive suspension scheme to achleve optimal isolatlion
performance. The study was based on simulation of a single
degree-of -freedom model of an isolator comprising adlabatic gas spring,
viscous damping, negligible friction and a load leveler.

Horton and Crolla [18] presented a theoretical analysis of

hydropneumatic semi-active suspension comprising three staged gas
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springs and capable of automatic self-leveling, as shown in Figure 1.14.
A quarter vehicle model incorporating adiabatic gas spring, vliscous
damper and linear spring and damping representation of the tire and
control pendulum system, was developed. A three dimensional, ten
degrees-of-freedom vehicle model was also developed for a small truck
with independent front suspension, solid rear axle and three suspenslon

control pendula. Vehicle response was simulated for two terrain

excitations: a double ramp 1.0 m long and 0.14 m high traversed by one
side of the vehicle only, and digital representation of a 100 m length
of the National Institute of Agricultural Engineering, (N.I.A.E.), test
track representing a typical farm road. Simulation results were obtalned
for vehicles equipped with passive, semi-active and no suspension. The
results revealed that for the application of a static load, the
semi-active suspension is superior due to its self-leveling propertles.
However, when subjected to discrete ramp displacement excitatlons and
when traversing the N.I.A.E. test course, the vehicles equipped with
passive and semi-active suspension experienced almost Identical
responses for both laden and unladen conditions. The shock and vibration
isolation potentials of farﬁ tractors, equipped with the proposed
semi-active suspension, have been investigated through analytical and
experimental means [19]. Cn-parison of analytical and experimental
results revealed that simulation predicts poorer ride performance than
that obtained experimentally for the vehicle traversing the triangular
bumps. Vertical RMS acceleration response was measured at the driver’s
seat of four vehicles, (a 4 wheel drive tractor with unequal sized
wheels, a 2 wheel drive tractor with sprung front axle wheels, a utility

vehicle with axle suspension, and the farm tractor with semi-active
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suspension), traversing the N.I.A.E. test courses. Comparison of
experimental results revealed that the vibration isolation of the test
vehicle with semi-active suspension 1is superior to the isolatlon
experienced by the two tractors, but inferior to that of the utility
vehicle.

The wunique nature of hydropneumatic suspension has also been
extended for use in sports vehicles. Dominy and Bulman [20] proposed a
semi~active suspension for use on a Formula One Grand Prix Racing car,
as shown in Figure 1.15. The suspension performance was analyzed by
considering a quarter vehicle model influenced by chassis and road
inputs. The analysis, incorporating the spring mass Iinteractlons,
control valve dynamics, control flows, negligible tire compliance,
adiabatic gas spring, negligible Coulomb friction, and turbulent
hydraulic flows, was carried out for a gradually increasing load due to
aerodynamic downforce and bump excitation. The study revealed that
adequate selection of suspension parameters can slignificantly reduce

ci,assis movement.

1.3 SCOPE OF THE PRESENT RESEARCH WORK
The primary objectives of this thesis research are to evaluate the
ride performance potentials of passive hydropneumatic suspension via
computer simulation. The specific objectives of the thesis research are
as follows:
1) To develop a comprehensive mathematical model of a passive,
nonlinear hydropneumatic suspension system, including effects
of polytropic gas compression, orifice flows, Coulomb

friction, and hydraulic fluid compressibility.
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2) To predict the shock and vibration 1isolation of the
hydropneumatic suspension subject to shock and harmonic
displacement excitations.

3) To perform a parametric sensitivity analysis to 1identify
significant design and operating suspension parameters, and
illustrate the effects of fluid compressibility on suspension
performance.

4) To develop a ride-dynamic model of a multiple road wheels
tracked vehicle incorporating kinematics and dynamics of the
linkage suspension.

5) Investigate the relative ride performance potentials of
hydropneumatic suspension systems, employed 1in tracked
vehicles, for excitations arising from discrete obstacles and
harmonic displacements.

In Chapter 2, the design Aetails and potential benefits of various
passive hydropneumatic suspension systems are discussed. Two nonlinear
mathematical models of the hydropneumatic suspension are developed: one
assuming hydraulic fluid to be incompressible, and the other considering
hydraulic fluld compressibility. The analytical models incorporating
nonlinearities due to seal friction, dynamics of the floating piston,
orifice flows and bump stops are derived and discussed.

In Chapter 3, analytical techniques and deterministic excitations
used for evaluating shock and vibration 1isoclation performance are
presented. The nonlinear hydropneumatic suspension model 4is 1inearized
using a local linearization technique based on balancing the
dissipated/stored energy. The nonlinear forces due to gas spring,

orifice damping and Coulomb friction are expressed by an array of local
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equivalent constants as a function of excitation and response
characteristics. The effectiveness of the linearizatlion technique lis
demonstrated by comparing the response characteristics of the linearized
suspension model to those of the nonlinear model.

In Chapter 4, a multi-wheeled tracked vehicle is presented for a
vehicle application study. The tracked vehicle is modeled ylelding a
pitch-plane, seven degrees-of-freedom mathematical model. Modeling
assumptions and highlights are also discussed.

In Chapter 5, the shock and vibration isolation performance of the
hydropneumatic suspension 1is evaluated via computer simulation. The
response of the linearized hydropneumatic suspension is compared to the
nonlinear hydropneumatic model to evaluate accuracy of the linear
modeling technique. A parametric sensitivity analysis 1s performed to
identify significant design and operating suspension parameters. The
results of the parametric study are discussed to highlight the influence
of wvarious design and operating parameters on the suspension
performance.

In Chapter 6, the ride performance potentials of hydropneumatic
suspension are evaluated for the tracked vehicle subjected to
excitations arising from discrete obstacles and harmonic displacement.
Relative performance ©benefits of hydropneumatic suspension are
demonstrated by comparing the sprung mass displacement and acceleration
response characteristics to those of the tracked vehicle with
conventional torsion bar suspension. The concluslons drawn from the

study and recommendations for future work are presented in Chapter 7.



CHAPTER 2

ANALYTICAL MODELING OF A HYDROPNEUMATIC VEHICLE SUSPENSION

2.1 GENERAL

The desired functions of a suspension system are to provide support
and guidance to the vehicle, and to 1isolate the vehicle chassis,
passengers and cargo from shocks and vibrations induced by roadway
irregularities. Adequate suspension designs can provide improved ride
quality and handling performance of the vehicle, and reduce the risks of
vehicle component/cargo damage. Vehicle ride vibrations are of whole
body nature and are predominant around low frequencies (1 - 8 Hz) (30].
Prolonged exposure to such vibrations causes driver fatigue and loss of
driving proficiency ({4]1. Effective vibration 1isolation via wvehlcle
suspension can thus improve vehicle ride quality and driver safety by
reducing the magnitude of transmitted vibration. Furthermore, effective
isolation from sudden shocks can reduce the risk of driver injury, loss
of vehicle control, and the magnitude of cargo/component damage.

Handling and control characteristics of vehicles are also dependent
upon vehicle suspension designs. Ride comfort, handling and control
performance, however, Iimpose conflicting design requirements on the
vehicle suspension system. Lightly damped and soft suspension systems
yleld improved vibration isolation, and thus improved ride quality, at
the expense of poor handling and control performance of the vehicle. A
lightly damped and soft suspension further ylields excessive
chassis/suspension deflections, considerable varliations in the ride

height between laden and unladen conditions, and low effective roll
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stiffness. Conversely, suspension systems with stiff springs are more
desirable to achieve improved roll stability, handling and control
performance of the vehicle. Consequently, suspension designs necessitate
a compromise between ride quality, roll stability, and handling and
control performance characteristics of the vehicle.

Hydropneumatic suspension systems offer considerable performance
potentials in view of ride height control, ride quality, and vehicle
handling and control. Variations in ride height due to sprung w:.ight,
under laden and unladen conditions, can be conveniently compensated via
a simple control system. Since the restoring force 1is generated by
compressed gas, addition of a control valve and a gas reservoir can
provide the desired ride height control. The gas spring of a
hydropneumatic suspension provides low spring rate, and thus low natural
frequency, under static conditions. Low frequency terrain induced
vibrations and shocks can thus be effectively lsolated to yleld improved
ride quality. The ride quality can be further improved via the addition
of variable damping that may be realized by introducing blow-off valves
within the damper plate assembly.

The nonlinear progressively stiffening spring characteristic of the
gas spring offers considerable advantages in controlling relative
deflection of the sprung mass with respect to the unsprung mass. Vehicle
handling and control performance are also 1improved due to the
progressively hardening gas spring characteristic. As the relative
suspension travel increases, the restoring force 1increases sharply.
During an abrupt steering maneuver, a sufficiently large restoring force
generated with small suspension travel, limits the vehicle roll and

pitch.



In this chapter, construction and principles of operation of
various commercially developed hydropneumatic suspension systems are
briefly described, and their performance benefits and limitatlons are
discussed. An analytical model of a hydropneumatic suspension system 1is
derived in a systematic manner in order to investigate 1its shock and

vibration isolation potentials.

2.2 HYDROPNEUMATIC SUSPENSION

A number of hydropneumatic suspension systems have been developed
for road as well as off-road vehicle applications [12, 14, 22, 23].
Although these suspension systems exhibit several design variatlons,
thelr operation is primarily an identical principle. A hydropneumatic
suspension consists of an energy storage element (spring), and an energy
dissipating element (damper), contained in a single unit, as illustrated
in Figure 2.1. The suspension'system contains both hydraullc fluld and
compressed gas, usually nitrogen, separated by elther a floating plston
or a flexible diaphragm. The suspension forces are generated by fluid
pressure acting on the main piston. Dampling forces are generated by the
flow of hydraulic fluid through constrictions provided by either a
damper plate or a valve housing, while the restoring forces are
generated by the compression/extension of the gas charge.

A hydropneumatic suspension may be wused as an alternative
suspension system for a wide range of vehicles. It is particularly well
suited for heavy load carrying vehicles due to its ability to generate
high spring forces while providing a low static natural frequency. In
view of its potentials to prdvide ride height control, hydropneumatic

suspension can be effectively employed in freight vehicles which
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Figure 2.1 Schematic of typical hydropneumatic suspension system.
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experience conslderable variations In sprung weight during 1laden and
unladen conditions. Conventional primary suspensions, in general, employ
stiff spring characteristics to compensate for the large variations in
sprung weight. Such a design phllosophy provides adequate handling and
control, and good ride quality when laden. However, the shock and
vibration 1isolation performance deteriorates considerably when the
vehicle is in the unladen condition. Hydropneumatic suspension 1s also
well suited for passenger cars and other light weight vehicles due to
its compact and light weight design The compressed gas spring generates
significant restoring forces at a fraction of the weight of a
conventional spring.

Figure 2.2 illustrates the "Hydragas" suspension design, developed
by Moulton and Best [12]. The suspension system consists of two
hermetically sealed spherical chambers in a vertical arrangement. A
rubber separator (diapnragm), divides the upper chamber 1into two
sections. The upper section is charged with compressed nitrogen, while
the lower sectlon contains hydraulic fluid. The lower spherical chamber
is filled only with hydraulic fluid that acts upon a tapered piston. The
lower chamber is sealed against this piston by means of a rolling
diaphragm. A damper assembly, with bump and rebound valves, is mounted
between the two chambers, as shown in Figure 2.2. The "“Hydragas"
suspension system was designed for passenger cars, and offers the
possibility of coupled front-rear suspension by means of interconnecting
hydraulic lines. Moulton and Best conducted expe!imental studies and
concluded that this suspension design provides superior ride quality and
improved handling, while maintaining a low natural frequency and reduced

unsprung weight.



Schematic of 'Hydragas’ suspension system (12].

Figure 2.2
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Figure 2.3 illustrates the schematic of a hydropneumatic suspension
system, developed by Dunlop Industries [22], for tracked military
vehicles. The suspension system comprises a cylinder, as an integral
part of a main housing, which is bolted to the hull of the vehicle. The
cylinder is divided into two chambers: one containlng hydraulic fluid
and the other containing compressed nitrogen gas. The two fluid mediums
are separated by means of a 'floating’ plston. The main piston acts
directly on the hydraulic fluid and is connected to the suspenslon
trailing arm via crank and connecting rod links. Damping is achleved by
forcing hydraulic fluid through a damper assembly which 1s located
within the hydraulic chamber. Extremely secure seals are used to prevent
leakage past both the main and floating pistons, since any loss of
hydraulic fluid or nitrogen gas would degrade suspension performance.

Figure 2.4 shows a schematic of a hydropneumatic suspension system
developed by Teledyne Continental Motors [23]. This suspension system
consists of two cylinders; an actuator, and an accumulator. The
cylinders are located within the road arm in a parallel arrangement. A
damping manifold is used to port the hydraulic fluid from one chamber to
the other, and a floating piston separates the hydraulic fluid from the
nitrogen gas. The main piston, connected to the mounting plate via crank
and connecting rod 1links, acts directly on the hydraulic fluid. The
pistons are installed with hiéh precision seals to prevent leakage and
formation of an oil/gas mixture. The entire suspension system |is
contained within the tralling arm assembly which is bolted directly to
the hull of the vehicle.

The hydropneumatic suspension system offers many advantages and

limitations when compared to a conventional suspension. The light weight
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Figure 2.3 Schematic of Dunlop Industries hydropneumatic suspension
system [22].




Figure 2.4

Schematic of Teledvne Continental Motors hydropneumatic
suspension system [23].
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and compact high pressure gas spring generates high restoring forces and
provides a low static natural frequency. Low suspension weight helps
reduce the unsprung mass of the vehicle, and the compact size allows the
designer increased freedom for suspension packaging and design. Due to
the nonlinear progressively stiffening spring rate provided by the gas,
it is possible to deslign the vehicle suspension with a fairly constant
natural frequency over a wide range of vehicle loading conditions.

Hydropneumatic suspension also offers the potentlal to achleve
standing helght control and self-leveling. A simple control systenm,
comprising of control valve, ride height sensor and gas reservoir, can
be used 1in conjunction with hydropneumatic suspension to provide
constant and controllable ride height. Hydropneumatic suspension can
thus be used in vehicles operating in the partlally laden state, where
the cargo load is unevenly distributed.

Force-displacement and force-velocity characteristics of suspension
systems, in general, are adversely affected by an increase in operating
temperature. In the absence of an effective heat dissipation mechanism,
the suspension rerformance deteriorates as the operating temperature
rises. The heat dissipation properties of conventional shock absorbers,
often desligned with a double wall, are quite poor when compared to those
of the hydropneumatic suspension with single wall construction. The
hydropneumatic suspension 1is, therefore, less prone to heat fade
effects. Further, the lack of a separator between the air and oil
mediums in double wall shock absorbers, ylields poor shock and vibration
attenuation due to entralned air. Since the hydropneumatic suspension
employs a piston or flexible diaphragm to separate the hydraulic fluid

and compressed gas, the possibilities of air-oil mixture are essentially



eliminated.

The major limitation of the hydropneumatic suspension system is
that a perfect seal is required for the entire unit. Both the main and
floating pistons must be adequately sealed to prevent leakage of oll and
gas. These seals lead to high friction forces acting on the pistons, and
the reliability of the suspension depends heavily upon the durability of
these seals. Poor seals can deterliorate the suspension performance

considerably, and may lead to premature suspension failure.

2.3 DEVELOPMENT OF AN ANALYTICAL MODEL

An analytical model of the hydropneumatic suspension 1s developed
to determine its force-displacement and force-velocity characteristics,
as well as shock and vibration isolation characteristics. A schematic
representation of the hydropneumatic suspension is illustrated in Figure
2.5(a), and the model representation of a base exclted single
degree-of -freedom system employing hydropneumatic suspension |is
presented in Figure 2.5(b). The hydropneumatic suspension con:ists of
two hydraulic chambers, separated by a fixed orifice damper plate, and a
gas chamber. A 'floating’ piston, separates the lower hydraulic chamber
from the gas chamber. The main piston and strut acts on the upper
hydraulic chamber, and the seals on the two pistons prevent leakage of
oil and gas from their respective chambers,

An analysis of the shock and vibration isolation characteristics of
hydropneumatic suspension requires systematic consideration of static
equilibrium as well as dynamic forces caused by compression/extension of

the gas and the flow of hydraulic fluid through the orifices.
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Figure 2.5(a) Spring, mass, damper representation of the single
degree-of freedom hydropneumatic suspension system.
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Figure 2.5(b) Schematic of base excited single degree-of-freedom
hydropneumatic suspension system model.



2.3.1 Static Analysis

The static equilibrium fluid pressure within the hydropneumatic
suspension is related to the static load and initial charge pressure,
Under static conditlions, the isolator mass 1s supported by the gas
spring, and the internal pressures of each hydraulic chamber must be
equal to the pressure within the gas chamber. Assuming that the mass of
the floating piston is negligible compared to the isolator mass, the
static internal pressure of hydraulic chamber 1 can be related to the
isolator mass and piston cross-sectional area:

M.g

P1¢ = (2.1)
P

where M 1is 1isolator mass, g is acceleration due to gravity, Ap is

cross—-sectional area of the main piston, and P1 is pressure of the

¢

fluid in chamber I corresponding to static equilibrium conditlions. Since
there 1is no fluid flow through the damper plate under statlc
equilibrium, the static pressure of the fluid in chamber II, P_,, must

2¢
be equal to that of the fluid in chamber I:

P2¢ = P1¢ (2.2)

The absolute pressure of the gas in chamber III, corresponding to

static equilibrium, may be determined by balancing the forces acting on

the floating piston. Assuming negligible mass due to the floating
piston, the static force balance is expressed as:

P2¢ . Afp = ( P3¢ - Pat ). Afp (2.3)
where P3¢ is absolute gas pressure corresponding to static equilibrium,
Pat is atmospheric pressure, and Afp Is cross-sectional area of the
floating piston. Equation (2.3) ylelds the following relationship

between hydraulic and gas pressures:



P = P, -P (2.4)

From equations (2.1) and (2.4), the absolute gas pressure can be related

to the isolator mass:

P3¢ = * P (2.5)

Equation (2.5) defines the absolute static internal pressure of the
hydropneumatic suspension. The nitrogen gas charge is assumed to follow
a polytropic compression/expansion process. The static internal pressure

can thus be related to the initlal preset charge pressure:

¥

Vg‘
3 = Pgl[ V3¢] (2.6)

P

where qu is 1initlal absolute charge pressure, Vgl is 1initial gas

volume, is gas volume corresponding to static equilibrium, and 7 s

V3¢
the polytropic exponent. For known values of preset pressure and volume,
(Pgl and V;l). equation (2.6) may be rearranged to yield the static gas
volume:

177

Pl
Y = Vgg' [———°—] (2.7)

From equation (2.5) and (2.7), the static gas volume can be related to

Isolator mass and piston geometry:

P
\' = V . gl (2.8)
3¢ gt [ Mg + P ]
at

The corresponding static deflection of the floating piston can be
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determined from the change in gas volume:

\') -V
_ gl 3¢
= (2.9)

fp

z
82

where z, is the static deflection of the floating piston. Assuming
incompressible hydraulic fluid, the static deflection of the primary
piston can be related to the static deflection of the floating piston

through the following constraint equation:

z_, A ‘Tz, (2.10)

where z, js the static deflection of the primary piston and the
isolator mass. Identical piston areas, (A‘_p = Ap), yield identical
static deflections of the two pistons.

The compression/expansion of the nitrogen gas follows a polytropic
process leading to a nonlinear, progressively stiffening spring
characteristic. Typical force-deflection characteristic of a gas spring,
shown in Figure 2.6, reveals that under compression the spring force
increases rapldly as the bump stop is approached.

The spring rate due to a gas spring is dependent upon the absolute
pressure, volume, effective actuator area, and the polytropic exponent

{24]. The spring rate, Kgas, is determined in the following manner:

d F d
Kgas dz * T T4z [ Pq Ae ] (2.11)

where I-‘s is the spring force, Ae is the effective piston area, z lis
relative displacement across the gas spring, and Pg 1s gauge pressure.

The gas pressure, Pq, is a function of relative displacement z, and, in
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the case of elastic chambers, the effective piston area 1is also

dependent upon z. The spring rate, Kbas' is thus expressed as:
K = A —/—P + P —&/ A (2.12)

The first term on the right refers to the rate of change of gas pressure
with change in relative displacement, and the second term on the right
refers to the rate of change of the effective piston area with change in
relative displacement. For constant area floating piston employed in the
proposed hydropneumatic suspension model, the second term on the right
vanishes. Assuming polytropic relationship of the gas, the gauge

pressure is given by:

p = — - P (2.13)
9 vy at

Y
where, V =V - Az, V 1is the initial gas volume, and C = PV 1is the
g [ e ] 00

constant. Upon substituting for Pq in equation (2.12), and applying the
first-order Taylor’s series approximation, a constant spring rate can be

obtained as:

K = —2 ° (2.14)

For nitrogen gas, the value of ¥ has been found to be between 1.0
and 1.4, depending upon the assumed nature of compression/expansion
process. For a slow compression/expansion process, where the change in
temperature is insignificant, the value of the polytropic constant is
taken as 1.0 (isothermal process). The polytropic constant assumes a
value of 1.4 when the compression/expansion process occurs quickly
enough so that no heat is lost (adiabatic process). For any value of the

polytroplc exponent which lles between these two limits, the process is
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called ’'polytropic’:

1.0 + 1sothermal
¥y = 1.0 < ¥ < 1.4 ; polytropic
1.4 ; adiabatic

A comparison of the force-deflection characteristics assoclated with
adiabatic and jisothermal compression/expansion processes is shown 1In
Figure 2.7. In this study, the value of the polytropic exponent y lis
assumed to be constant and equal to 1.4 .

2.3.2 Dynamic Analysis - Incompressible Fluid

A schematic of the base excited hydropneumatic shock absorber,
comprising of an 1isolator mass, hydraulic chambers, damper plate,
floating piston and gas chamber, has been shown in Figure 2.5(b). An
analytical model of the hydropneumatic suspension 1is developed by
identifying the various static and dynamic forces acting wupon the
suspension components. The mathematical model of the hydropneumatic
suspension may be developed as either a single degree-of-freedom,
(SDOF), system, assuming negligible mass of the floating piston, or as a
2 DOF system when the floating piston mass is significant. For the SDOF
system, the displacement of the 1lsolator mass 1s taken as the only
generalized coordinate, whereas in the 2 DOF model the displacement of
both the isolator mass and the floating piston mass are taken as the two
generalized coordinates.

Forces Acting on the Primary Piston

The equation of motion for the base excited SDOF isolator can be
derived from various forces acting on the primary piston, as shown in
Figure 2.8:

M-£p=M-g-P-A-F—F (2.15)
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- 46 -

where ip is acceleration of the mass, P1 is instantaneous pressure of
fluid in chamber I, Fc is Coulomb friction force due to piston seals,
and F' is bump stop force.

Force due to seal friction 1s assumed to behave as the 1ideal
Coulomb friction force, as illustrated in Figure 2.9. The friction force

is thus expressed as:

Fc = F_- sgn(zp - zo) (2.16)
where Ff is the magnitude of the seal friction, and the sgn function
ensures that the friction force is in-phase with the relative velocity,

(z - zo). expressed as:
P

) . 1 for (z -2) =0
sgn(z -z ) = p 0
p o

-1 for (z -2) <0
P )

The 1ideal friction force characteristics are slightly modified to
eliminate the discontinuity around zero relative velocity. A narrow
viscous band is introduced around the discontinuity, as shown in Figure

2.10, such that the friction force may be expressed as:

F « sgnlz -2z) ; |i - il z 8v
F = £ P P P (2.17)
¢ F . . . .
£ » (z -z) iz -z | < v
50 P o P ° P
P

where avp defines the narrow viscous band in the vicinity of
discontinuity.

Suspension systems, in general, are equipped with travel limiting
bump stops. A bump stop force is thus generated when the piston

encounters the hard rubber stops at the limits of its compression and
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Figure 2.9 Force-velocity characteristic of ideal Coulomb friction.
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Figure 2.10 Force-velocity characteristic of Coulomb friction with a
narrow viscous band at low relative velocity.
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extension travel. Consequently, this force is present only when the
piston travel exceeds the permissible travel. Figure 2.11 presents
typical force-displacement characteristics of symmetric compression and
expansion bump stops. The 'dead-band’ region represents the amount of
relative piston travel allowed before the bump stops are encountered.

The nonlinear bump stop force can be expressed as:
8 8

F = K ¢ s+ [(z ~2)-d-* sgn(z - z)] (2.18)
P o P o

where Ks 1s linear spring rate of the bump stops, and d is the

permissible suspension travel during compression or expansion stroke,

given by:
d ;i (z -2z) 2 0
d = 1 P [
d ; (z -2z) < o0
2 P [}
and:
0 ; |z -2z | =d
s = P °
1 3 |z -2z | >d
P [

Equation (2.15) describes the motion of the isolator mass due to base
excitation. However, solution'of the equation requires a knowledge of
the dynamic pressure P1 which 1s determined from the fluid flow
equations.

Dynamic Forces Due to Hydraulic Flows

During compression and expansion modes, the hydraulic fluid flows
through orifices within the damper plate. Assuming that the hydraulic
fluid is incompressible, (infinitely high bulk modulus, B), and there is

no leakage, the fluld flow rate into/out of chamber I is given by:
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lq,| = A - | z - z | (2.19)

where |Q1| is the absolute volume flow rate through the oriflices.
Assuming turbulent flow through the damper plate orifices, the flow rate
through the orifices can be related to pressure differential across the

damper plate:
172

2| P -P, |
lo,| = Z C,* A - (2.20)
: P

where Cd is turbulent discharge coefficient, Ao is cross-sectional area
of the orifices, p is mass density of the oil, P1 and P2 are fluld gauge
pressures in chambers I and II, respectively, and n is the total number
of orifices in the damper plate. Assuming identical flow rates through
each orifice, equation (2.20) can be simplified to:
172
2|P1-P2|

Q = n s C *+ A - . Sgn( dP ) (2.21)
P

where, dP = Px— Pz' Fluld pressure, Px' acting on the primary piston,
can thus be expressed in terms of Q1 and Pi

2
[ 1 2
P1 = — e . Qx sgn(dP) + P2 (2.22)
2 n e Cd s A

o]

Substituting for Q1 from equation (2.19), and noting that

sgn(dP) = sgn(ép- io). equation (2.22) yields:

- . 2
A . -
P P ¢ zp zo ) . .
P = . sgn{iz-2z) + P (2.23)
P o 2

2 n - Cd . Ao
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Equation (2.23) describes the fluid pressure P1 on the primary piston in
terms of relative velocity and fluild pressure in chamber II. The fluid
flow rate into/out of chamber Il is related to relative velocity of the

floating piston:

Q = -A_ - (z_-z) (2.24)

where Afp is cross-sectional area of the floating pisten, and éfp is

velocity of the floating plston. Assuming no leakage and incompressible
fluld, the fluld flow rate into/out of chamber I must be equal to that
of chamber II:

A ]z

. " %, | = A« |z

-2 |
fp o

fp
Re-arranging the above, a constraint equation relating the velocity of

the floating piston to the velocity of the main piston ls obtained:

A
pa = —B o (z -2z )+2z (2.25)
fp A P o [}

fp
Similarly, the displacement of the floating piston may be expressed by

the constraint equation:

A

z = —2 s (z -2 )+2z
fp A P [} [

fp

Equation of Motion of the Floating Piston

The equation of motion of the floating piston is derived upon
identifying the various forces acting on the floating piston, as shown

in Figure 2.12.

Mrp . z“p = pr' g + P2 . Arp - P3 - Pat ) . Afp - Fcr (2.26)

where pr is mass of the floating piston, Efp is acceleration of the

floating piston, P3 is absolute pressure of the nitrogen gas charge, Pat
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Figure 2.12 Schematic of forces acting upon the floating piston.



is atmospheric pressure, and Fcr is seal frictlon force acting on the

floating piston. The acceleration of the floating piston, E!‘p' can be

derived from the constraint equation (2.25):

A
P

z = —— (2 -2)+2 (2.27)
fp A P o [
fp

Substituting for ifp in equation (2.26) yields:

A A
p .. 'p e
pr- °zp*pr-[1- }'zo—Mrp-gﬂ'F‘2 A!_p
A A
fp fp
- (P =P ) A!'p - F, ...(2.28)

The above equation may be re-arranged to yield an expression for

Pz' given by:
A . A
P = — « {4 M « B o 3 + M . -2 1. z
2 fp P fp o
A A
fp fp fp
+ ( P3 - at ) . Afp + of - pr' g } e (2.29)

Gas Spring
The nitrogen gas spr‘irfg is assumed to follow a polytropic
compression/expansion behaviour. The instantaneous pressure and volume
of the gas are thus related to the static pressure and volume:
. 7 - . 7 3
P3 V3 P3¢ V3¢ C (2.30)

where P3 and V3 are Instantaneous absolute gas pressure and
instantaneous gas volume, respectively. The Iinstantaneous gas volume,

Va, can be related to relative displacement of the floating piston:

V3 = V3¢ - Afp o ( zrp -z ) (2.31)



The instantaneous gas pressure, Pa' can thus be expressed as:

P = ¢

3 — . _ P
[ V3¢ Arp ( 2., " 2, ) ]

(2.32)

Using the constraint equation (2.25), the absolute gas pressure can be

expressed in terms of the generalized coordinate zp, the displacement of

the main piston:

(2.33)

Upon substituting for P3 in equation (2.29), the fluid pressure Pz' is

expressed as:

A M A
P fp P
P = M . .z + o[l_ ]'Z
2 fp 2 P A o
fp fp fp
- . - Y at
{ Vg¢ A ( z z ) 1] rp Afp
... (2.34)

Upon substituting for Pz’ from equation (2.34), into equation

(2.23), the fluld pressure Fu acting on the primary plston can be

expressed as:

A e (2 -2 ))°
p P p o .. A, L
sgn(z -2 ) +M - . 2z
! 2 n+C +A T % e @ P
d o fp




£p [ p ] . c
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A{'p Afp [ V3¢ Ap ( z zo) ]
F Mr
+ of . P . g ... (2.35)
A A
fp fp

The equation of motion of the isolator mass, derived from equations

(2.15) and (2.35), can thus be expressed

L] . 2
A (z-2)
. . P P °
M+z = Meg = A - sgn(z - z ) .
° 2 ne+C A
d ]
A A
P . fp P
+ M e — ez 4 1 -— |z
fp A2 P A A o
fp fp fp
C Fcf
+ = ~ P, +
a
[V3¢ A (zp z )] tp
M
fp
- . g - pc - F ...(2.36)
Arp s

Dividing by the 1isolator mass, M, and simplifying, the equation

of motion can be expressed as:

2
A M .
p .. p A
1 - — &

A® M P P o 2 M
tp
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A M F F
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1+ . cg - — - ... (2.37)
A M M M

fp

The equation of motion of the hydropneumatic suspension and 1isolator

mass may be further expressed in terms of normalized parameters:

p'Ap
(1 +pgea” )z =- sgn(é -z ) . .
° 2 ¢ M
a« (z -z) 2
o p ..
—poao(l—a)oz
n-+C °
d
Ap C
- — d ...PL
M [V,-A «(z -2z )17 a
g¢ p P o
+ (1+aep)eg - (a- fo.* f_ ) - f ... (2.38)
where:
fp
M = mass ratlo =




Ap
a = plston area ratio =
A
fp
A
P
« = ratio of primary piston area to orifice area = —
AO
F
2 c
fc = Coulomb friction force coefficient (m/s”) =
M
F
2 fc
fcf = Coulomb friction force coefficient (m/s”) =
M
2 Fs
f‘.i = Bump stop force coefficient (m/s“) =
M

The dynamics of a single degree-of-freedom vibration isolator employing
hydropneumatic suspension are described by the second order nonlinear
differential equation while assuming incompressible hydraulic fluid and
negligible leakage. The isolator mass and floating piston mass are
effectively combined wusing the constraint equation (2.25). The
coefficient of Ep in equation (2.38) represents the normalized effective
mass of the 1isolator, Hopr
Beee = 1-w «*

The first term on the right hand side of equation (2.38) represents the
normalized nonlinear damping force, (fd), due to orifice flows, while
the second term represents the normalized inertial force, (@l). of the
floating piston due to base excitation. The third term on the right hand

side of the equation describes the normalized gas spring force, (fk).

while the last three terms represent the normalized gravitational (fg).
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friction and bump stop forces, respectively. The differential equation

of motion can thus be expressed as:

“ef‘!‘.zp+fd+fk+(a.fcf*‘fc)*{s:fq-ll
... (2.39)
where:
.. P Ap @ ( ip - éo)
fd = sgn(zp—zo) - —
n C
d
A C
fk= . ' 1—Pat
M ( V3¢ - Ap( z - zo) ]
f = 1 + . .
= aon ] e

¢ = m-a- ( 1 - « ] . io

Major assumptions associated with this analytical model are as

follows:

o Hydraulic fluid is incompressible (infinitely high bulk
modulus)

o Turbulent and equal oll flow through each orifice of
the damper plate, resulting In velocity-squared damping

o The pistons are sealed adequately so that there is no
oil flow past the main or floating pistons

o The nitrogen gas follows a polytropic compression
expansion process

o Temperature effects are neglected
o The seal friction is assumed to be ideal in nature

o The bump stops are assumed to be linear high rate
springs



2.3.3 Dynamic Analysis - Compressible Fluid

The analytical model presented in Section 2.3.2 1is developed
assuming incompressible fluld flows. Studies conducted on shock and
vibration isolation performance of hydraulic dampers and on the effects
of entrained air on hydraulic fluid properties, have established that
fluid bulk meodulus can significantly influence hydraulic system
performance [11, 25, 26, 27]'. An analytical model of the vibration
isolator is thus developed Incor, orating compliance due to compressible
hydraulic fluid. Owing to the compressibility of the fluid, the
constraint equation (2.25), relating zp and zrp, becomes invalid.
Consequently, the vibration isolator is modeled as a two DOF dynamical
system. Assuming that the area of the 1iovating piston equals the area of
the main pliston, equations of motion for the isolator mass and floating
piston mass are developed by summing the forces acting on the primary

and floating pistons, respectively:

M+Z = M-g - P +A - F - F

and,

tp . zfp = Mrpo g + Pz' Ap - ( P3 - Pat ) e Ap - Fc‘_ (2.40)

Assuming polytropic compressior/expansion process for the gas spring,

the instantaneous gas pre sure is expressed as:

C
P = (2.41)

- . - 4
[V3¢ Afp (zfp zo)]

Compressibility of a fluld is exprecssed by its bulk modulus, defined as

the amount of pressure increase required to cause a decrease in the



volume occupied by a constant mass of fluid held in a rigld container.

The bulk modulus, B, of a fluld is thus given by [28]:

[ 8P
B = -V . —
[+]

av

where Vo is the injitial volume occupied by the fluid, &P |is
infinitesimal change in pressure, 8V is infinitesimal change in fluid
volume, and the subscript T indicates isothermal conditions. The bulk
modulus of a fluid is alwavs positive since the quotient (8P/8V) is
always negative. Typically, the bulk modulus of autometive shock
absorber oil may be taken as 1.374E+09 N/m° (25, 271.

Flow Equations

Flow rates through the damper plate orifices and due to f{luid
compressibility, are derived as functions of primary and floating piston
velocities and effective bulk modulus. Assuming no leakage and turbulent
fluid flows, the flow through the damper plate orifices can be expressed
as:

1/2

Qp = n v CrAC 2 + sgn(dP) (2.42)

where Q is flow rate through the damper plate orifices, and dP is

¢
pressure differential across the damper plate.

CHAMBER 1

The rate of change of fluid volume in chamber 1, Q ,r can be
v

related to the piston area and the relative velocity of the piston:
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Q = A (2 -2 ) (2.43)
vl P p o

The rate of change of fluid volume, due to compressibility of fluid in
chamber I, is related to the rate of change of fluld pressure sz

vll !
Q, = 2P (2.44)

[} 8
where Q . is the volume flow rate due to compliance of fluid in chamber
e

I, and Vi‘ is instantaneous fluid volume in chamber I, given by:

V“ = V1¢ - AP e ( zp - zo)

where V1¢ is the initial fluid volume in chamber 1. Based on the law of

conservation of mass, the flows in chamber I can be related using the

fluid continuity, given by:

Q, = Q, * Q, (2.45)

The fluld continuity equation ylelds the following expression for ?1:

1/2

2 - | Px - Pz | sgn(dP)

. B . .
P = — ¢« A+ (z -2)-n-+C-A-
1 Vv p P [} d [

11 P

...(2.46)

CHAMBER 11
The fluild flow equations for chamber Il are developed in the same
manner as those for chamber I. The rate of change of fluid volume in
chamber 11, (Qva)' is related to the relative velocity of the floating
piston:
Q, = A, (irp -z ) (2.47)

The rate of change of fluid volume, (Qez)’ in chamber II, due to fluld

compliance, 1s expressed as:



Qc2 = - 3 . P2 (2.48)

where V21 is instantaneous fluld volume in chamber II, given by:

2 vz¢ v ALt ( Zep ” z,)

From the fluid continuity equation, the rate of change of fluld pressure
in chamber Il is derived as:
172
B 2| P -P

P = n-C <A - sgn(dP) - A_+ (z -z )
fp fp [
21 P

... (2.49)

Equations (2.40) form a set of second order nonlinear differential
equations that describe the dynamics of a hydropneumatic suspension
system, assuming compressible fluid flows. Equations (2.46) and (2.49)
represent the first order differential equations that describe the fluid
pressures in chambers I and II, respectively. These coupled differential
equations can be solved to determine the performance characteristics of
the hydropneumatic suspension systems. Parameters employed for the
analysis of the hydropneumatic suspension models are presented in Table

2.1.

2.4 SUMMARY

The basic design and principles of operation of hydropneumatic
suspension are presented in this chapter. Hydropneumatic suspension
combines spring and damper elements into a single suspension unit, where
the restoring force is generated by the compressed gas, and the damping
force is generated by the hydraulic fluid through constrictions in a

damper plate or valve housing. The gas and hydraulic flulds are




TABLE 2.1
PARAMETERS OF HYDROPNEUMATIC SUSPENSION

PARAMETER VALUE
Isolator Mass, M, (kg) 500
Floating Piston Mass, mrp, (kg) 1
Damping Parameters:
Area of Main Piston, Ap, (m?) 0.006
Piston Area Ratlo, a, 1.0
Density of Hydraulic Fluid, p, (kg/ma) 797.68
Number of Orifices in Damper Plate, n, 4
Orifice Discharge Coefficient, Cd. 0.8
Area of Damper Plate Orifices, A , (m?) 3.17E-05
Coulomb Friction Force, Fr' (N) 50
Viscous Band Relative Velocity, Svp, (m/s) 1.0E-03
Gas Spring Parameters:
Initial Precharge Pressure, P1¢' (Pa) 900, 000
Initial Precharge Volume, V, ., (m®) 1.5E-03
Polytropic Exponent, 7, 1.4
Atmospheric Pressure, Pat, (Pa) 101, 300
Bump Stop Parameters:
Elastic Bump Stop Stiffness, K‘. (N/m) 3.0E+07
Compression/Expansion Relative Travel
Before Encountering Bump Stops, dl, d_, (m) 0.001

2
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separated by either a flexlble diaphragm or a floating piston. Potential
performance benefits and limitations of varlous hydropneumatic
suspension systems are discussed.

The first hydropneumatic suspension model is expressed by a single
DOF system employing a constraint equation relating the motion of the
isolator mass to that of the floating piston mass, assuming
incompressible fluid. The suspension model incorporating restoring force
due to gas spring, damping force due to orifice flows, seal frictlon and
bump stop f{force 1is characterized by a second order nonlinear
differential equation. The second hydropneumatic suspension model |is
expressed by a two DOF system assuming compressible hydraulic fluild.
Consideration of fluid compressibility results in two nonlinear first
order differential equations describing the rate of change of fluld
pressure in chambers I and 1I, and two nonlinear second order
differential equations describing the motions of isolator and floating

piston masses.



CHAPTER 3

METHODOLOGIES FOR SUSPENSION SYSTEM RESPONSE EVALUATION

3.1 GENERAL

The performance characteristics of a vehicle suspension system are
evaluated in terms of {ts ablilities to effectively attenuate
road/terrain induced shock and vibration, carry loads, and to aid in the
guldance and control of the vehicle. The shock and vibration attenuation
potentials of a suspension system are evaluated from the response to
known dynamic excitations. These evaluations may be performed either in
the laboratory or via computer simulation of the suspension dynamics as
described by a mathematical model. Generally, it 1s more practical,
versatile and economical to perform the analyses via computer simulation
prior to bullding a prototype unit.

The primary purpose of a suspension system 1is to 1isolate the
vehicle from terrain irregularities and undulations. A study of shock
and vibration isolation characteristics, and thus the ride potentials,
of the hydropneumatic suspension models developed in Chapter 2, requires
the description of terrain excitations which the suspension will
commonly encounter. Terrain excitations are typlcally random in nature,
although some terrain irregularities may be described as deterministic
excitations. The random terrain excitations are usually expressed in
terms of their displacement and acceleration spectral densities, while
the deterministic terrain excitations are expressed in terms of a time
dependent displacement, velocity or acceleration functions.

In this chapter, analytical techniques used to simulate the shock
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and vibration attenuation characteristics of the hydropneumatic
suspension system models are presented.
3.2 ANALYTICAL TECHNIQUES

Shock and vibration isolation performance characteristics of the
hydropneumatic suspension models can be evaluated using elther time
domain or frequency domain analyses techniques. In the time domain
technique, the response variables are treated as functions of time and a
numerical Iintegration technique is employed to solve the differential
equations of motion. The frequency <domain technique 1involves
transformation of the time dependent variables into frequency dependent
variables via Fourier transform. The time domain technique may be used
to analyze linear as well as nonlinear dynamical systems, whereas the
frequency domain technique requires a 1linear or linear equivalent
dynamical systenm.

Frequency domain analysis involves the transformation of time
dependent variables into frequency dependent varlables by means of
Fourier transformations. The analysis technique can be best described
through a linear system, expressed as:

M1} + [Clx} + [K){x} = (K J{x } + [C_}{x ) (3.1)
where [M], [C] and [K] are mass, damping and stiffness
matrices,respectively. [Kf] and [Cr] are forced stiffness and damping
matrices, and {x} and (xo) are vectors containing generalized response
and excitation variables, respectively. The system of linear second

order differential equations (3.1) s Fourler transformed to yleld:

{ X(jw) } - [ H(jw) ] { X_(Ju) } (3.2)

where {X(jw)} and {Xo(Jw)} are Fourier transforms of {(x} and (xo)
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respectively. [H(jw)] 1is the complex matrix representing the frequency

response function of the dynamical system, given by:
-1

(H(jw)] = [ (K] - o®[M] + JwlC] ] [ [Kr] + Jw[Cf] ] (3.3)

Since the hydropneumatic suspension system is inherently nonlinear in
nature due to gas spring, orifice damping, Coulomb friction and bump
stops, the frequency domain analysis techniques cannot be directly
employed. The nonlinear hydropneumatic suspension model thus needs to be
expressed by a linear equivalent model in order to carry out the
frequency response analysis. Since the frequency domain analysis deals
with the solution of algebralic equations, it offers the advantages of
ease of analysis as well as reduced computational time. These techniques
are thus extremely well suited for optimization and ride quality
studies.

Alternatively, time domain analyses techniques employ elther
numerical differentiation or Iintegration algorithms to solve the
differential equations of motion. The time invarlant system parameters
are presented as the coefficients of time dependent variables within the
set of differential equations. A set of n second order differential
equations is reduced to 2n first order differential equations using the
following substitution:

X = X i 1o = 1,2, ..., n

i i+n
X, = %X, i 1= 1, 2, ..., n (3.4)
The resulting first order differential equations are then solved via a
series of numerical integrations to yleld time dependent response

characteristics of the system. Although many algorithms have been

developed to perform numerical integrations, the Runge-Kutta fourth
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order algorithm [29] was employed to solve the nonlinear differential
equations of motion characterizing the dynamics of the hydropneumatic
suspension system. The time-domain analysis technique can effectively
simulate either linear or nonlinear dynamical systems. The technique 1s,
however, extremely demanding on computing time as compared to the
frequency domain analysis technique.

3.3 DETERMINISTIC EXCITATIONS

In this thesis, deterministic base excitations are used to evaluate
the shock and vibration isolation characteristics of the hydropneumatic
suspension models. The shock isolation performance of the hydropneumatic
suspension is evaluated for rounded step, rounded pulse and rounded bump
displacement excitations, while the vibration isolation characteristics
are evaluated for harmonic excitations.

The response to harmonlic excitation allows the determination of
vibration attenuation ablilities in the frequency range of interest.
Since the human body is most sensitive to whole body vibrations in the 1
- 8 Hz frequency range [30], the vibration attenuation performance is
evaluated for harmonic excitaiions within the 0.1 - 10 Hz frequency
range.

3.3.1 Rounded Step Excitation

The rounded step displacement excitation is a transient excitation
encountered due to a sudden change in roadway elevation, such as a small
curb, or crossing from an old to new section of paved road surface. This
type of excitation allows the determination of shock 1isolation
abilities, as well as rise time and settling time of the suspension
system response.

The rounded step displacement excitation may be described as a fast
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rising continuous function which achieves a steady state value after a
finite period of time. The speed with which the function achieves this
steady state value is controlled by the value of the shock severity
parameter, v. A large value of v corresponds to a fast rise time, and a
low value of v corresponds to a slow rise time, as illustrated in Figure
3.1. As the value of v approaches infinity, the rounded step function
approaches a true square-edged step function. The displacement and
corresponding velocity exclitation due to the rounded step can be

expressed as [31]:

v t

-e % (14 vwot) s t 20

]
N
[

z (t)
[+

2 -y t
YA cw)” e tee ° i t=z20 (3.5)

max

z (t)
[ ]

where e = 2.71828 and Z;m‘ is the step amplitude, w is the natural
frequency of the system, and v is the shock severity parameter defined

as:

where T, is the time required for the displacement to reach it's maximum
value.

3.3.2 Rounded Pulse Excitation

A rounded pulse shock excitation may be used to describe the
transilent excitations encountered when traversing a sharp discrete

obstacle In the terrain. The displacement due to rounded pulse shock
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excitation rises quite rapidly, and then reduces at a somewhat slower
rate. The rise and fall rates, and the pulse duration, are dependent
upon the value of the shock severity parameter, v. A large value of
severity parameter corresponds to a short rise time and a short pulse
duration, whereas a small value of severity parameter corresponds to a
slow rise time and a long duration, as illustrated in Figure 3.2. As
the value of the shock severity parameter approaches Infinity, the
rounded pulse function approaches a true vertical pulse profile. The
displacement and corresponding velocity excitation due to a rounded

pulse can be expressed as [31]:
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where all parameters are defined as before, except for the severlty
parameter, v. In the case of a rounded pulse excitation, 11 is duration
of the pulse, and is equal to the duration of an equivalent rectangular
pulse of same area with maximum displacement 17.6% greater than me.

3.3.3 Semi-Circular Displacement Bump Excitation

The semi-circular bump 1is a transient displacement excitatlion
typically used for the ride performance evaluation of tracked (usually
military) vehicles. The excitation 1s simply defined as a 'bump’ of
constant radius, r,, as shown in Figure 3.3. Assuming constant forward

vehicle speed, V, the displacement excitation of the first road wheel
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due to a semi-circular bump can be expressed as:
172

2 2
[ rg = (xo-Vt) ] pox_ -y < x(t) < X + T,
z (t) =
[¢]
o ; otherwise ...(3.7)

where x(t) is the horizontal bosition of the wheel-bump contact point
with respect to the bump center, and X, is the initial distance from the
bump. This displacement excitation will be used to evaluate the ride
performance characteristics of the tracked vehicle model equipped with

hydropneumatic and conventicnal suspension systems.

3.4 LINEARIZATION OF THE HYDROPNEUMATIC SUSPENSION SYSTEM

Since linear systems can be solved using the convenlent frequency
domain analysis technique, it is desirable to express the nonlinear
hydropneumatic suspension model by a linear equivalent dynamic model.
Development of an equivalent linear suspension model offers further

advantages in view of the following:

o Solution of algebraic equations characterizing the
equivalent linear system in the frequency domain Iis
extremely economical.

o Response to stochastic excltations can be convenlently
obtained.

o Ride quality analyses can be carried out in the required
frequency domain.

o Optimization studies, where a large number of repetitive

computations are performed, can be efficliently performed
using linear equivalent suspension models.

The hydropneumatic suspension system 1s inherently nonlinear due to

the gas spring, orifice dampling, elastic motion 1limiting stops and
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Coulomb friction. The usual engineering approach used to analyze such a
nonlinear system 1s to consider viscous damping and linear spring
equivalents to formulate the convenient 1linear equations of motion.
Since linear systems are so much easier and economical to analyze than
nonlinear systems, preliminary design and performance evaluations are
conveniently achieved via the 1linear analytical tools. Such a
methodology may be considered adequate for systems operating in the
linear range, (small disturbance), where the assoclated effects of
nonlinearities are of second order.

In general, hydropneumatic suspension systems do not operate in
their linear range, thus cannot be accurately analyzed through such
linear formulations. Alternatively, nonlinear analytical tools can be
employed to simulate the nonlinear behaviour of the suspension system. A
usual approach employed for the analysis of nonlinear systems is to
replace the nonlinear dissipative and restoring elements with equivalent
linear elements, such that the response characteristics of the
equivalent linear system do not significantly deviate from those of the
nonlinear system. A number of such linearization techniques have been
developed to analyze nonlinear mechanical systems [35, 36]. Equivalent
statistical 1linearization techniques have been extensively used to
analyze nonlinear vehicle and.suspension models [37, 38]. It has been
established that although the linearization theory often yields correct
qualitative results, it cannot characterize the often critical effects
of Coulomb friction and elastic travel 1limiting stops. Such 1linear
models are formulated assuming a nearly linear response of the nonlinear
system, and are thus correctly applicable in a small restricted

frequency band.
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Alternatively, local equivalent linearization techniques have been
proposed to express the nonlinear damping phenomenon by an array of
average local damping constants. These 1local damping constants are
appropriately adjusted for local excitation frequency and ampllitude,
such that the response characteristics can be accurately predicted over
the entire freyuency range [39].

In this dissertation, the nonlinear hydropneumatic suspension model
is expressed by an equivalent linear model using the local equivalent
linearization technique based wupon energy balance. The damping
mechanisms, such as orifice and Coulomb damping, are expressed by an
array of local viscous damping coefficients as a function of response
characteristics, excitation frequency, amplitude and type of
nonlinearity. The nonlinear force~displacement characteristics of the
air spring are expressed by 1local equivalent spring constants as a
function of response characteristics, excitation frequency and
amplitude. The equivalent damping constants are evaluated by equating
energy dissipated per cycle by the nonlinear damper to that of a viscous
damper; the equivalent spring constants are evaluated by equating the
energy stored/released in one-quarter cycle by the gas spring to that
stored by a linear spring. Methodology to evaluate the local equivalent
constants is described in the following sub-sections.

3.4.1 Computation of Local Equivalent Damping Coefficients

The hydropneumatic suspension exhibits nonlinear damping phenomenon
due to orifice flows and Coulomb damping. Assuming constant orifice and
incompressible flows, the damping force Fd developed due to orifice
flows is related to the square of the relative velocity across the

suspension:
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02 .
= . . 3.8
Fd C,* 2 sgn(z) ( )
where z is the relative velocity across the shock absorber, and Cv is

the velocity-squared damping coefficient, given by:

2

A
P P
C = A - . [ ] (3.9)
[

Assuming harmonic response, the energy dissipated by the damper over one
cycle, Ed , is given by the integral:
E =§F + dz (3.10)
d d
Substituting for Fd in the above integral, and establishing limits of

integration based on one-quarter of a cycle, equation (3.10) yields:

E = 4 JJC 22 dz (3.11)
d v

o]

For harmonic relative displacement and velocity response, and local
excitation frequency © equation (3.11) is solved to yield the energy
dissipated by the qrifice dampér in one cycle:

2 3

8
E=—-—+¢«C cw 2 (3.12)
d 3 v 1

where 2 is the magnitude of relative displacement across the suspension
and wl is the local excitation frequency in rad/s. The equivalent local
damping coefficlent corresponding to excitation frequency w, can then be
obtained by equating (3.12) to the energy dissipated per cycle by a

viscous damper, E =nC (0 ) w z° [32]:
eq eo 1 1

8
C (W) = — ¢ C o 2 (3.13)
eo 1 v 1
3n

where Ceo(wl) is the local equivalent damping coefficient due to an




- 76 -~

orifice damper corresponding to excitation frequency w .

The local equivalent viscous damping coefficlient due to Coulomb
damping is determined in a manner similar to that of the
velocity-squared damper. The force generated by ideal Coulomb damping is
given by:

F = F.e sgn(z) (3.14)
Assuming harmonic excitatlion, the energy dissipated in one cycle by the
Coulomb damping is given by [32]:
E =4+F 2 (3.15)
] £
where Ec is the energy dissipated per cycle by Coulomb damping subject
to harmonic excitation. The local equivalent damping coefficlient Cec(wl)

due to a Coulomb damper is then obtained by equatling (3.15) to the

energy dissipated by a viscous damper:

4 - Ff
C (b)) = ——— —— (3.16)
ec 1

w2
The total local equivalent damping constant due to nonlinear
dissipative mechanisms within the hydropneumatic suspension can then be

computed from equations (3.13) and (3.16):
C (w) = C€C (w) + C (w) (3.17)
eq ] eo 1 ec 1

where Ceq is the 1local equivalent damping coefficient of the
hydropneumatic suspension corresponding to excitation frequency w_,

given by:

C (w) = — +C sw 2 t —— (3.18)
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3.4.2 Computation of Local Equivalent Spring Constant

The nonlinear restoring force developed by the gas chamber within
the hydropneumatic suspension 1s expressed as a nonlinear function of

relative displacement, z:

c
F = - P A -M-g (3.19)
gas { V - Ap . z ]7 a P

3¢

where 7 1s the polytroplic exponent, (¥ = 1, for an isothermal process; 7
= 1.4, for an adliabatic process). The nonlinear gas spring force can be
expressed by the local equivalent spring constants as functions of
excitation frequency, amplitude, and response characteristics, using the
similar energy balance approach. The local equivalent spring constant
can be obtalned by equating the energy stored/released per cycle by the
nonlinear spring to that of a linear swmring. The energy stored/released
per cycle by a pure spring 1s, however, zero. The local equivalent
spring constant is thus obtalned by equating the energy stored/released
by the gas spring Iin one-quarter of the cycle to that of a linear
spring. The energy stored/released by the gas spring in one-quarter

cycle can be evaluated from:

C
Eqas=Jl[[[V -A.z]y—Pu]-Ap-M-g]dz (3.20)
3¢ p

0
where E is the energy stored/released by the gas spring in

gas

one-quarter of the cycle. Assuming harmonic response and excitation at a

frequency w5, equation (3.21) can be re-arranged to yield:

Jn/zwl[ [ C ]
E = - P e A - M. g] .
gas _ . R v at P

[V3¢ Ap Z sin(wlt)]

(o}

w 2 - cos(wt) - dt
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or
/20, cos(wlt)
Egas= Ap *+ C » w 4 7- dt

o [V3¢ - Ap- Z - sin(wlt)]

1:/?.«.)l
- v 2 - ( Pu- Ap +M.g) J cos(wlt) . dt (3.21)

]

Evaluating the above integral yields the following expression for the
energy stored/released in the hydropneumatic spring during one-quarter

of a harmonic oscillation cycle:

Cc 1 1
Egals= ’ ‘3’1- -1
-1) V,-A 2 B B
(7 [ ” o ] V3¢
- 2 (P A + M+ g) for ¥ > 1 (3.22)
at p

Although equation (3.22) reveals that the energy stored/released in
one-quarter cycle is Independent of excitation frequency, the energy is,
however, dependent upon the response amplitude Z corresponding to the
excitation frequency. The energy stored in one-quarter cycle by the gas
spring is equated to that of a linear spring, E =K 22/2 to yield

keq eq

an expression for the local eqﬁivalent linear spring rate Keq(wl):

2 C 1 1
Ke(wl) = 3 * 71 -1
q 2°(7y-1) [vw-;\p-zl V’
g
~2 (P + A+ Mog) ...(3.23)

Z




3.4.3 Algorithm for Determination of Local Equivalent Linear
Coefficients

Equations (3.18) and (3.é3) describe the local equivalent damping
and stiffness coefficients, respectively, due to orifice flows, Coulomb
friction, and gas spring corresponding to a local excitation frequency
and relative displacement response amplitude. The computation of local
constants thus requires prior knowledge of the response amplitude at
each discrete excitation frequency. An iterative algorithm is thus
employed to determine the relative displacement response and the local
censtants corresponding to each discrete excitation frequency [33]. The
iterative algorithm is formulated in the following manner:

1. For a specified excitation frequency W and amplitude, Zo(wl).
the algorithm is 1initiated by assuming values of 1local equivalent
constants, C:q(wl) and K:q(wl).' The equations of motion of the assumed
locally linear system are solved to determine the amplitude of the
relative displacement Z(wl). The local equivalent damping, C:q(wl), and
stiffness, K:q(wl), coefficlents are then computed using equaticns
(3.18) and (3.23).

2. The errors between the assumed and computed values of 1local
damping coefficients are computed as follows:

e = ll(eq(wl) - Keq(wl)l

. o
e = |Ceq(wl) - Ceq(wl)l
where £, and €, are the errors associated with the local equivalent
stiffness and damping coefficients, respectively. The assumed values are

considered to be the true values of the local coefficients when the

error valuer are observed to be within specified tolerances.



Alternatively, the 1local constants are updated and the iterative
procedure is repeated until convergence is obtained.

3. The iterative algorithm 1is repeated for various discrete
excitation frequencies In order to express the nonlinear mechanisms by
local equivalent constants over the frequency range of interest.

A flow diagram of the iterative algorithm is illustrated in Figure

3.4.

3.5 DEVELOPMENT OF A SUSPENSION MODEL WITH LINEAR SPRING AND
VELOCITY-SQUARED DAMPING

Conventional vehicle suspension systems invariably comprise of
nonlinear damping mechanism, Coulomb friction and approximately linear
stiffness springs. Hydropneumgtic suspension offers nonlinear orifice
damping characteristics similar to those of the conventional suspension
while neglecting the influence of special valving characteristics. The
force-deflection characteristics of a hydropneumatic suspension,
however, differ considerably from those of conventional suspension
springs. A suspension model with linear spring rate is thus formulated
to study the relative performance characteristics of conventional and
hydropneumatic suspension.

The equation of motion of the single DOF suspension model with
linear spring, orifice damper and Coulomb friction, 1illustrated 1in
Figure 3.5, can be derived from equation (2.37). The gas spring force is
replaced by the force generated by a linear spring, Fk ,» given by:

Fk = Klln- ( zp -z, ) (3.24)

where K“n is the linear spring rate. In order to conduct the relative

performance analysis of conventional and hydropneumatic suspension
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Figure 3.4 Flow diagram displaying iterative approach to local

linear equivalent technique.



- 82 =~

Figure 3.5 Schematic of single degree-of-freedom dynamic system with
linear spring, orifice damping and Coulomb friction.
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systems, the value of K“n is determined from the statlic stiffness of
the gas spring, described in equation (2.14):

7 * P e Az
K = ..___..-_—-__—-° P (3.25)
lin v

(]

The equation of motion for the base excited system can thus be expressed

as:
. - 2
L. p*A A (z -2)
z = - sgn(z-2)+ —EF. P P
P p 0 2+ M ne+C A
d [
K“ . Fc Fs
+ T . (z -z) - - (3.26)
M P ° M M

Equation (3.26) represents the equation of motion of a single DOF system
with a linear spring, a velocity-squared damper, Coulomb damping and
elastic motion limiting bump stops. The ncnlinear differential equation
of motion may be solved either in the time domain using numerical
integration techniques, or in the frequency domain using local

equivalent linearization algorithm.

3.6 SUMMARY

Analytical techniques used for simulation of dynamical systems are
briefly discussed Iin view o'f their benefits and limitations. The
deterministic displacement excitations, such as rounded step, rounded
pulse and semi-circular bump displacements, employed to simulate shock
isolation performance of the hydropneumatic suspension are also
discussed.

The nonlinear equation of motion of the hydropneumatic suspension

is expressed by an array of locally equivalent equations of motion,




using the equivalent linearization technique based on energy balance. A
suspension model, employing 1linear stiffness and nonlinear orifice
damping, 1ldentical to that of the hydropneumatic suspension, 1s

developed, such that relative performance analyses can be performed.



CHAPTER 4

DEVELOPMENT OF A TRACKED VEHICLE MODEL WITH HYDROPNEUMATIC SUSPENSION

4.1 GENERAL

Off-road vehicles, whether wheeled or tracked, experlence severe
ride vibrations due to extreme}y rough terrains. The high amplitude ride
vibrations of these vehicles are of whole body nature and dominate in
the lo.. frequency range to which the human driver is most fatigue and
health sensitive. The driver and/or crews of such vehicles are subject
to high levels of transmitted acceleration leading to driver discomfort,
fatigue, poor working efficiency and limited operating speeds. In view
of the increased concern for driver’s health, safety and comfort, much
interest has been focused in recent years on the development of
innovative suspension designs which improve vehicle ride comfort and
handling performance. The suspension requirements of off-road vehicles,
such as earth movers, construction vehicles, battle tanks, personnel
caryiers, etc, are quite stringent and differ from those of conventional
on-road vehicles due to high vehicle inertia, slow operating speeds and
exposure to extremely rough terrains.

Tracked vehicles are often equipped with independent leading or
trailing arm torsion bar suspension. A road wheel is mounted on each
road arm which is splined to a transverse hull mounted torsion bar
spring. Figure 4.1 illustrates the schematic of a typical trailing arm
suspension employed on tracked military vehicles. A hydraulic damper is
mounted between the road arm and the vehicle hull. Elastic limit stops
are mounted on the vehicle hull to prevent excessive trailing arm

motion.



Hydraulic Shock
Absorber

Bump
Stop
Torsion Bar —\ /— Hull Chassis
(B

J

/— Road Wheel

Trailing Arm

Figure 4.1 Schematic of typical trailing arm suspension
configuration employed on tracked vehicles.



Although the conventional torsion bar suspensions offer the
advantages of simplicity and low cost, the inherent limitations of these
suspensions are well known. The primary limitations of a conventional
torsion bar suspension include excessive weight and requirements for
considerable mounting space. The trailing arm-torsion bar suspension
tends to increase the ratio of unsprung to sprung mass, resulting in the
deterioratlion of the ride and handling performance of the vehicle. The
ride and handling performance of tracked vehicles are further
deteriorated due to the lack of load-leveling capabilities of the fixed
spring rate torsion bar suspension.

Hydropneumatic suspension' designs have been developed by various
manufacturers to improve the ride and handling performance of tracked
vehicles [22, 23]. Hydropneumatic suspension offers the advantages of
light welght and compact design, with a nonlinear rising rate spring
characteristic. In addition, load-leveling can be conveniently achieved
with this type of suspension. A multi-wheeled vehicle, equipped with
hydropneumatic suspension, is analytically modeled to further
investigate the shock and vibration isolation performance, and thus ride
quality improvement potentials, of the hydropneumatic suspension system.
A schematic of a tracked military vehicle, comprising of five road
wheels per track, is 1illustrated in Figure 4.2. The hydraulic shock
absorbers are mounted in an inclined attitude linking the trailing arm
suspension with the hull chassis. The typical force-velocity
characteristic of the shock absorbers employed in these vehicles is
presented in Figure 4.3 ([34]. The force-velocity characteristic of the
nonlinear shock absorbers reveal two plece-wise 1linear regions

representing damping coefficients corresponding to bleed control (low



Figure 4.2 Schematic of a tracked military vehicle comprising five
road vwheels per track and trailing arm suspension
configuration.
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velocity), and blow-off control (high velocity). The transition from
bleed control (high damping) to blow-off control (low damping) occurs at

a “"break velocity".

4.2 DEVELOPMENT OF THE 1RACKED VEHICLE MODEL

Development of a ride dynamic model involves the ldentification of
suspension elements such as springs and shock absorbers connecting the
wheels to the vehicle superstructure; unsprung and sprung masses and
inertias, and elastic properties of tires, bump stops, etc. In case of a
tracked vehicle, the track effects such as track pull and track pad
elasticity are taken into account to study the ride dynamic behaviour of
the tracked vehicle. The track loads along with the various suspension
forces are then incorporated to develop a ride dynamlic model to evaluate
the ride vibration levels at the hull center of gravity. Dynamic
analysis of this tracked vehicle has been previously performed by Afonso
[34]. Modeling techniques, assumptions and parameter values, similar to
those employed by Afonso, are included in the current analysis.

A pitch-plane ride dynamic model of the flilve road wheel tracked
vehicle is developed to investigate the bounce, pitch and longitudinal
ride quality of the vehicle. The roll and lateral dynamics of the
vehicle are assumed to be negligible in relation to the bounce, pitch
and longitudinal dynamics of the vehicle. The analytical ride dynamic
models of the tracked vehlicle, equipped with conventional torsion bar
and hydropneumatic suspension, are formulated to carry out relative
performance analyses.

A seven degrees-of-freedom ride dynamic model of the multi-wheeled

tracked vehicle is developed, incorporating the kinematics and dynamics
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of the 1linkage suspension consisting of trailing arm, torsion bar,
hydraulic shock absorber and elastic 1limit stops. The generalized
co-ordinates of the Iin-plane seven degrees-of-freedom model 1include
vertical and pitch motion of the hull center of gravity (c.g.), and
vertical motion of each road wheel, as shown in Figure 4.4.

The bounce motions of the road wheels are selected as generallized
co-ordinates in view of coﬁvenience and ease of comparison with
published results. The rotation and longitudinal motion of the trailing
arms and road wheels are described by constraint equations relating hull
bounce, hull pitch, road wheel bounce and suspension/vehicle geometry.
The equations of motion for the in-plane ride dynamic model are derived
using Lagrange’s energy method. The highlights of the model and the

associated assumptions are as follows [34]

o Kinematics and dynamics associated with the
trailing arm and shock absorber linkages are taken
into consideration, assuming small motions.

o The damping force due to the conventional shock
absorber 1s assumed to be proportional to the
relative velocity across the shock abvsorber. The
equivalent viscous damping coefficient is
determined from the experimentally derived
force-velocity characteristics of the shock
absorber. (Figure 4.3)

o The damping force due to hydropneumatic suspension
is derived wusing equation (2.39), assuming
constant orifice and symmetric characteristics.

o The spring force due to hydropneumatic suspension
is derived using equation (2.39), assuming a
polytropic process ( ¥y = 1.4 ).

o Elastic properties of the road wheel tire and the
track pads are represented by linear springs ia
series, using a point contact model.

o The track is assumed to be a continuous belt,
which remains in contact with the road wheels and
terrailn at all times.
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sd

Figure 4.4 Plane model representation of a multi-wheeled tracked
military vehicle employing trailing arm suspension
configuration.



o The magnitude of motion along the generalized
coordinates 1is assumed to be small.

o The elastic bump stops are represented by
equivalent torsional springs in parallel with the
torsion bar springs.

o The dynamic track tensions are modeled as
restoring forces generated by relative springs
between the forward feeler and the first road
wheel, between adjacent road wheels and between

the 1last road wheel and the tralling feeler.
(Figure 4.5).

The differential equations describing the hull c.g. bounce (yh).
hull c.g. pitch (¢h). and éhe individual wheel bounce (yul). are
expressed as follows, while a detailed derivation 1is presented 1in
Appendix A. Tracked vehicle geometry, suspension and road wheel tire and
track parameters are presented in Tables 4.1, 4.2 and 4.3, respectively
[34]. It should be noted that these equations represent a generic
tracked vehicle model which conveniently displays all possible
suspension forces. When the ride dynamics of the conventional torsion
bar spring and hydraulic damper suspension are evaluated, the
hydropneumatic suspension force, Fm’ is set to zero. When the ride
dynamics of the hydropneumatic suspension are evaluated, the hydraulic
damper coefficients, ch‘, and the torsion bar spring rates, Ku' are
set to zero.

Hull Bounce Motion:

5 5
2 v
[Mh - tan®(6_- ¢) :me o ] y, - tan(e_ - ¢) .1Z1m"" d,
. [ tan(eo- ¢) « cos « + sin al] . &h + tan®(e - )
5 . 1 5
Z.mwl. yul * thl. (91 - ¢h) * “s ’

1=1 R cos(eo- ¢) i




[yh+Lsp.¢h_yw1],+pID. [yh'l‘m' ¢h-yv5] *

r - sin(A + 90) [ 5
L

R . cos(Oo - &)
...(4.1)

Hull Pitch Motion:

5 2
[Jh+,z m -di- [sina!«ftan(eo-c)'cosai] ]-¢h

+ tan(eo— ¢) m e ds . [sin a + tan(eo- ) ¢ cos @ ]

d * cos «
1 1

er | (87 #)

—1] + K
R - cos(eo- g)

(

+us.Lsp. Lyh+Lsp.¢h-yw1]—uID.LID. [yh-LlD.¢h

5
r° dx. cos a
-y ]—Z{d-sin(ﬁ-?\)'r .
M - st ! R+ cos(6 - &)

sin(9°+ A) + di. sin(al- A) } . [Ceql. (V“ - VBI) + FH‘ ] =0
...(4.2)

Road Wheel Bounce:

2 . 2 .
m. [ 1 - tan (eo g) ] Yo tan (90- C) - LI A

+ tan(eo- g) o m,

i

. dl- [ sin @ + tan(eo- ) + cos « ] . ¢h

1
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where:

+uw : [2 yul - yul-l _ywl+1] -

r e« sin(A + 6 )
8 [+

R cos(ao- <)

. [Ceq:' (v“- vm) + F":] = 0 ...(4.3)
Ceql = viscous damping coefficient of shock absorber '1’
dl = distance between hull c.g. and traliling arm pivot
1 =V HZ 4+ (L -L)?
cg cg 1
d81 = distance between hull c.g. and shock absorber ’1’
hull mount location B, =v (H - H)2 + (L - L )2
1 cg 8 cg si
FH = combined spring and damper force generated by
hydropneumatic suspension unit '1’
Jh = hull mass moment of inertia about hull center of
gravity (in pitch-plane)
pﬂT= effective linear stiffness of elastic track pads and
road wheels
Ku = linear torsional stiffness of torsion bar ’i’
Lsp = horizontal distance between hull c.g. and sprocket
LID = horizontal distance between hull c.g. and idler gear
Mh = sprung mass of vehicle hull
m.o= mass of road wheel '}’
R = length of trailing arm
r = distance between the trailing arm pivot point and
the shock absorber mounting point, Aa
a veloclity of shock absorber end point A:' on tralling
arm, along shock absorber axis
va = velocity of shock absorber end point Bl, on hull,

along shock absorber axis
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vertical displacement excitation applied at road
wheel '1’

angle between the hull chassis and a straight line
from the hull c.g. to trailing arm pivot "1’

angle between the hull chassis and a straight line

from the hull c.g. to shock absorber mount B‘
initial angle of inclination of shock absorber to
the hull chassis

angular deflection of trailing arm 'Y’

initial angle of inclination between the straight
line from' the trailing arm pivot to the shock

absorber mount A‘. and the hull chassis

angle between the trailing arm centerline and the
straight line from the trailing arm pivot to the

shock muunt A1

equivalent stiffness of the leading portion of track
equivalent stiffness of the trailing portion of
track

equivalent stiffness of track portlion between road

wheels

Assuming small displacements along the generalized co-ordinates, the

pitch rotation and longitudinal motion of the trailing arms and road

wheels may be glven by the following constraint equations:

and:

wi

-d

y + d -¢h-cosa1-—y

h 1 wi

(4.4)
R ¢ cos( 6, - ¢)

. ¢h » sin @« - [yh + d‘ ’ ¢h *cos @ - yﬂ] . t.an(eo- ¢)

...(4.5)
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Figure 4.5 Dynamic forces generated between adjacent road wheels due
to elastic track characteristics.
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TABLE 4.1

TRACKED VEHICLE PARAMETERS

PARAMETER VALUE

Mass and Inertia:

Hull Mass, Mh, (kg) 8,869
Road Wheel Mass, mwi. (kg) 227
L (kg) 227
L (kg) 227
m s (kg) 227
m,e (kg) 227
Pitch Moment of Inertia About
Hull c.g., Jh, (kg*mz) 18,437
Horizontal Distance From Origin to:
Hull c.g., ch. (m) 1.939
Torsion Bar 1, Lz’ (m) 0.362
2 (m) 1.028
L3, (m) 1.695
Lq, (m) 2.362
L (m) 3.029

Shock Absorber 1, le, {(m) 0.891
L _, (m) 1.557
82
L . {(m) 2.224
s3
L ., (m) 2.891
s4
L , (m) 3.558
s5
Horizontal Distance from Hull c.g.
to:
Sprocket, Lsp, (m) 1.939
Idler Gear, LID, (m) 2.037
Vertical Distance from Origin to:
Hull c.g., ch, (m) 0.606

Shock Absorber Ends, Hs, (m) 0.10
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TABLE 4.1 (CONTINUED)
TRACKED VEHICLE PARAMETERS

PARAMETER VALUE

Length of Tralling Arm, R, (m) 0.3175

Distance from Trailing Arm Pivot
and Shock Absorber Mount 'A'.rs, (m) 0.264

Trailing Arm Inclination to
Horizontal, eo, (rad) 1.125

Shock Absorber Inclination to
Horizontal, A, (rad) 0.698

Angle Between Trailing Arm Axis
and Line thru Trailing Arm Pivot
and Shock Absorber Mount 'A’', (rad) 0.724




——

- 100 -
TABLE 4.2

TRACKED VEHICLE SUSPENSION PARAMETERS

PARAMETER VALUE
Conventional Suspension:
Spring Rate of Torsion Bar, Kt: (N+m/rad)
Within Normal Range of Travel, 19,768
When Contacting Bump Stops, 300,000
Permissible Rotation Before Contacting
Bump Stops, eb. (rad) 0.401
Damping Coefficient, Ceq: (N+s/m)
Bleed Control, Compression, 45,000
Expansion, 45,000
Blow-0ff Control, Compression, 10,200
Expansion, 8,300
Break Velocity, vp, (m/s) 0.4064
Hyropneumatic Suspension:
Damping Parameters:
Area of Main Piston, A , (n?) 0.012
Piston Area Ratio, a, 1.0
Density of Hydraulic Fluid, p, (kg/ma) 797.68
Number of Orifices in Damper Plate, n, 4
Orifice Discharge Coefficient, Cd, 0.8
Area of Damper Plate Orifices, Ao, (n?) 3.17E-05
Coulomb Friction Force, Ff. (N) 444.8
Viscous Band Relative Velocity, avp, (m/s) 0.001
Gas Spring Parameters:
Initial Precharge Pressure, Pi¢. (Pa) 850, 000
Initial Precharge Volune, V,,, (m>) 1. 401E-03
Polytropic Exponent, 7, 1.4
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TABLE 4.3
ROAD WHEEL TIRE AND TRACK PARAMETERS

PARAMETER VALUE
Road Wheel Tire Stiffness, Kw, (N/m) 1,225,800
Track Pad Stiffness, Kp, (N/m) 3.0E+06

Equivalent Stiffness of the Track:
Leading Portion of Track, B (N/m) 210,150
Portion Between Road Wheels, Mo (N/m) 131,344

Trailing Portion of Track, T (N/m) 103, 245
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where 9‘ is the angular rotation of trailing arm 'i’, and X, is the
longitudinal displacement of road wheel 'i’.

The analysis of the hydraulic shock absorber and hydropneumatic
suspension forces requires computation of the displacements and

velocities of the hull and trailing arm suspension mount locatlons, D

B1

DAl, VBl and VM respectively. The equations of motion of the shock
absorber mounting ends, A and B, along the axis of the shock absorber

are derived from the kinematic model presented in Figure 4.6:

r_ s.’m(eo + A)
D,y = [_ﬁ_ ] [ cos(6_ - ) ] ( Yy ~ ¥, " dcos « ¢ ]

+ ¢ dlsin(A - al) ty sin A (4.6)

and:

DBl =¢ . dslsin(A - Ba) oyt sin a (4.7)

The velocities VAi and va are derived through time differentiation of
equations (4.6) and (4.7).

The elastic properties of the track pads and road wheels are
treated as linear springs connected in series. Combining the elastic
properties of the track pads and road wheels yields an effective linear

stiffness, erff , iven by:

erft g —_— (4.8)

where Kp and K" are the constant spring rates of the track pads and road

wheels, respectively.

The elastic motion limiting, or 'bump’ stops, are incorporated in
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the analysis by considering them as equivalent torsional springs. The
torsion bars are, therefore, assumed to have two linear ranges of
stiffness; a ‘'soft’ range attributed to the torque-deflection
characteristics of the torsion bars when motion of the trailing arm is
in the normal range of trave;. and an extremely stiff range when the
tratling arm encounters the bump stop. Referring to Figure 4.7, the
equivalent torsional stiffness due to the elastic bump stops 1s given
by:

K = r° + K (4.9)
where ry is the distance from the tralling arm pivot to the bump stop,
and Kb is the linear stiffness of the bump stop material.

Equations (4.1), (4.2), and (4.3) form a set of coupled second
order, nonlinear differential equations describing the dynamics of the
tracked vehicle model in the pitch-plane. The coupled differential
equations of motion can be solved using direct numerical integration
techniques to determine the ride performance characteristics of

conventional and hydropneumatic suspension systems.

4.3 SUMMARY

In this chapter, a vehicle application study is proposed to
investigate the potential ride performance benefits of hydropneumatic
suspension. A tracked military vehicle, employing a traillng arm
suspension configuration, incorporating torsion bars and hydraulic
dampers, 1s chosen for the analysis. A pilitch-plane nonlinear ride
dynamic model of the tracked vehicle is developed, ylelding a seven DOF
system. The seven generalized co-ordinates include vertical and pitch

motions of the hull center of gravity (c.g.), and bounce displacement of
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each road wheel. Highlights of the tracked vehicle model include
kinematics of the trailing arm linkage suspension, dynamics due to the
track and track pads, and nonlinear restoring and dampling forces
generated by hydropneumatic suspension.

In the tracked vehicle model, it is assumed that the track is a
continuous belt, and remains in contact with the terrain and road wheels
at all times. The torsion bar spring rate iIs assumed to be linear and
constant over the entire dynamic range. The force-veloclity
characterlistics of the shock absorbers are assumed to be plece-wise
linzar and bump stop forces are modeled through equivalent torsional
stiffnesses acting about the trailing arm pivot. The hydropneumatic

suspension follows the same assumptions made in Chapter 2.



CHAPTER 5

SHOCK AND VIBRATION ISOLATION PERFORMANCE OF A HYDROPNEUMATIC SUSPENSION

5.1 GENERAL

The shock and vibration isolation performance potentlials of
hydropneumatic suspension are investigated via computer simulation. The
nonlinear differential equations of motion, developed in Chapter 2, are
solved via direct numerical integration for transient excltations to
evaluate the shock 1isolation performance. The vibration 1isolation
performance of the hydropneumatic suspension system is evaluated in
terms of 1its vibration transmissibility, the ratio of steady state
response amplitude to the excitation amplitude experienced at the base.
A frequency sweep method, with direct numerical integration algorithnm,
is employed to determine the vibration transmissibility over the

frequency range of interest.

5.2 SHOCK ISOLATION PERFORMANCE OF HYDROPNEUMATIC SUSPENSION

The shock isolation performance of the hydropneumatic suspension is
evaluated for shock excitations arising from step and pulse displacement
excitations. The shock 1isolation performance is evaluated in terms of

the following parameters:

Shock Displacement Ratio (SDR) = zét)
[+

Shock Velocity Ratio (SVR) = :(t%
[+] o

Shock Acceleration Ratio (SAR) z(t)




- 107 -

where Zo is the peak displacement of the shock excitation.

Figures 5.1 and 5.2 compare the shock displacement ratio (SDR) and
the shock acceleration ratio (SAR) response of the hydropneumatic
suspension, respectively, to those of a conventional suspension system
employing orifice damper and linear spring when subject to a rounded
step displacement. The shock severity parameter was selected as v = 15.
The hydropneumatic suspension provides lower peak displacement response
and faster settling time than does the conventional suspension system,
as shown 1In Flgure 5.1. The SAR response of the hydropneumatic
suspension, however, 1is quite similar to that of the conventional
system, as shown in Figure 5.2.

The SDR and SAR response characteristics of the hydropneumatic and
conventional suspensions, subject to a displacement pulse excitation,
are presented in Figures 5.3 and 5.4, respectively. The shock severity
parameter was selected as v = 15. The response characteristics reveal
that the SDR and SAR response of the hydropneumatic suspension are
virtually identical to the SDR and SAR responses of the conventional
suspension system employing linear spring and symmetric hydraulic
damping.

The influence of hydraulic fluld compliance on the shock isolation
characteristics of the hydropneumatic suspension is investigated for
rounded step and rounded ©pulse displacement excitations. The
investigation compares the shock isolation characteristics of two
hydropneumatic suspension system models: one assuming incompressible
hydraulic fluid, (B = w Pa), and the other considering a finite value of
hydraulic fluid bulk modulus, (B = 1.374E+09 Pa). Figures 5.5 through

5.8 present the SDR and SAR response characteristics of the
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hydropneumatic suspension employing compressible and incompressible
hydraulic fluids. Figures 5.5 and 5.6, respectively, show the SDR and
SAR response characteristics of the hydropneumatic suspension models
subject to a rounded step displacement excitation. Both the compressible
and incompressible fluid models provide almnst identical SDR and SAR
characteristics. A reduction in the effective bulk modulus of the fluild
yields slightly higher peak values of SDR and SAR; however, the settling
time of the response remains virtually unchanged with respect to the
response of the incompressible model.

Figures 5.7 and 5.8, respectively, present a comparison of the SDR
and SAR response characteristigs of the hydropneumatic suspension models
assuming compressible and incompressible hydraulic fluid, when subjected
to a rounded pulse displacement excitation. The response characteristics
were obtained for a shock severity parameter of v = 15. Although the SDR
response of the hydropneumatic suspension with compressible f{luid |is
quite similar to that with 1incompressible fluid, the fluid
compressibility tends to slightly Iincrease the displacement response of
the mass.

The SAR response characteristics of the hydropneumatic suspension
models with compressible and incompressible fluids, subject to the
rounded pulse displacement excitation, are presented in Figure 5.8. The
compressible fluid model displays lower peak SAR response than does the
hydropneumatic suspension modél with incompressible fluid assumption.
The I1ncreased compliance of the compressible fluid model displays

slightly better SAR response when subject to this type of excitation.
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5.3 VIBRATION TRANSMISSION PERFORMANCE OF THE HYDROPNEUMATIC SUSPENSION

The vibration transmissibility, or frequency response
ctaracteristic, of a suspension system provides significant insight to
the steady state performance'over a frequency range of interest. The
vibration transmissibility characteristics of the hydropneumatic
suspension are evaluated for harmonic excitations with a peak amplitude
of 0.05 m. The hydropneumatic suspension exhibits nonlinear and
asymmetric force-deflection characteristics due to the nitrogen gas
spring, as discussed earlier In Chapter 2. Consequently, the steady
state displacement response amplitude in compression differs from that
in expansion, as illustrated in Figure 5.9. The steady state response
amplitude in the compression mode is lower than that in the expansion
mode due to the rising rate spring characteristic. In order to
1llustrate the inherently nonlinear and asymmetric behaviour of
hydropneumatic suspension, the compression mode and expansion mode
response characteristics are presented in terms of compression and

expansion transmissibility ratios:

Steady State Peak Amplitude
During Compression

Compression Transmissibility

Excitation Amplitude

Steady State Peak Amplitude
During Expansion

Expansion Trcnsmissibility (5.1)

Excitation Amplitude

The compression mode and expansion mode vibration transmissibility
characteristics .i the hydropneumatic suspension are expressed in terms
of Displacement Transmissibility Ratio, (DTR), and Acceleration
Transmissibility Ratio, (ACTR). The single degree-of-freedom (SDOF)

hydropneumatic suspension model is subjected to harmonic base



- 114 -

displacement excitations to determine the DTR and ACTR characteristics.

The DTR and ACTR characteristics of the SDOF hydropneumatic
suspension system are compared to those of a SDOF system employling
orifice damper and a linear spring. The orifice damper is selected to
possess orifice and piston geometry identical to that of the
hydropneumatic suspension. The linear spring rate is selected as the
static spring rate of the nitrogen gas spring.

The compression and expansion mode DTR characteristics of the
hydropneumatic suspension are compared to the DTR characteristic of the
SDOF system with linear spring, as shown in Figure 5.10. Since both
systems employ quadratic damping due to fluld flow through orifices, the
damping characteristics of the two systems are expected to be quite
similar. However, the SDOF system employing hydropneumatic suspension
exhibits a different DTR characteristics in compression and expansion
modes. During the compression mode, the DIR response characteristics
exhibit a resonant peak at approximately 0.9 hz, whereas the expanslion
mode response characteristics display a resonant peak at about 1.0 hz.
The difference in resonant frequency of the two modes is due to the
asymmetric rising rate characteristic of the gas spring. Although the
undamped natural frequency in the compression mode increases due to
asymmetric gas spring, the corresponding Increase 1in fluld pressure,
stiffness, and thus damping, leads to a lower damped natural frequency
than in the expansion mode.

The compression and expansion mode DTR responses differ not only in
resonant frequency, but also in amplitude ratio. The peak DTR response
in the expansion mode is higher than that in the compression mode due to

reduced damping and nature of the gas spring. The gas spring is only
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capable of storing energy in the compression mode, which must then be
released in the expansion mode. However, during the expansion mode, only
the damper and the increase in isolator mass potential energy are
avallable to counteract this stored energy. Figure 5.10 further reveals
that the DIR response characteristic of the conventional suspension with
linear spring and orifice damper lies between the two responses of the
hydropneumatic suspension over a wide range of excitation frequencles.
The DIR response of the conventional system, however, approaches that of
the hydropneumatic system at higher frequencies.

The acceleration transmissibility response characteristics (ACTR)
of the hydropneumatic and conventional suspension systems are presented
in Figure 5.11. The magnitude of the compression and expansion mode ACTR
characteristics of the hydropneumatic suspension are different than the
DTR characteristics due to the nonlinearities assocliated with orifice
damping and gas spring. As shown in Figure 5.11, the ACTR resonant
response ln compression mode is higher than that in the expansion mode,
due to the progressively stiffening spring characteristic. However, the
compression and expansion mode transmissibility characteristics of the
hydropneumatic suspension system converge at excitation frequencies just
above the resonance. The ACTR characteristic of the conventional system,
employing an orifice damper and linear spring, 1lies below the
transmissibility responses of the hydropneumatic system around
resonance. Although the ACTR response of the conventional suspension
system is lower around the resonant frequency, the ACTR response of the
hydropneumatic suspension 1is Identical to that of the conventional
suspension in the isolation range.

The influence of fluid compressibility on the frequency response
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characteristic of hydropneumatic suspension 1s Investigated by
considering the effective bulk modulus of the hydraulic fluid. The DTR
and ACTR characteristics af the hydropneumatic suspension are
investigated for compressible fluid (B = 1.374E+09Pa) and incompressible
fluild (8 = o Pa), as shown in Figures 5.12 and 5.13. The DITR
characteristics, in the compression and expansion modes remain
unaffected by the fluld compressibility in the resonant frequency
region, as shown in Figure 5.12. However, at excitatlion frequencies well
above the resonant frequency, the fluid compressibility affects the DTR
response qulte significantly. In the compression mode, the high
frequency DTR response of the compressible fluld model Iincreases,
whereas the high frequency expansion mode DTR response decreases. This
divergence of the DIR responses may be attributed to the dynamics
associated with hydraulic fluid compliance and the floating piston mass.
The combination of hydraulic fluild stiffness, gas spring stiffness and
low floating pliston mass create a second, high frequency resonant peak
which occurs well above the limits of these graphs.

The corresponding ACTR response characteristics in compression and
expansion modes of the hydropneumatic suspension models, with
compressible fluid and Iincompressible fluid assumptions, are shown in
Figure 5.13. The compression and expansion mode ACTR response
characteristics of the compressible fluid model are almost identical to
those of the incompressible fluid model. Slight divergence of the
incompressible and compressible fluld models becomes evident at very
high frequencies, again due to the added dynamics of the floating piston

and compressible hydraulic fluid.
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5.3.1 Frequency Response Characteristics of the Linearized

Hydropneumatic Suspension Model

Analysis of linear dynamic systems is generally more convenient and
economical to perform than that of a nonlinear system. Consequently, it
is desirable to express the nonlinear suspension model by a 1linear
equivalent, specifically for studies 1involving stochastic response
evaluation and multi-variable optimization. The 1local equlivalent
linearization algorlithm, presented in section 3.4.3, 1is employed to
describe the nonlinearities arising from orifice flows, Coulomb friction
and the gas spring, in terms of local equivalent damping and stiffness
coefficients. The displacement (DTR), and acceleration (ACTR),
transmissibility characteristics of the linearized suspension model are
evaluated for harmonic base excitations, and compared to the compression
and expansion transmissibility characteristics of the nonlinear
suspension model established via direct integration of the nonlinear
differential equations. Figures 5.14 and 5.15 present a comparison of
the stiffness and damping forces, respectively, generated by the
nonlinear system to those generated by the linear equivalent system. The
force-deflection characteristics of the linearized spring are compared
to those of the nonlinear gas spring, as shown in Figure 5.14. The
force-deflection characteristics of the 1linearized spring correlate
q. 'e well with those of the nonlinear spring for low values of relative
displacement. The error between the linear and nonlinear force, however,
increases gradually when the magnitude of relative displacement
increases. The error between the forces can be attributed to the fact
that the linear equivalent spring is derived using only energy balance
and not force balance. The force-velocity characteristics of the linear

and nonlinear damper, presented in Figure 5.15, show good correlation
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for low values of relative velocity response. The error between the
linear and nonlinear forces, however, increases at higher veloclties in
a similar manner. This error, again, is attributed to the energy balance
technique employed in deriving equivalent viscous damping coefficlents.
The peak error in the spring force, however, on the order of 10%, and
peak error in the damping force is under 10%.

The DTR and ACTR response characteristics of the nonlinear
hydropneumatic suspension are compared to those of the equivalent
linearized suspension system, as shown in Flgures 5.16 and 5.17,
respectively. Figure 5.16 reveals that in the region of resonance, the
DTR response of the linearized suspension follows quite closely the
response characteristics of the nonlinear hydropneumatic suspension in
the expansion mode. At higher excitation frequencies, the DTR response
of the local equivalent linear system, however, is approximately the
average of the nonlinear compression and expansion mode response
characteristic. The ACTR response of the linearized system, shown Iin
Figure 5.17, reveals a good correlation with the ACTR response of the
nonlinear system only at higher excitation frequencies. The ACTR
response characteristics of the local equivalent linear system do not
correlate well with the response characteristics of the nonlinear
hydropneumatic suspension when excitation frequencies 1lie in the region
of resonance. Since the displacement response ratio of a linear system
is identical to lits acceleration response ratio, Figures 5.16 and 5.17
clearly reveal that the local equivalent 1linearization technique can
effectively predict the displacement response and ylelds a large error

in the acceleration response.
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5.4 PARAMETRIC SENSITIVITY ANALYSES

The shock and vibration 1isolation characteristics of the
hydropneumatic suspension are étrongly influenced by various suspension
parameters, such as: fluid bulk modulus, B; piston area ratio, a;
polytroplc gas exponent, %; 1initial gas volunme, Vql; initial gas
pressure, Pgﬁ damper plate design, etc. Parametric sensitivity analyses
are conducted to establish the influence of the suspension parameters on
the shock and vibration transmissibility characteristics. The results of
the study are summarized in the following sub-sections.
5.4.1 Bulk Modulus

Figure 5.18 presents the influence of the fluid compressibillity on
the displacement transmissibility ratio DTR, in compression and
expansion modes. The low frequency resonant peak occurs around 1 Hz and
remains unaffected by variations in the bulk modulus, indicating that
the gas spring dominates performance in the low frequency range. The DIR
response, however, becomes increasingly divergent at higher excitation
frequencles when the value of the bulk modulus 1is decreased. In the
compression mode, the high frequency DIR response increases considerably
with decrease 1n the effective bulk modulus. This significant increase
in DTR response is attributed to the shifting of the second resonant
peak to a lower frequency due to lower bulk modulus. On the other hand,
an Increase in hydraulic fluld compliance results in a decrease 1ln the
high frequency DTR response in the expansion mode.

It 1ls evident that the vibration transmissibility characteristics
of the hydropneumatic suspension are increasingly asymmetric with
reduction in effective bulk modulus, since the compliant hydraulic fluid

behaves as a fluld spring with asymmetric characteristics. The fluid
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spring affects the compression mode transmissibility considerably at
higher excitation frequencies; the influence on the expansion mode
transmissibility, however, 1s not as significant. Such an asymmetric
behaviour can also be attributed to the design of the hydropneumatic
suspension, where the hydraulic fluid only experiences compression
during the compression stroke. This 1s unlike a conventional damper
where the oil chambers above and below the main piston are subject to
compression as well as expansion during a compression stroke.

Figure 5.19 presents the influence of hydraulic fluid compliance on
the ACTR response in the compression and expansion modes for various
values of the fluid bulk modulus. The figure clearly illustrates that
the ACTR characteristics are significantly less sensitive to variations
in the fluld bulk modulus. The influence of the hydraulic fluid
compliance on the shock isolation performance of the hydropneumatic
suspension is a'so investigated for rounded step and rounded pulse
displacement excitations. The influence of hydraulic fluid compliance on
the shock response is presented in terms of the shock spectrum, a plot
of peak displacement (SDR), and acceleration (SAR), ratio versus the
ratio of bulk modulus, B, to the nominal bulk modulus, Bo (1.374E+09
Pa). Figure 5.20 presents the SDR and SAR response spectra for a 0.10 m
rounded step displacement excitation. The mragnitude of SDR remains
almost unchanged until the value of the bulk modulus is reduced below
104 of the nominal value, while the peak value of the SAR 1is
consliderably influenced by variations in the effective bulk modulus. The
results clearly indicate that the shock isolation performance of the
suspension 1s not affected by small variations in the value of the fluid

bulk modulus; however, a significant reduction in the fluid bulk modulus
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can cause a consliderable impact on the shock isoclation performance.

Figure 5.21 presents the SDR and SAR response spectra of the
hydropneumatic suspension subjected to a 0.10 m rounded pulse
displacement excitation. The peak SDR responsc decreases only slightly
with moderate reduction in effective bulk modulus, while the peak SAR
response decreases considerably under the same conditions. Significant
reductions In SDR occur as the value of B is reduced below 10% of the
nominal value of the bulk modulus. The shock response spectra again
reveals that the acc~leration response 1is far more sensitive to
variations in the bulk modulug. Although Figures 5.20 and 5.21 reveal
that SDR and SAR response characteristics are affected only by
significant decrease in the bulk modulus, it should be noted that only a
small amount of entrained air can lead to considerable reduction in the
effective bulk modulus.

5.4.2 Piston Area Ratio

Computer simulations are performed to investigate the influence of
the floating piston area on the shock and vibration isolation
performance of the hydropneumatic suspension model. The floating piston
area is varied via the piston area ratio, (a = Ap/Afp), while the total
gas volume of the spring is held constant.

Figure 5.22 presents the influence of varying piston area ratio, «,
on the vibration isolation performance of the hydropneumatic suspension,
while the total gas volume 1s held constant. The DTR characteristics
reveal that variations in area ratio have only a slight influence on the
response in the expansion mode at excitation frequencies above the
resonant frequency, while the influence on the compression mode response

is negligible. The ACTR characteristics of the hydropneumatic
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suspension, presented in Figure 5.23, also reveal that variations in
the piston area ratio is insignificant.

The shock displacement and acceleration response spectra of the
hydropneumatic suspension are evaluated for a rounded step displacement
excltation subject to different values of a«. The results reveal that
variations in the piston area ratio have virtually no effect on the peak
values of SDR and SAR response.

5.4.3 Polytropic Gas Exponent

Variations in polytropic gas exponent 7, strongly influence the
force-displacement characteristics of the gas spring, and thus the shock
and vibration 1isolation characteristics of the suspension system. The
Instantaneous gas pressure also varles directly with variations in the
polytropic gas exponent and thus affects the spring and damping forces
generated by the suspension. Variations in the polytropic gas exponent
are typlcally encountered due to temperature changes. Figures 5.24 and
5.25, respectively, present the influence of variations in polytropic
gas exponent on the DTR and ACTR characteristics of the hydropneumatic
suspension. Computer simulations are carried out for the following

values of ¥ :

¥ = 1.0 (Isothermal)
¥ = 1.4 (Adiabatic)
¥y = 2.0

The resonant frequency and the peak DTR response both incre .;e with
increasing value of 7, as shown in Figure 5.24. An increase in the value
of ¥ ylelds a relatively stiffer spring and, thus, the resonant
frequency of the system increases. The DIR response during compression

decreases slightly in the isolation frequency range with increase in the
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value of 7. The corresponding DTR response during the expansion mode,
however, lncreases with an increase in the value of ¥y over the entire
frequency range. This behavior in the compression and expansion modes ls
due to the increased capacity of the gas spring to store energy as the
polytropic exponent is increased.

The peak ACTR response, 'during compression and expansion modes,
also Increases as the value of ¥ increases, as shown in Figure 5.25. The
ACTR response at higher excitation frequencies, however, remains
unaffected by variations in the value of 7.

5.4.4 1Initial Gas Volume

The initial gas volume determines the static and dynamic spring
rate of the gas spring, and thus directly influences the shock and
vibration isolation performance of the hydropneumatic suspension. The
nominal initial gas volume, preset at the factory prior to static

loading, 1is referred to as Vgl Parametric analysis is performed by

e
selecting initial gas volumes of 50% and 200% of the nominal initial gas
volume. Figures 5.26 and 5.é7 present the DTR and ACTR response
characteristics, respectively, in compression and expansion modes for
three values of initial gas volume. An increase in the initial gas
volunme, V§1¢’ ylelds a lower gas spring rate and thus a lower resonant
frequency, as shown in Figures 5.26 and 5.27. The peak DIR response in
the compression mode decreases when the value of V§’¢ is decreased. The
DIR response in the expansion mode, however, increases with lower gas
volume, as shown in Figure 5.26. At excitation frequencies beyond
resonance, the variatlons in gas volume affect the DTR response in a

conslderable manner, as shown In Figure 5.26. A reduction in the gas

volume causes high internal pressure and thus high damping. The
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expansion mode transmissibility at higher frequencies, specifically,
increases considerably when the gas volume s reduced.

The resonant frequency and the resonant ACTR response in the
compression as well as the expansion mode increase consliderably when the
gas volume 1s decreased, as shown In Flgure 5.27. At excitation
frequencies well beyond the resonant frequency, the variations in
initial gas volume have only negligible influence on the ACTR response.
The compression and expansion mode response characteristics reveal a
sharp increase in the magnitude at low excitation frequencies, when the

gas volume is lIncreased to 200'/.Vgl This sharp increase is caused by

¢
the lock-up due to friction force, which is relatively larger than the
restoring force generated by the soft gas spring.

The shock displacement and acceleration response spectra of the
hydropneumatic suspension are evaluated for a rounded step displacement
excltation subject to different values of ng. The results reveal that
variations in initlial gas charge volume have almost no effect on the
peak SDR and SAR responses. The changes in initial gas volume, however,
influence transient response characteristics such as rise time and

settling time.

5.4.5 1Initial Gas Charge Pressure

The 1initial gas charge pressure also strongly influences the
force~deflection and force-velocity characteristics of the
hydropneumatic suspension system. The shock and vibration isolation
performance of the hydropneumatic system is investigated for various
values of 1initial gas charge pressure, P

gi¢p '’
prior to static loading. Although the gas spring rate 1s directly

vreset at the factory

related to the charge pressure, an increase in the charge pressure
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yields a high static gas volume which, in turn, ylelds a softer spring.
Consequently, the natural frequency of the suspension decreases when the
precharge pressure, and resulting equilibrium volume, are increased.

The compression and expansion mode DTR response characteristics ave
presented in Figure 5.28 for three values of 1initial gas charge

pressure: nominal pressure, Pgl 50% of nominal pressure, and 200% of

¢;

nominal pressure. As the value of Pl is increased, the peak expansion
g

¢
mode DTR response and corresponding resonant frequency decrease, whereas
the peak compression mode DTR response increases very slightly. An
increase in the initial gas pressure may tend to increase the static
stiffness; however, this increase in static stiffness 1s compensated by
the corresponding increase in gas volume. At excitation frequencles
above the resonant frequency,. the compression and expansion mode DTR
response appear to converge gradually, regardless of the charge
pressure.

Figure 5.29 presents the ACTR response characteristics in the
compression and expansion modes for three values of 1initial gas
pressure, Pgl¢' The resonant frequency and peak ACTR response increase
as the charge pressure decreases. This may be attributed to the
resulting lower static gas volume and, thus, Iincreased gas spring
constant. The compression and expansion mode ACTR response, for 200%
qu¢' show an initial sharp rise at low frequency, due to lock~up
assoclated with relatively high value of of static Coulomb friction
force. The ACIR response characteristic in the compression and expansion
modes, at higher excitation frequenclies, quickly converge to a common

value, regardless of the charge pressure.

The shock displacement and acceleration response spectra of the
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hydropneumatic suspension are evaluated for a rounded step and rounded
pulse displacement exclitations subject to different values of qu. The
results reveal that variations in the initial gas charge pressure have
no significant effect on the SDR and SAR response characterlistics,
although the rise and settling times are influenced.

5.4.6 Highlights of the Parametric Sensitivity Analyses

The parametric sensitivity analyses of the nonlinear hydropneumatic
suspension system, presented in this study, consider two types of
parameters: system design parameters, such as piston area ratlo, initlal
gas pressure, and initial gas volume, and operating parameters,
including polytropic gas exponent and fluid bulk modulus. The variations
in polytropic gas constant and bulk modulus are often caused by the
operating conditions, and cannot be controlled during the design and
manufacturing stages. These parameters can vary considerably over the
life and application environment of the suspension system.

The analyses are performed to study the influence of variations in
design and operating parameters on the shock and vibration isolation
characteristics, such as SDR, SAR, DTR and ACTR. The analyses revealed
that the most significant system design parameters are qu and ng,
and the significant operating parameter is 7. The results of the single
parameter sensitivity study indicate that improved vibration isolation

performance can be achieved through low values of qu and ¥y , and a

¢

high value of Vgi The study, however, cannot conclude on the influence

¢’
of simultaneous varilations in two or more parameters. The parametric
analyses also revealed that the peak values of SDR and SAR response to

rounded pulse and step excitations are not significantly influenced by

variations in the selected parameters. The response characteristics,
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such as rise and settling times and oscillation frequency, however, are

influenced by changes in these parameters.

5.5 SUMMARY

In this chapter, the shock and vibration 1solation performance of
the hydropneumatlc suspension models, developed in Chapters 2 and 3, are
investigated. The hydropneumatic suspension models investigated include
nonlinear model with incompressible hydraulic fluid, nonlinear model
with compressible hydraulic fluld, and local linear equivalent model.
The shock isolation performance is investigated in the time domain for
rounded step and rounded pulse displacement excitations. Vibration
i1solation performance of the nonlinear suspension models are evaluated
using numerical Iintegration in conjunction with frequency sweep, and
local equivalent 1linearization techniques.

Parametric sensitivity analyses are performed to investlgate the
effects of piston area ratio, initial gas charge pressure, initlal gas
volume, polytropic exponent, and fluld bulk modulus. The parametric
sensitivity analyses reveal that variations 1in individual parameters
qu¢' ng. and ¥ have the most significant effects on the vibration
isolation performance of the t;ydropneumatic suspension system. SDR and
SAR response characteristics revealed that variatlons in «, qu ) qu
and ¥y do not have a significant Influence on the shock 1isolation
performance. The SDR and SAR response characteristics, however, are
strongly affected by reduction in the effective bulk modulus of the

fluid.



CHAPTER 6

TRACKED VEHICLE RIDE PERFORMANCE ANALYSIS

6.1 GENERAL

The unique characteristics of the hydropneumatic suspension system
demonstrate potential for improving the ride comfort and handling
control of ground vehicles. These characteristics include a low natural
frequency, nonlinear progressively stiffening spring rate, light weight
and compact design, and the ability to provide ride height control. The
low natural frequency of the hydropneumatic suspension system presents
the greatest potential for improved ride quality. This is particularly
important since the human body is most fatigue sensitive to vibrations
occurring in the low frequency range, between 2 - 8 Hz.

The nonlinear rising rate, or stiffening, spring characteristic of
the hydropneumatic suspension provides potential benefits for both ride
comfort and handling control. The progressively increasing restoring
force, due to rising rate spring characteristic, prevents excessive
suspension travel and, thus, impacts with the wvehicle chassis.
Consequently, the hydropneumatic suspension 1s able to generate
progressive control forces and amortize shocks as it negotiates severe
terrain irregularities. Further, the rising rate spring characteristics
of the hydropneumatic suspension offer the potential to achieve nearly
constant natural frequency under various loading conditions, by varying
the gas spring parameters during the design stage.

The ride comfort potentlals of the hydropneumatic suspension are

investigated via computer simulation of the tracked military wvehicle
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model presented in Chapter 4. The shock and vibration lsolation
performance of the tracked vehicle, equipped with both the conventional
and hydropneumatic suspension, are investigated. The conventlonal
suspension comprises a linear torsion bar spring at each traillng arm,
and an inclined hydraulic shock absorber located only at the first and
last trailing arms. In the hydropneumatic suspenslon configuration,
hydropneumatic suspension units are mounted, in an inclined manner
identical to the hydraulic shock absorbers, at the first and last
trailing arms, while the tralling arms 2, 3 and 4 are equipped with
linear torsion bar springs. The parameters of the hydropneumatic gas
spring are selected such that the static stiffness of the hydropneumatic
suspension is the same as the linear spring rate of the torsion bar
spring. The hydropneumatic suspension, however, provides nonlinear
orifice damping, while the conventional suspension provides dual-phase
damping characteristics due to bleed and blow-off control as shown in

Figure 4.3.

6.2 FREQUENCY RESPONSE CHARACTERISTICS OF THE TRACKED VEHICLE MODEL
The ride performance characteristics of the tracked vehicle model,
equipped with hydropneumatic and conventional suspension systems, are
investigated via frequency response analysis. The frequency response
characteristics are presented in terms of vertlical displacement,
vertical acceleration and pitch transmissibility respcnse at the hull
c.g., and vertical displacement transmissibility response of road wheels
1, 3 and 5, expressed as:
| v, |

|y, |

Vertical displacement transmissibility of hull c.g.=
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| ¥, |
h
Vertical acceleration transmissibility of hull c.g.= —
|y, |
| ¢, |
Pitch displacement transmissibility about hull c.g. =
|y, |
| ¢, |
Pitch acceleration transmissibility about hull c.g. =
|y, |
| y,,|
Vertical displacement transmissibility of road wheel 'i’ = |
v, |

The vibration transmissibility characteristics of the tracked
vehicle model are obtained via direct numerical integration in the time
domain employing a frequency sweep technique for ider ical harmeonic

excitations at each road wheel.

6.3 RIDE PERFORMANCE POTENTIALS OF HYDROPNEUMATIC SUSPENSION

Figures 6.1 through 6.7 present a comparison of the frequency
response characteristics of the tracked vehicle models equipped with
hydropneumatic and conventional suspension systems. The vertical
d!splacement response at the hull c.g. of the tracked vehicles equipped
with hydropneumatic and conventional suspensions are presented in Figure
6.1. The comparison of the frequency response characteristics reveals
that the hydropneumatic ;uspension yields consliderably lower
transmissibllity 1in the 1-2 Hz excitatlon frequency range. The peak
response in this frequency range corresponds to the bounce and pitch
resonances of the vehicle hull [34]. The frequency response of the

vehicle equipped with hydropneumatic suspension is also lower than that
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with the conventional suspension system at excitation frequencies above
7.5 Hz.

Figure 6.2 compares - the vertical acceleration response
characteristics of the tracked vehicles equipped with both
hydropneumatic and conventional suspensions. The hydropneumatic
suspension provides a considerably lower resonant response, and slightly
larger response in the frequency range of 2.5-10 Hz, when compared to
that of the conventional suspension.

Figures 6.3 and 6.4 1illustrate the pitch displacement and
acceleration response characteristics of the tracked vehicles, equipped
with hydropneumatic and conventional suspensions. The hydropneumatic
suspension suppresses the resonant peaks considerably; the peak pitch
displacement response of the hydropneumatic suspension is approximately
0.2 rad/m, while that of the conventional suspension is 1.9 rad/m. The
hydropneumatic suspension continues to yield lower pitch displacement
transmissibility at higher excitation frequencies. The pitch
acceleration response of the hydropneumatic suspension at higher
excitation frequencies, corresponding to road wheel resonance, however,
is larger than that of the conventional suspension, as shown in Figure
6.4.

The bounce displacement transmissibilities of the first, third and
fifth road wheels are presented 1in Figures 6.5, 6.6 and 6.7,
respectively. The displacement transmissibility of these three road
wheels, corresponding to the hull resonant frequencies, is considerably
small when the vehicle equipped with hydropneumatic suspension. The
bounce response of the first and last road wheels of the vehicle

equipped with hydropneumatic suspension is also significantly lower at
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higher frequencies, (road wheel resonance), when compared to that with
conventional suspension. The road wheel bounce resonant frequencles
occur between 9 and 14 Hz, and the hydropneumatic suspension at the
first and last road wheels virtually eliminates these resonant peaks, as
shown in Figures 6.5 and 6.7 respectively. In the absence of a damped
suspension, the bounce transmissibility of the third road wheel exhibits
high transmissibility response corresponding to hull and road wheel
resonant frequencies, when the vehicle is equipped with conventional
suspension. However, the resonant peak corresponding to the hull
resonance is almost attenuated when hydropneumatic suspension ls
employed. The hydropneumatic  suspension, however, yields high
transmissibility corresponding to road wheel resonances, similar to the
conventional suspension, as shown in Figure 6.6.

Figures 6.1 through 6.7 clearly illustrate that the hydropneumatic
suspension provides considerably superior vibration isolation,
specifically in the low excitation frequencies to which the human body
is most fatigue sensitive, as compared to the conventional suspension

configuration.

6.4 TRANSIENT RESPONSE OF THE TRACKED VEHICLE MODEL

Transient response characteristics of the tracked vehicle model
with hydropneumatic and conventional suspensions are investigated for
discrete obstacles described in Chapter 3. The transient response
behaviour is evaluated when the vehicle traverses a seml-circular bump
at a constant forward speed. The response characteristics of the
hydropneumatic and conventional suspension systems are presented in

terms of the following ratios:
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Hull c.g. bounce displacement response = rh poak
B
(;'h ) sak
Hull c.g. bounce acceleration response = T P
B
( ¢h ) peak
Pitch deflection response ratio = T
B
( ah ) peak
Pitch acceleration response ratio = -
B
yul ) peak
Bounce displacement response of road wheel '1i’ —
B

The transient response of the vehicle 1is evaluated for two
different vehicle speeds, (4.17 m/s and 6.94 m/s), and two bump raditl
(0.2032 m and 0.3048 m). The results, presented in Figures 6.8 through
6.49, are discussed in view of the above response ratios.

The transient vertical displacement response characteristics at the
hull c.g., due to a 0.2032 m semi-circular bump excitation at 4.17 m/s,
are presented 1iIn Figure 6.8. The hull experiences large vertical
displacements as the vehicle negotiates the bump, and the hull
oscillates at 1its resonant frequency regardless of suspension
configuration. The vertical displacement response gradually decays as
the vehicle traverses past the obstacle. Although the transient response
characteristics of the hydropneumatic suspension are quite similar to
those of the conventional suspension, the peak amplitudes of
oscillations of the hydropneumatic suspension are slightly lower than
that of the conventional suspension. Figure 6.9 1illustrates the
transient vertical displacement response at the hull c.g. when the

vehicle traverses a 0.3048 m bump at a constant forward speed of 4.17




- 145 -

p—
o . -
2
~
=
> 7 A HYDROPNEUMATIC
A
———~ CONVENTIONAL

S e
e
-
—
- s
No
o
@
0 e
o—t
=]
g )
G 1
b
[

2 -
3]
Q
5

-

2 1
2
—
p— [ T T T T L4 T A T L T 1 T T T T
3 ° 2 4 . ] 10 12 14 10

FREQUENCY (hn)

Comparison of hull c.g. bounce transmissibilities of the
tracked vehicle equipped with hydropneumatic and
conventional suspension configurations.

Figure 6.1

>

-

- .

o

’g‘ . .1 HYDROPNEUMATIC

o ~——— CONVENTIORAL

£ 7

c

]

E ‘-

s [+]

2>

)

3

E \‘: 4 -

S

8 L —— 3 A

(&

<
z -

o

Q

c

3 1

0

@

(aal ° T T

; ° 1

= FREQUENCY (h)

Figure 6.2 Comparison of hull c.g. bounce acceleration

transmissibilities of the tracked vehicle equipped with
hydropneumatic and conventional suspension

configurations.



- 146 -

1.9

1.0
17 - ——— CONVENTIONAL '
1.9 - !
1.8 I
14 4
1.3 1
1.2 4
.1 A

HYDROPNEUMATKC

o9
08 A
Q7 A

(rad/m}

o8
04
0.3
02
01

B S W W |

.
/ NS At
.M”m!’/

o T T T v T T T 1 L L 1 T T

L L] 10 12 14 AL

Hull Pitch Transmissibility, [ ¢h/yo}.
o

~

»

FREQUENCY ()

Figure 6.3 Comparison of hull c.g. pitch transmissibilities of the

tracked vehicle equipped with hydrepneumatic  and
conventional suspension configurations.

700

ility,

HYDROPNEUMATIC

€00 - —— CONVENTIONAL

ransmissi

h/Yo]v (rad/sz/m)

3

[

100

Hull Pitch Acceleration 1

FREQUENCY (hx)

Figure 6.4 Comparison of hull c.g. pitch acceleration
transmissibilities of the tracked vehicle equipped with

hydropneumatic and conventional suspension
configurations.



o
32
0
24
(M
S
> >
e ~
- -
~ 3
"t =29
el
-y e
0
n -
Tl -
E -
n -
I
1] —
| b ]
= o
£
[} =
Q
c
=]
o)
£
Figure 6.5
e
)
0
[+
f
o °
>
>
- \(v)
oy x
— >
et
_Q Nepitra?
-y
wn -
n -
— (o]
e -
0
= ot
® o
[ 0
= L
=
]
Q
c
3
o
o
Figure 6.6

- 147 -

2¢
HYDROPNEUMATIC

~——— CONVENTIONAL

02

FREQUENCY (ho)

Comparison of road wheel #1 bounce transmissibilities of
the tracked vehicle equipped with hydropneumatic and
conventional suspension configurations.

[ R ]
HYDROPNEUMATIC
8 A
—— CONVENTIONAL

as

4
.8

9
a8 S

2
18 -

1 -
o8 T T Y Y T T L A T T T L T Y

[) 2 4 [ [ 10 12 14 1.

FREQUENCY (ha)

Comparison of road wheel #3 bounce transmissibilities of
the tracked vehicle equipped with hydropneumatic and
conventional suspension configurations.



°
n
Q0
05
G
o
> [+
2 >
ot \ln
— x
=i
3 >
o=l N’
1)
[ -
-g -
g 0
I
« —
9

£

©
¢ =
g
3
g
jasl

Figure 6.7

Bounce Displacement at Hull C.G.,
yh. (m)

Figure 6.8

- 148 -

HYDROPNEUMATIC
AB -
——— CONVENTIONAL

08 o

] T T v T ¥ \ T \ T T — T T e

] 2 4 [] ] 10 12 14 19
FREQUENCY (hn)

Comparison of road wheel #5 bounce transmissibilities of

the tracked vehicle equipped with hydropneumatic and
conventional suspension configurations.

01

008

008
4 HYDROPNEUMATIC
007 —+

~——— CONVENTIONAL
omﬁ

OOST
004 -
003
o0 -

(.13} §

e, —~
A
001 4 .
4)02-1 r

om-ﬁ
004

v-cnnm,rn-omzm

008 T T Y T T T
(/] 1 4 3 4

TIME (vec)

Comparison of hull c.g. bounce responses of tracked
vehicle equipped with hydropneumatic and conventional
suspension configurations when traversing 0.2032 m bump
at 4.17 m/s



- 149 -

m/s. The two suspensions yleld identlcal response, initially, as shown
in the figure. The translient response of the vehicle equipped with
hydropneumatic suspension, however, decays quite rapidly when compared
to that of the vehicle equipped with the conventional suspension. Rapild
decay of the ©bounce response, of the vehicle equipped with
hydropneumatic suspension, is due to the superior bounce control of the
first and last road wheels. Figure 6.10 presents a comparison of peak
hull bounce displacement response ratios of hydropneumatic and
conventional suspension for 0.2032 m and 0.3048 m bump excitations. The
hydropneumatic suspension yields a slightly higher peak response than
the conventional suspension, when traversing the smaller 0.2032 m bump;
however, the peak response of hydropneumatic suspension is considerably
smaller when the vehicle traverses the large 0.3048 m bump.

The bounce acceleration ;esponse at the hull c.g. of the tracked
vehicles traversing the 0.2032 m and 0.3048 m bumps, are presented in
Figures 6.11 and 6.12, respectively. Both the conventional and
hydropneumatic suspension systems yield similar hull c.g. acceleration
response when traversing a 0.2032 m bump, as shown in Figure 6.11. The
acceleration response of the vehicle equipped with hydropneumatic
suspension, however, 1is conslderably lower than that of the vehicle
equipped with conventional suspension when traversing the 0.3048 m bump,
as shown in Figure 6.12. The hydropneumatic suspension initlally yields
acceleration response similar to that of conventional suspension;
however, the acceleration response settles at a faster rate. Figure 6.13
compares the peak acceleration response at the hull c.g. of the vehicles
equipped with conventional and hydropneumatic suspension traversing the

two different bumps at 4.17 m/s. The figure clearly illustrates that the
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hydropneumatic suspension ylields lower peak acceleration at the hull
c.g. for both sizes of bump excitation.

Figures 6.14 and 6.15, respectively, present the pitch deflection
response about the hull c.g. of the tracked vehicles, equipped with
conventional and hydropneumatic suspension, traversing the 0.2032 m and
0.3048 m bumps at 4.17 m/s. The two vehicles yleld simlilar pltch
response when traversing the 0.2032 m bump as shown in Figure 6.14. The
pltch response of the conventlonal suspension vehicle, however, tends to
settle faster than the hydropneumatic suspension wvehicle. The pitch
response of the vehicle equipped with hydropneumatic suspension,
however, 1is considerably lower than that of the vehicle equipped with
conventional suspension, as shown in Figure 6.15. The pitch response of
the vehicle with hydropneumatic suspension settles down at approximately
2.5 s, while the pltch response of the conventional suspension continues
to oscillate beyond 4 s. A comparison of the peak values of plitch
displacement response ratios of the two suspensions, presented in Figure
6.16, reveals that the hydropneumatic suspension continues to out
perform the conventional suspension for bigh amplitude bump excitations.
The superior ride performance of the hydropneumatic suspension is
attributed to the progressively stiffening gas spring characteristic.
The nature of the gas spring permits shock energy to be quickly stored
resulting in smaller suspension relative displacements and velocitles.

Figures 6.17 and 6.18 present the comparison at 4.17 m/s constant
forward vehicle speed of hull pitch acceleration response of the tracked
vehicles, equipped with hyldropneumatic and conventlonal suspensions, for
0.2032 m and 0.3048 m bump excitation, respectively. Both the tracked

vehicles exhibit similar pitch acceleration response when negotlating
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the 0.2032 m semi-circular bump, as shown in Flgure 6.17. The tracked
vehicle with hydropneumatic suspension, however, exhibits significantly
higher pitch acceleration peaks compared to those of the vehicle with
conventional suspension, as shown in Figure 6.18, when traversing the
0.3048 m bump at 4.17 m/s. The pitch acceleration response of the
vehicle with hydropneumatic suspension settles at a much higher rate
than that of the vehicle with conventional suspension. Further, Figure
6.19 compares the peak pitch acceleration response of the vehicles
traversing the two bumps. Although the peak pitch acceleration response
of the hydropneumatic suspension is almost identical to that of the
conventional suspension for the small bump, the conventional suspension
provides significantly lower peak pitch acceleration when traversing the
0.3048 m bump.

The vertical displacement response of the first and last road
wheels of the tracked vehicles, equipped with hydropneumatic and
conventlional suspensions, negotiating a 0.2032 m semi-circular bump at a
speed of 4.17 m/s, are presented in Figures 6.20 and 6.21, respectively.
The first road wheel exhibits peak displacement near 0.6 s, and peak
response of hydropneumatic suspension is considerably lower than that of
the conventional suspension, as shown in Figure 6.20. The displacement
response of the last road wheel is quite similar to that of the first
road wheel, except that the peak response occurs near 1.2 s. The
displacement response of the first and last road wheels increaces
considerably, regardless of suspension type, when the bump height 1is
Increased to 0.3048 m, as shown in Figures 6.22 and 6.23. The
displacement response of the first road wheel, of the vehicle equipped

with hydropneumatic suspension, 1is initially similar to that of the
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vehicle equipped with conventional suspension, as shown in Figure 6.22.
The road wheel displacement response of the hydropneumatic suspension,
however, decays very rapidly, (settles around 2 s), while the road wheel
displacement response of the conventional suspension exhibits high
amplitude oscillations beyond 4 s. The displacement response
characteristics of the last road wheel are quite similar to that of the
first road wheel, as shown in Figure 6.23. The peak displacement
response of first and last road wheels of the vehicle equlipped with a
hydropneumatic suspension is conslderably lower than that of the vehicle
equipped with conventional suspension, regardless of bump height, as
shown in Figures 6.24 and 6.25, respectively.

Figures 6.26 and 6.27 illustrate the displacement response of the
undamped road wheel '3’ of the vehicles traversing 0.2032 m and 0.3048 m
bumps at a speed of 4.17 m/s, respectively. The displacement response of
the road wheel '3" of the vehicle equipped with hydropneumatic
suspension exhibits higher peak response when compared to that of the
vehicle equipped with conventional suspension, as shown in Figure 6.28.
The hydropneumatic suspension, however, causes the road wheel response
to settle very rapidly when negotlating the 0.2032 m bump, as shown in
Figure 6.26. The road wheel respcnse of the vehicle with hydropneumatic
suspension, however, continues to oscillate similar to the conventional
suspension when traversing the 0.3048 m bump.

6.4.1 Influence of Vehicle Speed on the Transient Response

Figures 6.29 and 6.30 present the vertical response of the hull
c.g. of the vehicles, equipped with hydropneumatic and conventional
suspensions, for 0.2032 m and 0.3048 m bump excitations, when the

vehicle speed is increased to 6.94 m/s. When subject to the 0.2032 m
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bump, the hydropneumatic suspension ylields larger peak dlisplacement
response which decays quite rapidly due to its high damping, as shown In
Figure 6.29. The vertical displacement response of the hydropneumatic
suspension decays at even faster rate when subject to the 0.3048 m bump,
as shown in Figure 6.30. The peak values of the vertical displacement
response of the two suspensions, however, are quite similar, as shown in
Figure 6.31.

The hull bounce acceleration response characteristics of the
tracked vehicles, equipped with hydropneumatic and conventlonal
suspensions, traversing the 0.2032 m and 0.3048 m bump at 6.94 m/s, are
shown in Figures 6.32 and 6.33, respectively. As shown in Figure 6.32,
the vehicle equipped with hydropneumatic suspension experiences higher
peak values of hull bounce acceleration and slower response settling
time, than the tracked vehicle equipped with conventional suspension,
However, when traversing the 0.3048 m bump at 6.94 m/s, the tracked
vehicle equipped with hydropneumatic suspension experiences lower peak
values of bounce acceleratior; response, at the hull c.g., than the
tracked vehicle equipped with conventional suspension, as shown in
Figure 6.33. In addition, the bounce acceleration response at the hull
c.g. of the vehicle equipped with hydropneumatic suspension settles
significantly faster (around 2 s), than the response of the vehicle
equipped with conventional suspension. The coupled nature of the 7 DOF
tracked vehicle model is evident in the vibration responses of Figures
6.32 and 6.33; the shock responses show superimposed vibrations from the
low frequency hull bounce and pitch modes, as well as the higher
frequency road wheel bounce modes. Figure 6.34 compares the peak values

of bounce acceleration, at the hull c.g., experienced by the tracked
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vehlcles equipped with hydropneumatic and conventional suspensions, when
traversing the two sizes of bump obstacle at 6.94 m/s. As shown in this
figure, the vehicle with hydropneumatic suspension experliences greater
peak hull bounce acceleration when traversing the 0.2032 m excitation,
but yields signiflcantly lower peak bounce acceleration when traversing
the 0.3048 m exclitation.

Figures 6.35 and 6.36, respectively, present the pitch deflection
response about the hull c.g. of the tracked vehicles, equipped with
conventional and hydropneumatic suspensions, traversing the 0.2032 m and
0.3048 m bumps at 6.94 m/s. The two vehicles experience almost identical
pitch deflection response for the first half cycle after encountering
the bump. However, the pitch deflection response of the tracked vehicle,
equipped with hydropneumatic suspension, settles at a significantly
faster rate (between 1.5 s and 2 s), than the vehicle equipped with
conventional suspension. Figure 6.37 compares the peak pitch deflection
responses about the hull c.g. of the tracked vehicles when traversing
the two sizes of bump obstacle at 6.94 m/s; the tracked vehicle equipped
with hydropneumatic suspension, experiences considerably lower peak
pltch deflection response for both sizes of bump excitation.

The pltch acceleration response characteristics of the tracked
vehicles, equipped with hydropneumatic and conventional suspensions,
traversing the 0.2032 m and 0.3048 m bumps at 6.94 m/s, are shown in
Figures 6.38 and 6.39, respectively. As shown in Figure 6.38, the pitch
acceleration response of the tracked vehicles traversing the 0.2032 m
bump at 6.94 m/s are almost identical, except that the hydropneumatic
suspension experiences slightly higher peak acceleratlion response. The

coupled nature of the tracked vehicle models is evidenced again by the
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superimposed high and low frequency vibration responses, as shown 1Iin
Figure 6.38. The pitch acceleration response of the tracked vehicle
equipped with hydropneumatic suspension, traversing the 0.3048 m bump at
6.94 m/s, experiences lower peak acceleration response and settles at a
considerably faster rate than the vehicle equipped with conventional
suspension, as shown in Flgure 6.39. Figure 6.40 compares the peak pitch
acceleration response, abhout the hull c.g., of the tracked vehicle
traversing the two bumps at 6.94 m/s. As shown In this figure, the
tracked vehicle equipped with conventional suspension experiences lower
peak pitch acceleration response when traversing the 0.2032 m bump,
whereas the tracked vehicle equipped with hydropneumatic suspension
experiences significantly lower peak hull pitch acceleration when
traversing the 0.3048 m bump.

The vertical displacement response of the first and last road
wheels of the tracked vehicles equipped with hydropneumatic and
conventional suspensions, negotiating the 0.2032 m bump at 6.94 m/s, are
presented in Figures 6.41 and 6.42, respectively. The first road wheel
exhibits a significantly reduced peak response and faster settling time
for the vehicle equipped with hydropneumatic suspension, as shown in
Figure 6.41. The response of the last road wheel is similar to that of
the first road wheel; peak response and settling time are considerably
lower for the hydropneumatic suspension. The displacement response of
the first and last road wheels increases considerably, regardless of
suspension type, when the bumé size is Increased to 0.3048 m, as shown
in Figures 6.43 and 6.44. The initial peak displacement responses of the
first road wheel of the hydropneumatic and conventional suspensions are

almost identical, as shown in Figure 6.43; however, the response of the
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hydropneumatic suspenslion settles faster (around 1.5 s), as compared to
the conventional suspension. The last road wheel experlences similar
bounce response, as shown 1in Figure 6.44. The response of the
hydropneumatic suspension is slightly lower and settles at a faster rate
than the response of the conventional suspension; the response of the
hydropneumatic suspension settles around 1.7 s, whereas the response of
the conventional suspension only begins to settle around 3.5 s. The peak
displacement response of the first and last road wheel of the vehicle,
equipped with hydropneumatic suspension, is lower than that of the
vehicle equipped with conventional suspension, regardless of bump
height, as shown in Figures 6.45 and 6.46, respectively.

Figures 6.47 and 6.48 {illustrate the displ-cement response of
undamped road wheel ’3' of the vehicles traversing the 0.2032 m and
0.3048 m bumps at 6.94 m/s, respectively. The peak displacement response
of road wheel '3’ 1is virtually identical for both hydropneumatic and
conventional suspension, regardless of bump height, as shown in Figure
6.49. Although peak response is almost identical, the bounce response of
road wheel '3’ of the vehicle equipped with hydropneumatic suspension,
oscillates at a higher magnitude, as shown in Figure 6.47. In addition,
superimposed low frequency vibrations, due to the hull bounce and pitch
modes, are evident in both Figures 6.47 and 6.48. As shown in Figure
6.48, the entire bounce response of road wheel '3’ s very similar for

both hydropneumatic and conventional suspensions.

6.6 SUMMARY
In this chapter, the ride performance potentials of hydropneumatic

suspension are investigated using the pitch-plane model of a vehicle.
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The pitch-plane nonlinear model of a tracked vehicle, developed in
Chapter 4, employing tralling arm linkage suspension confliguration, 1is
selected for this study. The ride quality improvement potentials are
investigated for harmonic displacement excitation, whereas the shock
isolation potentials for seml-circular discrete obstacles. The shock
isolation performance of the suspension system 1s investigated for two
different seml-circular bump obstacles and vehicle approach speeds. The
investigations on ride performance potentials revealed that the
hydropneumatic suspension can significantly attenuate transmitted
vibrations over the frequency range of Iinterest. The magnitude of
transmitted vibrations around the low frequency hull bounce and hull
pltch resonances can be reduced considerably with the use of the
hydropneumatic suspension. The high frequency vibration responses,
corresponding to road wheel resonances, can also be reduced
significantly by the hydropneumatic suspension.

Investigations on the shock isolation potentials of hydropneumatic
suspension revealed that the hydropneumatic suspension generally
provides a more controlled response and faster settling times. The
hydropneumatic suspension generally provides lower peak shock response
than that provided by the conventional suspension system. The
hydropneumatic suspension yields improved shock isolation performance,
specifically when the vehicle is subjected to higher amplitude bump

excitation at higher approach speeds.
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CHAPTER 7

CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK

7.1 GENERAL

In this thesis, the shock and vibration isolation characteristics
of the hydropneumatic suspension system are analyzed via mathematical
modeling and computer simulation. Two analytical models of the
hydropneumatic suspension system are developed: a single
degree-of -freedom dynamic model assuming incompressible hydraulic fluld;
and a two DOF dynamic model assuming compressible hydraulic fluid. The
models are developed to incorporate the nonlinearities of orifice
damping, gas spring, Coulomb friction, and travel limiting elastic bump
stops.

Transient response characteristics of the hydropneumatic suspension
are evaluated for rounded step and rounded pulse displacement
excitations using a numerical integration algorithm. Vibration isolation
performance is evaluated in terms of transmissibility characteristics
using a numerical integration and frequency sweep technique. The shock
and vibration response characteristics of the hydropneumatic suspension
system are compared to those of a conventional suspension, employing
linear spring and orifice damping characteristics, to investigate the
relative performance benefits of the hydropneumatic suspension. A
linearization technique is employed to establish local linear equivalent
spring and damping characteristics over the frequency range of interest
for the hydropneumatic suspens;on system.

The ride performance potentials of the hydropneumatic suspension

system are investigated using a tracked vehicle model. A pitch-plane,
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nonlinear, seven DOF ride aynamic model of a tracked military vehicle,
employing tralling arm suspension linkage configuration, is developed
for the analysis. Translent response of the tracked vehicle is evaluated
for semi-circular displacement excitations. Vibration 1sclation, in
terms of transmissibility characteristics, 1is evaluated for harmonic

excitation using a numerical integration and frequency sweep technique.

7.2 HIGHLIGHTS OF PRESENT INVESTIGATION
The highlights of the present investigation are summarized in the
following sub-sections:

7.2.1 Hydropneumatic Suspension: Modeling and Analysis

Study of hydropneumatic suspension includes complex dynamics
assoclated with floating piston, gas spring, fluid flows and fluid
compressiblility. The hydropneumatic suspension system 1s modeled using
two methodologies. The first modeling approach assumes the hydraulic
fluid to be incompressible. The dynamics of the floating piston are
represented and incorporated by deriving a constraint equation relating
the motions of floating and primary pistons. The hydropneumatic
suspension is thus modeled as‘a single degree-of-freedom (SDOF) system
incorporating nonlinearities due to gas spring, seal friction, oriflce
flows and motion limiting stops.

The second model of the suspension system 1is developed by
considering the fluid compressibility. The dynamics of the floating
piston are then characterized by an additional DOF. The suspension model
is thus represented by two coupled and nonlinear second order
differential equations, and two first order differential equations

relating the fluid pressure, compressibility, and flow in chambers 1 and
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II. The fluid compressibility yields a second resonant frequency, which
is considerably higher than the first resonance in the low frequency
range. The second resonant frequency occurs well beyond the frequency
range of interest in this study, and 1s only evident in the compression
mode. Analysis of the hydropneumatic suspension model revealed that the
fluid compliance dominates the system compliance at higher exclitation
frequencies during the compression mode, and when fluid bulk modulus is
low. The gas spring, however, remains the predominant system compllance
during the expansion mode. The shock and vibration attenuation
performance of the suspension system are not significantly affected by
the hydraulic fluid compressibility. The two suspension models,
therefore, yield identical dynamic  behaviour and performance
characteristics. However, a reduction in the fluid bulk modulus, caused
by only a small amount of entrained air, affects the suspension
performance in a significant manner.

7.2.2 Linearization of Suspension Model

The hydropneumatic suspension exhibits nonlinearities due to gas
spring, orifice damping, seal friction and bump stops. Since the llnear
system models are simpler and more convenient to analyze than the
nonlinear models, the nonlinear suspension model is linearized using the
local linearization scheme based upon energy balance. The nonlinear
damping forces due to orifice damplng and seal friction are represented
by an array of local equivalent damping coefficients, where each
coefficient is valid only in the vicinity of the selected exclitation
frequency and magnitude. The nonlinear restoring forces due to gas
spring are characterized by an array of local equivalent stiffness

coefficients for isothermal, adlabatic and polytropic conditions. An
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iterative algorithm is employed to determine the local equivalent linear
coefficients and thus the frequency response of the linearized
hydropneumatic suspension model. A comparison of the linearized system
response to that of the nonlinear system revealed that the linearization
technique ylelds reasconable correlation with the nonlinear suspension
model except in the region of resonance. For small relative
displacements and relative velocities, the linearization technique
accurately predicts the spring and damping forces generated by the
hydropneumatic suspension.

7.2.3 Transient Response of the Hydropneumatic Suspension

Transient response of the hydropneumatic suspension is evaluated in
terms of shock displacement and shock acceleration characteristics for
rounded step and rounded pulse displacement excitations. In order to
establish relative shock %solation performance potentials, the
performance characteristics of the hydropneumatic suspension are
compared to those of a conventional suspension. The conventional
suspenslion is configured with a linear spring of stiffness equal to the
static stiffness of the gas spring, and velocity-squared, (orifice),
damping characteristic. The results showed that the hydropneumatic
suspension ylields improved shock isolation performance when compared to
the conventional suspension systen.

7.2.4 Vibration Isolation of the Hydropneumatic Suspension

Vibration isolation is investigated in terms of displacement and
acceleration transmissibilities of the sprung mass. The vibration
isolation characteristics of the hydropneumatic suspension are compared
to those of an equivalent ;onventional suspension, configured for

transient response analyses, In order to demonstrate its relative
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performance potentials.

The frequency response characteristics of the hydropneumatic
suspension exhibit different magnitudes of transmitted vibration during
compression and expansion modes, due to asymmetric force-deflection
characteristics of the gas spring. The conventional suspension, however,
yields identical frequency response in the compression and expansion
modes. The vibration isolation performance of the hydropneumatic
suspension are thus presented in terms of compression and expansion mode
vibration transmissibilities.

7.2.5 Parametric Sensitivity Analyses

A comprehensive parametric study is performed to establish the
influence of variations in design and operating parameters on the
performance characteristics of hydropneumatic suspension. The
sensitivity of suspension performance to variations in hydraullc fluild
bulk modulus, polytropic exponent, ratio of primary piston area to
floating piston area, gas charge pressure and initial gas volume, |is
specifically investigated. The following conclusions are drawn from the
parametric study:

{a) The hydropneumatic suspension performance is most
significantly affected by variations in polytropic exponent,
gas charge pressure and initial gas volume.

(b) A low value of polytropic exponent provides best vibratlion
isolation in terms of lowest transmitted acceleration and
displacement.

(c) An increase in initial gas volume and initial gas pressure
yields improved vibration isolation.

(d) Reduction in effective fluld bulk modulus ylields increasingly
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asymmetric vibration transmissibility response.

(e) Moreover, the vibration transmissibility response
characteristics exhibit a second high frequency resonance,
evident only in the compression mode. This second resonance is
due to the added dynamics of the floating piston mass and
fluld compressibility.

(f) Significant reduction in fluid bulk modulus results 1in

reduction of transmitted shock displacement and acceleration.

7.2.6 Vehicle Ride Potential Analysis

The ride performance potentials of hydropneumatic suspension are
investigated using a tracked vehicle ride dynamic model. The tracked
vehicle is represented by a seven DOF dynamical system in the pitch
plane, while assuming negligible dynamics in the roll plane. Two tracked
vehicle models are developed using two different suspension
configurations: (i) trailing arm torsion bar suspension at each road
wheel, and conventional shock absorber at first and last road wheels,
and (ii) trailing arm torsion bar suspension at road wheels 2, 3, 4,
and hydropneumatic suspension at first and 1last road wheels.

The relative ride performance potentials of hydropneumatic
suspension are established by comparing 1its shock and vibration
attenuation characteristics to those of the tracked vehicle with
conventional suspension. The vibration attenuation performance is
evaluated for harmonic excitations occurring simultaneously at all road
wheels, and shock attenuation performance characteristics are evaluated
for semi-circular obstacles and different vehicle speeds. A comparison

of shock and vibration attenuation characteristics of the two suspension
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systems revealed the following:

(a)

(b)

(c)

(d)

(e)

The vibration transmission performance of the hydropneumatic
suspension is conéiderably superior to that of the
conventional suspension. The hydropneumatic suspension thus
offers considerable potentials for ride improvement of these
vehlcles.

The hydropneumatic suspension, specifically, provides superior
vibration attenuation of 1low frequency excitations around
sprung mass resonances corresponding to hull pltch and bounce
modes. Since the low frequency vibrations are the primary
contributing factor to driver/crew discomfort and fatigue, the
hydropneumatic suspension offers excellent potential to
minimize the impact of low frequency whole body ride vibration
on the driver/crew.

The hydropneumatic suspension also yields improved attenuation
of high frequency vibration around the resonant frequency of
the road: wheels,

The hydropneumatic suspension effectively reduces the
magnitude of transmitted shock displacement and acceleration,
specifically due to large obstacles and high vehicle approach
speeds.

The improved ride performance potentlials of the hydropneumatic
suspension system are attributed to the progressively
stiffening spring characteristic and simple orifice damping

scheme.
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7.3 RECOMMENDATIONS FOR FUTURE INVESTIGATIONS

The present investigation yields dynamic models which provide a
basic insight to the shock and vibration isolation performance of the
hydropneumatic suspension system. The modeling and analyses techniques
employed in this study 1lend themselves well to the analysis of
hydropneumatic as well as other suspension systems employing a nonlinear
spring characteristic. The knowledge gained from this investigation is a
starting point and establishes the direction for future work.

It is recommended that future 1nvestigations include extensive
laboratory testing of the hydropneumatic suspension system in order to
validate the mathematical mondels presented herein. Vallidation of the
present models will increase confidence in both the modeling techniques
employed in this study, and the ability for the models to accurately
predict the performance of the nonlinear suspension system. Laboratory
testing will also highlight any shortcomings of the current models and
the need for refinements.

It is also recommended that the sophistication of the current
mathematical models be increased so as to 1include thermal effects,
compliance of cylinder walls and suspension internals, the affects of
tuned damper valving, and a control scheme for ride height control. The
consideration of thermal effects 1is very important since the gas
polytropic exponent, hydraulic fluld viscosity, friction, and material
expansion properties are all affected by changes in operating
temperature.

The current analyses have concentrated on the response to
deterministic excitations. Future work should explore the response of

the hydropneumatic suspension to stochastic excitation. This natural
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extension 1in the investigation would provide another aspect for
comparlison of the shock and vibration isolation potentials of the
hydropneumatic suspension. In addition, comparison of the hydropneumatic
suspension with various types of suspension systems, such as other gas
spring or seml-active suspension configurations, will increase
understanding of the relative ride quality benefits provided by the
hydropneumatic suspension system. It would also be beneficial to perform
additional vehicle application studies to evaluate the ride potentials
of hydropneumatic suspension for different classes of vehicles,
including both on and off—road'applications.

Finally, optimization techniques can be employed to °'tune’ the
hydropneumatic suspension characteristics to provide optimal shock or
vibration isolation performance for a specific terrain or vehicle
application. The parametric analyses provide the background for further
study in this area by highlighting the parameters which have a
significant effect on the performance of the hydropneumatic suspension

system.
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APPENDIX A

DEVELOPMENT OF TRACKED VEHICLE EQUATIONS OF MOTION

The equations of motion for the seven degrees-of-freedom, (DOF),
ride dynamic model of a tracked military vehicle are derived using
Lagrange’s Method. Lagrange's Method is chosen for its simplicity since
the tracked vehicle represents a multi-degree-of-freedom (MDOF)
dynamical system which can be efficiently analyzed with the use of
generalized co-ordinates. Gene}"alized co-ordinates, q, . are defined as
the "n" independent co-ordinates which are necessary to describe the
equations of motiecn of a dynamic "n" DOF system [32]. Seven generalized
co-ordinates are required to completely describe the dynamic motion of
the pitch-plane model of the tracked vehicle. The resulting generalized
co-ordinates chosen for the dynamic analysis are: vertical motion of the
hull c.g., Y, i pitch displacement of the hull c.g., ¢h, and vertical

displacement each road wheel, vy , i =1,2, ..., 5.

wi

The equations of motion are derived from the kinetic, potential and

dissipative energy functions of the dynamic system [32]:

4
dt

L
(@]

(A.1)

8T ] _ &6T _ 38D ., SVU
5 q 5 q, 8 q 3 q
where T is the kinetic energy, D is the dissipative energy, and U is the
potential energy.

Static Analysis

Static analysis of the tracked vehicle poses a statically
indeterminate problem. For the tracked vehicle, equipped with

conventional suspension, it is therefore assumed that each road wheel
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supports an equal amount of the vehicle weight. For the tracked vehicle
equipped with hydropneumatic suspension, it 1is necessary to determine
the initial gas spring characteristics which match those of the
conventlional torsion bar spring suspension. The hydropneumatic
suspension systems replace both the torsion bar and hydraulic damper
sets at the first and last road wheels. The hydropneumatic suspension
mounting points colincide directly with those of the conventicnal damper.
Due to the suspension linkage deslign, a force multiplication exists on
each tralling arm linkage suspension set. This suspension linkage ’gain’
may be easily determined by referring to Figure A.1.

Under static conditions, a couple is produced on the trailing arm
due to the static weight being supported. This static couple is given
by:

Static Couple =" W « R * cos( e - Z) (A.2)
where W 1is the static weight supported at the wheel station, R 1s the
length of the trailing arm, and (eo - ) 1is the angle between the
trailing arm axis and the horizontal. This couple must be balanced by a
reaction torque supplied by the hydropneumatic suspension. The reaction

torque produced by the hydropneumatic suspension is given by:
Reaction Torque = F_ « r cos(® - -9) (A.3)
Hs [ 2 [}

where I-‘ml is the static force developed by the hydropneumatic
suspension, and r is the perpendicular distance from the tralling arm
pivot to the hydropneumatic suspension mounting point. The suspension
geometry, however, results in an approximately perpendicular orientation

of the hydropneumatic suspension with respect to the trailing arm.

Assuming small angle, cos("/a - A - 90) g 1, and the reaction torque can
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STATIC
COUPLE

Figure A.1: Forces acting on trailing arm

linkage under static
conditions.
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be expressed as:
Reaction Torque & F, + r (A.4)
Hs 8
Equating the static couple and the reaction torque, it 1s possible
to determine the amount of static force required from the hydropneumatic

suspension in order to maintain equilibrium:

F = We -2 cos o (A.5)
Hs . r' o

The term: R

e cos 0
[+]
8

is the linkage gain due to the trailing arm suspension design.
Multiplication of the static welght by the linkage gain ylelds the
static force required from the hydropneumatic suspension.

The 1initial stiffness of the hydropneumatic suspension |is
determined by equating the torque developed by the torsion bar spring
and that of the hydropneumatic suspension. The torque, Tbar , developed
by the linear torsion bar lis:

T.= K -8 (A.6)
where Kt is the torsion bar stiffness, and 6 iIs the angle of rotation.
The torque , ‘l‘H , developed by the hydropneumatic suspension about the
trailing arm pivot is given by:

TH = Kus o X - r, (A.7)
where Kns is the static stiffness of the hydropneumatic suspension, X is
the amount of static linear displacement, and r. is defined as before.

Assuming small angular displacement, the displacement, X, may be

approximated by:

Substituting for X in equation (A.7) with the above expression yilelds

the following approximation for the torque developed by the
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hydropneumatic suspension:

1 - L] 2
TH = Kus e r_ (A.8)

Equating the two expressions for torque, the equivalent initjial

stiffness of the hydropneumatic suspension obtalned as:

K =

He - K (A.9)

t

-
n N

Equations (A.5) and (A.9) provide the necessary information for sizing
the hydropneumatic suspension to provide initial spring characteristics
similar to those of the conveantional torsion bar springs.

Dynamic Analysis

Referring to Figure A.2, the equation for the kinetic energy of the

system, T, is given by:

S
- - . . Y 2 1 L] . y 2 }. . y 1
T Moo Y2 b 3 Z " Ya T 2

...(A.10)

where Mh is the mass of the hull, Jh is the pitch-plane mass moment of

inertia of the hull about the hull c.g., m_ is the mass of the it

road
wheel, §h is the bounce velocity of the hull c.g. , &h is the hull pitch
velocity about the hull c.g., and iwi and 9"1 are the horizontal and
vertical components, respectively, of the velocity of the 1*" road
wheel.

The longitudinal velocity of road wheels, iwl. can be related to
the generalized coordinates using the constraint equations. Referring to
Figure A.3, and assuming small angles, the horizontal motion of the road
wheels can be expressed in terms of trailing arm rotation:

x, = X -R®8 sin(eo- <) (A.11)

where X, is the horizontal displacement of the it trailing arm plvot,
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even-degrees—-of -freedom

Figure A.2: Lumped-mass representation of the s

tracked vehicle.
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el is the angular rotation of the e tratling arm, eo is the 1initial

angle between the hull floor and a line passing from the trailing arm
pivot to the trailing arm shock mount (point A), and ¢ is the offset
angle between the tralling arm center line and the line passing from the
trailing arm pivot to the tralling arm shock mount. The horizontal
displacement of the trailing arm pivot, X, can be related to the pitch
displacement of the hull:

X, = - dl . ¢h + sin « (A.12)

h trailing arm pivot and the hull

where dx is the distance between the 1i'
c.g., and a is the angle formed between the horizontal and the line
between hull c.g. and trailing arm pivot.

The vertical displacement of the road wheels can also be related to
the trailing arm rotation and hull pitch using the following constraint
equation:

Yg =V * d! . ¢h * cos a - R - e - cos(eo - ) (A.13)

wi

Equation (A.13) thus yields an expression for the trailing arm

rotational coordinates in terms of the generalized coordinates:

y +d-e ¢ cosa -y
g = _mh_ 1 'h ! Lk (A.14)
R cos(eo- c)

Equations (A.11), (A.12) and (A.14) then yield an expression for X in

terms of the generalized coordinates:

x,=-d *+¢ *sinea - [yh +d + ¢ rcosa - yH’] * tan(e - ¢)

... (A.15)
Differentiating once with respect to time ylelds the expression for the

horizontal velocity of the road wheels:

x, =-d *+¢ *sina - [yh + d ¢ °cosa - yul] . tan(eo -¢)

... (A.16)
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The equation for the potential energy, U, 1is derived from the
energy storage elements, consisting of the torsion bars, bump stops, and
the track. The effect of the track i. two fold, acting both as a linear
spring between the individual road wheels and the ground, and as a
continuous belt applying a tension to the road wheel sets. The track
tension 1s modeled as relative. springs acting between the adjacent road
wheels as well as between the front sprocket and wheel 1, and between

wheel 5 and the rear ldler gear. The potential energy is thus expressed

as:
1 S 2 1 o 2
U =3 Z Kyt (8, -9 + 2 Z erf‘f * Ay, T Y
1=1 1=1
1 2 1 a 2
ooy, my )T o g 121 B Wi = V)
1 2
+ 5 “I (yID ys) R (A- 17)
where K“ is the linear stiffness of the 1”‘ torsion bar, er" is the

effective linear stiffness of the elastic track pad and elastic road
wheels, ym is the vertical 'displacement excitation at the 1“' road
wheel, Y, is the vertical displacement of the sprocket, Yip is the
vertical displacement of the idler gear, B M and K, are the relative
spring rates between the sprocket and road wheel 1, road wheel 5 and the
idler gear, and between adjacent road wheels, respectively.

Assuming small angles, the vertical displacements of the sprocket,

ys, and the idler gear, ym, are expressed as:

y, = v,

yID=:y

M l"sp * ¢h
n I..‘d . ¢h (A.18)
where L‘ and L‘d are the horizontal distances between the hull c.g. and

the sprocket and idler gear, respectively.
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The 1linear stiffness of the elastic track pads (Kp), and road
wheels (K"), are assumed to be serles-connected. The equivalent
stiffness is, thus, computed as:

= —.—-——.—.—p ol
ertf (A.19)

The elastic bump stops which limit the travel of the tralling arms,
as shown in Figure A.4, are incorporated in the analysis as equivalent
torsional stiffnesses acting at the trailing arm pivot. The torsion bars
are thus modeled with two linear ranges of stiffness as shown in Figure
A.5: one soft range due to torsion bar alone, and an extremely stiff

range when the traliling arm encounters the bump stop. The equivalent

torque about the trailing arm pivots due to the bump stops, Ktu; , 1s
given by:
— 2 Y
Kteq =T Kb (A.20)

where r, is the distance from the road arm pivot to the bump stop, and
Kb is the linear stiffness of the elastic bump stop.

The dissipative energy, D, of the tracked vehicle system |is
determined from the hydraulic shock absorbers, and is given by:
s
L

where Ceql is viscous damping coefficient due to shock absorber at road

_ 2
D = ai bi

N

C e (V. -V )
eqi

i=1

wheel 1, Val is the velocity of the 1th tralling arm shock mount along

the shock absorber axls and Vb: is the velocity of the 1th hull shock

mount along the shock absorber axls, computed as:

= x s cos A + Y .
at sri ysri sin A

Vb! = Xy, cos A+ Yeh:® sin A (A.21)

where A 1s the inclination of the shock absorber with respect to the
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Hull C.G.

oy ﬁt/:; Y,

«— Trailing Arm )/

N Pivot d
N Shock Absorber
Pivot
A Hull Chassis
A\

Figure A.4: Geometry of elastic bump stops acting on trailing arm

linkages.
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Figure A.5: Piece-wise linear torsion bar characteristic resulting from
the addition of elastic bump stops.
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hull floor; ;cs“ and f{s“ are the horizontal and vertical components,
respectively, of the th trailing arm shock mount velocity, and ;(Shl and
}"shi are the horizontal and vertical components, respectlvely, of the
th

1 hull shock mount velocities. These velocity components can be

expressed in terms of the generalized co-ordinates in the following

manner:
r' sin 90 . r'I
= - . vy = [desina, + ——
sri R cos(eo- ) h ! ! R
sin 60 . r“3 sin 9o .
—_ e d e cos ] ¢ + . Y
cos(ao- ) ! ! h R cos(g - &) Wt
. r cbs Go . r
o = 1 e [ -
sri R cos(eo- g) h R
cos 6 . r cos 6
- ] d, cosa g + —— - " Y
cos(8 - &) R cos(6_ - ¢) "
xshi = dsx ¢h sin Bi
Yo, = Yy * ds: ¢h cos Bx (A.22)

where dss is the distance between the hull c.g. and the 1" hull shock
mount ; Bl is the angle with respect to the horizontal made by the line
passing from the lth hull shock mount to the hull c.g..

The equatlions of motion of the seven DOF model, derived using

Lagrange’s equation, can be expressed as:

Hull Bounce:

5
2 .
[Mh - tan (Bo- C)xzxm"’ ] sy - tan(eo- g) .

h
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5
xzx m.* d: [tan(eo— ¢) cos « + sin a ]- ¢h +

5 5
2 . 1
tan“(6 - Q) m_ ey  + . K « (6-9¢)
° 121 w1 ! R * cos(6 - ) AZ b h

voH '[ Y * lep® O " Y ] MESTI [ T N ]

r
s

+ « sin(A + 8 )
R+ cos(e - Q) °

Coqy * May ~ V) = ©

ng~}un

1

Hull Pitch:
5 2 "
( Jh +lzxm"“ dl [ sin a + tan(eo- ) ¢ cos @ ] ] . ¢h

5
tan(eo— C)lzlm"" dl- [ sin o + tan(eo- g) * cos o ]

+

. . 5 dl * CcoSs ai
AR 1) x )
[ h wt 121 ‘R + cos(6 - &) ¢ booe

oK Lsp. [ Yo Ll % T Y ] By Lt ( Yp " Lo

5
. ¢h—y"5) -Z{ [dsx-sinBl -dl- slnccl -
{=

i

r + sin @
8 [+]

. dl ¢ CcOoSs ai ] * cOS A + [ [ 1 -
R cos(eo- g)

r e+ cos 6
8

2 ] “d +cosa -d - cosB ]- sin A } .
R cos(eo- g)

eqs’ Vay = V) = 0 ... (A.28)
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Wheel Bounce:

2 . 2 . .
m,, ( 1 - tan (6° C)] Yo * tan (9° ¢) m Yu

+ tan(ao- g) - m, dl [ sin a + tan(eo- L) * cos @ ]

. 1 . . _
’ ¢h - R + cos(e - C) Ktl (91 ¢h) M erff (yul le)
]
rs
+ o [Zy D A ] - .
w wi wli 1 wiel R - COS(BO— c)
sin(a + 90) . Ceqi' (Va‘ - va) = 0 ...(A.25)

Equations (A.23) to (A.25) represent the dynamic equations of
motion for the tracked vehicle equipped with conventional torsion
bar/hydraulic damper linkage suspension. When the tracked vehicle is
equipped with hydropneumatic suspension systems, the above equations
must be modified to include its effects. Assuming identical locations of
the hydropneumatic suspension, the vertical and horizontal velocities
across the suspension system can be derived from equations (A.21) and
(A.22). The relative displacement across the hydropneumatic suspension
can be expressed in a similar manner:

= X _* cos A + Yers® sin A

ai Sri

D = X ¢« cos A +

by * sin A (A.26)

shi ysm

where Da: and Dbl are the displacements along the shock absorber axis of

the tralling arm and hull mount suspension locatlons, respectively; Xsr

and Ygr, 2re the horizontal and vertical components, respectively, of

the trailing arm shock absorber mounts, and xshl and yShi are the

horizontal and vertical components, respectively, of the hull shock
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absorber mounts.

The hydropneumatic suspension forces, due to gas spring, oriflice
damping, Coulomb friction, and bump stops, described in Chapter 2, are
integrated in the equations of motion to yleld the ride dynamics of the
tracked vehicle with hydropneumatic suspension. Denotling the total
hydropneumatic suspension force as FH, the equations of motion are

expressed as:

Hull Bounce:

[Mh - tanz(eo- )

np~jun

1 1m"‘ ] A tan(eo- ¢) -

m . dx' ( tan(eo- ) * cos a + sin « ] . ¢h +

W[~

i=1

(Vai_ Vbl) + FH1 ] = 0 ...(A.27)

Hull Pitch:
5 2 .
[ Jh + ’Zlmu‘- dl [ sin a + tan(eo- ) ¢ cos « ] ] . ¢h

5
+ tan(eo- Q) Z m e da. [ sin « + tan(eo- ¢) ¢« cos @ ] .

1
171 ¥
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dl' cos al
1[ -1].Ku.(el-¢h)

(5,-9u )+ ]

R cos(eo- <)
e Ly [ S N ] T Mgt Ly [ Yo "l T % T Vs )

5
r d-«cosa . _
- }: { d + sin(B. - A) + s 1 1 sin(eo- ) + d! sin(ai A)}
- st ! R cos(eo- %)

1

. [ Ceql. (Va‘- vbl) + FH! ] = 0 ...(A.28)

Wheel Bounce:

wi i

m o e [ 1 - tan2(6°~ C)] . §w1 + tanz(eo- L) - m. §h

+ tan(eo— g) m dx' [ sin @ + tan(eo— ) *« cos al]

1

< ¢ - Kt (8- ¢ )+ K cly -y )
. - peff wi R1i
R cos(e° <)
roe sin(A + eo)
tpooe [Zy -y -y ] -
w wi wi=-1 wi+l R . COS(OO- C)
) [ Ceq1° (Voy = V) * FH;] = 0 ...(A.29)

The above equations form a set of general equations of motion valid
for the pitch-plane analysis of the tracked vehicle with conventional as
well as hydropneumatic suspension. Depending upon the desired analysis,
suspension elements at the individual wheel sets may be selected in any
combination: torsion bar and hydraulic damper; torsion bar alone;

hydropneumatic alone, etc.



