l*. National Library Biblioth nationale
of Canada du Canada
Canadian Theses Service
Ottawa, Canada
K1A ON4
NOTICE

The quality of this microform s heavily dependent upon the
uality of the original thesis submitted for microfilming.
very effort has been made to ensure the highest quality of

reproduction possible.

1 pages are missing, contact the university which granted
the degree.

Some ,)ages may have indistinct print especially it the
original pages were typed with a poor typewriter ribbon or
if the university sent us an inferior photocopy.

Reproduction in full or in part of this microform is governed
by the Canadian Copyright Act, R.S.C. 1970, ¢. C-30, and
subsequent amendments.

NL-339 (r.88/04) ¢

Service des théses canadiennes

AVIS

La qualité de cette microforme dépend grandement de la

qualité de la thése soumise au microfilmage. Nous avons

:pul fait pour assurer une qualilé supérieure de reproduc-
ion.

S'il manque des pages, veuillez communiquer avec
F'université qui a conféré le grade.

La qualité d'impression de certainas pages peut laisser a
désirer, surtout si les pages originales ont été dactylogra-
phiées & I'aide d'un ruban usé ou si l'université nous a fait
parvenir une photocopie de qualitéd inférieure.

La reproduction, méme partielle, de cette microforme est
soumise a la Loi canadienne sur le droit d'auteur, SRC
1970, c. C-30, et ses amendements subséquents.

—

e ——
R TN O S R RTE e




RIDE PERFORMANCE OF LATERAL SEAT SUSPENSIONS WITH DYNAMIC
VIBRATION ABSORBERS IN OFF-ROAD VEHICLES

Youcal Chen

A Thesis
In
The Department
of

Mechanical Engineering

Presented In Partial Fulfillment Of The Requirements
For The Master Of Engineering At
Concordia University
Montréal, Québec, Canada

December, 1990

©® Youcai Chen, 1990



i+l

National Library
of Canada

Bibliothéque nationale
du Canada

Canadian Theses Service Service des théses canadiennes

Ottawa, Canada
K1A ON¢

The author has granted an irrevocable non-
exclusive licence allowing the National Library
of Canada to reproduce, loan, distribute or sell
copiles of his/her thesis by any means and in
any form or format, making this thesis available
to interested persons.

The author retains ownership of the copyright
in hisfher thesis. Neither the thesis nor
substantial extracts from it may be printed or
otherwise reproduced without his/her per-
mission.

L'auteur a accordé une licence irévocable et
non exclusive permettant a la Bibkothéque
nationale du Canada de reproduire, préter,
distribuer ou vendre des copies de sa thése
de quelque maniére et sous quelque forme
qQue ce soit pour mettre des exemplaires de
cette thése a la disposition des personnes
intéressées.

L'auteur conserve la propriété du droit d'auteur
qui protége sa thése. Nila thése ni des extraits
substantiels de celle-ci ne doiverit 8tre
imprimés ou autrement reproduits sans son
autorisation.

ISBN ©-315-64693-4

Canadi




RIDE PERFORMANCE OF LATERAL SEAT SUSPEMSIONS WITH DYNAMIC
VIBRATION ABSORBERS IN OFF-ROAD VEHICLES

ABSTRACT

Youcai Chen

The lateral vibration of off-road vehicles has been found to be
quite severe and needs to be isolated. The lateral ride performance
through a passive seat suspension can not be adequately improved due to
the very low excitation frequency. In this investigation, three different
schemes of lateral seat suspensions with vibration absorbers are proposed
and their performances are evaluated. Influence of absorber parameters
and primary system damping ratio on the motion response of both driver
and absorber mass are investigated through parametric study as well as
parameter optimization. The trade-off between the acceleration and the
relative displacement response is investigated through sensitivity study.
Results show that a passive lateral seat suspension with a dynamic
vibration absorber can produce significant attenuation of lateral
vibration with small increase in relative displacement response of the
driver mass. Lateral seat suspensions with vibration absorber provide
approximately 80% vibration attenuation in acceleration PSD response for
the driver mass compared to an optimal lateral seat suspension without an
absorber. Also, the vibration isolation performance with absorber |is
comparable or even slightly better than a system with optimal cab and

seat suspensions. Among the three types of vibration absorbers for the
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seat suspension, the three-element absorber provides marginally better
vibration isolation performance over the others. The suspension with dual
absorbers can also effectively reduce the vibration response of vehicle
operator at the tuned frequency without much deterioration of ride
performance at other excitation frequencies and is slightly better than a
suspension system with a single conventional absorber. The lateral
suspension with proper selection of absorber tuning ratio can
simultaneously reduce the acceleration and the relative displacement
response of the driver mass. In order to achieve a good compromise
between the ride performance and the weight of the resultant system, the

absorber mass ratio should be chosen less than 0.4.
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CHAPTER 1

Introduction

1.1 General Introduction

Ty

In recent years, the importance of providing better ride comfort and
safety for off-road vehicle operators has been increasingly emphasized.
As the size and power of vehicles increase for high speed operations,
comfort features become important factors in determining operator's work
performance. Ride comfort associated with vehicle vibrations has become
particular concern of off-road vehicle designer’s.

The ride qua'ity of off-road vehicles is a measure of a degree of
comfort for the operator so as to enable the operator to retain suitable
control of the vehicle and perhaps its ancillary devices. Although the
term ride quality could include such factors as seat spacing,
temperature, air quality, humidity, and noise levels, it has generally
come to refer to the vibration environment to which drivers are exposed
to.

The vibration levels experienced by off-road wehicle drivers have
long been recognized to be severe[l - 5]. The drivers have been exposed
to the excessive vibration in all of the three translational modes —
vertical, longitudinal, and laterai. The rotational modes of vibrations
were also found to be severe. The agricultural tractor vibrations are of
low excitation frequencies and have significant effect on human
performance, comfort, and health. For most farming operations, the
vibration levels, as measured at the operator’'s seat, need to be reduced

by roughly 604 or more in the vertical, longitudinal and lateral




directions in order to meet the safe 8-hour ISO exposure criterial6]. It
is apparent that operators of off-road vehicles must be isolated to some
degree from vehicle vibrations.

Ride comfort for off-road vehicle operators depends largely upon the
vibration isolation characteristics of the vehicle. Since most off-road
vehicles do not have suspension at axles and are directly supported by
tires which have little inherent damping, vibrations induced from terrain
surfaces can be easily transmitted to the operator. Therefore, proper
design of vehicle seat and/or cab suspensions are very important to

achleve the operator’'s ride comfort.

1.2 Survey of Past Works

With the increasing concern of driver’s health and productivity,
research on off-road vehicle ride improvement has gained a lot of
attention. To reduce operator’s fatigue from shock and vibration,
ergonomic considerations have become an important design criteria for
vehicle development. Claar II, Buchele and Sheth[5]) made a survey on the
improvement of off-road vehicle ride. Improvement of vehicle ride can be

achieved by the following approaches:

1) suitable tires;
2) seat suspension;
3) vehicles with operator cab suspension; and

4) vehicle with front axle and rear axle suspensions.

Each of these approaches offers respective advantages, limitations, and

performance characteristics. The discussions on this was made by several
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researchers(1,4,5,5,7]. Of the possible approaches, the concepts of seat
suspension and cab suspension are usually preferred due to their easier
adaptability and 1less modification to an existing vehicle design
configuration[4). Theoretically, the driver’s ride comfort can be
considerably improved by using seat or cab suspensions. One main
difference between these two approaches is the resulting large relative
displacement between the driver and vehicle instrument panel, in the case
of a suspended seat. From the point of an ergonomic design, suspended
cabs should be preferred because they can provide better working
environment for drivers. Cab suspensions not only can attenuate the
vibration level but also can provide better working environment for the
driver. Since seat suspension has the advantages of simplicity and low
cost, research on the improvement of seat suspension is still pursued.
Besides, suspended seat can be easily added to a suspended cab to further

improve the ride performance.

1.2.1 Cab Suspension

Over the past two decades, conslderable research efforts have been
devoted to the development, simulation and optimization of cab suspension
models.

Roley[2] developed a set of computer models for the passive, active,
and seml-active cab suspension systems to compare their relative
performance for typical tractor cab vibrations. A four degree-of-freedom
(bounce, pitch, lateral and 1longitudinal) cab with interchangeable
passive, active and semi-active suspension elements was developed. Real
time vibration acceleration measured over the NIAE( National Institute of
Agricultural Engineers) smooth track were used as the input data for the

computer models. The active suspension with 0.25 Hz natural frequency
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provided vibration attenuation of over 90 percent for all modes. While
the semi-active suspension provided 25 percent attenuation improvement
compared with the passive suspension with the same natural frequency.
Although active and semi-active cab suspensions provide good isolation
performance, they have the disadvantage of high manufacturing cost, less
reliability and demand of complex control techniques.

Refs. [4,8] presented a study on the different configurations of
passive cab suspensions. Parametric study as well as optimal design have
been carried out to investigate the ride improvement. It is found that
the lateral ride can be significantly improved by the introduction of cab
suspensions. But, it is still difficult to control the lateral vibration

within ISO 8-hour fatigue decreased proficiency limit.

1.2,2 Seat Suspension

Seat suspenszion is the simplest and most commonly used means for
vehicle shock and vibration attenuation. The majority of research work on
ride improvement is related to the vertical seat suspension since the
vertical vibration is the most severe one. However, the vibration level
in the lateral mode has been also found to be adverse and need to be
reduced[1-3].

Conventionally, seat suspensions of off-road vehicles have been
based on a passive isolating method which employs a spring and a damping
element as a force generator. Passive suspensions typically provide good
isolation performance for high frequency vibrations. Theoretically, in
passive 1isolation systems, amplification of vibration occurs for lower
frequencies, and isolation of vibratlon occurs for frequencies higher

than v 2 times the natural frequency of the suspension system. Therefore,
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in order for the passive seat suspension to perform a satisfactory
vibration isolation in the low frequency range, they must have a low
natural frequency. However, the natural frequency of passive suspensions
varies as the inverse square root of the static deflection of the spring
element. Lowering the natural frequency can result in large static and
dynamic deflections that may not be acceptable in the seat suspension
design. Although damping can help in reducing the dynamic deflections, it
is achieved at the expense of poor isolation performance for higher
excitation frequency.

Rakheja[4] presented a study on the ride Improvement of the
agricultural tractor via seat suspenslons. In his study, the
velocity-square damping and Coulomb damping were both considered. The
investigation reveals that a seat suspension can successfully be employed
to improve ride performance ‘n the bounce, longitudinal, and pitch modes.
Vibrations of lateral and roll modes, however, are difficult to be
isolated via passive seat suspension because of the very low excitation
frequencies in the lateral vibration.

Although many arrangement of adaptive dampers(9,10] have been
proposed for the potential alternative of vehicle ride improvement, the
attenuation of vibration is possible only when the excitation frequency
is v 2 greater than the natural frequency of the system. For the
excitation frequency below v 2 times the natural frequency, ro vibration
reduction (transmissibility ratio below unity) can be achieved regardless
of the damping value of the passive suspension system.

Because of this design limitation of passive suspenslons, active
vibration isolation methods may be implemented for ride imrrovement.

Active seat suspension employs active energy dissipating and storing
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elements. In this case, the relative displacement of the suspension
system is no longer directly related to its natural frequency of the
suspension and hence the ride quality and suspension displacement are not
in conflict. Although many configurations of active systems have been
proposed for vehicle vibration controls, they are used in parallel with
passive suspension because of the reliability problem. And also, they are
generally expensive due to the complex control systems required.

Stikeleather et al.[11] developed an active seat suspension to
isolate the operator from the low frequency vibration. It was indicated
that the active suspension isolated the operator from the input
frequencies ranging from 1.5 to 8 Hz, and provided approximately 65 to 75
percent acceleration attenuation. The researciiers have suggested that
this active suspension system should be utilized to isolate the entire
operator’s control platform.

Young and Suggs[12] extended Stikeleather’s seat suspension to
isolate the low frequency roll and pitch vibrations. The suspension
system provided 70 to 80 percent vibration displacement isolation over
the frequency range 1 to 2 Hz.

Kim, Hoag and Hung[13] presented a study on vertical ride simulation
of passive, active and semi-active seat suspensions for off-road
vehicles. Each suspension mnodel was combined with a three degree of
freedom model of the vehicle operator to formulate models of the ride
systems of off-road vehicles. The input vibration for the simulation is
based on the acceleration time history measured at the base of the seat
suspension of the agricultural tractors during transport and moldboard
plowing operations. Response acceleration levels were evaluated using the

criteria based on the ISO 8-hour fatigue decreased proficiency boundary.



It was found that active seat suspension can provide good ride

performance for excitations at very low frequency. Semi-active suspension
systems showed better ride performance than passive suspensions when
input vibration had high frequency components relative to the natural
frequencies of the suspension systems. Passive suspensions have

mechanical simplicity and provided good ride performance for high

frequency vibrations.

1.2.3 Vibration Control Via Dynamic Absorbers

Of the possible ways of reducing the wundesirable vibrations, a
vibration absorber provides an alternative selection for vibration
control. Auxiliary masses can be attached to a vibrating system by
springs and damping devices to assist in controlling the amplitude of
vibration of mechanical systems[14].

From the absolute transmissibility plot of the
single~degree-of-freedom model, as shown in Fig.l.1, one can easily see
that the vibration isolation 1is achievable only if the excitation
frequency 1is v 2 higher than the natural frequency. For excitation
frequency lower than this 1limit, vibration isolation 1is impossible
regardless of the damping ratio of the suspension system.

In order to reduce the undesirable vibration in the excitation
frequency range below v'2 times the natural frequency, vibration
absorbers are attached to the primary system to assist the vibration
control. Basically, the attachment of a vibration absorber will modify
the dynamic behaviour of the primary system and make the vibration
isolation of low frequency excitations possible. Vibration absorbers have

been described as “devices" that can be added to a system to reduce the
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vibration amplitude by introducing equal and opposite dynamic forces

and/or by introducing damping to dissipate energy.

The majority of the applications of vibration absorbers have been
the case where excessively large amplitude of motlon response of the
primary system takes place due to light damping and coincident of
excitation frequency to the system’s natural frequency[15-21]. When the
modification of primary system is impractical or no!: economical, dynamic
absorbers are considered to be an excellent solution. If the primary
system 1s excited by a force or displacement that has a constant
frequency, or in some cases by an excitation force that is a constant
multiple of rotational speed, then it is possible to modify the vibration
pattern of the primary system and to reduce its amplitude significantly
by the use of dynamic absorber that is tuned to the frequency of the
excitation. By introducing damping to the absorber system, it is possible
to obtain a good broad band response.

Ormondroyd and Den Hartog analyzed the case of damped vibration
absorber attached to an undamped main system. The computation of optimal
system design parameters subjected to force disturbance was discussed in
detail in Den Hartog’s book[15]. The optimization was carried out so as
to minimize the maximum displacement response of the maln system in
frequency demain.

The optimization of the spring and damper rates for a dynamic
absorber applied to a force excited and damped primary system was
presented in [16,17]. Thompson{16] used frequency locus method to
establish a tuning function which enables the optimal natural frequency
for the absorber to be determined. The optimum damping ratio for the

absorber can be found directly once the optimum tuning frequency has been



obtained. Randall, Halsted, and Taylorl17] solved the same problem by
numerical search method. Computational graphs that determine the optimal
linear vibration absorber for linear damped primary systems were
presented. With independent system  parameters specified, the
computational graphs can be used to find the response amplitudes as well
as the optimal absorber characteristics.

Puksand[18] studied the optimum conditions for damped absorbers for
variable speed systems with rotating or reciprocating unbalances.
Frequency locus methods were used for establishing the equations for
optimum tuning and damping of the vibration absorber so as to minimize
the displacement response.

Kojima and Saito[19] studied forced vibrations of a simply supported
beam having an attached non-linear dynamic vibration abscorber and excited
by sinusoidal motion of its supporting base. The optimum tuning and
optimum damping for the absorber are obtained by the simplex method.

Soon and Lee([20] studied the optimal design of linear and nonlinear
vibration absorbers for damped systems subjected to sinusoidal force
excitation. Minimization of the displacement and velocity response in the
frequency domain has been taken as objectives.

Jordanov and Cheshankov([21) studied the optimal design of linear and
nonlinear dynamic vibration absorbers. The minimization of the vibration
response has been carried out for damped as well as undamped force
excited primary systems with linear and nonlinear spring characteristics.
Six optimization criteria by which the response is minimized over narrow
and broad frequency bands were examined.

Although the application of absorber for reducing undesirable

vibration follows a long history, very little effort has been devoted to
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vehicle vibration control. Ghoneim and Metwalli[22] studied the optimum
vehicle suspension with a damped absorber. A two-degree-of-freedom linear
model, subjected to random guideway disturbance, is adopted. Optimization
i1s based upon the rms tire-terrain force, constrailned by the rms sprung
mass acceleration.

Some of the applications of absorber to vehicle vibration control
was also reported by Hunt in his book([23]. Shotwell[24] applied the tuned
and damped dynamic absorber to attenuate the vibration of earth-moving
machines that are primarily excited by irregularities in the roadbed
surface. Absorber performance in terms of dynamic scraper load reduction
was evaluated by means of strain measurements. The dynamic 1load
amplitudes were reduced by over 50 percent with absorber in action. Inoh
and Aisaka(25] studied the application of absorber to heavy-duty trucks.
The investigations are closely related to the improvement of driving
comfort and reduction of driving fatigue. They used the engine as the
absorber and tuned the engine mounting stiffness for minimum vertlcal

displacement of the cab.

1.3 Objectives and Outline of the Thesis

The vibration level experienced by off-road vehicle drivers ls very
severe and need to be reduced in all vibration modes. Among these modes
of vibrations, the lateral vibration has identified to be the most
difficult to isolate because of the low excitation frequency. In the
present investigation, improvement of the lateral ride performance is
investigated by means of vibration absorbers attached to the passive seat

suspension.
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In the traditional absorber design, the following assumptions are
usually being made:

1) the primary system is undamped or lightly damped; and

2) the excitation inputs are assumed to have same amplitude over a

wide excltation frequency range.

These assumptions, however, are Iinappropriate for the present
investigation. Firstly, intensive lateral excitation occurs at low
frequencies, and hence primary seat suspension with heavy damping is
advantageous. Secondly, the terrain induced excitations are rarely of the
property of equal amplitude. They are usually limited to a specific
frequency range and are of varying amplitudes. Since the input amplitudes
are varying, the severity of vibration responses cannot be totally
understood from the transmissibility response and the characteristics of
vibration input data must also be fully considered. Although the optimal
parameters of absorbers have been proposed by several researchers either
by computer searching methods or by frequency root locus methods[16-21],
they are only limited to the problems considered and are hardly optimal
in any practical sense because of the assumptions they made in their
study.

In this investigation, the characteristics of the lateral
excitations is fully conslidered. Different absorber arrangements are
analyzed and simulated to suggest potential ways of improving lateral
ride vibration.

In chapter 2, a study on the time history representation of
acceleration PSD spectrum is carried out. For this Iinvestigation,
acceleration PSD as measured at the cab floor[2] is used as the

representative input excitation for converting into time serles
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representation, namely, the acceleration, velocity and displacement time

series representation. Chapter 3 presents a parametric study of a seat
suspension with a single absorber. Mathematical models of the lateral
seat suspension with a single absorber are developed and parametric study
is carried out to investigate the influences of system parameters on the
lateral ride performance. Chapter 4 presents a study on the ride
performance of seat suspension with dual absorbers. A parametric study is
also conducted to suggest better absorber design for the lateral ride
improvement. The parametric optimization is carried out in chapter 5 to
investigate the influence of the relative displacement constraint on the
ride performance. The effect of the absorber mass on the lateral ride is
probed through sensitivity study.

Finally, in chapter 6, the ride performance of different suspension
systems are compared and conclusions are made. Some future works are also

recommended.
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CHAPTER 2
The Characteristics of the Lateral Excitation Input

and Its Time History Representation

2.1 Introduction

The vibration 1level experienced by the off-road vehicle driver
depends on both the excitation input and the transmissibility
characteristics of the suspension system. In order to effectively reduce
the terrain-induced vibration transmitted to the driver, suspensions at
the seat and/or cab are necessary. To achieve this goal, a good
knowledge of the vehicle vibration excitation input to the vehicle is
necessary.

In order to simulate the vehicle performance with accuracy and
fidelity, the input excitation data must be representative of typical
off-road terrains and working conditions. The intense efforts in the
field measurements have led to the standardization of the terrain induced
excltation data for simulation. In frequency domain, power spectral
density has been used to describe terrain-induced disturbances. The
International Organization for Standardization[26] has proposed
approximate expressions describing bounce acceleration PSD requlired for
tractor seat testing. However, acceleration input data in other vibration
modes has not been available in the ISO standard. Matthews{1] constructed
a test track at National Institute of Agricultural Engineers (NIAE),
Silsoe, England, to represent the agricultural terrains. The artificial
track has been wldely accepted in Europe as the representative of

agricultural terrain. In this investigation, lateral excitation input



data which is measured by Roley[2) from the Silsoe track is adopted. It
is presented in the form of acceleration PSD and is shown in Fig.2.1. The
input acceleration PSD of lateral mode indicates that the lateral
acceleration excitation occurs in the dominant frequency range of 0.6-1.6

Hz with acceleration PSD peak value occuring approximately at 1 Hz.

2.2 Description of the Lateral Excitation in Terms of Displacement PSD

In order to evaluate the relative displacement response, the
understanding of the absolute displacement input at the cab floor is also
desirable. This 1is achieved by using the relationship between

acceleration PSD and absolute displacement PSD [27], which is:
S-(w) = 'S (w) - (2.1)
y y
The 1input displacement PSD of lateral mode vibration is plotted in
Fig.2.2, it indicates excessively high displacement input PSD at the

very low frequencies and relatively 1low displacement input PSD for

frequencies higher than 0.2 Hz.

2.3 Time History Representations of a Given Spectrum

Terrain-induced vibration is characterized by the power spectral
density. This representation 1is Jjustified by the central role which
spectra occupies in the theory of random vibrations. Their importance
comes from the simple form of the input-output relations for spectral
density for a linear system subjected to random excitation. However, the
power spectral density representation will be unable to explicitly

characterize the temporal amplitudes of input data, and further, the time
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Fig.2.1 Lateral Acceleration Input PSD [2]
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series representation of the random terrain will be useful in the dynamic
simulation of nonlinear vehicle system. Although some studies in vehicle
simulation have employed direct recording of the terrain profile as the
representative time domain input excitation for the simulation, this
approach is characterized by its high computing cost and complexity. In
order to simplify the computation, a number of methods for generating
time histories of a given spectra have been introduced [4,28]. It has
been concluded that the power spectral density f{or a typical terrain
surface can be represented approximately by the sum of sine wave series.
Such time series will statistically match a given spectrum.

The procedure of converting the acceleration power spectral density
into a time history of sine wave series can be described as the

following:

1. Calculate the peak acceleration amplitude at center frequency fl

alf ) = f‘i/f“ S, (f )df (2.2)
i fl Vi
where
fl. fu are the lower and upper frequency limits
Sy(fi) is the power spectral density
2 Represent time history as sum of sine waves[29]
N
a(t) =} (-1)'a(f )sin(2nf, t) (2.3)

i=1

If the description of Sy(fx) is not available in a close mathematical

form, a(f‘) can be computed from the approximation:

a) obtain the root mean square value of 1input acceleration, E(fl)

using the equation

~18-



a(ft) =/ Sy(fi)Af (2.4)

where

§y(f1) is the average acceleration PSD
Af is the frequency bandwidth.

b) calculate the peak acceleration amplitudes using the following

relation

alf)) = 172 E(fl) (2.5)

The ISO 2631 standard[26] specifies vibration 1limits for reduced
comfort, fatigue decreased proficiency and health impairment, expressing
the amplitude of the weighted root-mean-square (RMS) acceleration that
could be tolerated at each one-third octave frequency band comprised
between 1 and 80 Hz. Fig.2.3 shows the ISO recommended fatigue decreased
proficlency limits for transverse vibrations.

In order to compare the ride performance with the ISO recommended
fatigue decreased proficiency limit, the input acceleration is evaluated
over finite bands of one-third octave width. The relatlionship between the
bandwidth Af and the center frequency f° is obtained from the following
derivation:

Let f1 and fu be the 1lower and upper cut-off frequencles

respectively, then for a 1/3 octave bandwidth, we have

£/f =472 (2.6)
u 1

if the central frequency is fo

ff 2.7)

]
lav]
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and the bandwidth is

Af = 0.23fo (2.8)

where Af = f - f
u 1

Table 2.1 gives a list of the lower and upper frequency limits for each
central frequency fo. Using the tabulated frequency bandwidth and
applying the procedure outlined above, the peak amplitudes of
acceleration for the discrete frequencies are shown in Fig.2.4. It can be
easily seen that the maximum of the peak acceleration amplitude occurs at
the frequency 1.1 Hz.

From the information of input acceleration amplitudes, the
amplitudes of input velocity and input displacement can be easily

determined using the following relations: .

a(fl) = ZﬂflV(fl) (2.9)

alf) = 4nszv(fi) (2.10)

where

V(fx) is the amplitude of the velocity at excitation frequency fl
Y(fi) is the amplitude of the displacement at excitation frequency
f
s
The amplitudes of the input velocity and displacement are plotted against
frequency in Figs.2.5 and 2.6. The maximum of the peak value for the

velocity input occurs approximately at the excitatlon frequency 1.1.
2.4 Summary

In this chapter, the lateral acceleration input PSD is represented

by acceleration, velocity and displacement time series over finite bands
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Table 2.1 Numerical Values for One-Third Octave Frequency Relation

Centre

Lower

Upper Effective
Frequency, Hz Frequency, Hz Frequency, Hz Bandwidth, Hz
f; fL fﬂ, Af

0.1 0.0893 0.112 0.023
0.2 0.1786 0.224 0.046
0.3 0.2679 0.336 0.069
0.4 0&5771 0.448 0.09!
0.5 0.4464 Oéﬂ 0.118
0.6 0.5357 0.672 0.138
0.7 0.6250 0.784 0.161
0.8 0.7143 0.896 0.184
0.9 0.8036 1.008 0.207
1.0 0.8929 1.120 0.230
1.1 0.9821 1.232 0.253
1.2 1.0714 1.344 0.276
1.3 1. 1607 1.456 0.299
1.4 1.2500 1.568 0.322
1.5 1.3383 1.680 0.345
1.6 1.4286 1.792 0.368
1.7 1.8179 1.904 0.391
1.8 1.6071 2.016 0.414
1.9 1.6964 2.128 0.437
2.0 1.7857 2.240 0.460
2.1 1.8750 2.352 0.483
2.2 1.9643 2.464 0.506
2.3 —_ 2,083 2.576 0.529
2.4 2.1429 2.688 0.352
2.5 2.2321 2.800 0.57%
2.6 2.3214 2.912 0.598
2.7 2.4107 3.024 0.621
2.8 —2.8000 3.136 0.644
2.9 2.5883 3.248 0.667
3.0 2.6786 3.360 0.690
3.1 2.7679 3.472 0.713
3.2 2.8571 3.584 0.736
33 2.9464 3.696 0.759

3.4 3.0387 3.808 0.782
3.8 3.1250 3.920 0.808
3.6 3.2143 4.032 0.828
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Fig. 2.6 Displacement Time Series Repéesentatlon of

the Lateral Excitation
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of one-third octave width. The presentations reveal the characteristics
as well as the severity of lateral inputs in terms of amplitude and

frequency.
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CHAPTER 3

Lateral Seat Suspension with a Single Absorber

3.1 Introduction

The vehicle seat 1s the driver's working platform. The main
objective of seat suspension design is to provide good riding comfort to
driver as well as good control of vehicle. Earlier vehicles have
basically a rigidly supported steel pan as seats. Such a simple seat
offers very little shock and vibration isolation and thus very harsh
ride. Modern seat suspension designs have employed complex 1linkage
mechanism to obtain effective shock and vibration isolation.

In practice, the majority of seat suspensions are usually limited to
vibration attenuation of vertical mode. The lateral movement of driver
seat is considered to be fixed and thus the terrain 1induced lateral
vibrations are directly transmitted to the driver mass. In order to
investigate the possibility of lateral and/or longitudinal ride
improvement for off-road vehicle, refs.({3,4] studied seat isolators in
the longitudinal and lateral modes. The schematic configurations are
shown in Fig.3.1. The longitudinal and lateral isolators consist of a
platform supported on a set of linear bearings with a spring and a shock
absorber. Bounce suspension seat can be mounted on the sprung platform to
form a suspension system capable of isolating the driver along the three
translational coordinates. Parametric study as well as parameter
optimization were fully conducted[4}. Figs.3.2 and 3.3 show the
simulation results for an optimal seat suspension with lateral isolator.

It is demonstrated that the passive lateral seat suspension alone




Bounce Suspension

X ‘ ;

(Longi tudina?\

dounce suspension
mountings

Soring

~ Shack absaroer

Y

//(Lateral )

Fig.3.1 The Schematic of a Multi-Mode Seat Suspension(3,4]
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provides very 1little 1lateral vibration attenuation because of the
limitation on the allowable relative displacement response. Recognizing
the disadvantage of passive seat suspension, they continued to study the
performance of different arrangements of cab and cab-seat
suspensions{30]. Fig.3.4 shows the cab-seat model and the acceleration
PSD response of the driver mass with optimal suspension parameters for a
cab with only bounce seat suspension. The acceleration PSD response of
the driver mass for a cab with bounce and lateral seat suspensions is
shown in Fig.3.5. The results demonstrated that cab suspension with
lateral seat isolator provides good ride performance.

It has been shown in the previous chapter that terrain-induced
lateral excitation of off-road vehicle 1is characterized by its low
excitation frequency. Isolation of such low frequency vibration requires
very soft seat suspension design. An extremely soft seat suspension will
cause an excessively large relative displacement response and can lead to
inefficiencies in operator’'s performance. In this study, lateral seat
suspension with a vibration absorber will be 1investigated for its
potential in lateral ride improvement. Investigation of lateral seat
suspension with dual absorbers will be presented in the next chapter.

For this study, the mathematical model as presented in {3] is
developed for the primary lateral seat suspension. However, for
investigating the dynamic behaviour of wvibration absorber, the proposed
model assumes the damping element to be a viscous damper instead of
Coulomb and velocity squared dampers. Fig.3.6 shows the lateral primary
seat sﬁspension system, which consists of seat and driver mass M:’ spring

with stiffness rate Kx' and viscous damper with damping coefficient Cf
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3.2 Lateral Seat Suspension with a Conventional Absorber

The application of absorber for vibration control has been recognized
for a long time. In the conventional absorber design, the amplitude of
input excitation is usually taken as a constant over the frequency range
of interest, and the parameters of vibration absorber are selected in
such way that the transmissibility peak in the excitation frequency ls
minimized. In the case of the lateral seat suspension design for off-road
vehicle, the lateral excitation amplitude is frequency dependent. Hence,
it is obvious that the traditional approach, will not be able to evaluate
directly the ride performance of the lateral seat suspension. Ride
performance can be evaluated only if the characteristics of the input
excitations are also fully considered. In this investigation,
consideration is given to the frequency dependent amplitude

characteristics of the lateral excitation input.

3.2.1 Equations of Motion

The lateral seat suspension incorporated with a conventional
vibration absorber is shown in Fig.3.7. The vibration absorber consists
of a secondary mass Ma, a spring with stiffness coefficient Ka and a
viscous damper with damping coefficient Ca. The equations of motion of

the suspension system can be expressed as:
M1Y1+C1(Yi-Yo)+K1(YI-YO)+Ca(Y1-Y2)+Kh(Y1-Y2) =0 (3.1)

MaY2+Ca(Y2-Y1)+Kh(Y2—Y1) =0 (3.2)
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Now introducing the following notations:

= @ = =
Kl/M1_ w, Ka/Ma = w, M@/M1 M

C/Z\/QM = £ C/ZVQM = £ (3.3)
1 11 1 a a a 2
Eqns.(3.1) and (3.2) are rewritten as follows:

. J - . 2 2 -
Y1+ 2€1w1(YIY0}+2§2w2u(Y1-Y2)+wI(Y1~Y°)+uw2(Y1-Y2) =0 (3.4)

. . 2 _
Y2+ ZEZwZ(YZ-Y1)+w2(Y2-Y1) =0 (3.5)

Complex frequency response functions T;(jw) of absolute acceleration,
1

Yl(t), and Ty”(jw) and TYrijw) of relative displacements, le (Yr1=Y1-Yo)

and er (Yr2=Y2-YO) respectively, are given as follows:

Absolute acceleration transmissibility of the driver mass, T;(Jw),
1

.Y
1

T (jw) -
Yy '

]

3 2,2 J 2 2, 22
[-j2w € v, ~w (w1+4E €ww )-jw(2£1w1w2+2§zwzwl)+w102]

17271 2
= A (3.6)
Relative displacement transmissibility of the driver mass, Ty (jw),
ri1

Y 1

T (Jw) _ i

yri Y

[o]
w‘—st(1+u)2§2w2-(1+u)w§w2 (3.7)

A
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Relative displacement transmissibility of the absorber mass, T (jw),
y
r2

Y
Ty (Jw) _ r2

re

_ 3_22
stlwiw w,w (3.8)

a

where the denominator in all cases is

A= af—jw3[251w1+2(1+u)62w2]-wzlwf+(1+p)w:+4§1€2w1w2]

2 2 22
+ jw[2§1w1w2 + zgzwzwl] oL, {3.9)

The relative displacement responses of the driver mass and absorber mass
are found to be:

Ty (Jw)Yo(Jw) (3.10)

Y 1(Jw) =

r rl

Yra(Jw) = T ;jw)Yo(Jw) (3.11)
r

The acceleration response PSD of the linear system is:

»
S, (Juw) = T;:Jw)T;fjw)S!(Jw) (3.12)

where

Sl(Jw) is the power spectral density of the input excitation,

T-(Jw) 1is the complex acceleration frequency response function and
1

»
T;(Jw) is its conjugate function.
1

3.3 Selection of Performance Indices

In order to Investigate the influence of vibration absorber,

performance indices as a function of acceleration and relative motion
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response should be selected. Performance indices are chosen based on the
peak steady-state response over the frequency range of interest. Such
performance indices will be adequate to assess the performance of the
suspension system. The acceleration response PSD over a frequency range
provides a better basis for comparing the suspension performance with
respect to the IS0 specified fatigue decreased proficiency limits. The
peak relative displacement response can be best used to evaluate the
influence of operator’s performance in the work space. In this study, the
peak acceleration response PSD and the peak relative displacement
response of the driver mass are both selected as performance indices. The
relative displacement of absorber mass with respect to its rattle space
is taken into account as a secondary performance index in order to
constraint excessively large relative displacement response of absorber

mass for practical consideration.

3.4 The ISO Recommended Fatigue Decreased Proficiency (FDP) Boundary

There are four physical factors of primary Iimportance in determining
the human response to vibration, namely, intensity, frequency, direction,
and duration of the vibration. The ISO recommended guidance for
evaluating the whole-body vibration 1is established based on the
above-mentioned factors.

The IS0 recommended data are given in terms of the weighted
root-mean-square acceleration. In order to use this recommendation for
the random vehicle vibration which are characterized by the power
spectral density, the vibration boundary must be described in terms of
the weighted average acceleration PSD Eimif})' This is accomplished by

the following conversion equation[31i]:
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where:

5" is the ISO recommended weighted root-mean-square acceleration

limit

fo is the central frequency in Hz

From Fig.2.3, the equation describing the root-mean-square acceleration

as a function of frequency is given by:
b m
{ 10 Y1g 1 for 1 Hz < £ < 2 Hz

a (f) = b m (3.14)

i2, 12

10 f for 2 Hz < f < 80 Hz

The subscript i is used here to specify the exposure time. The second
subscript 1 or 2 represent segment number 1 or 2 respectively (Fig.3.8).

For the exposure times 1.0 h, 2.5 h, and 4 h, the values for bll. b

i2
mo and m , are tabulated in Table 3.1. The data describing FDP boundary
in terms of the welghted average acceleration PSD are plotted in
Fig.3.8. The acceleration response PSD of driver mass must also be
welghted to account for the influence of exclitation frequency. The

weighted acceleration response PSD Swo(fl) is calculated in each of the

one-third octave frequency band from the following:

S (f) =WAf)S (f) (3.15)
wo | i o i
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Where U(fl) is the ISO recommended frequency weighting factor which is

shown In Fig.3.9.

3.5 Response Study of the Lateral Seat Suspension Model with

a Vibration Absorber

The off-road terrain irregularities characterized by acceleration
power spectral density indicate severe lateral vibration at 1.1 Hz. In
order to achieve better ride performance without lowering the spring
stiffness rate of the primary seat suspension, a vibration absorber 1is
attached to the suspension system. A better understanding of the
performance of such a system can be accomplis’'ed through parametric
sensitivity study. The parametric sensitivity study will reveal the
acceleration and relative displacement responses to variations of
suspension parameters and will indicate a trend 1in the behaviour of
various suspension parameters on the response and thus provides a basis
for optimal design.

From Eqns.(3.6)~(3.12), it can be easily seen that the vibration
response depends on both random input excitation and system parameters,
specifically, the maln system damping ratio 51. absorber mass ratio u
(u=Ma/M1). absorber tuning ratio « (a = wz/wi), and absorber damping
ratio 52. In this investigation, the influence of each parameter on the
system performance indices are studied in detall. The investigation is
carried out by performing studies on both transmissiblility and vibr-
response.

In the present study, the seat and driver mass M1 and the spriu

rate of the primary suspension K1 are assumed to be constants as given in
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[4]. They are assigned the following values:

M
1

89.5 kg

K
1

1700 N/m

For parametric study of each parameter, one parameter at a time is varied
and the other system parameters are taken as constants. The nominal
values of the system parameters for this study are listed in Table 3.2.
They are selected from several trial runs and are very close to the
optimal values for the suspension parameters which are presented in

chapter 5.

3.5.1 Influence of System Parameters on the Absolute Transmissibility

of the Driver Mass

The Influence of the system fparameters on the absolute
transmissibility of the driver mass are shown in Figs.3.10 - 3.13. The
results indicate that an increase of the absorber mass will widen the
suppression frequency range (the suppression frequency range is defined
as the frequency range which corresponds to the transmissibility below
unity). The increase of absorber mass also shows a higher
transmissibility peak at the low excitation frequency and a 1lower
transmissibility peak at the higher excitation frequency. Since the first
transmissibility peak 1s usually higher than the second one, larger
absorber mass will give higher transmissibility peak. Comparing with the
transmissibility without vibration absorber, the advantage of adding
absorber mass 1s to obtain lower transmissibility values between the two
transmissibility peaks. The absolute transmissibility is very sensitive
to the absorber mass ratio at the neighborhood of the tuned frequency

(1.1Hz). The absorber mass has 1llittle effect on the absolute
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transmissibility for the excitation frequencles below 0.3 or higher than

1.5 Hz.

The effect of the main system damping on the absolute
transmissibility is similar to that of a single-degree-of-freedom system.
Higher damping will help in suppressing the transmissibllity at low
excitation frequency and will increase the transmissibility at high
excitation frequency. The main difference 1s that, due to the addition of
a vibration absorber, the frequency ratio which distinguish the
performance of damping is no longer v 2, but some value below this. Thus
the addition of a vibration absorber will increase the suppression
bandwidth.

The absolute transmissibility of driver mass with variations 1in
absorber damping value is simulated with absorber damping ratio varying
in the range of 0.05 - 0.35. The damping ratioc for the simulation 1is
assumed to be low because high damping will result in stiffening the
vibration absorber and the resultant system will behave similarly as that
of primary system having total mass M1+Ma. For conventional absorber, the
absorber damping ratio is usually below 0.3.

The influence of absorber damping on the absolute transmissibility
is shown in Fig.3.12. The absorber damping is most effective In the
neighborhood of the tuned frequency. In this frequency range, the smaller
the absorber damping, the lower the absolute transmissibility of the
driver mass will be. When the vibration absorber has no damping, the
vibration response of the driver at the tuned frequency will be totally
diminished. However, the effectiveness of vibration 1isolation at the
neighborhood of the tuned frequency is achieved at the cost of relatively

poorer isolation performance for excitation frequency away from the tuned
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frequency, especially at the system’s natural frequencies. It can also be
noted that the transmissibility plot has only one peak for absorber
damping ratlo equal tc or greater than 0.35.

The influence of the absorber tuning ratio on the transmissibility
is shown Fig.3.13. The tuning ratic has little influence on the first
peak of the absolute transmissibility. The increase of tuning ratio is to
shift the "trough" of the transmissibility to the right (corresponding to
a higher excitation frequency). It 1is also found that, the
transmissibility is more sensitive to the absorber tuning ratio when the
excitation is in the viciniky of the tuned frequency. Since vibration
excitation at the tuned frequency is usually the most intensive, the
transmissibility at the neighborhood oi the tuned frequency generally has

greater influence on the vibration response.

3.5.2 1Influence of System Parameter Variatiornis on the Acceleration

PSD Response of the Driver Mass

The influence of the variatlons of the suspension parameters on the
acceleration PSD response of the driver mass is similar to that of the
absolute transmissibility. However, there are differences due to the
varying excitation input amplitudes. It is well known that the vibration
response depends on both the transmissibility characteristics and the
excitation input. If the excitation input is constant over the frequency
range, then the severity of the vibration response can be totally
informed by the transmissibility. However, if the excitation input
amplitudes are not constant over the frequency range, then the

transmissibility alone is not capable of reflecting the real picture of
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the intensity of the vibration response. In this case, special attention
must be made to the transmissibility where large vibration input occurs.

The acceleration response PSD of the driver mass, as shown in
Fig.3.14 reveals that smaller absorber damping will help to reduce the
acceleration response in the vicinity of the excitation to which the
dynamic absorber is tuned. This performance is achieved at the expense of
relatively poorer acceleration isolation for the excitation frequency
away from the tuned frequency. By increasing the absorber damping, the
acceleration response around the tuned frequency will be increased while
the acceleration response for the excitation frequency away from the
tuned frequency will be improved. The absorber damping ratio should be
selected in such way that the acceleration response of the driver mass at
the tuned frequency and at the system’s resonant frequencles are reduced
uniformly to a certain level. From the point of view of reduction of the
peak level of lateral acceleration PSD, the absorber damping ratio should
be selected around 0.15. In such case, the peak level of the lateral
acceleration PSD can be reduced approximately to 1.37 ma/s{/Hz, about 80%
vibration reduction in comparison to a seat suspension without absorber.
This is a significant improvement.

Absorber tuning ratio is another important factor that has great
influence on the ride performance. The selection of the absorber tuning
ratio determines the "“filter band". Usually, the tuned frequency is
chosen elither at the natural frequency of the primary system or at the
excitation frequency where intensive vibration input occurs. Due to this
reason, the acceleration response is very sensitive to the tuning ratio.
Improper tuning ratio may cause significantly higher acceleration

response.
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The influence of tuning ratio on the acceleration response of driver
mass is shown in Fig.3.15. The simulation results indicate that the
absorber tuning ratio equal to 1.5 produce better ride performance than
other tuning ratios.

The role of the main system damping in the vibration isolation is to
dissipate energy and thus to reduce the vibration response. In the lower
excitation frequency range, the damper is mainly for dissipating energy,
thus high damping will give lower acceleration response, hcwever, in the
higher excitation frequency, high damping will cause the suspension
system to stiffen up, and thus deteriorates the vibration isolation
performance. Since the excitation input is varying with the excitation
frequency, higher transmissibility peak does not necessarlily correspond
to a higher peak in the acceleration response. The simulation results
indicate that better ride performance is achieved when the main system
damping ratio is selected around 0.55. This damping ratio offers good
compromise between high and low frequency performance. The optimal value
for minimizing the peak of the acceleration response PSD can be found in
chapter 5.

The effect of the absorber mass on the acceleration response of the
driver mass, as shown in Fig.3.17, indicates that larger mass ratio will
produce smaller acceleration response. However, this statement is true
only if other parameters are pror:rly chosen. In other words, if other
parameters are not correctly selected, larger mass ratio will not
necessarily provide better vibration isolation. In fact, it is not always

an improvement by arbitrarily increasing Ma, leaving €1 w_ and 62

2
unchanged. Rather, any change of a single parameter will require

variation in other parameters. From the point of view of better ride
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performance, it is always desirable to have larger mass ratio. However,
larger mass ratio means heavier weight of combined system which is
undesirable in practice. The selection of mass ratlo thus has to
compromise between good vibration isolation and small weight of the

resultant system.

3.5.3 Influence of System Parameter Variations on the Relative

Transmissibility of Driver Mass

The influence of system parameters on the relative transmissibility
Is demonstrated in Figs.3 18 - 3.21. increasing the absorber mass will
produce lower relative transmissibility for the excitation frequency
greater than 0.8 Hz. For the excitation frequency below 0.8 Hz, however,
the transmissibility increases with greater absorber mass. Comparing the
results with that of the lateral seat suspension without absorber, the
addition of vibration absorber gives better isolation performance for
higher excitation frequencies (f > 0.8 Hz), but poorer isolation
performance for lower excitation frequencies (f < 0.8 Hz).

The influence of the absorber damping on the relative displacement
transmissibility is shown in Fig.3.19. It can be seen that smaller
absorber damping ratio provides better 1isolation performance in the
neighborhood of the tuned frequency. At other excitation frequencies,
higher absorber damping ratio is desirable. The results also show that
higher absorber damping ratio will produce wider suppression frequency
range,

The influence of the absorber tuning ratio on the relative

transmissibility is shown in Fig.3.20. The effect of the absorber tuning
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ratio on the relative transmissibility is to shift the "trough" at the
tuned frequency.

The influence of the main system damping ratio on the relative
transmissibility is plotted in Fig.3.21, It can be seen that higher main
system damping produces lower relative transmissiblility for all

excitation frequencies.

3.5.4 Influence of System Parameter Variations on the Relative

Displacement Response of Driver Mass

The influence of absorber damping ratio on the relative displacement
response of driver mass is shown in Fig.3.22. It indicates that, unless
the absorber damping ratio is very small which cause the resonance at the
system’'s second resonant frequency, the influence of the absorber damplng
ratio on the relative displacement response of the driver mass is very
little. The simulation results also show that the attachment of the
vibration absorber will produce higher peak relative displacement
response. In the case of Ez = 0.15, the best absorber damping ratio based
on acceleration response PSD of the driver mass (Fig.3.14), the peak
relative displacement 1is approximately 0.5 cm greater than the seat
suspension without absorber.

Fig.3.23 shows the influence of tuning factor on the relative
displacement of the driver mass. It can be seen that smaller tuning ratio
will produce lower relative displacement response. It is also interesting
to find that the relative displacement response of the driver mass
corresponding to « = 1.3 1is smaller than that of the lateral seat

suspension without absorber. This result illustrates the possibility
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that, by carefully choosing absorber parameters, the acceleration and
relative displacement response of the driver mass can be both reduced.

The relative displacement response of the driver mass with the
variation in the main system damping ratio is plotted against frequency
in Fig.3.24. For the entire frequency range of interest, higher main
system damping produces lower relative displacement response.

The relative displacement response of the driver mass, as shown in
Fig.3.25., indicates that the absorber mass ratio has little influence on
the peak response. However, the peak relative displacement response 1is

arproximately 10% higher than that of system without absorber.

3.5.5 Influence of System Parameter Variations on the Relative

Transmissibility of the Absorber Mass

Although a number of researchers have reported on the application of
absorbers for vibration control(32-39], their study has been focused on
the motion response c¢f the primary system. Little work has been reported
on the motion of the absorber. It should be argued that the response of
the secondary mass is equally important. Excessively large vibration
response of absorber has practical limitations if an absorber is to be
added to a real system. In the present study, the relative displacement
between the absorber mass and seat base can be used to indicate the
severity of the motion of the absorber and thus the following is studied
in this investigation.

The influence of the main system damping ratio on the relative
transmissibllity of the absorber mass is shown in Fig.3.26. The results
reveal that high maln system damping 1s needed to reduce tye relative

transmissibility for excitatlon frequenclies below 0.9 Hz, but the
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relative transmissibility for excitation frequencies greater than 0.9 Hz
increases with Increasing £1. The main system damping has little
influence for excitation frequencies below 0.3 Hz or above 3 Hz.

The absorber mass ratio and the absorber damping ratio have
considerable influence on the relative transmissibility of the absorber
mass. From Figs.3.27 and 3.28, one can easlly draw the conclusion that
large values of absorber mass and absorber damping ratios will help in
reducing the relative transmissibility.

The influence of the absorber tuning ratio on the relative
transmissibility of the absorber mass is shown in Fig.3.29. It indicates
that higher tuning ratio will produce lower peak for the relative

transmissibility.

3.5.6 Influence of System Parameter Variations on the Relative

Displacement Response of the absorber Mass

* The influence of tuning factor on the relative displacement response
of absorber mass is demonstrated in Fig.3.30. It indicates that higher
tuning factor help in reducing the response. This is mainly because
higher tuning factor means stiffer spring and hence'absorber gives larger
resistance to displacement response.

The relative displacement response of the absorber mass with
variations in absorber damping in the range 0.05-0.35 1s shown in
Fig.3.31. The results show that higher absorber damping ratio 1is
desirable for reducing the relative displacement response.

The influence of the main system damping ratio on the relative

displacement response of the absorber mass 1s shown in Fig.3.32 which
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demonstrates little influence of the main system damping ratio on the
response. It is also shown that the peak relative displacement response

of the absorber mass is approximately two times as large as that of the

driver mass.
The relative displacement response of the absorber, as demonstrated
in Fig.3.33 shows that larger absorber mass will produce smaller relative

displacement response.

3.6 Lateral Seat Suspension with a Dynamic Absorber Employing

Elastically Coupled Damper

3.6.1 Mathematical Model

The primary seat suspension with a three-element absorber s shown
in Fig.3.34. The three-element absorber ls composed of" auxiliary mass Ma.
viscous damper Ca' and two springs with stiffness values l(al and K.z’
respect.vely. The absorber utilizes a so-called three-element combinatlon
of two springs and dashpot rather than the single spring and dashpot of
the conventional dynamic absorber. The real part of the complex stiffness
Ke of the three element combination and the effective resonant frequency
of the absorber both varies with frequency. As a direct consequence, the
absorber becomes active over greater frequency range and, at the center
of this range (between the two resonant peaks), the absorber
effectiveness is increased. The effectiveness of a three-element dynamic
absorber in reducing the transmissibility across a simple spring-mass
system at resonance has been investigated by Snowdom[40]. He concluded

that the three-element absorber can be more effective than a conventional
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absorber of twice its mass. The application of the three-element absorber
to the damped primary system with frequency dependent excitation input is
not avalilable and will be studied in this investigation. Since the
influences of absorber mass and tuning ratios of a three-element absorber
on the ride performance is similar to those with a conventional absorber,
the present study will focus on the parametric study of the absorber

stiffness ratio Q (Q = Kaz/xu) and absorber damping ratio Ez.

3.6.2 Equations of Motion

The mathematical model for the seat suspension with three-element

absorber may be written as:

Ma\12=-l(e(Y2—\'1 ) (3.16)

M1Y1=K3(Y2-Y1)_Ki(Y1-Yo)-C1(Y1-Yo) (3.17)

where Ke is the equivalent complex spring stiffness of the absorber and
is given by

(CaKa1)D + Q/(1+Q)

Ke = g (Ca /Ke1)D Ka1(1+Q) (3.18)

where

Ma is the absorber mass
K 1is the equivalent complex stiffness of the absorber
L]

Q is the stiffness ratio, equals to Ke2/Kai
d

Dis-ﬁ




Applying the Laplace transformation and introducing the

notatlons:

wl = Klml “’2 = Kalma
Ca/Ka1=2€2/w2 CI/M1=2§1“,1

(Zea/wz)(,jw) + /(1+Q)
W = (1+Q)w:
Q+ (ZEZ/UZ)(JM)

Eqns.3.16 and 3.17 can be rewritten as:
-0y (jw) = -2 (Y (Jw)-Y_ (jw))
2 e 2 1

2 _ 2 - 2 _ _
-w YI(Jw) = uwe{Yz(Jw) YI(Jw)) wi(YI(Jw) Yo(jw))

-JZEI(J)I(«)(Y1 ( Jw)-Yo(jw) )

following

(3.19)

(3.20)

(3.21)

The frequency response functions of absolute acceleration Yi, and

relative displacements ‘!‘_1 (Yﬂ=Y1-Y°) and er (Yr2=Y2-Y°) with respect

to Yo can be found as:

(wf-wz) (wf+J2£1ww1)

H» (Jw) =
Y A

(1+p) wf-wz
H =

r
1

A
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H = (3.24)

where

4,22 22 22 22 2_ 2
A=uw MU w1+j2£1w1(we w°) (3.25)

3.6.3 Influence of Absorber Spring Stiffness Ratio and the Dampi.n! Ratio

on the Motion Response of the Driver Mass

In the three-element absorber, the damping elcment 1s elastlically
coupled. The result of the coupling can be represented by the equivalent
spring stiffness Ke. The effectiveness of the absorber depends on the
proper parameter combination. There are two phases of study in thils
investigation. Firstly, the absorber damping ratio is assumed to be a
constant (Ez = 0.25), and the simulation is carried out for variation in

absorber stiffness. Secondly, the absorber stiffness 1s kept as a

constant (Q 3.0), and the influence of absorber damping ratio is

studied.

3.6.3.1 The Absolute Transmissibility of the Driver Mass

The influence of the absorber stiffness ratio and the damping ratio
on the absolute transmissibility of the driver mass are shown in Fig.3.35
and Fig.3.36 respectively. It can be seen that absorber stiffness ratlo Q
and the absorber damping ratio 62 have simllar effect on the absolute
transmissibility. Smaller stiffness ratio and absorber damping ratio
produce better isolation performance at the neighborhood of the tuned

frequency and poorer vibration attenuation around the system’s second
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resonant frequency. The absolute transmissibility plot has very little
change for Q greater than 3. Comparing with the conventional absorber, it
can be seen that higher damping is needed for the three-element absorber.

3.6.3.2 The Acceleration Response of the Driver Mass

The acceleration response of the driver mass with varijations of
absorber stiffness ratio and damping ratio are plotted in Fig.3.37 and
Fig.3.38. It can be observed that smaller stiffness ratio produces good

.

isolation performance at the neighborhood of e tuned frequency.
However, the lsolation performance for exci: tion away from that
frequency 1s poor. Small absorber damping ratio will also produce good
isolation performance at t'le neighborhood of the tuned f{requency.

However, high resonant response occurs at the second natural frequency of

the combined system.

3.6.3.3 The Relative Transmissibility of the Driver Mass

The Influence of the absorber stiffness ratio and damping ratio on
the relative transmissibility of the driver mass are plotted in Fig.3.39
and Fig.3.40. It is shown that the absorber stiffness ratio Q and damping
ratio Ez have similar influence on the relative transmissibility T”.
Small absorber stiffness ratio and damping ratio both produce good
isolation performance at the tuned excitation frequency and poor

isolation performance at other frequenclies, especially at the system’'s

3.6.3.4 The Relative Displacement Response of the Driver Mass

the influence of absorber stiffness ratio and damping ratio on the

relative displacement response of the driver mass are shown in Fig.3.41

-85~
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and Fig.3.42. It can be seen that variation of absorber stiffness rutlo
or absorber damping has 1little influence on the relative displacement
response. However, smaller absorber stiffness ratlo will have larger
relative displacement response occurring at the system's second natural
frequency. Generally speaking, the adoption of the three-element absorber

shows little advantage for reducing the relative displacement response of

the driver mass.

3.6.3.5 The Relative Motion Response of the abscrber Mass

The relative transmissibility and the relative displacement
displacement responses of absorber mass are plotted in Figs.3.43-3.46.
They indicate that higher absorber damping ratio and stiffness ratio are

both desirable for reducing the relative motion.

3.7 Conclusions

In this chapter, the influence of absorber parameters as well as the
main system damping ratio on the lateral dynamic performance is fully
investigated. From the simulation results, the following conclusions can
be drawn:

1. The selection of absorber damping can greatly influence the
vibration isolaticn performance. Generally speaking, light damping in
absorber provides good acceleration isolation at the neighborhood of the
tuned frequency and poor isolation performance for other frequenclies. The
influepce of absorber damping on the relative displacement response of
driver mass is not significant. However, choosing light absorber damping
results in large relative displacement response of absorber mass. From

simulation results, the absorber damping ratio of 0.15 provides good
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vibration isolation performance.

2. Larger absorber mass provides better ride performance and also
reduces the peak relative displacement response of the absorber mass.
However, it will increase the weight of the resultant system. The
selection of absorber weight is compromised between the effectiveness of
vibration attenuation and the weight of the resultant systenm.

3. Tuning factor has great influence on the acceleration isolation.
In order to obtain good acceleration isolation performance, the natural
frequency of absorber must be tuned around the excitation frequency at
which peak acceleration amplitude occurs. Smaller tuning ratio reduces
the relative displacement response of the driver mass, but increases the
relatlve dlsplacement of the absorber mass. It is also found that, by
carefully choosing the tuning ratio, the acceleration and relative
displacement response of driver mass can be both reduced.

4. From the simulation results, it can be easily seen that, with
vibration absorber and assumed absorber mass ratio (g = 0.4), the peak
level of lateral acceleration response PSD of the driver mass is reduced
to approximately 1.37 mz/s‘Hz, about 80% vibration reduction in
comparison to lateral seat suspension without absorber. However, the
lateral relative displacement response of the driver mass |is
approximately 0.5 cm greater than seat suspension without absorber.

S. The implementation of three-element absorber can slightly
Increase the effectiveness of the acceleration performance at the
vicinity of the tuned frequency.

6. The attachment of vibration absorber to the primary seat
suspension can significantly reduce the lateral vibration response.

However, the vibration response of the sz2at and driver mass is still much
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higher than the ISO recommended 8 hour fatigue decreased proficlency

limit.
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CHAPTER 4

Lateral Seat Suspension With Dual Absorbers

4.1 Introduction

In the preceding chapter, the ride performance of lateral seat
suspension with a conventional absorber and a three-element absorber is
presented. The addition of vibration absorber to the primary lateral seat
suspension has shown to have significant improvement in the lateral ride
performance. However, the drawback of the conventional vibration absorber
and the three-element absorber has always been the compromise between
vibration attenuation performance at the tuned frequency and at the two
natural frequencies of the resultant system. When an undamped absorber is
applied to the lateral seat suspension, excellent vibration attenuation
can be achieved at the tuned frequency while large vibration response
occurs at the natural frequencies of the resultant system. Although the
addition of the primary damping and absorber damping can successfully
suppress these two resonances, this is accomplished at the cost of
deteriorating the vibration attenuation performance at the tuned
frequency. In this chapter, the lateral seat suspension with dual
absorbers will b: investigated[40). It will be shown that, through the
use of dual absorbers, it 1is possible to achleve good vibration
attenuation at the system’s natural frequencies as well as at the tuned
frequency. Such results can be obtained through appropriate selection of

the damping, tuning and mass ratios of dual absorbers.



4.2 Equations of Motion

The lateral seat suspension with dual absorbers is shown schematically
in Fig.4.1, where a conventional viscously damped absorber (Mz’ Kz) is
attached to M1 in parallel with an absorber of mass Ma' which is
suspended from M1 by a spring of stiffness rate K3 and a small damping
C3. The mass M3 is assumed to be small in comparison to Mz' The equations

of motion of the system can be written as follows:

M1Y1+K1 (Y1'~Y0)+C1 (YI—YO)+K2(Y1-Y2)+02(Y1—Y2)+K3(Y1—Y3)+C3(Y1-Y3)=0 (4.1)
M2Y2+K2(Y2-Y1)+C2(Y2-Y1)=D (4.2)

M:’Y3+K3 (Y:;-Y1 )4»03(Y3—Y1 )=0 (4.3)
Introducing the following notation :

_.2 oy 2 o, 2
Kl/Ml--w1 l(z/M2 wz 1(3/M3 w3

C/2VEKM=E  C/2/KH=¢, c,/2v KW =€,

MZ/M1 =, Ma/M1 =M, (4.4)
Eqns. (4.1)-(4.3) can be rewritten as follows:

oo 2 v\ 2,y _ v o\ 2, _
Ylwl(YI—YO)+2€1w1(Y1 Yo)+“1w2(yx Y2)+2§2ul¢,.»2(¥1 ‘12)*;12(.»3(Y1 Y3)+

+2£3p2w3 (YI-Y3 )=0 (4.5)
. 2 ol
Y2+w2(Y2_Y1 ) +2£2w2(Y2-Y1 )=0 (4.6)
. 2 ol
Y3+(4)3(Y3-Yl )"‘2&3!.03(Y3-Y1 )=0 {4.7)

Taking Laplace transformation and reorganizing the above equations 1in
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matrix form , the steady state response of the vibratory system is given

by the following governing equation:

211%12 %43 Y1(Jw) b1
a,,2,, 2., YZ(jw) = b2 Yo (4.8)
3.2, 34, Y3(Jw] b3

In which:

2 2 2 2
A =-W 4w TP W+ W +J20(E w + w_+ w
11 1 “1 2 “2 3 J (51 1 “152 2 “263 3)

a _S-UH W
12“

1 -J2€2“1ww2

NN

a ="l W
13 “2

w N

=J2€
2.
3=, ngzwzw

2 2
a__== +w_+J2&_ww
2 J E2

22 2

a__=0
23

2 .
a =-w ~j26 W w
31 3 J €3 3

a_ =0
32
2 2
a =-w +w +j2€ ww
33 3 J Ea 3

2
b, =u +J2€, wo,

applying the following notation

1 Yi(jw)
T = m YZ(Jw)
° Ya(Jw)
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a .a a b
11 12 13 1
M=la_»o =
21 22 B 0
a 0 a 0
31 33

The transmissibility vector T can be written as :

B (4.9)

M'1 is the inverse matrix of M and 1s given in the following

A_A
X 1 11 12 13
M™ = A A_ A (4.10)
_A— 21 22 23
A_ A
31 32 33
where
A =a__a A =-a _a A =-a_a
11 22 33 12 12 33 13 22 13
A_=a_a A =a a_-a _a A _=a a
21 21 33 22 11 33 13 31 23 12 31
A =-a__a A =a_a A _=a a _-a a
31 22 13 32 21 13 33 11 22 12 21
A= a

a a__a__-a_ _a ~a__a _a
11 22 33 12 21 33 22 13 31

The acceleration transmissibility of the driver mass is found to be:

A b
111

TYI(J‘D) = T‘ (4.11)

The transmissibility of the relative displacement of driver mass with

respect to the seat base is:

A b -A
111

T (jw) = B e— (4.12)
yrl
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The acceleration PSD response So(w) and the relative displacement

response Yr(w) of the driver mass are found to be:

*»
So(w) = T‘I;I(Jm)TYI(\jm)Sl (w) (4.13)

Yr(w) = Tyn(Jw)Yo (4.14)

»
Where TY (Jw) is the conjugate function of 'I’Y (jw).
1 1

4.3 Parametric Study of Absorber parameters

It is known from the previous study that the primary lateral seat
suspension should be heavily damped because of the excitation input at
the low frequency. For the heavily damped primary system, the first
transmissibility peak is greatly reduced. The main problem is the second
transmissibility peak, which is usually large because of the demand of
effective vibration attenuation at the tuned frequency. For a single
vibration absorber, the reduction of the second transmissibility peak is
usually achieved at the cost of deteriorating the effectiveness of
vibration reduction at the tuned frequency.

The advantage of applying dual absorbers 1s to achlieve good
vibration attenuation at the tuned frequency while constraining the
second transmissibllity peak to a minimum possible. The appropriate
absorber damping value and the tuning ratio of the two absorbers are the
key factors in determining the effectiveness of dual absorber. In this

chapter, parametric study on the damping, tuning and mass ratios of the
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dual absorbers will be conducted to study their influences on the ride
performance. For this simulation study, the damping ratio of the primary

system ls kept a constant at 0.5S5.

4.3.1 Variation of Tuning Factor for First Absorber

In the dual absorber system, the absorber with small mass and
damping is usually tuned to the frequency where peak input occurs. The
tuning factor of the second absorber is determined by the characteristics
of the vibration input. Because of the complexity of vehicle vibration
inpui, the appropriate tuning factor can only be determined through
parametric study. In the simulation, the following values are assumed for

the design variables:

0.30

‘=
I}

€ = 0.15

0.10

=
il

0.005

Jn
L

1.586

R
i

The simulation results for variation in tuning factor of the first
absorber are plotted in Figs.4.2-4.5. The results are similar to those
with a single absorber. Increasing the absorber tuning factor will
increase the first peak and reduce the second peak of the acceleration
PSD response. It can be seen that the absorber tuning factor of a = 1.5
gives the best vibration attenuation performance by bringing the two

peaks of the acceleration PSD response to the same level. It is also

demonstrated that small absorber tuning factor ils preferred for reducing
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the peak of the relative displacement response of the driver mass.

4.3.2 Variation in Absorber Damping Ratio

As it has been shown before, the selection of absorber damping value
1s a trade-cff between the effectiveness of vibration control around the
tuned frequency and at other frequencies. For a single wvibration
absorber, it 1is impossible to avoid this compromise. It is shown by
Snowdon{40] that with dual absorbers, it 1is possible to obtain a
significant trough in transmissibility while avoiding the two resonant
peaks of large magnitude that are normally introduced at neighboring
frequencies. In the dual absorber system incorporated In a lateral seat
suspension as shown in Fig.4.1, the absorber mass M2 is assumed to be of
greater mass with some damping (denoted by the damping ratio Ea). The
second absorber 1is chosen to be of smaller mass M3 than M2 and has very
little damping. For the purpose of comparison, the sum of absorber mass
(M2 and Ma) is kept equal to that of a single absorber, i.e. u1+u2 = 0.4.
In this study, the tuning factor o is assumed to be 1.5. The second
absorber is tuned to the peak input ( o, = 1.586 ). The numerical values

for the other parameters are given as follows:

g =0.55
H, = 0.3
&2 = 0.15
B, = 0.1

The simulation results are plotted in Figs.4.6-4.9. The absolute

transmissibility plot chows that the second absorber damping ratio €3

-110-




SSEN JAATJQ Y} Jo LIF[IqISswsUed] INTosqy ¥y3

ug Jojoej Bujdweg J9QJIOSqQY PUODIS IY) FO IDUINTIUL YL 9y 14

"

(zH) Aouanbaag

SH0'0 = &y

§20°0 = <y

S00°0 = Sy

¢0

¥0

9’0

80

(43

¥i

9l

gl

1 Ssel J0ATI] oY} Jo ALITTTQISsIEsueJ] #Injosqy

1

-111-



ssel JoATa] 3y} jo asuodsay (gsd uoyjeaa[addy Iy}

ug Jojdoey Buydmeg JIqIOSqQY PUOIIS Y] JO IdduINIFuUl YL L'y P14

(=H) 4Louanbauy

¥ r.nf\n/\u/ 5 0,
b 120
N
0
¥0 §
{ 8
- &
90 = =
i 2 |
go 3
-
7 a
L 121 L L] P m
- P [
S¥0'0 =3 3 4z §
oooooooo )
cZ00 =y 7 -
. 4+ 3
00'0 =*3 - ¥
91




SSel JOATIQ 943} JO LIFTTQISSImSURI] IATICIIM Y3

uQ 103984 Jurdweg Joquosqy puodes a4y Jo eduINTFUI YL 8 ¥ 314

(zr) Louanbeay

¢ z 1
[} ]

SH¥00 = &y

G200 = &y

G000 = °3

secsessssanse <l

o
o

¥0

- ] Q@
(=] o
“-1. SES} JOATSQ YY) JO AITTIQISSTWSULI] QATIeIOY

3

h
-

-113-



(zH) 4d>usnbaay
[4

SSel JoAl.] 94) jJo asuodsay juswmdderdsig SATICTA Y}

uQ Jojoej Buydweg J9QJOSqY PUCIIS OY} JO sousn(IUl UL 6°¥ 314

“load

(w0) ssey Joajuq oy} jo osuodsey jusmeserdsig eAtjIeley

-114-



‘ S

will greatly influence the effectiveness of vibration attenuation around
the tuned frequency and the system’s second resonant frequency. The
influence of the second absorber damping ratio on the transmissibility at
other frequencies is negligible. Comparing the results with that of
lateral seat suspension with a single vibration absorber, the major
difference is that, with dual absorbers, the acceleration PSD response at
the tuned frequency can be significantly resduced without the cost of
poor vibration attenuation at the system’s second natural frequency.

The relative transmissibility plot, as shown in Fig.4.8, indicates
that the second absorber damping ratio has visible influence only at the
tuned frequency (because of the small mass of the second absorber). Since
the displacement input at the tuned frequency is very small, the
influence of the second absorber damping ratio on the relative

displacement response can be neglected.

4.3.3 Variation in Absorber Mass Ratio

In the preceding simulation, the ratio of the two absorber mass
ratio B (B = M3/M2). is assumed to be small. The influence of varying the
absorber mass ratio on the vibration attenuation performance will be
studied in this section. For the investigation, the total mass of the
dual absorbers is kept unchanged. i.e. B + B, = 0.4. The tuning factors
and damping ratio of the two absorbers are given as follows:

« = 1.5

£ =0.15

1.586

R
]

0.005

m
it
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The simulation results are shown in Figs.4.10-4.13. It can be seen that
increasing the absorber mass ratio B will have great influence on the
second transmissibility peak and have 1little effect on the
transmissibility at the tuned frequency. Increasing absorber mass ratio
will introduce larger peaks in the acceleration PSD response at the
system’s resonant frequency. The relative displacement response of the
driver mass also shows that small absorber mass ratio B8 has the advantage

in suppressing the peak relative displacement response.

4.4 Conclusions

In this chapter, parametric study of dual absorbers is carried out.

From the simulation results, the following conclusions can be made:

1. Dual absorbers can be used to reduce the vibration response at the
tuned frequency without the drawback of introducing large motlon response
at the system’'s natural frequencies. The performance is very sensitlve to
the damping ratio of the second absorber €3. In order to have effective
vibration attenuation performance at the tuned frequency, the absorber
damping ratio Ea should be small.

2. The ratio of the two absorber mass B8 should be small so as not to

introduce large vibration response at the system’s natural frequenciles.
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CHAPTER 5

Parametric Optimization of Lateral Seat Suspensions

S.1 Introduction

In the previous chapters, the influence of varying a single
parameter on the ride performance has been investigated when all other
parameters are kept as constant. The parametric study reveals only the
trend of the influence of each single parameter on the ride performance.
In this chapter, the optimal suspension parameters will be sought by
performing a constraint multi-parameter optimization. The influence of
absorber mass on the ride performance will also be investigated to probe

the trade-off between ride performance and the resultant system weight.

5.2 Formulation of the Optimization Problem

The objective in the design of a seat suspension is to achieve
minimum acceleration level and smaller relative displacement response of
the driver with respect to the cab floor. In addition to the ride
requirement, the mass of the absorber should be as small as possible to
achieve a lighter resultant suspension. The solution of such system can
be viewed as a multi-objective, multi-parameter optimization problem. One
simple way to address this issue is to assign some subjective weighting
factors to each independent objective and create a new single objective
by summing up all the objectives multiplied by their corresponding
weighting factors. One difficulty associated with such an approach is the
determination of the weighting factors for each objective. An alternate
approach is to select from the objectives one that can be considered the

most important criterion and the others are treated as constraints by



restricting the functions to be within some prescribed acceptable limits,
In this study, the peak lateral acceleration response PSD in the
frequency range 0-4 Hz is taken as the objective and the maximum
amplitude of relative displacement of the driver mass is imposed as a
constraint. The mathematical form for the optimization problem in its

generic form is:

Minimize F(X) with respect to X,

Sub jected to:

Cl(X) = 0,

[
]

1,2,...,m

EJ(X) = 0, J=12,...,k (5.1)

The vector X contains n unknown design varliables which are to be
calculated by minimizing the objective function F(X). Any solution must
also satisfy m inequality constraints Cl(x) = 0 and k equality
constraints Ej(K) = 0. For this study, the constraint imposed on the
design variables( absorber damping ratio, absorber tuning factor,
absorber mass and main system damping ratio) is that they all possess

positive values.

5.3 The Optimization Package PAROPT[41]

The optimization package used in this work is called PAROPT. It is
an interactive, multiple choice optimization package. It can be used to
solve unconstrained as well as constrained optimization problems.

The minimization algorithms in PAROPT basically solve the problem of

finding the unconstrained minimum of a function of n variables:

F(X), where X represents the vector (xl.x ....,xn) (5.2)

2
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In order to find the optimum of a function which 1is subjected to

inequality and/or equality constraints of the form:

Ci(ﬁ)

1A

0, 1=1,2,--m

E (X)

]
o
.
|

=1,2, ~=-~k

a weighted penalty function 1is constructed to account for the

constraints. A subroutine CONPEN is created to calculate the quantities

CN =) a CT(X) and EQ =) Ef(g(_) (5.3)

vwhere

1 for C‘(X)>0
a, =

0 otherwise

The original constrained optimization problem is converted into an

unconstrained optimization of the augmented objective function
f(X,W) = F(X) + W*(CN + EQ) (5.4)

where W is the weight of the penalty function.

The original constrained optimization problem is thus solved from the
unconstrained augmented objective function f(X,W).

To use the PAROPT optimization package, one has to provide a
function subroutine which includes the objective function and
constraints, as well as to define the design variables. Programs OPTIMI1,
OPTIM2 and OPTIM3 are developed for this purpose. Generally, no

constraints have been imposed on the design variables other than that
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they are of positive values.

5.3.1 Weighting Factor for the Penalty Function

From the augmented objective function f(X,W), one can conclude that
the value of f(X,W) depends on the penalty weight if the 1inequality
and/or equality constraints are violated. The selected value for the
welght W should be large enough relativé to the unconstrained function
value to force the optimization process to move out of the constrained
area, but not too large to cause difficulties such as floating point
overflow. The welght for the calculation is chosen as 10*® for this
investigation.

PAROPT optimlization package provides nine unconstrained optimization
algorithms for users. Algorithms can be classified under two categorles:
gradient-dependent optimal search and direct optimal search. The
gradient-dependent optimal search requires that the derivative or
differential of the objective function be available. Since the objective
function in this investigation is the peak acceleration response PSD in
the frequency range of interest, the derivative of the objective function
is not readily available. Because of this, the gradient-~dependent
optimization methods are not suitable for the present study. In this
investigation, a dlrect search technique, the SIMPLEX optimization

algorithm is selected.

5.3.2 Evaluation of the Augmented Objective Function f(X,W)

The evaluation of the augmented objective function and the relative
displacement constraint are carried out in the following way:
1. For an initial set of system parameter values, calculate the motion

responses (acceleration and relative displacement responses) in the given
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frequency range (0 - 4 Hz);

2 Find the maximum motion responses by comparing the responses at each
excltatlion frequency;

3 Calculate the augmented objective function f(X,W) according to

Egns. (5.3) and (5.4).

5.4 Sensitivity of Relative Displacement Constraint on the Peak

Acceleration Response PSD

Studies in the optimal design of seat suspension systems have
emphasized the trade off between the acceleration level transmitted and
the relative displacement occurring between driver and control panels.
The objective of optimal design of seat suspension is to achlieve best
ride comfort within the control safety 1limit. The optimization should
then be formulated with the peak relative .displacement constrained to be
below the safety limit. Unfortunately, the safety limit for the lateral
control has not been avallable. The upper bound of the relative
displacement constraint is wusually determined by the designer. The
optimal results are based on this assumed constraint. The drawback of
arbitrary selection of relative displacement constraint is that the
designer has no knowledge of the severity of the influence of the
relative displacement constraint imposed on the optimal results. In this
study, sensitivity of relative displacement on the optimal acceleration

response PSD is presented.

5.4.1 Optimization Results of a Lateral Seat Suspension with a Single

Conventional Absorber

For the optimization of a lateral seat suspension, the main system
damping ratlo El, absorber damping ratlo gz and absorber tuning ratio «

are taken as design variables. The absorber mass ratio is taken as a
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constant (u=0.4).

The optimization results with a single conventional absorber are
tabulated In Table 5.1. The influence of the variation in relative
displacement constraint on the peak acceleration response, the optimal
maln system damping Eiopt’ the optimal absorber tuning ratio aop'_ and the
optimal absorber damping ratio E%pt are plotted in Fig.5.1. It can be
seen that smaller peak acceleration response will result as larger
relatilve displacement response is allowed. Variation in the optimal
design variables and the objective function has its greater influence if
small relative displacement is permitted. The varlations decrease as
larger displacement is allowed. For relative displacement greater than
S.1 em, the influence of relative displacement constraint has negligible
effect on the acceleration response. In such cases, the lowest minimum
peak acceleration response is obtained.

The relative displacement constraint has strong influence on the
optimal main system damping ratio. Larger main system damping is required
for smaller relative displacement response. The relative displacement
constraint has little influence on the optimal tuning ratio.

The optimal absorber damping ratio with variation in relatlve
displacement constraint demonstrates that as the peak relative
displacement constraint is increased, the Ea initially decreases, then

increases, and finally reaches a constant value.

5.4.2 Optimization Results With an Absorber Employing Elastically

Coupled Damper

The optimization results with a single absorber employing
elastically coupled damper are listed in Table 5.2 and plotted in
Fig.5.2.

The effect of relative displacement constraint on the selection of
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Table 5.1 Optimization Results with Variations in the Relative
Displacement Constraint for a Single Conventional

e
AR RN
0.015| 3.055| 0.193| 1.391 4,744
0.020| 2.787| 0.095) 1.506 3.353
0.025| 1.979{ 0.114| 1.498 2.846
0.030| 1.446| 0.130| 1.495 2.397
0.035| 1.139| 0.132| 1.498 2.056
0.040| 0.931| 0.136| 1.498 1.784
0.045| 0.766| 0.136| 1.500 1.543
0.050| 0.636| 0.128| 1.506 1.325
0.051| 0.570| 0.166| 1.481 1.293
0.085| 0.570| 0.166| 1.481 1.293
0.060| 0.567( 0.166| 1.481 1.293
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the optimal main system damping ratio, absorber damping ratio and the
optimal tuning is similar to those with conventional absorter. The
difference, however, is in the optimal absorber damping ratio of the
three-element absorber, which 1s generally larger than that of
conventional absorber.

The influence of the relative displacement constraint on the optimal
absorber stiffness ratio is that as the peak relative displacement
constraint 1is 1increased, the absorber stiffness ratio Q initially
decreases, then increases, and finally reaches a constant value.

Comparing the acceleration results with those with conventional
absorber, it can be concluded that the three-element absorber can provide

marginaly improved ride performance.

5.4.3 Optimization Results With Two Conventional Absorbers

In the preceding sections, the parameter optimization of lateral seat
suspension with single vibration absorber is presented. In this sectlon,
optimization algorithm will be applied to optimize the lateral seat
suspension with two conventional absorbers. The mathematical equatlons
for the motion transmissibility can be found in previous chapter.

The optimization results with two conventional absorbers are listed
in Table 5.3. The sum of the two absorber mass is kept equal to the
single absorber’s mass for the purpose of comparison. The results show
that two conventional absorbers behave slightly better than single
conventional absorber for the relative displacement constraint below 2.5
cm or above 5 cm. For the relative displacement constraint between 3 cm
and 4.5 cm, the optimal results indicate that two conventional absorbers
are combined into one and thus behave basically the same as that of

single conventional absorber.
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5.5 Sensitivity of Absorber Mass Ratio on the Lateral Ride Performance

The parametric study of the absorber mass ratio reveals that greater
absorber mass ratio will give better ride performance, however, greater
absorber mass will have the problem of heavier resultant system. The
choice of the absorber mass 1is thus compromised between the ride
performance and the system weight. In order to choose proper mass ratio,
a sensitivity study is necessary. In this study, optimization algorithnm
is used to investigate the variation in absorber mass on the maximum
acceleration response. Other parameters of the absorber and the main
system damping ratio are also studied to investigate the influence of
absorber mass on the selection of optimal values for these parameters.

The optimization results for a conventional absorber with mass ratio
varying from 0.1 to 0.6 are listed in Table 5.4, The results are also
plotted in Fig.5.3 and Fig.5.4.

The optimization results shows that the peak acceleration PSD
response of driver mass decreases with the increasing absorber mass. The
absorber mass ratio shows greater influence on the peak acceleration I'SD
response when p is below 0.4. The variation in absorber mass has little
influence on the absorber tuning ratio. Greater absorber mass requires
higher main system damping to achieve optimization ride performance.
Increasing absorber mass has the advantage of reducing the relative
displacement response of the driver mass, but the improvement is very
small for absorber mass ratio greater than 0.4.

The optimization results for an absorber employing elastically
coupled damper are listed in Table 5.5 and presented in Fig.5.5 and
Fig.5.6. Results show slightly better improvement in both acceleration
response and relative displacement response over the suspension with a

conventional absorber for all p values. Since the damper is elastically
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coupled, the absorber damping ratio corresponding to the optimal design
is higher than the values required for conventional absorber. The main
system damping ratios required for the optimal conditions also increase

as greater absorber mass is used.

5.6 Comparison of Vibration Isolation Performance of Different Seat

and Cab Suspensions

The parameter optimization of lateral seat suspensions with absorber
has been presented in the previous sections. In this section, the
effectiveness of vibration isolation performance of different lateral
seat suspensions with absorber will be compared with the motion response
level of the driver mass with seat suspension without absorber and
seat/cab suspension systems. The acceleration and relative displacement
response of the driver mass for different optimal suspension systems{4)
are presented in Figs.5.7 and S5.8. It can be seen that seat suspensions
with vibration absorber can provide much better vibration isolation for
off-road vehicle operator than seat suspension only. All of the three
types of seat suspension with dynamic absorber provide approximately 80%
vibration attenuation in acceleration PSD response for the driver without
lowering the spring stiffness rate of the primary system. The vibration
isolation performance of seat suspensions with absorber is comparable or
even slightly better than a system with optimal cab and seat of
suspensions. Among the three types of lateral seat suspensions with
absorber, the suspension with three-element absorber has the best
acceleration isolation performance. The simulation results also indicat-
that the optimal seat suspension with absorber produces approximatel °
cm greater relative displacement response for the vehicle operator. Tn.
peak relative displacement response of three kinds of lateral seat

suspension systems with absorber is almost identical.
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5.7 Conclusions

In this chapter, a nonlinear direct search optimization algorithm is
applied to investigate the effects of the relative displacement
constraint and the absorber mass ratio on the ride performance as well as
the optimal system parameters. The vibration isolation performance of
different suspension systems are compared with respect to the
acceleration and relative displacement responses of the driver mass. From
the simulation results, the following conclusions can be drawn:

1. The upper bound of the relative displacement constraint must be
chosen properly. The trade-off between better ride ( smaller acceleration
response ) and better vehicle control ( smaller relative displacement
response) exists only when the relative displacement is within some limit.
Below this limit, the optimization results will be affected by the
relative displacement constraint. However: if the upper bound of the
constraint is set beyond the limit, the relative displacement constraint
will not be active and the optimization results are hardly optimal. The
above results are obtained with the assumption of constant spring rate of
the primary system.

2. The upper bound of the relative displacement constraint has strong
influence on the adoption of the optimal main system damping but has no
influence on the selection of the optimal tuning. Generally, the absorber
damping ratio is small. The optimal absorber damping falls between 0.1 -
0.2.

3. Three-element absorber shows slightly superior performance over the
conventional absorber. Two conventional absorbers also work slightly
better than single conventional absorber for some settings of the
relative displacement coﬂstraint.

4. Larger absorber mass ratios result in smaller attainable acceleration
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and relative displacement response of the driver mass, and also, greater
absorber mass requires both larger main system damping ratio and absorber
damping ratio.

S. In order to achieve a good compromise between the ride performance
and the weight of the system, the absorber mass ratio should be chosen
less than 0.4.

6. All of the three types of lateral seat suspensions with absorber can

provide excellent acceleration attenuation performance.
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CHAPTER 6

Conclusions and Recommendations for Future Work

6.1 Conclusions

In this thesis, parametric study as well as parameter optimization
of different schemes of lateral seat suspensions with dynamic vibration
absorbers are conducted. From the simulation results, the following
conclusions can be drawn:

The lateral ride can be significantly improved by the attachment of
vibration absorber to the primary lateral seat suspension. The lateral
seat suspensions with vibration absorber show better vibration isolation
performance than the suspension without absorber. The low frequency
vibration excitation can be effectively attenuated by the addition of
vibration absorber without the need for lowering the stiffness value of
the primary suspension.

Among the three different types of suspension systems, the seat
suspension with a three-element absorber show the best vibration
isolation performance. The lateral seat suspension with dual absorbers
having the total mass equivalent to the single absorber also show better
vibration reduction performance for some settings of the relative
displacement constraint.

An increase in the absorber mass always results in the reduction of
the motion response of both the driver and the absorber mass. However,
the mass ratio greater than 0.4 ls usually undesirable due to relatively
very little ride improvement that can be achieved and large weight of the

resultant system.




The selection of the absorber damping ratio is compromised due to
the 1isolation performance around the tuned frequency and other
frequencles away from the tuned frequency, especially at the system's
second natural frequency. Small absorber damping ratio provides good
acceleration isolation around the tuning frequency but poor acceleration
response for excitaticn frequencies away from the tuned frequency. For
reducing the relative displacement response of the absorber mass, greater
absorber damping ratio is always desirable.

The natural frequency of the absorber should be tuned around the
excitation frequency where intensive vibration inputs occur. Since the
peak input excitation of the acceleration and the displacement do not
occur at the same frequency, the selection of the tuning ratio become a
compromise between the attenuation of the acceleration and the relative
displacement response. From the point of acceleration attenuation, the
tuning ratio should be around 1.5, however, reduction of the relative
displacement response requires smaller tuning ratio. With the proper
selection of the absorber tuning ratio, both acceleration and relative
displacement responses of the driver mass can be reduced.

The selection of the main system damping ratio offers a compromise
between low and high frequency performance. The importance of damping
ratio on the isolation performance at each excitation frequency |is
weighted by the varying amplitudes of the excitation inputs.

The implementation of dual absorbers can effectively reduce the
vibration response of driver mass without introducing large resonant

response at system's natural frequencles.

~-146-

R N T



6.2 Recommendations For Future Work

Although the attachment of a vitration absorber to a seat suspension
can provide much better ride for the driver than the conventional seat
suspensioa, the vibration level experienced by the driver is reduced only
to the ISO-2.5 hour fatigue decreared proficlency limit. In order to
provide the driver, a working environment with vibration level below the
ISO recommended 8-hour fatigue decreased proficiency limit, two-stage
vibration isolation (cab suspension ani seat suspension) is necessary.
Future research may be conducted towards the development and simulation
of cab and seat suspension with vibration absorbers.

In order to verify the simulation results, experimental work on the
lateral seat suspensions with a vibration absorber is recommended.

The 1limitation of a passive wvibration absorber is 1its narrow
vibration suppression bandwidth. Research efforts may be contributed
towards the development of a semi-active or active absorbers for lateral
seat suspensions, which can provide vibration suppression over a wider

frequency range.
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