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ABSTRACT

AN ANALYTICAL AND EXPERIMENTAL INVESTIGATION OF
HIGH PERFORMANCE SUSPENSION DAMPERS

Brian Warner, Ph.D.
Concordia University, 1996

Racing vehicle suspensions pose unique design requirements on dampers duc to the
performance criteria and excitations associated with quick lap-time and high speeds. The
primary suspension requirement is the cnhancement of traction, arising from the
mechanical adhesion of the tire with the road and the acrodynamic downforce, to achieve
maximum lateral and longitudinal acceleration of the vehicle. Isolation of the sprung
mass constitutes the secondary requirement for the damper. An analytical and
experimental study is performed to determine the influence of dampers on race-vehicle
suspension performance, and to develop comprehensive analytical models. The
dissertation research is carried out in seven sequential phases: (i) analysis and
development of experimental test methods; (ii) development of analytical damper
models; (iii) validation of damper models, using conventional test methods; (iv)
development of quarter vehicle model and determination of performance criteria; (v)
validation and response analysis of the candidate dampers in a quarter-car configuration;
(vi) parametric analysis of damper parameters relative to performance criteria; and (vii)
analysis of simplified models. Analytical models of three dampers are developed
incorporating nonlinearities due to gas spring, friction, asymmetric multi stage damping
valves, fluid compressibility and temperature dependence. The analytical models arc
thoroughly validated by comparison of responses with experimental measurements. A
quarter-car simulator is designed and fabricated, an analytical model is developed,

incorporating friction, tire and suspension spring, tire lift-off, and displacement



constraints, permitting validation of the analytical damper models under realistic vehicle
excitations. The analytical response characteristics and the measured data are evaluated
in terms of mechanical and aerodynamic traction, and oscillations of the sprung mass. A
comprehensive parametric study is performed to study the influence of damper design on
the performance criteria. The response behavior of simplified damper models are
compared with those of the comprehensive model to demonstrate the significance of gas
spring, temperature variations, valving, etc. From the study it is concluded that the
damper and thus the vehicle suspension performance is specifically sensitive to
temperature variations, and that the assymetric multi-stage valving provides a nonlinear

tuning capability for performance enhancement.
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CHAPTER 1

INTRODUCTION AND LITERATURE REVIEW

1.1 INTRODUCTION

The performance characteristics of racing vehicles involved in competition sports
are strongly related to their traction, directional control and stability properties. The race
car performance, invariably evaluated in terms of lap time, is thus dependent upon the
longitudinal and lateral acceleration developed by the vehicle. While the mechanical grip
and aerodynamic down force determine the tire-road adhesion and thus the tractive effort
at the tire-road interface, the lateral load transfer and vehicle roll determine the
directional control and stability characteristics of the vehicle.  The design and
perforrnance of vehicle suspension directly influences the road-holding, lateral load
transfer and roll properties of the race vehicles. Developments in effective vehicle
suspenision springs and dampers have thus drawn increasing efforts from race car

designers to enhance their lap-time performance.

Technological developments evolving from competition sports have been
frequently implemented into conventional automobiles to improve their ride, handling,
stability and safety performance. The rear view mirrors, seat belts, aerodynamic designs,
four-bar motorcycle rear suspension, MacPhearson struts, disc brakes, etc. are examples
of some of the developments which evolved from the race-car engineering during the past
few decades. Developments in motocross suspension contributed to the design of
compliant suspension with travel increased from approximately 100 mm to 300 mm to
enhance the road-following ability of the wheel and ride quality. A suspension linkage
with high wheel displacement ratio was realized to accommodate the increased rear wheel

travel. Such suspension designs, however, posed high demand on the damping forces at



low speeds, which resulted in rapid fade and failures of the twin tube dampers. The
extensive development efforts prompted by the strong desire to imiprove suspension
performance contributed to the designs of monotube and remote reservoir dampers to
enhance heat dissipation properties and reduce the oil foaming and the cavitation. Upon
recognizing their performance benefits, these dampers were adapted to virtually every
other form of racing, including: World Super Bike, Formula One, Indy Car, NASCAR,
off-road truck, etc. While motocross suspension is designed to achieve a compromisc
between the impacts and vibration transmitted to the rider, and the road following ability
of the vehicle, the race car suspension dampers are tuned to achicve improved traction
performance. The race car suspensions are thus designed with relatively stiff spring and
limited travel. The mechanical grip, aerodynamic down force, and the directional control
performance characteristics of the race cars are attained through design and tuning of

effective dampers.

Various active and adaptive suspension systems have been developed for the racing
vehicles in the late eighties and early nineties. While the performance potentials of the
computer controlled active suspension with rapid ride height and attitude control have
been clearly demonstrated, the extensive development efforts and the associated costs
have limited the use of such suspension. In view of the high development costs, the
organizing body of Formula One competitions prohibited the use of such suspension
following the precedent established by the Indy Car, NASCAR and various other racing
organizations. This has prompted renewed development =fforts in passive dampers,
utilizing the knowledge gained from the developments in active and adaptive suspension.

Furthermore, it has been established that various active and adaptive suspension
developed for passenger cars are not value added products and hence have been limited to

a very small amount of passenger car production.



The developments in high performance dampers, have primarily, evolved from
repetitive field testing and tuning. The need to develop effective analytical models and
laboratory test methods for the different damper designs has been strongly emphasized by
the race car teams and the automotive industries. The analytical models in conjunction
with laboratory tests and limited field trials can enable the cost effective designs and
performance analyses of the dampers. Although, a limited number of highly complex
analytical models have been reported in the literature, the use of such models has been
limited due to their high complexity and poor correlation with the measured data. 'The
lack of efforts in development of affective analytical models, is perhaps attributed to the
complexities associated with characterization of nonlinear low-and mid-speed
compression and rebound valving, friction, temperature dependency, fluid compliance,
etc.

In this dissertation, analytical models of different monotube and remote reservoir
dampers are developed through systematic analytical and experimental characterization of
their components. The analytical models of the gas spring, friction force, flows through
rebound and compression valves, thermal expansion of the oil and components, and fluid
compliance are developed and integrated to formulate the total damper models. Different
test methodologies are investigated to characterize the various components and the total
damper. The response characteristics of the models derived under varying harmonic and
transient excitations are comnpared with those obtained from extensive experiments
performed in the laboratory to demonstrate the effectiveness of the models. A
performance criteria is formulated to facilitate the study of the influence of various design

and operating variables of the dampers.



1.2REVIEW OF RELEVANT LITERATURE

Studies on vehicle suspension encompass a diversity of subjects related to model
development, development and analysis of different concepts, performance evaluations,
etc. Extensive studies on race-car vehicle suspension, including those on simplified
damper models, have been published in the literature. While the majority of these studies
on race cars, focus on conceptual desigr details and field assessments, the studies on
conventional road vehicles focus on development of analytical models, and analysis
methodologies. The relevant published studies on both types of vehicle suspension are

thus reviewed and grouped in sequence to develop the scope of the investigation.

1.2.1 Review of Studies onRace Car Suspension

The majority of published studies on race car suspension report the fundamental
understanding of the race vehicle suspension kinematics and tuning methodologies for the
dampers, springs and aerodyramic devices in order ‘o achieve a competitive vehicle
design [1,2,3,4]. The evolution of the current generation of race car darapers has been
comprehensively described by Smith [5).  The study further presented the principles of
operation of the damper, its interactions with the race car dynamics and traditional testing

methodologies for the dampers.

The kinematic analysis of vehicle suspension linkage has been extensively analyzed
and reported in many published studies. Crahan [6,7] presented comprehensive models
for the kinemavic analysis to study the steady-state handling performance of a race car. A
race car model comprising a three-DOF (degree-of-freedom) vehicle model with Pacejka
tire model, with look up tables defining roll height and stiffness from analysis of planar
A-arm suspension, has been described by Jonash [8] to evaluate the handling and stability

characteristics for synthesis of the suspension and determination of spring rates, based on



selected performance indices comparing the dynamic handling response of the vehicle.

Case studies are presented along with a parametric study showing the sensitivity of
coefficients with respect to vehicle response behavior. The dynamics of race car vehicles,
together with the kinematics of the suspension, causes and effects of acrodynamic down
force, tire models, suspension spring models, and the analytical models have been
thoroughly described by Milliken and Milliken [9]. The authors further described the
influence of damper force on the race car performance and emphasized the need for
higher dan:ping for race car suspension than that required for the conventional road
vehicle suspension. Race cars utilize higher aerodynamic loading to generate cornering
forces and thus require higher damping to reduce pitching motions and the magnitude of
variations in the acrodynamic loading. The damping ratios of an Indy car, subject to high
aerodynamic loads in an oval trim, have been computed as 0.938 and 0.747 respectively,

for the front and rear axle suspension in the base line configuration.

The aerodynamic loading of a race car and thus the overall lap time is strongly
influenced by the suspension design and tuning. It has been stated that a change in the
ride height by 7.6 mm can lead to an additional 0.5 s to the lap time of an Indy car [10].
This is on a one mile oval track where aerodynamic loads play a critical role and the
fastest lap times range from 21 to 22 s. The pitch dynamics of the vehicle suspension
further effects the vehicles stability and its lap-performance time. The front wing of a
Formula One car is particularly sensitive to pitch motions, which alters the magnitude of

downforce significantly with only a small chunge in the attitude [11].

The effects of aerodynamic loads on the performance characteristics of the Formula
One vehicles have been discussed by Wright [12). The aerodynamic downforce directly
affects the tire-load adhesion and thus the tractive and cornering effects developed at the
tire-load interface. Race cars, in general, are able to generate aerodynamic downforce

equivalent up to 2.5 g. The high downforce coupled with high cornering coefficients of



the tires (in excess of 1.5), permit the vehicle to gencrate transient cornering forces in the
order of 4 g/s. The variations in the acrodynamic downforce, caused by ride height
response of the suspension, therefore, affect the cornering and traction ability of the
vehicles in a significant manner. It is thus vital to reduce the magnitudes of variations in
the aerodynamic downforce by maintaining the clearance between the underbody and the
track to a nearly constant value. The control of the ground clearance, however,
necessitates the control of pitch and roll motions of the vehicle and its suspension.

Relatively high stiffness suspension springs are thus frequently employed to reduce the
pitch and roll oscillation of the vehicle. The combined heave and pitch motion, often
referred to as “porpoising” and attributed to nonlinear variations in the downforce with
the angle of attack, furlier contributes to excessive variations in the downforce. A high
suspension damping ratio in the pitch mode is thus desirable to suppress such variations,
which yields high damping in the bounce, as well as roll modes of oscillations of the
vehicle. High suspension damping combined with relatively stiff suspension springs
yield oscillation frequencies considerably larger than those of the conventional road
vehicles. The typical resonant frequency associated with various modes of oscillation are

as follows:
Frequency of Heave Mode: >5Hz
Frequency of Pitch Mode:  >8 Hz
Frequency of Roll Mode: >15Hz

The race car suspension design and tuning thus form the most important tasks to
achieve improved lap-time performance. The tuning of the suspension and dampers is
frequently attained through repetitive field trials. Only limited studies have addressed the
development of cost effective and efficient methods of suspension tuning through
development and analysis of effective models. Kasprzak and Floyd [13] developed a

simplified bicycle model of a race car to derive optimal damper parameters. The model
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Figure 1.1  Force-velocity characteristics of a damper [13).

was used to tune the race car dampers through response analysis of the model, subject to
the excitations generated by a four post shaker system. The vertical acceleration response
measured at the front and rear of the sprung mass, the front and rear hubs and the exciters
were used to determine transfer functions of the vehicle and suspension with different
dampers. The relative performance evaluations of different dampers were carried out by
comparing different transfer functions derived from the measured data. The study
utilized linear models of the dampers, although the damper traces clearly revealed the
nonlinear characteristics, as shown in Figure 1.1. The contributions due to the assymetric
multi-stage valving, gas spring, hydraulic compressibility and the friction forces of the
damper and the suspension were assumed negligible. A comparison of the transfer
function derived from the model simulation and measured vehicle -esponse
characteristics revealed significant differences in the peak frequencies (4.8 vs. 5.8 Hz)
and magnitudes, as shown in Figure 1.2. Although the simulator results revealed trends
similar to those cbserved with the measured data, the results show considerable errors in
the magnitude. The large errors are perhaps attributed to simplifying assumptions of the

model associated with neglecting the assymetric multi-stage damping, friction and gas
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Figure 1.2 Acceleration transfer functions for a GTP car [13].

spring forces. Owing to the comparable trends, the simplified model has been used to

select dampers to enhance the race car performance.

1.2.2 Review of Studies on Vehicle Suspension

While the developments in race car suspension have been mostly realized through
field evaluations of the prototypes, the designs of road vehicle suspensions have evolved
from systematic analytical and experimental studies. The systematic development efforts
for the road vehicles has been prompted by the need to enhance ride, handling and
stability of high production volume cars. It should be emphasized that the fundamental
design concepts of production automobiles and their road vehicles frequently evolve from
the efforts in the race car industry. The design objectives of the road vehicle suspensions,
however, are considerably different from those of race vehicles. While the design
objectives for the race vehicle suspension inciude high traction and cornering abilities,

the road vehicle suspension designs involve a compromise between the ride comfort,



handling and directional control performance characteristics. To an extent, the

methodologies developed to analyze and assess the road vehicle suspension can be

applied to evaluate race car suspension.

The relevant published studies on automotive dampers, and suspension, and semi-
active and active sispension are thus brief*'* reviewed to enhance an understanding of the
similarities and differences between the race car and general road vehicle suspensions.
The analytical methods are specifically reviewed for their potential applications to the

race car dampers.

1.2.2.1 Automotive Dampers

The damper force, however, is a complex function of the design, valving, friction,
operating temperature and gas spring. Analytical models of varying complexities have
been developed to characterize the force-velocity behavior of the automotive dampers.
Simanaltis [14] and Jackson [15] presented a comprehensive description of automotive
dampers, including the history, operation of valves, effects of changes in valving
components, testing, and manufacturing of typical passenger car units. The design of
seals 1. the gas pressurized shock absorbers has been described by Yukimasa et al. [16].
Their study concluded that the frictional force of a particular seal design increases with
both internal pressure and piston rod velocity, as shown in Figure 1.3. The study further

revealed the time variant nature of the damper friction force, also shown in Figure 1.3.

A comprehensive study of twin-tube passive dampers has been reported by Lang
[17] and summarized in the paper by Segel and Lang [18]. An analytical model of a twin
tube damper incorporating orifice and blow off valving, compressibility of the oil, and
vapor phase was developed to study the hysteresis and asymmetric multi-stage damping

characteristics. The analytical model, validated using the experimental results derived
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Figure 1.3  Variations in seal friction force with cycle time and internal pressure {16].

under deterministic square wave acceleration inputs, in the 1 to 10 Hz frequency ranges
demonstrated an increase in damper hysteresis with frequency. The proposed model
revealed excellent correlation with the experimental data under specified deterministic
excitations, as shown in Figure 1.4. The validity of the damper model was demonstrated
for deterministic inputs alone, while neglecting the compliance due to mounts and the
effects of friction, bearing mounts, gas spring, and temperature variations. A suspcnsion
damper, in general, is subject to excitations caused by the relative dynamic motions of the
sprung and unsprung masses. The performance evaluations of automotive dampers thus
necessitate appropriate characterization of the dynamic motion of the vehicle. The
analysis and validity of the proposed model has not been attempted under such realistic

excitation.

The damping characteristics of a twin tube shock absorber incorporating the

compliance due to the rubber bushings have been investigated by Anderson and Fan [19].
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Figure 1.4 Comparison of analytical and experimental force-velocity characteristics of

a damper configuration [19].

The damper valving is modeled using linear flow coefficients identified from the
measured data and the effective compressibility due to gas, oil and dimensional changes
in the damper body is incorporated within the model. While the contributions due to
damper friction are considered negligible, the model revealed reasonably good correlation
with the experimental data. The results of the study concluded that the rubber mounts
increase the hysterisis of the damper particularly at higher frequencies. This is perhaps
one of the reasons that the rubber bushings are not used in mountings of race car
dampers. Karadyi and Masada [20] developed a nonlinear shock absorber model based
upon the coefficients, determined from the experimental data. Describing function
techniques are used to ‘characterize the damping forces. The proposed model is
developed to incorporate asymmetric damping, dry friction and hysterisis due to back
lash and fluid compressibility. The damping model, however, does not describe the multi-
stage damping properties of the damper. The model was validated using laboratory test

data obtained under low vciocity excitations (0.4 Hz), which explains the lack of
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multistage damping. The simulation results show relatively poor correlation with the
experimental data, when compared to those demonstrated in works presented by Lang
[18] and [19]. The effects of fluid compressibility on the damper hysteresis was
represented by an equivalent spring in series with the damping model. Modeling of the
compressibility as a spring in series with the damping model is also used and validated by
Moline et al. [21] under excitations ranging from 0.46 to 9.06 Hz. The details of the

proposed model, however, are not fully described by the authors.

The experimental and analytical studies on automotive dampers have emphasized
the strongly nonlinear force-velocity characteristics attributed to valving, friction, gas
spring, fluid compressibility, and thermal expansion of oil and the damper components.
Development of semi-empirical models of the dampers have thus been attempted to

accurately describe the behavior within a specified operating range.

Reybrouck [22] present a semi-empirical damper model, where the coefficients
were identified from experiments. While the fluid flow is assumed to be incompressible,
a correction factor related to the damper acceleration is introduced to account for the
effects of compressibility. The proposed model incorporates multi-stage valving. and
friction force modeled as an offset, while the contributions due to thermal and
displacement effects are assumed negligible. The gas spring force is modeled using the
ideal gas laws, while the initial volume determined by measurement. The proposed

model results revealed good correlation with the experimental data.

1.2.2.2 Suspensions

Increasing demands placed on the ride, handling, and stability performance of
automobiles, and stability dynamics and pavement load characteristics of heavy vehicles

have resulted in extensive theoretical and experimental investigations in the role of
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vehicle suspension. The potential performance benefits of different concepts in semi-
active and active suspensions have further prompted numerous theoretical developments
for their analysis. The majority of theoretical studies on suspension concepts are carried
out using a simplified quarter-car vertical dynamic model neglecting the inter-axle
coupling, and roll and pitch dynamics of the vehicle. The quarter-car two degree of
freedom (DOF) models have been extensively used to study the role of damping and to
carry out relative performance analyses of different suspension concepts. The quarter-car
model comprises a sprung mass supported on either linear or nonlinear suspension spring
and damper, and an unsprung mass supported between the suspension components and a
linear or nonlinear tire spring [23-26]. The performance characteristics of different
suspension concepts in the simplified two-DOF models are evaluated for deterministic
and stochastic excitations, characteristics are evaluated in terms of these three parameters:
passenger discomfort, suspension deflection and tire load variations [23-26]. The quarter
vehicle models, however, assume negligible influence of friction, bump stops,
asymmetric damping, hysteresis in damping, changes in linkage geometry, etc. The
mathematical relationships between the transfer functions for sprung mass acceleration (a
measure of ride quality), suspension deflection and the tire deflection have been
investigated by Hedrick and Butsuen [26]. The study concluded that the three
performance functions are interrelated and that a gain in one of the functions is
accompanied by the deterioration of the other performance functions throughout the
entire frequency range, except near the wheel-hop frequency. The design of suspension

thus involves a complex compromise among these performance functions.

The ride quality, tire loads and suspension deflection performance characteristics
have also been investigated by Sharp and Hassan [27] using a linear quarter vehicle
model subject to random excitations. The study of influence of varying damping and

stiffness coefficients concluded the need for suspensions with variable damping and
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stiffness coefficients to achieve an improved compromise. A quarter-vehicle ride
dynamic model comprising a simplified twin-tube damper model derived from the study
of Lang's work [17] has been investigated by Hall and Gill [28]. Although the responsc
of their simplified damper medel to square wave acceleration excitation showed
reasonably good correlation with the experimental data (Figure 1.5), the degree of
correlation is inferior to that demonstrated by Lang [17] and shown in Figure 1.4. The
authors attribute the errors to inaccurate damping coefficients of the valves, or error in the
experimental data. It should be noted that Hall and Gill [28] analyzed the damper model
and the quarter-vehicle response using a digital computer, while Lang {17] performed the
analysis of the damper alone using a analog computer. The quarter-car model, excluding
the nonlinearities due to friction, bump stops, rubber mounts, suspension linkages, tire
damping and wheel lift-off was analyzed for random road excitations to evaluate the ride
performance of linear and bilinear damper models and the simplified nonlinear damper
model based on Lang’s work. The study concluded that linear and bilinear dampers yield

better ride then the nonlinear damper.

Recognizing the potential performance benefits of variable coefficient dampers,
numerous concepts in semi-active and sequential dampe:s have been proposed and
investigated. A concept of a tunable sequential hydraulic passive damper has bcen
proposed and analyzed by Rakheja et al. [29]. The study compared the performance
characteristics of the proposed concept to those of a fixed orifice passive damper model
and semi active sequential damper model. The analytical model developed in the study
incorporated the nonlinearities due to orifice flows, gas spring and pressure relief
mechanism. The ride response characteristics of the proposed models evaluated using a
single-DOF model subject to harmonic excitations and a two-DOF quarter vehicle model
subject to harmonic and transient excitations were compared to demonstrate the

performance potentials of the proposed concept. While the sequential damper proposed
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Figure 1.5  Comparison of analytical and experimental response of a twin-tube damper

(Excitation; 38 mm amplitude at 5 Hz) [28].

in the study is similar to a conventional passive automotive damper, with multi-stage
asymmetric damping, the control valves are proposed to be externally mounted to

facilitate tuning.

The performance characteristics of a telescopic front fork and a remote reservoir
rear dampers used in motorcycle suspensions have been experimentally and analytically
investigated by van Vliet [30-32]. The analytical models comprising asymmetric
damping due to orifice flows, check ball in series with spring and orifice blow-off valves,

ball and plate one way valves, gas and helical springs, stiction and hydraulic bump stops
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were analyzed for deterministic and stochastic excitations derived from field
measurements using the equivalent linearization methods. The damper characteristics
were experimentally validated using an equivalent mass laboratory tester. An analytical
model of a passive, nonlinear hydropnematic suspension system compromising
polytropic gas spring, orifice flows, coulomb friction, bump stops and hydraulic
compressibility has been developed and analyz.d by Joo [33]. The analysis of the
suspension model under shock and harmonic excitations demonstrated significant ride

performance gains for a multi-wheeled vehicle.

Although some of thc damper models described above include the effects of
friction, gas spring and fluid compressibility, only a few studies have quantitatively
discussed the influences of such nonlinearities on the damper characteristics. The effects
of suspension friction on the response characteristics of a simple linear quarter-vehicle
model and a multi-DOF vehicle model, subject to random excitations arising from
smooth and rough roads, have been discussed by Yabuta et al [34]. The nonlinear friction
force is analyzed using a statistical linearisation technique, the study concludes that the
suspension friction is detremental to the ride performance. The study further
demonstrated that the effect of friction will depend not only on its magnitude but also the
road surface, vehicle velocity and tire stiffness. Their conclusion have been further
supported through a study conducted by Ilosvai and Szucs [35] on the effects of dry
friction on the quarter-car model response. The study demonstrated the detremental
effects of dry friction on the ride quality response, and that suspension friction was

related to increased probability of wheel lift-off from the ground.

While most of the above reported studies are concerned primarily with the ride
quality of the vehicle, the design of a suspension affects the handling performance in a
significant manner, particularly in the case of high performance and racing vehicles. In

some of the studies described above [23,25,27], the handling performance of a particular
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suspension is evaluated in terms of the dynamic variations in tire load in a quarter-vehicle
model. High magnitudes of variation in the tire load are related to poor handling
performance. The subjective nature of most handling evaluations and the significance of
the driver interactions have been emphasized by Sano [36]. Analysis of vehicle handling
response is frequently performed through development of yaw-plane or three-
dimensional vehicle models subject to steering excitations. Although a large volume of
literature exists on handling response analysis, only few studies have analyzed the role of
vehicle suspension in handling performance. Loos and Dodlblbacher [37] performed
analysis of handling using an ADAMS computer simulation model with over 100
degrees-of-freedom, nonlinear large scale displacements and suspension bushing and tire
models. The authors investigated the influence of various suspensions and design factors,
including: McPherson strut geometry and compliance, shimmy, front suspension
harshness, and comparison of rear suspension. The authors, however, do not describe the
suspension damper model used in the study. The model response evaluated for a rapid
(0.4 s) ramp steering input showed good correlation with the experimental data during the

first cycle, and considerable divergence in the results in the later periods.

The studies on analysis of different suspension systems have been comprehensively
reviewed by many researchers [38-40]. These articles discuss the analytical techniques,
suspension and vehicle models, semi-active and active suspension and performance
analysis. These studies further identify the further studies needed in the discipline. Ina
review article, Morman and Giannopoulus [38] concluded that ‘more realistic models for
shock absorber behavior need to be developed’ along with studies on the characterization

and role of dry friction. The article further concludes that most of the studies on active

suspensions are based on linear assumptions, which are supported by only limited
experimental verifications. A comprehensive review of studies on semi-active and active

suspensions has been reported by Sharp and Crolla [39]. It was concluded that the ‘study
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of behavior and design influences under discrete event excitation is comparatively
undeveloped, especially in relationship to subjective performance.” Furthermore, most of
the developments in the area are of theoretical and conceptual nature, which necd to be
proven through hardware realization and laboratory and road testing. Bernard et al [40]
review developments in active suspension, multi-body dynamic models, rear steer and
aspects of commercial vehicle dynamics. It was further ecstablished that most
developments are of a theoretical nature, and that one case of experimental verification

was hindered by the nonlinearities of the actuators.

1.3 SCOPE OF INVESTIGATION

Various analytical and experimental studies, reportcd in the literature and briefly
reviewed in the above sections, have established that the ride quality and handling
performance of the vehicle is strongly related to its suspension damper. The race car
performaiice, evaluated in terms of lap-time, and longitudinal and lateral traction, has
been related to the damping properties of the suspension. Although a number of semi-
active and active damping concepts have been shown to enhance the vekicle performance,
their banning by virtually all governing bodies of competition vehicles ensures the further
development of passive race car suspensions. These developments continue to focus on
realization of effective suspension dampers, mostly through inefficient and costly
repetitive field trials. A need to develop effective analytical models of the modern
dampers has been strongly emphasized by various racing teams and automotive
companies. Although, validated analytical models of twin-tube dampers employed in
passenger cars have been developed, only limited efforts have been made to develop
effective analytical models of high performance monotube and remote reservoir dampers.

While the strong dependency of the damping forces on variations in operating

temperature have long been identified, no attempts have been made to include this
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dependency. Furthermore, a need to accurately characterize the damper friction, gas

spring forces, and compliance has been identified to develop effective models.

The overall objective of this thesis research is thus formulated to derive
comprehensive analytical models of high performance suspension dampers through
systematic parameter identitication. The specific objectives of the dissertation research

are as follows:

a. Develop analytical models of the various damper components to characterize the
contributions due to gas spring, Coulomb friction, non-linear multi-stage and
assymetric damping valves, fluid compressibility and thermal expansion for the

candidate race car dampers.

b. Develop test methodologies for characterization of component behavior, specifically,
the gas spring, Coulomb friction, valving, fluid compressibility, and thermal

expansion.

c. Perform laboratory tests and identify component model parameters and coefficients

through analysis of the experimental data.

d. Validate the component models using the experimental data, and integrate the

different component models to derive total models for the monotube and remote

reservoir dampers.

e. Investigate the damping characteristics of candidate dampers under varying levels of
harmonic excitations and operating temperatures using a conventional test stand.
Investigate the validity of the damper models for a wide range of excitation velocities,

displacements and operating temperature, using the experimental data.

f. Develop a quarter vehicle test stand and associated analytical model to study the

damper performance under more realistic excitations. Investigate the validity of the
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total damper and quarter-vehicle model under sinusoidal and step excitations of

varying amplitudes.

g. Formulate performance criteria to asses the damper performance in a quarter vehicle

configuration relating to the requirements of race car suspension.

h. Perform a comprehensive parametric variation study to investigate the influence of

design and operating parameters on the proposed performance criteria.

i. Develop simplified models of a candidate damper and compare the response
characteristics of the quarter-car model with the simplified damper models, and the
comprehensive damper model to the measured response, to demonstrate the

significance of the various component nonlinearities.

1.3.1 Organization of the Thesis

In Chapter 2, design details and performance characteristics of the candidate racing
vehicle dampers are briefly described, and two different constructions are identified based
on the location of the gas chamber relative to the damper body, and the design of the
valving. Two experimental methodologies to characterize the force-velocity and force-
displacement properties of the dampers are discussed in view of their benefits and
limitations. Selected experimental results are discussed to enhance an understanding of
the damper characteristics and the role of multi-stage assymetric damping,
compressibility effects, friction, gas spring and the thermal effects on the damping,

friction and the gas spring forces.

Analytical models of various damper components, such as gas spring, friction,
multi-stage valving, thermal expansion and fluid compressibility are dcveloped in
Chapter 3. Extensive laboratory tests are performed and the data is analyzed io identify

the different model coefficients. A comprehensive Coulomb friction model is developed
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as a function of the sign of velocity, damper displacement, and operating temperature. A
test methodology is proposed to characterize the low-speed gas spring and friction force
properties of the candidate dampers. Gas spring models are developed using the ideal gas
laws and the thermal expansion of oil. The characteristics of different compression and
rebound valving mechanisms are modeled using the fundamental flow and pressure
equations. Analytical models defining the multi-stage characteristics of the valving are
developed based on combined parallel and series flows through valving mechanisms.

The effects of fluid compressibility are analyzed and two different compressibility
models are derived; pressure independent and pressure dependent. The influence of
variations in the operating temperature on the damping properties is represented by
considering *“e thermal expansion of oil and damper components. The components

models are integrated to derive the total damper models.

In Chapter 4, the various coefficients for the component models are identified
through analysis of the experimental data. The response characteristics of the analytical
model are compared with those derived from the experimental data to demonstrate the
validity of the models. The friction force is characterized as a function of the
displacement using the data derived from the static force measurements. The data is
further used to compute the initial gas volume and pressure. The experimental data
derived from very low speed harmonic excitations at varying temperatures is used to
determine the dynamic and temperature coefficients of the friction model, the polytropic
coefficient of the gas spring, and the effective thermal volumetric expansion of the oil.
The valving and fluid compliance coefficients are derived from the test data attained
under sinusoidal inputs of varying frequency and displacement amplitudes. The
coefficient of thermal expansion of oil is also identified from experimental data obtained
over a range of operating temperatures. The total damper models are thoroughly

validated for harmonic excitations of varying amplitudes and frequencies.
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In Chapter 5, the quarter-car test stand is developed to study the damper
performance under realistic excitation. The quarter-car simulator is analytically modeled
incorporating the friction between the sprung and unsprung masses, and the input,
nonlinear relative displacement limit constraints, and loss of ti.e ground contact. An
additional quarter car model is developed that more closely arproximates a racing vehicle
suspension, for usage in the parametric variation study. The methodology used to
determine the coefficients of friction of the links in the quarter vehicle model is also

presented.

In Chapter 6, the damper models in a quarter-vehicle configuration are analyzed for
harmonic and transient excitations. The damped and undamped quarter-vehicle models
are thoroughly validated using the results derived from experiments performed in the
laboratory. Methods of analyzing the suspension performance related to requircments of
the race cars in the frequency and time domain are developed. Analysis in the frequency
domain is performed using two different amplitudes in order to observe the effects of the
nonlinearities. A parametric study of a candidate damper model is performed in the
frequency domain using the quarter vehicle model to enhance an understanding of the
influence of different design and operating variables on the performance. Two simplified
damper models are further developed and their response characteristics are compared
with those of the comprehensive model to demonstrate the significance of various

component models.

The highlights of the dissertation research are finally discussed in Chapter 7

together with the major conclusions and the recommendations for future work.
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CHAPTER 2
DAMPER CHARACTERISTICS AND TEST METHODS

2.1 INTRODUCTION

The total dynamic force developed by a hydraulic damper is the resultant of the
hydraulic, gas spring and frictional forces, which are complex functions of the fluid
compressibility, valving, velocity, acceleration, temperature, etc. Although numerous
analytical models of varying degrees of complexities and simplifying assumptions have
been developed and analyzed, the majority of these models are considered valid only
under specific operating conditions. A number of models have utilized equivalent
linearization techniques for response analyses [30,41]. While such methods provide the
response characteristics in the frequency domain under specified conditions, the nonlinear
time-domain behavior of the damper cannot be characterized using these methods. Many
other models are considered valid for low acceleration levels, while the acceleration
dependent lag caused by fluid compressibility is assumed negligible [18]. Analytical
models, derived from the analysis of various damper components, are known to provide
good correlation with the measured data in the frequency as well as time domain [18,30].
Such models however, are quite complex and require prior knowledge of numerous
design constants.

The lack of an appropriate analytical model is perhaps attributed to the strong
dependence of the damping characteristics on various design and operating conditions,
and the complexities associated with development of the accurate analytical
representations. It is thus desirable to establish a thorough understanding of the static and
dynamic contributions of the various design and operating factors, through a series of
laboratory tests, prior to developing an analytical model of the damper. Such a study will
enable the identification of the most significant design parameters to be incorporated in

the model.
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In this chapter a brief review of hydraulic dampers is presented and three candidate
dampers are selected for the thorough experimental investigation. The test methodologies
used to measure damping, gas spring and frictional forces over a range of excitation
amplitudes, frequencies and operating temperatures are described. The test data is
analyzed and the relative significance of various test parameters is discussed for the

candidate dampers.

2.2 DESCRIPTION OF DAMPERS

The design and performance criteria of suspension systems for high performance
racing vehicles are significantly different from those of conventional automobiles.
Performance criteria for automobile suspensions, in-general, include: isolation of the
occupants from road induced vibration and noise; suspension rattle space; handling and
directional stability [27]. The performance characteristics of racing vehicles are primarily
evaluated in terms of the lap time which, is a function of the acceleration that can be
generated laterally and longitudinally [42)]. The acceleration performance of a vchicle is
strongly dependent upon the traction arising from mechanical or aerodynamic grip [1).
The aerodynamic grip is directly related to the component of the normal force acting on
the tire due to aerodynamic loads. The position of the vehicle body relative to the road
surface is known to be one of the major factors contributing to the aerodynamic grip, and
thus provides a measure of the suspension’s performance. Mechanical grip refers to the
tractive forces which are not attributable to aerodynamic downforce, arising from the tire-
road adhesion properties, and is determined from the road holding abilities and the
dynamic weight transfer. While ride comfort, suspension travel, and handling constitute
the primary design criteria for conventional automobiles, the directional control and
stability are primarily emphasized for the design of race vehicle suspension. The design
and performance requirements of race vehicles are therefore considerably different, and

vary from track to track. As an example, high performance race vehicles employ
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suspensions with damping coefficients in the 0.6-0.8 range, while conventional
automobile suspensions are designed to yield damping coefficients in the order of 0.25
[43].

Apart from the differences in damping properties, the dampers are subjected to
varying levels of excitations dependent upon the application. For road racing vehicles,
the damper is expected to control the unsprung and sprung masses at relatively low
velocities. The relative velocity across the damper of a Formula 1 car suspension remains
below 0.025 m/s for 90% of the time [11], while the peak velocity across an Indy race car
damper approaches 0.38 m/s [44]. In the case of a road racing super-bike, peak velocities
of 1 m/s can be frequently experienced [45). A typical family sedan damper may
experience velocities up to 3 m/s, and damper velocities of 4.3 m/s have been reported for
off road racing trucks [46]. Unlike conventional automobile dampers, the design and
performance evaluations of racing car dampers are primarily concerned with low velocity
operation.

Dampers are also subject to other evaluation criteria, which differ considerably
between racing and passenger vekicles. These performance criteria include: operating
temperature (-40°C to 95°C for the family sedan, typically 10°C to 150°C for most North
American racing vehicles), endurance (160,000 km for the sedan vs. the finish of the race
for racing vehicles), noise (as little as possible for the sedan, of no concem for the racing
cars), light weight (while important for the sedan, it is extremely important for the race
car), and cost (approximately $5 to $20 for the sedan vs. $400 to $10,000 for the racing
car). The different performance criteria and factors for race cars and conventional

automobile dampers are summarized in Table 2.1.

2.2.1 Damper Characteristics

Since the design details and operating principles of hydraulic dampers have been

extensively dealt with in the literature [15,17,47], only the important and relevant design
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PERFORMANCE CRITERIA FOR RACING CARS AND CONVENTIONAL

TABLE 2.1

AUTOMOBILE DAMPERS

Criteria

Passenger Car

Race Car

Operating Temperature
Expected Life
Subjective Noise
Weight Concern

Compressible Medium

Approx.mate Cost

Approximate Damping
Coefficient

Permissible Variation in
Force

End Mounts

-40°C to 95°C
160,000 km
Very Low
Slight

Air at atmospheric or nitrogen
at low pressures

$51t020
0.25

+/- (8.8% + 20N) to 30%

Rubber Bushings

10°C to 150°C
160 to 800 km
No Concern
Very High

Nitrogen at 0.7 to 2.6
MPa, separated from oil

$400 to 10,000

06-0.8

Oto 10N

Spherical Bearings

aspects of the dampers are discussed in this section. The: hydraulic dampers, invariably,

dissipate thermal energy generated by restriction of oil flows. Pressurized nitrogen gas is

frequently used as a co npressible medium to allow for the displacement of oil by the

differential rod volume.

The hydraulic resistance in the damper is controlled using

various combinations of valving mechanisms, which are effective over different speed

ranges. The hydraulic resistance of a damper is frequently tuned for three distinct ranges

of velocity, in both rebound and compression, in order to achieve the optimal vehicle

response. These velocity ranges are termed as low, mid and high as illustrated by the

typical characteristic curve of a damper in Figure 2.1. The low and mid speed results

presented in the Figure have been derived from the laboratory tests performed on a Koni
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Figure 2.1 Force-velocity characteristics of a damper.

damper, while the force data in the high speed range is slightly altered to enhance the
illustration, as illustrated by the dashed line. The characteristic curve describes the
relationship between the measured peak force and peak velocity generated by sinusoidal
excitations of varying periods and/or ampiitudes.

For illustrative purposes the working of the compression valving across the piston
alone is described. The principles of damping force associated with hydraulic flows
across the base valve during the compression stroke or across the piston during the
rebound stroke are quite similar, and are described in more detail in references [15,17,47).
The force-velocity characteristic curve reveals high damping coefficient (rate of change
of the peak force with respect io the peak velocity) in the low velocity range, which is
developed by the fluid flows through orifice restrictions, often referred to as the “bleed

orifice”. Figure 2.2 illustrates a schematic of the low speed compression operation of a
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typical hydraulic damper piston with a bleed orifice and deflection disc valving. The
hydraulic fluid displaced due to piston motion will flow from the high pressure side of the
piston to the low pressure side. During the compression stroke the low pressure side of
the piston is normally the side with the rod. The pressure differential developed across
the piston is strongly dependent upon the piston velocity relative to the cylinder. At low
velocity, fluid flow occurs through two paths: (i) through the bleed orifice(s) - the size
and number of bleed orifice(s) are selected to tune the low speed characteristics of the
damper; and (ii) leakage flows through the piston/wall clearance, which cax alter the
damper performance significantly, The deflection discs remain closed due to relatively
low pressure differential developed at low velocity.

The mid speed damping control is achieved by another valve with established
preload, and deflection characteristics. These valves arc typically either deflected disk or
blow off spring valves, which are tuned by varying the preload to obtain the desired
transition velocity from low to mid speed control, while the stiffness of the valve
determines the damping coefficient through the mid range speed [5,14,15,47). The mid
speed damping contro! valve works in parallel with the low speed bleed in most racing
dampers, and in series with the low speed bleed in most passenger car dampers. Figure
2.3 illustrates a schematic representation of hydraulic flow through the compression valve
corresponding to mid speed. As shown, the mid speed flow consists of leakage flow,
bleed orifice flow, and flow through the deflection disc stack. The flow areas for lcakage
and bleed flows are relatively small in comparison with that for the deflection disc stack.
The flows through the deflection disc stack, thus, dominates the mid speed damping
characteristics. Changes in valve preload are normally achieved by changes in the
curvature of the piston/disc stack interface, with increasing concavity in the piston
causing increased preload. The valves comprising different number of discs of varying
thickness, diameter, and material properties are used to achieve desired stiffness

characteristics.
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Figure 2.4 Schematic of high speed compression valve flow.

At high velocities the flow is restricted either by the limits in the opening of the
valve or through a restriction in the flow passage leading to the valve [14,15,17,47].
Figure 2.4 illustrates a typical deflection disc stop, which serves to limit the opening of
the valve and controls the high speed damping flow. In passenger car dampers, the high
speed restriction is normally tuned for large excursions. This restriction in most racing
car dampers, however, becomes effective at velocities considerably higher then the usual
operating range. The damping characteristics corresponding to high velocity range arc
thus often neglected for racing vehicle dampers.

In order to allow for differential rod volume entering the damper, a compressible
medium, such as air at atmospheric or nitrogen at higher pressures, is incorporated within
the dampers [5,14,15,17,47). Most passenger car dampers are designed without a
separator between the oil and gas media, which can lead to foaming of the oil and
significant loss of damping. In race car dampers, the pressurized nitrogen (pressure = 0.7

to 2.6 MPa) is separated from the oil using either a floating piston or a bladder, in order
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to reduce the gas entrapment in the oil. The pressurized nitrogen further serves to reduce
the possibility of cavitation on the low pressure side of the piston (rod side) during the
compression stroke. In order to eliminate cavitation the pressure on the high pressure
side of the piston must be higher then the pressure drop across the piston. 1In a
conventional damper, with a foot valve between the high pressure side of the piston and
the compressible medium, this is normally achieved by having a larger pressure drop
across the foot valve. The dampers with monotube design and the conventional dampers
with a foot valve, which s not tuned for a higher pressure drop, require high pressure gas
as the compressible medium to balance the pressure drop across the piston. The
pressurized gas medium also helps to replenish the fluid flow during the rebound stroke
when a foot valve is used.

The contribution due to the gas spring force is often neglected or inadequately
incorporated in the experimental and analytical studies of dampers reported in the
literature. In experimental studies, the gas spring force is frequently assumed as a bias,
and its value measured corresponding to the mid stroke is subtracted from the measured
total force [48,49]. The resulting force, when interpreted as the damping force may result
in significant errors. The error is attributed to the contributions from the gas spring
effects, particularly when the damping is relatively light and the gas spring is relatively
stiff. Furthermore, the gas spring effects are known to be strongly dependent upon the
operating temperature [50], and no other reported work has attempted to study this effect.
As the damper acts in parallel with the suspension springs, a change in gas pressure
caused by variation in operating temperatures can result in significant change in the
vehicle ride height, affecting the vehicle’s performance. Inthe case of Indy race cars, it
has been stated that a change in the ride height of 0.76 mum can result in a loss of 0.5 s per
lap [10] on a 1.6 km oval track, which is quite significant since lap times track are in the
low 20 s range. In this dissertation research, extensive laboratory measurements are

performed at different operating temperatures in order to enhance understanding of its
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effects on the damper force. The measured damping force of the Koni Indy car damper is
illustrated in Figures 2.5 (2) and (b), to illustrate the influence of operating temperature.
The force-displacement characteristics measured at very low frequency (0.5 Hz) clearly
illustrate the influence of temperature on the gas spring force, (Figure 2.5 (a)), as evident
from the changes in the bias and the slope of the curves. A change in the temperature
from 94°C to 149°C corresponds to an increase of 250 N in the gas spring force at mid
stroke. For a typical 1990 Indy race car rear suspension designed with leverage ratio of
1.087, and approximate spring rate of 133 kKN/m for road racing and 266 KN/m for 1.6 km
oval track racing [44], a change of 250 N in the gas spring force would correspond to
change in the ride height of 1.88 mm and 0.94 mm, respectively for road and oval track
racing. This change in the ride height tends to deteriorate the vehicle performance
considerably [10]. Figure 2.5 (b) illustrates the measured force-displacement response at
a higher cycling speed (2 Hz). The effect of variations in temperature on the gas spring
bias and slope changes are difficult to discern, due to the increase in the damping force.
On first inspection, it would appear that the rebound damping decreases and that
compression damping increases with increase in temperature. This is not the case, and it
will be shown that the damping in both compression and rebound decrease with increase

in temperature, when the friction and gas spring force components are removed.

2.2.2 Description of Candidate Dampers

The road racing vehicle dampers can be grouped into two basic configurations,
based upon their construction and the location of the compressible medium, the monotube
and remote reservoir. Inamonotube damper, the gas reservoir is located in the same tube
as the piston rod and piston, as shown in Figure 2.6 (a). The remote reservoir dampers
employ the compressible medium in an auxiliary tank with a flow passage to the main
body on the compression side of the piston, as shown in Figure 2.6 (b). Typically

monotube dampers integrate all the valves across the piston, while the remote reservoirs
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dampers also incorporate a compression head (foot valve). The flows through the
compression head contribute to some or all of the compression damping.

Figure 2.6 (a) illustrates the schematic of two of the popular monotube dampers,
developed by Bilstien and Koni. Both the damper designs use deflected disc valves
across the piston, in parallel with the bleed circuits, as shown in Figure 2.2. Different
valves are used in compression and rebound strokes to gencrate the desired asymmetric
damping forces. High pressure nitrogen (approximately 2.4 MPa) is used as the
compressible medium, which is separated from the oil by a floating piston. The valving
can be adjusted by disassembling the unit and changing the size and/or number of the
orifice, preload deflection of the disks and/or size and number of deflection discs.
Further, the Koni damper permits the external adjustment of the preload on the disc
stacks.

The remote reservoir type dampers are quite similar to the monotube dampers
except that the compressible medium is located in a separate cylinder with a separator
(floating piston or bladder), as illustrated by Figure 2.6 (b). The separated reservoir is
either directly attached to the main body (referred to as ‘piggy back’ configuration) or
connected to the main body through a hydraulic pipe (referred to as ‘hose conncction
configuration’). The remote reservoir type dampers have been manufactured by Fox,
Penske, Ohlins, White Power, Kayaba, Showa and Mechformance.

With the exception of the Mechformance unit, the remote reservoir dampers
employ valving across the piston in a manner similar to that of the monotube dampers.
These dampers typically provide two external damping adjusters. The first adjuster
permits the adjustment of orifice flow across the piston in the rebound stroke, which may
also effect the compression damping in some cases. The second adjuster, located in the
passage from the main body to the reservoir, permits the control of a portion of the flow
during the compression stroke. This latter device commonly used in conjunction with

valves mounted across the piston, can either be a bleed orifice, preload adjustment or
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combination of both. The influence of the second adjuster on the damping properties is
considerably smaller then that of the piston orifice adjuster.

The Mechformance damper with “piggy back” reservoir configuration comprises
five different externally adjustable valving mechanisms. Two of the adjuster control the
fluid flows across the piston in the rebound stroke by varying the low speed orifice and
mid spced blow off valve. Three adjusters control the fluid flow to the reservoir during
the compression strnke, two vary the stiffness of reeds which are placed on the flow
ports, and the last controls the flow area of one of the ports. The flow across the piston in
the compression stroke is relatively unrestricted, thus preventing cavitation [51].

All the dampers in this study use spherical bearings for their mounting. While most
of the mountings are designed with bearings with minimal clearance (0 - 0.040 mm),
some of the bearings (particularly the Koni) exhibit a noticeable amount >f radial
clearance (approximately 0.040 - 0.082 mm).

The design and construction of various dampers were reviewed in an attempt to
select candidate dampers for the study. The damping characteristics of various dampers
manufactured by Koni, Bilstien, Fox, Penske, Ohlins, Galles (modified Penske), and
Mechformance were established through laboratory tests. While all the dampers revealed
quite similar force-displacement and force-velocity characteristics established from the
experimental data, the various dampers revealed differences in damping curves dependent
primarily on the applications. As a criterion for selection of dampers for further
analytical and experimental investigations, it was establishea to include at least one
raonotube and one remote reservoir construction due to their distinct construction and
modeling differences. While a monotube damper involves study of pressure drop across
the piston alone, a remote reservoir damper involves pressure drops across the piston and
the compression head. For the candidate monotube type damper, a Koni Indy race car
damper was selected, so the effect that variation in temperature has on the gas spring,

could be studied relative to ride height, and damper performance. The Fox damy.er was
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chosen as being representative of the remote reservoir units, due to its wide range of
external damping adjustments, which allows the study of both very stiff and soft damping
characteristics. A Mechformance remote reservoir damper, was also selected for further
investigation due to its different valving mechanisms. Furthermore, this Mechformance
damper revealed strong displacement dependent friction characteristics and poor sealing
performance on a one way valve across the piston, resulting in unique damper
characteristics which require further refinements of the models. This latter unit was set
up to exhibit stiff rebound and soft compression damping in comparison to the other
units.

The candidate damper developed by Koni (model B53), considered for the study,
was previously used in an Indy race car. This damper is typically charged with nitrogen
at a pressure of 2.41 MPa. The candidate Mechformance damper, used on a number of
F2000 cars, operated at a pressure of 2.07 MPa. The valving for the candidate Fox
damper was adjusted for usage on a Superbike and was charged with gas at a pressure of
1.90 MPa. While the Koni damper was not rebuilt, the Fox and Mechformance dampers
were carefully rebuilt with new oil, in a manner that would minimize the amount of
entrapped air in the oil. The Koni and Mechformance bodies and Mechformance
reservoir are hard anodized aluminum, while the Fox damper uses a steel main body and
hard anodized aluminum reservoir. All the three candidate dampers employed a flcating
piston to separate the nitrogen gas from the oil.

The candidate dampers were extensively tested in the laboratory under different
operating conditions to characterize their properties and to identify the most significant
operating factors io be incorporated into the associated models. The Fox damper was
investigated with minimum and maximum damper settings to establish the significance of
these settings for damper modeling, and their affects on quarter-car performance
characteristics. The initial gas volume and charge pressure were set at room temperature

for all the three dampers, while the damper’s piston rods were fully extended. The test
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methodologies employed to investigate the performance characteristics of different

dampers are described in the following section.

2.3 EXPERIMENTAL STUDY OF DAMPER PERFORMANCE
CHARACTERISTICS

Since the damper performance is a complex function of asymmetric bleed orifices
and valving, variations in operating temperature, gas spring force, seal friction, etc.,
industry practices invariably include repetitive road testing and damper tuning in an
interactive manner. Alternatively, laboratory tests are performed to characterize the
damper behavior under specific controlled conditions. The performance characteristics of
the damper are evaluated in the lehoratory using two methods: conventional and quarter-
car test fixtures.

Conventional testing of dampers is accomplished by placing a damper between a
fixed reference and an excitation source. While this method yields the damping
characteristics under preset levels of excitations, in a convenient manner, the interactions
between the damper and the dynamics of the sprung and unsprung masses is neglected.
The test results can thus be considered valid for idealized conditions. The quarter-vehicle
model testing involves testing of dampers installed within a two-degree-of-frecdom
(DOF) vertical mode vehicle simulator. The two-DOF test stand, comprises two guided
masses representing the equivalent sprung and unsprung masses of a quarter vehicle,
coupled through an equivalent suspension spring. The damper is placed in parallel with
the suspension spring, and a spring representing the elasticity of the tire is mounted
between the unsprung mass and the excitation source. Unlike the conventional method of
testing, this method permits the damper testing under more realistic damper excitations,
when the quarter-vehicle model is adequately tuned. In this study conventional damper
tests are initially performed to characterize the behavior of the candidate dampers under

known excitations and to identify the most significant modeling considerations. Quarter-
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vehicle testing is later performed to validate the damper models and to carry out more

thorough perfcrmance evaluations.

2.3.1 Conventional Damper Testing

In a conventional damper test method the damper is mounted between a fixed
inertial frame and an electro-hydraulic vibration exciter. Although conventional damper
tests have been performed under deterministic excitations of varying waveforms,
sinusoidal excitations are most commonly used for damper evaluations. The test
objectives, in-general, are classified as either performance or endurance evaluations.
While endurance testing is extremely important for dampers designed for passenger car
applications, the endurance of racing car dampers is normally not an issue, due to the
rel itively short duration of 1\he race. The endurance tests are performed under varying
excitations, such as sinusoidal, ramp displacement waveforms, displacement time
histories acquired from road tests, and dual superimposed sine waves. Standard
endurance testing of dampers mostly employ sinusoidal input of 0.2 to 1 m/s peak
velocity for one million cycles [48].

Performance testing is important for both racing and passenger car dampers. While
standard test specifications do not exist for racing damners, it is generally accepted that
the racing dampers need to comply to tighter tolerances then those used for the passenger
car dampers. The inputs used for performance testing are normally sinusoidal, although
constant velocity and other waveforms are sometimes substituted. The performance
curves, in general, include; peak force-peak velocity characteristics, force at peak
velocity-peak velocity, and force-displacement or force-velocity characteristics measured
during the cycling of the damper. Figure 2.7 illustrates a family of curves for the Fox
damper with heavy damping settings subjected to sinusoidal excitations of varying
displacements at a frequency of 8 Hz. The composite peak force-peak velocity curve,

presented in the Figure 2.7, is derived from the values of peak force and peak velocity for
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a family of force velocity curves. At sufficiently low cycling speeds, the force-
displacement characteristics permit evaluation of gas spring and friction force
characteristics of the damper. Low speed force-velocity curves can also be used to study
the friction characteristics of the damper.

The measurement of peak force for a given sinusoidal input is commonly used to
compare different units built by the same manufacturer with the same valve code. The
force-displacement and force-velocity loops, however, provide the most significant
information on the performance characteristics and relative evaluations of different
dampers. The force-velocity properties permit the characterization of the fluid
compressibility effects in a highly effective manner. The force-displacement
characteristics further enhance understanding of the influence of operating temperature on
the damper performance, as illustrated in Figure 2.5 (a) and (b). The displacement in
these figures is measured relative to the fully extended position of the unit, and the
dynamic traces are clockwise. The force corresponding to the upper portion of the curve
is generated during the compression stroke and the bottom portion of the curve represents
the extens.on or rebound stroke.

The operating temperature is known to affect the dampers performance quite
significantly [50]. The experimental investigations in this study were performed in the
temperature range of 20°C to 135°C, which is representative of the operating range of
race car dampers. In normal applications, the dampers initially operate at ambient
temperature, and approach working temperature with increase in local ambient
temperature and dissipation of energy. In motocross applications dampers operate near
the ambient at the start of the race, but quickly reach an operating temperature between
105°C to 150°C due to the severity of the inputs. Since the excitations to the formula
type racing cars are not as severe, the dampers used in these vehicles operate at a
moderate temperature differential from their surroundings. The front suspension dampers

normally operate at a relatively lower temperature when compared to the rear suspension
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dampers, which are exposed to the heat generated by the engine and the exhaust.
Although no exact data has been published, it is known that the temperature in the
vicinity of the rear suspension tends to vary substantially during the race, due to frequent

interruptions, stoppage (pit stop), and variations in local ambient temperature [44].

2.3.1.1 Test Apparatus And Procedures

The test apparatus for the conventional damper testing comprises: a 35 kN electro-
hydraulic actuator to generate the desired excitation; servo controller to operate the
actuator in displacement feedback control; waveform generator to deliver the desired
command signal to the servo controller; a feedback displacement sensor (LVDT); and a
reaction frame to provide a fixed reference for the damper. The actuator used in the study
is capable of achieving peak velocity of over 1.5 m/s for sinusoidal displacement
excitations. While the bottom mount of the damper was attached to the actuator piston
rod, the upper mounting was fixed to the reaction frame through a force transducer, as
shown schematically in Figure 2.8. Linear velocity (LVT) and displacement (LVDT)
transducers were mounted in parallel to the damper, to monitor the relative velocity and
displacement, respectively, across the damper. Although the internal feedback LVDT is
normally used in industry to derive the displacement and velocity of the damper, the
external LVDT and LVT are used to eliminate the errors associated with the time delays
built into the feedback signal and the flexibility of the reaction frame. Initial testing
performed with the feedback LVDT built into the actuator, showed a time delay of 4 ms,
which results in a skewed force-displacement plot, with distortion increasing with
increase in the frequency. The force transducer, mounted between the damper and the
reaction frame, was used to measure the force generated by the damper.

A pressure transducer was mounted on the Mechformance unit to measure the gas
pressure during the tests. During earlier tests, pressure transducers were aiso fitted in

different locations on the Mechformance damper to meaoswre pressure differential across
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Figure 2.8  Schematic of a conventional damper test stand.

the floating piston, across the compression head, and between the main body and
reservoir. Thermocouples were mounted at different locations on the candidate dampers
to attain an estimate of their operating temperature. On a monotube body, the
temperature measurement was performed using one thermocouple mounted
approximately 20 mm from the top of the body. On the remote reservoir units, one
thermocouple was mounted on the main body in the same location, and another was
mounted midway on the reservoir body. The small areas in the vicinity of the
thermocougies were insulated in order to attain a closer approximation of the internal
temperature. The measured signals were recorded using a data acquisition system for
further processing and analysis of the data. The test data were acquired at a sampling rate
ranging from 250 to 500 samples/cycle depending upon the frequency of excitation.

Each damper test was initiated at the normal laboratory temperature condition. The

damper was subjected to varying levels of excitations until the temperature approached a
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value slightly higher than the highest desired test temperature. The damper was then
subjected to sinusoidal excitations that allowed the temperature to slowly decrease, such
that the damper was almost in a state of thermal equilibrium, between the heat being
generated and dissipated. The force, velocity, displacement, temperature and, in the case
of the Mechformance unit, pressure data were recorded when the damper reached the
desired temperature. The measurements were repeated at different discrete temperatures
in the specified range, starting with the highest temperature and progressing to the lowest
test temperature.

The candidate dampers were subjected to two series of tests. The first series of
tests involved measurements at 9-10 different reservoir temperatures, ranging from
approximately 150°C to 20°C, to determine the temperature sensitivity cf the damper
forces. At each discrete temperature, the damper was subjected to 12.7 mm peak
sinusoidal displacement at frequencies of 0.5 and 2 Hz. The data acquired at 0.05 Hz
excitation frequency was used to determine the temperature sensitivity of the gas spring
and friction forces. The data corresponding to the excitation frequency of 2 Hz was used
to determine the temperature sensitivity of the damping forces The polytropic exponent
for the gas spring model was also determined from the 0.05 and 2 Hz data for the
Mechformance unit.

The second series of tests, involved measurement of the force-velocity and force-
displacement characteristics under sinusoidal displacement excitations of varying
frequencies and displacement amplitudes. The damper temperature was monitored
during each test and the data were recorded corresponding to desired temperature (within
%5°7), The tests were performed under different levels of peak displacement excitations
(12.7, 6.4, 3.2 and 1.6 mm) and frequencies (16, 8, 4, 2 and 1 Hz). In addition to the
above test conditions, the Fox unit was subjected to 25.4 mm peak displacement at

frequencies of 8, 4, 2 and 1 Hz. The force, velocity and displacement data acquired
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during these tests were analyzed to determine the coefficients for the damping and

compressibility models.

2.3.1.2 Measurement Of Gas Spring And Friction Forces

The damper force, measured during the tests, comprises components due to friction,
gas spring, and damping forces. The damper forces measured at low frequencies are
often assumed to characterize the gas spring and friction force components, while the
damping forces are assumed to be negligible. The rapid change in the magnitude of the
damper force in the force-velocity or force-displacement curves is considered to represent
the static friction of the damper as illustrated in Figure 2.9. While this methodology
yields a reasonably accurate estimate of the static friction force within a variety of
dampers, the method yields significant errors in dampers that deliver considerable
damping force at low velocity. The evaluation of the gas spring and friction force
components, thus, becomes a complex task for race car dampers, which generate large
damping forces at low velocities.

The force-velocity and force-displacement characteristics of the candidate dampers
were measured under sinusoidal and ramp displacement waveforms at frequencies of
0.005 to 1 Hz and varying amplitudes up to 25 mm. The test results revealed poor
repeatability in some instances, and relatively high magnitudes of low speed damping.
Figure 2.9 illustrates the force-displacement characteristics of the Fox damper
corresponding to two different settings: (i) adjusters set to minimal damping; (ii)
adjv ters set to maximum damping. The displacement off-sets of the two test are
different, both however are referenced to the damper displacement at full extension. It
should be noted that the adjusters primarily control the low speed flow through the bleed
orifice. The test speed was selected as 0.05 Hz, which is well within the traditional test
speeds used for most gas spring tests [49]. The results corresponding to light damping

setting reveal only minimal damping force component. Although a detailed analysis of
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Figure2.9  Force-displacement characteristics of the Fox damper corresponding
to light and heavy damping <=ttings (0.005 Hz).

the measured data is presented in Chapter 3, a rapid change in the measured forces
corresponding to stroke reversal is quite apparent. The change in the damper force, the
difference between the upper and bottom curves, is equal to approximately 2 times the
breakaway friction force. With light damping, the rate of change of damper force with
respect to displacement provides an estimate of the gas spring constant. The slopes of the
upper and Jower curves corresponding to light damper setting are observed to be quite
similar. The results presented in Figure 2.9 further reveal that the damping force
corresponding to the high setting, obscures the effect of the gas spring and friction, which
are evident at the lighter damping setting.

Ideally a pressure transducer may be used to study the time history of the gas
pressure and thus the gas spring force. Installation of a pressure transducer on a damper,
however, may pose many complexities. Alternatively, gas spring force characterization

can be carried out through measurement of rod reaction or damper force under discrete

46



deflections of the damper. The measurements were performed using different methods
and the data examined for its repcatability. Rod reaction force and the Qarnper deflections
were first measured on the conventional damper test setup under static command signals.
The results showed inconsistencies due in most part to the pump noise and the
displacement feedback loop forcing the damper from the compression to rebound state
and vice versa. The results also revealed poor repeatability. The tests were next
attempted on a hydraulic press with an inertia frame. Although the measured data was
ovuserved to be more consistent and repeatable, it revealed a displacement drift with time
caused by leakage flows across the hydraulic press’s piston. The final test set up
consisted of a universal milling machine, modified to accept a force t ansducer and height
gauge, as shown in Figure 2.10. This setup was found to have good repeatability, with no
possibility of displacement drift. The damper was mounted vertically between the
vertical spindle and the force transducer located on the milling machine table. A
precision height gauge was used to measure damper deflection, since the table crank
showed appreciable backlash. The measured force was adjusted for the damper weight,
and the data was recorded for further analysis.

The damper force was established using discrete displacements of the damper and
measurement of the rod reaction force. During initial tests the damper was held at
discrete displacements over an extended period of time (up to 12 hours) and rod reaction
measurements were taken and plotted against time to identify the steady-state forces.
Preliminary measurements revealed changes in damper force of 1 to 4 %, occurring in an
exponential fashion during the first 15 minutes, approaching a constant value beyond this
time. The data were thus recorded at a lapse of 20 minutes to determine the gas spring
and static friction forces, and to determine the initial gas pressure and volume by
modeling the gas spring using the ideal gas law.

Figure 2.11 illustrates a comparison of the static force displacement characteristics

of the Fox damper derived from the universal milling machine apparatus with those
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Figure 2.11 A comparison of the static and low speed force-displacement
characteristics (Fox damper with light Jdamping settings).

established from low speed test. Although the two measurement methods exhibit similar
trends, discrepancies arise due to isothermal and adiabatic processes associated with static

and low speed tests, respectively.

2.3.2 Qaarter Car Simulator

Wlile a conventicnal inertia frame tester provides repeatable inputs and
measureiaents under laboratory conditions, it does not accurately simulate the realistic
damper excitations encountered in a vehicle. Although ‘hardware-in-the-loop’ simulation
tools have been rccently proposed to test dampers under a more realistic relative motion
between the sprung and unsprung masses [52], the time delays associated with the
hardware in the loop limit the application of the tool, specifically at higher frequencies
(53]. Furthermore, the validity of the tool has not yet been established as is evident from
the limited number of reported studies in the area. Alternatively, the damper

characterization may be carried out through either road or laboratory tests performed vn a

49



vehicle with the candidate damper. The road test methods, however, pose many
complexities due to poor repeatability caused by variations in the vehicle-road and
vehicle-driver interactions, and various environmental conditions. The test method
further necessitates excessive instr-mentation and high costs associated with tuning and
installation of dampers. While the laboratory testing of the vehicle under controlled
conditions can yield good repeatability of the test results, an excessively large test facility
is required to undertake the tests. Alternatively, the vertical mode dynamics of a vehicle
can be effectivety simulated using a quarter car simulator, with equivalent sprung and
unsprung masses, and tire and suspension springs. Quarter car test methodology permits
the realistic vertical excitations caused by relative deflections across the suspension, and

tuning and installation of dampers in a convenicnt manner.

23.2.1 Test Apparatus And Procedures

Various designs of quarter car simulators used in the industry were reviewed in
terms of their complexities and limitations in order to configure the design for the current
study. One of the designs considered was a four bar type in which the quarter vehicle
system is restrained by a relatively long lever arms pivoted in a horizental plane. The
tester, however, necessitated relatively large space and the resulting motion did not
characterize the vertical response of the traditional quarter-vehicle model accura‘ely [44).
A pumber of quarter-car simulators have been developed in the industry based upon the
analytical models reported in the literature [47,54,55]. The analytical models, invariably,
consist of a tire model, suspension damper and spring models, as well as, sprung and
unsprung masses constrained to move along the vertical axis, as shown in Figure 2.12.

A quarter car simu!ator was developed using the experience gained from the design
of an earlier single-degree-of-freedom (SDOF) test system, illustrated in Figure 2.13 [30].
The test system, designed to simulate the equivalent sprung mass acting on a motorcycle

fork, provided good correlation with the theoretical and field results. The equi salent
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sprung mass in the test apparatus comprised of two vertical shafts coupled through a cross
member and the top of the motorcycle fork was coupled to the cross-member. The
bottom of the fork was connected to the hydraulic actuator, and the motion was
constrained along the vertical axis by the linear bearings mounted in pillow blocks
attached to an inertia frame. Since the motorcycle fork was designed to resist high side
loads and deflections, it served as a good guide. Although the candidate dampers are not
designed to resist high side loads and thus do not serve as guides, the concept of the
SDOF tester is used to design the quarter-vehicle tester shown in Figure 2.14. Equivalent
sprung and unsprung masses, and tire and suspension springs, are integrated within the
test system as shown. The sprung mass is represented by the two vertical shafts tied to a
cross member. The vertical shafts provide the necessary guidance of the sprung and
unsprung masses, while additional cross members may be integrated to achieve desired
sprung mass, ranging from 150 to 252.5 kg.

The unsprung mass is also guided by the two vertical shafts and a pair of Teflon
impregnated bronze bushings (DU material, commonly used in suspension struts),
resulting in relative friction between the masses, as encountered in a real vehicle
suspension system. Two different unsprung masses (27.2 & 45.4 kg) are available along
with the provision to bolt on 9 kg of additional mass. The sprung mass shafts are also
guided by a set of DU material bushings mounted in a cross member attached to the
hydraulic actuator’s piston, providing an unwanted friction between the input and the
sprang mass. The damper is mounted between the sprung and the unsprung masses, with
provision to mount a load cell between the damper and either of the masses. Two springs
are mounted between the sprung and unsprung masses, on either side of the damper, to
represent the suspension spring. The tire is modeled by a parallel combination of one to
three helical springs, installed between the unsprung mass and the input. The system was
setup with masses and springs that approximate those of a large racing sedan, such as a

Trans-Am, and the corresponding parameters are given in Table 2.2.
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TABLE 2.2
QUARTER-CAR SIMULATOR PARAMETERS

Sprung Mass 252.5kg
Suspension Spring Stiffness 70 kN/m
Unsprung Mass 454 kg

Tire Stiffness 350 kN/m

Although the quarter-vehicle test stand is designed for a wide variety of excitation,
such as sinusoidal, step, ramp, random and measured road roughness, the inputs studied
were sinusoidal and step displacements. Sinusoidal excitations of different amplitude
(0.32, 0.63, 1.27, 2.54, 5.04 cm peak to peak) and discrete frequencies in the 1-20 Hz
range were used for studying the damper and quarter-car frequency response. The
transient response was investigated under step inputs of different amplitudes (1.27, 2.54
and 5.08 cm peak to peak) at a frequency of 0.1 Hz.

The quarter-car test stand was instrumented to measure the input acceleration, and
response accelerations of the sprung and unsprung masses. Three sets of LVDT's and
LVT's were installed to measure the displacement and velocity, respectively, at the
unsprung mass, sprung mass and hydraulic actuator. Thermocouples were mounted on
the external damper body and the remote reservoir surfaces to monitor the operating
temperature. The damper force was measured using a force transducer mounted between
the damper and the cross-member forming the part of the sprung mass. The data
acquisition unit described in the conventional test was used for collection of data from the
two DOF tests. While sampling rates from 250 to 400 samples per cycle were selected
for tests performed under sinusoidal excitations, sampling rates of 1 and 2 ms were

selected for damped and undamped systems, respectively, under step excitations.
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The first series of tests were performed on the undamped quarter-car system to
identify the friction forces arising from the linear bearings. Lightly damped, the test
apparatus revealed excessive motion and/or jumps near the sprung mass resonance and
wheel-hop frequencies.  The test frequencies and amplitudes were, therefore,
appropriately selected to ensure that the system remained stable.

The second series of tests were performed on the damped quarter-car simulator, and
the tests were repeated with each of the candidate dampers. Similar to the temperature
tests run on the conventional test stand, the damper was brought up to a temperature
slightly higher then the desired test temperature, by varying the input excitation. The
outside body temperature of the dampers was carefully monitored during the tests, and
measurements were recorded corresponding to relatively constant desired temperature. A
temperature variation +5°C was allowed for the Koni and Mechformance dampers, and
9°C for the Fox damper. The body of the Koni damper was maintained near a nominal
temperature of 95°C, while the temperatures of Mechformance and Fox reservoirs were
held near 44°C and 46°C, respectively. The above test temperatures were selected due to
the fact that the monotube Koni damper operates at a more uniform temperature
throughout the damper, than the Mechformance and Fox dampers, due to its relatively
smaller surface area, and the proximity of the gas chamber to the piston. In the case of
remote reservoir dampers (Fox and Mechformance) it is difficult to maintain a uniform
and consistently high temperature. It was thus decided to maintain the reservoir
temperature near 45°C, while permitting larger variation in the body temperature ranging
from 64 to 100°C. As in the case of conventional damper test, two series of tests were

performed on the Fox damper corresponding to two damper settings.

24 SUMMARY
The force-velocity and force-displacement characteristics of different dampers and

test methodologies were described. The construction and operation of monotube and
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remote reservoir racing car dampers were described in terms of design, low-, mid-, and
high-speed valving, gas spring and friction forces. Three candidate dampers were
selected for the analytical and experimental st.dies, based upon their different design and
performance characteristics. Typical damping characteristics were described to illustrate
the effects of asymmetric multi-stage valving, friction, gas spring, fluid and temperature
variations. Different test methodologies to identify the force components due to gas

spring, friction and hydraulic flows were reviewed for their suitability for the study.
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CHAPTER 3
DEVELOPMENT OF ANALYTICAL MODELS

3.1 INTRODUCTION

The use of analytical models in assessing performance characteristics has been
limited primarily due to three factors: (i) associated complexities and determination of
numerous coefficients to characterize a damper; (ii) inability to predict the performance
for a wide range of operating conditions, such as variations in temperature and oil
compressibility; and (iii) lack of a universal model to analyze different dampers with
varying designs of valves, such as deflection discs and blow off valves.

Analytical models of automotive dampers of varying complexities and simplifying
assumptions have been developed and reported in the literature [13,17,19-22,27,28,30].
A simplified model, based upon viscous and asymmetric damping, has been successfully
used and published by Ahmed et al. [S6]. Although this conceptual model can be
generally applied for different configurations of dampers, the contributions due to gas
spring, friction, temperature effects, and compressibility of the oil and damper
components, arc assumed to be negligible. The damper model developed by Segal and
Lang [18] has established the significance of friction and compressibility effects, while
the importance of temperature and gas spring effects, specifically in high performance
applications, has been demonstrated by Warner and Sankar [50]. The significant
influence of gas spring temperature, friction and compressibility effects is further
illustrated in the laboratory test results presented in Chapter 2.

In this Chapter, an analytical model of the candidate dampers is developed to asses
the performance characteristics over a wide range of operating conditions. The model of
the damper is developed through systematic characterization of various components of
the damper force. These components include; asymmetric multi-stage damping, friction,

gas spring, fluid compressibility, and temperature sensitivity. An analytical model of
[ ]
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each component is then developed, and the associated coefficients are derived from the
experimental data.  Each model is validated using the experimental data for all the
candidate dampers. The validated component models are then integrated with the
hydraulic damper model, derived from fluid continuity and compressibility laws, to
develop a total damper model.. The modeling technique proposed in the study eliminates
the tedious and potentially erroncous task associated with disassembling the damper and

performing various measurements of the components.

3.2 DEVELOPMENT OF GAS SPRING AND FRICTION FORCE MODELS
While the contribution due to damping can be minimized, by testing at very low
speeds, the dynamic force developed by a damper invariably is comprised of components
due to gas spring and friction, hence, these two components are identified simultaneously.
Although the gas spring force can be derived from the gas laws assuming a
polytropic process and known initial conditions of gas pressure and volume [33], the
strong dependency of the gas spring and oil volume on temperature can lead to significant
errors. Alternatively, the gas spring force may be determined through mneasurement of
gas pressure. The installation of a pressure transducer, however may pose certain
complexities in some damper designs. The gas spring force of the Mechformance damper
was determined from both the pressure and static force measurements described in
Chapter 2. This force component for other dampers, however, was derived from the static
force measurements alone. The measured pressure data is used to establish the polytropic
exponent and to validate the gas spring force identi‘ied from static measurements. The
measured force-displacement data is also analyzed to yicld initial gas piessure and
volume, assuming extremely low speed (static) and symmetric friction properties. The
assumption of symmetric friction force is quite reasonable, since the magnitude of
friction force is relatively small. The difference in compression and extension force can

thus be equated to twice the magnitude of friction force, as shown in Figure 3.1.
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Figure 3.1 Measured static force-displacement characteristics of the Fox damper.

The gas spring force can be derived from the mean value of the two forces. A
number of studies have established friction force models independent of the damper
displacement [17,20,22,28,30,33-35]. Analysis of the test results, however, revealed that
the magnitude of symmetric friction of the Mechformance and Koni dampers, and the gas
spring characteristics of all the candidate dampers are strongly related to the damper
displacement. The two components are thus identified as a function of the damper
displacement. While the computed friction force comresponding to different
displacements is arranged in a look up table, a regression analysis is performed on the gas
spring force-displacement data to estimate the initial gas volume and charge pressure.

The data acquired from low speed dynamic testing is analyzed at the points of
discontinuity in the force-displacement curves to determine: (i) the ratio of ‘static’
friction force to the ‘dynamic breakaway’ friction force, (ii) temperature sensitivity of the
friction force, (iii) the polytropic exponent, and (iv) effective thermal expansion
coefficient for the oil and other components that affect the gas volume. In order to

simplify the analysis it is assumed that a thermal balance is achieved within the range of
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operating temperature.  Although the points of discontinuity, for the compression and
rebound segments are quite distinct and easily identifiable for dampers with light
damping, it is quite difficult to establish such points of discontinuity for heavy damping,
as shown earlier in Figure 2.9. An algorithm is thus developed to estimate these points of

discontinuities in the measured data.

32.1 Development of Friction Force Models

Many analytical and experimental studies have illustrated the significant influence
of friction force on the damper performance characteristics [17,20,30]. All these studies,
however, assume constant magnitude friction force irrespective of the displacement and
velocity excitation amplitudes. The dependence of frictional force magnitude on the
excitation amplitude has not been addressed in any published siudy on damper
performance, except in the case of external loading where Bastrow [57] developed a
mathematical model for strut friction. The laboratory tests performed in this study clearly
illustrate the dependence of the friction force on the damper displacement, specifically for
Koni and Mechformance dampers. This dependence of frictional force, athibuted to
misalignments and varying tolerances along the damper stroke, can be quite significant,
particularly at low damper speeds. Variations in the friction force with displacement can
also be attributed to small bearing overlap, particularly when the unit is subjected to side
loads [57]. Bearing overlap is commonly defined as the distance between tk ¢ = of
the piston band and the bearing in the seal head at theunit’s full extension. The .. .c
of changes in the side load on friction decreases with larger overlap. The candidate
dampers, are, invariably, mounted concentric with helical wound springs which, when
bowing of the spring occurs, can produce considerable side loads on the dampers. The
influence of side loading on the dampers is not investigated since the quarter car fixture
did not have the suspension springs mounted coaxial with the dampers, although this

effect could be readily modeled using the methodology presented here. The methodology
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described below yields variations in friction force with displacement that can be
attributed to variations in cylinder bore and bent piston rods. '

The magnitude of friction force (F, ) is thus determined as a function of
displacement derived from the static test described in Chapter 2. The friction force
corresponding to discrete displacements is arranged in a look-up table, and integrated

within the damper model using linear interpolations in the following manner:

F,x=F,+((-;Z%f('ll)-(x—X,) x<X,

(B -F) <
F,=F ( .H-X)(x X,) X, S x<X, (.1)
F,=F,+ ((x X.,l.))(x X,) X, <x

where F, and F,, are the measured friction forces at and smallest and largest damper
displacements, X, and X, , respectively. F_ is the magnitude of static friction
corresponding to displacement x at a temperature of 20°C. F, (i=1, ..., n) is the magnitude
of static friction tabulated corresponding to deflection X;.

The velocity dependent friction, which is a complex function of the friction arising
from piston-cylinder, rod-gnide, and rod-seal interfaces, is further characterized to study
the damper performance. The seal friction is known to vary considerably with operating
temperature and the hydraulic pressure developed during damper operation [16,33] in a
highly complex manner. In order to minimize the contributions due to hydraulic pressure
drops, the damper valves were removed. An additional flow path across the piston was
introduced, such that the flow area was approximately 1/5 of the piston area. The
resultant damper force is then considered to constitute the components due to gas spring

and friction. Figure 3.2 illustrates the measured force-displacement characteristics of the
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Figure 3.2 Friction and gas spring effects in a damiper with no valving and minimal
hydraulic drag.

Mechformance damper for different excitation frequencies (velocities). The gas spring
force, derived from the measured gas pressure and rod area, is relatively insensitive to
changes in the velocity. The magnitude of friction force, decreases with increasing
velocity as can be seen in the Figure. The seal friction, however, will increase with
increasing velocity when the damper valving is included, due to the effect of increased
hydraulic pressures [16]. This combined with the effects of piston-cylinder and rod-
guide, friction, under different operating conditions, makes it extremely difficult to
characterize the combined dynamic friction. Therefore the development of a dynamic
friction model is not attempted. A friction force model based upon the measurements of
static and dynamic breakaway forces is formulated. The errors associated with this
simplification are partially corrected through the coefficients of the hydraulic model.

A friction model comprising the effects of displacement, temperature and variations
between the static and dynamic breakaway measurements, based upon linear correlation

is proposed. The linear model is developed assuming linear thermal expansion of the
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materials in the temperature range of interest. The corresponding changes in ¢ '~arances
thus cause proportional changes in the friction force. While ali the three units use steel
pistons, thc bodies of the Koni and Mechformance units are aluminum, and the Fox
damper has a steel body The measurements performed at different operating
temperatures revealed a decrease in static friction force with an increase in temperature
(results presented in Chapter 4), in the casc of the Koni and Mechformance dampers. The
test data for the Fox damper (with steel body) was observed to be more scattered, with no
clearly defined variations with temperature.

For the damper model, the ratio, R ;,of the magnitude of dynamic
breakaway(F,,;) to static (F,;) friction forces corresponding to displacement x and

temperature T, is defined as:

R, = - (3.2)

The damper force measured at different temperatures is analyzed and the ratio
Ry, as a function of the displacement and the temperature difference, computed. The
AT is expressed with reference of a temperature of 20°C, such that AT=T-20. A linear
regression is performed. The damper friction model is then expressed in terms of the

resultant coefficients, temperature differential and static frictic.n:

Fre = Fy (Cyp - AT +Cip) - sgi%) (3.3)

next

where C; defines the sensitivity ~f friction force with variations in temperature,
primarily attributed to the different thermal expansion coefficients of the components.
C, is the intercept or the raiio R, at zero temperature change and is the derived ratio
between the dynamic breakaway and static measurements at zero temperature change (T
=20°C), sgn(;() defines the sign of the relative velocity.

The friction force model, described in Equation (3.3), does not include th= friction

force due to floating piston separating the gas from the oil. The friction force arising
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from *he floating piston of the Mechformance damper was investigated through
measurement of the pressure drop across the floating piston for a range of test conditions.
The test data revealed that the values of pressure differentials were relatively small, in
comparison with the gas spring and force, and thus may be neglec.zd. As an example, the
pressure differential 2cross the floating piston at an operating temperature of 93°C subject
to excitatio s at frequencies of 0.0 and 3 Hz can be equated to forces of 1.7 and 2.5 N,

respectively.

3.2.2 Gas Spring Models

The gas spring force, defined as the piston rod cross seciion are: multiplied by the
gas pressure, can be a significant factor in the forces generated by the damper. Simple
analytical models based on the ideal gas laws have been empioyed in the studies of
motorcycle dampers [30] and hydropreumatic suspension [33]. These models have
proven to be accurate, while not being overly complex. An analytical model based on
Rubin Webber equation has been shown to correlate very well with the experimental
results [S8] for a gas charged accumulator. Els and Grobbelaar [59] developed a mode!
of the hydrodynamic suspension using the Benedict-Webb-Rubin equaticn. The study
demonstrated good corrclation between theoretical and experimental results derived under
80 mm amplitude displaceient excitation at 0.1 Hz. The model validity corresponding to
more representative suspension excitations, however, is not demonstrated. Further, the
contributions due to friction forces were assumed ncgligible, even at the at the relatively
high charge pressure (2-40 Mpa) used in the study.

The gas spring model for the candidate models is developed using ideal gas law for
its simplicity and due 15 relative low gas pressures. The assumption of low pressures is
further supported by experimental studies and literature [5,30,49,50]. The gas spring

model based upon real gas laws, however, has been validated for higher gas pressure {60].
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Figure 3.3  Representation of the forces acting on the piston and the rod.

Assuming negligible pressure drop across the flow restriction valves, the gas
pressure approaches the fluid pressure throughout the damper. The gas spring force,

derived from Figure 3.3, can be expressed as:

I;.Gx'l' = (PxT - I“atmos) ' Al‘ (3'4)

where F,; and P,; are the gas spring force and pressure, respectively, corresponding to
rod displacement x from full extension and temperature T measured on the damper body.

A, is the cross section area of the piston :« 4, and Py is the atmospheric pressure.

3.2.2.1 Development of Static Gas Spring Model
The force-displacement data derived from the static test stand experiments,

described in section 2.3.1.2, is used to determine the initial gas pressure and volume of
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the unit at an initial temperature Ty. An analytical model of the static gas spring is then
developed by curve fitting the test data, assuming incompressible hydraulic fluid, and a

rigid container. The constant temperature ideal gas process under static conditions yields:
P,V =PV, (3.5)

where Py and V, are the initial gas pressure and volume, respectively, corresponding to
full extension. V, is the gas volume corresponding to rod displacement x, which is

derived from the volume of oil displaced by the piston rod:
Vi=Vox(Ar) (3.6)

The corresponding gas pressure Py is then derived from Equations (3.5) and (3.6):

=X (3.7

Equation (3.7) is solved to determine the initial gas pressure and volume, using linear

regression analysis.

3.2.2.2 Temperature Dependent Gas Spring Models

The gas spring force is strongly d :pendent on the operating temperature, primarily
due to thermal expansion of oil and other components, and the variations in volume and
pressure. These two Yactors are additive, both increasing the gas force with an increase in
temperature. The change in gas volume in sealed damper designs is primarily attributed
to thermal exnansion of the oil, while the contributions due to thermal expansion of the
components is relauvely small. The changes in fluid volume in the Mechformance unit
are computed to demonstrate the relative effects of variations in temperature. An oil
volume of 270 cc with coefficient of thermal expansion of 0.00072/°C [61] yields a 16.7
cc volume increase resulting from an 86°C increase in temperature. A simplified model
employed to compute the volume increase due to body and reservoir expansion resulted

in 2.3 cc volume increase for the same temperature change, which is considerably
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smaller. Such secondary effects, however, can be readily incorporated within the model
based on effective thermal coefficient of expansion of oil, derived from the experimental
data. The volume change is then derived from:

Avmn- = AT * K vod (3.8)

ol *
where K is the coefficient of thermal expansion of oil and V,; is the initial oil volume.
The volume of gas at full extension, corresponding to temperature T, can thus be

expressed as:

Vor =V —AVyr (3.9

The resulting gas volume corresponding to a rod displacement x and temperature T, can

be then derived by substituting V,, for V in equation (3.6):
VxT = VO = X(A r) - Avoil'l‘ (3 10)
Equations (3.8) and (3.10) yield the gas volume as a function of AT and K ;:

Vi =V —x(A,)-(AT-K - V) @3.11)
Upon substituting for the gas volume, V,; , in the ideal gas law, gas pressure as

function of T and K; is derived as:

P Vo .
’ V, —x(A,)-(AT-K, - V)

T
P = — 3.12
xT To ( )

The gas pressure P, can also be expressed in terms of rod reaction force from
equation (3.4):

F,
Px'l‘ = 'Zx_-r_ + anos

(3.13)

r

Equation (3.12) and (3.13) yield the following expression for oil volume change in terms

of rod reaction force and operating temperature:
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AT-K

oll.voi|=v0—x.A,-°" F Po-VO-T
(%‘ + Paunos) ) T0

r

(3.14)

It should be noted that the thermal expansion coefficient and the oil volume of a
damper design are not readily available. The model, however, necessitates the
determination of the product of the two variables. From equation (3.14), it is apparent
that the variables AT, T, x and Fg,; can be easily derived frorn experiments. The
product K ; V,; is then conveniently derived using linear regression analysis, and known
damper geometry. An effective coefficient of thermal expansion is defined to incorporate
the change in oil volume caused by expansion of body and the reservoir, such that the left

side of equation (3.14) can be expressed as:

AT-K,,-V,, =AT-K (3.15)

oil

 +K

voi voint

where K, the slope of the linear regression curve, represents the effective thermal
expansion coefficient and K., , the intercept, accounts for the experimental crrors.
Equations (3.4), (3.12) and (3.15) yield the following temperature dependent gas spring

force model for an ideal gas process:

. P,-V,-T

= P
o ((Vo-—x-A,—AT-K

- ‘A 3.16
+ I(voim ) ’ TO .‘mm] ‘ ( )

voil

3.2.2.3 Development of Polytropic Gas Spring Model

Equation (3.16) yields the gas spring force under static test conditions, where the
gas process can be accurately characterized by the ideal gas equation, or as a reversible
isothermal polytropic process. The gas spring force under dynamic conditions, however,

is accurately modeled as a reversible, approximately adiaoatic, polytropic process, by:

VxeT

Y
PxTy = Px;T '( V ) (317)
xT

68



where P,; is the gas pressure, corresponding to a rod displacement x from full extension
and temperature T, assuming a polytropic process, y is the polytropic exponent to be
determined from the pressure measurements performed on the Mechformance damper. In
application the gas compression involves a complex combination of isothermal and
approximately adiabatic polytropic gas processes. In most cases, the damper is at rest
prior to cxcitations. during which time the heat build up from the nearly adiabatic
compression process is dissipated, resulting in a pressure equal to that obtained under
isothermal compression from the initial volume and pressure conditions. P, is the gas
pressure corresponding to temperature T and displacement x, , which refers to a point in
the damper displacement curve at which the pressure can be equated to the initial
conditions under an isothermal process. using equation (3.12). In damper testing, this
point will normally refer to the damper position at the start of the test, assuming that a
sufficient rest period is allowed to dissipate the heat generated during damper motion.
V. is the corresponding gas volume, which can be related to gas V,; at damper

X

displacement x and temperature T, in the following manner:
Vi = Vi = (x. —%)- A, (3.18)

Assuming quasi steady-state heat transfer, the gas spring force corresponding to a

polytropic gas process, Fg,;, , can be derived from equations (3.4), (3.17) and (3.18):

Y
Vv
Foo =P . el -P,__|-A 3.19
GxTy [ xeT (V“T"(Xe "'X)'Ar] atmos] r ( )

3.3 DAMPING AND COMPRESSIBILITY

The development of damping force model involves appropriate considerations of
flow rate and pressure dependent valving mechanisms, interactions between the valving,
the fluid compressibility and temperature dependency. In view of the complexities

associated with all of these factors, a systematic building block approach is utilized to
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develop component models. Different valving mechanisms are initially modcled,
fol:owed by development of valve systems and fluid compressibility models. The above
component models are integrated to derive distinct damper models, characterizing the
forces due to two different damper designs: (i) monotube design, where the entire
pressure drops vccur across the piston; and (ii) remote reservoir design, where pressure
drops occur across the piston and compression head. The valving and damper models are
also developed for incompressible flow in order to determine initial approximations for
the valving model coefficients. These coefficients are achieved by curve fitting the
experimental data obtained under low levels of acceleration, where the compressibility
effects are considered negligible. The damper valving model incorporating the
compressibility coefficients is derived using an iterative methodology. The temperature
dependence of damper force is finally derived through identification of temperature
sensitive oil density coefficients. The mass due to oil, floating piston and valving

components is assumed negligible in the modeling process.

3.3.1 Yalving Models
33.1.1 Individual Valving Medels

Dampers invariably employ valving in the form of one or more orifices and/or
pressure relief valves. Such valves are anal,dcally modeled, while the associated
coefficients are determined experimentally. Although he flow through valves may occur
under either laminar or turbulent conditions, the experimental and analytical studics
conducted by van Vliet [30] have demonstrated that an assumption of turbulent flow
under all conditions yields an accurate model. This due to the relatively low damper
forces produced at the low speeds that would be associated with steady state, laminar
flow, hence the error in the assumption of turbulent flow is minimized. Further, in

application, the damper response typically changes rapidly, resulting in turbulent flow.
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Based on the assumption of turbulent flow, the characteristic equation for flow rate (Q)

through an orifice is given by:

172
2'AP) (3.20)

Q-C, A (___
p

where AP is the pressure drop across the valve or the orifice and A is the effective
flow area. The flow area is constant for orifice flows and can be measured. In case of
pressure relief valves, the flow area is computed from the limiting flow area of the valve,
which is controlled by ¢ load-deflection device. p is the density of the fluid, which can
be determined cither experimentally or from the fluid properties. C, is the discharge
coefficient of the valve, which is a complex function of fluid pressure, valve design,
geometry, etc. Lang [62] developed a comprehensive analytical passenger car shock
absorber model and analytical and empirical expressions for discharge coefficients. The
study resulted in a highly complex damper model and “concluded that flow rate
prediction can not be made with an accuracy of better then 10%.” While the
experimental study demonstrated the strong dependence of discharge coefficient on the
Reynolds number, acceleration number, geometric properties of the parts, and other
design factors, a constant value of 0.7 resulted in good correlation and reduced
complexity. In this study, the flow constants defined in modeling the valving are
combined to yield effective flow impedance, in order to simplify the experimental-

iteration process used to identify various constants.

Qrifice Flows
Equation (3.20) can be rearranged to yield the pressure drop across the orifice:
Q Yo
AP=(Cd°Aeﬂ'] ‘3 (3.21)
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For constant values of area orifice, discharge coefficient, and fluid density, the AP can be

related to the flow rate in the following manner:

AP=C__-Q? (3.22)
1 2
where Cor =( ) 2
Cd .Acﬁ' 2

Since AP and Q are related to force and damper velocity, respectively, by the area
constants, equation (3.22) can be directly used to describe the low and high speed
portions of the damper force-velocity characteristic curves, where orifice flow is

dominant.

Flow Compensation

The response in the mid-speed range is dominated by a flow compensating valve,
comprised of a spring and one-way valve. The spring is installed with a predetermined
amount of preload, such that when the nressure differential across the valve exceeds the
cracking pressure, defined as the preload force times the working area, the valve opens,
permitting fluid flow. Typically the valve operates in a manner such that the force
velocity curve is linear, throughout its effective range, as is illustrated by the force-
velocity characteristic of the damper presented in Figure 2.1. Since AP and Q are
directly proportional to force and velocity, this linear force-velocity behavior establishes
the linear relationship between AP and Q. Referring to ecuation (3.21) with density and
coefficient of discharge assumed constant, this would require that for the flow
compensating valve, the effective orifice area is proportional to the square root of the

flow rate:

A, =K,-JQ (3.23)
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where K, is the constant for the flow compensating valve. Substituting for the effective

arca in equation (3.21) yields the following linear relationship:

ol Yoe
AP Q(Cd-Kv) : (3.24)

Alternatively, Al" may be related to the flow rate in the linear mid-speed range by

AP=C, -Q (3.25)

2
where C,m=( 1 ) L
Cd.KV 2

Polynomial Model

Equations (3.22) and (3.25) reveal that the pressure drop is proportional to the
square of the flow rate, through a fixed restriction and directly proportional to the flow
rate through a flow compensating valve. A number of damper tests performed in this
study revealed the predominance of flows through either orifice or the compenszting
vaives in limited speed ranges. The force-velocity characteristics in certain speed rar.ges
are best described by flows through both orifice restriction and the flow compensating
valve. The pressure drop can thus be related to a polynomial function of Q combining the

flows through orifice and compensating values:
AP=C,_-Q*+Cy, -Q (3.26)

where C, and C; are the orifice and compensating coefficients respectively, in the

linp
polynomial model.
The above relationship also odfers potential to compensate for internal leakage and
laminar flows. Experimental results further revealed that addition of a constant into the
above flow models yields improved correlation between the analytical a:id experimental

data. The need for this ccnstant may be attributed to residual errors associated with curve
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fitting the data with gas spring and friction forces removed. The need for the constant
may be further attributed to flow through preloaded valves which permit flows when the
pressure differential approaches a preset value. The pressure differential due to orifice
compensating valve and combined flows, described in equations (3.22), (3.25) and {53.26),

are thus expressed as:

orifice flows: AP=C, -Q* +Cy, (3.27)
compensating valve flows: AP =C, -Q+Cy, (3.28)
combined flows: aP=C, -Q*+C,,-Q+C, (3.29)

3.3.1.2 Flows Through the Valving Systems - Incompressible Fluid Flow

The candidate dampers employ different configurations of valving resuiting in
asymmetric damping characteristics in compression and rebound. Development of the
damper model thus necessitates appropriate consideration of different flow models. The
flow through one way valves employed in some dampers can be described by equation
(3.28), since the valve operates at small pressure drops allowing nearly unrestricted flow
in one direction. The majority of tiie damper designs, however, employ two parallel flow
paths, where one of them remains functional at all times, while the second path requires a
pressure differential to be activated. At low speeds (low pressure differential) the flow is
best described by one of the three models (orifice, flow compensating or combined),
while the mid speed flow is modeled using the low speed circuit in parallel wvith a flow
compensating circuit, which is activated at a preset pressure differential. Although high
speed flow circuits exist in many damper designs the racing car dampers typically do not
operate in this speed range. The flow through the valving system, illustrated

schematically in Figure 3.4, can be expressed in the following manner:
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Figure 3.4 A schematic representation of hydraulic flows through the valves.

Q; =Qu ; AP <P,
(3.30)
Q;=Qu+Quy ; AP >Py
where Q; is the flow through the valving system from chamber i to chamber j, and AP;
is the pressure differential between chambers i and j. Q,, and Q,,, are the flow rates’
through the low and mid speed valving, respectively, and P,; is the preset pressure at
which the mid speed valve between chamber i and chamber j opens. For compressible
flows, the flow rate can be casily computed from the damper geometry and velocity. The
pressure drop across the valving system is then derived from equation (3.30) in
combination with equationz (3.27) to (3.29). Figure 3.5 illustrates the methodology to
solve for the pressure drop for known flow rate. Alternatively, the above formulations
can be used to derive the flow rates when the pressure drop is known, as illustrated in

Figure 3.6.
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Figure 3.5 Determinatior. pressure drop off as a function of known flow rate.
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Figure 3.6  Determination of flow rate as a function of known pressure drop.
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3.3.2 Compressible Fluid Flows

The peak force-peak velocity characteristics of dampers correlate very well with the
results derived for incompressible fluid flows. The significance of fluid compressibility,
however, becomes apparent when the time-histories of force and velocity, and the
associated force-vel(;)city data for one cycle are examined. The measured force-velocity
characteristics presented in Figure 2.7 demonstrate that the magnitude of damping force
is considerably smaller on the segments of the curves where the magnitude of
acceleration is decreasing then on the segments where it is increasing, while the
composite peak curve in general lies in-between. This is particularly truc in the segments
where the rate of change of acceleration is the highest. For compressible flows during the
decreasing magnitude of acceleration segments of the cycle, the flow restriction yields
pressure build up on the high pres<ure side of the piston and results in storage of energy
in the oil. The resulting flow through the valves and thus the damping is smaller than that
encountered with incompressible flows. The compressible fluid {low, however, is larger
than the incompressible flow during the segment of the cycle where the magnitude of
acceleration increases, which is attributed to gradual pressure reduction causing the
release of stoied energy in the form of increased oil volume, hence flow. The resulting
damping force under increasing magnitude of accelesaiion is thus larger when compared
to that achieved with incompressible dows. The development of a co.aprehensive
damper model thus necessitates appropriate consideration of tne fluid compressibility,
specifically when time history of damping force is desired. The expansion and
contraction of the cylinder walls and damper components caused by variations in
chamber pressures also contributes to the change in fluid volume. This effect, although
being similar to the fluid compressibility, is of second order. The combined effect of
fluid compressibility and compression/expansion of the cylinder, however, can be
effectively incorp-rated using a coefficient modified to include oil and cylinder wall

effects [63]. Many studies have employed the modified coefficient in terms of an
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effective compressibility or bulk modulus {17,33,64]. The fluid compressibility can be

expressed as:

dp=-—¢ (3.31)

where B is the compressibility of the liquid, V is the chamber volume, P is the chamber
pressure, and d V. the change in volume due to compressibility.

In this, as in the works of others, the temperature sensitivity of the oil
compressibility is assumed negligible. This assumption is validated, over the temperature
range applicable to race cars, by the validation of the damper models over a range of
temperatures and operating conditions. The compressibility of the fluid, relative to
pressure changes, has been often assumed constant in majority of the reported studies
[17,19,33,64].  Although this assumption resulted in good correlation with the
experimental . ‘a of some dampers used in this study, the need to derive a more complex
compressibility model as a function of the pressure was identified to achieve good
correlation between the experimental and analytical results, for the dampers with higher
levels of damping. The dependency of B on the pressure may be attributed to a number
of factors: (i) the compressibility of oil decreases with increase in pressure [65]; (ii) any
air volume entrained in the oil results in_an increase of the effective compressibility
[66,67); and (iii) variations in effective fluid compressibility caused by nonlinear
deformation of rubber O-rings and other components with fluid pressure. Among these
factors, the entrained air is known to affect the fluid compressibility most significantly.

An effective compressibility model is thus developed to study the effects of air
entrainment. The model comprises a cylinder with a closed end and a piston at the other,
with a known volume of gas entrained in the oil at standard conditions. Pressure is
applied to the gas-oil volume through the piston, resulting in relatively rapid changes in

the air volume with only slight changes in the oil volume. Assuming constant bulk
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modulus of oil (1.37 x 10° Mpa ) and polytropic process to describe the compression of
entrained gas, the effective compressibility is computed as a tunction of the fluid pressure
using equations (3.5) and (3.31). Figure 3.7 illustrates the effective fluid compressibiiity
of the mixture as a function of the pressure for known air to oil volume ratio. It is evident
that the effective compressibility varies significantly with pressure and initial volume of
air entrained. The results further reveal that the effective compressibility can be
approximated as a linear function of pressure, up to a minimum value (g ) beyond

which it is insensitive to the increase in the pressure, such that:

B=P-Cy+Cy B20
(3.32)

IB=Bmln B<Bmin

where P; is the pressure in the ith chamber, C,; is the slopc of the effective
compressibility approximation model, and C;; is the intercept of the effective

compressibility approximation model. The constants in equation (3.32) are determined
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Figure 3.7 Effective compliance of oil as a function of pressure and entrained air.

79



16.0E-9

«—Cy
14.0E-9

12.0E-9
10.0E-9 Cys
8.0E9 |
6.0E9 |

Compliance (Pa")

4.0E9 |

2.0E9 | «— PBun

000.0E+0 ; + + t
0 1 2 3 4 5

Pressure (MPa)
Figure 3.8  Effective compliance-pressure, characteristics of the Mechformance

damper.

from the experimental force-velocity characteristics for different sinusoidal excitations,
using an iterative procedure. Figure 3.8 illustrates the piecewise linear compressibility
model described in equation (3.32). A comparison of Figures 3.7 and 3.8 reveals that the

simplified model yields trends similar to those observed with the compliance model with

entrained air.

3.3.3 Analytical Model of the Monotube Damper

Analytical models of the candidate dampers are derived upon combining the
friction force, gas spring and the valving system models described in the previous
sections, using the flow and pressure balance. A schematic of a monotube damper is
shown in Figure 3.9. Chambers 1 and 2, referred to as ‘compression’ and ‘rebound’
chambers, respectively, contain oil, and chamber G is charged with nitrogen gas. Piston

movement yields fluid flow from chamber 1 to 2 or from 2 to 1, depending on the
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Figure 3.9  Schematic of a monotube damper

direction of motion. For incompressible fluid, the flow from chamber | to 2 can be

expressed as:

Quzine = X'(Ap - A,) (3.33)

where Q,,,,. is the flow rate from chamber 1 to 2 assuming incompressible fluid, and x
is the piston velocity. The flow rate associated with compressible fluid assuming
relatively rigid chambers can be expressed as:

dve, | dVg

le =Q|2inc"T dt

(3.34)

where V., and V., are the volumes of fluid in chambers 1 and 2, respectively.

Assuming negligible friction losses due to the separator piston, the pressure in the gas

chamber can be equated to that of chamber 1, P; =P,. Since the gas is considerably

Va

dt '’

more compressible than the oil, the rate of change of fluid volume in chamber 1,

can be assumed negligible, resulting in:
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dv,
dt

=Qy, 'leinc (3.39)

The volume of chamber 2, V,,, is related to the piston displacement and geometry

in the following manner:
Ve, = Vg -[x- (A, -A )] (3.36)

where V,,, is the initial volume of chamber 2 with the rod at full extension. It should be
noted that the compressibility of oil in chamber 2 affects the pressure and volume of gas
in chamber G and thus the effective gas spring force. The gas spring model, derived in
section 3.2.2.3, assuming incompressible flows, thus needs to be refined to accouni for
changes in volume of chamber 1 caused by compressibility of fluid in chamber 2. The
change in chamber 1 volume due to compressibility of fluid in volume 2 (AV,,) can be

derived from:

AV, = [dV,dt (3.37)
0

The effective gas volume, derived from equations (3.18) and (3.37), is then expressed as:
Vir = Ve = (x. —%)-A, - AV, (3.38)

The corresponding gas pressure is derived assuming polytropic process:

Y
Per =Py (VV-T-) (3.39)
xT

where the superscript ¢ refers to the gas pressure and volume corresponding to
compressible flow conditions.

The rod reaction or damper force can be derived from the free body diagram of the

piston rod and piston, shown in Figure 3.10:

r

F=P-A,-P,-(Ap~A,) Py A, +Fpierr (3.40)
By letting AP,, = P, - P,, the damper force can be expressed as:
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Figure 3.10 A free body diagram of the piston and rod assemblies illustrating the
various force components.

F= APIZ '(AP —Ar)+(Pl - Pllmo:)'At +an’ch (3'41)

Since P, = P, the term (P, - P, )-A, can be equated to the gas spring force, Fy,p, as

atmos

described in equation (3.4). From equation (3.41), it is apparent that the damping force

(F,) is related to the pressure differential across the piston:
F,=AP, (A, -A)) (3.42)
The total damper force is thus expressed as a combination of forces due to damping, gas
spring, and friction:
F=F, +Fg 1 + Friir (3.43)
The damping and gas spring forces for incompressible flows are directly derived

from equations (3.4), (3.33) and (3.42). The pressure in chamber 1 is equal to the gas

pressure determined from equation (3.18). Figure 3.11 presents the algorithm for solution
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J Pf- P (VxeTJ E
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Qiz, = Qizinc o ' Vi
AVe, =(Q 121" Qyzic) - At Eqn (3.35) P, =Pg;
Ve = Vepo -(x:(A, -A,)) Eqn(3.36) AP, =P, -P,
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Figure 3.11  The computation of damping and gas spring forces of a monotube damper with
compressible flows.
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Figure 3.12 The computation of damping and gas spring forces of a monotube damper
with incompressible flows.

of gas and damping forces for incompressible flow in a monotube damper. For
compressible flows, however, the flow rate, pressure, and gas spring and damping forces
are interrelated by the fluid compressibility, as evident from equations (3.35) to (3.41).
An iterative algorithm is thus formulated to determine the force components through

solution of equations (3.31) to (3.42), as illustrated in Figure 3.12.

3.3.4 Analytical Model of the Remote Reservoir Damper

Figure 3.13 illustrates a schematic of the remote reservoir damper, which differs
from the monotube design. The remote reservoir daraper comprises an additional
chamber (3) connected to the gas chamber and a compression head located between

chambers 1 and 3. The compression head consists of a set of valving including a check
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Figure 3.13  Schematic of a remote reservoir damper.

valve which permits nearly unrestricted flow during the extension stroke, and significant
pressure drops during the compression stroke. Chambers 1, 2 and 3 contain oil while G is
charged with nitrogen gas. As with the monotube design, the piston rod motion causes
fluid flows across the piston and the compression head. For incompressible fluid flow,
the flow rate across the piston is directly related to piston and rod areas, and piston

velocity, as described earlier in equation (3.33) for the monotube design:

QIZinc = x(Ap _Ar) (3'44)

The fluid flow rate through the compression head, (Q,3,.) can be directly related to the

piston velocity through the rod area, and given by:
QlSinc = XAr (345)

For compressible flows, the flow rate across the piston can be derived upon incorporating

the changes in fluid volumes in different chambers:
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dVe, + dVe,

Q. =Ql2mc = dt at

(3.46)

The fluid flow through the compression head is derived in a similar manner resulting in:

dv dv dVv
=xA ——a B Vo 347
R dt dt dt (347

where dV, is the change in chamber 3 fluid volume, duc to compressibility of the fluid.
Assuming negligible friction losses due to the seals in the scparator piston, and negligible
inertial force due to the piston mass, the pressure in the gas chamber can be equated to

that of fluid in chamber 3:
P; =P, (3.48)

Since the gas is significantly more compressible than the oil in chamber 3, and both
media are subject to identical pressure, the effects of compressibility on the change in
fluid volume in chamber 3 can be considered negligible. The flow through the

compression head can thus be expressed as:

dv
Q,=x-A, Lo, Vo

3.49
dt dt (3.49)

From equations (3.46) and (3.49) it is evident that the compressibility of oil in
chambers 1 and 2 affects the fluid volume in chamber 3, and the volume and pressure of
the gas in chambe, G. The change in fluid volume in chamber 3 due to variations in fluid

volumes in chambers 1 and 2, can be derived from:
] [}
AVy,, = [dVqdt+ [dVe,dt (3.50)
0 (1}

where AV,,, is the change in fluid volume in chamber 3 caused by compressibility of
fluid in chambers 1 and 2. This change in fluid volume directly influences the volume

and pressure of gas in chamber G, given by:

Vir =Vir “(xe - x)'Ar - AV,, (3.51)
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Y
P =P (z—] (3:52)

c
xT

where the superscript ¢ refers to the gas pressure and volume corresponding to
compressible flow conditions. The total dynamic force developed by the damper can be
derived by considering the free body diagram of pressures and forces working on the

piston rod and piston shown in Figure 3.10:

F=P-A,-P,-(Ap-A,)-P,

atmos

‘A r + Ffrich (353)

Letting AP, =P,—P, and AP, =P, -P, , the damper force can be expressed in the

following manner:
F=AP, '(AP - Ar) +AP; A +(Py =Py, ) A, + Frir (3.59)

where the term (P, -P,...)-A, represents the gas spring, force, F;;, as described in
equation (3.4), and F,,,, is the friction force as described in equation (3.3). The
remaining terms in equation (3.54) describe the damping force developed due to flows

across the piston and compression head, given by:
F,=AP, (A, -A,)+AP;-A, (3.55)
The total dynamic force developed by the damper can thus be expressed as a combination

of the force components:

F=F, +F;; +Farr (3.56)
The components of forces developed by the damper can be directly computed from
equations (3.4), (3.33) and (3.55), when incompressible fluid flow is considered. The
pressure in chamber 3 is equal to the gas pressure determined from equation (3.17).

Figures 3.14 and 3.15 illustrate the computation of gas spring and damping forces for

incompressible and compressible flows respectively, in a monotube damper.
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Figure 3.14 The computation of damping and gas spring forces of a remote reservoir
damper with incompressible flows.

3.3.5 Temperature Sensitivity Model

The temperature sensitivity of the damping force can be charucterized upon
consideration of thermal expansion of the oil and the damper body. From equation (3.42)
for the monotube and (3 55) for the remote reservoir designs, it is apparent that the
damping force is related to the pressure drop. For a flow through a constant orifice

valving, the damping force can be related to the flow rate using equations (3.21) and

(3.42):

F =( Q )2-3-(/\ -A,) (3.57)
d Cd'Acﬂ‘ 2 P r
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Figure 3.15 Computation of damping and gas spring forces of a remote reservoir
damper with comprzssible flow.
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Variations in th< operating temperature affect the component dimensions and the fluid
properties. In this study, the influence of temperature changes on the component
dimensions is considered to be relatively small when compared to the thermal expansion
of the fluid. Equaticn ¢5.57) clearly illustrates that a decrease in fluid density caused by
an increase in the oil temperature yields reduced damping force. The ratio of damping
forces developed at two different temperatures can thus be directly related to the inverse

ratio of fluid volumes corresponding to the two temperatures, given by:

FdT = VOlLTrtf (3.58)

FdTl'cf VOll.T
where Vg, 1. is the volume of oil at the reference temperature and V,,; is the volume
of oil at tempe-ature T. Using a linear model for the thermal expansion of oil, Vg, ; can

be expressed as:
Vour = Vourer +AT-K; (3.59)

where AT=T-T,, and K_; is the coefficient of thermal expansion of oil.

Substitution of equation (3.59) into equation (3.58) yields:

Far__ 1 (3.60)
FdTref 1+ AT- KToiI
where K., = Ko describes the temperature dependent thermal expansion of the
OILTref
fluid. Upon defining a correlation factor, fg;, as:
1.
(3.61)

f =
T 1+ AT, Ky

The temperature sensitive damping force developed by the damper can be expressed as:

Fir = Faper  fer (3.62)
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34 SUMMARY

In this chapter, various models are derived to characterize different components of
forces developed by the candidate dampers. The component models are developed to
incorporate the influence of temperature effects, fluid compressibility and other dampers
characteristics. The analytical models of different valving systems are also developed
and integrated with the component models to yield the total damper models for
incompressible and compressible fluid flows. An iterative algorithm is developed to
solve the coupled flow and pressure relationships for compressible fluid flows. Two
damper models are developed, for the monotube and remote reservoir designs to describe
the friction, gas spring and multi-stage asymmetric damping forces, and the influence of
fluid compressibility and temperature variations. The total damper force developed by
both the designs is expressed as a combination of the component forces in the following

manner:
F=F; +Fgq +Fror (3.63)

The algorithm to solve for damper forces is presented in Figure 3.16
Various coefficients required to describe the force components are identified from

the test data and the above equation is solved for specific valving configurations

employed in candidate dampers in the following chapter.
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Figure 3.16 Computation of damper model force.
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CHAPTER 4
IDENTIFICATION OF COEFFICIENTS AND MODEL VALIDATION

4.1 INTRODUCTION

Analytical models, in general, are formulated with a number of simplifying
assumptions. The validation of analytical models is thus vital to develop reliabie
computer-assisted design and analysis tools. When validated the analytical models of
certain general classes of dampers can be effectively utilized to evaluate various vehicle
dynamic aspects, such as ride quality, dynamic pavement loads, handling and control
performance. The validated models further provide a design tool for tuning of suspension
for high performance vehicles, while minimizing costly and time consuming field trials.

The damper models, developed in Chapter 3, necessitate identification of various
coefficients in order to incorporate the contributions due to valving, fluid compliance,
entrained air, friction, gas spring, and temperature variation. The complexities associated
with modeling of these contributing factors has been demonstrated in many published
studies [15,17,19,20,22,30,33]. The associated coefficients, are identified from the
results obtained from a series of systematic static and dynamic tests performed in the
laboratory. The analytical models derived using these coefficients are then solved for a

wider range of operating conditions to assess their validity.

4.2 ANALYSIS OF THE MEASURED DATA

The analytical models require a number of coefficients to be identified from the
measured data. The static and dynamic test data is thus analyzed to determine various
coefficients to describe the static and dynamic friction, gas spring, damping, fluid

compliance and temperature sensitivity.
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4.2.1 Analysis of Static Test Data

The results of the static test, described in section 2.3.1.2, are analyzed to determine
static breakaway friction force as a function of the damper displacement, and initial gas
pressure and volume. The static friction force is computed from half the difference
between the compression and extension force of the damper. The static friction force
corresponding to different discrete displacements is determined from the test data and
arranged in a look up table, for usage in equation (3.1). The average of the two forces is
assumed to be equal to the gas spring force corresponding to the specific test temperature
(20°C under static conditions). The gas spring force and displacements are used to
determine the initial charge pressure and the gas volume, using a regression analysis
based on the pressure and force equations (3.7) and (3.4), assuming constant pressure
throughout the damper.

Figure 4.1 illustrates the force-displacement characteristics of the candidate
dampers derived from the static tests. The upper and lower curves represent the forces
d.veloped during compression and extension strokes, respectively. The mid-curve
represents the force due to gas spring derived from regression analysis. The measured
force-displacement characteristics of all the dampers reveal an increase in the static
damper force with increasing displacement. The increase in the force is primarily
attributed to increase in the gas pressure, while the dependency of the friction force on the
displacement is apparent in the case of Koni and Mechformance dampers. The gas spring
force of the Mechformance damper, derived from the measured gas pressure and equation
(3.4), is also compared to that derived from the regression analysis, as shown in Figure
4.1 (c). The static characteristics of the Fox damper, presented in Figure 4.1 (a), reveal
that the difference between the forces in compression and rebound does not vary
considerably with the damper deflection. The differences in the forces near the extreme

extension, however, is considerably higher, due to interactions with the rubber extension
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Figure 4.1 Static force-displacement characteristics of the candidate dampers.
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limiter. While the force-deflection characteristics of the Koni damper (Figure 4.1 (b))
reveals somewhat larger variations in the difference between the compression and
extension forces with deflection, the Mechformance damper (Figure 4.1 (c)) reveals
excessive variations in the friction force with deflection. It is thus apparent from the test
results that the static breakaway friction force is strongly dependent upon the damper
displacement, which may be attributed to uneven cylinder bore, bent shaft, or
misalignments. For the Koni damper discoloration and scratches on the piston rod
surface were observed to coincide with the bearing, where the highest divergence in the
forces was observed. The variation in friction force with displacement are thus most
likely attributed to a bent shaft or misalignments. The Mechformance is a prototype
damper with a bored body and it can be speculated that the variations in the friction force
are due to unevenness in the cylinder bore.

The gas spring force of all the dampers varies with the damper deflection in a
nonlinear manner. The gas spring force follows the trends demonstrated in the published
studies, which utilize the gas laws based upon a polytropic process. A comparison of the
gas spring forces derived from the measured gas pressure and the regression analysis,
presented in Figure 4.1 (c), reveals that the error between the two forces is within 2%,
The results further reveal & constant error irrespective of the displacement, indicating
slightly larger friction during compression (approximately 3N) than during rebound. The
measured gas spring force in compression is identical to that in extension indicating the
absence of hysteresis.

The initial gas pressure and volume of each damper are calculated using the
regression analysis in conjunction with equations (3.4) and (3.7). The results are
compared with the true charge pressure in Table 4.1, and show only small errors between

computed and actual initial pressures. The relatively larger error for the Koni unit, may
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TABLE 4.1
COMPARISON OF COMPUTED AND ACTUAL VALUES OF INITIAL CHARGE

PRESSURE AND VOLUME
Fox Light Fox Heavy Koni Mechformance
Computed
Po (Mpa) 1.88 x 10° 1.84x 10° 2.51x 10° 2.12 x 10°
Vo (m?) 1253x10°  1163x10°  48.6x10° 151.2x 10
Actual
Py (Mpa) 1.90x 10° 1.90 x 10° 2.41 x 10° 2.07 x 10°
P, Error 1.1% 3.3% 4.1% 2.4%
Vo (m?) 125x 10° 125x10° not available 155
V¢ Error 0.2% 7.0% - 2.5%

be attributed to loss of charge pressure, due to its being charged more than one year

before the laboratory tests, while the other dampers were rebuilt shortly before the test.

4.2.2 Analysis of Low Speed Dynamic Test Data

The results of the tests performed at very low speeds are analyzed to determine the
coefficients describing the dynamic friction, the temperature sensitivity, polytropic gas
constant, and thermal expansion of the oil, as discussed in sections 2.3 and 3.2. The
points of discontinuity at the extremities or stroke reversals are examined to determine
the coefficients for the dynamic friction models, discussed in section 3.2.1. The
magnitude of the breakaway dynamic friction force is derived using the methodology
described for estimating the static friction and the gas spring force is computed from the

average of the two forces at different operating temperatures.
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Figure 4.2  Force-displacement characteristics of the Fox damper corresponding
to light and heavy damping settings (0.005 Hz).

4.2.2.1 Dynamic Friction Force

Although the friction force at very low speeds can be easily identified from the
distinct points of discontinuities, in the case of light damped units, the presence of heavy
damping force poses difficulties in identifying the friction force magnitudes as shown in
Figure 42. The force-deflection properties measured for the Fox damper clearly
demonstrate the presence of considerable rebound damping force in case of the heavy
damper setting. An algorithm is thus developed to identify the points of discontinuity in
the compression and rebound curves corresponding to minimum and maximum relative
displacements (zero relative velocity) across the damper. The algorithm examines t.e
rate of change of damper force with respect to the displacement and identifies the points
of discontinuities when the slope approaches a very large value or changes sign. This
approach, however, resulted in large errors due to occasional reversals of actuator motion

near the extremities. Consequently, the data near the extremities was removed from the
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analysis. The measured data in the range between the maximum/minimum displacement
and 2.9 times the resolution of the data acquisition (approximately 0.37 mm) was
eliminated from the analysis to ensure that the contributions due to irregular actuator
motion were eliminated. A regression analysis was then performed on the 20 data
samples following/proceeding the modified extremities corresponding to both
compression and rebound force. The regression curves are then extrapolated to estimate
the forces in compression and rebound corresponding to maximum and minimum
displacements. The difference between the estimated compression and rebound forces at
the stroke reversals is derived to compute the magnitude of dynamic breakaway friction
force. It should be noted that the low speed dynamics introduces certain amount of
hydraulic force, specifically for heavy damping as evident from Figure 4.2. The
contributions due to hydraulic force, however, are assurned small due to low speeds.
Furthermore extrapolation of the force-displacement curve to the point of stroke reversal
(zero velocity) results in minimizing the contributions due to hydraulic damping effects.
Each candidate damper was tested in the laboratory at 0.05 Hz low speed excitation
and 10 different temperatures, and the data was analyzed to identify the magnitude of
dynamic breakaway friction and its sensitivity to variations in temperature, as described
in section 3.2.1. Each measurement was performed twice and the data was examined for
its repeatability. The measurements revealed good repeatability in terms of the sensitivity
of gas spring and friction force to temperature variations. The data acquired for each
damper was analyzed using the above algorithm to identify the magnitude of the dynamic
breakaway friction. In order to isolate the temperature sensitivity of the friction force,
from the affects of friction displacement sensitivity, the tests were performed for identical
maximum and minimum positions of damper displacement. The measured dynamic
breakaway friction, was normalized with respect to the static breakaway friction force

determined at the same displacement, using equation (3.2) in section 3.2.1. The
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normalized breakaway friction force (R;), as derived from the regression coefficients

is:
Reqi =(Cyp - AT + Cirr) - sgn(X) @.1)

where the coefficients C,; and C,; describing the temperature dependency of the
friction force are determined from the linear regression analysis. The regression analyses
are performed on the data acquired at minimum and maximum damper displacement, and
on the data acquired for varying displacement in order to study the temperature sensitivity
as a function of damper displacement. The resulting regression cocfficients are presented
in Table 4.2 together with the corresponding r* values.

Figure 4.3 illustrates the normalized values of breakaway friction of the candidate
dampers as determined from the experimental data and Equation (3.2). The solid and
dashed lines represent the results of the regression analysis corresponding to maximum
and minimum damper displacements. The results demonstrate reductions in the friction
force with increasing temperature, with a pattern that is quite difficult to establish,
particularly for the Fox damper. The difficulty in establishing a pattern may in part be
attributed to the measurement errors caused by the relatively low resolution of the force
sensor (approximately +/- 5N), leading to significant variations in the relatively low
magnitude friction force of the Fox damper (lower limit of static friction ~ 19N). The
Koni and Mechformance dampers with relatively high value of static friction (upper value
~ 95 N) reveal a pattern of decreasing normalized breakaway friction with increasing
temperature. The measurements, however, are expected to be influenced by the low
resolution of the force sensor. Variations in the normalized values are also attributed to
variations in the friction force due to misalignments, wear, and compression of the O-
rings. The results show that breakaway friction properties of the Fox damper are less

temperature sensitive than the Koni and Mechformance dampers, which is attributed to
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TABLE 4.2
NORMALIZED FRICTION FORCE COEFFICIENTS

Fox Light Fox Heavy Koni Mechformance

Minimum Damper Displacement

C, (°Ch -2.778x10°  -3.956x10° -4.771x10°  -5.191x 107
Ca 1.707 2.731 1526 1111
R? 0.097 0.128 0.743 0.876

Maximum Damper Displacement

C,, (°C™h -1.74x 107 8.117x10°  -5.807x10° -4.786x 107
Cp 1.642 2.552 1.893 1.170

R? 0.059 0.00003 0.563 0.68
Combined Data

C,, (°Ch 2260x10° -1.937x10° -5289x10° -4.989x 107
Cy 1.675 2.641 1.709 1.141

R? 0.078 0.022 0.469 0.727

their aluminum body and steel piston construction, while the Fox damper utilizes steel
body and piston.

The values of the coefficients and r, derived from the regression analysis for
Equation (4.1), corresponding to the minimum and maximum damper displacements are
summarized in Table 4.2. The mean values of the coefficients are also presented in the
Table. The results reveal poor comelation for the Fox dampers, and reasonably good
correlation for the Koni and Mechformance dampers. The temperature and/or
displacement sensitivity of the friction force of the Fox damper, therefore, cannot be
concluded. The results derived for the Koni and Mechformance dampers, presented in

Figures 4.3 (c) and (d), clearly illustrate the temperature dependency of the friction force.
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The r* values range from 0.743 to 0.876 at minimum damper displacement and from
0.469 to 0.727 for the combined data. The temperature dependence of the breakaway
dynamic friction of the Koni and Mechforinance dampers is thus modeled using Equation
4.1).

Further the results summarized in Table 4.2 reveal different temperature
coefficients corresponding to minimum and maximum damper displacement, indicating
that the coefficients are position sensitive. A comparison of the slope coefficiznts for the
Koni and Mechformance dampers derived at the maximum and minimum damper
displacement reveal variations of 17% and 8%, respecti--ely. The corresponding intercept
coefficients, C,, vary by 19.4% and 5%. Although these variations further support the
displacement dependency of the temperature coefficients, it is quite complex to
characterize the friction force as a function of the temperature as well as displacement. In
light of the complexities associated with measurement and data analysis, and the lack of
an identifiable pattern of displacement dependency, the enhancement of the damper
model including displacement sensitive temperature coefficients is not attempted.

Although the breakaway friction for the Fox damper is not clearly temperature
dependent, the considerable variations between the dynamic and static breakaway friction
are evident from Figures 4.3 (a) and (b), which is als» illustrated for both the Koni and
Mechformance dampers in Figures 4.3 (c) and (d). While this variation is incorporated
into Equation (4.1) to characterize the Koni and Mechformance dampers, the equation
(4.1) yields poor correlation for the Fox damper.

Defining R, , the mean normalized breakaway friction corresponding to the test

temperature range, as:

R, = s i=1..,n 4.2)
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TABLE 4.3
MEAN NORMALIZED BREAKAWAY FRICTION COEFFICIENTS

Fox Light Fox Heavy Koni Mechformance

R 1.52 2.50 1.26 0.74

T

where # is the number of measurements obtained at different temperatures. The mean
normalized breakaway friction ratio, of the candidate dampers, summarized in Table 4.3
ranges from 1.52 to 2.5 for low- and high-damping setting of the Fox damper. These
coefficients are larger than those obtained for the Koni (1.26) and Mechformance (0.74)
dampers. The large difference in the coefficients for the Fox dampers may be attributed
to its steel construction, contributions due to hydraulic forces specifically for high
damping setting and increased seal friction due to the higher pressures generated. This

model is used for the Fox damper, with coefficients determined from the damping setting.

4.2.2.2 Determination of the Gas Spring Force
As described in section 3.2.2, the damper force component due tc gas operating

about an equilibrium position x, can be defined by Equation (3.19):

Y
\Y
F.. =|P .- el -P ‘A 4.3
GxTy ( xeT (vxﬂ. _ (xe _ X)'Ar) llmos) r ( )

The above formulation was derived assuming a quasi-static thermal equilibrium of the
damper, where heat generated equals the heat dissipated. The gas pressure and volume
corresponding to this point of equilibrium can thus be related to the initial conditions in
terms of the thermal expansion of the gas, oil and damper components, using an
isothermal process, as was verified through laboratory measurements. Measurements

revealed a rate of change of temperature less then 1°C/minute at higher operating
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temperatures, and considerably lower rate of change of temperatures at relatively lower

temperatures. The gas volume, V., corresponding to an equilibrium point and
cperating at temperature T, is related to the initial gas volume, rod displacement, and the

thermal expansion oi oil and other components:

Ver = Vo =X(A,) = (AT- K + K o) (4.4)

voil

where the term (AT K, + K, ) describes the volume change due to thermal expansior

voil

of the oil and damper components, as duscribed in equation (3.15). The corresponding

gas pressure, P, ., can then be derived similar to Equation (3.13) as:

P =P,x Vo xL (4.5)
V,-xA)-(AT Ko +K. ) T,

voil

where T, is the reference temperature. Equations (4.3) and (4.4) can be solved to
determine the gas pressure and volume, and thus the gas spring force, for known initial
volume, rod displacement and operating temperature. The analysis, however, necessitates
the determination of thermal expansion coefficients, K., and K, from the
experimental data. From the measured sample results presented in Chapter 2 and
equation (4.3), it is evident that the gas spring rate is strongly related to the polytropic
exponent y, which is determined from the measured data. The analysis of the measured
data further revealed a predominant effect of the thermal expansion on the gas pressure
(P,.;) resulting in a significant temperature dependent bias in the force-deflection curve.

At each operating temperature, the model gas spring force is computed from
equations (4.3) and (4.4), while the experimentally derived gas spring force is computed
as the average of the compression and rebound forces at the points of discontinuity,
corresponding to the maximum and minimum displacement.

The values of the polytropic constant is identified from the gas force derived from
Equation (4.3) and the measured data for the Mechformance damper. Since the gas

spring force is also dependent on the coefficients of thermal expansion, an iterative
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Figure 4.4 Comparison of computed and measured gas spring force of
Mecnformance damper (T= 38°C, y=1.38, Frequency = 2 Hz).

estimation procedure was formulated to identify y, K, and K from the force-

voil voint
displacement curves. It should be noted that the value of y relates to the slope of the
force-deflection curve, while the thermal expansion coefficients relate to the bias. The
iterative procedure is initiated by assuming the values of the above unknowns and the
force-displacement characteristics of the gas spring are computed using Equation (4.3).
A convergence criteria is formulated based upon the relative error in slopes of the
analytical and experimental force-displacement characteristics. The procedure resulted in
convergence in y value as 1.38, which is quite close to the adiabatic value for
nitrogen(1.40), frequently used in published studies [22,69]. The force-displacement
characteristics derived using the identified value of y revealed good correlation with the
measured data acquired under sinusoidal excitation at 2 Hz and operating temperature df
38°C. The analytical results are compared to the measured force-deflection

characteristics, where the spring force is computed from the measured pressure and the

rod area, as shown in Figure 4.4.
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The coefficients of thermal expansion affecting the gas spring force are derived
from the measured data and the spring force model described in Equation (4.4). The
change in gas volume can be related to the average gas spring force in the following

manner:

=V, —x, A, - - P,-V, 1
(ZCT +Patmos)'T0

1 4

AT-K,, +K 4.6)

voiint

where Fg . is the gas spring at the mid-stroke position, derived as the average of
measured forces corresponding to minimum and maximum damper displacement. The
coefficients of thermal expansion are computed through the linear regression analysis
performed on the left-hand side of Equation (4.6), which includes the measured average
force.

Figure 4.5 illustrates the thermal expansion of oil derived from the regression
analysis of the data obtained for the candidate dampers. The results of the regression
analysis are compared with the measured data reveal good correlation over the entire
temperature range. The values of thermal expansion coefficients are further summarized
in Table 4.4, together with the thermal expansion of oil derived from a published value of
the coefficient of thermal expansion (0.00072/°C) [61] and in the case of the Fox damper
measured oil volume, while in the case of the Koni and Mechformance damper an
estimated volume. A comparison of the regression coefficients reveals considerable
variation in the coefficient of thermal expansion for the candidate dampers, which may be
attributed to their different construction and material properties. The Fox damper with
two different settings also reveals considerable variation in the thermal coefficients. The
light damping setting yields an approximately 21% larger value of K, when compared
to that for the heavier damping. This significant variation in the thermal coefficient is

perhaps attributable to the relatively high value of damping (for the Fox with heavy
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TABLE 4.4
COEFFICIENTS FOR THERMAL EXPANSION OF OIL MODEL

Fox Light Fox Heavy Koni Mechformance

K] R R "
K, (m’/°C) 3.17x 10 2.49x 107 1.04 x 107 2.42x%107

Ko (M°) -3.93x 10°  3.88x10°  -1.05x10°  -3.17x10°

r 0.997 0.984 0.997 0.994

Theoretical Thermal Expansion of Oil

0il Volume (cc) 250 250 150 (est.) 220
Thermal ~ Expansion 1.8 x 107 1.8x 107 1.08 x 107 1.58 x 107
(m”/°C)

Variation between K, and theoretical thermal expansion

43% 28% 4% 35%

damping) during the rebound stroke, which would result in lowering of the
experimentally derived gas spring force, resulting in lower calculated temperature
sensitivity. From both the Figures and the Table it is evident that the intercept, K, , for
all cases, has a relatively insignificant effect on the volumetric thermal expansion, and
that a model based on oil expansion, (constant times change in temperature) would be
sufficient. Hence a comparison of the values of K, to theoretical thermal expansion of
oil, in Table 4.4 would allow insight in to the effects that components other then oil have
on the thermal expansion. In all cases except for the Koni damper, where the volume of

.il is estimated, the experimental value of K, is much greater then the theoretical one,

indicating that in addition to change in oil volume, there are contribution due to changes
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in components, although the amount of variation being between 4 to 43% indicates that
these contributions are secondary to that of the oil.

The gas spring force as a function of damper displacement and temperature is
computeci from Equations (4.3) and (4.4) using coefficients of thermal expansion
summarized in Table 4.4 and y = 1.38. The computed values are compared with those
obtained from the experimental data corresponding to minimum and maximum damper
displacements, as shown in Figure 4.6 The spring force derived from the model
correlates very well with the measured data for all three dampers over the entire
temperature range. The results reveal a nearly linear increase in the spring force with
increase in temperature, which is primarily attributed to the linear thermal expansion of
oil and damper components. The results further show higher spring force corresponding
to maximum displacement. The difference between the spring forces at minimum and
maximum damper displacements tends to increase slightly with incrcase in temperature,
which is attributed to the polytropic gas process and decreased gas volume due to thermal
expansion of oil and components. Figure 4.6 also includes for comparison the spring
force computed from the measured gas pressure muitiplied by the rod area for the
Mechformance damper, which is in good agreement with both the calculated and
experimentally derived gas spring forces. The results presented in Figure 4.6 clearly
demonstrate the effectiveness and validity of the analytical gas spring model developed

for three different candidate dampers.

4.2.3 Analysis of Multiple Speed Dynamic Test Results

The results derived from a series of laboratory tests performed under a wide range
of damper velocities, as described earlier in section 2.3.1, are examined to identify
various coefficients for development of the analytical models. The force-velocity

characteristics obtained at low accelerations are analyzed to determine the suitability of
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Figure 4.6 Comparison of analytical and experimental gas spring force of candidate
dampers as a function of operating temperature, at maximum and
minimum damper displacement.
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the valving models discussed in section 3.3.1. The analysis allows for the selection of the
valving inodel and initial approximation of the coefficients. The measured data is further
analyzed to identify the compliance coefficients for the damper model, as described in

section 3.3.2.

42.3.1 Determination of Coefficients for the Damper, Valving and Compliance
Models

The analytical mcdels of the candidate monotube and remote reservoir dampers
were developed upon integrating the component models, such as friction force, gas spring
force, valving and fluid compliance. Each component model involves identification of
various coefficients to describe the motion and temperature dependency of the force
components. While the gas spring and friction forces have been characterized from
laboratory tests performed at static and low speeds, as described in sections 4.2.1 and
422, the coefficients describing the valve flows and fluid compliance need to be
identified at different damper speeds. The test data acquired under different speeds is
analyzed to derive the coefficients for the valving and compliance models, applicable to
monotube and remote reservoir damper models, developed in sections 3.3.3. and 3.3.4,
respectively. The coefficients are derived using a systematic iterative algorithm with an
objective to minimize the errors between the test data and model results. The iterative
process is initiated upon estimating the starting values based upon different observations
made from the damper test data. From the tests performed in this study and the data
reported in published studies [17,22,30], it has been established that valve flows are
strongly related to damper velocity. The test results further illustrated the strong
influence of acceleration on the damper force. In view of such complexities and the
temperature dependency of the damper force, the test data obtained under different speeds

and accelerations are analyzed to develop effective models.
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Figure 4.7 Measured force-velocity characteristics of the Fox-Heavy damper subject to
harmonic excitation at frequencies of 2 and 16 Hz.

Acceleration Effects

Figure 4.7 illustrates the measured force-velocity characteristics of the Fox damper
with high damping setting under excitations at frequencies of 2 Hz and 16 Hz. The
damper displacement under the two excitations was selected to achieve identical peak
velocity. The results clearly demonstrate significantly different hysteresis under the two
excitations causing identical peak velocity. It should be noted that the friction force
derived from the model presented in section 4.2.2.1 was subtracted from the measured
force, leaving the gas spring and damping forces in the plot. In reference to Figure 4.7,
although the two tests performed at 2 Hz and 16 Hz excitation frequencies yield identical
peak velocity of 0.32 m/s, the force-velocity characteristics due to valve flow exhibit
significantly less hysteresis under excitation at 2 Hz frequency, when compared to that
developed at an excitation frequency of 16 Hz. This increase in hysteresis at a higher
excitation frequency can be attributed to higher changes in the magnitude of acceleration
and fluid compressibility. During the segments of the force-velocity curve in which the

magnitude of acceleration decreases, the energy is stored due to fluid compressibility, and
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released during the segments in which the magnitude of acceleration increases. At higher
frequencies, the energy stored in the damper fluid, during the initial portion of the stroke,
may not be released before the end of the stroke. This results in the shift in the crossing
of the force axis at O velocities. This phenomenon may be illustrated through the

definition of the fluid compressibility:

dv,

P =T

4.7)

The rate of change of fluid volume may thus be related to the rate of change of pressure

in the following manner:

dv, dP

—dtQ=—V-B-—&t— (4.8)
From the equations of fluid flow through valving, derived in Chapter 3, it is apparent that
the fluid pressure is refated to the damper velocity. Thus, the rate of change of pressure
and t1e rate of change of volume of compressible fluid is related to the acceleration. The
rate of change of fluid volume increases in magnitude with increase in magnitude of
acceleration resulting in reduced flow through the valving and thus a veduction in the
damper force, as seen in Figure 4.7. The results presented in Figure 4.7 demonstrate that
the damper force developed under increasing and decreasing magnitude of accelerations
is nearly identical when the magnitude of acceleration is low (for 2 Hz excitation the
segments of the curve, ;c> 0.1 m/s and ;c< -0.1 m/s). As the effects of fluid
compressibility under low level acceleration can thus be considered negligible, and based
on an assumption of incompressible fluid flow, the starting values for the systematic

iterative algorithm to determine the coefficients for the damping models of section 3.3,

can be found by curve fitting experimental data at low levels of acceleration.
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Low-Speed Valving Model
For incompressible flow the damping force can be related to the flow velocity and

working area through the following relations derived from equations (3.27),(3.28) and

(3.29):
Fd =(Cm'(5('Aw)2+Cim)°Aw (4.9)
B=Ga & A) +Gp)-A, (4.10)
Fd =(Cm'(5{’Aw)2 +Clinp'().('Aw)+Cip)'Aw (411)
where A, is the working area derived as:
A, =A ; for flows through compression head.
A,=Ap-A, ; for flows across the piston.

The damper force for a known valving model (constant working area) may be expressed

in terms of weighted coefficients:

F,=C.  (x-A,) +C,, (4.12)
Fy = Cipy - (XA, )+ Cypy, (4.13)
Fy = Copw -()'(-Aw)2 + Clinpw ‘(x-A,)+C,, (4.14)

where the coefficients in the above equations with letter w added to the subscript are
derived upon multiplying coefficients in equations (4.9) to (4.11) by the working area.
Equations (4.12) to (4.14) describe the valving models for low speed and low magnitude

of acceleration segments of the force-velocity curves in compression and rebound.

Mid-Speed Valving Model
The flow through valves corresponding to medium damper speed is a complex

combination of flows through low and mid-speed valves. Foi low acceleration levels and
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incompressible flows, the total flow rate can be estimated from the velocity and the
working area, while assuming negligible flow rate through the low speed valves. This
approximation yields an upper bound of the flow rate that may be considered valid for
high damper speeds and stiff low speed valving. Furthermore, the experimentally derived
force-velocity characteristics, presented in Figure 4.7 at 2 Hz., clearly demonstrate nearly
linear relationship corresponding to mid-damper speeds, as is the case with the other

dampers. Equation (4.13) can thus be used to characterize the mid-speed flow rates.

4.2.3.2 Validation of the Monotube Damper Valving Model (Koni)

The derivation of valving flow and compliance coefficients for the analytical model
of the Koni damper with the monotube design is relatively simple, since the model
involves only flow across the piston. The iterative procedure thus converged rapidly and
revealed that the low speed valving flow for compression and rebound can be accurately
characterized using the polynomial flow model of equation (4.14), with C_ =0. The
results further revealed that the linear model of equation (4.12) provides good correlation
with the mid-speed valving flows in compression as well as rebound, while the
compliance effects are represented by a constant cocfficient, 3 =1 0x10®. Various
valving flow coefficients for the monotube damper model are summarized in Table 4.5.

The effectiveness of the monotube damper model is examined by comparing the
response characteristics with the measured data corresponding to different damper speeds.
The validity of the model is first examined in the low speed range by comparing force-
time and force-velocity characteristics of the damper subject to sinusoidal excitations at
low frequency (1 Hz) with the experimental data derived under the same excitations, as
shown in Figure 4.8. The Figure demonstrates an excellent correlation between the

analytical and experimental damping force characteristics, except for deviations near zero
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TABLE 4.5
COEFFICIENTS FOR KONI DAMPING MODEL

Rebound Compression
Low Speed Coefficients C o -280441 199028
Cropw 6889.5 3160.5
C oo 0 0
Mid Speed Coefficients Claw 4684 1727
Ciinw -1060 770
Bulk Modulus B~ (Mpa) 100
Volume V,,y (m%) 145% 107
Vy (m’) 6.7%10°
1200 — g 1200 -
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Figurs 4.8 Comparison of analytical and experimental force-time and force-velocity
characteristics of the monotube due to gas spring and damping
(Excitation 12.7 mm, 1 Hz).
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Figure 4.9 Comparison of analytical and experimental force-velocity characteristics of the
monotube damper due to gas spring and damping.

velocity. These discrepancies are attributed to clearance within the mounting bearings
resulting in a phase lag between the force and velocity near the zero-crossing, which is
quite apparent in the time-history of the force.

Figure 4.9 illustrates comparison of the analytical model response with the
measured data under medium to high speeds realized by increasing the frequency of
excitation. The figures show good correlation between the model and experimental
response at 4 Hz, with small deviations occurring primarily in the transition zone from
low to mid speed. The damper model response, in gencral exhibits slightly larger
hysteresis then the measured response. The measured force-velncity characteristics under
an excitation of 16 Hz, however, rcveal slightly larger hysteresis than the model response.

The response under high damper speed further exhibits certain high speed restriction
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Figure 4.10 Influence of fluid compliance on the gas spring and damping force of the
monotube damper (12.7 mm, 8 Hz excitation).

effects in the rebound part of the curve occurring at velocities below -1 m/s, which
exceeds the reasonable speed expected for a race car damper.

The force-velocity characteristics derived from both the analytical model and
experimental data reveal increase in hysteresis with increasing speed or excitation
frequency. The measured data, however, illustrates a relatively larger increase in
hysteresis with increasing frequency, which may be attributed to increase in inertia and
compliance of the oil and damper components. The force-velocity characteristics of
damper model are thus evaluated for different values of B in order to achieve better
correlation between the analytical and experimental response. Figure 4.10 illustrates the
influence of variations in B on the hysteresis properties of the damper model subject to
sinusoidal excitations at 8 Hz. The results clearly demonstrate the strong influence of B
on the damper hysteresis. A P value equal to 1.5 x 10-8 MPa yields better agreement with

the measured data acquired under an excitation of 8 Hz, than the corresponding model
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Figure 4.11  Pressure-velocity characteristics of monotube damper
(12.7 mm, 8 Hz)

response under lower and higher speeds, however, it resulted in poor correlation with the
measured data. The results showed an increase in the effective compliance with increase
in the damper speed, which may be attributed to fluid inertia. A compromise was
achieved by using = 1.0 x 108 Mpa in the current model., which results in improved
correlation between the analytical and experimental data, as shown in Figure 4.9. The
influence of fluid compliance on the damper performance is further investigated by
studying the pressure-velocity characteristics of the two chambers from the simulation,
whose force-velocity response presented in Figure 4.10, was computed under an
excitation frequency of 8 Hz, and is presented in Figure 4.11. The results show slightly
asymmetric pressure curve in chamber 1 (also equal to the gas pressure) due to variations
in fluid flow caused by compressibility. The point ‘a’ refers to the extreme extended
position of the damper, and thus low displaced volume of oil, high gas volume and low

gas pressure.
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The gas volume approaches its minimum and the pressure approaches its maximum
value when the damper is compressed to its maximum displacement, which is indicated
as point ‘b’ on the pressure-velocity curves. The effect of fluid compliance on the
chamber pressure is quite apparent from the Figure. The pressure in chamber 2 is a
complex function: of velocity and compliance, as shown in the Figure. Sirce the damping
force is a product of pressure difference across the piston and the working area, a
thorough examination of the chamber pressure yields considerable insight into the
behavior of monotube dampers. Starting from the fully extended position, indicated by
point ‘a’ in the Figure, the pressure in chamber 2 changes rapidly during decreasing
magnitude of acceleration segment of the cycle from 0 to approximately 0.11 m/s velocity
(low speed compression). The fluid pressure in chamber 1, however, changes only
slightly during the same segment resulting in a rapid change in the pressure differential
and thus in the force, as shown in Figure 4.10. During the remainder of the compression
stroke (mid speed) the fluid pressure in chamber 2 varies relatively slowly and gradually,
and the corresponding pressure differential and damping force vary slowly with the
speed. A comparison of the two segments of the chamber 2 pressure-velocity curve, at
low speeds in the compression stroke, reveals considerably different pressure differential
corresponding to decreasing and increasing magnitude of acceleration segments of the
stroke resulting in large hysteresis in the force, as seen in Figure 4.10. This pressure
differential between the positive and negative acceleration parts of the curve, however, is
considerably smaller at velocities greater than 0.11 m/s resulting in relatively small
hysteresis. The results further reveal relatively lower magnitude of pressure drop during
the latter part of the compression stroke at velocities ranging from 0.11 m/s to 0 m/s,
indicating that the damper force tends to follow tire mid speed valving characteristics.
The lower pressure differential during this part of the stroke is attributed to expansion of

oil resulting in additional flow from chamber 1 to 2. The pressure-velocity curve
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Figure4.12  Force-velocity characteristics of the Mechformance damper due to gas
spring and damping (Excitation 6.35 mm, 1 Hz).

presented in Figure 4.11 also reveals similar trends during the rebound stroke. The
results also demonstrate the apparent advantages of the pressurized gas over the non-
pressurized damper designs. From the Figure, it is apparent that a non-pressurized design
would yield reduced pressure in both chambers, by approximately 4 Mpa. The fluid in
Chamber 2 may thus approach vacuum conditions during the compression stroke, leading

to cavitation process in the oil, and a loss of damping.

4.2.3.3 Validation of the Remote Reservoir Damper Valving Model
Mechformance Damg er

The analytical models of the remote reservoir dampers, in general, involve
increased complexities due to the increase in number of chambers and flow paths. The
damping force is thus a highly complex function of flows associated with low-, mid- and
high-speed asymmetric valves. The force-velocity characteristics of the candidate
Mechformance damper exhibits highly nonlinear low speed rebound characteristics, as
shown in Figure 4.12. Various attempts made to develop different low speed compliance

models resulted in poor correlation with experimental data. Numerous additional
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Figure 4.13  Schematic of the bypass valve used in the Mechformance damper.

laboratory tests were thus performed to enhance the understanding of low speed valves.
The analysis of the data and physical examination of the valving mechanism revealed that
the bypass valve was not seating properly, and a negative pressure differential was
required for adequate sealing.

Figure 4.13 illustrates a schematic of this valve, which consists of a 0.2 mm thick
spring steel disk pinched between the support washer and the piston and covers relatively
large ports between chambers 1 and 2. When properly seated, the application of a
relatively low positive pressure differential between chambers 1 and 2 causes the disk to
deflect, permitting relatively unimpeded flow during the compression stroke. While the
valve opens at a very low velocity during the compression stroke, it should remain closed
during the rebound stroke, causing significant pressure drop to occur across the piston.
Inadequate seating of the valve in the candidate damper, however, permitted unrestricted
flow through the valve during the rebound stroke, as indicated by the segment a to b in

Figure 4.12. The valve, however, tends to close when certain negative pressure is
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achieved beyond point ‘b’. The fluid flow is then controlled by the low speed recoil
valve (segment c-d) at pressures below the mid speed blow off valve, and by the flows
through parallel combination of low and mid speed valving above the blow off pressure.
The bypass fluid flow is thus related to the pressure differential across chambers 1 and 2

in the following manner:

AP
Quypass = —C——”— ; for AP, >AP_,

seat

(4.15)
Qpypass =0 ; for AP, SAP,,

where AP, is the pressure required to achieve adequate seating of the bypass valve and
C.... is a coefficient relating the bypass flow rate to the pressure differential. The valve of
this coefficient is derived assuming incompressible flow at low speeds with negligible
flow through the low speed rebound valve. The fluid flow rate and the damping force can

thus be related to the damper velocity in the following manner:

F
X =—4 (4.16)
Cscatw
where C,,,, is the coefficient weighted with respect to the working area. The damper

valving model also involves the flows through low speed rebound valve, a passage
through the piston rod allowing flows from chamber 1 to 2 in both rebound and
compression. In compression the flow across the piston is modeled as a combination of
flows through the low speed rebound and the bypass valves. The force developed by
flow across the compression head, in compression and rebound (effectively a check
valve), are characterized using linear equation (4.13). The effective compressibility of
the damper is derived as a function of chamber pressure using the iterative algorithm and
equation (3.32). The various coefficients derived for the damping and compliance

models are summarized in Table 4.6.
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TABLE 4.6
COEFFICIENTS FOR MECHFORMANCE DAMPING MODEL

Rebound  Compression

By Pass Valve AP, -A, (N) -50000 same
Ciam 1800 same
Low Speed Coefficients Ciinw 56700 same
Cinw 0 same
Mid Speed Coefficients Clinw 17000 none
Cliinw ~2400 none
Compression Head Clinw 30 300v
Ciinw 0 0
Bulk Modulus B~ (Mpa) 500
Cp, (Mpa) 66
CS-E' ( Mpa/Mpa ) 81.25
Volume Vi (M) 145x10°
Vy () 6.7%10°

Figure 4.14 illustrates a comparison of the force-velocity characteristic of the
candidate damper derived from the analytical model with that established from the
laboratory tests at low speed range in which the blow-off valve operates. The damper
force curves including the gas spring force reveals good correlation between the
analytical and experimental resuiis. The analytical model, however, exhibits

considerably larger hysteresis during the rebound. The force-velocity characteristics
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Figure 4.14  Comparison of analytical and experimental force-velocity characteristics of
the Mechformance damper due to gas spring and damping
(Excitation 6.35 mm, 1 Hz).

attained, corresponding to mid-speed to high-speed range, are compared with the test data
obtained at excitation frequencies of 4, 8 and 16 Hz, with approximately the same peak
velocity, in Figure 4.15. The results derived from the analytical model show reasonable
correlation with the experimental data in the range of excitation considered in the study.
An increase in hysteresis with increasing frequency is further observed in both analytical
and experimental response characteristics similar to the case of the monotube damper
designs.

The pressure response characteristics of the three chambers as a function of damper
velocity are further analyzed to enhance an understanding of the valving and damping
behavior. Figure 4.16 iliustrates the pressure-velocity characteristics of the three
chambers when the damper is subject to constant displacement sinusoidal excitation at a
frequency of 8 Hz. The fluid pressures in chambers 1 and G (gas chamber) are observed

to be slightly asymmetric due to fluid compressibility, similar to that observed for the
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Figure 4.15 Comparison of analytical and experimental force-velocity characteristics

of the Mechformance damper due to gas spring and damping.
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Figure4.16  Pressure-velocity characteristics of the Mechformance damper
(6.35 mm, 8§ Hz).

monotube damper. The pressure differential between the two chambers is minimal
during the rebound stroke due to relatively unrestricted flow between the chambers. A
large pressure differential and thus damping force, however, develops during the
compression stroke due to flow restrictions. The consistently large magnitude of pressure
differential between chambers G and 2 is attributed to the valving restrictions, which do
not permit sufficient bleed period between chambers 1, 2, and G resulting in the high

differences in chamber pressures at zero velocity.

Fox D With Light D Setii

The remote reservoir Fox damper with light damper setting yields minimum low
speed flow restrictions resulting in minimal pressure drop across the compression head
and low speed piston valve during the compression and rebound strokes. The flows
through both valves, however, are severely impeded when the damper is set for high

damping. From the iterative algorithm used to identify the damper coefficients the
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TABLE 4.7
COEFFICIENTS FOR FOX WITH LIGHT DAMPING MODEL

Rebound Compression
Low Speed Coefficients  C_,_.  C,, -20935 1800
Ciomw  Ciiaw 558.10 0
Ciw 0 None
Mid Speed Coefficients Cinw 8200 650
Ciin -2000 150
Compression Head Clinw 10 17
Cilinw 0 0
Bulk Modulus B~ (Mpa) 200
Volume Vi (@) 300x 107
Vy (m’) 2% 107

damper model was developed including: the constant compliance model of equation
(4.7), the polynomial flow model for low speed flows through the rebound piston valve,
linear flow model for low speed compression flow across the piston, liner models for both
mid-speed compression and rebound damping across the piston, and linear models for
flow in rebound and compression across the compression head. Various damper model
coefficients identified from the study are summarized in Table 4.7.

Figure 4.17 illustrates a comparison of the force-velocity characteristics of the
candidate damper derived from the analytical model with those established from the
laboratory tests for a wide range of velocity inputs. The low-, mid- and high-damper
speeds are realized through sinusoidal excitations at frequencies of 2, 4 and 16 Hz. The

results presented in the Figure show good correlation between the analytical and
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Figure 4.17 Comparison of analytical and experimental force-velocity characteristics
of the Fox-Light damper due to gas spring and damping.

131



37 +
Pressura (MPa)

P,

\ 33 1L
—~——g——. P] and PG
T 29 |

I !
0.2 0.0 Velocity (m/s) 0.2

Figure 4.18  Pressure-velocity characteristics of the Fox-Light damper
(12.7 mm, 2 Hz).

experimental response characteristics in the entire speed range. The results, however,
show some divergence at high speed rebound attributed to the lack of a high speed
rebound restriction in the model. The flows through high speed rebound valve were
considered negligible assuming that peak velocity is well below the operating range of
the valve. Figure 4.18 illustrates the pressure response of different chambers as a
function of the velocity. The pressure-velocity curves exhibit only slightly asymmetric
pressures in chambers 1 and 3, as illustrated earlier for the Mechformance damper. The
pressure curves exhibit small pressure differential between chambers 2 and 3 during the
compression stroke due to relatively low flow restriction, which is also apparent in Figure
4.17 for the low speed force-velocity characteristics. Low cycling speed and restrictions
allow sufficient time for the flow of oil into and out of chambers 1, 2 and 3, such that the
pressure in chamber 2 almost approaches that of the gas spring at the zero velocity
crossing. During compression the light damping setting yie'ds a low pressure drop across

the compression head and the pressure in chamber 2 drops below the gas pressure, as
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observed in the case of the monotube damper (Figure 4.11). A lower gas charge pressure

in this damper configuration can thus cause cavitation.

Fox D With Heavy i Setti

When the damper valving is set for high damping, the low speed rebound and
compression valving across the piston and the compression head, respectively, yield large
pressure drops, increasing the damping through out the speed range, as shown in Figure
4.19. The increase in flow restriction results in the high speed rebound damping
becoming effective at a considerably lower damper velocity. The analytical model of the
Fox damper with heavy damping is thus developed to incorporate this additional valving
restriction, which acts to limit the flow passing through the mid speed rebound valve in
an orifice manner. A cross over point for flow rate is thus established and the mid-speed
rebound valving model is replaced by a high speed restriction model when the flow rate
exceeds this value. The damper coefficients for this restriction are initially established
through curve fitting of the measured damper characteristics in a manner similar to that
described for other valving models. The cross over point is established as the flow rate
corresponding to the intersection of the mid speed and high speed rebound segments of
the force-velocity plots. For low acceleration levels, the velocity at the cross over point
can be estimated from che ratio of the flow rate to the working area (A,-A)), while the
corresponding force is derived from the product of the pressure drop and the working
area. The analytical model for the high damping setting further differs from tnat with
light damping setting in that the low speed rebound flow is modeled using tive lincar
model, equation (4.13), and that the compliance is expressed as a function of pressure,
Equation (3.32). The damper coefficients established from the iterative procedure are
summarized in Table 4.8. A comparison of damper coefficients derived for light (Table
4.7) and high damping setting reveal that the values for the mid speed compression across

the piston are similar for both damper models, while the high damping model yields
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Figure 4.19  Comparison of analytical and experimental force-velocity characteristics
of the Fox-Heavy damper due to gas spring and damping.
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TABLE 4.8
COEFFICIENTS FOR FOX WITH HEAVY DAMPING MODEL

Rebound Compression

Low Speed Coefficients Cow 83000 22000
Cilinw 0 0
Mid Speed Coefficients Cinw 20000 600
Citinw -1300 150
High Speed Coefficients Crow 6500 None
Clinw -1900 None
Compression Head Cinw 10 150
Ciinw 0 0
Bulk Modulus Bl (Mpa) 250
C;[l, (Mpa) 45.5
Cy  (Mpa/Mpa) 68.18
Volume Vi (M) 300x10°
Vyp () 2x10°

considerably larger values of coefficients associated with flows through low speed
valving and the compression head.

The force-velocity response characteristics of the analytical model of the Fox
damper with high valving setting are compared to those derived from laboratory tests
performed at different speeds, as shown in Figure 4.19. The Figure demonstrates good
correlation between the analytical and experimental results over the entire speed range. A

comparison of low-speed force-velocity characteristics of the dampers with fight and
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Figure 4.20 Pressure-velocity characteristics of the Fox-Heavy damper
(12.7 mm, 2 Hz).

heavy setting (Figures 4.17 and 4.19) clearly illustrates the considerable increase in the
rebound force caused by significant flow restrictions associated with the high setting.
The comparison further reveals that with the high damping setting the mid-speed
damping becomes effective at considerably lower velocity (below -0.05 m/s), while in the
low damping setting the mid-speed damping occurs at nearly -0.3 m/s. The high speed
rebound flow restrictions, in a similar manner, become effective at a lower speed (< -0.6
m/s), as shown in Figure 4.19. Although the analytical force-velocity response follows
the pattern similar to that observed with the experimental results over the majority of the
speed range, the model response corresponding to the low to mid speed transition in
Figure 4.19, deviates significantly from the test data, indicating that improvements could
be made in this part of the model.

The chamber pressure response characteristics of the damper model are evaluated

under low speed excitations (frequency of 2 Hz), as shown in Figure 4.20. A comparison
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with the pressure response behavior of damper with light setting (Figure 4.18) further
illustrates the distinctly different performance of the two settings. The results show that
the pressure of fluid in chamber 1 is similar to that of the gas pressure in rebound, and
significantly higher in compression caused by increased pressurc drop across the
compression hed.  The fluid pressure in chamber 2 also increases during the
comp:ession stroke and remains higher then the gas pressure for majority of the
compression stroke. The possibility of cavitation across the piston is thus greatly reduced
in the event of the loss of gas charge. During the rebound stroke, the fluid pressure in
chamber 2 remains significantly higher due to the increascd pressure drop across the low
speed rebound valve. The pressure-velocity curves for all three chambers are obscrved to
be asymmetric in compression and rebound, similar to those observed for other candidate
dampers. The gas pressure in chamber 3 reveals an increase in asymmetry, which may be
attributed to increased pressure in the damper resulting in significant compressibility

effects.

4.2.4 Identificati (D ing T | Sensitivity Coeffici

The influence of temperature variations on the force developed by the candidate
dampers is thoroughly examined in order to develop the damping temperature sensitivity
models. A series of laboratory tests are performed under constant amplitude (12.5 mm)
displacement excitation at 2 Hz, and the damping forces are measured at different discrete
temperatures. The measured data is analyzed to acsive the peak damping forces in
compression and rebound in the entire temperature range. The temperature dependence
of the normalized peak damping forces developed by the Koni and Mechformance
dampers are illustrated in Figures 4.21(a) and 4.21 (b), while Figures 4.21(c) and 4.21 (d)
illustrate the response behavior of the Fox damper with light and heavy damping settings.
A regression analysis is performed to describe the normalized force as a linear function of

the operating temperature. The coefficients derived from the linear regression and the
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TEMPERATURE COEFFICIENTST gglii‘;?\low/mzm PEAK DAMPING
FORCE
Koni Mechformance Fox - light Fox - heavy
T, (°C) 93.5 93 89.2 91
COMPRESSION
Slope(10®)  -0.77 -4.36 -0.37 -0.67
Intercept 1.07 1.43 1.06 1.05
r’ 0.90 0.96 0.10 0.87
REBOUND
Slope(107)  -0.55 -0.63 -1.69 -0.43
Intercept 1.04 1.05 1.13 1.04
r 0.91 0.85 0.96 0.94

corresponding r? values in compression and rebound are summarized in Table 4.9. The
regression analysis yields good correlation with r? values ranging from 0.85 to 0.96 for all
the candidate dampers, except for Fox damper with light damping, which may be
attributed mostly to measurement errors associated with considerably lower compression
damping. The normalized damping force decreases with increase in operating
temperature, irrespective of the type and construction of the damper. The rate of change
of normalized rebound damping with variations in temperature (slope) of the Koni, Fox
with high damping and Mechformance is observed to be within a range of 31%, while the
slopes of the compression curves for the Koni and Fox with heavy damping are just
outside of this range. With the exception of the Mechformance in compression, the rate
of change of the rebound normalized force with respect to the temperature for the Fox

damper with light setting is considerably larger than those for the other dampers. This
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may be attributed to thic fact that at the peak velocity chosen, the damping is controlled by
the slow speed circuit for the Fox with light damping, while with the exception of the
Mechformance in compression, the damping force corresponds to their mid speed flow
circuits. As the rate of change of the characteristic curve is observed to be greater in the
slow speed range than that in the mid speed range, the Fox with light damping would be
expected to have a higher rate of change in normalized force. For the Mechformance
damper, the rate of change in normalized force is almost 7 times steeper in compression
then rebound. This can be attributed to the fact that there is minimal damping in
compression, hence the rate of change will be very sensitive to small changes in force.
While the results for the regression analysis presented in Table 4.9 may be used to
develop a temperature sensitivity model for the damping, the model developed by
analytical analysis of the thermal effects on flow, described in Equation (3.61), is used.
The laboratory test is analyzed to determine the temperature sensitivity coefficients for
the model, and the need for an additional coefficient (intercept) was identified to account
for the experimental error. The temperature sensitive normalized damping force is thus

expressed as:

1.

f. =. 4.17
T 1+ (K o - ATy +Cy) 17

where the constants K, and C,; are the slope and intercept, respectively, determined

from the regression analysis, and AT} is the temperature difference with respect to the

reference temperature (T, ) at which the tests are performed. The values of coefficients

and the corresponding r* values derived from the analysis are presented in Table 4.10.
4.3 VALIDATION OF THE TOTAL DAMPER MODELS

The analytical models of the components, such as friction, gas spring, valving, fluid

compressibility and their temperature dependence are developed upon identifying the
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TABLE 4.10
TEMPERATURE SENSITIVITY COEFFICIENTS DERIVED FOR EQUATION (4.16)

Koni Mechformance Fox - light Fox - heavy

T (°C) 93.5 93 89.2 91
COMPRESSION

K. (10%) 056 4.00 0.27 0.62

C, (10% 107 -3.35 -24.6 11.6

R squared 0.91 0.99 0.08 0.86
REBOUND

Ky (103 0.77 0.61 1.54 0.45

C, (107 250 5.76 20.8 2.91

R squared 0.91 0.84 0.95 0.93

various coefficients. These component models, validated in the previous sections, can be

integrated to develop totzl damper model as described in equations (3.63). The analytical

models of the candidate dampers, thus developed, are validated for different excitations

ranging from low to high speeds, and different operating temperatures. The total damper

models are validated for the following three types of excitations:

() Constant displacement amplitude (12.7 mm) sinusoidal excitation at a frequency
of 2 Hz and operating temperature in the 38 - 39°C range.

(i)  Constant displacement amplitude (12.7 mm) sinusoidal excitations at a frequency
of 2 Hz and operating temperature in the range of 133 - 149°C.

(i)  Constant displacement amplitudes (6.3 mm or 12.7 mm) excitation at a frequency

of 8 Hz and operating temperature range of 89 - 94°C.

141



The analyses under excitations (i) and (ii) enable the verification of the model in
terms of low speed damping characteristics, friction force and the gas spring force, as
well as their temperature sensitivity. The analyses further provide the means to validate
the gas spring, which is most sensitive to temperature variations. The last excitation will
enable the verification of the mid-speed and high-speed damping characteristics together
with the compressibility effects. The results of the simulations using the analytical
models of the monotube and remote reservoir dampers, with coefficients identified from
the analyses of the measured data, are compared with the experimental force-velocity

characteristics to demonstrate validity of the models.

Koni Damper

Figures 4.22 (a) and (b) present a comparison of the force-velocity characteristics of
the monotube damper derived from the analytical model and the experimental data under
excitations (i) and (ii) 2t temperatures of 39°C and 149°C, respectively. The figures
shows reasonable correlation between the analytical and experimental force-velocity
characteristics over majority of the velocity range. The simulation results, however,
differ considerably from the experimental data near two distinct velocities. Firstly, the
analytical results deviate considerably from the experimental results near zero rebound
force, when transition from low to high speed occurs. The experimental results exhibit
discontinuous velocity response near zero force during the rebound stroke, irrespective of
the operating temperature. This discontinuous response is attributed to the clearance
within the bearing, as discussed earlier in section 2.2.2. Secondly, the analytical results
exhibit relatively high damping force and significantly high change in the damping force
in compression near the transition velocity (the velocity at which mid-speed valving
becomes active). The experimental results show relatively less abrupt transition in the
comyression damping force, specifically at the operating temperature of 39°C. The

analytical model further reveals slightly larger hysteresis at mid-speed range during the
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Figure 422 Comparison of analytical and experimental total force-velocity
characteristics of the monotube damper.
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compression stroke. A comparison of damping forces presented at the two different
temperatures exhibits an increase in bias in force of nearly 500 N, when the operating
temperature is increased to 149°C. The analytical model ciiaracterizes the temperature
dependency of the total damping force quite accurately.

The analytical model of the monotube damper is further validated for mid to high
speed excitation (iii) at an operating temperature of 94°C, as shown in Figure 4.22 (c).
The results derived from the analytical model correlate very well with the experimental
force-velocity characteristics in the mid- as well as high-speed range during both
compression and rebound strokes. The experimental results, however, exhibit somewhat
larger hysteresis near low velocities, which is attributed to the bearing clearance. The
results presented in Figure 4.22 clearly demonstrate the effectiveness of damper model in
characterizing the compression and rebound forces in the entire speed range, and the

temperature dependency of the damper force.

Mechformance Damper

The force-velocity characteristics derived from the Mechformance damper model
under excitation (i) at 38°C and (ii) at 146°C are compared to the experimental response
of the damper under identical excitations, as shown in Figure 4.23 (a) and (b). The
experimental results show that increasing the temperature from 38°C to 146°C yields an
increase in bias of the damper force by approximately 400 N, which is similar to that
estimated by the analytical model. The results further illustrate that the gas spring of the
Mechformance damper is less sensitive to temperature variations then the Koni damper,
due primarily to larger initial gas volume. The results of the analytical model correlate
well with the experimental data during the compression stroke, the model results deviate
considerably from the experimental results in rebound stroke. The discrepancies between
the analytical and experimental results can be primarily attributed to the errors in low-

and mid-speed rebound valving models, and inadequate seating of the rebound valve
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described earlier in section 4.2.3.3. The model, however, exhibits trends similar to those
observed with the experimental data. The analytical model tends to provide better
agreement with the experimental results obtained at higher operating temperature,
specifically at mid- damper speeds in the rebound stroke. The analytical model also
yields good correlation with the experimental results at higher speeds attained through
excitation (iii) at an operating temperature of $3°C, as shown in Figure 4.23 (c). The
results show slight discrepancies in damping during the decreasing magnitude of
acceleration segments of the curve, which might be attributed to inertia effects of the

fluid.

Fox L Light Setting

The analytical model of the remote reservoir Fox damper with light damping
setting yields good correlation with the experimental force-velocity characteristics under
low- to mid-speed excitations at two different temperatures (38°C and 135°C), as shown
in Figure 4.24 (a) and (b). The analytical model, however, exhibits a rapid change in
damper force in compression near zero velocity, while the experimental results show a
gradual and continuous variation in the damping force. This discrepancy may be
attributed to the errors in modeling the low speed compression valve. The results,
however, exhibit correlation with the experimental data over almost the entire speed
range and emperature range. The excellent correlation of the model with the test results
is furthe: demonstrated in Figure 4.24 (c) under high velocity excitations at an operating

temperature of 92°C.

Fox Damper (Heavy Setting)
The analytical model derived for the remote reservoir Fox damper with high

damping valving also yields reasonahly good correlation with the experimental data at

varying excitation velocities and operating temperatures. Figure 4.25 (a) and (b)
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illustrates a comparison of analytical and experimental force-velocity characteristics
obtained under excitations (i) and (ii) at 38°C and 133°C, respectively. The figures show
good correlation between the model and experimental results with some deviations in the
rebound damping near the transition velocity. These deviations in rebound damping in
the mid-speed range tend to decrease considerably when the operating temperaturc
approaches 133°C. The mid-speed rebound damping model under such excitations can
be easily improved through identification of coefficients to yield improved corrclation.
This approach was evaluated, resulting in improved correlation at low speed, however,
correlation was poor between simulation and experimental results attained under mid-
and high-velocity excitations. The proposed damper model represents a compromise in
the validity of the model over the entire range of speed and operating temperature. The
effectiveness of the model is further demonstrated by comparing the model results
attained under higher velocity excitation (iii) with the corresponding experimental results,
as shown in Figure 4.25 (c). The results show good correlation between the analytical
and experimental plots, while the experimental results exhibit considerably larger
hysteresis, particularly in the low speed response. This discrepancy can be attributed to
the play within the bearings as evident near the zero force crossings and to the errors in

the fluid - »mpliance model.

44 SUMMARY

In this chapter, experimentally derived force-velocity and force-displacement
characteristics are thoroughly analyzed to identify various coefficients for the component
models. The analytical models of the gas spring, friction and valving components are
validated under low-, mid- and high-speed excitations and at different operating
temperatures. The coraponent models are integrated to derive total models of the
monotube and remote reservoir damper desigus. The validity of the damper models is

demonstrated for varying speeds and operating temperatures.
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Static test results were used to characterize the displacement sensitive break away
friction, and the initial gas volume and pressure of different damper designs. The
dynamic breakaway and the thermal expansion of the dampers were identified from the
test data obtained under low speed excitations. The component and the total damper
models revealed reasonably good correlation with the experimental data in the entire
range of operating speeds and temperatures. The effectiveness of analytical models under

more realistic excitations will be further investigated in Chapter 6.
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CHAPTER 5
DEVELOPMENT OF THE QUARTER CAR MODELS

5.1 INTRODUCTION

Although the analytical models developed in Chapter 3, and the experimental and
model results described in Chapter 4 provide significant insight into the damper
performance, the results derived from the simulation and laboratory tests performed using
the fixed inertial reference, do not fully describe the damper performance under realistic
road excitations. While the results attained under idealized excitations further
demonstrate the validity of the models [17,19-22], the nonlinearities associated with the
dampers, as demonstrated in analytical and experimental results in Chapter 4, require
evaluations under realistic excitations to enhance their design and performance. The
parametric sensitivity analyses, specifically, need to be performed under such realistic
excitations, to evaluate the affect on the vehicles performance.

The quarter-car simulator test stand permits the study of damper characteristics as a
function of realistic excitations arising from vertical dynamics of the sprung and
unsprung masses, suspension and tire properties, road roughness and speed. The quarter-
car simulator test stand developed in this study varies from the classic two-DOF vertical
dynamics vehicle model, commonly found in the literature [27,28,54], duc to friction
between the sprung mass and the input. In this study a quarter-car model is developed
upon integrating the damper models into an undamped two-DOF vertical dynamics
model. Two quarter-car models are developed to evaluate the candidate dampers: (i)
based on the quarter-car simulator test stand, to validate the damper models; (ii) a quarter
race vehicle representative model to evaluate the damper performance. The latter model
is used in conjunction with the validated damper models to study the influence of various
damper design parameters, and compare the response characteristics with those of the

simplified damper.
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Figure 5.1 Schematic of the quarter car simulator test stand.

5.2 QUARTER VEHICLE MODELS

The uncoupled vertical dynamics of a single wheel suspension assembly can be
effectively investigated using a two-DOF lumped parameter model shown in Figure 5.1.
The masses due to wheel and tire assembly, and the brakes, are lumped together with
portions of the steering and suspension masses, and represented as the equivalent
unsprung mass, m,. The unsprung mass includes approximately 2/3 of the suspension
mass. The sprung mass, mg of the vehicle model is derived upon subtracting the
unsprung mass m, from the total of the vehicle mass supported by a single tire. The
suspension system is represented by its spring rate, damping forces, friction forces, and
forces arising from the motion limiting stops. The tire is represented by a nonlinear
spring in a point-contact manner, with asymmetric force-deflection characteristics to

account for wheel-hop motions. The preload of the suspension spring is further
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incorporated into the model to study the forces arising from wheel-hop motions and

interactions with the bump stops.

$.2.1 Quarter Car Simulator Model

A quarter-car simulator comprising the unsprung and sprung masses, tire spring,
suspension spring and a candidate damper is fabricated and installed on a electro-
hydraulic vibration exciter. A pictorial view of the simulator has been presented in
Figure 2.14. An analytical model of the simulator is developed to incorporate suspension
preload, motion limiting stops, friction force and wheel hop motion. The static deflection
of the suspension spring can be related to the sprung weight, the suspension spring rate

and the gas spring force in the following manner:

ms 8- FGeqml
prel = __—T<—_— (5'])

sl

Z

where K, is the linear suspension spring rate, F;.,; is the gas spring force developed by
the damper at static equilibrium of the quarter car, g is the acceleration due to gravity and
Z,., is the static deflection of the suspension system. In a similar manner, the static
deflection of the tire spring, corresponding to static equilibrium, can be expressed as:

(m, +m,)-g
pre2 =T

Z (5.2)

where K, is the tire spring rate and Z_,, is the static deflection of the tire. The

equations of motion of the two-DOF quarter-car simulator are derived as:

(5’1 + g) 'm, + [Fdampet (z,,9) + Fy, (2 ’t)] +Fy(z),1)
+[F, (2),t) + E;(z5,0] + F, (2, 1) = 0 (5.3)

(5’2 + g) ‘m, -[Fdampet (z),) +Fy,, (2, »t)] ‘[Fn (z,,1)
-F, (2, ':)]‘ EF,(z,Y) ‘[Fn (z),1)-F(z,, t)] =0 (5.4)
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where z, =(y, - ¥,), z=(y,-Yn)and z, =(y, -y, ). The tem Fy,. . (z, t) inthe
above equations describes the total force developed by the damper, which includes the
components of forces due to gas spring, friction, asymmetric damping, compressibility
and thermal expansion. The analytical models of different candidate dampers, developed
in Chapter 3, are integrated into the quarter-car simulator model to determine the total
damper force comprising the above components. The damper force components are
computed as a function of the damper coordinate z, which is related to the relative
displacement z, in the following manner:

12 (53)

z= Zinstal

where Z;,5q is the compressed length of the damper at static equilibrium of the quarter
vehicle. Since all dampers are designed with a finite extended length they pose a motion
limiting constraint on the relative displacement between the sprung and unsprung masses.
In some instances, a relatively stiff elastic bumper (as with the Fox damper) or hydraulic
absorber is built into the damper to reduce the impact when the damper reaches its full
extension. All other designs, such as the Mechformance and Koni, comprise a rigid limit
stop at full extension. The force arising from such limit constraint is derived using an
asymmetric clearance spring model. The motiop limiting constraint is represented by
relatively stiff spring (Kgim), in rebound, and the corresponding constraint force is given
by:
Fim@,0=Kyim 2 3 z<0
(.6
Fun(z,,)=0 ; z=20
The suspension spring or damper, and the tire springs, also yield a motion limiting
constraint in compression arising from their minimum collapsed length. In the quarter-

car simulator model, the constraint forces caused by minimal collapsed lengths of the
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suspension and tire are represented by F, and F,, respectively. The constraint limit force
in compression due to suspension spring or damper is given by:
Fi(z,,0) =K, '(Zn - zx) 5 2 <Z,
(CN))
Fi(z,,)=0 ) 722,
where K;, is the equivalent spring rate due to the limit constraint and Z, is the
permissible compression of the suspension components with respect to the static
equilibrium. Z,; is the larger of the collapsed lengths of the suspension spring or the
damper. The limit force due to tire spring compression is derived in a similar manner:
F.(z,,0)=K,, '(Zrz - 22) H 7, <Z,
(5.8)
E,(z,,)=0 ; z, 27,
where K, is the equivalent spring rate due to the limit constraint and Z, is the
permissible compression of the helical spring representing the tire, with respect to the
static equilibrium. While the tire force, in its linear range, is represented by the force due
to linear spring K, the tire force reduces to zero under wheel-hop motion. The tire force

F,, (z,,!) is thusexpressed as:

F, (z,,t)= I(sz '(Zprez - Zz) . (zprez - Zz) 20

9
F32 (Zz ,t) =0 : (Zptd - 22) <0

The suspension spring force F;;(z,,t) is related to its linear spring rate K, in the

following manner:

Fsl (zl 1) = Ksl '(prel - zl) > (zprel -z ) 20

Fi(z,,)=0 ; (zmI - z,) <0
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The friction forces in the quarter-car simulator, F_, and F 5, are attributed to the
journal bearings that guide the unsprung mass relative to the sprung mass, and the sprung
mass relative to the road input, respectively. These friction forces are represented as

follows, assuming ideal characteristics:

F.(z,,t) = .., -sen(z,) ;=13 (5.11)

where F,,, is the magnitude of the friction force and sgn(z) characterizes the sign of
the relative velocity z, .

The analytical model developed of the quarter car simulator differs from a more
realistic representation of a race car, due primarily to the design considerations of the
simulator. An improved quarter-vehicle model of a race car, used in the parametric
variation study, is illustrated in Figure 5.2. The primary difference between this
analytical model and the quarter-car simulator model is the additional friction element
between the sprung mass and input. This friction force component is caused by the
bushings mounted between the sprung mass and the input, which is not present in a
vehicle suspension model. Although the automotive tires yield only small amount of
damping, the damping due to tires used in racing vehicles becomes more significant due
to relatively high stiffness of the suspension and tires. The damping due to tire is thus
integrated within the quarter car analysis model, as a light viscous damper. The
laboratory simulator, however, was developed assuming negligible tire damping.
Furthermore, the magnitude of Coulomb friction between the sprung and unsprung
masses of a race car is significantly lower due to the usage of low friction spherical
bearings, as opposed to the journal bearings found in the simulator.

The analytical model may be further enhanced to incorporate the kinematics and
dynamics of the suspension links, which can affect the damping and spring forces in a
significant manner. Warner and Rathwell [70] investigated the kinematic performance of

a road racing motorcycle suspension linkage shown in Figure 5.3. The results of the
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study demonstrated significant influence of the linkage design on the suspension forces
depending upon the leverage ratio (ratio of change in axle force to the change in
suspension force). In this study however, it is assumed that the linkage ratio is 1:1, and
hence, the linkage affects can be neglected.

The equations of motion for the two-DOF quarter car analysis model are:

(yl +g).ms +Fdampcr +Fdl|m +Fc| +FII +Fsl = 0 (5'12)

(5’2 +g)'mu -Fdampcr “Eyum - Fy - Fy -F +F, +Fy + Fy =0 (5.13)

where F, . is the damping force due to the tire, given by:
Fdlire = Clire ) i2 ’ 4 < ZPre2
(5.14)
thire = O ; ZZ 2 ZpreZ
where C,. is the equivalent viscous damping coefficient of the tire model

5.3 IDENTIFICATION OF QUARTER TAR SIMULATOR FRICTION

The friction forces caused by the journal bearings used to guide the sprung and
unsprung masses of the quarter-car simulator are identified through laboratory
measurements. The candidate damper was removed from the simulator in order to
characterize the friction force due to journal bearings alone. The undamped quarter-car
simulator comprising the sprung and unsprung masses, and suspension and tire springs is
subject to a step displacement excitation in the laboratory, and the displacement response
characteristics of the sprung and unsprung inasses were measured. The measured data
was analyzed for its rate of decay and the magnitude of friction force.

Figure 5.4 illustrates the step response of the sprung and unsprung mass of the
quarter-car simulator subject to a 1.5 cm step displacement excitation. The measured

response characteristics exhibit oscillations with nearly linear decay caused by Coulomb
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Figure 5.4 Undamped sprung and unsprung mass responses of
quarter car simulator (15 mm step).

friction. The results also exhibit oscillation at the sprung mass natural frequency of 2.4
Hz. The corresponding step response of the unsprung mass, exhibits oscillations
predominant around the natural frequency of the unsprung mass (14 Hz), while the
oscillations are enveloped by the sprung mass resonant frequency. Since the sprung mass
is considerably larger than the unsprung mass and the suspension spring is significantly
softer than the tire spring, the sprung 1.ass exhibits more or less uncoupled response
behavior. The decay in displacement response of the sprung mass can thus be related to
the magnitude of Coulomb friction force in the following manner [71]:

F _ (le _Z;“)'Ksl

coull — 4

(5.15)

where Z| and Z;"' are the amplitude of successive oscillations. The above estimate of
Coulomb friction is derived assuming entirely uncoupled sprung mass behavior or the

step response characteristics of a single-DOF mass-spring-friction system. The potential
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Figure 5.5 Deriving friction from the undarnped quarter car simulator
unsprung mass response (15 mm step).

errors caused by the coupling between the sprung and unsprung masses, as evident in
unsprung mass response, can be reduced through analysis of the width of the envelope of
decay. Figure 5.5 illustrates the width of the envelope of decay in unsprung mass
displacemen: response. The change in the width of the envelope of decay is also
measured after a number of cycles (n) to reduce the magnitude of the «rror, which may
arise from measuring two successive peaks with only slight variations in the magnitude.
The Coulomb friction force is then estimated from:

(Zm - an) ' Ks:

5.16
Sn (5.16)

F

coul/ =

where Z,,, and Z_, are the measurements of thc envelope width at the first and n

number of cycles.

160



5.4 ANALYSIS AND EXPERIMENTAL VALIDATION OF THE QUARTER
CAR SIMULATOR MODEL

The quarter-car simulator model is verified by comparing the model results with
those attained from the laboratory tests. The simulator is rabricated and installed on
a electro-hydraulic vibration exciter. Although the internal linear variable differential
transformer (LVDT) within the hydraulic cylinder provided a good measure of the
excitation, a delay of approximatcly 4 ms was observed due to the signal conditioning
and filtering.  Accelerometers are me mted to monitor the response of the sprung and
unsprung masses, relative to the iiput. The acceleration signsis, however, included
excessive noise due to pump (nearly 160 Hz) and friction effects. Low pass fiters were,
therefore, employed to acquire the acceleration signals. In view of the low signal to noise
ratio of the accelerometer response, external LVDT and linear velocity transducers (LVT)
were installed to measure the displacement and veority excitation, and relative responce
of the sprung and unsprung masses. While the LVDT's with +0.25 m full scale range
provided low signal to noise ratio, the LVT's provided the most consistent measurements
with high signal to noise ratio. Table 5.1 summarizes the different sensors used in the

quarter-car simulator, together with their respective gains. Since the LVDT's and LVT's

GAINS OF MEASUREMENT TR:QISBBSééRS USED WITH QUARTER CAK
SIMULATOR
Input Unsprung Mass Sprung Mass
LVT (m/s/V) 0.396 0.378 0.166
External LVDT (m/V) 0.0649 0.0131 0699
Intenal LVDT (m/V) 0.0112
Accelerometer (m/sz/V ) 10.09 9.99 10.19

Damper Force Sensor (N/V) 1032
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are installed to measure the relative displacement and velocity response characteristics of
the sprung and unsprung masses with respect to the excitations, these data are primarily

used to validate the simulator model.

5.4.1. Measurements of Friction Forces

The tests are initially performed on the quarter-car simulator without a damper
under step displacement excitations of varying amplitudes, and the measured data
analyzed to estimate the magnitude of Coulemb friction forces (F, and F3), as described
in section 5.3. The tests were performed for varying magnitudes of displacement
excitations to identify the possible variaticns in the friction properties as a function of the
direction and amplitude of excitation. The magnitudes of friction forces attained under
different step excitations are summarized in Table 5.2. Although the results show

variation of frict‘on force for variations in tiie magnitude and direction of step excitation,

TABLE 5.2
MAGNITUDE OF COULOMB FRICTION FORCES DERIVED FROM THE STEP
RESPONSE

Magnitude of Friction Force

Step Displacement (cm) Sprung Mass to Input (N)  Sprung to Unsprung M ss (N)

+1.5 94.5 69.9
-1.5 81.9 73.5
+2.6 144.2 117.3
-2.6 1247 99.4
+5.1 122.5 129.9
-5.1 123.9 103.1
Average Friction Force (N) 115.0 98.8
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a clear trend cannot be established. The results further show that the friction force acting
on the unsprung mass is considerably lower then that acting on the sprung mass,
irrespective of the magnitude of step displacement. The averaged values of the friction

torces are thus derived and used in the quarter car simulator model.

5.4.2. Validation of the Quarter-Car Simulator Model

The two-DOF model of the undamped quarter-car simulator is analyzed and the
response characteristics are compared with those derived from the experimental data.
The simulator model based upon the averaged friction values listed in Table 5.2 resulted
in response behavior with slightly larger damping than the measured response. The
analytical model was thus tuned by slightly lowering the values of friction forces in an
iterative manner until a satisfactory correlation between the simulation and cxperimental
results, based on the best compromise under different levels of excitation, was achieved.
The magnitudes of friction fcrces between the sprung mass and the input, and between
sprung and unsprung rasses were selected as 90 N and 65 N, respectively. These lower
values of friction forces, when compared to the averaged values in Table 5.2, are
attributed to the coupled behavior of the twc -DOF simulator.

The analytical response characteristics of the sprung mass of the simulator, subject
to positive 1.5, 2.6, 5.1 cm and negative 2.6 cm step displacement excitations, are
compared to those derived from the measured data, as shown in Figure 5.6. The model
response exhibits relatively rapid decay, specifically for 1.5 ¢m and S.1 cm step
excitations. The model response, however, reveals very good correlation for the positive
2.6 cm, and relatively slower decay for the negative 2.6 cm step excitations. Although
the model response exhibits trends very similar to those observed with the experimental
datz, the model exhibits damping slightly larger than the experimental data for the 1.5
and 5.1 cm, and lower for the negative 2.6 cm excitations. The analytical and

experimental response characteristics exhibit a slight bias prior to application of the
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excitation and after the response is settled, which may be attributed to the lockup
behavior of the simulator.

The response characteristics of the unsprung mass of the simulator model, subject
to the same step excitations, are compared with those established from the experimental
data, as shown in Figure 5.7. A good correlation is observed between the analytical and
experimental results. The sprung mass response of the analytical model, however,
exhibits relatively rapid decay when compared to that obtained from the experimental
response, for 1.5 cm and 5.1 cm step excitations, and slower decay for the negative 2.6
cm step excitation. The results show improved correlation with the experimental data for
the positive 2.6 cm step excitation, as observed for the sprung mass. A comparison of
response characteristics of the simulator, subjected to positive and negative 2.6 cm step
excitations, reveals that both the model and experimental results decay faster for the
negative excitation. This nonlinear effect is attributed to the gravitational force opposing
the motion under positive step excitation, adding potential energy to the system. From
the results presented in Figures 5.6 and 5.7 it is evident that the experimental friction
values differ from one test to the next. The experimental studies further reveal that the
fricdon values vary between two applications of successive step inputs. The values of
friction used in the computer simulation are thus selected as a compromise from the
analysis of different experimental results.

The analytical and experimental results reveal excellent agreement in view of the
natural frequencies of the simulator. The bounce and wheel hop mode undamped
frequencies of the simulator derived from the analytical model are compared with the
measured damped natural frequencies in Table 5.3. While the bounce mode natural
frequency of the model is very close to the measured data, the wheel hop is considerably
larger than the measured data. The discrepancies between the wheel hop frequencies may
be attributed to low unsprung mass and relatively high damping due to the coupling

effect, as seen in Figure 5.7. A comparison of the damped and undamped frequencies
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TABLE 5.3
COMPARISON OF ANALYTICAL AND EXPERIMENTAL NATURAL

FREQUENCIES
Mode Theoretical Experimental Percent Error
Bounce; Hz 241 2.4 04
Wheel Hop; Hz 14.10 13 7.8

listed in Teble 5.3 yields damping ratios of 0.09 and 0.39, respectively, associated with

bounce and wheel hop modes.

5.4.3 Frequency Response of the Undamped Simulater

The frequency response characteristics of the undamped two-DOF sirulator model
are compared with those established from the laboratory tests, to demonstrate the validity
of the simulator and the wheel-hop models for different amplitudes of harmonic
excitations, in the 1 to 20 Hz frequency range. The response is expressed in terms of rms
(root mean squared) velocity transmissibility, peak velocity response, normalized tire
force and average ride height.

The rms velocity transmissibility yields a comparison of the mean response
behavior, while the response characteristics in compression and rebound are evaluated
from the peak velocity curves. The normalized tire force provides an understanding of
the wheel-hop behavior, which occurs quite frequently with undamped vehicle models.
Although the tests were performed in 1 to 20 Hz frequency range, the experiments could
not be performed in the vicinity of the resonant frequencies due to excessive oscillations
of the undamped simulator. The operaticn in a band around the resonant frequencies
resulted in excessive motion of the sprung, a.ad/or unsprung mass, and the width of this
band increased with the increase in the anplitude of excitation. Similar behavior was

also observed with the anz': ‘ical results. Figure 5.8 illustrates the tire force response of
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the simulator model, subject to 0.32 cm amplitude excitation at a frequency of 12 Hz in
the vicinity of the wheel-hop frequency. The tire force reaches zero in most of the cycles
due to wheel-hop motion, and the peak tire force approaches a magnitude as high as four
times the static tire force.

The duration of loss of contact of the tire during one cycle is analyzed in teims of
normalized wheel lift-off, expressed as the ratio of duration of loss of contact to the
period of oscillation. Figure 5.8 illustrates the normalized wheel-lift off as a function of
the excitation frequency derived from the analytical and experimental studics. The
analytical and experimental results reveal total contact at frequencies up to 12 Hz, and
12.2 Hz, respectively, when subject to 0.32 cm peak displacement excitation. The
laboratory experiments were not performed in the frequency range of 12.3 to 17.0 Hz, to
ensure the safety of the experiment. The experimental results exhibit wheel lift in the 17
to 18.5 Hz frequency range, while the analytical model revea!s wheel lift off only up to
18 Hz.

The rms velocity transmissibility and the peak velocity response characterisucs of
the sprung and unsprung masses are presented in Figure 5.9. The rms transmissibility
response of the model exhibits good correlation with .he experimental data except in the
vicinity of the resonant frequencies. The analytical and experimental sprung mass
responses exhibit lock-up tn a frequencies around 2 Hz, where a distinct break-away
occurs. The experiments were performed at excitation frequencies around the sprung
mass resonant frequency, but not at the peak response in order to ensure the safet, of the
instrumentation and the apparatus, explaining why the peak response derived from the
analytical model is observed to be considerably larger than the experimental data at the
resonant frequency. The velocity ratio response of the unsprung mass corrclates very
well with the experimental results up to frequencies of 12.2 Hz, as shown in the Figure.
While the tests were not performed in the wheel-hop frequency range (12.3 - 17 Hz), the

model response in this frequency range resulted in excessive and inconsistent oscillatory
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response as illustrated in Figure 5.8. No attempts therefore were made to identify the
response in this frequency range.

Figure 5.10 illustrates a comparison of analytical and experimental velocity
response characteristics of the undamped simulator subject to 1.27 cm peak displacement
excitation. The results are presented only up to excitation frequencies of 9.5 Hz, due to
excessive wheel-hop encountered at higher frequencies. The quarter-car simulator also
revealed excessive wheel-hop motion in the vicinity of sprung mass resonant frequency,
as evident from the normalized tire lift-off shown in Figure 5.11. It was, therefore, not
possible to acquire experimental data in the 2 to 3 Hz frequency range. The frequency
respons? characteristics reveal considerable increase in the response with increase in the
excitation aunplitude, specifically in the vicinity of the resonant frequency. Furthermore,
the breakaway is observed to occur at considerably lower frequencies, due to increased
acceleration of excitation. A comparison of Figures 5.9 and 5.10 reveals that the
unsprung mass is subject to considerably larger motion near the sprung mass frequency,
when the amplitude of excitation is increased. This increase in the unsprung mass
velocity is primarily attributed to wheel-hop motion ia this frequency range, as shown in
Figure 5.11. Figure 5.10 further reveals that the peak velocity responsc of the unsprung
mass at the sprung resonant frequency is larger then that of the sprung mass, while the
rms velocity ratio response of the unsprung mass is lower then that of the sprurg mass.
This response behavior of the simulator can be attributed to the system’s strong

nonlinearities.

5.5 SUMMARY

In this chapter, two quarter car simulator models are developed to study iiie damper
performance under more realistic excitations. While one of the models is developed to
characterize the quarter-car simulator test stand, the second model is derived to represent

the race car vertical dynamics. The quarter car simulator model, incorporating sprung
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and unsprung masses, coulomb friction, linear tire and suspension spring models, tire lift
off and deflection limits is validated by the reasonable correlation between the analytical
and experimental response characteristics. The friction due to guiding mechanisms was
observed to be highly inconsistent, hence a compromise value was selected based on
various laboratory measurements. The previously validated damper models are
integrated within the validated quarter-car models to study the damper performance in the

following chapter.
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undamped quarter-car simulator sutject to 1.27 cm peak displacement excitation.
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CHAPTER 6

ANALYSIS OF CANDIDATF. DAMPERS IN A QUARTEP CAR
CONFIGURATION

6.1 INTRODUCTION

The damping characteristics of the suspension play an important role in the
handling performance of vehicles particularly for racing vehicles.  While the
experimental studies of dampers mounted on a conventional test stand provide a
convenient and effective means to evaluate the damping characteristics, they do not
evaluate the affect that the damper performance has, under realistic excitations, on the
performance of the vehicle. As the ride, handling and road-holding ability of a vehicle
are nredominantly related to vertical motions encountered at different wheel and
suspension assemblies, the performance characteristics of dampers can tic conveniently
evaluated tlrough consideration of uncoupled quarter-car dynamics assuming negligible
contri-utions due to variations in roll and pitch motions.

In this dissertation research, the comprehensive analytical i1odels of the candidate
dampers, developed in Chapter 3, are integrated within the quarter-car models described
in Chapter 5, allowing further validation o* the damper and quarter car models, under
transient as well as harmonic excitations, and at different operating conditions. Typically
the performance characteristics of the dampers are analyzed in terms of sprung mass
acceleration, rattle space and dynamic tire deflection. The sprung mass acceleration
yields a measure of the ride comfort, while the dynamic tire deflection is au indication of
the road holding capability. The rattle space is the limits of the relative displacement
between the sprung and unsprung masses and is limited by the design constraints.
Although the sprung mass acc~leration determines the ride and thus the fatigue reduced

performance of the driver [ISO-2631], this measure is considered to be of sccondary
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importance for racing vehicles in comparison to the tractive forces developed at the tire-
road interface.

The tractive effort generated by the tires of a race car is frequently classified into
two categories of grip or traction: (i) mechanical grip, the traction available without
acrodynarnic downforce, which is a function of the normal load acting on the tire, the
tires orientation relative to the track surface (effect of suspension geometry), tire and
suspension properties and spring/damper tuning; and (i) aerodynamic grip, the tractive
force developed due to aerodynamic down force, which is a function of the ride height
and aerodynamic lift force. The traction component due to mechanical grip is frequently
quantified in terms of rms tire deflection [27,72,73]), which does not indicate the
occurrence or severity of tire lift-off. Fukushima et al. [74] utilized the tire ground
contact rate (detn..d as the percent of time the wheel is in contact with the ground) and
load fluctuation rate (rms value of tire load fluctuation normalized by the static load) to
characterize the mechanical grip or the road-holding. In this study the minimum dynamic
tire load is used as a performance indicator of road holding, since it describes the best
performance the vehicle can provide under steady state conditions without driver
corrections. Further, the minimum dynamic tire load of zero describes the loss of tire-
road contact. To measure the performance during tire lift-off, a modified form of the tire-
ground contact rate presented by Fukushima et al. [74] is evalvated.

The traction component related to aerodynamic grip increases with increase in
vehicle speed, and is normally assumed to be negligible at low speeds. As an example of
the possible contribution of aerodynamic downforce, to the normal load acting on the
tires, it has been documented that the aerodynamic downforce can contribute 22 kN at a
speed of 75 m/s for 1978 and 1979 Formula One race cars, which is 3 times the static
weight of the car [75]. Where permitted by racing organizations, the most significant
contributor to downforce is the flow of air under the race car and the przssure difference

developed along the vertical axis. The pressure drop under the car yields a downforce
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acting on the tire which is commonly referred to as the “ground cffects™. At a constant
angle of pitch, the magnitude of downforce increases as the distance between the
undersurface of the race car and the ground is decreased until the underbody air flow
diminishes. In practice the race vehicles are also designed to achieve minimal ground
clearance or ride height between the undersurface and the road surface in order to achieve
a lower height of the center of gravity and thus reduced roll and dynamic load transfer.
The suspension performance is thus evaluated in terms of the ride height (distance
between the ground and a reference point on the undersurface of the sprung mass). The
change in the ride height, due to dynamic inputs and suspension performance, affects the

aerodynamic grip in a considerable manner due to variations in the venturi effect.

6.2 VALIDATION OF THE QUARTER-CAR MODEL

Equations (3.1) to (3.63), developed to describe the damper forces, were combined
with the quarter-car simulator model, equations (5.1) to (5.16), to derive the total quarter-
car model. The nonlinear coupled differential equations of motion of the two-DOF
system was solved using a numerical integration technique based upon lammings
modified predictor-corrector method. The response characteristics of the three candidate
dampers in a quarter-car configuration were evaluated for step displacement excitations
of different amplitudes, and sinusoidal excitations in the 1 to 20 Hz frequency range. The
analytical results were compared with those established from the experimental studies
performed in the laboratory. The transient response characteristics of the quarter-car
model was evaluated in terms of the damper force, and the relative displacement between
the input and the sprung and unsprung masses. The steady-state response characteristics
are presented in terms of rms velocity ratio and peak velocities of the sprung and
unsprung masses, the average ride height, minimum tire load and the normalized tire lift-

off.
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6.2.1 Validation Under Step Excitations

The analytical model of the quarter-car comprising the models of three candidate
dampers is evaluated for step excitations of 2.5 ¢cm and 5.1 cm displacements amplitudes.
The response characteristics of the sprung and unsprung masses of the simulator with
each damper model are compared with the experimental results to demonstrate the

validity of the tota! model.

0 -Car Simulator With Koni D

The relative displacement response characteristics of the sprung and unsprung
masses of the simulator model including the Koni damper, subject to 5.1 cm step
displacement excitations, show excellent correlation with the corresponding results
derived from the experimental study in Figure 6.1. The relative motion of both the
masses, with respect to the excitation, tends to decay in approximately 0.45s. The
experimental relative displacement response of the sprung mass, does not return to its
initial static equilibrium position, which may be attributed to the friction of the guiding
mechanism. A further application of the step excitation at a later instance results in
settling of the sprung mass near its static equilibrium, as shown in Figure 6.2. The results
demonstrate the lock-up due to friction and possible variations in magnitude of friction
along the guides. It should be noted that the relative displacement response of the sprung
mass, with respect to the unsprung mass, forms the excitation for the damper. As shown
in Figure 6.3 the damper force from the analytical quarter-car simulator model correlates
very well with the experimentally measured force with only slight errors in the peak
force, and the force near the zero-crossing. The errors near the zero crossing are
attributed to the backlash in the bearings, which is evident from the rapid change in the
damper force (from 0 to approximately 50 N) at t = 0.24 s.

The influence of asymmetric properties of the damper on the quarter-car model

response are demonstrated by the results attained under positive and negative step
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Figure 6.1  Analytical and experimental relative displacement response of the sprung and
unsprung masses of the quarter-car simulator (Damper: Koni; Excitation: +5.1 cm step).
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excitations of 2.5 cm displacement. The analytical response characteristics of the sprung
and unsprung masses are compared with the experimental data as shown in Figure 6.4. A
comparison of the response characteristics attained under +2.5 and -2.5 c¢m step
displacement excitations clearly demonstrates the influence of asymmetric damping
properties in compression and rebound. Both the sprung and unsprung masses cxhibit
considerably faster decay in response under positive excitation, which is contrary to the
response behavior of the undamped simulator presented in Figures 5.6 and 5.7.
Application of a negative step input results in sudden change in position of the masses,
and the potential energy is converted into kinetic energy resulting in relatively larger
overshoot in the sprung mass response. The response of the unsprung mass, which is
substantially lighter and is supported on stiff tirc springs, exhibits considerably less
overshoot for the negative step than that observed under a positive step excitation duc to
higher damping and resultant tire lift-off. The high rebound damping tends to impede the
transfer of potential energy of the suspension spring into kinetic encrgy resulting in tire
lift off during the time interval of 0.07 to 0.107 s. The sprung and unsprung masses move
out-of-phase during this interval, in which the velocity of the unsprung mass increased at
a faster rate than that of the sprung mass. Upon regaining contact with the base, the
kinetic energy of the unsprung and sprung masses approach peak values at t = 0.145 and t
= (.215, respectively, and is transferred into the tire spring. Since the sprung mass attaing
peak kinetic energy at a considerable delay relative to the unsprung mass, the tire spring
experiences relatively less deflection. In case of a positive step excitation, this time delay
is considerably smaller (maximum kinetic energy transfer occurring at 0.07 seconds for
the sprung mass and at 0.06 seconds for the unsprung mass), resulting in increased energy
transfer to the tire spring. The results presented in Figure 6.4, in general, exhibit good
correlation between the analytical and experimental relative displacement response of the
sprung and unsprung masses. The peak analytical response, however, is smaller than the

measured response under -2.5 cm step input and slightly larger under +2.5 cm step input.
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Figure 6.5 Comparison of analytical and experimental damper force of the quarter-car
simulator subject to positive and negative step
displacement excitation (Damper: Koni).

The settling times of the sprung mas: of the simulator subject .0 +2.5 and -2.5 cm
step displacement excitation are considerably different due to the asymmetric damping in
compression and rebound. The damper force time-histories developed under the two step
inputs is illustrated in Figure 6.5, for both the computed and the measured damper forces.
Under the application of a +2.5 cm step displacement the damper is subject to
compression, which is followed by extension, while this sequence is reversed under
application of a -2.5 cm step input. During the initial compression stroke, when subject
to the +2.5 step displacement, the suspension spring stores considerably more energy than
the tire spring, due to relatively light resistance (damping and spring) to motion of the
suspension, when compared to that of the tire. The energy stored in the suspension spring
is rapidly dissipated during the extension stroke, due to high rebound damping resulting
in rapid decay of the system response. Under the application of a -2.5 ¢cm step

displacement, the heavy damping in extension results in relatively higher increase of
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energy in the tire spring than in the suspension during the first part of the response. The
higher energy stored in the tire spring must be transferred to the suspension spring and

damper, resulting in increased oscillations in the sprung mass response.

The relative damping properties of the three candidate dampers are examined in
order to enhance an understanding of their affect on the response characteristics of the
quarter-car simulator. The damping forces in compression and rebound arc evaluated
corresponding to a velocity of 0.3 m/s realized by 1.27 c¢cm displacement harmonic
excitation at a frequency of 4 Hz. The rebound and compression damping forccs,
together with the ratio of rebound to compression damping forces cvaluated from the
conventional test stand described in Chapter 2, are summarized in Table 6.1. The mean
damping coefficients of each damper is also evaluated as the ratio of mean damper force
to velocity. The results summarized in the table reveal highest values of mean damping
coefficient for the Mechformance damper, with considerable larger rebound damping
force then the other units.

The relative displacement response characteristics of the sprung and unsprung

masses of the simulator model comprising the Mechformance damper are evaluated for

TABLE 6.1
DAMPING FORCES AND MEAN DAMPING COEFFICIENTS
OF THE TEST DAMPERS (velocity = 0.3 m/s)

Damping Force (kN) “Rebound force/ Mean Damping
Compression Rebound Compression force CoefTicient (kNs/m)
Koni 1.20 220 1.83:1 57
Mechformance 1.43 5.56 3.90:1 11.6
Fox (heavy damping) 0.60 3.72 6.23:1 7.2
Fox (light damping) 0.49 1.71 3.46:1 37
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Figure 6.6 Comparison of analytical and experimental relative displacement response of
the sprung and unsprung masses of the quarter-car simulator subject to
+2.5 step displacement excitation (Damper: Mechformance).

+2.5 cm step displacement excitations. The response characteristics are compared to
those derived from the experimental data, as shown in Figure 6.6.

A comparison of Figures 6.1 and 6.6 reveals considerably different response of the
masses with the Koni and Mechformance dampers. The response of the quarter-car
model with the Koni damper decays considerably faster when compared to that with the
Mechformance damper, due to the latter’s high damping. The compression and rebound
damping forces of the Mechformance damper are respectively, 19% and 150% greater
than those of the Koni damper. The highly asymmetric Mechformance damper yields
high relative deflections of the sprung and unsprung masses in compression, as evident
from Figure 6.7. The potential energy stored in the suspension spring during the
compression stroke is dissipated during extension in an overdamped manner. Such
suspension response behavior is commonly referred to as “packing or jacking down”,

which is further evidenced in the frequency response of the system presented in later
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sections of this Chapter. The high damping properties (approximately 2 times greater
than that for the Koni) also yield increased oscillations of the tire, since the kinetic energy
of the system is not effectively dissipated. The frequencies of oscillation of the sprung
and unsprung masses are observed as 5 and 5.3 Hz respectively, which approach the
natural frequency, 5.46 Hz, of a single-DOF system, with mass equal to the combined
sprung and unsprung mass, and spring stiffness equal to that of the tire.

The results presented in Figure 6.6 demonstrate reasonably good correlation
between the analytical and experimental response characteristics of quarter-car simulator
equipped with Mechformance damper. The analytical displacement response
characteristics of the sprung and unsprung masses, however, exhibit slightly rapid decay
of oscillations than observed with the experimental data. The measured response of the
sprung mass also tends to approach the static equilibrium at a faster rate. These

discrepancies between the analytical and experimental response characteristics indicate

184



relatively higher damping of the model. The damper force time-history derived from the
analytical model is further compared with the measurea force, as shown in Figure 6.8, to
demonstrate the validity of the analytical model. The damper response, derived from the
analytical model, decays at a faster rate than that observed with the measured force. The
analytical and experimental damper fuices, however, correlate very well during the first
two oscillations. The measured force exhibits rapid variations in the damper force of
approximately 250-300 N magnitude. The magnitude of rapid reversal of damper force is
close to the magnitude of friction force indicating the presence of stick-slip phenomena,

which was not incorporated within the analytical model.

Ouarter-Car Simulator With Fox I

The relative displacement response characteristics of the sprung and unsprung
masses of the two-DOF simulator, equipped with Fox damper, are evaluated under +2.5
cm step displacement excitation. The response characteristics are evaluated for both the
light and heavy damping settings, and are compared with those established from the
laboratory tests, as shown in Figure 6.9. It should be noted that the Fox damper with the
light setting yields rebound damping 3.46 times the compression damping, which is
similar to that for the Mechformance damper, although its overall damping is the lowest
among all the dampers. The heavy damping setting yields considerably higher rebound
to compression damping force ratio of 6.23, while the mean damping value lies between
those for the Koni and Mechformance dampers, as summarized in Table 6.1. The relative
displacement response of the quarter-car simulator with Fox heavy damper is thus quite
similar to that observed with the Mechformance damper. The relative displacement
response of the simulator masses with Fox damper, however, decay at a faster rate as
shown in Figure 6.9.  Although the analytical and experimental sprung mass
characteristics exhibit identical trends and similar rate of decay, the model response is

considerable larger than the experimental response. The error between the analytical and
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response of the quarter-car (Damper: Fox-Heavy; Excitation: +2.5 cm step).

experimental displacements remains nearly constant throughout the simulation period
after the initial oscillation.

For the Fox with heavy damping, the experimental relative displacement response,
of the sprung mass witi'; respect to the unsprung mass, as presented in Figure 6.10, shows
that the damper tends to extend by nearly 4 mm, immediately after application of the step
displacement, which may be attributed to the variations in breakaway friction or the slip-
stick mechanism. The error between the analytical and experimental displacement
response of the sprung mass is attributed to these factors. The sprung mass displacement
response of the model with light damping compares well with the experimental data. The
unsprung mass displacement response characteristics of the model with the light and
heavy dampers also correlate very well with the experimental data, as shown in Figure

6.9.
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Although the Fox-light damper yields damping properties, that are lower then those
of the Mechformance or Koni dampers in both compression and rebound, its ratio of
rebound to compression aanping is significantly higher then that of the Koni damper and
is similar to that of the Mechformance. The displacement response of the sprung mass of

the simulator with Fox damper thus exhibits overdamped behavior during extension.

6.2.2 Swnmary of Step Response of the Quarter-Car Models

The step rerponse characteristics of the quarter-car simulator with different
candidate dampers are evaluated for different magnitudes of positive and negative
displacement e:-citation. The response characteristics are analyzed in terms of percent
overshoot, defined as the ratio of the peai: displacement magnitude to the magnitude of
the steady state displacement response and settling time, defined as the time required for
the response to approach 90 % of its steady state value. Table 6.2 summarizes the
comparison of analytical and experimental response behavior of the quarter-car simulator,
equipped with the Koni damper. An excellent correlation is observed between the
analytical and experimental results in terms of % overshoot and settling time. The
response characteristics of the sprung and unsprung masses exhibit peak errors of 8.5%
and 6%, respectively. in overshoot and 6.7% and 5% in the settling time. The results
further show that the settling time, in general, increases with the magnitude of positive
step excitation. The sprung mass response, specifically, exhibits considerable increase in
settling time when the step displacement is increased from 2.5 to 5.1 cm. The damping
associated with the sprung mass mode of vibration thus decreases ai a faster rate with
increasc in excitation amplitude, when compared to that associated with the unsprung
mode.

An examination of results obtained for +2.5 and -2.5 step displacement excitation
reveals that % overshoot and the settling time of the sjrung mass response are

considerably larger under negative excitation. The percent overshoot of the unsprung
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TABLE 6.2
COMPARISON OF OVERSHOOT AND SETTLING TIME OF THE ANALYTICAL
AND EXPERIMENTAL RESPONSE OF QUARTER CAR SIMULATOR WITH KONI

DAMPER
Step Excitation % Overshoot Settling Time (s)
(cm) Experimental Analytical % Error Experimental Analytical % Error
Sprung Mass

+5 23 17 4.4 0.218 0.214 1.8

+5 19 17 20 0.225 0.210 6.7
+2.5 9 1 8.5 0.085 0.088 3.5
-2.5 52 63 1.7 0.241 0.227 5.8

Unsprung Mass

+5 23 20 2.8 0.171 0.171 0.0

+5 23 20 2.8 0.176 0.176 0.0
+2.5 41 33 6.0 0.087 0.089 2.3
-2.5 20 24 33 0.179 0.188 5.0

mass, however, decreases when negative step displacement is applied. The increase in
settling time and overshoot of the sprung mass response under -2.5 step excitation is
attributed to high rebound damping. The unsprung mass response exhibits lower
overshoot and higher settling time under negative excitation, which is attributed to higher
rebound damping and tire lift-off.

The percent overshoot and settling time of the response characteristics of the
simulator with different candidate dampers are summarized in Table 6.3. The following
relative performance observations can be made from the results presented in the Table.
¢ The displacement response for the unsprung mass exhibits higher overshoot than that

of the sprung mass for all the dampers.
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TABLE 6.3
COMPARISON OF OVERSHOOT AND SETTLING TIME OF THE ANALYTICAL
AND EXPERIMENTAL DISPLACEMENT RESPONSE OF THE QUARTER CAR

SIMULATOR (+2.5 cm Step)
Candidate Settling Time (s) % Overshoot
Damper Experimental Analytical % Error  Experimental Analytical % Ermor
Sprung Mass
Koni 0.085 0.088 3.5 9 1 8.5
Mechformance 1.05 1.86 77.1 0 0 0.0
Fox-heavy 0.63 1.95 209 0 0 0.0
Fox-light 0.145 0.219 50.9 0 22 243
Unsprung Mass
Koni 0.087 0.089 23 41 33 6.0
Mechformance 0.51 0.42 17.6 70 63 44
Fox-heavy 0.31 0.26 16.1 46 41 31
Fox-light 0.087 0.093 6.9 46 48 2.1

e The displacement response of the sprung and unsprung masses with the Koni damper
reveals rapid decay, while the unsprung mass response exhibits larger overshoot.

e The Fox damper with light settling yields a slightly overdamped sprung mass
response, while the unsprung mass response is very similar to that with the Koni. The
sprung mass response with the stiff dampers (Fox with high setting and
Mechformance) reveals overdamped system response, with long settling time and no
overshoot, while the unsprung mass response is that of a lightly damped system, with
increased settling time.

The results summarized in Table 6.3 reveal good correlation between the analytical

and experimental values of peak overshoot, with the exception of the sprung mass
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response with the Fox damper at light settings, which is attributed to the friction and
stick-slip mechanism. The settling time of the unsprung mass response derived from the
analytical and experimental studies also exhibit good agreement with all dampers, as
shown in the table. The analytical model, however, yields considerably larger settling
time for the sprung mass response of the system with Fox and Mechformance dampers,
when compared to those derived from test data. This larger settling time is mostly
attributed to the friction forces. With the exception of errors caused by complexities
associated with modeling of friction components, the results presented in Figures 6.1 to
6.10 and Tables 6.2 and 6.3 exhibit very good correlation between the analytical and

experimental results.

6.2.3 Frequency Response Characteristic of the Quarter-Car Simulator Model

The nonlinesr quarter-car model comprising nonlinear models of the candidate
damper is further validated by comparing its frequency response characteristics with
those established from laboratory tests. The frequency responses of the quarter-car
simulator are evaluated analytically and experimentally for constant displacement
amplitude, 0.32 and 1.27 cm, harmonic excitations in the 1.25 to 20 Hz frequency range.
The frequancy response behavior is expressed in terms of average ride height, thie rms
velocity transmissibility and peak velocity of the sprung and unsprung masses, and the
normalized tire lift-off duration. The response characteristics of the simulator model with

different candidate dampers are described below.

6.2.3.1 Frequency Response Characteristics of the Quarter-Car Simulator with
Monotube Damper Design (Koni)

Figures 6.11 and 6.12 illustrate the comparison of analytical and experimental rms
velocity ratio and peak velocity response characteristics of the simulator masses subject

to 0.32 and 1.27 cm peak displacement excitations, respectively. The analytical and
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Figure 6.11 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Koni; Excitation amplitude: 0.32 cm).
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Figure 6.12 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Koni; Excitation amplitude: 1.27 cm).
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experimental studies reveal wheel-hop motion only under 1.27 cm peak displacement
excitation, which is alsn presented in Figure 6.12 in terms of normalized tire lift-off. The
results exhibit reasonable correlation between analytical and experimental velocity ratio
response in the entire frequency range under 0.32 cm excitation. The analytical velocity
ratio and normalized tire lift-off response also agrees well with the measured data up to 8
Hz, above which the tests were not performed due to excessive wheel-hop motion. The
analytical results show that tire lift-off approaches a value of 40% at approximately 10
Hz, and remains relatively constant through the higher frequency range. The analytical
peak velocity response of the sprung mass correlates well within the experimental data,
irrespective of the excitation frequency. The peak velocity response of the unsprung
mass exhibits errors in the vicinity of resonant frequencies. The peak velocity response
characteristics of the sprung and unsprung masses are observed to be nearly symmetric in
compression and rebound.

The rms velocity ratio response of the sprung mass peaks at 3.25 Hz, slightly higher
then it’s natural resonant frequency of 2.25 Hz. The unsprung mass response also peaks
at the same frequency as the sprung mass, under both amplitudes of excitation. The peak
velocity and rms velocity response of the unsprung mass reveals high magnitude at higher
frequencies due to wheel-hop motion under 1.27 cm excitation. The measured peak
velocity response of the unsprung mass also exhibits peak magnitude near the unsprung
mass resonance under 0.32 cm excitation. The analytical response, however, does not
exhibit this peak, which may be attributed to slight tire spring-hop in the experimental
simulator.

The average ride-height frequency response of the quarter-car simulator with the
Koni damper is illustrated in Figure 6.13. The results show that the average ride height
tends to vary with frequency and excitation amplitude. The magnitude of variation in
average ride height increases with increasing frequency up to a peak value, after which it

decreases with further increase in the excitation frequency. The frequency at which this
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Figure 6.13  Comparison of analytical and experimental average ride height response
characteristics of the quarter-car simulator (Damper: Koni).

peak value occurs also increases with increase in the amplitude of excitation. While the
analytical results correlate very well with the experimental data under 1.27 cm excitation
at frequencies below the wheel-hop frequencies, the correlation is slightly poorer for 0.32
excitation, due in part to experimental measurement resolution. The ride height also
increases with increase in the excitation amplitude and the damping ratio, resulting in
reduced ground clearance of the sprung mass, up to frequencies of 6 and 10 Hz under
0.32 cm and 1.27 cm excitation, respectively. Although the variations in ride height
diminish at higher excitation frequencies, the sprung mass does not return to the static

ride height.
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6.2.3.2 Frequency Response Characteristics of the Quarter-Car Simulator with
Remote Reservoir Dampers

Mechformance Damper

Figures 6.14 to 6.16 illustrate the rms velocity ratio, the peak velocity, normalized
time of tire lift-off, and average ride height response of the quarter-car simulator model as
a function of excitation frequency and amplitude. The analytical results are compared to
those derived from the laboratory test data to demonstrate the validity of the model. The
quarter-car simulator revealed excessive wheel-hop motion at considerably lower
frequencies (near 3.2 Hz), when compared to the Koni, when subject to 1.27 cm
displacement excitation, as shown in Figure 6.15. The laboratory tests were, therefore,
not performed at excitation frequencies greater than 3 Hz. The results show very good
correlation between the analytical and available experimental data for both excitation
amplitudes. The change in average ride height increases with excitation frequency up to

6 Hz and tends to reduce with further increase in the excitation frequency, as observed
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Figure 6.14 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Mechformance; Excitation amplitude: 0.32 cm).
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Figure6.15 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Mechformance; Excitation amplitude: 1.27 cm).

0.005 T 0.005 _.
Frequency (Hz) Frequency (Hz)
0.000 ; — — : y  0.000 }p— 4 —
0 4\ 5 10 15 20 0 5 10 15 20
-0.005 | 0.005 |
-0.010 L -0.010 |
-0.015 L -0.015 |
-0.020 -0.020 |
-0.025 | -0.025 |
-0.030 . Displacement (m) .0.030 L Displacement (m)
Excitation Amplitude: 0.32 cm Excitation Amplitude: 1.27 cm

Figure6.16 Comparison of analytical and experimental average ride height response
characteristics of the quarter-car simulator (Damper: Mechformance),
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with the Koni damper. The magnitude of average ridc height of the sprung mass with the
Mechformance damper, however, is considerably larger than that attained with the Koni
damper. As is expected with the increase in the ratio of rebound to compression
damping, the average ride height increases with the excitation amplitude and does not

decrease significantly at higher frequencies, as shown in Figure 6.16.

Eox Damper

Figures 6.17 to 6.19 illustrate the peak velocity, rms velocity ratio, normalized time
of tire lift-off, and average ride height response of the quarter-car simulator model with
Fox-light damper. The corresponding response characteristics of the model with Fox-
heavy damper are presented in Figures 6.20 to 6.22, as a function of excitation frequency
and amplitude. A comparison of the responses reveals reasonable correlation between the
analytical and experimental response characteristics of the simulator equipped with both

dampers.

6.2.33 Discussion Of Frequency Response Characteristics

The frequency response characteristics of the quarter-car simulator, comprising
monotube and remote reservoir damper models, as presented in Figures 6.11 to 6.22,
reveal similar patterns. The magnitude of the sprung and unsprung mass rms
transmissibility, peak velocity response, nondimensionalized tire-lift off, and the average
ride height response, however, differ considerably with the damper model used. The
peak value of velocity ratio response and the corresponding frequency of the quarter-car
model equipped with different damper models are summarized in Table 6.4. The
frequency ranges of the wheel-hop motion encountered under 1.27 cm excitation with the
different damper, models are summarized in Table 6.5. The peak variation in the average

ride height of sprung mass and the corresponding excitation frequency are summarized in
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Figure 6.17 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Fox-Light; Excitation amplitude: 0.32 cm).
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Figure 6.18 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Fox-Light; Excitation amplitude: 1.27 cm).
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Figure 6.19  Comparison of analytical and experimental average ride hc  ht response
characteristics of the quarter-car simulator (Damper: Fox-Light).
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Figure 6.20 Comparison of analytical and experimental response characteristics of the
quarter-car simulator (Damper: Fox-Heavy; Excitation amplitude: 0.32 cm).
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TABLE 6.4
SUMMARY OF PEAK VELOCITY RATIO RESPONSE OF QUARTER-CAR
MODEL WITH DIFFERENT DAMPERS

Damper Model Peak Excitation ~ Peak Velocity Ratio Frequency of Peak Velocity
Amplitude (c1n) Sprung Unsprung Ratio; Hz
Sprung Unsprung

Koni 0.32 1.91 2.02 4.5 4.5
1.27 1.6 1.45 3.25 3.25
Mechformance 0.32 2.93 2.85 4.5 4.5

1.27 2.16 2.03 3.5 35

Fox-heavy 0.32 2.3 241 4.5 4.5
1.27 1.69 1.60 3.5 3.5

Fox-light 0.32 1.32 1.33 3.0 10
1.27 1.86 1.29 2.25 2.75

TABLE 6.5

RANGE OF EXCITATION FREQUENCIES RESULTING IN WHEEL-HOP MOTION
(Excitation Amplitude: 1.27 cm)

Damper Model Frequency; Hz

Koni 4.5-20

Mechformance 3.5-20

Fox-heavy 3.5-20
Fox-light 5.0, 7-20
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TABLE 6.6
PEAK AVERAGE RIDE HEIGHT RESPONSE OF THE SPRUNG MASS WITH

DIFFERENT DAMPER MODELS
Damper Model Excitation Peak Change in Average Frequency of Peak
Amplitude (cm) Ride Height (cm) Variation: Hz
Koni 0.32 -0.3 6.5
1.27 -1.0 9
Mechformance 0.32 -1.7 5.5
1.27 -2.8 5.0
Fox-heavy 0.32 -1.5 6.0
1.27 -2.79 9
Fox-light 0.32 -0.5 12
1.27 -2.34 10

Table 6.6. An examination of the results presented in Tables 6.4 to 6.6, and Figures 6.11

to 6.22, revealed the following important trends in the frequency response characteristics:

e The frequency response characteristic of the sprung and unsprung masses, in-general,
exhibit large amounts of coupling ,and are similar to those of a Single-DOF system
due to high damping properties of the damper, with the exception of the Fox damper
with light setting. The frequency response characteristics of the unsprung mass of the
simulator comprising the Fox-light damper model exhibits two distinct resonant
frequencies.

¢ An increase in the excitation amplitude yields the peak response occurring at a lower
frequency. The peak value of rms velocity response ratio also decreases with increase
in the excitation amplitude, with the exception of the sprung mass response with the
Fox-light damper.

o The magnitude of the peak response tends to increase with the increase in damping.
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o The peak values of normalized tire lift-off ranges from 0.4 to 0.45 for all cases.

» The peak velocity response of the sprung mass is approximately symmetric about
zero. The velocity response of the unsprung mass, however, exhibits higher velocity
in compression, specifically under 1.27 cm excitation.

¢ The magnitude of deviation in average ride height increases with excitation frequency
up to a frequency at which the variations approach a peak value. The magnitude of
change in ride tends to decrease at higher excitation frequency. The sprung mass ride
height, however, does not approach its static value.

o The magnitude of deviation in average ride height increases with increased damping
and excitation amplitude. At higler excitation frequencies the rate of change of the
ride height decreases with increase in excitation amplitude, which is most apparent in
case of the Mechformance damper.

* A comparison of the response characteristics of the quarter-car simulator model, with
and without damper, reveals that the wheel-hop motion is considerably reduced with
the damper. The on-set of wheel-hop motion occurs at considerably larger levels of
excitation, when damping is introduced. However, increasing damping above an
optimal value results in tire lift-off occurring at lower excitation frequency. Further
wheel-hop motion encountered at relatively large amplitudes of excitation, increases
with high damping. Tire lift-off can thus be minimized through selection of optimal
damping properties. The Fox-light damper with the remote reservoir design resulted
in minimal tire lift-off.

* An increase in rebound to compression damping ratio yields larger variations in the
ride height performance. The monotube Koni damper resulted in least variation in the
ride height. Higher rebound to compression damping ratio in all cases tends to pack
down the system.

The high damping properties of the Mechformance and Fox-heavy dampers yield

increased motion of the sprung mass. The Koni and Fox-light dampers with relatively
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low damping and low rebound to compression damping ratio are considered suited to

achieve best traction performance.

6.3 PARAMETRIC SENSITIVITY ANALYSIS

From the analytical and experimental response characteristics of the candidate
dampers, presented in Chapter 4, it is evident that the damper performance is strongly
related to various design and operating parameters. While the most probable variations in
operating conditions include temperature, excitation amplitude and frequency, the
damping properties are mostly affected by the variatior. in valving, friction, gas spring
and the fluid compressibility. The influence of variations in these design and operating
variables on the performance characteristics is investigated using the validated models of
the candidate dampers and quarter-car simulator. The performance characteristics of the
damper models are evaluated in terms of the following:

(i) Change in average ride height, a measure of the aerodynamic grip.

(ii) Normalized tire lift-off duration and minimum tire load, measures of the
mechanical grip.

(iii) rms velocity response ratio of the sprung mass, a measure of the ride quality.

The analyses are performed using the modified quarter-car model, derived upon
eliminating the friction between the sprung mass and the input, as discussed in Chapter 5.
This modified model is selected to represent the quarter-car more accurately. The
elimination of friction force between the sprung mass and the input, however, results in
undamped tire spring model. Since race car suspensions are generally stiff, the tire
damping is often an important factor. A viscous tire damping term is thus introduced in
Equation 5.14, with an uncoupled unsprung mass morie damping ratio of 5%, as proposed
by Barek [76]). The friction force caused by the guidance mechanism between the sprung
and unsprung masses is also reduced to a value representing the low friction spherical

bearings used in race car suspensions. The magnitude of this friction is thus reduced
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from 65 N to 15 N. The influence of variations in design and operating parameters is
investigated for two different amplitudes of harmonic displacement excitations: 0.32 and
1.27 cm. The equation of motion for the modified two DOF quﬁrter—car simulator,
Equations (5.12) and (5.13), are solved for harmonic excitations, and response
characteristics are analyzed to highlight influence of variations in design and operating
variables.

The parametric study is performed for only one of the candidate dampers,

(monotube Ko.ai}, and the results of the study are described below.

6.3.1 Influence Of Variation In Damping Coefficients

The performance characteristics of dampers are strongly dependent upon the
valving and thus the damping coefficients. Typical dampers, however, may comprise
different valving in compression and rebound. Furthermore each of the valves is
considered effective only in a specific velocity range. The velocity response across the
damper of the modified quarter-car model is thus investigated to examine the effective
velocity ranges of the response for different inputs. Figure 6.23 illustrates the peak
damper velocity response in compression and rebound, when subject to harmonic
displacement excitations of 0.32 cm and 1.27 cm amplitude. The results show that the
peak velocity response in compression is larger than the peak rebound velocity response
in almost entire frequency range. The difference between the peak velocities in
compression and rebound tends to increase considerably with increase in excitation
amplitude. The asymmetric velocity response across the damper is attributed to its
asymmetric damping properties, the lower magnitude of velocity response in rebound is
due to the high rebound to compression ratio of the Koni damper. The peak compression
and rebound velocity response approaches its highest value near 6 Hz, when subject to
0.32 cm displacement excitation. This frequency, however, increases to nearly 9 Hz

when excitation amplitude is increased to 1.27 cm. The results provide an understanding
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Figure 6.23  Relative peak velocity response across the damper of the quarter-car
model.

of the effectiveness of the different damper valving. Under 0.32 cm excitation, the
damper response is primarily determined by the low speed valving, due to relatively low
velocity across the damper. The response of the damper to the 1.27 cm excitation,
however, is controlled by the mid speed valving; although, the contributions of the low
speed valving most also be considered. The frequency response characteristics of the
quarter-car model with the Koni damper further revealed rapid decay of oscillations
below excitation responses of 3 Hz and above 15 Hz. The study is thus limited to the
excitation frequencies ranging from 3 to 15 Hz. The results clearly show considerable
variations in the response behavior with variation in the excitation frequency and

amplitude. The influence of variation in different rebound and compression valving on

206



the performance criteria is thus investigated to enhance an understanding of the damper

behavior in varying speed ranges.

1{ - . . I S lc - D .

The results of the analytical and experimental studies performed on the monotube
Koni damper design (presented in Chapter 4) revealed that the low speed compression
damping is most effective in the 0 to 0.07 m/s range. The influence of variation in the
low speed compression damping parameter is investigated by varying the nominal values,
identified in Chapter 4, te 50% and 200% of the nominal values.

The response characteristics are presented in terms of: average ride height, which
relates to the aerodynamic grip; the minimum tire force normalized with respect to the
static load, which relates to minimum mechanical grip; rms velocity ratio of the sprung
mass normalized with respect to that obtained with the nominal damper parameters.
Figures 6.24 to 6.26 illustrate the influence of variations in low speed compression
damping on the average ride height, normalized minimum tire load, normalized tire lift-
off, and normalized sprung mass rms velocity ratio response, respectively, for two
different amplitudes of excitation. An increase in compression damping tends to reduce
the potential energy being stored in the suspension springs, resulting in increased average
ride height, as shown in Figure 6.24. The damper velocity response under low levels of
excitations predominately lies around the low speed compression damping speed range,
as evident in Figure 6.23. The variation in low speed compression damping thus affects
the damper response under lower excitation amplitude (0.32 cm) more significantly,
particularly when the damper velocity is low (below 4 Hz and above 10 Hz). Although
¢ . increase in the low speed compression damping yields smaller variation in the ride
height for both excitation amplitudes, the variations are more pronounced for 0.32 cm
excitation. The minimum tire force tends to increase in the vicinity of sprung and

unsprung mass resonant frequencies, when low speed compression damping is increased,
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Figure 6.26 Influence of variations in low-speed compression damping on the
normalized rms velocity ratio response of the sprung mass.

as shown in Figure 6.25. Under low levels of excitation, an increase in compression
damping reduces the minimum tire force in the frequency range between the resonance’s,
4 to 11 Hz. The quarter-car model exhibits wheel lift-off near the sprung mass resonance
and reduction in low speed compression damping reduces the magnitude of wheel-hop up
to approximately 8 Hz. At higher excitation frequencies, the effect of low speed
compression damping on the normalized tire lift-off is insignificant due to high damper
velocities. Lower compression damping results in increased sprung mass velocity
response near the resonant frequencies and in improved isolation between the two
resonant frequencies (4 to 11 Hz) under low amplitude excitation, as shown in Figure
6.26. Under higher levels of excitation, where the contribution due to low speed
compression damping is not as significant, a reduction in compression damping yields
slightly improved isolation of the sprung mass. The variation in the normalized rms

velocity response of the sprung mass, however, are well below 2%.
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Flow through mid-speed compression valving occurs when the damper velocity
exceeds 0.07 m/s. Variations in mid speed compression damping thus mostly affect the
performance of the quarter-car model, when subject to high levels of excitation. Figure
6.27 to 6.29 illustrate :he influence of variations in mid-speed compression damping on
the average ride height, normalized minimum tire force and normalized rms velocity
response of the sprung mass, respectively, for two different amplitudes of excitation. The
results clearly show that the variations in mid-speed compression damping affect the
quarter-car model response significantly for 1.27 cm displacement excitation. The
variations affect the system response under 0.32 cm excitation only in the 4 to 10 Hz
frequency range, where the damper velocity slightly exceeds the low speed valve limit.
The average ride height of the sprung mass increases with increase in the compression
damping, as shown in Figure 6.27. The variations in the average ride height are quite
significant for high displacement amplitude excitation (1.27 cm), with a peak variation of
approximately 60% occurring at the excitation frequency of 9 Hz.

As observed earlier in Figure 6.25 for variations in the low speed compression
damping, the mechanical grip of the tires under low level of excitation tends to decrease
with the increase in mid-speed compression damping. A comparison of Figures 6.25 and
6.28 clearly illustrates the minimal contributions of the mid-speed compression damping
under low amplitude excitation. The normalized tire lift-off and thus the mechanical grip
improves at higher excitation levels, when mid-speed compression damping is decreased.
The normalized tire lift-off, however, decreases near and above the wheel-hop frequency
with increased mid-speed damping. From the comparison of Figures 6.25 and 6.28, it is
evident that lower mid-speed compression damping yields considerably enhanced
mechanical grip. The decrease in mid-speed compression damping also results in
enhanced vibration isolation of the sprung mass, as shown in Figure 6.29. The variations

in mid-speed damping affect the sprung mass velocity response in the 3 to 8 Hz
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Figure 6.28 Influence of variations in mid-speed compression damping on the
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Figure 6.29  Influence of variations in mid-speed compression damping on the
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frequenc’ range, when the quarter-car model is subject to 0.32 cm displacement
excitation. The sprung mass rms velocity ratio increases by approximately 5% near 6 Hz
when the damping is selected as twice the nominal value. The corresponding increase in
the rms velocity is observed as 14% under high excitation amplitude. The reduction in
mid-speed compression damping (0.5 times nominal) yields nearly 3% and 9% reduction

in the rms velocity ratio at 6 Hz under 0.32 and 1.27 cm excitation, respectively.

Variation of Low Speed Rebound Dampi

From the analytical and experimental studies of the Koni damper, the low speed
rebound valving range of 0 to -0.11 m/s was identified. The influence of variation in the
low speed rebound damping is more pronounced under excitation amplitude of 0.32 cm,

as shown in Figures 6.30 to 6.32. An increase in the damping causes a decrease in the
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Figure 6.31 Influence of variations in low-speed rebound damping on the minimum tire
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Figure 6.32 Influence of variations in low-speed rebound damping on the normalized
rms velocity ratio response of the sprung mass.

average position of the sprung mass, as shown in Figure 6.30. Increasing the low-speed
rebound damping by a factor of 2 yields an approximate change of 1 mm in the average
ride height throughout the frequency range, for both amplitudes of excitation. A
comparison of the results obtained for variation in low-speed compression and rebound
damping (Figures 6.24 and 6.30) reveal that low-speed rebound damping affects the
average ride height performance in a significant manner. The normalized minimum tire
force and thus the mechanical grip of tire reduces with increased low speed rebound
damping for low amplitude excitation, as observed earlier with variations in low speed
compression damping (Figure 6.25). The effect of variations in rebound damping shown
in Figure 6.31, however, is more pronounced due to higher speed range of the rebound
valving and its high nominal value. Under high amplitude excitation, the normalized tire
lift-off increases with the increase in rebound damping, as observed earlier with the low-

speed compression damping, specifically, in the 4 to 8 Hz frequency range. A reduction
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in low-speed rebound damping yields improved vibration isolation of the sprung mass,
specifically in the 4 to 11 Hz frequency range under 0.32 cm excitation, as shown in

Figure 6.32.

Variations in Mid Speed Rebound Dampi

The fluid flows through mid-speed rebound valves occur when the damper velocity
in rebound exceeds 0.11 m/s. The mid-speed rebound damping thus affects the
suspension performance most significantly at relatively high velocities. Figures 6.33 to
6.35 illustrate the influence of variations in the mid-speed rebound damping on the
average ride height, normalized minimum tire force and tire lift-off, and the normalized
rms velocity ratio response of the sprung mass, respectively. The average ride height of
the sprung mass is observed to be most sensitive to variations in the mid-speed rebound

damping, as shown in Figure 6.33. The magnitude of changes in average ride height
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Figure 6.33 Intluence of variations in mid-speed rebound damping on the average ride

height response.

215



0.9 - Minimum Tire Load (N) 0.9 . Normalized Tire Lift-Off

!
| 08 |
0.8 + 2x Nominal _ _ _
i Nominal 0.7 ¢
1/2 Nominal
0.7 + 06 |
05 ¢
06 L
04 |
05 1 03 4 h
02 |
04 ]
011 I
Frequency (Hz) l ‘.' Frequency (Hz)
03 f 4 ;0.0 e o e |
o 5 10 15 0 5 10 15
Excitation Amplitude: 0.32 cm Excitation Amplitude: 1.27 cm

Figure 6.34 Influence of variations in mid-speed rebound damping on the minimum
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increases considerably with the increase in rebound damping, for both excitation
amplitudes. A reduction in rebound damping yields improved ride height performance,
irrespective of the excitation amplitude. This response behavior is attributed to excessive
rebound damping, which further reduces the minimum tire force in the 4 to 8 Hz range
under low level excitations as shown in Figure 6.34. The normalized tire lift-off and thus
the loss of mechanical grip, under high amplitude excitation, occurs considerably latter
when the damping is decreased. The high rebound damping deteriorates the sprung mass
vibration isolation performance, in almost the entire frequency range, as shown in Figure
6.35. The high damping, however, improves the vibration attenuation performance in the

vicinity of the sprung mass resonant frequency.

6.3.2 Influence of Variations in Magnitude of Friction

The influence of friction force on the quarter-car model response is similar to that
observed for variations in the low speed compression and rebound damping. Friction
force yields high equivalent damping at very low velocities and extremely low damping
at higher velocities. Since the magnitude of friction force is small, the equivalent
damping at lower speeds is comparable to those developed by low-speed compression
and rebound valves. The influence of Coulomb friction on the system response at higher
speeds is almost negligible due to low equivalent damping. The influence of friction
force on the average ride height is insignificant, since the average ride height is less
sensitive to variations in low speed damping. Furthermore, symmetric damping
properties of the ideal friction model further yield only insignificant variations in the
average ride height. The influence of variations in the minimal tire damping force and
normalized tire lift-off is also quite small due to the low damping corresponding to the
wheel-hop motions, as shown in Figure 6.36. The sensitivity of normalized minimum tire
force and the normalized tire lift-off to variations in friction is similar to that observed for

low speed damping. The increase in friction force, similar to the damping, r. :ults in poor
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Figure 6.36  Influence of variations in friction on the minimum tire load and normalized
tire lift-off.

vibration isolation performance of the sprung mass, specifically under low level
excitation. The high damper velocity response caused by high amplitude excitation
results in only minimal damping due to Coulomb friction and thus only small variations

in the rms velocity ratio response of the sprung mass, as shown in Figure 6.37.

6.3.3 Variations in the Fluid Compliance

From the experimental and analytical results, presented in Chapter 3 and 4, it is
evident that the damper performance at higher mass acceleration is strongly affected by
fluid compliance. The influence of variations in fluid compliance on the quarter-car
model response thus becomes evident only when the inertia forces predominate at
relatively higher excitation frequencies. Figures 6.38 ‘0 6.40 illustrate the influence of
variations in fluid compiiance on the average ride height, minimum tire load and

normalized tire lift-off, and normalized sprung mass rms velocity response, respectively.
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The influence of variations in the fluid compliance on the average ride height is only
minimal, except at higher frequencies and excitation levels, when mass acceleration
approaches a high value. An increase in fluid compliance tends to enhance minimum tire
force for low amplitude high frequency excitations, normalized tire lift-off and the sprung
mass vibration isolation in the 7 to 12 Hz frequency range, when the quarter-car model is
subject to 0.32 cm excitation, as shown in Figure 6.40. The rms velocity response of the
sprung mass, however, increases near the wheel-hop frequencies and at frequencies below
6 Hz. The rms velocity response under 1.27 cm excitation exhibits poor vibration
isolation and considerable amplification near the wheel-hop frequency, when fluid

compliance is increased.

6.3.4 Influence of Variations in Operating Temperature

Variations in the operating temperature typically produce considerable affect on the
gas spring, and smaller variations in damping and frictional characteristics of the damper,
as discussed earlier in Chapter 3 and 4. The performance characteristics of the quarter-
car model are thus strongly influenced by variation in the damper temperature. An
increase in the damper temperature tends to increase the gas spring force and hence the
ride height, while damping and friction forces decrease. The baseline damper model is
considered to operate at a temperatvzre of 90 °C, and the influence of temperature is
investigated by varying the temperature to 45 °C and 180 °C. An increase in the damper
temperature yields an ncreased bias due to gas spring and thus the ride height, as shown
in Figure 6.41. The ride height increases considerably with the increase in temperature,
irrespective of the excitation frequency and amplitude. It should be noted that the
variations in the ride height response 2re somewhat less significant at different excitation
frequencies. Such response behavior is similar to that obtained with reduced low-speed
damping as is the effect on the normalized minimum tire load and rms velocity response,

shown in Figures 6.42 and 6.43. An increase in operating temperature results in lower
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minimum tire load under .27 cm excitation and improved vibration attenuation of the
sprung mass due to lighter damping. The minimal tire force under lower amplitude of
excitation, however, increases with an increase in operating temperature. This trend is
similar to that observed with variations in the low-speed damping shown in Figures 6.28

and 6.32.

6.3.5 Highlights of Parametric Variation Study

The performance characteristics of a damper in a quarter-car configuration is
related to various design and operating parameters of the damper, and response
characteristics of the quarter-car model. The damper performance is strongly dependent
upon the damping coefficients and the velocity response of the vehicle or the quarter-
vehicle model. The damping valves or the coefficients are thus frequently adjusted to suit

the vehicle response and excitations by the user, while the variations in operating
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Figure 6.41 Influence of variations in damper temperature on the average ride height
response.
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cannot be easily modified by the user. The performance characteristics of the coupled

damper-vehicle model, as influenced by these design variables are summarized below.

¢ The average ride height of the sprung mass primarily depends upon the compression
to rebound velocity response, and increases with the increase in compression and/or
decrease in rebound velocity. Changes in either low-speed compression or rebound
damping causes nearly consistent changes in the ride height i1 the entire frequency
range, while changes in either mid speed compression or rebound damping result in
considerable variations in the ride height at higher damper velocities. Furthermore,
an increase in the mid speed compression damping and/or a decrease in the mid speed
rebound damping reduces the magnitude of variations in the average ride height with
frequency. Variations in high rebound damping yield considerably larger variations
in ride height than those caused by proportional changes in the compression damping.

¢ The minimum tire force at the tire-load interface is strongly affected by variations in
damping in the range of higher damper velocities (4 to 10 Hz). A reduction in
damping results in increased minimum tire load at the tire-load interface. Changes in
the low speed rebound damping affect the minimum tire load in a most effective
manner. The variation in the tire load caused by variations in the low-speed 1cbound
damping is nearly twice that caused by the variation in the mid speed compression
damping as measured at 6 Hz. Variations in the low speed compression damping
yield the lowest effect on the minimum tire load.

¢ The normalized tire-1ift off of the two-DOF quarter-car model reduces, with reduction
in damping, except when near the natural wheel hop frequency, where the reduction
of damping in both the mid speed compression and rebound results in slight increase
in the lift off. The reduction in mid speed compression or rebound damping greatly
decreases the tire lift off below the wheel hop frequency.

o The velocity response of the sprung mass is primarily dependent upon the damping

coefficients. A reduction in low- and mid-speed damping yields improved
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attenuation of sprung mass vibration in the frequency range between the two resonant
frequencies. The lower damping, however, results in a slight increase of the sprung
mass velocity response in the vicinity of the resonant frequencies, when subject to
low amplitude excitation. Under high amplitude excitation, there is no cross over
frequency and a decreasc in damping yields improved performance throughout the
frequency range. The low speed damping tends to be more effective at lower
excitation amplitudes, while the response under higher excitation amplitudes is
mostly influenced by the mid-speed damping.

The variations in low speed damping, in general, yield a smaller but more consistent
influence on all the performance indicators, while the variations in the mid speed
damping resultin larger variations of response characteristics

The influence of variations in damper friction force on the response behavior is
similar to that caused by variations in low speed damping, except in the case of
average ride height.

The symmetric nature of ideal friction model yields only slight variations in the ride
height. Although, an increase in friction force yields enhanced ride height
performance, the increase in equivalent low speed damping and the breakaway
frequency deteriorate the overall performance. Friction force reduces the repeatability
of the measurement of the static ride height of the car, which is often a critical
reference for suspension tuning. An increase in friction force also increases the jerk
of the masses, and interferes with the driver perception of the road holding properties
of the tire.

The average ride height and mechanical grip performance of the damper can be
enhanced by increasing the fluid compliance. The vehicle ride quality, however,
deteriorates with increased compliance. The fluid compliance further causes a time
lag between the excitation and response, which affects transient response behavior

and driver perception of the vehicle-road interactions.
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e The variations in operating temperature result in substantial changes in the average
ride height. Such effects thus need to be considered when tuning the suspension. An
increase in temperature reduces the effective damping, resulting in enhanced

mechanical grip and sprung mass vibration isolation.

6.4 ANALYSIS OF SIMPLIFIED DAMPER MODELS

In view of the complexities associated with characterization of friction, gas spring
and damping forces, dynamic response characteristics of vehicle and suspension systems
are frequently analyzed using a symmetric linear damping models [13,23-26,77]. Such
simplified models often represent mean values of compression and rebound damping, and
neglect the influences of gas spring, friction, and asymmetry in damping forces.
Alternatively, simplified asymmetric piecewise linear damping models have been
reported in a few published studies [56,78]. These simplified models are based upon
peak force-peak velocity response characteristics of the dampers, while the contribution
due to friction, fluid compliance and gas spring forces are considered negligible. TIn this
study two simplified asymmetric models are developed using the measured characteristic
curve for the Monotube Koni damper. In the first model (model I), asymmetric damping
with constant rebound and compression damping coefficients, identified from the
measured peak force-peak velocity data of the Koni damper, are used. The damping

force, Fy, is thus expressed as:

F,, = ¢z, ; z, 20 1)

where c; and ¢, are damping constants in compression and rebound, derived from the
measured data. In the second model (model II), the damping coefficients corresponding
to low- and mid-speeds in compression and damping are identified from the measured

data. The damping force, Fy,, is then expressed as:
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TABLE 6.7
SIMPLIFIED ASYMMETRIC DAMPER MODEL COEFFICIENTS

Model Mode Damping Coefficients (Ns/m)  Transition R?
velocity (m/s)
Low-speed  Mid-speed
I Compression 3421 3421 - 0.513
Rebound 6434 6434 - 0.861
II Compression 10510 1777 0.0727 0.975/0.995
Rebound 11661 4369 -0.1129 0.917/0.998
F,, =¢c,z, ; 0<z <o,
F, =cja  +c¢,(z, —a,) ; Z, >0,
(6.2)
F, =c¢,2, ; a, <z, <0
Fp =ca, +¢,(z, -a,) ; z) <a,

where ¢; and c, are the low-speed compression and rebound damping coefficients,
respectively; c; and ¢, are the respective mid-speed damping coefficients; o and o, are
the transition velocities in compression and rebound, respectively, at which low speed
damping changes to mid-speed damping. The values of the damping coefficients derived
from the measured data and the linear regression analysis are summarized in Table 6.7,
together with corresponding R? values. Figure 6.44 illustrates a comparison of force-
velocity characteristics of the two models with the measured data. The results presented
in Figure 6.44 and Table 6.7 reveal that the model characterizes the damping curve more
accurately.

The quarter-car simulator model comprising the simplified damper models are
formulated as described in Chapter 5. The frequency response characteristics of the
simplified models are evaluated for 0.32 cm displacement harmonic excitation, and

compared with those derived from the comprehensive monotube damper model and the
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Figure 6.44 Comparison of force-velocity characteristics of the simplified damper
models with experimental peak force-velocity data.

test data. Figure 6.45 illustrates the comparison of the average ride height response of the
two simplified models with the measured data and that of the comprehensive model. It is
evident that both simplified models yield considerable error in the average ride height
response, specifically in the bias, which is primarily attributed to the gas spring effects.
Model 1I, however, yields a pattern similar to that of the comprehensive model. The
addition of bias due to gas spring force to the simplified model II can certainly enhance
its accuracy.

The rms velocity ratio response of the sprung and unsprung masses of the
simplified and comprehensive models are compared with the measured data in Figure
6.46. The velocity ratio response of both models deviate considerably from those of the

comprehensive model. The simplified model I yields considerable deviations in the
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sprung mass resonant frequency due to poor characterization of the low-speed and mid-
speed damping. While the model II yields improved correlation of the natural
frequencies and velocity response characteristics, the magnitude of error remains
considerable.

From the results presented in Figures 6.44 to 6.46, it is evident that the
representation of the damper force curve is paramount to achicving good correlation
between the analytical and experimental results. The appropriate consideration of the gas
spring force in the model, however, is vital to characterize the effects on the bias of the
sprung mass. The effects of friction and fluid compliance are not readily noticeable in the
results, which concurs with the observations made from the results of the parametric
study. The influence of operating temperature, which is gquite significant, can not be

represented through the simplified models.

6.5 SUMMARY

The quarter-car model comprising the candidate damper model is validated using
the experimental data for varying amplitudes of step and harmonic displacement
excitation. A reasonably good correlation was obtained between the analytical and
experimental response characteristics affecting the ride height, mechanical grip and ride
quality performance. The results revealed poor performance due to high damping of
Mechformance and Fox-heavy dampers. A performance criteria to assess the ride,
handling, and traction performance of racing car dampers was formulated to study the
influence of low- and mid-speed, compression and rebound damping, and temperature
variations. The influence of variations in the friction force and fluid compliance on the
performance criteria was observed to be less significant. Finally two simplified
asymmetric damper models were developed and their validity was investigated under
harmonic excitation. A comparison of response characteristics derived from simplified

and comprehensive models demonstrated the significance of the comprehensive model
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for accurate characterization. The simplified model comprising asymmetric low- and
mid- speed damping constants, however, showed considerable potentials in estimating the

rms velocity response.
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CHAPTER 7
CONCLUSIONS AND RECOMMENDATIONS FOR FURTHER WORK

7.1 GENERAL

The lateral and longitudinal accelerations developed by a race vehicle constitute its
primary performance measure. These accelerations, attributed to the road-holding ability
of the vehicle, are dependent upon the performance characteristics of the suspension
spring and dampers.

Although considerable developments in suspension dampers have been realized
during the past few decades through repetitive field trials and tuning, the effective
analytical models of the modern high performance dampers do not yet exist to perform
the design and tuning in a cost effective manner. In this dissertation, analytical models of
monotube and remote reservoir design of modern high performance dampers are
developed through systematic component identification, laboratory experiments and
parameter identifications.

The primary objectives of the study included: (i) development of various
component models to enhance an understanding of the contributions due to gas spring,
friction force, thermal expansion, fluid compliance, and low- and mid-speed asymmetric
valving; (ii) development and analysis of total damper models to study the overall
performance characteristics of dampers; (iii) development and analysis of damper models
in a quarter-car configuration to investigate the influence of damper design parameters on
the performance measures of a race-car; (iv) experimental study of candidate dampers and
parameter identification; and (v) validation of analytical models under varying excitations
arising from conventional test stand and quarter-car simulator. The major highlights of

the study and the conclusion drawn are discussed in the following sections.
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7.2 MAJOR HIGHLIGHTS OF THE INVESTIGATION

This dissertation research describes the methodologies for developing
comprehensive dampers models based on the experimental data, for usage in vehicle
models. Analytical models of different damper designs were developed and validated
using the experimental data derived from a traditional test and a quarter vehicle simulator.
The analytical models comprising various coefficients identified from the test data allow
for an exact characterization of the dampers and their interactions with the vehicle. The
methodology involves initial development of the damper models from the fundamental
laws, and simplifications and refinements based upon validated assumptions to facilitate
the determination of coefficients from the experimental data. The analytical models thus
developed include the nonlinearities due to multi-stage asymmetric damping; friction
force dependent upon the sign of velocity, operating temperature and displacement; gas
spring forces as a function of initial volume and pressure, operating temperature and the
variations in the effective volume of the oil; variations in the damping force caused by
thermal expansion of the oil; fluid compressibility as a function of the pressure; and
displacement limits.

A quarter-vehicle simulator is developed to validate the analytical model and to
investigate the role of damper on the road-holding, and the dyramics of the sprung and
unsprung masses. The friction properties of the guiding mechanism is identified and
incorporated into the model. Nonlinearities arising from the displacement limits of the
suspension and the tire lift off are also incorporated into the model. Four candidate
damper models are thoroughly validated using the experimental data obtained under a
wide range of excitations.

The major highlights and contributions of this investigation are summarized
below:

1) A static test methodology is developed to determine the initial gas spring pressure

and volurae, and static breakaway friction properties of a damper. The proposed method
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provides an highly accurate 1dentification of the above parameters, and does not require
the disassembly of the damper. The analytical model of the gas spring is further derived
using the ideal gas laws.

2) A test methodology and the algurithms are developed to determine the effective
volumetric change in the damper with variations in the operating temperature, which
affects the gas spring and dynamic. breakaway friction in a considerable manner. The
proposed methodology is based upon experiments performed at low speeds. The
effective volumetric change with variations in the operating temper ‘ture is analytically
derived upon identifying the various coefficients of thermal expansion.

3) A methodology to determine the thermal sensitivity of the damping model is
derived based on variations in density and thermal expansion of the fluid.

4)  Analytical models of the hydraulic flows through multistage asymmetric valving
are derived, incorporating the effects of fluid compliance, and the dampers cocfficients
are idertified from the experimental data using an iterative procedure. A methodology to
estimate the starting values for the analytical model is proposed, assuming
incompre<sible flow at low levels of acceleration. A compliance model as a function of
pressure is developed, for cases where a constant value is found to be inadequate.

5)  Analytical models of the monotube and remote reservoir dampers are developed by
comparing the model response with the experim °ntal data obtained for a wide range of
excitation frequencies and amplitudes, and varying the mal conditions.

6) A quarter car model, incorporating nonlinearities due to wheel lift-off, friction,
displacement limits, and the damper is developed and a parameter identification is
performed using the test data. Performance criteria are proposed in relation to the race
cars average dynamic ride height variation, normalized time of tire contact and minimum
tire load. The damper models in the quarter-car configuration are thoroughly validated

using the experimental data obtained under different harmonic and step excitations.
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7)  Component models are analyzed under varying operating temperature conditions
and excitations to demonstrate the thermal sensitivity of the damper, friction and gas
spring forces. A comprehensive parametric study is performed using the quarter-car
model to highlight the influence of various damper design and operating parameters on
the performance criteria.

8) Two simplified asymmetric damper models are further developed in an attempt to
reduce the complexities associated with identifying the displacement, friction and
temperature decpendence of the dampers. The response characteristics of the
comprehensive model are compared with those of the simplified models to highlight their

validity and sigpificance of the different components.

7.3 CONCLUSION
The major conclusions drawn from the analytical and experimental studies are
summarized below:

o The initial gas volume and pressure can be accurately determined from the static
measurements, assuming ideal gas process. Under dynamic excitation the polytropic
exponent of 1.38 resulted in very good correlation between the experimental and
analytical gas spring force response in the range of working pressures of a high
performance damper.

e The dynamic force developed by a suspension and damper is strongly influenced by
the variations in operating temperature. The gas spring, in particular, is highly
sensitive to temperature changes, an increase in temperature of 56°C results in a
change of the magnitude of gas spring force of 250 N, and a 0.94 to 1.88 mm change
in the ride height. The variations in gas spring pressure are attributed to: i) thermal
expansion of the gas; and ii) the loss of gas volume due to expansion of the oil and
damper components. In-general temperature variations result in relatively smaller

variations in the damping force, the same 56°C change results in a 4.26% reduction in
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rebound damping. The variations in the damping force with changes in the
temperature are primarily due to changes in the fluid density.

The assymetric multi-stage valving integrated into the high performance damper in-
general yields different damping characteristics in three distinct speed ranges: low,
mid and high. Low speed valving typically provides an orifics type flow with a high
damping coefficient and can be accurately modeled by one of three models: i) orifice
flow; ii) compensating valve flow; or iii) combined flow. Mid-speed damping yields
a relatively low damping coefficient, based on flow through a compensating valve.
High-speed valving is also orifice type flow, however, in-general it is effective at
velocities that are outside the normal operating range of the race-car damper.

The change in fluid pressure (gas and oil) caused by motion and the thermal
expansion affects the friction, increase in pressure tends to increase the magnitude of
friction.

Coulomb friction force in-general is strongly dependent upon the sign of velocity and
relative damper displacement. The frictional force is further influenced by the
variations in temperature particularly for dampers with aluminum bodies and steel
pistons.

Variations in fluid compressibility influence the hydraulic flows through the valves
and thus the damping and gas spring forces in an interrelated manner. The effects of
compressibility increase with magnitude of acceleration. Furthermore the fluid
compressibility becomes sensitive to the operating pressure, when the valving
restriction is decreased to obtain high damping.

The response characteristics of the undamped quarter-car simulator anc' the simulation
model under a step excitation revealed strong influence to the dircetion and
magnitude of the excitation, attributed to the spring preload and the gravitational

effects.
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The percent overshoot of the sprung mass response and the settling time of the sprung
and unsprung mass response are considerably larger under negative step excitation
when compared to those obtained under positive excitation. This is attributed to the
assymetric damping properties and tire-lift off. The settling time increases with
increase in the magnitude of positive step excitation. Furthermore, the unsprung mass
response exhibits larger overshoot than that of the sprung mass response for all the
dampers.

While the sprung and unsprung mass step response characteristics with the Koni
damper reveal rapid decay, the Fox-light damper yields a slightly overdamped sprung
mass response. The sprung mass response of the simulator with the stiff dampers
(Fox with high setting and Mechformance) is similar to that of an overdamped S-DOF
response, with long settling time and no overshoot, while the unsprung mass response
is that of a lightly damped system, with increased settling time.

The analytical models of the dampers and the simulator correlate very well with the
experimental data. The errors between the two are attributed to the inconsistencies in
friction.

An increase in the harmonic excitation amplitude resulted in lower frequency for the
peak response and decreased rms velocity response ratio, with the exception of the
sprung mass response with the Fox-light damper. The magnitude of the peak
response increased with an increase in the damping.

The wheel-hop motion is reduced considerably with the installation of a damper, for
which it only occurs at considerably large levels of excitation. The wheel hop
motion, however, increases with high damping at higher amplitudes of excitation,
indicating that tire lift-off can be reduced through selection of optimal damping
properties. The Fox-light damper with the remote reservoir design resulted in
minimal tire lift-off. The peak values of normalized tire lift-off ranged from 0.4 to

0.45 for all dampers.
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While the peak velocity response of the sprung mass is almost symmetric about zero,
the magnitude of the unsprung mass velocity response is considerably higher in
compression.

The average ride height decreases with excitation frequency up to a frequency at
which the variations approach a minimum, after which the ride height increases
though it does not reach the static value. The variation in ride height increases with
increase in damping and excitation amplitude. An increase in rebound to
compression damping ratio yields larger variations in the ride height performance.
With high rebound to compression damping ratio for the candidate dampers, the
system packed down.

Assymetric, multi-stage damping provides certain flexibility to tune the suspension
based on the magnitude and direction of excitation. Variations in low-speed
compression or rebound damping resulted in nearly consictent changes in the ride
height over the entire frequency range, whilc the changes in mid-speed damping
resulted in considerable variations in the ride height at higher damper velocities. The
variations in rebound damping yields considerably larger variations in the ride height
than those caused by proportional changes in the compression damping.

The minimum tire force is strongly affected by variations in damping in the range of
higher damper velocities (4 to 10 Hz). A reduction in damping results in increased
minimum tire load at the tire-road interface. An increase in the low speed rebound
damping affects the minimum tire load in a most effective manner. The variations in
the minimum tire force caused by changes in the low-speed rebound damping are
twice the magnitude of variation caused by proportional variations in the mid speed
compression damping. The influence of variations in the low speed compression
damping on the minimum tire load is relatively insignificant.

The variations in the low speed damping, ir-general, yield a smaller but more

consistent influence on all the performance indicators, while the variations in the mid
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speed damping result in excessive variations in the response characteristics. The
influence of variations in damper friction force on the response behavior is similar to
that caused by variations in low speed damping, except in the case of average ride
height.

A reduction in low- or mid-speed damping yields improved vibration isolation of the
sprung mass subject to low amplitude excitations in the frequency range between the
two resonant frequencies, with a slight increase in the response in the vicinity of the
resonant frequencies. Under high amplitude excitations, a decrease in damping yields
improved performance throughout the frequency range.

The characterization of fluid compliance and damper friction are extremely important
to achieve good correlation between the analytical results and experimental data
obtained from traditional test stands. The role of these factors, however is less
significant when studying the response of a quarter-car model.

The two simplified damper models yield considerable error in the average ride height
response, specifically in the bias, which is primarily attributed to the gas spring
effects. The model II, however, yields a pattern similar to that of the comprehensive
model.

The rms velocity ratio response of the sprung and unsprung masses of both simplified
models deviate considerably from those of the comprehensive model. Model I yields
considerable deviations in the sprung mass resonant frequency due to poor
characterization of the low-speed and mid-speed damping. While model II yields
improved correlation of the natural frequencies and velocity response characteristics,
the magnitude of error remains considerable.

In general, for the quarter car response, representation of the damper force curve is
paramount to achieving good correlation between the analytical and experimental
results. The appropriate consideration of the gas spring force in the model, however,

is vital to characterize the effects on the bias of the sprung mass. The effects of
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friction and fluid compliance are not readily noticeable in the results, which concurs
with the observations made from the results of the parametric study. The influence of
operating temperature, which is quite significant, can not t~ represented through the

simplified models.

74 RECOMMENDATIONS FOR FUTURE WORK

Recommended further studies on the design and characterization of suspension
dampers can be classified in two categories: those recommended to enhance the scope of
the dissertation research, and those recommended to enhance the studies on the total
vehicle suspension. The following efforts are recommended to enhance the scope of the
dissertation research:
1)  Enhance the damping models io increase the accurately characterize the transition
from low to mid speed damping. The model would allow variation in the transition in
order to achieve more accurate representation of the measured response.
2)  Identify or de-elop instrumentation or signal amplification to better define the low
speed forces, specifically, the frictior and gas spring forces.
3) Develop friction force models for the damper and the quarter-car simulator to
characterize the friction forces as a function of the velocity, and internal damper pressure.
4)  Develop a more effective quarter-car simulator with reduced guiding friction to
study the vertical dynamics of the suspension and the vehicle under more realistic
conditions.
5)  Replace the valving models used in this investigation by models of the generic
valves to permit the study of different designs.
6) A hardware-in-the-simulation test and analysis tool is highly desirable to
investigate the interactions of different dampers with the vehicle models in an efficient

manner. This tool would further facilitate the tuning of the suspension in the laboratory.
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The models developed can be incorporated into such tools as the damper model for
hardware- in-the-simulation test of other suspension components. |

The following further studies are recommended to enhance the performance
characteristics of the total vehicle suspension:
1)  Develop analytical models of the suspension and damper incorporating the
mechanical advantage between the wheel and damper-spring assembly in a quarter
vehicle model.
2) Investigate the role of the damper on the overall race-car performance through
development and analysis of multi-DOF full scale vehicle models, allowing the study of
the influence of dampers and the temperature sensitivity on the traction, ride and
cornering performance.
3)  Response analysis of the vehicle and suspension damper under stochastic road

excitation is vital to evaluate the performance behavior of different designs.
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