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ABSTRACT

DYNAMIC CHARACTERIZATION OF A MAGNETO-RHEOLOGICAL FLUID
DAMPER AND SYNTHESIS OF A SEMI-ACTIVE SUSPENSION SEAT

Xiao Qing Ma, Ph. D.
Concordia University, 2006

From the point of view of suspension damper, semi-active dampers with only
minimal power requirement could be applied to achieve variable damping to enhance
suspension performance under complex vibration and shock environments.
Magneto-rheological (MR) fluid based dampers offer significant potential for realizing
semi-actively controlled variable damping with only minimal power. The MR-fluid
dampers invariably exhibit considerable hysteresis, while the damping force varies with
the intensity of applied electro-magnetic field and the nature of vibration in a highly
nonlinear manner. A simulation model based on symmetric and asymmetric sigmoid
functions is developed to fully characterize the properties of a MR-damper as function of
excitation and control current. A comprehensive laboratory test program is undertaken to
characterize the damping properties of a MR damper under wide ranges of excitations
and control current. The essential fundamental features are identified for the modeling
task, while the model parameters are identified using multi-parameter error minimization
techniques. The validity of the proposed generic model is thoroughly examined by
comparing the model response with the measured data under a wide range of excitations,
particularly the force saturation and the hysteresis behaviour. An independent current
function is further derived that could be integrated to reported regression-based hysteresis
models to enhance their prediction abilities. From the results of the study, it is concluded
that the refined Bouc-Wen and the proposed generalized sigmoid function model can
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fully characterized the nonlinear MR damping behaviour as function of applied current
and excitation.

A nonlinear analytical model of a pneumatic suspension seat including the motion
limiting stops is developed for synthesis and analyses of the MR-damping control
algorithms. The validity of the passive suspension seat model is thoroughly examined
under various deterministic and random vibration excitations of varying intensities. The
results suggest that attenuation of shock as well as vibration imposes difficulties design
compromise of the passive damper. Owing to the strongly nonlinear properties of the
suspension-seat and the MR-damper, such as hysteresis, saturation and end-stop impacts,
a ‘hi-lo’ semi-active control algorithm is synthesized to realized modulation of the control
current and thus the damping force following the skyhook control law. A continuous
modulation function is further synthesized and integrated to ensure smooth transition
between the ‘hi’ and ‘lo’ states. A relative position control is further introduced to limit
the frequency and severity of shock motions caused by end-stop impacts. A set of
performance measures is proposed to assess the characteristics of the semi-active and the
resulting integrated controller under a wide range of excitations, including deterministic
excitations of continuous and transient nature and random excitations of different
vehicles. The potential performance benefits of the controller design are further
investigated through a hardware-in-the-loop test and simulation program. The results are
used to demonstrate the validity of the MR-damper and suspension seat models, and

effectiveness of the control algorithm.
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CHAPTER 1

INTRODUCTION AND LITERATURE REVIEW

1.1 Introduction

Whole-body vibration (WBV) and shock exposure among occupational drivers has
been around since the advent of vehicles and many studies have shown the probable link
between exposure and related adverse effects to the muscle-skeletal system of exposed
drivers [1-4]. Although the amount of vibration and shock experienced by an operator of
mobile equipment is also determined by driving speed, vehicle maintenance, vehicle load,
vehicle suspension, vehicle size and seat type, etc., the whole-body vibration and shock
basically arise from the road roughness [1, 5]. Adverse health outcomes associated with
whole-body vibration and shock exposure have been well documented and include
damage to the nervous, circulatory and digestive systems.

The whole-body vibration and Shock exposures have been mostly considered
focusing off-road vehicles (especially agricultural or earth-moving machinery) and heavy
road vehicles (trucks or buses) [1, 6-9]. In view of the severe health and safety risks
posed by exposure to these vibration and shock environments, a series of suspension
systems such as chassis, cab and seat suspension are introduced to improve the ride
quality. The chassis or cab suspensions are invariably developed to achieve a compromise
among different conflicting measures, namely satisfactory ride, road-holding, handling

and directional performances. A secondary suspension at the seat is thus considered vital



for attenuating potentially harmful WBYV, which predominate along the vertical axis.

The shock and vibration transmission performance characteristics of low natural
frequency suspension seats, widely employed in off-road and heavy road vehicles,
strongly depend upon the component properties and the nature of vertical vibration
environment of the target vehicle [3, 10-12]. The limited travel of such seats often causes
impacts against the end-stops and thus transmits shock motions to the seated occupant.
Many studies have concluded that a lightly damped suspension-seat can provide effective
isolation from the road-induced vibration, while the driver’s protection from shock
motion necessitates high suspension damping.

A vast number of variable damping concepts based upon semi-active or active
suspension have evolved during the past 40 years, to provide better compromise among
different conflicting performance measures. However, the implementations of these
suspensions have been limited due to high cost, hardware complexities and the power
demand [13-17]. Owing to their rapid response and low power requirements,
electric-theological (ER) or magneto-rheological (MR) fluid suspensions have been
considered as attractive, alternatives for realizing variable damping. The ER dampers
require high working voltage, while the MR dampers need only minimal power, usually
in the order of 1 to 2 Amps at 12-24V. The MR dampers are thus considered meritorious
for achieving controllable high damping forces over a broad temperature range. The MR
dampers could thus be considered as ideal candidates for enhancement of the shock and

vibration attenuation performance of a suspension seat. The switching discontinuities,
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damper hysteresis and limited bandwidth of the controlled damper, however, may
degrade the performance. The controller design thus forms the most important task.

The MR dampers offer high viscous damping at low velocities in the pre-yield
condition, while the post-yield saturation at high velocities can be characterized by low
viscous damping. While the variations in the low-velocity rise and post-yield saturation
can be achieved in a highly rapid manner with only minimal current, the force-velocity
properties exhibit considerable hysteresis that depends upon applied control current and
excitations. A large number of analytical models based upon different describing
functions have evolved in recent years to describe the nonlinear properties of the
MR-dampers, such as the Bingham plastic, nonlinear hysteretic biviscous, polynomial
function, extended Bouc-Wen hysteresis model. However, only a few of the reported
models could accurately characterize the nonlinear damping properties over a wide range
of excitation conditions and applied current. A number of control concepts have been
developed to achieve variable MR-damping in a semi-active manner. These include the
“skyhook”, “sliding-mode” and “clipped semi-active” control schemes [18-21]. All of
these studies consider mean force-velocity (f~v) characteristics of the damper, while
neglecting the hysteretic behaviour. The hysteretic f~v properties of a damper could yield
considerable errors in the tracking control [22].

This dissertation research focuses on the development of a controller design to
realize variable damping properties of a MR-damper for applications in vehicle

suspension seats. For this purpose, a generalized sigmoid hysteretic f~v model of the
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MR-fluid damper is developed to characterize direct current controlled hysteretic
damping properties as a function of the nature of excitation and the applied current. An
independent sigmoid function in current is further proposed that could be integrated to
the well-known biviscous, polynomial and extended Bouc-Wen models to enhance their
prediction abilities. Furthermore, the influences of suspension design parameter on the
shock and vibration performance characteristics of suspension seats are investigated
through development and analysis of a nonlinear model under different types of
excitation. This suspension seat with the passive hydraulic damper being replaced by a
controllable MR-damper is further considered as the plant, while designing the
controllers. Owing to the strongly nonlinear properties of the MR-damper, two different
control algorithms based on skyhook formulations and similarly adaptive concept are
explored. The performance characteristics of the MR suspension seat with and without
the controlled damper are investigated under various excitations and are assessed in the

laboratory through development of a hardware-in-the-loop (HIL) test platform.

1.2 Review of Relevant Literature

The design, analysis and developments in semi-active MR suspension seats
encompass several challenges in characterization and modeling of MR damper, synthesis
of semi-active controller, analysis of suspension seat, characterization of vehicular
vibration and shock, etc. The relevant reported studies in these areas are thus reviewed to

build the essential background and scope of the dissertation research. The reviewed
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studies, grouped under the relevant topics, are discussed in the following sections.

1.2.1 Effects of Whole-body Vibration (WBV) and Shocks

Occupational drivers of heavy road and off-road vehicles are routinely exposed to
severe levels of vibration and shocks caused by vehicle interactions with the terrain
irregularities [1, 5, 8, 9, 33]. The severity of such shock and vibration transmitted to the
seated driver tends to be considerably more in off-road vehicles employed in agriculture,
construction, forestry and mining sectors. Such vibration also occurs in the low frequency
range, up to 15 Hz. The suspension seats are thus designed with low natural frequency in
the 1.25 to 1.5 Hz range to achieve effective vibration isolation [2, 7, 11]. The primary
suspensions of heavy road vehicles also exhibit the vertical mode resonance of the sprung
mass within the same frequency range which often causes the suspension seat to exceed
its permissible travel and transmit severe shock motions to the seated driver.

Prolonged exposure to high magnitude vibration and repeated shocks of low
frequency nature has been associated with an array of health disorders among the drivers,
namely the disorders of the spine and the supporting musculoskeletal structure [1, 3, 4].
Moreover, exposure to such vehicular vibration and shocks has been known to interfere
with the driver’s comfort and working efficiency. It is generally agreed that the risk of
spinal injury and lower back pain increases with magnitude of vibration and exposure
duration. High magnitudes of shock motions, such as those encountered in a trucking

accident, can cause compressive fracture of the spine (acute risk), while chronic exposure
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to lower levels can lead to disc degeneration and lower back pain [24, 25]. In addition to
the increased health risks, drivers who experience frequent bottoming and topping of the
suspension-seat have reported increased levels of fatigue [24, 26]. Suspension topping
and bottoming also presents a safety risk, as these events can cause the driver to

temporarily lose control of the vehicle.

1.2.2 Control of Whole-body Vibration and Shock

It has been widely recognized that health and safety risks posed by occupational
exposure to whole-body vibration can be considerably reduced by minimizing the
magnitudes of vibration transmitted to the‘ human occupant [7, 27]. Off-road vehicles, due
to their interactions with uneven terrains, are known to yield high magnitudes of
translation and rotational vibration. The magnitudes of longitudinal and lateral vibrations
in some off-road vehicles may approach or exceed those along the vertical axis [1]. Upon
recognizing high magnitudes of translational and rotational vibration, a concept in
multi-axis seat vibration isolator has been proposed in the early 80’s [28]. The
commercial suspension seats, employed in heavy road and off-road vehicles, however,
are designed to attenuate vibration in the vertical mode only, since the attenuation of
vibration along all the other axes needs complex suspension mechanisms. The vertical
mode suspension seats are known to yield vibration isolation superior to that of the
conventional seats, since the suspensions are designed with natural frequency well below

the frequency of dominant vibration.



The performance characteristics of suspension seats, comprising either mechanical or
pneumatic springs and passive dampers, have been extensively investigated under
different types of excitations via field or laboratory assessments and analyses of coupled
suspension seat-occupant modes [5, 29-32]. Under low-level floor vibration, a suspension
mechanism may exhibit lock-up behavior due to inherent Coulomb friction. Under higher
levels of continuous vibration, a suspension seat may yield either attenuation or
amplification of vibration depending upon the nature of vibration. Under even higher
magnitudes of vehicular vibration, the suspension may exceed its free travel limit and
result in repetitive impacts with the end-stops, thereby causing shock motions [10, 27].
The ride vibration environment of many heavy road vehicles, specifically those employed
in urban public transport sector, often include shock motions arising from interactions of
tires with extreme road irregularities, such as pot holes, rut formations and drain covers.
The shock motions transmitted to operators of urban buses are known to be more frequent
and more severe. The suspension seats employed in many off-road vehicles are also
subjected to end-stop impacts, while operating on relatively rough terrains. The isolation
of drivers from the shock and vibration environment of such vehicles thus necessitates
the design of suspension seats that can minimize both the transmission of continuous

vibration and shock motions to the operator.

1.2.3 Suspension Seat System

Occupational vehicle drivers are constantly exposed to high magnitude and low
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frequency whole-body vibration, which has been associated with an array of health
disorders among the drivers [1]. Consequently, low natural frequency suspension seats
are widely employed in vehicles in the forestry, construction, industrial, mining and
freight and passenger transportation sectors [2, 33]. Considerable advancements have also
been made to enhance the ride performance through designs of primary wheel
suspensions, specifically for the buses and trucks. Similar efforts for the off-road and
industrial vehicles, however, have been limited due to constraints imposed for
preservation of their roll stability. Soft suspension seats employed in heavy road and
off-road vehicles also yield considerable magnitudes of repetitive shock motions,
specifically under abrupt or high magnitude excitations, due to limited suspension travel
and motion limiting stops.

The maximum seat suspension travel is limited to about 100 mm or less in the
off-road vehicles to ensure safer vehicle control and accessibility for the driver. The
travel limiting of the suspension seat is invariably achieved by introducing either elastic
or rigid bump stops in compression and rebound. Figure 1.1 illustrates schematic of a
typical guiding linkage of the suspension together with the location of the compression
and extension end-stop buffers. Conventional suspension seats use rubber buffers to
reduce the severity of such end-stop impacts [1]. The considerably high stiffness
characteristics of these rubber buffers cause high magnitude resonant oscillations of the
suspension and thus transmit high levels of shock and vibration to the driver. These shock

motions tend to be quite severe for the drivers of vehicles operating on the relatively
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rough urban roads, construction sites, sidewalks, ice-covered roads and off-road terrains.
End-stop impacts in a suspension seat cause high levels of shock and vibration arising

from impacts, and thus driver discomfort [30].

Q \ /
0/
m buffer
C5

Figure 1.1: Cross linkage mechanism of seat suspension.

/ -\

In earlier studies, vertical suspension seats have often been characterized by a two
degree-of-freedom (DOF) dynamic system, in which the seat cushion, suspension spring
and suspension damper have been simplified as linear elements, while the end-stop buffer
properties have seldom been considered [11, 34]. Analytical models incorporating
nonlinearities due to shock absorber damping, Coulomb friction force and elastic limit
stops have been proposed in a few studies [28, 30, 31, 35]. Boileau et al. [31] established
that consideration of end-stop impacts poses contradictory design requirements for
suspension seats. In Europe, a major consortium of both research institutes and seat

manufacturers undertook a study with objectives of developing test methods for



suspension seat end-stop impacts, improving buffer and suspension design and finally
reducing the shock and vibration transmitted to the driver. Wu et al. [36] proposed a
comprehensive analytical model of a typical elastic buffer to incorporate its nonlinear
force-deflection and energy dissipation properties; meanwhile, the results of the
optimization study revealed that soft and thick buffers with linear stiffness characteristics
over a large range of deflection are highly desirable for reducing the severity of end-stop
impacts. Rebelle [27] developed a numerical model of a suspension seat rather than
characterizing the individual components to optimize the end-stop buffer. Such an
approach thus prevents considering the effects of variations in the parameters of the
individual components.

The influence of seat cushion designs on the seating comfort and driver posture has
been evaluated through a number of subjective and objective studies. A study performed
by Ng et al. [37] reported that an adequate driver-seat support could reduce the stresses in
muscles of the back, buttocks and legs caused by prolonged sitting during daily driving
activities. A subjective survey of the heavy-duty truck operators was performed to
identify their seat design preferences and specific ailments experienced by the drivers
[26]. Thakurta et al. [4] evaluated the seating comfort related to various seat zones
through subjective studies and correlated the comfort assessments to measured driver-seat
interface pressure under static loads. The polyurethane foam widely used in seat cushion
design has complex mechanical properties and the human perception of ride comfort is

closely related with these properties [38, 39]. The effects of the composition, density and
10



thickness of polyurethane foam and contouring of the seat on vibration transmission have
also been studied [34, 40]. The polyurethane foam seats exhibit highly nonlinear
visco-elastic properties depending upon the excitation magnitude and frequency content,
and the seated body weight [3]. The vast majority of the studies on seat cushion models
consider lumped and properties, while neglecting the hysteresis and dependence upon the
body weight and nature of excitation [28, 31, 35, 41]. Such a linear cushion model yields
large errors under high magnitude vibration, which may also induce bending
deformations of the seat pan. A nonlinear seat cushion model was subsequently
developed and validated by Wu [30]. Although this model was proposed based on
systematic identification of the cushion’s force-deflection and force-velocity
characteristics, the hysteresis property was not considered. Furthermore, the application
of model required prior knowledge of the excitation frequency.

The static and dynamic properties of the suspension mechanisms, such as kinematics
design, stroke, elastic properties, Coulomb friction and elastic properties of the motion
limiting buffers, mostly influence the shock and vibration attenuation characteristics of a
suspension seat. The suspension seats invariably employ either mechanical or pneumatic
spring elements in conjunction with a guidance mechanism to ensure nearly vertical
motion of the seat. The response behavior of a suspension seat is directly affected by the
stiffness characteristics of the spring element. Furthermore, the magnitude of friction
force is attributed to shock absorber seals, various sliding contact surfaces and linkage

joints. On the other hand, the parameterized models of spring elements and friction force,
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proposed in earlier studies or by Wu [30], employed linear relationship by the way of

mean curves, assuming negligible contributions due to hysteresis.

1.2.4 Active and Semi-active Suspensions

A wide range of variable damping concepts have evolved to maximize the passenger
comfort, increase the handing stability and reduce the tire-induced road damage [7, 18].
Controllable damping devices have been proposed to realize the intelligent vehicle
suspension designs. The vehicle suspensions, in general, can be categorized in three
groups based on the energy properties, namely active and semi-active suspensions. The
relative structures of passive, semi-active and active suspension dampers are illustrated in
Figure 1.2, using a single-DOF formulation. A vast number of active and semi-active
suspension structures have been proposed since the early 1950’s, which could generate
variable damping and suspension forces in accordance with the varying excitation and

response variables to satisfy various conflicting design requirements [7, 16, 42, 43].
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Figure 1.2: Schematics of passive, active and semi-active suspensions.
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The passive suspensions offer limited performance due to uncontrollable nature of
the dampers; they can only temporarily store and dissipate energy at a constant rate, and
the forces generated depend on the local relative motions. The active suspensions refer to
those, where the passive components are replaced by a high performance hydraulic a
pneumatic or electro-magnetic force generator with a high bandwidth valve and hydraulic
power supply. It can generate forces in response to varying response and excitation
variables, but requires considerable external power. A semi-active suspension generally
offers controllable damping forces with only minimal power requirement, and can thus
provide variable rate of energy dissipation. Owing to the high cost and power
requirement of a fully-active suspension, the semi-active suspensions are considered to be
for more meritorious for vehicle suspension applications.

A number of studies have explored different concepts in active suspension and
controller synthesis. Crosby et al. [42] proposed the concept of an active damper for
shock and vibration control. Thompson [16] demonstrated that the performance of active
suspensions is definitely superior to that of the classical suspensions. Perisse [14, 15]
proposed and investigated a new control policy, as an application of a cascade regulator
plant. The proposed policy was applied to active a suspension seat, as an example, to
illustrate the theoretical and experimental feasibility of the active vibration control
system. However, from a technical point of view, an active suspension cannot be applied
without a host of parametric measurements including velocities and deflections, which

yield complexities in implementation apart from the high cost and power.
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A vast number of semi-active vibration control systems have been proposed and
investigated since the early 70’s, as alternative to the high cost and high power active
control systems [42, 44, 45]. Most studies in the area of semi-active suspensions involved
either a single or a two DOF dynamic model representing a single wheel-suspension,
often referred to as the quarter-car model. Semi-active suspensions generally involve a
variable damper, where the damping force is modulated through valve flows in response
to changing excitations. A study by Margolis [45] examined the effects of using realistic
feedback signals when controlling the active and semi-active suspension systems. The
study suggested several feedback control strategies for semi-active suspension system,
such that the performance could approach to that of a fully active suspension. Hwang et
al. [46] presented a method for performance assessment of a continuously controlled
semi-active suspension using hardware-in-the-loop (HIL) simulation technique. The
design and synthesis of a controller strongly depends on the target measure, such as side
quality, handling, roll control and rattle-space. Owing to the conflicting nature of most of
the measures, the controller design has a challenging task. Youn et al. [44] proposed a
semi-active optimal control law on the basis of a weighted performance index comprising
ride comfort, road holding and suspension rattle space, and presented relative
performance characteristics of passive, active and semi-active suspension designs. The
study concluded that a semi-active suspension could offer performance benefits
comparable to that of a fully-active suspension. This finding concurs with the conclusion

derived by Margolis [45]. The reported semi-active control schemes, however, generally
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do not consider the transient responses associated with switching of the command input,
which may cause undesirable effects on the suspension performance.

Semi-active dampers based upon magneto-rheological (MR) fluids have recently
evolved to achieve variable damping to enhance suspension performance under complex
vibration and shock environments. These dampers offer considerable potential to realize
variable damping with minimal time delays and power consumption, but exhibit
significant hysteresis. The presence of hysteresis makes the task of controller synthesis a
difficult one. Many studies have reported the performance characteristics of vehicle
suspensions developed on the basis of the well-known skyhook or ground-hook
semi-active control methods [29, 47], apart from the passive optimal control algorithms
[36] and the more power-demanding active control systems [8]. A number of optimal
control techniques for the active and semi-active suspensions have also been studied and

applied to vehicles [16, 43, 48].

1.2.5 Semi-active and Active Suspension Seats

The suspension seat is designed not only for attenuating the vibration but also to
provide adequate postural support for the driver with adequate seated height [36, 49, 50].
Thus, the semi-active and active suspension design methods have been widely applied in
the design of vehicle seats, especially for the heavy load and off-road vehicles. Grimm et
al. [51] designed a fully active seat suspension for farm vehicles using a hydraulic

actuator. They used a simple displacement compensator to control the actuator using the
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relative displacement of the seat and the acceleration of either the base or seat, as a result,
the seat performance was improved when compared with a passive suspension seat. Stein
and Ballo [52] proposed an active electro-pneumatic system which controls vibration
performance of the seat by controlling the air flow in and out of a pneumatic spring. This
active vibration control system requires a considerable amount of power. Perisse and
Jezequel [14] developed an active seat suspension on the basis of the principal of
improving ride passenger comfort by reducing transmitted seat acceleration. To control
the dynamics of the seat suspension, an original feedback control command with a
reversible electromechanical actuator was achieved. The root locus method and the
linearization technology of small perturbations around the equilibrium were employed to
synthesize the regulator for this active control seat.

Wu and Chen [53] applied an active vibration controller for reducing undesired
low-amplitude vertical vibration in a vehicle seat. During the derivation of control
algorithm, the reference signal supplied to the contfol plant was assumed as the
displacement of excitation, while the feedback error signals were defined as the seat
acceleration. One algorithm of the adaptive controls, the filtered-x least mean squares
algorithm is adopted in this active controlled vehicle seat. However, the performance of
controlled seat is only evaluated under a pulse excitation and low magnitude continuous
vibration. Guclu [54] analyzed the dynamic behavior of a nonlinear vehicle model having
active suspension and a PID controlled passenger seat suspension. The results showed

that the ride comfort could be enhanced by adding a controlled actuator to generate the
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desired suspension force under the passenger seat. In general, an active suspension seat
can effectively overcome the limitations of a passive one, but involves high power and
high cost. Consequently, the investigations on semi-active suspension seat have been
considered quite attractive by many researchers, particularly with the evolution of the
high bandwidth ER and MR fluid dampers.

Bouazara et al. [50] combined a 3-D vehicle model with an optimal non-linear active
seat in order to analyze the safety and comfort performance and presented the relative
performance of passive, semi-active and active suspension seats. The semi-active and
active dampers are characterized by force generators in accordance with the control laws
based upon suspension mass velocity. Optimal model parameters are selected using the
sequential unconstrained minimization technique with an objective to minimize the
acceleration due to vibration transmitted to the occupant mass. Wu and Griffin [36]
focused on reducing the occurrence and severity of end-stop impacts in a suspension seat
by employing an additional on-off controlled ER-fluid damper. However, the
development of a semi-active ER-fluid damper within a suspension seat is somewhat
complex, since it requires considerable high voltage. A MR-fluid damper on the other
hand requires only low voltage. McManus et al. [55] investigated the potential benefits of
a semi-active MR-damper in reducing the occurrence and severity of end-stop impacts of
a low natural frequency suspension seat. However, the measured results did not show
improvement in vibration attenuation performance over the fixed damping suspension.

Choi et al. [49] proposed a semi-active MR suspension seat by implementing a PID
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controller, which was also judged applicable to commercial vehicles. The performance
characteristics of a full-car equipped with a prototype MR seat were evaluated using the
hardware-in-the-loop (HIL) simulation technique, while the responses to repeated shocks
caused by the end-stop impacts were not considered. Choi and Wereley [56] developed a
semi-active nonlinear optimal control algorithm appropriate for the MR suspension seat
coupled with a mechanical-equivalent model of the human body to account for the energy
absorbed by the body. The study concluded that a MR suspension seat could yield

considerable reductions in transmitted vibration under idealized broad-band excitations.

1.2.6 MR/ER-fluids Suspension

Controllable fluids are materials that respond to an applied electric or magnetic field
with a change in their rheological behavior. These materials are commonly referred to as
electro-rheological (ER) or magneto-rheological (MR) fluids. Magneto-rheological fluids,
discovered by Rabinow [57], exhibit rapid, reversible and tunable transition from a
free-flowing state to a semi-solid state upon the application of an external magnetic field.
MR-fluids developed by the Lord Corporation [58-60] possess many attractive features,
such as high yield strength, low viscosity and stable hysteretic behavior over a broad
temperature range. MR-fluids have thus been applied in many devices, such as rotary
brakes, vibration dampers and MR sponge dampers. Most devices that use MR fluids
can be classified as having either fixed poles (pressure driven flow mode) or relatively

moveable poles (direct-shear mode) [61]. The servo-valves and dampers belong to the
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fixed poles devices, while the clutches, brakes, chucking and locking device are the
moveable poles devices. Some of these MR fluids products have been successfully
applied in the primary or secondary vehicle suspensions and vibration control of
structures [49, 59, 62-65]. MR-fluid dampers have been developed in recent years to
achieve variable damping in response to changing excitation and responses [49, 65]. It
has been suggested that MR elastomers will also find applications where stiffness or
resonance tenability is sought [66, 67].

A MR damper, developed by Lord Corporation for applications in secondary vehicle
suspension is schematically shown in Figure 1.3. The damper consists of a
nitrogen-charged accumulator, two MR-fluid chambers separated by a piston with an
annular orifice, and electromagnetic coils. The variations in viscous and shear properties
of the fluid, caused by the applied magnetic field, yield variations in the damping force. A
dc current, limited to 2 A at 12 V, serves as the command signal for the coils.

MR dampers offer high viscous damping corresponding to low velocities in the
pre-yield condition, while the post-yield saturation corresponding to high velocities can
be characterized by a considerably lower viscous damping coefficient. The requirement
of adequate ride, road-holding, handling and directional control performance of road
vehicles entails variable damping [68] that could be achieved with MR dampers with
only minimal power consumption. Owing to the rheology of MR fluid in terms of its
shear stress-strain rate behavior, the damper exhibits highly nonlinear force-velocity

characteristics attributed to the hysteresis and force-limiting properties of the fluid, which
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are further dependent on the intensity of applied magnetic field, and displacement and
velocity of the piston [69]. The development of an effective controller for realizing
desirable variations in damping requires accurate characterization of the hysteretic
force-velocity characteristics in the pre- and post-yield conditions. Consequently,
considerable efforts have been made for characterizing the MR-damper properties. A
number of linear piecewise linear and nonlinear models based upon either the regression

formulations or the physical system have been proposed.

Bearing & Seal

Annular Orifice

Figure 1.3: Schematic configuration of the test MR damper.

These models may be grouped into three broad categories based upon the modeling
approach. These include: the piecewise continuous damper models; the dynamic structure
equivalent models; and the dynamic characteristic equivalent models. The piecewise

continuous damper models characterize the nonlinear and hysteretic properties by either
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equivalent linear or piecewise linear viscous damping constants, such as Bingham plastic
model [70, 71], nonlinear biviscous model and nonlinear hysteretic biviscous model [72].
The dynamic structure equivalent models include the famous Bouc-Wen model [5, 59, 64,
73] and the viscoelastic-plastic model [74-76]. The dynamic characteristic equivalent
models attempt to describe the dynamic hysteresis properties on the basis of regression
functions such as those proposed by Choi et al. [77] and Wang et al. [69, 78]. Moreover,
Leva [79] adopted an iterative and discrete method called linear-in-the-parameters NARX
(nonlinear auto regressive with exogenous input) model to describe the hysteretic
properties of electro-rheological (ER) and magneto-rheological (MR) dampers.

Design and synthesis of a controller to realize desirable variations in the damping
properties continues to be a challenging task, mostly due to the strongly nonlinear and
hysteretic properties of the damper. The presence of hysteresis can lead to a number of
undesirable effects, including loss of stability and robustness, limit cycle oscillations and
steady-state and transient tracking errors [80-82]. The damper and synthesis of a
controller can be greatly simplified through development of a reliable model that can
accurately predict the nonlinear hysteresis behaviour. A few studies have thus proposed
models for characterizing the hysteretic properties of the MR dampers [69, 72, 73, 75, 77].
These models adapt kinds of modeling structures and identify the model parameters using
the experimental measured data. The general validity of these models over a wide range
of operating, excitation and response conditions has not been demonstrated.

Active vibration control systems have become a topic of considerable interest in
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recent years, although the concept is not new, particularly for vehicles. In order to
improve ride, handling and comfort performances, a number of concepts in active
suspension have been proposed. A large number of analytical and experimental studies
have been reported on active and semi-active suspensions [8, 14, 15, 42, 83, 84]. Passive
suspension systems temporarily store and dissipate energy on the basis of fixed
suspension properties. The performance enhancements of such suspension are thus
limited to identification of optimal stiffness and damping coefficients. Active suspensions
systems in general employ a high performance force generator in the form of hydraulic or
pneumatic actuators with hydraulic/pneumatic power supply, and can add or dissipate
energy in response to changing excitation and response [14, 42, 85]. Such suspensions
thus yield superior performance in terms of ride and handling characteristics of vehicle
[16, 45]. Although a vast number of active suspension and controller concept have
evolved over the past 40 years, their implementation in such applications have been
prohibitive due to high associated cost, power requirements and added weight.
Semi-active suspensions generally adopt controllable dampers instead of the
conventional hydraulic dampers and require only low level power to modulate the
damping properties in accordance with a control law based upon the excitation and
response variables. A number of studies have suggested that semi-active suspensions
yield only marginal performance gain, which is mostly attributed to limited controller
bandwidth, limited damping force range of hydraulic dampers, switching discontinuities

of valves, etc. [6, 47, 86, 87]. Magneto-rheological fluids offer considerable potential for
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developing adaptive semi-active suspensions, since they offer wide variations in fluid
viscosity with applied current and thus high damping bandwidth. Moreover, the
variations in damping force are achieved in the absence of control valves, while the fluid
responds to magnetic field in a highly rapid manner in the order of a few milliseconds
under a low level voltage [88]. In a recent study, the potential benefits of MR damper
suspension seat have been investigated for reducing the incidence and severity of
end-stop impacts through laboratory experiments [55]. The suspension seat employed a
MR-damper operating at 12 V excitation and a rotary potentiometer served as the
feedback fro the controller.

As mentioned above, the MR fluid dampers exhibit complex nonlinearities such as
hysteresis and magnetic field saturation. A nonlinear controller may be synthesized using
different approaches, such as that based upon linearization of the nonlinear dynamic
system [89, 90], the nonlinear PID controller [49, 91], the inverse model control scheme
[92] or the inverse compensator [90, 93], the adaptive control algorithm [80], fuzzy logic
control and dynamic neural network control method [21]. These techniques, however,
have not been applied for the vehicle suspension systems which comprise only a few of
components or elements possessing hysteretic characteristics. The identification of a
practical control scheme thus forms the necessary task for vehicle suspension controller
design. Furthermore, an adaptively controlled vehicle suspension system, based upon
magneto-rheological (MR) properties of fluids, could offer considerable potential for

performance enhancement of both, primary (wheel) as well as secondary (seat)
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suspensions applications, with minimal power and weight requirements.

A number of semi-active control schemes have been synthesized with varying
performance objectives of the vehicle suspension [49, 18-21]. The well-known
“skyhook™ control law was initially proposed by Karnopp et al. [86] to limit the resonant
oscillations of the sprung mass and to achieve improved attenuation of vibration in the
isolation range of frequencies. Yokoyama et al. [19] synthesized a sliding mode controller,
in which a “skyhook” model is used as the reference model for tracking control. This
study concluded that the skyhook reference model could yield superior vibration isolation
performance of the MR-damper when considered in conjunction with a quarter-car model.
Liao et al. [20] utilized the LQG control law with acceleration feedback to realize damper
force tracking with reference to an optimal damping force, in which the state variables
are estimated from the acceleration responses using the Kalman estimator. Guo et al. [21]
employed the neural network control strategy including an error back propagation
algorithm with quadratic momentum of the multi-layer forward neural networks. Choi et
al. [18] applied the PID control law to track the desired damping force for a full-vehicle
model.

Some of these concepts have also been applied for suspension seats to achieve
improved shock and vibration isolation performance [36, 49, 52, 54, 55]. A recent study
on assessment of a suspension seat with controlled MR-damping, has demonstrated the
suspension effectiveness in limiting the shock motions by eliminating end-stop impacts

[55]. The measured results did not show improvement in vibration attenuation
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performance over the fixed damping suspension. Another study has shown improved
vibration isolation, while the end-stop impact performance was not considered [49].
While a few studies have attempted the implementation of this control methodology for
enhancement of shock and vibration attenuation performance, the contributions due to

hysteresis and switching discontinuity are invariably ignored.

1.2.7 Performance Analysis of Suspension Seats

Performance analysis of suspension seats can be categorized into two groups on the
basis of the methodology employed, namely, experimental and analytical methods. The
international standard ISO-2631 [94] provides the guidance for the evaluation of human
exposure to whole-body vibration, defining the means to evaluate periodic, random and
transient vibration with respect to human responses: health, comfort, perception and
motion sickness. The international standard ISO-7096 [95] provides guidance on
performance analyses of suspension seats through laboratory experiments. The method
requires the use of human subjects with specific body masses. The vibration isolation
properties of suspension seats are thus widely evaluated through laboratory tests
involving either human subjects or equivalent rigid masses [10, 24, 96, 97]. The
laboratory studies have utilized a whole-body vehicular vibration simulator that can
synthesize the vibration environment of different vehicles [1, 30]. The simulator
comprises a seat platform supported on two servo-hydraulic actuators and a servo-control

system interfaced with a digital signal generator. The response characteristics of the seats,
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evaluated in terms of accelerations due to excitation and transmitted vibration under
different excitations, are assessed in accordance with the measures defined in ISO 2631-1
(1997) in view of human exposure to vibration and shock, and the vibration attenuation
performance of suspension seats [55, 98]. The basic evaluation methods include the
frequency-weighted rms (root mean square) acceleration, vibration dose value (VDV),
seat effective amplitude transmissibility (SEAT), VDV ratio and peak acceleration of the
seated mass. The frequency-weighting whose transfer function is defined in ISO 2631-1
(1997) within the pass-band of 0.4-100 Hz, is applied to the response acceleration time
histories.

While the experimental methods allow for consideration of the dynamic interactions
of the body and the seat, these methods generally yield large inter-subject variability and
involve repetitive trials with representative human subject samples. Alternatively, a few
studies have employed analytical methods for assessing suspension seat performance and
to derive design guidelines. These studies have thus developed linear models of
suspension seat, which were also validated using the experimental results [27, 33, 99,
100]. The general model for the suspension seat is formulated upon integration of either
linear or nonlinear component models. The human body is generally represented by a
rigid mass, assuming that human body yields negligible contributions to the coupled
system dynamics at low frequencies. This is evident from the measured apparent mass
properties of the human body, which resembles that of a rigid mass at frequencies below

2 Hz [97, 101]. Single and multi-DOF mechanical-equivalent models of the seated body
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have also been developed and integrated to the suspension seat model [3, 30, 31]. These
models are developed on the basis of measured apparent mass characteristics of the
seated body exposed to vertical whole-body vibration. Such models could be effectively
applied for performance analyses of suspension seat with a MR-damper and synthesis of

the controllers.

1.3 Scope and Objectives of the Dissertation Research

The design and analysis of suspension seats can be effectively performed using
modeling and simulation techniques to examine the suspension’s behavior under known
excitation. The controller synthesis for a MR damper, however, necessitates a thorough
characterization of the MR-damper, particularly its nonlinear hysteretic and
force-saturation properties. The development of a model of the MR-damper forms the
foremost challenging task, which could facilitate controller development, if proven
effective. The nonlinear variations in the damping force attributed to hysteresis and
force-limiting are expected to pose considerable complexities in the model development
and the controller design. The presence of such nonlinearities may deteriorate the system
performance in view of force-tracking and could induce system instability. The
dependence of the hysteresis and force saturation on the intensity the applied magnetic
field forms the second challenging task, which is lacking in most of reported models. The
force-velocity properties of MR-dampers exhibit considerable hysteresis that depends not

only on the applied current but also on the nature of the response and excitation variables.
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The ride vibration environment of vehicles employed in highway transportation of
freight and passengers, and in some of the off-road sectors, comprises low to medium
levels of vibration of continuous nature and occasional shock motions. On the other hand,
the suspension seats employed in many off-road vehicles are also believed to be subject
to end-stop impacts while operating on relatively rough terrains. The attenuation
performance under steady-state vibration and prevention of end-stop impacts under high
magnitude vibration and shock, however, poses contradictory design requirements for the
suspension seats. A lightly damped and soft suspension is considered desirable for
effective attenuation of continuous vibration of low to medium levels, provided that the
excitation occurs at frequencies will above the seat’s natural frequency. The attenuation
of high magnitude vibration and shock, on the other hand, requires suspension designs
with higher damping and stiffness to prevent end-stop impacts. In environments
involving combinations of low, medium and high levels of continuous vibration and
shocks, means of achieving variable damping are highly desirable to adapt to the varying
excitations. This can be attempted through development and integration of either active or
semi-active damping mechanisms within the suspension.

A number of intelligent suspension seats based upon active and semi-active controls
have evolved since the past 40 years. The application of a fully-active suspension at the
seat, however, is most likely prohibitive due to associated high cost and requirement of
power for the servo-actuator system. The limited bandwidth of the semi-active dampers

based upon hydraulic flow modulation, on the other hand, resulted in only marginal

28



benefits. The ER and MR fluids, which exhibit significant variations in their rheological
properties within the duration of 10 ms, offer attractive potential to realize variable
damping with high bandwidth. The MR fluids are considered to be superior to ER fluids
due to their low power requirement and high yield strength. A number of designs of

MR-dampers for vehicular suspension applications have thus evolved in recent years.

1.3.1 Objectives of the Dissertation Research

The overall goal is to contribute towards attenuation of continuous vibration and
discontinuous shocks transmitted to the occupants by designing controllers for the
suspension seat equipped with a MR-fluid damper. The dissertation objective thus deals
with an adequate compromise between the performances under both the continuous
vibration and end-stop impacts. The specific objectives of the dissertation research are

formulated as follows:

(a) Characterize the hysteretic force-velocity (f~v) and force-displacement (f-d)
properties of a MR-damper under a wide range of applied current, and excitation
frequency and amplitude.

(b) Synthesize a generalized model for describing the force-saturation and hysteretic
force-velocity characteristics of the MR damper as functions of the excitation and
applied current.

(c) Assess the effectiveness of the proposed model synthesis under a wide range of
excitation and current condition through systematic laboratory experiments and
simulations.

(d) Propose a generalized model formulation comprising an independent function in
current that may be implemented to different reported models for enhancing their
prediction abilities.
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(e) Identify the model parameters and demonstrate the validity and limitation of the
modified models using the measured data.

(f) Develop an analytical model upon integrating the nonlinear component models to
assess its vibration transmission performance under different types of
deterministic and random excitations.

(g) Investigate the influences of the passive damping parameters and identify
damping requirements under different types of excitations.

(h) Synthesize a sky-hook semi-active control algorithm in conjunction with the
selected suspension seat and the MR-damper. Assess the control algorithm in
view of the seat performance under various excitation signals and compare the
performance characteristics with those of the passively damped suspension.

(1) Derive an adaptive semi-active control algorithm to reduce the frequency of
end-stop impacts under the limited free travel.

(j) Develop a hardware-in-the-loop (HIL) simulation and platform for assessment
and tuning of the controllers using a prototype damper subject to different types
of excitation signals.

1.4 Organization of the Dissertation

This dissertation is organized into seven chapters describing systematic
developments in realizing the stated objectives. The relevant reported studies are
reviewed in appropriate chapters highlighting the scope and research contributions of the
dissertation research. In Chapter 2, the properties of a prototype MR-damper are
described through extensive laboratory measurements to characterize the hysteretic force
properties under wide ranges of excitation magnitudes of control currents. A
phenomenological model is realized upon formulation and integration of component
functions describing the pre-yield hysteresis, saturated hysteresis loop, linear rise and

current-induced rise. The model parameters are identified and the model validity is
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demonstrated.

Chapter 3 further investigates a generalized but independent current-dependent
hysteresis model which is implemented to a number of reported hysteresis models to
enhance their prediction abilities over a range of applied currents. The parameters of the
modified models are identified and the errors between the modified models results and
the measured data are analyzed to demonstrate the effectiveness of the current-dependent
function.

In Chapter 4, a generalized model of a comprising the component models is used to
study the desirable damping properties under different types of excitations. A refined
cushion model is also proposed. A set of performance measures id described to assess the
performance of passive suspension seats under different types of excitation signals. The
limitations of the passive suspension seat are identified for different excitation spectra.

In Chapter 5, a ‘hi-lo’ semi-active skyhook-based control algorithm (SC) is
formulated to realize controlled MR-damping to improve the vibration isolation
performance of the suspension seat. In order to further improve the shock attenuation
performance of seat under high intensity excitations by limiting the frequency and
severity of end-stop impacts, an integrated control scheme (IC) is synthesized by
introducing a relative position control to the semi-active skyhook-based control algorithm.
The performance characteristics of the MR-damper suspension seat model with the
proposed controllers are assessed over a range of excitation. The contributions due to

hysteresis effects and the role of the smoothing function are further discussed.
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Chapter 6 presents the development of a hardware-in-the-loop (HIL) test and
simulation platform, for further tuning of the proposed semi-active controllers and
validation of the analytical formulations. The HIL technique could provide a realistic and
repeatable testing environment with a relative low power hydraulic actuator. The open
loop and close loop suspension seat systems are evaluated under various different
conditions and excitation signals, while the responses including the displacement,
velocity, acceleration and forces are recorded. The results are discussed to demonstrate
the effectiveness of the proposed controller synthesis.

Finally, the highlights of the dissertation research, conclusions and recommendations

for further studies are presented in Chapter 7.
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CHAPTER 2

CHARACTERIZATION AND MODELING THE HYSTERETIC PROPERTIES
OF A MR-FLUID DAMPER

2.1 Introduction

A wide range of Magneto-rheological (MR) fluid-based dampers are currently being
explored for their potential implementation in various systems, such as vibration control
devices and vehicle suspension. A number of analytical and experimental studies have
clearly established superior potential performance benefits of MR dampers in vehicle
applications in relation to conventional hydraulic dampers [18, 49, 55, 73-76, 102]. The
MR dampers offer high viscous damping corresponding to low velocities in the pre-yield
condition, while the post-yield saturation corresponding to high velocities can be
characterized by a considerably lower viscous damping coefficient. The requirement of
variable damping for the base or seat suspension of vehicles [18, 47, 51, 54, 63, 85],
could be achieved with MR dampers with only minimal power consumption.

The MR damper is considered to be a continuously controlled semi-active damper,
since it offers variable damping force with minimal power requirement, unlike a fully
active suspension which could add or remove energy depending upon the demand with
the help of an elaborate power supply. The semi-active controlled MR fluid dampers offer
rapid variations in damping properties in a reliable fail-safe manner, since they continue
to provide adequate damping in a passive manner in the event of control hardware

malfunction [103]. Although a vast number of semi-active variable damping concepts
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based upon hydraulic flows modulation and electro-rheological (ER) fluids have been
developed, definite advantages of the MR-fluid dampers have been clearly established,
such as significantly higher yield stress and wider operating temperature [73-76, 102,
103].

Owing to the rheology of the MR fluid in terms of its shear stress-strain rate behavior,
the damper exhibits highly non-linear variations in damping force, attributed to the
hysteresis and force-limiting properties of the fluid as functions of intensity of applied
magnetic field, and displacement and velocity of the piston. The development of an
effective controller for realizing desirable variations in damping requires accurate
characterization of hysteretic force-velocity (f~v) characteristics of the MR damper in the
pre-yield condition and force saturation in the post-yield condition. In view of its highly
non-linear properties, considerable attempts are being made to study their dynamic
behavior for model synthesis and for developing effective control algorithms [49, 72-74,
102].

Spencer et al. [73] proposed a damper model on the basis of the Bouc-Wen hysteresis
model. The model, however, poses inherent difficulties in predicting essential parameters
and in realizing control systems for desired tracking control performance. Bingham
plastic model has been proposed assuming rigid material behavior in the pre-yield, while
the shear flow in the post-yield is characterized by a viscous damping coefficient [76,
102]. Assuming the material to be plastic in both pre- and post-yield conditions, Stanway

et al. [72] proposed a nonlinear model, where the pre-yield force is characterized by
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considerably high viscous damping. On the basis of this model, Wereley et al. [76, 102]
proposed a nonlinear hysteretic bilinear model by fitting the force-velocity characteristics
using four parameters: pre- and post-yield viscous damping coefficients, yield force and
zero-force velocity intercept.

The above models, however, do not include the effects of continually varying
nonlinear control current. Moreover, hysteretic damping force generated by a
MR-damper not only depends upon the intensity of the magnetic field but also upon the
excitation frequency and amplitude. This dependence of the hysteretic force on the nature
of excitation has not yet been accurately characterized. In this chapter, a generalized
model is proposed to characterize the biviscous hysteretic force characteristics of a
magneto-rheological (MR) fluid damper using symmetric and asymmetric sigmoid
functions on the basis of fundamental force generation mechanism, observed qualitative
trends and measured data under wide range of control and excitation conditions.
Extensive laboratory measurements were performed to characterize the hysteretic force
properties of a MR damper under a wide range of magnitudes of control current and
excitation conditions (frequency and stroke). The global model is realized upon
formulation and integration of component functions describing pre-yield hysteresis,
saturated hysteresis loop, linear rise and current-induced rise. The validity of the
proposed model is demonstrated by comparing the simulation results with the measured
data in terms of hysteretic force-displacement (f-d) and force-velocity (~v) characteristics

under a wide range of test conditions. The proposed model could be effectively applied
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for characterizing the damper hysteresis and for development of a semi-active controller

for implementation in vehicular suspension applications.

2.2 Characterization of Damping Properties

A MR damper RD-1005-3, developed by Lord Company and schematically shown in
Figure 1.3, is considered for characterizing its damping properties in the laboratory. The
damper consists of a nitrogen-charged accumulator and two MR-fluid chambers
separated by a piston with orifices and coils. The variations in viscous and shear
properties of the fluid, caused by the applied magnetic field, cause variations in the
damping force. A dc current, limited to 2 A4, serves as the command signal as well as the
input for the coils. The considered damper could provide a total travel of about 2 inches
(about 50 mm). Laboratory tests are performed to characterize the f-v and f-d properties

of candidate MR-damper over a wide range of excitation condition.

2.2.1 Experimental Methodology

The force-velocity and force-displacement characteristics of the test MR damper are
measured in the laboratory to characterize the damper hysteresis over a range of
excitations. The damper is installed on an electro-hydraulic vibration exciter between the
exciter and a fixed inertial frame through a force transducer, as pictorially shown in
Figure 2.1. Position (LVDT) and velocity (LVT) sensors are installed on the exciter to

measure the instantaneous position and velocity of the damper piston. The damper is
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subject to harmonic displacement excitations of different constant amplitudes at selected
discrete frequencies. The force, velocity and displacement data, acquired through a data
acquisition board, were directly imported into an Excel worksheet using dynamic data
exchange to obtain an on-line display of the hysteretic f~v characteristics. A dual regulated
DC power supply was used to supply the command current to the damper. A
thermocouple was also mounted on the damper body to monitor the damper temperature.
The experimental data under each condition were acquired in the vicinity of a defined

temperature range (30+£10°C), so as to suppress the thermal effects in the characterization

task.
4
3
5
6
2
1
7

Figure 2.1: A pictorial view of the MR damper test system (1-Servo-controller; 2-Data
acquisition; 3-DC power supply; 4-Temperature monitor; 5-Force transducer;
6-MR-damper; 7-Hydraulic actuator).

The hysteretic force-velocity characteristics of the MR-fluid damper are measured

under sinusoidal displacement excitations in the 0 to 15 Hz frequency range, which is
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considered to represent the range of predominant vehicular ride motions along the
vertical axis [99]. The tests are performed with constant magnitudes of displacement,
ranging from 2.5 to 18.75 mm, and control currents to the coil in the range 0 to 1.5 4. A
total of 203 tests were performed corresponding to different combinations of frequency
(0.1,05,1.5,2.5,5.0, 7.5, 10.0, 12.5 and 15.0 Hz), stroke (2.5, 6.35, 12.5 and 18.75 mm),
and control current (0.0, 0.25, 0.5, 0.75, 1.0, 1.25 and 1.5 A). The amplitudes of
displacement excitations at higher frequencies were limited to lower values to ensure
damper operation within safe velocity limits. Table 2.1 summarizes the test matrix.

The measurements were initially performed under low amplitude excitation at a
frequency of 0.1 Hz. The measured force was considered to represent the seal friction,
assuming negligible contributions due to MR-fluid damping at extremely low velocities.
The damper was then subjected to a selected excitation condition and current using the
servo-controller and the voltage-current circuit, respectively. The force, velocity and
displacement signals were acquired in the steady-state as the body temperature
approaches 30 °C. The measured signals were displayed in the form of time-histories and
curves in f~v and f~d corresponding to each test condition. The acquired data are

subsequently analyzed to characterize important properties of the MR-fluid damper.
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Table 2.1: Test matrix.

Amplitude (4,) | Current (i) Frequency /, (Hz)
01 05 15 25 50 75 10 125 15
0 X X X X X X X X X
025A X X X X X X X P X
0.50A x X X x X X X x X
2.5 mm 0.75A X X X X X X X X X
1.00 A X X X X X X X X x
1.25A X x x X X x X X X
1.50A X X X X X X X X X
0 b X X X X X X X X
025A X X X X X X X X X
0.50A X X X X X X X X X
6.35 mm 0.75 A X X X X x x x X x
1.00 A x X X X X X X X X
125A X X X X X X X X X
1.50A X X X X X X X X X
0 X X X bl X X
025A | x x x X X X
0.50A | x x x X X X
12.5 mm 0.75A x x X x X X
1.00A | x x x X X X
125A X X X X X X
1.50 A X x x X  x X
0 X X e X X
0.25A X X X X X%
050A | x x X x X
18.75 mm 0.75A X  x x X %
1.00A | x x X x X
125A | x x X X X
1.50A X X X X X

2.2.2 Force-velocity and Force-displacement Characteristics
As an example, Figures 2.2 and 2.3 illustrate the measured force, velocity and

displacement time-histories together with force-displacement (f~d) and force-velocity (~v)
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characteristics as a function of the control current (i) under 4,= 6.25 mm and f,=2.5 Hz,
where 4,, f, are respectively defined as the amplitude and frequency of the harmonic
excitation. It should be noted that the force-displacement loops in Figure 2.3 (a) follow a
clockwise path with increasing time, while the force-velocity loops in Figure 2.3 (b)
follow the counterclockwise path with increasing time. The results shown in Figure 2.3
clearly show strong dependence of damper hysteresis in the pre-yield condition on the
applied current. The f~v characteristics further show the post-yield force-limiting behavior
that also relies strongly on the applied current. Such nonlinear damper properties are

further dependent upon the excitation frequency and amplitude, as evident from Figure

2.4.

= = = . Displacement
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Figure 2.2: Time-history of response and excitation under a harmonic excitation (4, =
6.25 mm; £, = 2.5 Hz; and i = 0.50 A).
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Figure 2.3: Measured damper responses as functions of applied current under a harmonic
excitation (4,= 6.25 mm; and f, = 2.5 Hz).

2.4 2.4
1.6 1.6 P ]
0.8 0.8 ]

3 =

] ]

82 0 1 e O

- 3

Q

w &

0.8 -0.8 E
—_15Hz
16 1.6 . —-.25Hz
1.50 A — 7.5Hz
--= 1. .I.‘.,¢" ...... .
2.4 2.4 125z
0.4 0.2 0 0.2 0.4 04 02 0 02 04 06
Velocity (m/s) Velocity (m/s)
(@) (b)

Figure 2.4: Force-velocity characteristics as functions of: (a) applied current, 4,=6.35 mm,
f+=7.5 Hz; and (b) frequency, 4,=6.35 mm, i=0.75 A.

Considering that the performance characteristics of suspension dampers are mainly

evaluated in terms of f~v properties; further data analysis and model synthesis is limited to
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this data alone. The data acquired under extremely low frequency f,=0.1 Hz and 4, =
2.5 mm, was used to evaluate the contribution due to seal friction alone. The results
revealed negligible seal friction in relation to the fluid hysteresis.

The essential dynamic behavior of the MR damper required for model synthesis can
be deduced from the f-d and f-v characteristics, shown in Figures 2.2 to 2.4, and

summarized below:

o Incremental Feature: The f-v characteristics of MR dampers can be generally
represented as symmetric bi-nonlinear curves with significant hysteresis at lower
velocities (pre-yield), followed by linearly increasing force at higher velocities
(post-yield). A force-limiting behavior is also evident during transition between
low and high velocity responses. This behavior is also evident in the f-v
characteristics of typical hydraulic dampers with low-speed bleed flows and high
speed blow-off valves [105]. The damping force may thus be characterized as an
incremental function of velocity in the pre- and post-yield conditions.

e Passive Behavior. The MR damper exhibits almost viscous property when zero
control current is applied (passive property), as evident from the near elliptical f-d
curve and nearly linear f~v curve with relatively small hysteresis (Figure 2.3 (b)
and (c)).

o Controllability: The damping force increases considerably with magnitude of
control current. The measured yield force (force developed at the onset of
post-yield saturation) corresponding to either dv/dt <0 (upper f~v curve) or
dv/dt >0 (lower f-v curve) can be observed with increasing control currents.
The rate of increase in force magnitude is approximately linear under lower
current levels (< 0.5 4), which tends to gradually decrease under higher values of
applied current (0.5 ~1.254). A further increase in current (> 1.25 4) yields
saturation of the damping force.

e Hysteretic Phenomenon: The damper hysteresis progresses along
counterclockwise path with increasing time (Figure 2.3 (c)). The upper curve in
the f-v characteristics reflects force variation with decreasing velocities
(dv/dt < 0), while the lower curve corresponds to force with increasing velocities
(dv/dt >0). The mean slope of hysteretic loop, referred to as the viscous
damping coefficient, is dependent upon both the control current and excitation
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conditions (frequency and stroke).

o Viscous Character: Given a control current, the MR damper would yield nearly
identical f~v curves under same excitation velocity that may be realized from
different combinations of frequency and stroke. The damping force can therefore
be expressed as a function of piston velocity and control current, with appropriate
consideration of the force-limiting behavior.

2.3 Synthesis of a Generalized Sigmoid Model

A number of models have been proposed to characterize the hysteretic damping
properties of MR-damper on the basis of various require functions. These models
generally do not create the current dependence, which is clearly evident from the
experimental results. The selected reported models are critically reviewed in Chapter 3.
General overall structure and modifications of model are proposed to enhance their
applicability for MR-damper. The f~v characteristics of the MR damper reveal
pronounced nonlinear hysteresis and force-limiting properties. Hysteresis is a widely
known phenomenon commonly encountered in a broad spectrum of physical systems.
Structures invariably exhibit hysteresis, especially when the response becomes inelastic
[22, 104]). The model synthesis of such systems thus poses a challenging task. In this
study, the equivalent characteristic method is applied on the basis of experimental data to
achieve a model synthesis in the form of a nonlinear algebraic function to fully
characterize the hysteretic characteristics of the MR damper. The model also builds upon
the observed features to enhance an understanding of the underlying damping mechanism,

and relationships between the hysteresis and nature of excitation (frequency and stroke).
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2.3.1 Generalized Characteristic Parameters

The typical f~v characteristics of a MR damper, corresponding to specific magnitudes
of velocity and control current, can be represented by a general hysteresis loop shown in
Figure 2.5. The mean damping characteristics, frequently used to evaluate the overall
system response [99, 105], can also be easily derived from the loop as shown by the bold
curve. The model synthesis can be obtained from the generalized hysteresis loop with
appropriate considerations of the features observed from the experimental data. The
essential parameters required to formulate the model are described below. Owing to the

symmetry, the parameters are described for compression alone (v > 0.).

Vh Vit Vm v

Figure 2.5: Generalized hysteretic /~v characteristics.

e  Maximum Velocity (v, m/s): Maximum velocity of the damper piston determined
from the excitation frequency and stroke.

44



Maximum Force (fn, N): Maximum force developed by the MR damper
corresponding to specified v,, and control current i.

Zero-Force Velocity Intercept (vi, m/s): Piston velocity corresponding to zero
damping force under given i and excitation condition.

Zero-Velocity Force Intercept (fp, N). Damping force corresponding to zero
velocity under given / and excitation condition.

Transition Velocity (v, m/s): Piston velocity corresponding to onset of
force-limiting property (post-yield condition) leading to linearly increasing force
and saturation, as derived from the mean curve. The transition velocity is
obtained from the intersection point (f;, v;) of the tangent curves drawn to the
mean f-v curve near v = ( and to the mean curve in the post-yield (slope = ), as
shown in Figure 2.5.

Transition Force (f;, N): Mean damping force corresponding to v;.

Low Velocity Slope (f;, Ns/m): Slope of the mean f~v curve at v = 0, representing
low speed viscous damping coefficient.

High Velocity Slope (S, Ns/m): Slope of the mean f~v curve at v;, representing
high-speed viscous damping coefficient.

2.3.2 Synthesis of the Characteristic Curves

The family of f~v hysteresis curves for the MR damper (Figure 2.4) is described by

three distinct properties: saturated hysteresis loop, linear rise and current-induced rise.

The various curves attained at increasing control currents may be considered as an

amplification of the passive characteristics (i = 0). A saturated hysteresis loop in the

absence of linear rise, f, (v +v,), can be formulated by the symmetric sigmoid function

with bi-deflexion in the lateral axis:

—a(v+v,)

1-
fs(V+V;.)=f,l+e_—a(mh) @.1)
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where v is the instantaneous relative velocity of the damper piston and a is a constant

used to adjust the slope of the hysteresis curve.

The linear rise segment of the curves which relates to the force-limiting property in
the post-yield condition can be expressed by the linear function,c,(v), which is often
referred to as high velocity damping coefficient:

c,(v)=1+k,\ (2.2)
where k, is a constant describing the influence of excitation condition on the linear rise.

Equations (2.1) and (2.2) allow the formulation of a general hysteresis loop as shown

in Figure 2.6.
1 - e—a(v+v,,)
f(v+v,,)=f,m(1+kv|v) (2.3)
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Figure 2.6: Measured transition force f, asa functionofiand v, .
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2.3.3 Influence of Control Current

If the current-induced rise is considered as a shift of the f~v curve, the role of control
current in the model synthesis can be modeled as a gain c¢,;(/) limiting the force to f;.
The gain function, c,(i), is derived with systematic considerations of the relationships
between f,,v,,a and k, comresponding to given eXcitation condition and control
current. This requires the derivation of rather complex relationships among the various

characteristic parameters ( f,,v,,a ,k,) and excitation conditions, as described below.

A. Transition force f,

Thc;Z experimental data suggest strong dependence of f, on both the applied
constant current i, and on the excitation condition (v, ). The transition force may thus
be expressed as:

fi = foco S 2.4)
where f; denotes the constant’base value of f, taken as the seal friction force, while
coefficients c,and f, describe the influence of v, and i on f,, respectively. This is
evident from the variation of measured transition force as a function of v, and i, as
shown in Figure 2.6. The results also show the nonlinear incremental behavior that can
be characterized by an asymmetric sigmoid function with a certain bias in the lateral axis.
Consequently, the control current gain f; is expressed as:

i

. k k
fi@)=1+ ] +e“‘2z("+10) -

2.5)

—axly

1+e
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where k, and a, are positive constants, and [, is an arbitrary constant. Equation (2.5)
yields a unit value of f, for a passive damper (i = 0).

The evolution of f, in relation to v, with varying control current i can also be
observed from the measured data plotted in Figure 2.6 (b). The data suggests that f,
can be expressed by an exponential function ofv,, . The coefficient ¢, is thus formulated
as:

c,(v,)=1+e"" (2.6)
where a, is a positive constant used to adjust the rising rate of the exponent v, . It
should be noted that the maximum velocity v, is not a directly measurable quantity. It
is however essential to derive a relationship between the hysteretic characteristics andv,, ,
which would enhance the synthesis for implementation over a broad range of operating
conditions. The measured data (Figures 2.3 and 2.4) clearly show that the damper
response is strongly dependent upon excitation frequency27zf and stroke 4,. Although
these excitation conditions can be equivalently expressed by the maximum velocity for
harmonic motion, v,, = 27f,4,, v, can not be directly measured in real time, specifically
under random excitations. Alternatively, the magnitude of v, can be derived from the
instantaneous position x and acceleration ¥ :

v, =27, 4, =) —ix @.7)
where x= v and ¥=dv/dt are the instantaneous piston velocity and acceleration,

respectively.
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Upon substituting for f, and ¢, from Equations (2.5) and (2.6) into (2.4), the

transition force f, may be expressed as:

k k
= fo(+e” )1+ 2
Ji=1 X 1+ @) 14e

(2.8)

—ayly

B. Linear rise coefficient k,
The rate of linear rise at high velocities £, can be estimated from the mean f-v

curve, as shown in Figure 2.5:

_fu~f,

V, —V,

B 29)

where the parameters f, , f,,v,, and v, are characteristic parameters, deduced from the

measured data corresponding to different values of current i. Equation (2.9) is solved to

calculate the slope of the high velocity region as a function of v, and i. Figure 2.7
further shows the dependence of B, on v, and i, as derived from the measured data.
The results show exponential decay in £, with increasing v, under a constant control
current i , and a gradual increase with i under a specified v,, . The identical trends are

also evident from the computed results presented in the Table 2.2.
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Figure 2.7: Variations in high velocity slope £, with i and v,,.
Table 2.2: High Velocity Slope S, as functionof v, and i.
v, (m/9 0.008 0.06 0.2 0.3 0.4 0.5 0.6

i(A) High Velocity Slope 3, (Ns/m)
0.00 333 300 200 274 274 445 417
0.25 4000 733 384 367 414 450 360
0.50 8000 900 657 573 580 497 467
0.75 8333 1500 670 700 700 617 637
1.00 11667 1500 744 667 580 717 490
1.25 11333 1767 744 667 680 767 460
1.50 10000 1667 744 668 772 767 667

The effect of i on S, can be further obtained from the analysis of the general

formulation of the hysteresis model, described in Equation (2.3). Owing to the saturation

property of the sigmoid function, the rate of change of force with respect to velocity
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corresponding to higher velocities yields following relationship between £, and the
linear rise coefficient k,.

By =1k, = foc. fik, (2.10)

The above relation reveals that [, depends on both the excitation condition v, ,
and on the control current i . The measured data presented in Figure 2.7 further suggests
that the excitation condition has a relatively small effect at higher velocities. Considering
that the coefficient ¢, increases exponentially with v, , the linear rise coefficient %,
can be expressed as:

k, = ke (2.11)

where k, and a, are positive constants.

C. Hysteresis slope coefficient «

The low velocity slope S, of the hysteretic loop, shown in Figure 2.5, can be
derived from the characteristic parameters f, and v,, as 8, =f,/v,. Table 2.3
summarizes the slope values for different values of v, and i. Figure 2.8 further
illustrates the variationsin f, with v, and i, as derived from the measured data under

selected excitation conditions. The results show trends identical to those observed for

high velocity slope in Figure 2.7, namely the rapidly decaying B, with increasing v, .
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Figure 2.8: Variations in low velocity slope S, with i and v,,.
Table 2.3: Low Velocity Slope g, as functionof v, and i.
V,, (m/s) 0.008 0.06 0.2 0.3 0.4 0.5 0.6
i(A) Low Velocity Slope ,3, (Ns/m)
0.00 7692 3000 1429 550 485 372 216
0.25 36250 8720 2270 2010 1500 1240 1000
0.50 47429 10200 4760 3750 2280 1867 1530
0.75 68205 14837 6230 4033 2860 2463 1904
1.00 74286 14810 6710 4453 2990 2442 2232
1.25 80909 14570 6464 4485 3590 2518 2236
1.50 81333 14500 6110 7222 3822 2600 2340

The low speed slope could also be calculated from Equation (2.3), by taking the rate

of change of force with respect to velocity corresponding to v = 0, such that:

1 1
B —509’: _E%Cef;'
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Considering that the coefficient ¢, increases exponentially with v, , the hysteresis

slope coefficient a can be expressed as:

%
1+kyv,

(2.13)

where a,and k,are positive constants of the decreasing function «.

D. Zero-force velocity intercept v,

Zero force velocity intercept v,, shown in Figure 2.5, strongly affects the shape of
the hysteresis curve, specifically the width of the hysteretic loop. The variations in v,
with v, for different values of iand variations in v,with i for different values v,,
deduced from the measured data further presented in Figure 2.9. The results show a
strong dependence of v, not only on the excitation condition v, , but also on the
control current i. The dependence of v, on i for given values of v, can be
formulated by an asymmetric function similar to that defined for ¢, (/) in Equation (2.5).
The dependence of v, on v, for given values of i can be described by a linear
function in v,,. Furthermore, the sign of v, can be determined from sign(dv/dt). For
dv/dt= 0., the velocity v approaches its maximum value v, and the two enveloping
curves converge. The zero-force velocity intercept can thus be expressed as a function of

v, and i in the following manner:

m

k3 k3
e i) 14

v, =sign(X)k,v, (1+ " (2.14)

—-a3l;
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where a,,k; ,k, and I, are positive constants.
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Figure 2.9: Variations in zero-force velocity intercept v, with i and v, .

E. Nature of excitation vy,

The nature of excitation refers to the peak velocity vy, which is not a directly
measurable quantity. It is, however, essential to derive a relationship between the
hysteretic force characteristics and v,, which would enhance the synthesis for
implementation over a broad range of operating conditions. The measured data shown in
Figures 2.3 and 2.4, illustrates that the damper response is strongly dependent upon the
excitation frequency f; and stroke A4,. Although these excitation conditions can be
equivalently expressed by the maximum velocity for harmonic motion, v, =27f, 4, , vn
can not be directly measured in real time, specifically under random excitations.

Alternatively, the magnitude of v,, can be estimated from the instantaneous displacement x,
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velocity x and acceleration ¥ of the damper piston, such that:
v, = ,/(x)2 - ¥x

where x=v is the instantaneous velocity of the damper piston.

(2.15)

2.3.4 Synthesis of the Overall Model
The overall model synthesis can be established from the generalized hysteresis loop
model, Equation (2.3), by integrating above formulations which describe the nonlinear

dependence of force on control current:

—a(v+vy)

e
e—a(v+v,,)

fo= £ A+k,
1+

1%

) (2.16)

where the current and excitation dependent functions which were formulated in the above

section are summarized below:

. aw,, k k
£,G)= fi(l+e™ )1+ - e_jzwo) - eiaz,o
o ks ky
v, =sign(¥)kv, (1+ Y - = (2.17)
%ok =ke . v, =3 -

1+kyv,, ’

The overall model requires identification of a total of 13 parameters ( f,, 1,, I,, a,,
a,, a,, a;, a,, ky, k,, k,, ky and k,)from the measured data. It should be noted that
the above hysteretic model can be easily simplified to the mean f~v model by letting £,
= 0. (i.e. v,= 0), and the number of parameters to be identified can be reduced form 13
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to 10.
The measured data acquired under a wide range of excitation conditions and control
current has been thoroughly analyzed to identify the model parameters for the particular

damper consider and are summarized in Table 2.4.

Table 2.4: Model parameters identified from the measured data.

Parameter Value Parameter Value
ap 990 ko 112.5
a;, (mvs)”! 1.75 k; 5.55
a, A’ 2.85 k; 19.4
as, A’ 1.55 ks 2.90
a,, (m/s)” 4.60 ke 0.095
I, A 0.05 fo N 45.6
I, A -0.08

2.4 Model Validation

The proposed model synthesis, Equation (2.16), has been analyzed under a wide
range of excitation conditions (stroke and frequency) and control current. The simulation
results are compared with the measured data to evaluate the effectiveness of the model.
The comparisons show reasonably good agreements between the simulation results and
the test data, over the entire range of test conditions considered, with the exception of
those attained under low levels of command current.

Figures 2.10 and 2.11 show comparisons of simulation results in terms of

force-velocity characteristics with the measured data under a number of the test
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conditions, as examples, to demonstrate the validity of the proposed model. The results
also show the force-displacement response under 6.35 mm excitation at 7.5 Hz. The
comparison of the f~d curves, attained from simulation and measured data under different

values of control current, show similar degree of agreement.
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Figure 2.10: Comparison of simulation results with the measured data under different
operating conditions: (a) 4,=2.54 mm, f,=0.5 Hz; (b) 4,=6.35 mm, f,=12.5 Hz; (¢)
A~=6.35 mm, £,=15.0 HZ ( wweeeres .. Measured; ——— Simulation).
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Figure 2.11: Comparison of simulation results with the measured data under different
operating frequencies: (a) 4,=6.35 mm, f,=1.5 Hz; (b) 4,=12.5 mm, £,=5.0 Hz; (c)
A,~6.35 mm, f,=7.5 Hz; (d) 4,6.35 mm, £, =7.5 Hz (eesesereenr Measured;

Simulation).

Figure 2.12 illustrates comparisons of simulations results with the measured data

under different excitation frequencies and velocities, corresponding to i = 0.75 4. The
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results show similar degree of agreement under the entire ranges of frequency and peak

velocity considered in the study.
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Figure 2.12: Comparison of simulation and experimental results: (a) 4,= 6.35 mm, i =
0.75 A, £,=15.0,12.5,10.0, 7.5, 5.0, 2.5, 1.5 and 0.5 Hz, from the outside loop to the
inside loop; (b) f,=2.5Hz,i=0.75 A, 4,= 18.75, 12.5, 6.35 and 2.54 mm, from the
outside loop to the inside loop.
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The effectiveness of the synthesized model is further investigated through simulation
performed with an arbitrary complex harmonic piston displacement signal composed of
three harmonics with frequencies of 0.5, 2.5 and 5.0 Hz and respective amplitudes of 6.35,
12.5 and 12.5 mm. The control current is also varied using a multi-step signal with
amplitudes of 0.0, 0.25, 1.5, 0.5 and 0.0 4, while the time duration of each step is limited
to 1 s. It should be noted that this control current also represents the coil current as stated
earlier. Equation (2.16) is solved to derive the damping force developed by the
MR-damper model under prescribed displacement excitation and control current. Figure
2.13 shows the damping force response together with the excitation and command current
signals. The results show a strong correlation between the peak damping force and the

magnitude of command current and the displacement excitation.
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Figure 2.13: Simulation results attained under an arbitrary displacement excitation and
control current: (a) time-history of displacement; (b) time-history of control current; and
(c) time-history of damping force response.

2.5 Summary

A generalized model synthesis is proposed to characterize the hysteretic
force-velocity characteristics of a controllable MR damper under a wide range of
sinusoidal excitation conditions (frequency and displacement amplitude) and magnitudes
of control current. The essential features of the model are derived on the basis of
measured force-displacement, force-velocity and seal friction properties of a MR damper
attained under a wide range of excitation conditions. The model formulation is
systematically realized on the basis of the fundamental force generation mechanism and
observed qualitative trends of the measured data. The global model synthesis is realized

by integrating the components describing the excitation and current dependent hysteretic
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linear rise in the pre-yield condition, force limiting in the post-yield condition, zero-force
velocity intercept, zero-velocity force intercept and yield force corresponding to onset of
saturation. Simulations are performed to assess the effectiveness of the proposed model
synthesis and results obtained under wide range of simulation conditions are compared
with those obtained from the measured data. The results show reasonably good
agreements between the simulation results and the measured data, irrespective of the
excitation conditions and control current. It is thus concluded that the proposed model
can effectively describe the nonlinear steady state hysteretic dynamic properties of the
controllable MR damper and can thus be effectively used to design optimal semi-active

controller for implementation in vehicle suspension.
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CHAPTER 3

DEVELOPMENT AND RELATIVE ASSESSMENTS OF CURRENT
DEPENDENT HYSTERESIS MODELS

3.1 Introduction

The magneto-rheological (MR) fluid-based dampers, with their superior damping
modulation potential, are increasingly being used in various vibration control applications.
In recent years, many experimental and analytical studies have clearly demonstrated the
enhanced potentials of MR dampers in realizing variable damping with desired response
time and minimal power requirement [18, 88, 103]. The MR dampers offer high viscous
damping corresponding to low velocities in the pre-yield condition, while the post-yield
saturation corresponding to high velocities can be characterized by a considerably lower
viscous damping coefficient [102]. These studies have shown highly nonlinear damping
properties of the MR-damper, particularly the hysteresis, force-saturation and the force
transition at the onset of the post-yield. Moreover, these are further dependent upon the
intensity of the applied magnetic field, displacement and velocity of the piston and nature
of excitation in a highly nonlinear manner [106].

In this chapter, a number of reported models are evaluated in terms of their ability to
predict hysteretic f~v properties of the MR-dampers over a range of excitations and
applied current. A model modification is proposed that can be generally applied to these
models to enhance their prediction abilities in view of the dependence on the control

current, and excitation and response. The proposed modification involves the formulation
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and integration of a nonlinear function describing the control current dependency of the
hysteretic damping force. The modified model syntheses are further evaluated to
demonstrate their improved prediction performance on the basis of the measured data

acquired for a MR damper under a wide range of current and excitation conditions.

3.2 Critical Review of Reported Models

The nonlinear variations in damping force attributed to hysteresis and force-limiting
are considered to pose complexities in controller design and force tracking. Considerable
efforts have been made to mathematically characterize the properties, particularly the
hysteresis and force-limiting nonlinearities, in order to utilize the full potential of the MR
dampers through simple controller designs [103]. A large number of analytical models
based upon different describing functions have evolved in recent years to describe the
nonlinear properties of the MR-dampefs [73-78, 102, 106]. The Bingham plastic model
was proposed assuming rigid material behavior in the pre-yield, while the shear flow in
the post-yield is characterized by a viscous damping coefficient [68]. Assuming the
material to be plastic in both pre- and post-yield conditions, Stanway et al. [72] proposed
a nonlinear model, where the pre-yield force is characterized by a considerably high
viscous damping coefficient. On the basis of this model, Wereley et al. [102] proposed a
nonlinear hysteretic bilinear model by fitting the force-velocity characteristics using four
characteristic parameters: pre- and post-yield viscous damping coefficients, yield force

and zero-force velocity intercept.
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Dyke [88] proposed a damper model on the basis of the widely used Bouc-Wen
hysteresis model. The model, however, poses inherent difficulties in predicting essential
parameters and in realizing control systems for desired tracking performance. Based on
this model, Spencer et al. [73] further derived an extended Bouc-Wen hysteresis dynamic
model, which considered the effect of applied current as a linear function. Choi et al. [77]
proposed a model on the basis of two polynomial functions to characterize the hysteresis
nonlinearities of a MR damper. The model, however, could not ensure the convergence
of the two curves at the extremities. While the reported models, nonlinear hysteretic
biviscous model [102], Bouc-Wen hysteresis model [73], polynomial describing function
model [77], characterize the damping force hysteresis reasonably well, the dependence of
the hysteresis and force-saturation on the continually varying control current is not
considered. Moreover, the hysteretic damping force generated by a MR-damper depends
not only upon the intensity of the magnetic field but also upon the excitation frequency
and amplitude of the damper motion. This dependence of the hysteretic force on the
nature of excitation has not yet been accurately characterized. A generalized sigmoid
hysteresis model was proposed to synthesis the nonlinear damping properties as a
function of the current, as described in the previous chapter.

The force-velocity (f~v) characteristics of MR-dampers exhibit strong dependence on
two primary factors: (i) control current; and (i) the magnitude and frequéncy of
excitation and response [78, 106]. The vast majority of the reported models, however,

lack consideration of damping force dependence on both the factors. A model that can
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accurately predict the nonlinear force-velocity property of the MR damper would be
desirable to enhance design and implementation of real-time damping control and
tracking performance. Therefore, a generalized formulation as well as integration of a
nonlinear function describing the control current dependency of damping force, are
proposed in the following sections. The prediction errors between the modified reported
models and the measured data over a wide range of the excitation condition and applied

current are further assessed.

3.3 MR-Damper Properties and Modeling Considerations

MR-fluids discovered by Rabinow [57] exhibit rapid, reversible and tunable
transition from a free-flowing state to a semi-solid state upon the application of external
magnetic field. As described in the previous chapter, a MR-damper is thoroughly
characterized in the laboratory. Figure 3.1, as an example, illustrates the measured
force-velocity characteristics of fhe MR damper under selected excitation conditions. The
results show highly nonlinear force-velocity properties, which are further dependent upon
the magnitudes of excitation and applied current. The measured f~v characteristics can be
generally depicted as symmetric bi-nonlinear with significant hysteresis and nearly linear
rise at lower velocities (pre-yield). This is followed by a transition to slightly increasing
force at higher velocities (post-yield), while increase in the force could be considered
nearly linear with the velocity. A force-limiting behavior is also evident in the high

velocity response in the post-yield condition.
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Figure 3.1: Measured f~v characteristics of a MR-damper illustrating variations with: (a)
applied current, 4,=6.35 mm, f,= 1.5 Hz; (b) excitation frequency, 4, = 6.35 mm, i=
0.75 A; (c) excitation amplitude, f,= 2.5 Hz, i= 0.75 A.

Some of the characteristic properties of the MR-fluid damper, considered essential

for modeling considerations, identified from the data are summarized below:

o The passive property of the damper, in the absence of the current, could be
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characterized by nearly linear viscous damping.

. The damping force increases nearly linearly with velocity at low velocities, in a
symmetric bilinear manner with significant hysteresis. The force and the
hysteresis increase considerably with the magnitude of control current. An
increase in current causes nearly parallel shift in the measured yield force, and
approaches saturation when current exceeds 0.75 A.

° The damper hysteresis progresses along the counterclockwise path in time, and
varies monotonically with the velocity. The upper and lower curves in the f-v
characteristics reflect force variations under decreasing ( dv/dt <0 ) and
increasing velocities (dv/dt > 0), respectively.

. A force-limiting behavior is also evident at high velocities in the post-yield, where
the rate of change of force is relatively small but dependent upon the current.

The variations in the damping force not only depend on the control current, but also
on the nature of excitation (frequency and stroke). The hysteretic force-velocity
characteristics of a MR-damper may thus be expressed by a function in current,
displacement, velocity and acceleration:

fi=fl,x,x,%) 3.1)
where f,is the damping force, iis the applied current, xis the piston displacement and
x=v

The above function may be synthesized to characterize the input-output force versus
velocity relationship involving hysteresis and force-limiting nonlinearities. The following
considerations are proposed for formulation and evaluations of the hysteresis damping

force model for a MR-damper.

Basic feature: The model should fully describe the f~v characteristics with yield and post
yield property of the MR-damper, i.e. a higher damping coefficient and nearly linear rise
at lower velocities (pre-yield), and a considerably lower damping coefficient but nearly
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linear increase in damping force at higher velocities (post-yield), irrespective of the
applied current.

Operational feature: The model should adequately capture the evolution of hysteresis
loop under a wide range of excitations, and the current dependence with incremental
nonlinearity and current-induced damping force saturation.

Flexibility feature: The model should be sufficiently flexible such that it may be easily
adapted to characterize the mean f-v characteristics for applications involving preliminary
design and analyses. Moreover, the model flexibility should permit the characterization
of asymmetric f-v characteristics for applications in vehicle suspension [106].

3.4 Current Dependent Hysteresis -—- A Generalized Model Structure

The force-velocity (f~v) characteristics of a MR-damper, measured under a wide
range of excitations and currents, clearly suggest nonlinear hysteretic behavior in the pre-
and post-yield, post yield saturation, and strong dependence upon the excitation/response
and the current. The variations in the current exhibit strong effect on the peak force,
post-yield saturation and the magnitude of the hysteretic force. The effect of current on
the width of the hysteresis loop, however, is relatively small. The damping force
developed by a MR-damper could thus be expressed in a general form involving two
independent functions in current control and the hysteretic force:

Ja = [i@F, (x,x,%) (3.2)
where f; represents the current function and F}, is the hysteresis function describing the
force variations with the piston displacement (x), velocity (x)and acceleration (X).

The function f; is a monotonous nonlinear incremental function with increasing i and

could be considered as a gain function. The function must also exhibits post-yield

limiting behavior of the damping force attributed to the rheological properties of the fluid.
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The nonlinear incremental behavior of the current can be characterized by an asymmetric
sigmoid function with a bias in the lateral axis [106], such that:

k k
()=1+ 22
'f'() 1+e—a2(1+lo) l+e

i>0 (3.3)

-aylp

where k; and a; are positive constants, and J, is an arbitrary constant representing the bias,
to be identified from the measured data.

The function F} is formulated to describe the linear rise and force limiting behavior
that are evident from the hysteretic /~v characteristics with yield and post yield properties
of the MR-fluid. The function also characterizes the higher damping coefficient at lower
velocities in the pre-yield and considerably lower damping coefficient at higher velocities
in the post-yield condition [77]. The reported models of hysteretic systems have
employed different techniques in formulating the function Fj,, namely, the nonlinear
hysteretic biviscous model, polynomial function model, extended Bouc-Wen model and

generalized sigmoid model [73, 77, 78, 102].

3.5 Generalized Model Structure Implementation

The generalized model structure of MR-damper, expressed in Equation (3.2),
involves two independent functions in current control f; and the hysteretic force Fj. The
current control function f; is formulated in Equation (3.3) to describe the current
nonlinear effects on the damping force, while the hysteretic force F}, is been expressed in

the following sections by citing the four reported modeling techniques, that is, piecewise
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function, polynomial function, Bouc-Wen hysteretic function and sigmoid function.

3.5.1 Nonlinear Hysteretic Biviscous Model [102]

A nonlinear biviscous model has been proposed to characterize the limiting and
hysteresis nature of the damping force, as a function of the piston velocity. The model
proposed by Werely et al. [102] utilizes a set of piecewise linear functions to construct
the hysteresis loop on the basis of two different linear damping rates (c,- and cpo)
corresponding to pre- and post-yield behaviour of the MR fluid. The hysteresis loop
described by the nonlinear biviscous model is illustrated in Figure 3.2 while the

hysteresis force function is given by:

(¢, %~ f, X<-X%, %¥>0
cp(X=v,) —X,$x<x%, >0
Fh=<cpoJ.'c+fy %, S £>0 54)
CoX+ f, X, <x X<0
¢, (X+v,) —X, <x<x, ¥<0
Cpot = 1, X<-x, %<0

where f; is a constant derived upon projection of the post-yield curve at x=0., as
shown in Figure 3.2, and v, is the width of the hysteresis loop. x;;and x;; represent
the velocities at the transition between pre- and post-yield curves corresponding to
X¥<0. and X > 0., respectively, such that:

. fomev . S, e,
Xp1 = A Xp2 = R 3.5)

Cor —Cpo
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Figure 3.2: Nonlinear Hysteretic Biviscous Model [102].

The study showed that the nonlinear f~v characteristics could be adequately predicted
using the piece-wise linear describing function Fj. The function however does not
account for the dependency upon the current. Moreover, the model does not adequately
account for variations in the excitation/response conditions, since the identified damping
rates are applicable in the vicinity of a specific excitation and response. The model
parameters thus need to be updated in time as the excitation conditions vary, which may
limit the real-time tracking ability of the control algorithm.

The inherent limitations of the proposed model can be circumvented by integrating
the current function in Equation (3.3) in conjunction with Equation (3.4). The measured
data under a constant current suggests that the low velocity damping coefficient decreases

with increasing frequency and magnitude of piston displacement, as observed in Figure
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3.1 (b) and (c). The post-yield damping coefficient also decreases, although only slightly,
with increasing excitation frequency and magnitude, and thus the velocity, but increases
with the current [73]. The prediction ability of the model could be enhanced over a wide
range of excitation conditions by introducing the peak velocity response v,,, in the model
described in Equation (3.4). This model permits the definitions of damping rates, and

hysteresis loop width as function of the velocity response, such that:

£, =foo+e®™); v, =k,v,;

(3.6)

Cpr =y L+ kyyv,); c,0 =k,e"™;
where f3 is a constant taken as the seal friction force measured under a very low speed.
The model parameters a,,,a,,,a,,,k,,,k, and k,, are constants to be identified from
the measured data.

The peak velocity v, in the above formulations could be estimated from the
instantaneous response measures. For a sinusoidal excitation, the peak velocity is
estimated from:

v = (%) - ¥x (3.7

The above formulation is limited for harmonic excitations. Its general applications
would necessitate measurements of instantaneous acceleration, velocity and displacement.
The associated signal noise and the phase differences may also affect the accuracy of
peak velocity estimation.

The vehicle suspension design invariably considers the mean f~v characteristics

assuming small contributions due to damping hysteresis, particular in the open-loop mode
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[99, 107]. The above model can be simplified to describe the mean force-velocity

characteristic by letting &,, =0.

3.5.2 Polynomial Function Model [77]
Choi, et al. [77] proposed a model comprising two polynomial functions to describe
the f~v relationship corresponding to X¥>0 and X <0, assuming linear dependency

upon the control current. The model describes the damping force as:
F, =) ax(®)*; n=6 (3.8)
k=0

where F, describes the hysteretic force. The coefficients a; are defined as linear function
of current, such that:

a, =b,+c,i; k=0,1,..,n 3.9

The model coefficients however are considered to be applicable in the vicinity of a
pre-defined excitation, as in the case of the piece-wise linear biviscous model [102].
Furthermore, the current-induced rise in damping force may not be adequately
characterized by the linear function in Equation (3.9). The applicability of this model
could be enhanced by replacing the linear current coefficients, a, (k=0,1,2,...,n), by
constants b, (k=0,1,2,..,n), and by introducing the nonlinear current function of

Equation (3.3). The polynomial function model can thus be modified as:
Ja =f,-(i)(zbkfc(t)"); n=6 (3.10)
k=0

where the constants b; are identified from the hysteretic force-velocity curves
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correspondingto ¥ >0 and X <0, while ¢, =0.

The polynomial function model also exhibits another inherent limitation. The two
curves correspond to ¥>0 and X¥<0 are known to be non-convergent at the
extremities [77]. The deviations due to non-converging upper and lower curves could be
eliminated by considering a model that ensures convergence near X = 0. The modified

current dependent polynomial model is finally formulated as:

FOQ b 50 (1) <0
k=0
1,0 =1 £, bai®)): #(0)>0 3.11)
fi (i)(Z%(b,,k +b,)x()*); #(t)=0
L k=0

where b, and by (K= 0, 1,..., 6) are constants corresponding to upper and lower curves,
respectively. Moreover, the model can be easily reduced to characterize the mean f~v
characteristics, as:

£1©O=£,0(E 3 Gu +5)50", =6 (3.12)
k=0

3.5.3 Extended Bouc-Wen Hysteresis Model [73]

The Bouc-Wen hysteron is extremely general and has been widely used to adequately
characterize the hysteresis behavior of various systems. For the MR-fluid damper, the
Bouc-Wen hysteron has been applied in conjunction with an equivalent mechanical
model to describe its hysteresis f~v characteristics, as illustrated in Figure 3.3 (a). The

hysteresis damping force derived from the model can be expressed as:
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F,=cx()+k(x—x)+ & (3.13)
where x, is the initial displacement of the piston due to compression of the gas, k, an
¢, are the stiffness and damping coefficient, respectively, ¢ is the pressure drop due to
the MR effect (yield) stress, and z denotes a yield-force function derived from the

hysteron expression as {22]:

2= di- il - il = (3.14)
> x > x

/ Bouc-Wen /] Bouc-Wen
/| /]
/ -1 /]
—1 > fa /1
/] Co /
7 /]
7/ /
/] % s
/ 50 /
/]
/7

(a) (b)

Figure 3.3: Bouc-Wen model [88] and extended Bouc-Wen model [73].

Owing to the inherent difficulties in predicting the model parameters and in realizing
desired tracking performance, Spencer et al. [73] proposed on extended Bouc-Wen
dynamic model, which consider linear dependency on the applied current. Figure 3.3 (b)
illustrates the structure of the extended Bouc-Wen model. The proposed model has shown
improved ability for predicting the behavior of the MR damper over a broad range of
excitation and applied current. The constants &, ¢, and ¢, are defined as linear

functions of voltage applied to the current driver. The current-dependent damping force
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predicted by this model is given by:

fi=e+ex+(ky+k,)x+k,x, (3.15)
and
Ja=ax, +k,(x —x,) (3.16)

where the evolutionary variable z is formulated in Equation (3.14). In this model, x
represents the relative displacement ( x, — x, ), the accumulator stiffness is represented by
k,, and c, relates to damping coefficient observed at high velocities. A viscous
damping element c¢,, is introduced in the model to account for the nonlinear roll-off that
was observed in the experimental data at low velocities. The constant £, is related to
the stiffness under higher displacement, and x,, is the initial displacement of spring £,
associated with the accumulator. The shape of the hysteresis loops is mostly adjusted
through the parameters 7, and A. Assuming that the hysteretic damping force is
linearly related to the applied current, Spencer et al. [73, 88] proposed following linear
function in applied voltage for the extended model parameters.

ewy=¢,+&u

aqw)=c, +c,u 3.17)

co(u) = ¢y, +couut
where u is the voltage applied to the current driver of the damper, and ¢,,c,, and ¢,, are
constants coefficients. ¢,,c,, and ¢;, are constants describing the linear dependence on

the applied voltage. The primary limitations of extended Bouc-Wen model arise from

potential inaccuracies due to assumed linear current property and difficulties associated

77



with identification of a large number of parameters. The measured f-v data for the
MR-damper presented in Figure 3.1 (a) suggests nonlinear dependence of the force on the
applied current.

The extended Bouc-Wen model can be further modified by integrating the nonlinear
current function f;(i) described in Equation (3.3), instead of the linear current functions.
The Bouc-Wen damping force function, defined in Equation (3.15), would serve as the
hysteresis function F, in the generalized model of Equation (3.2) when the
parameterse,c, and ¢, are considered constants. The hysteretic damping force due to
the MR-damper can thus be defined by the proposed generalized model in conjunction

with the extended Bouc-Wen model.

3.5.4 Generalized Sigmoid Hysteretic Model

A generalized sigmoid hysteresis model has been proposed in Chapter 2 to describe
the damping force developed by a MR-damper as a function of the applied current and
the nature of excitation (frequency and magnitude) [78, 106]. The hysteresis force
function is based upon the symmetric sigmoid function shown in Figure 2.5. The model
parameters have been mostly related to the physical characteristics of the damper, such as
linear low-velocity rise, high-velocity force saturation, transition velocity at the onset of
the post-yield and the transition force. The model structure can be depicted as the general

model proposed in Equation (3.2), such that:
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_ poa(Etv)
Ji = [iOF, (x,5,%) =f,~(i)[f, %zm(uklel)] (3.18)

where the current dependent function f;(i) is described in Equation (3.3), f, is the
transition force at the onset of the post-yield, v, defines the width of the hysteresis loop,
a and k, are model parameter. The parameters f,, v,, a, k, are formulated as

function of the peak velocity v, to account for the damping force dependence on the

excitation magnitude. The hysteresis loop width is also related to the applied current on

the basis of observed measured data. These model parameters are expressed as:

f, = fol+e™™)
ks ks

v, =sign(X)k,v, (1+ T30 11 e ) (3.19)
_ ao : kv = kle—a4v,,,
1+kyv,

where f,,1,,a,,a,,a;,a,,k,.k,, k; and k, are constants.

The model requires identification of a total of 13 parameters
(fo-1y.1,,04,0,,0a,,ay,a,,ky,k, ,k, ,ky and k,) from the measured data. It should be
noted that the above hysteretic model can be easily simplified to yield the mean f~v
characteristics of the MR-damper by letting k£, = 0. (i.e. v,= 0), and the number of

parameters to be identified can be reduced from 13 to 10.

3.6 Parameters Identification
The measured data acquired under a wide range of excitation conditions and control

current has been thoroughly analyzed to identify parameters of the proposed modified
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models to describe the current-dependent damping-force properties of the MR-damper.

The model parameters are identified through minimization of the error sum function,

J=Z (f4 G2, 3,5) = fin)” (3:20)

where f; is the damping force predicted from a model corresponding to a particular
excitation and current condition, and f;, is the measured damping force under the same
conditions. The error function is formulation through summation of squared errors over a
range of excitation and current conditions described by indices j, k£ and /. The indices j, &
and / refer to n, levels of applied current, n, levels of excitation frequencies, n,
coordinates chosen within a single hysteresis loop. In this study, a total of 7 current
discrete levels (n,) are considered in the 0 to 1.5 A range, while the excitation
frequencies were chosen as 1.5, 2.5 and 5.0 Hz (n, = 3). A total of 360 coordinates (7, )
in the f~v loops are selected for each condition. The error minimization is performed
using MATLAB constrained optimization toolbox, which function is “fmincon”, using
the measured data under a wide range of conditions. The solutions are obtained for a
fixed piston displacement amplitude of 6.25 mm. The variation in the excitation
frequencies, however, permits for considerations of three different velocity magnitudes
(v,, ). Considering that the polynomial function model can predict the f~v behavior only
under a particular excitation, the frequency levels in the minimization function must be

limited to a single one (7, =1). The parameter identification for this model is performed
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for excitation frequency of 1.5Hz, while all other conditions (current and excitation
amplitude) remain the same.

The model parameters identified through solution of the minimization problem are
summarized in Tables 3.1 and 3.2. Owing to the minimization problem defined in
Equation (3.20), the identified model parameters, with the exception of the polynomial
function model, may be considered valid over a wide range of excitation and current
conditions. It should be noted that the modified nonlinear biviscous, polynomial,
Bouc-Wen and generalized sigmoid models require identification of a total of 10, 17, 12
and 13 parameters, respectively. The polynomial model involves largest number of
parameters, since it tends to describe the hysteresis loop by two independent polynomial
functions.

The results attained for the four models suggest comparable values of parameters
associated with the current function, described in Equation (3.3). These include the
constantsa, , k,, and I,. This would suggest that the current dependence of the
damping force due to a MR damper can be considered independent of the hysteresis force
function F,. The results further show that the constants f,, and f,used in the
nonlinear biviscous and the sigmoid function models converges to comparable values, in

the 43 N, which has been related to the seal friction force.
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Table 3.1: Identified parameters for hysteresis loop of all models.

Modified Models
Biviscous Polynomial Bouc-Wen Sigmoid
Parameters | Values | Parameters Values Parameters Values Parameters | Values

apg 20 ayo 0.0649 & 20342.57 ap 990.2431
ap; 0.9986 ay) 4.9674 p 232887 aj 1.9012
QApy 2.2015 au -71.2922 Y 9071.18 as 4.2882
kro 30 aus -1461.82 Co 380.61 a4 -0.2907
ks 0.346 Aue 2323245 cy 7951.32 ko 110.3267
k4 0.15 ays 190972.68 kso 300 k; 1.4116
o0 43.9828 Qayus -2319223.8 ksi 100 k3 1.1465

aqo -0.0674 n 2 kq -0.1163

aq; 5.0273 A 16.4366 fo 43.9648

aq 78.0024 I; -0.2455

ays3 -1549.09

aqy -27398.44

ads 210738.82

ads 3017864.4

Table 3.2: Identified parameters for the current dependent function in all modified

models.
Modified Models
Biviscous Polynomial Bouc-Wen Sigmoid

Parameters Values Parameters | Values | Parameters | Values | Parameters | Values

a; 3.0115 a; 3.1042 a; 29511 a; 3.1895
k; 20.7799 k; 18.53 k; 22.7928 k; 19.2361
I -0.1375 I -0.150 I -0.1252 I -0.1425

3.7 Relative Assessments of Proposed Modified Models
The relative effectiveness of the proposed modified models in predicting the

hysteretic and current-dependent damping force characteristics of a MR damper are
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assessed. The nonlinear biviscous (Equations (3.3) to (3.7)), polynomial function
(Equation (3.11)), modified extended Bouc-Wen (Equations (3.14) to (3.17)) and
generalized sigmoid (Equations (3.18) and (3.19)) models are solved using the current
function defined in Equation (3.3) together with the model parameter listed in Tables 3.1
and 3.2. The analyses are performed under harmonic excitations of different magnitude
and frequency, and different levers of applied current. The results are compared with the
measured data attained under same excitation and current condition to assess the
prediction effectiveness of the models.

Figure 3.4 illustrates comparisons of results attained from the modified hysteretic
biviscous model with the measured data under 6.35 mm displacement excitation at three
different discrete frequencies (1.5, 2.5 and 5 Hz). The results are also compared for
different levels of applied current in the 0 to 1.5A range. The comparisons show
reasonably good agreements between the model and measured results, although
considerable deviations are also evident, particularly in the post-yield. This can be mostly
attributed to sharp transition between the piecewise linear function corresponding to pre-
and post-yield. The results presented for different velocity magnitudes and currents
suggest that the modified nonlinear biviscous model can predict the MR damping
behavior reasonably well over the range of conditions considered. The proposed model
can be easily applied to derive the mean f~v properties, when hysteresis is not of concern.

This is achieved by letting k4 =0 in Equation (3.16).
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Figure 3.4: Comparisons of results from the modified piecewise linear biviscous model
with the measured data under 4, =6.25 mm at: (a) f, =1.5 Hz; (b) £, =2.5 Hz; (c) , = 5.0
Hz( «.eeeeeee Measured; ———— Simulation).

Figure 3.5 (a) illustrates comparisons of f~v responses of the modified polynomial

function model with the measured data. The results are presented for 6.35 mm amplitude
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excitation at 1.5 Hz, and applied current ranging from 0 to 1.5 A. The comparisons
clearly suggest reasonable good agreements between the model results and the measured
data for entire range of applied currents considered, while considerable deviations are
evident in the post yield, particularly near the extreme velocity. Such deviations are most
likely attributed to oscillations caused by the polynomial functions, particularly at higher
velocities. The deviations may also be partly caused by poor convergence of the curves
corresponding to X >0 and X <0 near the extreme velocity. It needs to be emphasized
that the polynomial function model proposed by Choi and Lee [77], lacked convergence
of the two curves. The results show that the modification proposed in Equation (3.11), in
the vicinity of ¥ = 0, can help improve the convergence.

As it was stated earlier, the polynomial function model can be considered valid only
in the vicinity of a particular excitation. The application of the model under a different
excitation condition would be expected to yield considerable errors. As an example,
Figure 3.5 (b) and (c) illustrate the model responses under an excitation amplitude of 6.35
mm at a frequency of 2.5 Hz, and different current. The results show extreme differences

from the trends observed from the measured date under the same conditions.
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Figure 3.5: Comparisons of results from the modified polynomial model with the
measured data under 4, = 6.25 mm at: (a) f; = 1.5 Hz; (b) £, =2.5 Hz; i = 0.25 A; (¢) f; =
2.5Hz; i=0.75A.

The results derived from the modified extended Bouc-Wen model under the same
conditions compared with the corresponding measured data in Figure 3.6. The results
show very good agreement between the model results and the measured data in the
pre-yield, irrespective of the excitation frequency and the applied current. The model,

however, yields considerable errors associated with force saturation in the post-yield. The
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linear rise in the post-yield tends to increase considerably with increase in the excitation
frequency. Such a tread is not evident from the measured force limiting behavior, which

suggests only slight variation in the damping rate in the post yield, as seen in Figure

3.1(b).
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Figure 3.6: Comparisons of results from the modified extended Bouc-Wen model with the
measured data under 4, = 6.25 mm at: (a) f, = 1.5 Hz; (b) f, = 2.5 Hz; (¢) f;, = 5.0 Hz;
( seeseese.  Measured; Simulation).
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The generalized sigmoid hysteretic model comprising the nonlinear current function
has been shown to provide good estimate of the hysteresis f~v characteristics for the wide
range of current and harmonic excitation [78, 106]. Figure 3.7 illustrates comparisons of
the model results on the basis of parameters identified for the test damper considered in
this study with the measured data. The results show very good agreements between the
two for the entire range of excitation velocity and applied current. The model results
exhibit excellent prediction ability in the pre- as well as post-yield, and force saturation,
irrespective of the excitation and current condition considered.

The reported nonlinear hysteretic biviscous, extended Bouc-Wen and polynomial
function models are further analyzed, and the results are compared with the measured
data to demonstrate their respective limitations and merits. It should be noted that the
nonlinear hysteretic biviscous and polynomial function models require parameter
identification for each excitation condition. The parameter identifications for the original
models were performed on the basis of the data acquired under 6.35 mm displacement
excitation at 1.5 Hz, while the applied current was varied in the 0-1.5 A range. The
nonlinear hysteretic biviscous model involved second-order polynomial functions in i for
¢, (1), ¢, () and f, (i), and a fourth-order function in i for v, (i), as suggested by
Wereley et al.[102]. For the polynomial function model, the model coefficients were

identified for each current.
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The results attained from the original model under selected excitation and current are

compared with the corresponding measured data in Figure 3.8. The results show that the

nonlinear bi-viscous model can predict the damping behavior reasonably well for the
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entire range, as evident in Figure 3.8 (a), except for the passive condition (i = 0. A). The
identified model could be considered valid only in the vicinity of the selected excitation,
and would yield considerable errors under different excitations. The originally proposed
polynomial function model also yields reasonably good agreements with the measured
data, as shown in Figure 3.8 (c). The results however clearly show lack of convergence of
the two functions near the extremities, ¥ ~0. The variations in the identified model
coefficients ax (k= 0, 2,..., 6) with the applied current were also examined. Figure 3.8 (d)
illustrates variations in a; and a3 for the upper curve with applied current, as an example,
which show nonlinear dependency on the current. This model also can be considered
valid only in the vicinity of the selected excitation and current conditions, and would
yield considerable errors under different conditions, as observed from Figure 3.5, unless
alternate sets of parameters are identified for different conditions.

Figure 3.8 (b) compares the results attained for the extended Bouc-Wen model with
the measured data. The results show considerable errors with respect to the current
dependency of the damping force. Such errors are significantly larger than those
evident for the modified Bouc-Wen model in Figure 3.6. The results thus suggest that the
current dependence of the hysteretic force cannot be adequately described by a linear

function in current.
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3.8 Errors Analysis

The above results suggest that the reported models can be easily modified using the
proposed current function to describe the nonlinear and hysteretic /v characteristics of
the MR dampers as a function of the applied current. The relative effectiveness of the
modified models is further evaluated in terms of the damping force error under selected
harmonic excitations of 6.25 mm amplitude at three different frequencies (1.5, 2.5 and
5.0 Hz) and four different applied currents (0, 0.5, 1.0 and 1.5 A). The computed and
measured damping forces over a single steady-state period of oscillation, are considered
to determine the prediction error, e. Owing to symmetry in the predicted force, the
responses over half the cycle corresponding to ¥ >0 (lower curve) are considered to
compute the error:

e=|f,()- £, ()| t, St<t,+T/2 and ¥(t)20 (3.21)
where ¢, and T define the initial time and the period.

Figure 3.9 illustrates the damping force error of the modified piecewise linear
biviscous model versus instantaneous velocity under selected levels of current, and
excitation frequency, while the amplitude of excitation is held at 6.35 mm. Figure 3.9 (a)
shows the error as a function of current under a constant excitation frequency of 1.5 Hz.
The results show the peak error occurs near the transition velocity of 0.02 m/s between
the pre- and post-yield conditions, irrespective of the applied current. This is attributed to
the discontinuity in the piecewise linear force function defined by the model of the

transition velocity. The magnitude of error tends to be larger at velocities within the width
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of the hysteresis loop and diminishes at higher velocities. The magnitude of error
increased with current due to higher associated peak force. Both the peak and the
transition velocities increase with excitation frequency. Figure 3.9 (b) further shows that
the peak error always occurs in the vicinity of the transition velocity, while the error
magnitude increases with excitation frequency. The results suggest that the peak relative
errors with respect to the corresponding damping force remain within 35% to 45% range
for the excitation and current conditions considered.

The prediction error of the polynomial function model shown in Figure 3.10 is
evaluated only for 1.5 Hz excitation frequency only, since the identified model
parameters cannot be considered valid under other excitation conditions. While the peak
damping force error is generally smaller that that obtained for the modified biviscous
model, considerable error magnitudes are observed over the entire velocity range. The
large errors generally occur in the vicinity of the transition velocity, and the oscillations
inherent to the higher-order polynomial functions cause large magnitude errors,

particularly when the force approaches saturation.
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Figure 3.9: The damping force prediction error of the modified piecewise linear biviscous
model as function of: (a) applied current, 4, = 6.35 mm, f, =1.5 Hz; and (b) excitation
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Figures 3.11 and 3.12 illustrate the damping force error due to modified extended
Bouc-Wen and the sigmoid function models, respectively, as function of the applied
current and excitation frequency. Both the models involve continuous and smooth
transition between the pre- and post-yield behavior; the magnitudes of errors in the
vicinity of the transition velocity are thus relatively small. Both the models show peak
prediction errors at velocities lower than the transition velocity but within the width of
the hysteresis loop, irrespective of the excitation frequency and applied current. While the
sigmoid function model yields relatively smaller peak error, it causes considerable error

near extreme velocities corresponding to force-limiting behavior of the damper.
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Figure 3.11: The damping force prediction error of the modified extended Bouc-Wen
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This error is significant under higher excitation frequency and thus the peak velocity,
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as seen in Figure 3.12 (b). The extended Bouc-Wen model, on the other hand, yields
significantly large error under higher frequency excitation, as seen in Figure 3.11 (b). It
should be noted that the range of velocity excitation and thus the width of the hysteresis
loop increase with the excitation frequency. The prediction error of the extended
Bouc-Wen model could thus be reduced by identified the model parameters on the basis
of data acquired at different discrete frequencies, although this would not be a practice
approach.

Figure 3.13 further presents comparisons of the damping force prediction error of the
four modified models under two different currents (0.5 and 1.5 A), and 6.35 mm
excitation amplitude at a frequency of 1.5 Hz. The results show that the modified
piecewise linear biviscous model yields highest error magnitude, while the generalized
sigmoid models causes least error for both currents. Although the peak error due to the
modified polynomial model is slightly smaller than that due to the extended Bouc-Wen
model, the polynomial function model causes greater errors over the entire velocity range.
With the exception of the modified biviscous model, the error peaks generally

concentrate with the width of the hysteresis loop.
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Figure 3.14 illustrates comparisons of the prediction errors of the models, with
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exception of the modified polynomial function model under two different excitation
frequencies (2.5 and 5.0 Hz) and 0.5 A applied current. The results further show that the
generalized sigmoid model yields better prediction of the hysteretic damping force for
both excitation frequencies. The relative error analyses suggest that both the extended
Bouc-Wen and sigmoid function models can characterize the hysteretic damping force of
the MR-damper reasonably well over the range of excitations. The application of the
current function to the extended Bouc-Wen model could enhance its prediction ability

over a wide range of currents.

3.9 Summary

The vast majority of the models formulated to characterize the hysteretic
force-velocity properties of MR-dampers do not incorporate the nonlinear dependences
upon the applied current, and the nature of excitation and response. A generalized model
formulation comprising the hysteretic and current functions is proposed and applied to a
number of reported models to account for variations in both the applied current and the
excitation. From the comparisons of the results obtained from resulting modified models
with the measured data, it is concluded that the quality of the models can be significantly
enhanced using the proposed current function. The use of velocity-dependent slope
functions could further enhance the prediction ability of the piecewise linear biviscous
model. The presence of non-convergent behavior of the polynomial model can also be

addressed by introducing a describing function corresponding to ¥ =0. The modified
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linear biviscous model causes large error in the vicinity of the transition velocity due to
the discontinuity, while the modified polynomial function exhibits cross-over of the upper
and lower curves. The generalized sigmoid hysteretic model yields least error in the f~v
hysteresis characteristics under varying currents and excitation conditions, while the
modified extended Bouc-Wen model provides reasonably good estimations.

The MR-damper model validations in Chapter 2 and 3 show reasonably good
agreements between the simulation results and the measured data, irrespective of the
excitation conditions and control current. It is concluded that the proposed generalized
sigmoid model as well as the independent current-dependent function can effectively
describe the nonlinear steady state hysteretic dynamic and current dependent properties
of the controllable MR damper. These models can thus be effectively used to design
semi-active controller for implementation in the vehicle suspension, particularly in the
suspension seat of off-road and heavy road vehicle. The modeling and analysis of a

passive suspension seat are studied in the following chapter.
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CHAPTER 4

MODELING AND ANALYSE OF A PASSIVE SUSPENSION SEAT

4.1 Introduction

The shock and vibration transmission performance characteristics of low natural
frequency suspension seats, widely employed in off-road and heavy road vehicles,
strongly depend upon the component properties and the nature of vertical vibration
environment of the target vehicle. A suspension seat, however, is generally designed for
particular classes of vehicles that may yield comparable magnitudes and frequencies of
vibration [108]. A suspension seat may attenuate or amplify vibration depending upon the
predominant frequencies of vehicle vibration, when the suspension movement is limited
to its free travel. Exposure to higher magnitudes of vehicle vibration or shock may cause
the suspension to impact against the elastic end-stops, and thereby transmit high intensity
vibration and shock to the occﬁpant [2, 27, 35]. The vibration environment of off-road
vehicles may comprise continuous as well as intermittent vibration of different
magnitudes arising from tire-terrain interactions. The vertical vibration environment of
heavy road vehicles operating on city roads may also vary from low level continuous
vibration to high intensity motions arising from interactions of tires with discontinuities
in the road surface, such as drain covers and pot holes [9]. The design objective for a
suspension seat should thus involve the consideration of low magnitude continuous

vibration and high intensity intermittent shock motions.
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The shock and vibration isolation performances of a suspension seat, however, pose
conflicting design requirements. A soft and lightly-damped suspension would be adequate
under low magnitudes of continuous vibration, while a relatively hard suspension with
high damping would yield satisfactory attenuation of high intensity vibration of either
continuous or intermittent nature [2]. The vibration isolation characteristics of suspension
seats are mostly evaluated through measurements in either the laboratory or in the field.
International Standard ISO-7096 [95] provides guidelines for a laboratory-based vibration
assessment of suspension seats for different types of construction vehicles. The method
involves measurement of frequency-weighted vibration transmission property of a seat
under defined vehicular vibration spectra using human subjects of particular body masses,
namely 55 and 98 kg. The standardized method thus allows for consideration of the effect
of occupant (body) mass and dynamics on the vibration isolation behavior of the seat,
while it does not address the performance under high intensity intermittent vibration.
Moreover, laboratory assessments involving human exposure to high intensity vibration
would raise many ethical concerns, apart from the high inter-subject variability.

Alternatively, a few studies have proposed linear and nonlinear analytical models of
the suspension seat that may be employed to study the suspension performance under
continuous and intermittent vibration of different intensities [2, 33, 27, 100, 108]. The
reported models mostly consider the vertical suspension seat as a two-degrees-of-freedom
(2-DOF) dynamic system with either linear or nonlinear component models. The human

occupant in majority of these models is considered as a rigid mass [33, 27, 100]. It has
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been suggested that human body absorbs considerable amount of vibration energy and
may thus influence vibration performance of a seat [1, 32]. A few studies have also
integrated multi-DOF biodynamic models of the seated body, derived from the measured
apparent mass responses, to the suspension seat model to derive analytical models of the
coupled human seat system [2, 32, 108]. A recent study has established that contributions
due to the seated occupant are very small for low natural frequency suspension seats but
quite substantial for automotive seats with relatively higher natural frequency [97]. This
is further supported by the driving-point mechanical impedance response of seated
occupants exposed to vertical vibration, which resembles that of a rigid mass at
frequencies up to 2 Hz [101]. The shock and vibration isolation analyses of low natural
frequency suspension seats may thus be effectively carried out using an equivalent mass
representation of the seated occupant.

The applicability of many of the reported component models, may be limited to only
low magnitudes of excitations. A recent study has proposed nonlinear component models
to study the vibration isolation performance of suspension seats under high magnitudes of
vibration [100]. The majority of these employ linear visco-elastic cushion and spring
models [2, 27, 32]. A seat cushion exhibits linear properties under low magnitudes of
deformation but highly nonlinear force-deflection characteristics under higher deflections
[109, 110], which under extreme conditions may cause intermittent loss of body-seat
contact [108]. A few studies have proposed regression functions to characterize the

cushion behavior as functions of the excitation frequency, magnitude of relative
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deformation and the preload [100, 108, 110]. Such models require prior knowledge of
excitation frequency and magnitude of relative deflection of the cushion, and thus limit
their general applicability. The suspension system comprising either a mechanical or an
air spring and a hydraulic damper, within the guiding linkages, also exhibits highly
nonlinear force-deflection and force-velocity properties under high magnitudes of
excitation. In a recent study, the Bouc-Wen model has been applied to characterize the
hysteretic force-deflection (f~d) and force-velocity (f~v) properties of the overall
suspension system, while the contribution due to cushion is ignored [12]. This model can
not be considered to be generally applicable as the Bouc-Wen parameters are identified
for a particular body mass and suspension type. A few studies have also introduced linear
or nonlinear models of the elastic end-stops to study the frequency and severity of
end-stop impacts, and the shock isolation performance [27, 35, 111].

In this chapter, the role of suspension design parameters on the shock and vibration
performance characteristics of suspension seats are investigated through development and
analysis of a nonlinear model under different types of excitations. A polynomial based
cushion model is proposed and integrated to the suspension model. The resulting model is
validated using the laboratory-measured data, and analyzed under a wide range of
excitations including high magnitude excitations that cause impacts against the end-stops.
The influences of variations in design parameters on the shock as well as vibration
isolation performances are assessed in terms of different measures, namely the seat

effective amplitude transmissibility (SEAT), and vibration dose value (VDV) ratio. The
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results are used to identify desirable suspension damping parameters for realizing

improved shock and vibration isolation for the selected vehicles.

4.2 Model Development

Assuming a rigid mass representation of the seated human occupant, a suspension
seat can be described by a 2-degrees-of-freedom (DOF) nonlinear dynamic system model
constrained along the vertical direction, as shown in Figure 4.1 [27, 100, 109, 111]. In the
model, m, and m_ represent the driver body mass and mass due to seat suspension.
The suspension system is characterized by: (i) friction force F, due to the guiding
linkage and joints, and damper seal; (i) spring force F,; (iii) nonlinear damping force
F, due to an inclined hydraulic damper; (iv) F, due to elastic end-stops considered as a
clearance spring; and (v) a visco-elastic cushion force F,. The differential equations of
motion of the two-DOF suspension seat system can be written as:

mi,=—F +m.g
{ 4.1

mX =—F -F —F,-F,+F +mg

The suspension seat considered in this study comprises a relatively soft
poly-urethane foam (PUF) cushion supported on the suspension platform. The platform is
supported by a cross-linkage mechanism to ensure nearly vertical motion. A pneumatic
spring and a hydraulic damper are installed between the platform and the suspension base.
The rebound (top) and compression (bottom) elastic end-stops are installed to limit the

free travel to approximately 140 mm. The rebound end-stop, installed within the roller

107



guide, could be adjusted to achieve different suspension travel, while the height
adjustment is achieved by controlling the air volume and pressure within the pneumatic
spring. The natural frequency of the suspension seat was measured as 1.25 Hz [100]. The
suspension may thus be employed in a wide range of heavy highway and off-highway
vehicles. The static and dynamic characteristics of suspension components were
measured in the laboratory in terms of instantaneous force, displacement and velocity

responses under different preloads and excitation levels [100].

Body mass, m,

l Xo
Cushion
F,
Suspension mass, m,
| x.\'
Suspension Spring I
% Ff Free
F, Travel

| le

Figure 4.1: Two-DOF combined human-suspension seat model.

4.2.1 Nonlinear Cushion Model
The static force-deflection characteristics of seat cushions generally reveal
progressively hardening and hysteretic properties, as illustrated in Figure 4.2 [100, 110].

The mean force-deflection (f-d) characteristics are often used to identify the stiffness
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coefficients at different preloads. In order to characterize the dynamic properties of the
seat cushion, experiments were performed to measure the force-deflection characteristics
under sinusoidal excitations of different amplitudes at different discrete frequencies in the
0.5 to 10 Hz range. The experiments were also performed under three different preloads
(40, 55 and 66 kg) representing different body masses supported by the seat.

The dynamic force developed by the seat cushion can be characterized in three
different categories depending upon the magnitude of cushion deformation. Under
continuous motion, the dynamic force varies nonlinearly with the deflection, and is
directly related to the seated mass, such that:

kyoX,e () + Ky x, (t)z Xy (8); X, ()20

2 : . 4.2)
kox,, ) +k x,, () +c,x,,(); x,#<0

f;m(t’ xOS) =m0{

where f.(¢) is the cushion force under continuous deformation of the PUF material alone,
o is a coefficient describing the dependence on the seated mass m,, ky and k;; are the
linear and nonlinear stiffness coefficients, and x, (¢) = x,(f) — x,(¢) is the instantaneous
cushion deformation. The measured data, acquired under harmonic excitations, generally
revealed asymmetric energy dissipation properties of the PUF cushion in compression
and rebound, which are presented in Figure 4.3 (dotted line) under different excitation
frequencies. The viscous damping coefficients in compression and rebound are thus

described by constants ¢y and ¢, respectively.
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Figure 4.2: Measured static force-deflection characteristics of a typical seat cushion.

Under high magnitudes of excitation, the PUF may collapse and induce bending of
the pan, which would yield extremely high stiffness of the cushion. For the candidate seat
considered in the study, the free thickness (7;) of the cushion was measured as 79 mm.
On the basis of the measured data, it was established that the pan bending initiates, when
cushion deformation approaches 91% of its free thickness. Furthermore, a large
magnitude of the resulting force could cause loss of contact between the body and the
seat, which constitutes the third category for the cushion model. The force developed by a

seat cushion could thus be generally expressed as:

Som (85 %5) Jor 0 < x,. () <7,
F@®=<0 Jor x, (1)<0 4.3)

Som (& ML) + ke, (X, () =1T)  for x,,() > 7T,

where 7 defines the proportion of the free thickness 7;, when pan bending initiates, and

ks is the effective stiffness of the pan. The force due to PUF, f,, (¢, 7T.), is assumed to
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saturate when pan bending initiates.
The parameters of the proposed cushion model are identified from the measured data
acquired under a broad range of excitations. A minimization function of error between the

model and measured forces is formulated as:

(%)

60

3 3 3
Jzzzz (-fce(jklm) cm(jklm)) (44)

j=1 k=1 I=] m=1

where f.. and f., are the magnitudes of dynamic forces derived from the measured data
and the model, respectively, corresponding to j*, k* and *test condition involving three
different deformation magnitudes (6.35, 12.7, 19.05 mm), frequencies (1.5, 2.0, 2.5 Hz),
and preloads (431.2, 539, 646.8 N). Index m refers to the number of coordinates
considered in a single f~d hysteresis loop. Considering that the low natural frequency
suspension seat yields considerable attenuation of vibration at frequencies above 2.5 Hz,
the minimization function employs measured data corresponding to three discrete
excitation frequencies (1.5, 2.0 and 2.5 Hz). The error minimization problem is solved
using the ‘fmincon’ function available within the MATLAB optimization toolbox [84],
while subject to inequality constrains:o >0, &k, >0, ¢, >0 and c, > 0. The solution
resulted in model parameters summarized in Table 4.1.

The validity of the proposed model is examined under different preloads and
excitation conditions. As an example, Figure 4.3 (a, b, c¢) illustrates comparisons of
measured and computed dynamic cushion forces under different excitation frequencies

(1.5, 2.0 and 2.5 Hz), deformation magnitudes (6.35, 12.7 and 19.05 mm) and 40 kg
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preload. Comparisons show reasonably good agreement between the model results and
the measured data under low to medium levels of deformations (6.35 and 12.7 mm). The
model responses under high magnitude of deformation, however, deviate from the
corresponding measured data, during the rebound cycle (x, <0), irrespective of the
excitation frequency. This suggests nonlinear energy dissipation property of the PUF
cushion during rebound under high magnitude of excitation, which may be attributed to
limited rate of air intake by the PUF at higher frequencies.

Table 4.1: The model parameters.

Component Parameters
k, =20.6 N/mm ¢,p = 0.34 Ns/mm
Cushion k, =0.26 N/mm? ¢, = 0.46 Ns/mm
c=0.018 T, =79 mm
k, =80 N/mm n=0.91
C, =2 kNs/m p=0.79
Damper 7.=04 v, =0.115m/s
7. =1 F,=650N
g, =40°
k,=7.7m™ d,+d, =140
Linkage with : m ¢ i
Spring a, =0.16 a, =-0.76
a,, =4.81
k., =12.5kN/m k, =10.8 kN/m
Elastic end k., =93.8 kN/m k,, =60.0 kN/m
Stops h, =86.5mm h, =80.6 mm
d =89.4 mm d) =83.0 mm

The dependence of the measured and computed cushion forces on the preload is
illustrated in Figure 4.3 (d) under 6.35 mm peak deformation at 2 Hz. The figure shows

the magnitude of the dynamic component of the force, which is derived upon removing
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the static force from the total force. The results show comparable trends and further

validate the consideration of body mass dependence coefficient o in the model.
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Figure 4.3: Comparisons of cushion model responses with the measured data under
different excitation frequencies and preloads: (a) 1.5 Hz, 40 kg preload; (b) 2.0 Hz, 40 kg
preload; (c) 2.5Hz, 40 kg preload; (d) 40, 55, 66 kg preloads.
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4.2.2 Suspension Forces

The suspension force is characterized by three components due to damper, spring and
end-stops. Assuming negligible force due to the gas charge in a hydraulic damper, the
damper force measured at extremely low speeds is generally considered to represent the
seal friction force. The hydraulic or viscous forces attributed to pressure drop across the
bleed and blow-off valves of the damper vary with the relative velocity in a nonlinear
manner [107]. Hydraulic dampers are generally designed to yield asymmetric damping
force in compression and rebound. The mean force-velocity characteristics of a two-stage
damper can be characterized in terms of low and high speed damping coefficients in a

piecewise linear manner, as shown in Figure 4.4:

C,.x 0<x<v,
C +y (Xx— X >

]?d = cl[vf: }/c(x vc)] x vc' (4.5)
pC.x v,<x<0

PCIV, +7.(k-v)]  k<v
where x is damper piston velocity along the axis of the damper, F, is damping force
along the axis of the damper installation, C, is the low-speed compression mode
damping coefficient, y, =C,,/C, is the compression damping reduction factor, and v,
is the transition velocity. The dampihg asymmetry in rebound and compression is
described by the asymmetry factor p=C, /C, and y,=C,,/C, is the rebound
damping reduction factor and v, is the corresponding transition velocity. The model
parameters for the suspension seat damper were derived from the measured data, and

summarized in Table 4.1.
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Figure 4.4: Force-velocity characteristics of a typical hydraulic damper.

The vertical damping force due to the inclined damper F,, can be derived from:

C,x,sin’ 0<%,sinf<v,
Culv,+7.(x,sin@—-v )]sind x,sinf@2v,
de = ; . ) ’ ’ . . (4'6)
pC,x,sin" 6 v, <Xx,sinfd<0
pCcl [ve + Ve (').Csb Sin 0 —V, )] xsb Sin 0 = Ve

where X, =X, —x, is the vertical relative velocity between the suspension mass and the

base, @ is the instantaneous inclination angle of the damper (Figure 4.1), which can be

derived from initial inclination angle 6, relative displacement x,, and horizontal

projection of the attachment points of the damper P, such that:

a =tan™ [tan(é?o) - );’)” ] 4.7)

The restoring force due to a suspension seat can be conveniently derived from the
static force-deflection properties of the suspension system in the absence of the hydraulic

damper. Such properties would not only yield the restoring force due to the air spring, but
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also the friction force due to linkage and the end strop forces. Figure 4.5 (a) illustrates
typical force-deflection characteristics of the suspension-seat mechanism including the
air spring [32]. Linear variations in the force within the free travel (d, <x, <d,)
suggest linear stiffness properties of the air spring, while the difference in the forces
during loading and unloading characterize the static friction. The nonlinear variations at
the extremities represent the force-deflection characteristics of the end-stop buffers, and
d® and d'9 represent the total effective travel in rebound and compression,
respectively. The suspension adjustment to the mid-ride height would yield d, =d..

The static stiffness due to the spring tends to increase with increasing preload due to
higher charge pressure [100]. The restoring force due to air spring is thus expressed as a
function of normalized stiffness (k;, ratio of spring rate to the preload), such that:

F,=F preloadk:xsb (4.8)
The friction force due to the suspension mechanism was also found to vary with the
preload and the deflection, as shown in Figure 4.6 [100]. A regression function in x,,
was proposed to describe the variations in the friction force Fj, such that:

F,=F, pulas+apx, +a,x,1+F, 4.9)
where F;, is the damper seal friction lumped with the suspension friction force, and ap,
as; and ay; are constant coefficients, identified from the measured data.

Suspension seats are designed with elastic end-stops to limit the excessive relative

motion of the soft suspension that may occur under high levels of excitations. The end

stops are generally of conical geometry, which yield relatively soft impact as the travel
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exceeds the free travel. The stiffness, however, gradually increases with the deflection of
elastic buffer. The force-deflection characteristics of elastic end-stops can be

characterized by a two-stage piece-wise linear clearance spring model (Figure 4.5 b),

such that:
0 ~-d,<x,<d,
k(x,—d.) d,<x,<h,
F, = J k(h,—d)+k,(x,—h,) h, < x, <(d?) (4.10)
ko(x, +d,) —h, <x,<-d,
(— k(b —d,) +k,(x, +h,) (-dP) < x, <—h,

where Fj is the restoring force, and k,, k,, k, and k, are the piece-wise linear
stiffness constants in compression and rebound, respectively. These parameters, identified

from the measured data, are summarized in Table 4.1.

AForce 4 Force (Fp)

" dm(c)
Deflection (x;3)

d
|
-p : I
Deflection (x;3)
(a) ()

Figure 4.5: Force-deflection characteristics of the: (a) elastic element of suspension
mechanism; and (b) end-stops.
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Figure 4.6: Comparisons of measured friction force with the model results as function of
preload and deflection.

4.3 Excitation Signals

Laboratory experiments were performed to study the shock as well as vibration
transmission characteristics of the suspension seat using a whole-body vehicular vibration
simulator (WBVVS), which comprises a seat platform supported on two servo-hydraulic
actuators. The experiments were designed to evaluate the suspension performance under
different excitations representing continuous as well as high intensity deterministic and
random vibration. These included: (i) harmonic vibration in the 0.625 to 10 Hz frequency
range, swept at a rate of 1 octave/min (constant peak displacement of 25 mm in the 0.625
to 2 Hz range, and constant peak acceleration of 3.95 m/s” at frequencies above 2 Hz); (ii)
harmonic excitation in the vicinity of suspension resonant frequency; (iii) a transient

excitation representing the vehicle response to an abrupt input, as shown in Figure 4.7,
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and (iv) random vertical vibration due to different vehicles, which are described below.
The transient excitations caused by abrupt discontinuities in the road profile comprise
oscillating motions in the vicinity of the vertical mode natural frequency of the vehicle

spring mass.
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Figure 4.7: Time history of transient excitation.

4.3.1 Vehicular Vertical Vibration

The vertical vibration spectra of three different vehicles (an urban bus, a sidewalk
snowplow, and a class I construction vehicle defined in ISO-7096 [95]) are considered to
study the suitability of the seat suspension system for different vehicles. The vertical
vibration environment of an urban bus, referred to as “Bus”, is synthesized from the
power spectral density (PSD) function defined in [9]:

2
H(s) = K, &+ A+ Bu) 4.11)

[](s2 +C,s+D,)
i=1

where H(s) is the transfer function proposed to describe the PSD of vertical
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acceleration measured beneath the driver seat of an urban bus, s = jw, and A, B, and
Cmi, Dmi (i=1, 2) are the constant coefficients. This transfer function Equation (4.11)
could also be applied to characterize the vertical vibration spectrum of a sidewalk
snowplow [9], referred to as “Snow”. The convolution of the transfer function with a
while noise random signal (PSD magnitude = 1.0) yields the acceleration time history due
to vehicle vibration.

ISO 7096 [95] defines the vertical vibration spectra of tractor-scrapers with either
front axle suspension or vibration absorber hitch, referred to as “EM1”. The PSD of
vertical acceleration of this vehicle vibration is defined in terms of a low- and a high-pass
filter with 24 dB/octave attenuation. The transfer function for synthesizing the vehicle
vibration is given by:

4

H(s) = K, — s (4.12)

H(s“ +4,5+B,s’+C,s+D,)
i=1

The constant coefficients, Ay, Bmi, Cmi and Dy,; (i=1, 2) for the three vehicular spectra
are summarized in Table 4.2. The analyses are also performed under above excitations
amplified by 150% to study the seat performance under high intensity vibration. Figure
4.8 illustrates the PSD of vertical vibration of selected vehicles (“Bus”, “Snow” and
“EM1”) and the corresponding amplified vibration (“BusA”, “SnowA” and “EM1A”).
The predominant frequencies of vertical vibration of the bus and construction vehicle
occur around 1.5 Hz and 2.1 Hz, respectively, while that for the snowplow occur near 2

Hz and in the 4-6 Hz bands. The peak acceleration PSD magnitude is the highest for the
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EM1 vehicle, and the lowest for the urban bus. The relative magnitudes of selected
vertical vibration are further assessed in terms of frequency-weighted and un-weighted
rms acceleration and vibration dose (VDV) values, using the W, -weighting function

described in ISO-2631 [94], which are presented in the following sections.
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Figure 4.8: PSD of vertical acceleration of selected vehicles and the corresponding
amplified signals: (a) Bus & BusA; (b) EM1 & EM1A; (c) Snow & SnowA.
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Table 4.2: The coefficients of the vertical acceleration transfer functions describing the
vertical vibration characteristic of an urban bus (Bus), a sidewalk snowplow (Snow) and
a class I construction vehicle (EM1).

. Coefficients
Vehicle
Km AmI Bml le Dml AmZ BmZ CmZ DmZ
Bus 9.99 13.13 | 1405.83 | 31.98 | 43525 | - - 4.62 82.9
Snow 18.6 848 | 476.11 729 171298 | - - 10.12 157.91
EM1 1.02e5 | 24.8 | 303.25 ] 2.2e3 | 7.89e3 | 41.33 | 842.37 | 1.02¢4 | 6.09¢4

4.4 Suspension Seat Model Validation

The model validity was examined under different excitations, while the human
occupant is considered as a rigid mass of 77 kg. The equations of motion for the
suspension model together with the component relations are solved under selected
vibration excitations. The responses under harmonic excitations were evaluated in terms
of rms acceleration transmissibility of the seat, while those under random excitations
were expressed in terms of PSD of acceleration. The responses under transient and
resonant harmonic excitations were also evaluated in terms of time-histories of
acceleration. The experimental data acquired by the CONCAVE group [100] were further
analyzed to derive the same responses. The model validity under different excitation is

examined by comparing the model results with the measured data.

4.4.1 Deterministic Excitations
The acceleration transmissibility characteristics of the seat suspension model are

compared with the measured response acquired under the swept harmonic excitation, as
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shown in Figure 4.9 (a). The figure suggests reasonably good agreements between the
model results and the measured data over the entire frequency range, although
considerable deviations are evident near resonant and at higher frequencies. The peak
acceleration transmissibility magnitude of the suspension seat approaches nearly 2 around
the natural frequency of 1.25 Hz. The model response tends to be higher than the
measured response at low frequencies up to 1 Hz, which is most likely attributed to
deficiencies in modeling the suspension friction. At higher frequencies the model tends to
underestimate the magnitude of acceleration transmissibility, which is believed to be
caused by the movement of the unrestrained rigid mass on the seat.

The resonant response of the model is further validated by comparing the body mass
response under a harmonic excitation at 1.25 Hz with the measured data. Figure 4.9 (b)
illustrates comparison of the time-history of acceleration response of the body mass in the
model subject to a 55 mm harmonic displacement excitation at 1.25 Hz, with the
corresponding measured data. The responses illustrate the resonant behavior of the
suspension, contribution due to impacts against end-stop buffers, and loss of contact
between the mass and the seat. The results show reasonably good agreement between the
model and measured responses. The peak acceleration approaches 9.81 m/s® in the
upward direction suggesting loss of contact between the mass and the cushion, and
exceeds 20 m/s” in compression due to impact with relatively stiff end-stops. The results
in Figure 4.9 demonstrate reasonably good validity of the model under low and high

intensity continuous vibration.
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Figure 4.10 further illustrates a comparison of the model response in terms of mass
acceleration with the measured data under the transient excitation of peak displacement
magnitude of 55 mm and predominant frequency of 1.5 Hz. The model results in terms of
the body mass acceleration again show trends that are very similar to the measured data

in the presence of end-stop impacts and momentary loss of mass-cushion contact.
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Figure 4.9: Comparisons of measured and computed responses: (a) acceleration
transmissibility of the suspension seat; and (b) time histories of mass acceleration under a
harmonic displacement excitation (4,= 55 mm and f,= 1.25 Hz).
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Figure 4.10: Comparison of the mass acceleration response of the model with the
experimental data under transient excitation.

4.4.2 Random Vehicular Excitations

The model responses to excitations due to Bus, BusA, EM1 and EM1A are evaluated
in terms of PSD of the mass acceleration and compared with those derived from the
experimental data, as shown in Figure 4.11. The figures in general show reasonably good
agreement between the PSD of the body mass acceleration response of the model with the
measured responses under both vehicular excitations and the corresponding amplified
excitations. The peak acceleration PSD responses of the mass under BusA and EMIA
excitations are nearly 2.3 times the corresponding values under the nominal Bus and EM1
excitations, which is almost in proportion with the excitation amplification of 1.5.
Moreover, the relatively high intensity of EM1A excitation revealed light impacts against

the end-stops, which was not apparent under the BusA excitation.
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Figure 4.11: Comparisons of measured and computed acceleration PSD responses of the
seat-suspension subject to: (a) Bus and BusA; and (b) EM1 and EM1A excitations.

4.5 Performance Criteria
The shock and vibration attenuation performance of a suspension seat and the

occupant exposure to vibration are mostly assessed on the basis of frequency-weighted
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acceleration of the seated body mass or the occupant. For exposure to vertical vibration,
ISO-2631 [94] recommends the use of W} - weighting filter, and suggests for assessment
of exposure to continuous vibration in terms of frequency-weighted rms acceleration,
while that to intermittent or shock motion in terms of vibration dose value (VDV). The
frequency-weighted rms values of excitation and response accelerations are computed

from:

,1 . ’1 .
Ay = fo,fwdt; a,, = ?ijwdt; (4.13)

where a,, and a,, are frequency-weighted rms accelerations due to base excitation and
response of the seated mass m,, respectively, X, (¢) and X (f) are the corresponding
frequency-weighted accelerations, and 7' is the integration period.

The VDV due to base (VDV},) and mass (VDV,) accelerations are computed in a

similar manner from:

1/4

1/4
YDV, =[ [ x’:wdt] . VDV, =[ [ x;wdt] (4.14)

The vibration and shock transmission performance characteristics of a suspension
seat are evaluated in terms of seat effective amplitude transmissibility (SEAT,,) and the

VDV ratio (VDVR,), respectively defined as [94]:

SEAT, = 4w VDVRW=% (4.15)
awb meb

The performance measure in terms of VDV ratio is considered to be more appropriate

for assessment of suspension seats under high magnitude excitations, as it tends to
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emphasize the contributions due to short duration high acceleration events that may arise
from impacts with the end-stops. The SEAT measure is used to assess the vibration
attenuation capability of a suspension seat under continuous vibration.

The frequency-weighted and unweighted rms acceleration and vibration dose (VDV)
values of selected vertical vehicular excitations as wel as their amplified signals (‘Bus’,
‘BusA’, ‘EM1’, ‘EMI1A’, ‘Snow’ and ‘SnowA’) are computed and summarized in Table
4.3. The values show that the ‘Bus’ signal is the lowest intensity excitation while the
‘SnowA’ is the highest. The VDV values of all selected vehicular excitations are
considerably higher than the rms acceleration values of the corresponding excitations.
The frequency-weighted VDV and rms acceleration values of all excitations decreased,

while compared with those unweighted values.

Table 4.3: Frequency-weighted and unweighted VDV and rms acceleration values of

excitations.
Excitation Bus EM1 Snow BusA EMIA  SnowA
rms acceleration 0.9960 1.9137 2.4475 1.4947 2.8706 3.6712
VDV 3.9159 7.2604 8.8948 5.8484 10.8906 13.3422
rms acceleration — weighted 0.6937 1.1264 2.0884 1.0656 1.6896 3.1325
VDV- weighted 2.6811 4.2499 7.6013 4.0407 6.3748 11.4019

4.6 Damping Requirements of Suspension Seats
The vibration attenuation performance of a suspension seat could be enhanced by

reducing its natural frequency to a frequency well below the predominant frequency of
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vehicle vibration, together with light damping. Considering that the vast majority of
heavy road and wheeled off-road vehicles exhibit predominant vibration in the 1.25-2.5
Hz range, suspension seats with natural frequency well below 1.25 Hz would be desirable.
Such a suspension, however, would cause excessive relative motion, and more frequent
and severe impacts against the elastic end-stops. Alternatively, the enhancement of shock
and vibration performance could be realized through selection of appropriate damping.

On the basis of symmetric damping in compression and rebound, it has been
suggested that shock and vibration performance of a suspension seat impose conflicting
requirements for the suspension damping [1]. This study concerns with a comprehensive
parametric study on the influences of asymmetric suspension damping properties to
identify desirable damping requirements for suspension seats under vehicular vibration
with predominantly low and medium frequency excitations. The parameters include the
low speed compression damping coefficient (C,;), asymmetry factor ( p ), compression
and extension reduction factors (y, and p,), and transition velocities (v, and v,) as
described in Equation (4.5). The suspension responses to variations in the damping
parameters are evaluated in terms of the performance measures presented in the previous
section. The responses are examined to identify limitations of the fixed damping
parameters and desirable damping properties. The variations in the damping parameter
are limited to 325%, except for p, which is varied by £50% of the nominal value. It

should be noted that the nominal damping properties exhibit two-stage compression
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damping and a single-stage rebound damping (7, =1), as evident from the data reported in

Table 4.1, while the asymmetry factor of 0.79 suggests lower damping force in rebound
than in compression. Owing to only minimal effects of variations in the transition
velocities, v,and v,, in the ranges considered, the results are limited to illustrate the
effectsof C,, p, y.and p,.
4.6.1 Low Frequency Vehicular Vibration

The effects of variations in the damping parameters are investigated under
continuous and high magnitude random vibrations that predominate at low frequencies
(Bus, EM1 and the corresponding amplified vibration, predominant near 1.5 and 2.1 Hz,
respectively). Figure 4.12 illustrates the effects of variations in C, and p on the
suspension performance in terms of W-weighted and unweighted SEAT and VDVR
values under Bus and BusA excitations, while Figure 4.13 illustrates those on the peak
acceleration response of the body mass (m,). It should be noted that a variation in C,,
would also yield proportional variations in C,, C,, and C,,, which is evident from
the definitions of the reduction and asymmetry factors described in section 4.2.2.

The results clearly show the most significant effects of variations in C,; on the

performance measures under both the nominal and amplified excitations. A decrease in

C

cl

yields comparable increases in both the SEAT and VDVR measures, whether

unweighted or weighted. Both the measures tend to be slightly higher under BusA

excitation, when compared to those under the nominal Bus excitation. The ¥DVR and
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SEAT values are somewhat comparable, which suggests absence of end-stop impacts
under BusA excitation. The end-stop impacts, however, occur when the magnitude of
excitation is amplified by 200% (refers to as “BusA2”), as observed in Figure 4.12 (c).
The results show relatively higher values of VDVR due to repetitive impacts against the
end-stops, while the SEAT values remain comparable with those in Figure 4.12 (a) and
(b). Figure 4.13 (a) further shows the influence of variations in C, on the peak
acceleration responses of the body mass (m,). The results clearly show significantly
higher peak acceleration under ‘BusA2’ excitation, particularly under lower value of C,.
The differences in the values of peak accelerations under ‘BusA2’ excitation, are more
apparent when compared with those under Bus or BusA.

Variations in the rebound damping, represented by the asymmetry factor p, also yield
similar effects on the performance measures, while the relative changes in the SEAT and
VDVR measures are less than those observed for variations in C. An increase in p from
the nominal value of 0.79 to 1.18 could yield improved attenuation of continuous and
high intensity vibration, as evident in Figure 4.12. Figure 4.13 (b) shows that the
influence of variation in the asymmetric factor p on the peak acceleration response of the

body mass is relatively less that of the variation in the damping coefficient C,,.
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Figure 4.12: Influences of variation in damping parameters (C,; and p) on the SEAT and
VDVR responses under: (a) Bus; (b) BusA; and (c) BusA2.
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Figure 4.13: Comparison of the peak acceleration under Bus, BusA and BusA2
excitations, influenced by variations in damping parameters of: (a) C,;; and (b) p.

The variations in the high-speed compression and rebound damping reduction factors
(7. and y,) revealed only slightly lower values of both the measures under Bus and
BusA excitations, as shown in Figure 4.14. These slight effects are attributed to the
relatively lower intensity vibration of both Bus and BusA excitations. These lower
intensity excitations yield lower motion velocity of the piston of hydraulic damper. The
high-speed compression and rebound damping reduction factors thus contribute little to
the damping force of the suspension seat.

The above results suggest that higher suspension damping in compression and
rebound is desirable to increase the vibration isolation efficiency, particularly for
mitigating the effects of end-stop impacts, of the suspension under Bus excitation,
irrespective of its amplification. This is mostly attributed to the predominance of Bus

vibration near the suspension resonance.
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Figure 4.14: Influences of variation in damping parameters (. and y.) on the SEAT and
VDVR responses under: (a) Bus; and (b) BusA.

The influences of variations in the damping parameters on the defined performance
measures and the body peak acceleration of the suspension seat subject to EM1 and
EMIA excitations are shown in Figures 4.15 and 4.16. A 25% decrease in C, could
yield 25% increase in VDVR and only 6% increase in SEAT measures under EM1
excitation. The VDVR value of the suspension under nominal EM1 excitation is in the

order of 1.03. This however increases to 1.7 when the suspension is subject to EM1A
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excitation. The corresponding increase in the SEAT value is very small. These results
suggest the occurrence of end-stop impacts under EM1A excitation. A reduction in C,,

by 25% yields excessively higher peak acceleration, irrespective of the excitations, as
evident in Figure 4.15. These results suggest higher frequency and severity of end-stop
impacts under this excitation, while a lower damping would yield more severe impacts. A
higher value of C, helps to reduce the severity of end-stop impacts, while the
performance under continuous nominal vibration deteriorates slightly as observed from
higher SEAT responses under higher damping. Both the Wy-weighted measures, however,
show consistent effects of suspension damping under higher EM1A excitation.

A reduction in the rebound damping coefficient, the asymmetric factor p, also yields
higher values of both the measures. An increase in the asymmetry factor, however,
deteriorates the seat isolation effectiveness and does not offer any benefits in terms of
end-stop impact performance. This is most likely attributed to higher frequency of
end-stop impacts during the compression stroke. This could also be observed from the
variations in the peak acceleration illustrated in Figure 4.16 (b), where magnitudes of
peak acceleration vary only slightly with varying asymmetric factor p. The Figure 4.17
also illustrate the effects of variations in the high-speed compression and rebound
damping reduction factors, y, and y,, on the performance measures under EM1 and
EMI1A excitations. The results suggest that an increase in the low-speed compression
damping coefficient would be desirable (y,>1) for realizing improved shock as well as

vibration isolation performance.
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Figure 4.15: Influence of variation in damping parameters (C,; and p) on the SEAT and
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Figure 4.17: Influence of variation in damping parameters (y. and y.) on the SEAT and
VDYV ratio responses of suspension seat under:(a) EM1; (b) EM1A.

4.6.2 High Frequency Vehicular Vibration

The role of damping parameters on the suspension performance under excitations at
relatively higher frequencies are investigated for the ‘Snow’ as well as ‘SnowA’
excitations, which predominate around 4.5 Hz. The candidate low frequency suspension |
would thus be expected to yield superior vibration isolation. Figure 4.18 illustrates the
influences of variations in C,, and p on the two performance measures under these

excitations. The results clearly show significantly lower SEAT and VDVR values (<0.71)
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under Snow and SnowA excitations, when compared to those observed under Bus and
EM1 excitations. Both the W;-weighted measures tend to be even lower due to effective
attenuation of dominant ride vibration near 4.5 Hz. The results suggest that the variations
in the damping parameters (C,, and p) in the range considered would alter the SEAT and
VDVR measures only slightly, while a lower damping would yield only slightly lower
weighted measures under the nominal excitation. The responses under amplified

excitations also exhibit only slight influences of variations in the damping parameters.
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Figure 4.18: Influence of variation in damping parameters (C,; and p) on the SEAT and
VDV ratio responses of suspension seat subject to excitation signals: (a) Snow; and (b)
SnowA.
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From the results, it is concluded that a suspension design with higher compression as
well as rebound damping could yield enhanced performance under low frequency
excitations, while it would not deteriorate the performance very much under higher

frequency excitations.

4.6.3 Acceleration Transmissibility

The influences of variations in C, and p are further illustrated in terms of
acceleration transmissibility response of the suspension seat under swept harmonic
excitations in the 0.5-10 Hz range. The results presented in Figure 4.19 clearly show that
higher damping and asymmetry factor help to limit the resonant acceleration response
considerably, while the response in the 2 to 6 Hz range tends to be only slightly higher. A
higher suspension damping is thus vital for enhancing the shock as well as vibration
attenuation performance of the suspension seat for target vehicles with predominant
vibration near the seat suspension resonance, as it was observed under Bus and EM1
excitations. The higher damping yields only slight degradation of the acceleration
transmission performance at higher frequencies. High damping design would thus be
equally acceptable for vehicles with relatively higher frequency vibration, as observed for

the Snow excitations.
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Figure 4.19: Influence of variation in damping parameters (C,; and p) on the acceleration
transmissibility response of the suspension seat.

4.6.4 Transient Excitation

The role of damping on the suspension performance under high intensity intermittent
excitations is further evaluated under transient excitations in the vicinity of 1.5 Hz and
peak displacement (4,) of 55 mm. Figures 4.20 and 4.21 illustrate the influences of
variations in C,, and p, respectively on the suspension performance, presented in terms
of time-histories of mass acceleration X,, vertical damping force Fg, suspension
deflection x5 and end-stop force Fj. The results show that a reduction in C,; causes
suspension deflection to exceed its permissible travel resulting in more severe impacts
against the end-stops. This is evident from the variations in the end-stop force. The seated
mass acceleration thus increases considerably, as seen in Figure 4.20. The frequency and

severity of end-stop impacts and thus the mass acceleration can be reduced by
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increasing C,, .
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Figure 4.20; Influence of variations in damping coefficient C.; on the suspension seat
responses under transient excitation (4, = 55 mm).

The influences of variations in the asymmetry factor p on the responses to transient

excitations are also quite similar to those observed for C,, as seen in Figure 4.21. A
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lower value of p yields considerably lower rebound damping force and thus far more
severe end-stop impact in the rebound stroke. A higher asymmetry factor, on the other

hand, tends to eliminate the impacts under the selected excitation.
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Figure 4.21: Influence of selected asymmetric factor p of damping coefficient on the
weighted and unweighted of the SEAT and VDV ratio of the suspension seat subject to
transient excitation.
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4.7 Discussions

Occupational drivers of heavy road as well as off-road vehicles are exposed to
comprehensive levels of continuous vibration and intermittent shock motions. A
suspension seat is mostly designed to achieve attenuation of continuous vibration of a
class of vehicles in accordance with the methods outlined in ISO-7096. The suspension
performance under high intensity intermittent excitations is either ignored or is believed
to impose conflicting design requirements. Considering that the exposure to high
intensity shock motions could pose far greater health risks among the drivers than the
continuous vibration of lower magnitude, the attenuation of high intensity vibration and
shock should also form the essential design goal. The suspension seats are mostly
designed with low natural frequency and limited travel, which permit their
implementations in a wide range of road as well as off-road vehicles. Exposure to high
intensity vibration and shocks thus yields high magnitude suspension deflection and
repetitive impacts against the elastic end-stops. It is vital to limit the suspension travel to
a reasonable level to provide a stable sitting platform for the drivers to perform the
needed tasks in a safe and efficient manner. A further reduction in the natural frequency
would thus not be feasible. Alternatively, the shock and vibration isolation performance
could be enhanced through selection of appropriate low-and high-speed compression as
well as rebound mode suspension damping.

The vibration and shock attenuation performances of a suspension seat could be

effectively evaluated in terms of unweighted and frequency-weighted seat effective
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amplitude transmissibility (SEAT) and vibration dose value ratio (VDVR), respectively.
The results of this study suggest that higher suspension damping is desirable for
improved attenuation of high intensity vibration and intermittent shock motions,
particularly for vehicles with predominantly low frequency vibration. This would be
generally applicable for road vehicles operating on relatively rough urban roads and a
wide range of wheeled off-road vehicles employed in construction, forestry and service
sectors. Such a suspension design could considerably reduce the severity and frequency
of end-stop impacts and thereby limit the high intensity vibration and shock exposure of
the operators. Moreover, such a design approach would offer improved vibration isolation
effectiveness of the suspension seats. For applications in vehicles with relatively higher
frequency vibration, such as industrial vehicles and off-road tracked vehicles, this design
approach would also be acceptable as it would limit the frequency and severity of
end-stop impacts, while the performance under lower levels of continuous vibration
would deteriorate only slightly.

Therefore, a higher suspension damping is desirable for improved attenuation of high
intensity vibration and intermittent shock motions, particularly for vehicles with
predominantly low frequency vibration. A light damping, however, is desirable for
realizing enhanced isolation of continuous vibration of low to medium intensity. The
attenuation of shock as well as vibration imposes difficulties design compromise of the
passive damper. On the other hand, the magneto-rheological fluid (MR) damper could

provide the variable damping force modulated by varying the command current. Owing
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to the strongly nonlinear properties of the suspension-seat and the MR-damper,
synthesizing an effective control algorithm will become a challenging task and derived in

the following chapter.
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CHAPTER S

SYNTHESIS AND ANALYSES OF THE SEMI-ACTIVE SUSPENSION SEAT
CONTROLLERS

5.1 Introduction

A vast number of semi-active and active suspension systems have been explored for
vehicular applications to generate variable forces in response to varying excitations and
to achieve better compromise among the various conflicting performance requirements.
Some of these concepts have also been applied for suspension seats to achieve improved
shock and vibration isolation performance [18, 36, 52, 54]. A few studies on variable
damping concepts using conventional hydraulic dampers have established that such
dampers can effectively track the desired force that could be generated by a fully active
force generator when the force is of a dissipative nature [53, 54]. Considering the
potential advantages of magneto-rheological (MR) damper, such as variable damping
coefficient, low power rapid response, low cost and simple hardware, a few recent studies
have explored different control methods to improve the performance of suspension seat
equipped with a MR-damper [49, 55, 56]. As evident in the results presented in Chapter 2,
the MR dampers offer high viscous damping corresponding to low velocities in the
pre-yield condition, while the post-yield saturation at the higher velocities can be
characterized lower damping coefficient, such properties are considered to be well suited
for suspension seat applications as demonstrated by the results presented in the previous

chapter. The development of an effective controller for realizing desirable variations in

146



the damping force, however, remains a challenging task and requires not only an accurate
characterization of the hysteretic f~v properties in the pre-yield and force saturation in the
post-yield, but also effective control algorithms.

The well-known skyhook control algorithm that has been widely employed in wheel
suspensions could also be applied for semi-active suspension seats [49, 56]. This control
algorithm effectively utilizes the damping variations in the pre- and post-yield as a
function of the applied current. While a few studies have attempted the implementation of
this control methodology for enhancement of shock and vibration attenuation
performance, the contributions due to hysteresis are invariably ignored. It has been
reported that the presence of hysteresis could deteriorate the force tracking performance
of the controller [80, 81, 90]. Moreover, the repeated semi-active control methods mostly
employ on-off modulation of the damping force or the current, which tend to cause
considerably transient motions associated with discontinuous mode of operation. A recent
study on assessment of a suspension seat with controlled MR-damping, has demonstrated
the suspension effectiveness in limiting the shock motions by eliminating end-stop
impacts [55]. The measured results did not show improvement in vibration attenuation
performance over the fixed damping suspension. Another study has shown improved
vibration isolation, while the end-stop impact performance was not considered [49]. The
reported studies, however, did not consider the contributions due to hysteresis and the
switching discontinuities.

In this chapter, the generalized sigmoid model for the MR-damper, formulated in
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Chapters 2 and 3, is employed to the suspension seat model described in Chapter 4, in
order to synthesize and evaluate the skyhook and the integrated control algorithms. A set
of performance measures is also defined to carry out relative evaluations of the
controllers under harmonic, transient and random excitations due to a class I construction

machinery (EM1) and a city bus (Bus).

5.2 Development of the Suspension Seat with MR Damper

Figure 5.1 illustrates the two-DOF model of the load-seat-suspension system,
assuming a rigid mass human body model, as described in Chapter 4. The passive
hydraulic damper in the model is replaced by the model of the MR-fluid damper,
described in Chapter 2 and 3. The differential equations of motion for the model can be
rewritten as:

mo'.x.‘o = —FC + mog
{ (5.1)

mi =-F -F,~f,-F,+F, +mg
where F,, F, and F, are suspension force components due to end-stop buffer,
suspension spring, Coulomb friction, and are defined in Equations (4.10), (4.8) and (4.9),
respectively. The force F,, due to seat cushion, is defined in Equations (4.2) and (4.3),
while the damping force f, due to the MR-damper is defined in Equations (2.16) and

(2.17), as a function of applied current, and excitation and response.
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Figure 5.1: Combined rigid human-suspension seat model equipped with MR-damper.

5.3 Responses of MR Suspension Seat under Constant Currents

The above equations are initially solved for an open-loop MR-damper subject to
different levels of constant current. The results attained under selected excitation are
reviewed to qualify the applicability of the damper model, and contributions due to
damper nonlinearities. These are expected to aid in formulation of control algorithms.
The responses are compared with those of the suspension seat model with the hydraulic
passive damper. The hysteresis effects will further be analyzed in this open-loop
uncontrolled system of a suspension seat. The responses under harmonic excitations are
evaluated in terms of rms acceleration transmissibility of the body mass, while those
under random excitations are expresséd in terms of PSD of acceleration. The responses
under transient excitations are assessed in terms of time-histories of acceleration,

damping force and end-stop force, under different magnitudes of excitations.
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5.3.1 Harmonic Excitations

Figure 5.2 illustrates the acceleration transmissibility characteristics of the MR
suspension seat model subject to swept harmonic excitations in the 0.5 to 10 Hz
frequency range, as described in the previous chapter. The results are obtained under
different levels of constant currents in the 0 to 0.5 A range with increments of 0.1 A, as
shown in Figure 5.2 (a). Figure 5.2 (b) further shows the influence of applied current in a
smaller range of 0.1 to 0.2 A with increments of only 0.02 A. The results show that the
peak acceleration transmissibility occurs near the frequency of 1.20 Hz and approaches a
magnitude of 5.5 under light damping produced by zero current. The magnitude peak
tends to shift towards right to slightly higher frequencies with the increasing of applied
current, while the resonant acceleration transmissibility magnitude decreases significantly.
The transmissibility magnitude, however, increases in the higher isolation frequency
range, as it would be expected for fixed damping properties. The results, however, show a
trend that differs from those observed in systems with passive/fixed damping. The
frequency corresponding to the peak magnitude increases slightly with increasing current
and thus the damping, which is opposite to behavior expected for a passive/fixed damped
system. This difference is most likely attributed to nonlinear and hysteretic force-velocity
characteristics of the MR-damper.

Figure 5.2 (b) further illustrates the acceleration transmissibility responses in the 0.1
to 0.2 A current range. The peak transmissibility magnitude approaches near 2 under 0.12

A, which is comparable with that attained from the model with the passive hydraulic
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damper. The results show that only a slight change in the applied current could

significantly reduce the peak resonant transmissibility.
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Figure 5.2: Influence of applied current on the occupant mass acceleration
transmissibility response of the MR-damped suspension seat model.

Figure 5.3 further presents the comparisons of the acceleration transmissibility
responses of the suspension seat with the hydraulic and the MR-damper under 0.12 A
applied constant current with the measured data acquired for the suspension seat with

hydraulic damper. The response characteristics of the MR suspension seat model

151



generally agree with the measured response of the hydraulic suspension seat. The
MR-damped seat model yields somewhat lower magnitudes at lower frequencies, which

is attributed to relatively higher damping coefficient of the MR-damper at low velocities.
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Figure 5.3: Comparison of acceleration transmissibility responses of the model with
hydraulic and MR-damper with the measured data of the hydraulic suspension seat.

5.3.2 Transient Excitations

The influence of excitation magnitude on the response is also evaluated by varying
the magnitude of peak displacement by +20% about the nominal value of 55 mm, as
shown in Figure 5.4. Figure 5.5 illustrates a comparison of the responses of the model, in
terms of body acceleration X, as a function of the applied current together with variations
in the damping force f; and the end-stop force f, under the transient excitation (peak
displacement 4,= 55 mm and predominant frequency = 1.5 Hz), as described earlier in
Figure 4.7. The results show that an increase in the applied constant current could limit
peak acceleration magnitude and thus decrease the frequency and severity of end-stop

impacts. The presence of end-stop impacts under applied current equal to or below 0.12 A
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are evident from the high acceleration peaks and the bump stop forces. The application of
a low current also yields loss of contact between the occupant mass and the seat, as
observed from peak acceleration of 9.81 m/s” in the upward direction. The results further
reveal that the MR damper seat with applied current of 0.12 A yields the responses
similar to those of the seat with the hydraulic damper presented in the previous chapter.
Figure 5.6 illustrates comparisons of the responses of the suspension seat model with
a MR-damper and applied current of (.12 A under the three transient excitations (peak
displacement magnitudes of 44, 55 and 66 mm). The presence of a relatively less severe
end-stop impact is evident under the 55 mm transient excitation, while the severity
increases considerably under 66 mm excitation. The results also show that the
interactions with the top buffer occur first, which is followed by a more severe impact
with the compression end-stop near t = 20.5 s. The most severe impact, however, occurs

near t = 21 s due to impact with the top buffer.
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Figure 5.4: Time history of transient excitations of different peak magnitudes (1.5 Hz).
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magnitude of transient excitations (applied constant current i = 0.12A).
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5.3.3 Vehicular Excitations

The acceleration responses of the suspension seat models with the hydraulic and
MR-dampers (0.12 A) are also evaluated under vehicular excitations (Bus, BusA, EM1
and EM1A) to further examine the validity of the MR-damper model. The responses are
evaluated in terms of PSD of the mass acceleration and presented in Figures 5.7 and 5.8
for the Bus and EM1 excitations, respectively. The results in general show reasonably
good agreements with the measured responses of the seat with the conventional hydraulic
damper under both vehicular excitations and the corresponding amplified excitations,
although considerably deviations exist under EM1A excitation. The relatively high
intensity of EM1A excitation causes stronger impacts against the end-stops, when
compared with those observed from the measured responses. Figure 5.8 reveals
considerable differences between the response of seat model with the MR-damper and the
model with the hydraulic damper under EM1A excitation. Such differences were not
evident under harmonic, transient, Bus, BusA and EM1 excitations. These deviations are
attributed to saturation of MR-damping force under extreme high velocities caused by the

EM1 A excitation, which predominates near 2 Hz.
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5.3.4 Influences of MR-damper Hysteresis
The strong hysteresis nonlinearities of the MR-damper, as observed from the
measured force-velocity characteristics, may cause undesirable effects on the dynamic

performance of the suspension system, particularly in the closed-loop mode. These may
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include limit cycle behaviour and a relatively larger steady-state error [81]. Moreover,
such nonlinearities may cause large magnitudes of transient responses near zero velocity.
The effect of damping force hysteresis on the responses could be conveniently
assessed using the suspension seat employing MR-damper models based on mean as well
as hysteretic f-v characteristics. Figure 5.9 illustrates comparisons of body mass
acceleration transmissibility responses of the suspension seat model employing mean and
hysteretic damping force models, while the drive current is held as 0.12 A. The results

suggest negligible effects of hysteresis under harmonic excitations when the damper is

operated in an open-loop manner.
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Figure 5.9: Comparison of acceleration transmissibility of the body mass of the
suspension seat model employing hysteresis and mean damping force model (0.12 A).

The relatively small contribution of the hysteresis to the acceleration response can be
observed from the steady-state time history of the response shown in Figure 5.10 (a)

under excitation at 1.25 Hz. The damping forces developed by the mean and hysteretic
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models during the cycle are also compared in Figure 5.10 (b). The results reveal

relatively small effects of hysteresis on the body mass acceleration in the vicinity of zero

relative velocity.
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Figure 5.10: Comparison of responses of the suspension seat model with mean and
hysteresis damper models under a harmonic excitation (4,= 25 mm; f,=1.25 Hz; i = 0.12
A): (a) body acceleration X ,; (b) /v characteristics of the MR-dampers.

The effect of hysteresis is more clearly evident from the response obtained under a
transient excitation, as shown in Figure 5.11. The results show that the hysteresis
nonlinearity of the MR-damper causes high frequency variations in the damping force
and thus the body mass acceleration near zero relative velocity. Furthermore, the

comparisons of acceleration response of the mean and hysteretic damping show the

presence of high magnitude oscillations in the acceleration responses due to hysteresis.
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5.4 Formulation of Controller Synthesis

The above results demonstrate the validity of the MR-damper model in conjunction
with the generalized two-DOF suspension seat model. The results also show the
limitations due to saturation property of the MR-dampers, which can be overcome
through variations in the current through synthesis and design of a controller. Controller
synthesis for the MR-damper suspension seat under varying excitations could be realized
by formulating target functions on the basis of a reference model. A reference model
based upon the well-known “skyhook” damping concept, proposed by Karnopp et al. [86],

is developed to realize variable damping. The skyhook control concept proposes that the
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magnitude of mass acceleration could be reduced by reducing the damping force, when
the suspension mass velocity (X,) is out of phase with the damper force or relative
velocity (x, —x,) across the suspension spring. A number of studies have thus employed
on-off damping mechanisms for vehicle suspensions, where the damping force is
suppressed to zero, when mass velocity is in phase with the damping force or relative
velocity [46, 49]. Such an approach yields significant magnitudes of transient oscillations
associated with switching from ‘on’ to the ‘off” state or vice verse. The MR-damper,
however, continues to provide light damping force even in the absence of an applied
current. The ‘off” state is thus limited to the light damping, referred to as the ‘lo’ state,
which can help reduce the magnitudes of switching transients. In this study, a skyhook
concept-based cbntrol synthesis is formulated to realize ‘hi-lo’ variations in damping

force through modulation of the current.

5.4.1 Control Algorithm

The ‘hi-lo’ damping mode can be realized by modulating the controller current i; on
the basis of a condition function comprising the responses of the suspension mass and the
base excitation. Karnopp et al. [86] proposed the following condition function for

realizing on-off damping:

F,=

{cxs; if %,(%, ~%,)>0 (5.2)

0; if % (% —,)<0

where F is the variable damping force, which is dependent upon the body mass velocity
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and viscous damping coefficient c.

For most automotive dampers, it would be quite difficult to derive a generally
applicable viscous damping coefficient. The constant ¢ may thus be considered as a
controller gain. For a MR-damper, the modulation of the damping force is achieved
through modulation of the current, while the ‘off” state is replaced by the ‘lo’ state. A
skyhook-based control algorithm (SC) is thus formulated as:

ic={iz; if x(x,-x,)>0 (5.3)

0; if x,(x —%,)<0

In the above formulation, i, represents the command current, and i, refers to the current
corresponding to the ‘hi’ state and is limited to a maximum current of iy (0 <i, <ij,). A
higher current and thus the damping force is realized when the absolute suspension mass
velocity (X,) is in phase with the relative velocity (X, —x,). Unlike the originally
proposed “skyhook™ control concept, this scheme would yield non-zero damping force,
when i, (X, —%,) < 0. The ‘hi’ state current i, however is varied in proportional with the
relative velocity (x, — X, ), such that:

i, =G

z

X, — X, (5.4)
where G represents the control gain of the ‘hi-lo’ semi-active control scheme.

The condition function in Equation (5.3) represents a discontinuity in current and

thus the damping force, when either X, =0 or x, —x,= 0. Such a discontinuity in the
controller synthesis is known to cause transient oscillations in the system responses. A

smoothing algorithm is consequently formulated to reduce the contributions due to
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current discontinuity. This function is formulated to achieve continuous modulation of the
current as a function of a condition function z., and allows for varying degree of

smoothness in the control current, such that:

Mc(pcsfuzc):l-'-pc +|:pc -1 (Zc ZO)U'I"_E'&(ZC <0)]Itm_l(§c2c) (55)

2 T

where M(p., &, zo) refers to the continuous modulation (CM) multiplier, and the
condition function z, may be either positive or negative as it is evident from:

z, =—x,(%; — x) (5.6)
The smoothing function is applied as a multiplier of the command current i, to achieve
continuously modulated desired control current, iy, such that:

iy =M (P62 )i 5 0=, Siy (5.7

The second term within the parenthesis of Equation (5.5) defines the logic function
that depends upon the sign of z.. The factor p. can assume a value equal to or greater than
0 but less than 1 (0 < p, <1) and describes the ratio of currents corresponding to ‘lo’ and
‘hi’ states. A unity value of p. yields a unity value of the multiplier and thereby the
idealized ‘hi-lo’ switching without a smoothing. For the idealized skyhook-based control
Equation (5.3) involving the zero ‘lo’ state, the factor p, remains zero. The modulation

function may thus be simplified to:

(5.8)

M,(0.4,.2,) =%+[—;1t-(zc 20U G, < 0)]|tan-‘ (£.2.)

The target function in the above equation together with the smoothing factor & > 0

yields a smooth transition between the ‘hi’ and ‘lo’ states. As an example, Figure 5.12
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illustrates variations in the command current i, for different values of the smoothing
factor ¢, range from 0 to 10, while assuming that —1<z, <1. The results show that a
lower value of & yields more continuous and smooth variation in i, and may cause
greater error in the desired control current ig. An increase in &, yields rapid transition of
the command current from the ‘hi’ to the ‘lo’ state. For a non-zero ‘1o’ state, the factor p,.
assumes a non-zero value, which relates to the proportionality of the ‘1o’ and ‘hi’ currents.
The continuous variations in the command current of a ‘hi-lo’ control algorithm with
non-zero ‘lo’ state is illustrated in Figure 5.13 for different values of p., ranging from 0 to
0.5. The results are presented for a constant value of & = 10, and show that the increase
in the proportionality factor yields a higher ‘lo’ limit, while the ‘hi’ state current remains

unchanged.

¢=1.5; — =" &=10;

i

Current i,

-1

Figure 5.12: Continuous variations in the command current i, of a ‘hi-lo’ control
algorithm and the effects of smoothing,.
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Figure 5.13: Continuous variations in the control current i, of a ‘hi-lo’ control algorithm
and the effects of the proportionality factor p. (& = 10).

Figure 5.14 illustrates a general structure of the semi-active MR-damping control
scheme based on the skyhook control and modulation of the current. The suspension
mass velocity (x,) and the relative velocity (x, —X,) responses of the plant to an
excitation x,(¢) are applied to derive the command current i, the continuous
modulation function CM and the desired control current iz, using the formulations in

Equations (5.3), (5.5) and (5.7), respectively.
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Figure 5.14: Schematic of the general structure of the semi-active MR-damping control
scheme based on skyhook and continuous modulation algorithm.

5.5 Response Characteristics of Suspension Seat with ‘hi-lo’ Control

The response characteristics of the two-DOF suspension seat model employing
semi-active controlled MR-damper on the basis of the skyhook control are evaluated
under different excitations described in section 4.3. The controller involved zero ‘lo’ state
is applied in conjunction with the CM function, where a constant value of £, (.= 40).
The results attained are also compared with the responses obtained under constant

currents, as described in section 5.3.

5.5.1 Harmonic Excitations

The responses under harmonic excitations in the 0.625 to 10 Hz frequency range are
evaluated in terms of rms acceleration transmissibility of the suspension seat. The
acceleration transmissibility characteristics of the semi-active suspension seat are

illustrated in Figure 5.15 for different selected value of the controller gain G, ranging
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from 1 to 9. The results show that peak transmissibility magnitude decreases considerably
when the control gain is increased from 1 to 3. A further increase in the control gain
however yields relatively smaller reduction in the peak magnitude, which is attributed to
the saturation of the MR damper. The higher damping associated with a higher gain
yields only slightly higher acceleration transmissibility in the isolation range (f, > 2 Hz).
Unlike the response of the semi-active suspension, the constant current or passive mode
operation yields considerably higher magnitude of acceleration transmissibility in the
isolation range, as observed in Figure 5.16. The figure illustrates comparison of the
semi-active suspension responses with those of the passive suspension with fixed currents
(0.12 or 0.20 A). The results clearly show that the proposed control algorithm can help
achieve reduced resonant response with only minimal influence on the response in the
isolation frequency range.

The results presented in Figure 5.15 are attained using the continuous modulation
function, which tends to suppress the transient responses due to discontinuous ideal
control. The contributions of the CM function are demonstrated by comparing the desired
control current (iy) responses of the controller with and without the CM algorithm. As an
example, Figure 5.17 illustrates the comparisons of time-histories of i; responses of the
controller with and without the CM algorithm, while subject to harmonic excitation in the
vicinity of the resonant frequency and G = 1. The results clearly show the presence of
transient oscillations of considerable magnitudes in the applied current in the absence of

the smoothing algorithm, when the controller switches from the ‘hi’ to ‘lo’ state. The use
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of the CM algorithm effectively suppresses the transient oscillations leading to smooth

transition of current from the ‘hi’ to the ‘1o’ state.
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Figure 5.15: Comparison of acceleration transmissibility characteristics of semi-active
suspension seat with different value of control gain G.
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5.5.2 Transient Excitations

Figure 5.18 illustrates the semi-active suspension responses to transient excitations in
terms of body mass acceleration ( X, ), damping force (f), end-stop force () and control
current (iz), for different controller gain. The results are obtained under transient
excitation occurring at a frequency of 1.5 Hz with peak displacement of 55 mm, as
described earlier in section 4.3. The results show that the peak damping force and
acceleration responses decrease with increasing gain value, which is attributed to higher
peak values of the control current. The results do not suggest the presence of an end-stop
impact, irrespective of the controller gain. A comparison of the damping force response

with that attained in the passive mode (Figure 5.5) further suggests that the closed-loop

169



control helps to suppress the oscillations caused by damper‘hysteresis in the vicinity of
zero velocity.

Suspension seats generally exhibit end-stop impacts under high magnitude
excitations in the vicinity of the resonant frequency, as it was evident for the passive
(Figure 4.20) as well as constant current MR (Figure 5.6) damper suspensions. Figures
5.19 and 5.20 illustrate the responses of the semi-active suspension for G =1 and G = 3,
respectively, to transient excitations of significantly higher displacement amplitude
ranging from 55 to 126 mm. The results clearly show that the end-stop impacts initiate
under transient excitation of peak displacements near 0.077 m and 0.115 m, respectively
for the controller with G = 1 and G = 3. The effectiveness of the suspension under high
intensity excitations could be further enhanced by increasing the damping force
bandwidth of the MR damper. From Figure 5.20, it is clearly evident that the damping
force approaches its saturation limit under 0.115 and 0.126 m excitation, as the control
current approach the upper limit of 1.5 A. The results also suggest that the impacts
initially occur with the top end-stop, while a loss of contact between the body mass and
the seat is also observed under 0.077 and 0.088 m excitations for G =1, and 0.115 and

0.126 m excitation for G =3.
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Figure 5.18: Influence of controller gain on the response characteristics of the semi-active
suspension seat to a transient excitation (peak displacement = 55 mm).
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Figure 5.20: Influence of peak displacement amplitudes of the transient excitation on the
semi-actively suspension responses (G=3).
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5.5.3 Vehicular Excitations

The response characteristics of the semi-actively controlled MR-damper suspension
seat are further evaluated under vehicular excitations, namely Bus and EM1, nominal as
well as amplified. The corresponding weighted and un-weighted seat effective amplitude
transmissibility (SEAT) and the ratio of vibration dose values (VDVR), are also computed
and presented in section 5.7.

Figure 5.21 illustrate the body mass acceleration PSD responses of the MR
semi-active suspension subject to the excitation ‘Bus’ and ‘BusA’ excitations, respectively.
The figures presented the acceleration responses corresponding to different controller
gains and constant current of 0.12 A. The results show that the response characteristics
corresponding to G = 1 are comparable with those of the constant current suspension
under the ‘Bus’ excitation. The effectiveness of the semi-active control become evident
for higher gain and amplified excitations. The results also show significant effect of the
control gain, irrespective of the excitations, while the effect is far more significant under
the amplified excitation. The peak magnitude of the acceleration PSD response reduce
from 0.9 to 0.7 (m/s®)*/Hz under ‘Bus’ excitation as the controller gain is increased from
1 to 3. The corresponding reduction under ‘BusA’ excitation occurs from 2.8 to 1.5

(m/s>)*/Hz, as evident in Figure 5.21 (b).
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Figure 5.21: Comparisons of the PSD of body mass acceleration responses of the
semi-active and constant current suspension seats under a bus excitation for different
gains: (a) Bus; and (b) BusA.

It is evident that constant current suspension yields significantly high peak

acceleration PSD and thus the rms value. The results suggest that the proposed controller
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is more effective under high intensity excitation, where the excitation occur in the
vicinity of the resonant frequency. This is attributed to the fact that the MR suspension
damping is strongly dependent upon the relative velocity apart from the applied current.
The control effects under ‘Bus’ excitation appear to be less than those observed under
‘BusA’ excitation. The results also show that the overall rms values of the acceleration
response would also decrease considerably with a high controller gain, particularly under
the ‘BusA’ excitation.

Figure 5.22 illustrate the acceleration PSD responses of the semi-active as well as
constant current suspension seats subject to ‘EM1’ and ‘EM1A’ excitations, respectively,
for different control gain (G = 1, 3 and 5). Unlike the Bus excitation, the results clearly
show the superior performance of the semi-actively controlled suspension seat under the
nominal as well as amplified EM1 excitations. This is attributed to the relatively higher
predominant frequency of the EM1 excitation (= 2.1 Hz).

The peak acceleration PSD responses of the constant current suspension under the
EM1 and EMIA excitations approach approximately 8.2 and 2.3 (m/s*>)*/Hz, respectively.
These peak values reduce to nearly 3.5 and 7 (m/s%)*/Hz for the semi-active suspension
with G = 3. The extremely high magnitude response of the constant current suspension is
partly attributed to the end-stop impacts, as discussed in section 5.3.3. The
implementation of the proposed controller could eliminate such impacts. The results
clearly show superior vibration attenuation and end-stop impact performance of the

semi-actively suspension seat for both the nominal as well as amplified EM1 excitations.
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The results further show only minimal benefits of higher control gain due to saturation

and current limitation properties of the MR-damper.
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Figure 5.22: Comparisons of the PSD of body mass acceleration responses of the
semi-active and constant current suspension seats under class I construction vehicle
excitation for different gains: (a) EM1; (b) EM1A.
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5.6 Integrated End-stop Impact Control (IC)

The suspension seats with limited travel yield frequent impacts against compression
and extension end-stops. Such impacts cause transmission of severe vibration and shock
to the seated occupants, particularly under high intensity and transient excitations [1, 24,
26]. Considerable efforts have thus been made to limit the frequency and severity of the
end-stop impacts. A few recent studies have employed ER and MR-dampers using a
simple relative displacement control [36]. Such a control methodology yields definite
benefits in limiting the end-stop impacts, while the enhancement of vibration attenuation
performance under continuous vibrations is entirely ignored. Owing to the vehicle
operations on terrains of varying roughness, it is vital to enhance both the vibration
attenuation and the end-stop performance characteristics.

The skyhook-based controller proposed in the previous section is thus further
enhanced by integrating the end-stop impact control. The primary goal of this integrated
controller is to attain improved shock as well as vibration isolation of the suspension seat
under continuous as well as transient or intermittent excitations of varying intensity. The
integrated control algorithm is formulated by introducing a position control to the
proposed skyhook-based control. The important prerequisite for the integrated controller
is the ability to adapt rapidly to sudden changes in the suspension position caused by high
intensity transient or continuous excitations. The transient oscillations attributed to the
switching would be expected to be far more significant for such a control. The integrated

control, therefore, must incorporate an adequate smoothing function to ensure continuous
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transitions between the different states.

5.6.1 Formulation of the Control Algorithm

The design of passive suspensions invariably involves difficult compromise between
the resonant response and the vibration attenuation response in the isolation frequency
range. This was clearly demonstrated for the passive suspension seat in the previous
chapter. The results obtained for the semi-active MR-damping suspension seat reveal that
the proposed suspension control could achieve suspension resonance control and
vibration isolation. The shock and vibration attenuation performance of a suspension seat
also impose conflicting requirement on the suspension damping [111]. This was also
demonstrated through the results presented in Chapter 4. The proposed control algorithm
could be further enhanced to limit the suspension travel within the permissible ranges by
applying the maximum current iy as the ‘suspension approaches its travel limits. An

integrated control algorithm is thus formulated as:
iy; if lxs —xb|>§sd
i, =1 G, =%, if (x, —x,|<8,d)N(x,(x, -%,)>0) (5.9)
0; if (x, —x,|<8,d)N(x, (%, —%,)<0)
where G is the control gain related to the proposed skyhook-based controller, d = d,. = d,
is the suspension free travel, and J, is the switching margin related to relative position
control. The constant J, defines the margin between the instantaneous suspension

deflection and the permissible travel, when the control current switches to its limiting

value ig.
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The above control algorithm involves switching in the command current in addition
to those associated with switching between ‘hi’ and ‘lo’ states, as described in the
previous section. The command current is thus expected to exhibit far more
discontinuous modulations. In order to minimize the effects of such discontinuities in the
control current, two different continuous modulation (CM) multipliers, M, and M., are
formulated and introduced within integrated control. The CM function M, ensures smooth
transition between the ‘hi’ and ‘lo’ states, as demonstrated in the previous section. The
function M, is formulated to provide smooth transition to the limiting current as the
relative position exceeds the margin value. The M., function is formulated similar to the

M., where the proportionality constant is considered as non-zero, such that:

(5.10)

- 1-
VIR e +[”°= L 20U e <0)][tan“ (€.ze.)
4 T

where p.. is the proportion of the ‘hi’ state command current i, to the limiting value of the

current, given by:

i s
P =2 4| (5.11)

Iy
Z.. is the condition function formulated to control the end-stop impacts, given by:

z . =0.d-

ce s

x, = x| (5.12)
&, is the smoothing factor used to vary the degree of the smoothness in the current

modulation, identical to £, .
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5.7 Response Characteristics of MR-suspension Seat with Integrated Control

The response characteristics of the two-DOF suspension seat model employing the
integrated end-stop impacts controller are assessed under different excitations described
in the previous sections. The effectiveness of the integrated end-stop impacts control
algorithm could only be evaluated while the suspension seat is subject to higher intensity
excitations. In other words, this integrated control algorithm reduces to the semi-active
skyhook-based control scheme, when the suspension seat is subject to a lower intensity
excitation. The integrated controller involves non-zero ‘lo’ state in the position control in
conjunction with two CM functions, M, and M., while a relatively value of the
smoothing factor &, (&~ 450) is desirable to ensure least transients associated with the
relative position switching algorithm. For vehicular excitations, the weighted and
un-weighted seat effective amplitude transmissibility (SEAT) and the ratio of the
vibration dose values (VDVR) of the suspension seat, are also computed and compared
with those obtained for the seat employing a passive hydraulic damper, constant current

MR-damper and under semi-active ‘hi-lo’ damping.

5.7.1 Harmonic Excitations

The rms acceleration transmissibility of the suspension seat with integrated control
under a lower intensity harmonic excitation in the 0.625 to 10 Hz frequency would be
identical to that of the seat with ‘hi-lo’ skyhook-based control, as described in section

5.5.1. This is attributed to the fact that the suspension travel under such excitation does

181



not exceed the position margin (d,d). The influence of the relative position control on the
suspension responses, however, can be observed from the resonant response, as evident in
Figure 5.23. The figure illustrates the time-histories of body mass acceleration (X,),
damping force (f;), suspension relative displacement (x;-x;) and the control current (iy),
when the suspension with the proposed integrated controller is subject to sinusoid
excitations of two different amplitudes (4, = 0.06 and 0.07 m) at a frequency of 1.25 Hz.
The results show that the suspension travel response under lower amplitude excitation (4,
= 0.06 m) remains within the selected margin of 0.6d, which yields negligible
contribution due to position control. A slight increase in the excitation magnitude to 0.07
m, however, causes the peak travel to exceed the selected margin during extension, which
results in considerably higher control current (approaching iy = 1.5 A) and thus the
damping force. The corresponding change in the acceleration response, however, is

nearly negligible due to absence of an end-stop impact.
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Figure 5.23: Influence of relative position control on the responses of the suspension with
integrated controller under different magnitudes of harmonic excitations (f,=1.25 Hz; G
=3; 05;=0.6).
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Figure 5.24 illustrates the some responses under a higher amplitude excitation (4, =
0.112 m) that causes the end-stop impacts to occur. The results show that the i; assumes a
value of iy for most of the cycle, since the relative displacement exceeds the selected
position margin. While the damping force tends to be higher under high excitation, the
magnitude of the maximum damping force (corresponding to iy = 1.5 A) is insufficient to
limit the occurrence of the end-stop impact. Moreover, the suspension behaves as a fixed
damping suspension with high damping for majority of the cycle. This tends to nullify the
semi-active control and thus yields significantly higher magnitude of body mass
acceleration and loss of contact between the mass and the seat as evident in Figure 5.24.

The nearly passive behaviour of the suspension system with the integrated control is
mostly caused by relatively smaller position margin (J; = 0.6). An increase in this margin
could allow the damping variation following the semi-active algorithm and thus limit the
body mass acceleration. The figure also illustrates the responses, when the margin is
relaxed to 0.8. This allows more continuous modulation of the control current, which
tends to eliminate the end-stop impacts and the loss of body mass contact with the seat by

limiting the magnitude of the body mass acceleration.
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Figure 5.24: Influence of position margin on the responses of the suspension with
integrated control under a relatively higher excitation magnitude (f,=1.25 Hz; G=3; A,
=0.112 m).
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5.7.2 Transient Excitations

Figure 5.25 illustrates the responses of the suspension seat with integrated control to
transient excitation of different peak magnitudes, while the predominant frequency is 1.5
Hz. The results show time-histories of body mass acceleration (X,), damping force (f2),
end-stop force (F3) and the control current (i;), while a unity control gain (G= 1) and
position margin of 0.6 are used. The results show absence of end-stop impacts under
0.099 m peak displacement excitation, while the impacts are considered to initiate under
0.115 m excitation. This excitation level is significantly higher than that initiated the
impacts with the skyhook control alone (0.077 m; Figure 5.19), and thus suggests
effectiveness of the integrated control. Both the excitations, however, reveal loss of
contact between the mass and the seat, which was also observed for the skyhook control
under 0.077 m excitation. The magnitude of the impact force tends to increase under
higher magnitude excitation (4, = 0.132 m). The results further show that the control
current approach the limiting value for a relatively larger segment of vibration cycle and
thus yields relatively higher values of peak acceleration.

The magnitude and frequency of the end-stop impact and thus the mass acceleration
could be limited by relaxing the position margin, which allows for damper operation in
the skyhook control mode for a relatively larger position of the vibration cycle. This is
evident from the results presented in Figures 5.26 and 5.27, respectively, for §,=0.7 and
0.8, while the peak magnitude of excitation is held at 0.115 m. Comparisons of Figures

5.25 to 5.27 show that the peak impact force decreases with increasing position margin,
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while the control current approaches iy less frequently for a higher value of 6,. The
results suggest that a margin value of 0.8 would yield less frequent and less severe

end-stop impacts under high intensity transient excitations.
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Figure 5.25: Transient response characteristics of the suspension with integrated control
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Figure 5.26: Transient response characteristics of the suspension with integrated control
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Figure 5.27: Transient response characteristics of the suspension with integrated control
(A4,=0.115m; G=1;and &,=0.8).
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The likelihood of an end-stop impact could also be reduced by selecting a higher
skyhook control gain. Figures 5.28 and 5.29, respectively, illustrate the influences of peak
displacement magnitude (4,) of the transient excitation and the position margin (4, ), on
the suspension seat responses with integrated controller, while the skyhook control gain is
increased to 3. It is evident that the end-stop impacts occurring under 0.115 m are entirely
eliminated due to the higher control gain. It should be noted that the controller with
skyhook control also resulted in impact under this excitation (Figure 5.20). The results in
Figure 5.28 show that the end-stop impact initiates under a considerably higher excitation
(4, = 0.132 m) when the margin is chosen as 0.7. An increase in the margin to 0.8
together with G = 3, however, tends to increase the severity of the end-stop impact, as
observed in Figure 5.29. This is mostly caused by the smoothing function M., which
tends to limit the control bandwidth. The results presented in Figures 5.25 to 5.29 suggest
that position margin for limiting the shock response must be selected with appropriate
consideration of the skyhook control gain chosen for enhancement of the vibration
attenuation performance.

As described in Chapter 2, the damping force due to a MR-damper strongly depends
on the nature of excitation and the applied current. The damping force could be increased
by increasing the applied current limits through appropriate design of coils. A higher
limiting value of iy from 1.5 to 2.5 A, and thus the corresponding force, would help limit
end-stop impacts under high intensity excitations. Furthermore, such a damper design

would yield relatively higher damping force bandwidth for the skyhook control. Figure
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5.30 illustrates the responses of the suspension seat with the integrated controller under a
transient excitation with peak displacement magnitude of 0.132 m, while the control gain
G and the current limit iz;are increased to 7 and 2.5 A, respectively. The results show that
increasing the damper current limits could reduce the occurrence of the end-stop impacts
and yield improved shock attenuation performance.

The effectiveness of the integrated control in limiting the frequency and severity of
end-stop impactsr can be demonstrated by comparing the peak magnitudes of transient
excitation that either cause or initiate interaction with the end stops. Table 5.1
summarizes the peak displacement excitations that are considered to initiate end-stop
impacts of different suspension dampers including passive hydraulic, constant current
MR, skyhook control and integrated control. The table also lists the corresponding
control gains and the position margins. The results clearly show that the vibration energy
required to initiate end-stop impacts increases most significantly, when either the
skyhook or integrated controller is employed. Both the passive hydraulic and constant
current MR damper suspension revealed impacts under 0.055 m transient excitation,
while the skyhook-based control yields impacts only under 0.077 and 0.115 m excitations
for G = 1 and G = 3, respectively. These limits increase to 0.115 and 0.132 m,

respectively, with the integrated control.
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Table 5.1: The peak displacement magnitudes of transient excitations that initiate
end-stop impacts of different suspensions.

Passive suspension seat equipped with hydraulic damper 0.055m
MR suspension seat with constant current i = 0.12 A 0.055m
MR suspension seat under ‘hi-lo’ skyhook-based control with G = 1 0.077 m
MR suspension seat under ‘hi-lo’ skyhook-based control with G =3 0.115m
MR suspension seat under integrated control withG=1and 6,=0.8 [0.115m
MR suspension seat under integrated control with G=3and 6,=0.7 |0.132m

5.7.3 Vehicular Excitations

The response characteristics of the MR suspension seat with the integrated
suspension control (IC) are further evaluated under two different vehicular excitations
and their amplified levels, namely, ‘Bus’, ‘BusA’, ‘BusA2’, ‘EM1’ and ‘EMI1A’. The
responses are evaluated in terms of SEAT, SEAT,,, VDVR and VDVR,, and compared with
those derived for the suspension seats equipped with a hydraulic damper, a constant
current (i = 0.12 A) MR-damper and with a semi-active skyhook-based damping control
(SC). The results are attained for different values of skyhook control gains, while the
position margin for the IC controller is chosen as 0.8.

Figure 5.31 illustrates comparisons of the SEAT and VDVR measures of different
suspension seats under the ‘Bus’ excitation. The results show that both the SC and IC
controller yield lower values of SEAT and VDVR, when compared to those of the passive
and constant current MR dampers. Moreover, both the controllers yield nearly identical
responses, which can be attributed to absence of end-stop impacts under this excitation,

as it was observed for the passive suspension seat in section 4.4.1. The results show that a
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higher controller gain would be desirable in limiting the transmission of continuous
random vibration. Too high a gain value, however, deteriorates the suspension
performance, which is particularly evident from the weighted measures. The results
suggest gain value, G = 3, would yield a SEAT and VDVR values of 0.67, compared to 0.8
for the passive suspension.

The relative performance characteristics of the suspension are further evaluated
under amplified Bus excitation, ‘BusA’ and ‘BusA2’. Figures 5.32 and 5.33 present
comparisons of the SEAT and ¥DVR measures of different suspension under ‘BusA’ and
‘BusA2’ excitations, respectively. An increase in the excitation level yields only marginal
increase in SEAT and VDVR measures of the passive suspension, suggesting negligible
contributions due to end-stop impacts. The relatively lighter damping of the constant
current MR-damper, however, causes end-stop impacts under amplified excitations. The
VDVR values thus tend to considerably higher than two SEAT measures for both
excitations. The skyhook and integrated damping controls, on the other hand, continue to
provide comparable values of SEAT and VDVR, irrespective of the amplification, which
also demonstrates robustness of the control algorithm. These results further suggest

absence of the end-stop impacts and G = 3 as the desirable controller gain.
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Figures 5.34 and 5.35 illustrate comparisons of the SEAT, VDVR, SEAT, and
VDVR, measures of different suspension seats under ‘EM1’ and ‘EMI1A’ excitations,
respectively, which predominate at a relatively higher frequency of 2.1 Hz. The position
margin (d;) for the IC suspension is chosen as 0.8, while the gain values are varied. The
passive suspension seat exhibits end-stop impacts only under EM1A excitation, where the
VDVR values are considerably larger than the SEAT values. The suspension seat with
constant current (i = 0.12 A) MR-damping, on the other hand, yields relatively higher
SEAT values due to its light damping. The corresponding ¥DVR values are significantly
higher under both ‘EM1’ and ‘EM1A’ excitations, suggesting the presence of end-stop
impacts. The suspension seats with SC and IC damping yield comparable but
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considerably lower values of SEAT and VDVR under ‘EM1’ excitation, when compared
with those attained for the passive and constant current MR damping suspension. These
values tend to be ever lower under ‘EM1A’ excitation, suggesting superior performance
of the SC damping suspension in limiting both the vibration transmission and the
end-stop impacts. The results also suggest that the integrated control (IC) is not required
since the SC damping control effectively limits the suspension travel within the specified
margin.

The results further show that a lower controller gain would be desirable when the
assessments are performed on the basis of weighted measures. It can be established that a
higher gain yields higher vibration transmission in the isolation frequency range, where
the magnitude of the weighting filter tends to be higher [94]. A lower gain, on the other
hand, would cause higher resonant vibration under transient excitation or excitation in the
vicinity of the suspension natural frequency, such as ‘Bus’. A control gain of 3 is thus
considered to provide an adequate compromise among the measures under different
excitations. This is also evident from the comparisons of the performance measures
evaluated under different values of the position margin, ranging from 0.6 to 0.8,

presented in Figure 5.36.
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Figure 5.34: Comparisons of the weighted and unweighted SEAT and VDVR measures of
different suspension seats subject to ‘EM1’ excitation.
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different suspension seats subject to ‘EM1A’ excitation.
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VDVR responses of the suspension seats with integrated control subject to ‘EM1A’
excitation.

5.8 Summary

The MR-damper model, derived in Chapter 2, is integrated to the validated passive
suspension seat model to formulate and investigate the performance potentials of
controllable MR damper. The analysis of the model with the constant current MR damper
revealed that the response characteristics of the seat with an uncontrolled MR damper are
similar to those of the passive suspension seat, under different continuous and transient
excitations considered. A ‘hi-lo’ semi-active control algorithm (SC) is formulated on the
basis of well-known skyhook control to modulate the control current from ‘zero’ state to

the ‘hi’ state, which is proportional to instantaneous relative velocity response of the
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suspension. The contributions due to current switch and damper hysteresis to the
suspension responses are also presented. Owing to the significant transient oscillations
caused by current switching, a continuous modulation (CM) algorithm is proposed to
achieve smoother transition from the ‘hi’ to ‘lo’ state. The results attained under
deterministic and random excitations of continuous and transient nature revealed the
effectiveness of the smoothing function in limiting the switching oscillations.
Furthermore, the SC damping suspension resulted in superior performances under
harmonic, transient and random vehicular excitations. It is concluded that a gain value of
3 would yield adequate compromise between the vibration attenuation and end-stop
impact performance of the suspension.

In order to further improve the shock attenuation performance, an integrated control
scheme (IC) is synthesized by introducing a relative position control to the semi-active
skyhook-based control algorithm. The results show that the integrated control scheme
could improve the shock attenuation performance of seat under high intensity excitations
by limiting the frequency and severity of end-stop impacts. The proposed IC algorithm
does not affect the suspension performance under lower intensity excitations. The
proposed controller thus yields improved shock as well as vibration attenuation
performance of the suspension seat, which are known to pose conflicting design

requirements for passive suspension seats.

202



CHAPTER 6

HARDWARE-IN-THE-LOOP TEST AND ANALYSES

6.1 Introduction

A mathematical model of the nonlinear MR damper suspension seats has been
developed and systematically analyzed in Chapters 2 and 3, upon considerations of the
hysteretic properties. Such hysteretic characteristics of the MR damper are strongly
dependent on both the excitations and the control currents, which pose significant
difficulty and challenges in modeling, analysis and controller design. The effectiveness of
the proposed skyhook-based and integrated controllers has been demonstrated for
different continuous and transient excitations of varying intensities, in the previous
chapters. The simulation results attained show superior potential of the proposed
controllers in limiting the shock and vibration transmission of the suspension seat.
Further studies on experimental validations and practical implementation of the controller
would thus be highly desirable.

The implementation and the performance analyses of the hardware would involve
fabrication of a suspension seat with a MR damper, integration of sensors to acquire the
suspension mass velocity, as well as relative displacement and relative velocity across the
suspension, and assessments under different excitations.  Alternatively,
Hardware-in-the-loop (HIL) test methodology may be applied to examine the validity of

the suspension and controller models, and to further tune the controller hardware for
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prototype development. Hardware-in-the-loop (HIL) test and simulation methodologies
have been widely used for efficient analysis of various controllers and systems [18, 46,
112, 113]. Such methodologies have been effectively applied for tuning and assessments
of vehicle suspensions [18, 46, 114]. A recent study has also applied the HIL technique
for assessing the performance potential of a semi-active MR damping suspension seat
coupled with a “full-vehicle” model based upon a PID controller synthesis [49]. The
study, however, did not explore the shock responses induced by the seat suspension
end-stop impacts, which might be more detrimental for driver’s ride comfort and health
to some extent. The reported studies have invariably demonstrated superior potential of
the HIL methods for tuning of the controller parameters and system design variables, and
for assessments under varying operating conditions. Hansselmann [112] has summarized
the HIL test techniques together with the hardware requirements and various capabilities
of the HIL real-time simulation.

The HIL technique could provide a real time simulation environment, under which
the objective component can be conveniently evaluated while interacting with other
components within the total system considered. In this study, a hardware-in-the-loop test
and simulation platform is developed for synthesis, tuning and evaluations of different
control algorithms in a real-time environment. The tests and simulations are performed
under different excitations, while the magnitudes of excitation are limited to ensure safety
of the damper hardware and the system. The results attained are used to demonstrate the

validity of the analytical models of the MR-damper, the integrated seat suspension system
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and the controllers.

6.2 Development of the Hardware-in-the-loop Test and Simulation Platform

A HIL test platform was developed in the laboratory for efficient assessments of the
MR damper suspension seat and the controller. The platform integrates the damper
hardware with the MATLAB/SIMULINK model of the suspension seat and the controller
through the dSPACE communication hardware and software in a real-time manner. While
the SIMULINK model provides “mode-switching” including both continuous and
discrete time representations, the dSPACE offers a modular real-time simulation
environment with configurable I/O capability to realize data communications between
software and hardware. A power supply is further designed to provide the control current
for the MR-damper using the digital command signal generated by the controller within
the SIMULINK model. The platform consisted of a primary interface window that
permitted the user to select model parameters, control algorithm, controller gain and
excitation. This window was developed using the ControlDesk module of the dSPACE.

The structure and design of the platform is described in the following subsection.

6.2.1 Description of HIL Test System
Figures 6.1 and 6.2 illustrate the schematic diagrams of the HIL test system
developed for design and assessment of a semi-active seat suspension involving a MR

damper. The figures show the interface between the hardware and the software. The HIL
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platform can be divided into three major components: software, hardware and interface
part between the software and the hardware. The software part consists of the control
algorithm and the nonlinear analytical model of the suspension seat system, as described
in Chapter 4, with the exception of the damper model. The hardware portion comprises
the MR damper, a servo-hydraulic vibration test system, a power supply for the damper
(DPS), a force sensor for acquiring the damper force signal, and a thermometer for

monitoring the damper body temperature.

Software Interface Hardware

DSP

Human Body _l

I

Suspension —l

2 l

Inpl"tr Xbwy

)

Semi-active
Controller

-------------------------------------------------

Figure 6.1: Schematic diagram of the HIL test system comprising the MR-damper
hardware, the suspension seat model and the interface.
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Figure 6.2: Schematic diagram of the interface between the hardware and the software.

The servo-hydraulic test system (MTS) used in the HIL test system was described in
Chapter 2 (Figure 2.1), which includes the hydraulic power unit, a servo-hydraulic
actuator, the controller and an AD board for acquiring the instantaneous force, velocity
and displacement signals. The interface component provides communications between
the software and the hardware through DSP processor and I/O boards. Figure 6.3

illustrates a pictorial view of the HIL test system.
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Figure 6.3: A pictorial view of HILS for the proposed suspension seat (1- DPS; 2- I/O
board ; 3- Temperature monitor; 4- Hydraulic actuator; 5-LVDT & LVT;, 6- MR-damper;
7- Force sensor).

The HIL test and simulation is initiated by selecting an excitation signal x(t) from
the primary interface window. The real-time simulation of the suspension seat model is
then performed within the SIMULINK environment and the resulting suspension relative
displacement response (x;-x5) is supplied to the servo-controller through the DSP and /O
board. The servo controller generates the necessary command to create actuator and thus
the damper motion of (x;-xp), while the resulting damping force measured from the force
sensor is supplied to the SIMULINK model to close the hardware-in-the-loop. The

SIMULINK model also provides the velocity and position signals for the damper
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controller. A digital command signal is further generated from the SIMULINK program,
which is interfaced with the damper power supply (DPS) through the I/O board. The
platform thus allows real-time communications between the suspension seat software and
damping force hardware, and controller command current and the DPS. A PID controller
is also developed and integrated to ensure stable current supply for the damper. While the
HIL platform serves as an efficient real-time test and simulation tool, its applications are
limited within a bandwidth of 25 Hz, attributed the dynamics of the servo-valve and the

hydraulic actuator [23].

6.2.2 Design of the Digital Damper Power Supply (DPS)

A digital damper power supply is designed and fabricated to provide a direct current
for driving the MR-damper coils. The control algorithms, described in Equations (5.3)
and (5.9), are defined within the SIMULINK environment in conjunction with suspension
seat model. This algorithm yields the command signal for the damper, while maximum
current and voltage outputs of the I/O board are limited 25 mA and 10 V, respectively. A
digital damper power supply is thus design to amplify and stabilize the control current
using the signal from the I/O board and a DC power supply. It needs to be noted that the
inductive coils within the damper piston may induce some time delay and steady-state
error, which was attenuated through a PID controller. Figure 6.4 illustrates the damper
power supply, where a simple 1Q resistance was used to form a feedback loop for the

PID controller. This resistance value cannot be too low in order to limit the current level.
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The +5 mV voltage offset of the A/D converter would also cause a corresponding offset
in the current. Maximizing the resistance could therefore minimize the current offset. A
thermocouple (Channel #1) was further utilized to monitor the DPS temperature and the
experiments were conducted at the temperatures below 60°C.

T

33kQ 111.00“" J_M,F

1 1

—

+1100uF
o ]

1.2kQ

DA2

AD3

Figure 6.4: The damper power supply circuit (DA2- Command signal from /O board;
AD3- Feedback for the PID controller).

6.2.3 dSPACE Communication and Interface Window Design

The dSPACE communication and the interface window were designed to provide
efficient environment for the experimenter in selecting the test and simulation parameters.
The HIL test and simulation of configured suspension seat model and the damper
controller is launched within the ControlDesk module by loading the compiled files and
the software under the ds1104 operating environment.

The interface window was developed to include parameter selection, signal

monitoring and data recording, as shown in Figure 6.5. The instrumentation of the
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ControlDesk was used to provide a number of virtual instruments for monitoring the
different response variables. System parameters, such as the amplitude and frequency of
the excitation signals, the controller gain and the constant current values, could be easily
configured on the input panel, as seen in Figure 6.5. The input panels, “A” and “B”, were
designed with menus on the excitation signals and the controller option, respectively. The
excitations could be selected from a variety of signals, such as harmonic, white noise,
EM1, Bus and transient signals, as described in Chapter 4. The control algorithm options
included zero current (‘lo’ state), constant current, skyhook control and integrated
control.

The signal monitoring panels on the left- and right-sides were built for displaying the
displacement, velocity and acceleration due to the excitation, suspension mass and the
body mass together with the control current. The platform also permitted for monitoring
and measurement of component forces, such as spring force, fiction force, damping force,
buffer force and the cushion force. The ControlDesk further allowed the experimenter to
save the captured data from real-time applications or simulations, using the capture
settings window displayed under the panel B of the interface window in Figure 6.5. For
the proposed HIL system, the capture settings window was chosen for the data recording.
The reference data manager could further be used to generate and save the data, while
two file formats were supported: the comma-separated values file format (CSV) and the

MATLAB binary file format (MAT file).
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6.3 Experiment Methodology

It was established that the damping characteristics of a MR damper are strongly
dependent upon the excitation and the control current. The proposed HIL tests and
simulations were therefore conducted under a variety of excitations, as described in
section 4.3, and the proposed ‘hi-lo’ semi-active controller with different control gains
(G). The results were analyzed and compared to those derived from the analyses of the
corresponding model, so as to assess the validity of the proposed analytical formulations
and the effectiveness of the controller. The results derived for the proposed suspension
seat models (software), involving MR damper (hardware) with constant current are also
evaluated and discussed in the following sections. Owing to the limited stroke of the
candidate MR-damper and its vertical orientation in the test system, the free travel (d.+d.)
of the suspension seat had to be limited to 60 mm instead of 140 mm used in the

simulation model to ensure safety of the damper and the test system.

6.3.1 Excitation Signals and Control Methods

The excitation signals to the proposed HIL test system were selected to be identical
to those used in the simulation of the analytical models, as described in section 4.3.
Constant displacement excitations of 15 and 25 mm amplitude at frequencies of 0.5, 0.75,
1.0, 1.25, 1.5, 1.75 and 2.0 Hz were initially applied to study the low frequency
characteristics of the suspension seat with a MR-damper. The high frequency responses

were evaluated under constant acceleration harmonic excitations of 2.37 and 3.95 m/s*
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amplitude at frequencies of 2.5, 3.0, 4.0, 5.0, 6.0, 8.0, 10.0 Hz.

The responses to transient excitation were evaluated under the transient signal,
described in section 4.3, with peak displacement magnitudes of 27.5, 42.5 and 66 mm at a
frequency of 1.5 Hz. It should be noted that the magnitude of the transient excitation
could be easily tuned within the HIL test platform. The response characteristics of the
suspension software and hardware were also evaluated under selected vehicular
excitations. For this purpose, the excitations due to the urban bus (Bus) and an
earthmoving machine (EM1) were applied together with the amplified excitation (BusA
and EM1A).

Four different experiments were designed to study the effects of control current
inputs. The first experiment involved zero control current, which permitted for validation
of the MR-damper and passive suspension models. The second series of experiments
were performed under a constant current (i = 0.1 A), which further provided an
opportunity to further examine the validity of the models. The last two experiments
involved the skyhook based ‘hi-lo’ control with gains of 1 and 3, respectively. The results
attained from the latter experiment were used to demonstrate the wvalidity and
effectiveness of the proposed semi-active suspension seat. The experiments for the
integrated controller were also attempted, which provided poor results due to the travel
limit constraint of + 30 mm imposed on the control together with the position margin of
0.8 (effective travel = 24 mm). This limit caused the damper to operate in the ‘hi’ mode

for majority of the time and thus resulted in deteriorated performance. The results
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attained from this experiment are thus not presented.

6.4 Responses to Harmonic Excitations

The responses to low frequency constant displacement and high-frequency
constant acceleration harmonic excitation were measured under four different current
inputs. The results attained in each experiment are compared with those derived from the

models, described in Chapter 5.

6.4.1 Constant Current Inputs

Figure 6.6 presents the comparisons of the measured and computed time domain
responses of the suspension seat model with the passive MR damper hardware (i = 0.1 A),
subject to a 25 mm harmonic displacement excitation at the frequency of 1.5 Hz. The
comparisons are presented in terms of a few selected measures, namely applied current (i),
vertical damping force (fz), body mass acceleration ( X, ) and suspension mass
acceleration (X, ). The results suggest reasonably good agreements between the measured
and model responses, except for the high frequency oscillation in the measured
suspension mass acceleration response. This deviation was attributed to the noise induced
by the tracking error in the drive circuit employing the PID control, as described in
Figure 6.4. The oscillations in the drive current are clearly evident in Figure 6.6.

The damping force and the suspension velocity data are further analyzed to derive

the hysteretic f~v characteristics of the MR-damper. The results are compared with those
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derived from the mathematic model of the damper described in Chapter 2 (Figure 6.7).
The measured data exhibits trends similar to those observed in the model response,
although some deviations are evident. The measured data reveals relatively higher
hysteresis in the damping force at higher velocities than that evident from the model
results. Such a deviation was also observed in the results presented in Chapter 2 at very

low currents.
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Figure 6.6: Comparisons of model and measured responses of the suspension seat with
the MR damper hardware subject to 0.1 A constant current and a harmonic excitation (f, =
1.5 Hz and 4,= 25 mm).
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Figure 6.7: Comparison of the computed and measured f~v characteristics of the
MR-damper in the damper installing direction under a harmonic excitation (i=0.1 A,
f~=1.5Hz, A,=25 mm).

The body mass acceleration responses under the selected excitations at discrete
frequencies were analyzed to derive the rms acceleration transmissibility ratio. Figure 6.8
shows comparisons of the measured and computed acceleration transmissibility responses
of the suspension seat model with the MR dampers subject to 0 and 0.1 A constant
current and the harmonic excitations in the (.5 to 10 Hz frequency range, as described in
Section 6.3.1. For the zero-current set up, the peak displacement and acceleration
amplitudes in the low and high frequency ranges were limited to 15 mm and 2.37 m/s?,
respectively, in order to limit the resonant response. For the 0.1 A excitations, these limits

relaxed to 3.95 m/ s® respectively. The result suggests reasonably good agreements

between the measured and model results over the entire frequency range, irrespective of
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the applied currents. Some deviations, however, are evident in the 3-6 Hz frequency
range. The zero-current damper operation yields excessive resonant transmissibility,
which decreases most significantly with the application of only small current (0.1 A). The
peak transmissibility reduces to less than 50%, even though the excitation amplitude is

considerably higher.

= = = .computed (Ar=25 mm, i=0.1 A)
measured (Ar=25 mm, i=0.1 A)
------- computed (Ar=15 mm, i=0.0 A)
measured (Ar=15 mm, i=0.0 A)

Acceleration Transmissibility

Frequency (Hz)

Figure 6.8: Comparisons of the body mass acceleration transmissibility responses derived
from the measured data and the model of the MR suspension seat with MR-damper (i =0
and 0.1 A).

6.4.2 Semi-active Damping

The experiments performed with the suspension seat with semi-actively controlled
MR damper revealed excessive high frequency noise in the acceleration and damping
force responses, irrespective of the controller gain. This was partly attributed to the
tracking error caused by the PID controller for the drive circuit and partly to the travel

limit constant, as discussed earlier. A reduction in the harmonic excitation magnitude
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from 25 mm to 20 mm helped to suppress this noise. The experiments were thus
performed under different discrete frequencies in the 0.5-10 Hz range, where the
displacement amplitude was held as 20 mm up to 2 Hz, and acceleration amplitude as
3.16 m/s’® at frequencies above 2 Hz. The results attained under this excitation are
analyzed and compared with those derived from the model described in Chapter 5. The
measured data acquired under two different controller gains (G = 1 and 3) were analyzed
to derive the body mass acceleration transmissibility responses. The results are compared
with the corresponding model results in Figure 6.9.

The results suggest reasonably good agreements between the computed and
measured responses for both controller gains, except for some deviations in the 3-6 Hz
frequency range. A comparison with the acceleration transmissibility response of the seat
with constant MR damping, shown in Figure 6.8, suggests that the proposed semi-active
“skyhook™-based control algorithm could considerably reduce the resonant
transmissibility and provide superior vibration attenuation in the isolation frequency
range, irrespective of control gains. The results also show that an increase in the gain
from 1 to 3 yields lower resonant transmissibility, while the response in the 3 to 6 Hz
range remains unaffected. A higher controller gain is thus desirable for limiting the shock
as well as vibration transmission to the body mass. The experiments were performed
using control gains of 5 and 7. The results did not show noticeable improvement or
variation in the response due to saturation of the candidate damper, which was also

observed from the model results presented in section 5.5.1.
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Figure 6.9: Comparisons of measured and computed acceleration transmissibility
responses of the suspension seat employing the proposed skyhook-based semi-active
damping control with two different control gains.

Figure 6.10 further compares the computed and measured responses of the seat
model employing the proposed semi-active skyhook-based MR damping control under 20
mm harmonic displacement excitation at 1.5 Hz. The comparisons are presented in terms
of measured and computed control current (i;), vertical damping force (f), body mass
acceleration ( X, ) and suspension mass acceleration ( X, ). The reasonably good
agreements between the measured and computed responses can be observed.
Considerable deviations, however, are also evident in the suspension mass acceleration
response, which shows large magnitude transient peaks, which were attributed to the
logic and condition functions used in the continuous modulation algorithm together with

the tracking error in the drive circuit. The results show smooth transition in the current
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from its ‘lo’ to ‘hi’; and ‘hi’ to ‘lo’ states, while a sudden change in current occurs after
the ‘hi’ to ‘lo’ state transition. This switching causes oscillations in the damping force

near zero velocity, as observed in the figure.
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Figure 6.10: Comparisons of the computed and measured responses of the suspension
seat model employing the proposed semi-active skyhook-based MR-damping under a
harmonic excitation (f;=1.5 Hz, 4,= 20 mm and G = 3).

The results presented in Figures 6.6 to 6.10 clearly demonstrate the validity of the
MR-damper and suspension seat models with and without the controller under harmonic

excitations, although the test methodology utilizes only the damper hardware. The results
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further show effectiveness of the proposed controller in limiting the resonant

transmissibility and enhancing the vibration isolation performance.

6.5 Responses to Transient Excitations

The experiments under transient excitation were performed under different
magnitudes of peak displacements, while the dominant frequency was limited to 1.5 Hz.
For constant applied current (0.1 A), the peak magnitude were limited to 27.5 and 42.5
mm, while the experiments under zero-current were discontinued due to severe end-stop
impacts. Higher excitation magnitudes (42.5 and 66 mm), however, were applied to

assess the performance of the semi-active suspension controller.

6.5.1 Constant Current Inputs

Figures 6.11 and 6.12 illustrate the responses of the suspension seat with a constant
current MR damping ( = 0.1 A) under 27.5 and 42.5 mm transient excitations,
respectively. The results are presented in terms of vertical damping force (f4,), end-stop
force (F}), body mass acceleration ( X,) and body mass displacement (x,), and compared
with those attained from the analytical model. The results show very good agreements
between the model and measured data under both excitations. The results show high
frequency oscillations in the damping force of considerable magnitude, irrespective of the
peak displacement magnitude. This contributed to the damper hysteresis, which tends to

introduce high frequency oscillations near zero velocity. The end-stop impacts seem to
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occur under 42.5 mm excitation, while the results show some deviations in the peak
end-stop forces desired from the HIL test and the model. It should be noted that the
end-stop impacts occur at a relatively lower excitation since the suspension travel is
limited to only £ 30 mm. Both the measured body mass acceleration and displacement

agree very well with the simulation results.
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Figure 6.11: Comparisons of model and measured responses of the suspension seat with a
constant current MR damping under transient excitations (i = 0.1 A; 4, = 27.5 mm).
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Figure 6.12: Comparisons of model and measured responses of the suspension seat with a
constant current MR damping under transient excitations (i = 0.1 A; 4, = 42.5 mm).

6.5.2 Semi-active Damping

The transient response characteristics of the proposed semi-active “skyhook”-based
controller are also measured under excitations of different magnitudes (42.5 and 66 mm)
and different control gains (G = 1 and 3). Figures 6.13 and 6.14 present the
comparisons of computed and measured responses of the suspension seat employing
semi-active skyhook-based damping control, subject to 42.5 mm transient excitation and

control gains of 1 and 3, respectively. The measured and computed responses of the
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controlled suspension model agree reasonably well, while some deviations in the peak
acceleration responses are evident. The results show high oscillation in the control current
near t = 8 s, which induces oscillations in the damping force and the acceleration

responses. Such oscillations are most likely caused by the current-drive circuit instability.
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Figure 6.13: Comparisons of computed and measured responses of the suspension seat
employing the proposed semi-active damping control under 42.5 mm transient excitation
(G=1).

The results further indicate that the proposed semi-active skyhook-based controller

with a unity control gain (G = 1) yields end-stop impacts, while the magnitude of the
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end-stop force is significantly smaller than that attained with the constant current damper
(Figure 6.12). The results thus suggest that the proposed controller could yield improved
shock isolation performance. The occurrence of the end-stop impact, however, could be

eliminated by increasing the control gain to 3, as seen in Figure 6.14.
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Figure 6.14: Comparisons of computed and measured responses of the suspension seat
employing the proposed semi-active damping control under 42.5 mm transient excitation
(G=3).

Figure 6.15 further illustrates the comparison of measured and model responses,
when the peak excitation magnitude is increased to 66 mm. The results again show

reasonably good agreements between the measured and computed responses, while the
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measured peak end-stop forces are slightly higher than the corresponding computed
values. The results do not show the oscillations in the control current that were observed
in Figure 6.14 corresponding to 42.5 mm excitation. Such oscillations were thus believed
to be caused by misalignment in the damper mounting used in the experiment under 42.5
mm excitation. A comparison of the results with those attained for the constant current
damper (Figures 6.11 and 6.12) also shows that the high frequency oscillations in the

damping force, attained to the hysteresis, are effectively suppressed by the proposed

controller.
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Figure 6.15: Comparisons of computed and measured responses of the suspension seat
employing the proposed semi-active damping control under 66 mm transient excitation
(G=3).
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6.6 Responses to Vehicular Excitations

The response characteristics of the suspension software and hardware were also
evaluated under selected vehicular excitations. Therefore, the vehicular excitations, such
as Bus, EM1, BusA and EM1A were'applied to assess the performance of the suspension

seat with a fixed current and the semi-active controller.

6.6.1 Constant Current Inputs

The experiments were performed under the selected vehicular vertical vibrations,
‘Bus’ and ‘EM1’, together with the corresponding amplified signals, ‘BusA’ and ‘EM1A’,
respectively, as illustrated in Figure 4.8. Figure 6.16 illustrates comparison of PSD’s of
the measured and computed body mass acceleration responses of the suspension seat with
a constant current MR-damping (i = 0.1 A). The figure shows the comparisons under all
four excitations (Bus, BusA, EM1 and EMI1A). Very good agreements between the
measured and computed responses are obtained under all the excitations, although some
deviations in 2-6 Hz frequency range can be observed, as was in case of the harmonic
excitations. The peak acceleration PSD responses of the mass under BusA and EM1A
excitations are nearly 3.8 times larger than those under Bus and EM1 excitations. This is
attributed to the effects of the end-stop impacts encountered under relatively high
intensity of the BusA and EM1A excitations. The end-stop impacts also occur under EM1

excitation due to limited suspension travel.
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Figure 6.16: Comparisons of PSD of the measured and computed body mass acceleration
of the suspension seat with a constant current MR damping (i = 0.1 A) subject to

6.6.2 Semi-active Damping

vehicular vertical vibration: (a) Bus; (b) BusA; (c) EM1; (d) EM1A.

The assessment and effectiveness of the proposed semi-active skyhook-based control

algorithms, described in Equations (5.3) to (5.7), are performed through HIL
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measurements under the selected vehicular excitations. Two different values of the
control gain (G =1 and G = 3) were applied to study the shock and vibration transmission
performance of the suspension seat. Figures 6.17 and 6.18 illustrate comparisons of the
PSD’s of measured and computed body mass acceleration responses of the semi-active
suspension for two different control gains (G = 1 and G = 3) under ‘Bus’ and ‘BusA’
excitations, respectively. The results show very good agreements between the measured
and computed responses, irrespective of the excitations and the control gains. The results
further reveal that increasing the control gain G could decrease the peak body mass
acceleration PSD considerably, particularly under the amplified excitation. A comparison
of the results with those attained under a constant current (Figure 6.16) suggests the
proposed controller helps to limit the occurrence of the end-stop impacts. The results
suggest that the vibration and shock isolation performance characteristics of a suspension
seat could be considerably enhanced by increasing the control gain. It should be noted
that the peak body mass acceleration PSD response of the fixed damping suspension is
comparable with that of the semi-active suspension under the ‘Bus’ excitation. The peak
response of the semi-active suspension under the ‘BusA’ excitation, however, is
significantly smaller suggesting elimination of the end-stop impacts. Moreover, the
control gain of 3 would be desirable to achieve adequate attenuation of vibration and

elimination of the end-stop impacts.
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Figure 6.17: Comparisons of PSD of the measured and computed body acceleration of the
suspension seat employing semi-active damping control with different control gains
(excitation: Bus).
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Figure 6.18: Comparisons of PSD of the measured and computed body acceleration of the
suspension seat employing semi-active damping control with different control gains
(excitation: BusA).

Figures 6.19 and 6.20 illustrate comparisons of the PSD of the measured and
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computed body mass acceleration of responses of the semi-active suspension with two
different control gains and subject to “EM1” and “EM1A” excitations, respectively. The
results not only show reasonably good agreements between the measured and computed
acceleration PSD responses, but also confirm that a gain value of 3 is desirable. The
results also show the absence of end-stop impacts under the EM1 excitation, which were
observed for the constant current suspension. A comparison of the results with the
attained under constant current reveals that the peak acceleration PSD values decrease
from nearly 13 to 3.2 (m/s?)*Hz under the EMIA excitation, when the semi-active
control with gain of 3 is employed. The end-stop impacts, however, continue to occur

under EM1A excitation, which is mostly caused by limited suspension travel (= 30 mm).
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Figure 6.19: Comparisons of PSD of the measured and computed body acceleration of the
suspension seat employing semi-active damping control with different control gains
(excitation: EM1).
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Figure 6.20: Comparisons of PSD of the measured and computed body acceleration of the
suspension seat employing semi-active damping control with different control gains
(excitation: EM1A).

6.7 Summary

A hardware-in-the-loop (HIL) test platform was developed in the laboratory to
evaluate the performance characteristics of the proposed controller and examine the
validity of the analytical models of the MR-damper and the suspension system with the
control algorithms. Experiments were conducted to achieve the measured responses of
the suspension seat with a constant current MR-damper and the proposed semi-active
skyhook-based damping control. The measured data were acquired under harmonic,
transient and random vehicular excitations of different magnitudes. The measured
responses were compared with those obtained from the model simulation to examine the

validity and effectiveness of the proposed analytical models and the controller. The
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results generally revealed good agreements between the computed and measured results,
while high frequency oscillations were observed in the control current, particularly under
transient excitation, which were attributed to the tracking error of the PID controlled
employed for the drive current circuit. The results clearly revealed validity of the
analytical models, although the experiments involved only damper and drive-current
hardware. The results also confirmed the findings from the simulation results, namely the
role of the controller gain and the effectiveness of the semi-active control in enhancing

both the shock and vibration isolation performance.
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CHAPTER 7

CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK

Occupational drivers are frequently exposed to severe vibration and shocks caused
by the vehicle interactions with the road irregularities. The severity of such shock and
vibration transmitted to the seated driver tends to be considerably more in off-road and
heavy road vehicles. The design of an effective suspension at the seat involves complex
compromises in attenuating the vibration and shock transmitted to the seated human body.
A number of low natural frequency suspension seats have been widely adopted in the
off-road and heavy road vehicles. Such seats yield effective attenuation of vehicular
vertical vibration but cause transmission of excessive shock motions under high intensity
or transient excitations due to impacts against the end stops. The MR-fluid dampers offer
excellent potential to achieve variable damping with a wide bandwidth, which could help
achieve better compromise between the shock and vibration isolation performances under
continuous and transient vibration of varying intensities. The design and synthesis of a
MR-suspension seat, however, requires formulation of an effective controller with
appropriate considerations of the current-dependent hysteresis and saturation

nonlinearities of the MR-damper.

7.1 Highlights and Major Contributions of the Study

The highlights and major contributions of this investigation on the MR-fluid dampers
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and the semi-actively controlled suspension seat could be summarized under five
different topics that also describe the scope of the work: (a) characterization and
modeling the hysteretic properties of a MR-fluid damper; (b) development and relative
assessments of a generalized current-dependent function for describing the hysteresis
properties of a MR-fluid damper; (c) modeling and analyses of a passive suspension seat
with hydraulic damper and identification of performance limits; (d) controller synthesis
and performance evaluations of a semi-active suspension seat under a wide-range of
excitations; and (e) hardware-in-the-loop tests and simulations of the semi-active
MR-damper suspensions. The major contributions of the thesis research are summarized
below:

o Laboratory experiments are performed to characterize the f-v properties of a MR
damper over a wide range of motion and current excitations. The measured
force-displacement, force-velocity and seal friction properties of a MR damper
attained under a wide range of excitation conditions, are thoroughly analyzed to
derive essential and generally applicable features that could facilitate the model
synthesis.

e A generalized model synthesis is proposed to characterize the hysteretic
force-velocity characteristics of a controllable MR damper under a wide range of
sinusoidal excitation conditions and magnitudes of control current. A sigmoid
model synthesis is realized by integrating the components describing the
excitation and current dependent hysteretic linear rise in the pre-yield condition,
force limiting in the post-yield condition, zero-force velocity intercept,
zero-velocity force intercept and yield force corresponding to onset of saturation.
Simulations are performed to assess the effectiveness of the proposed model
synthesis and results obtained under wide range of simulation conditions are
compared with those obtained from the measured data. The results show
reasonably good agreements between the simulation results and the measured data,
irrespective of the excitation conditions and control current.

e The vast majority of the models formulated to characterize the hysteretic
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force-velocity properties of MR-dampers do not incorporate the nonlinear
dependencies upon the applied current, and the nature of excitation and response.
A generalized model formulation comprising the hysteretic and current functions
is proposed and applied to a number of reported models to account for variations
in both the applied current and the excitation. From the comparisons of the results
obtained from resulting modified models with the measured data, it is concluded
that the quality of the models can be significantly enhanced using the proposed
current function.

The reported nonlinear hysteretic biviscous, extended Bouc-Wen and polynomial
function models are further analyzed, and the results are compared with the
measured data to demonstrate their respective limitations and merits. The relative
effectiveness of the modified models based on the reported models is further
evaluated in terms of time history of the damping force error under selected
harmonic excitations. As a result, the generalized sigmoid hysteretic model yields
least error in the f-v hysteresis characteristics under varying currents and
excitation conditions, while the modified extended Bouc-Wen model provides
reasonably good estimations.

A nonlinear analytical model of a typical air suspension seat comprising of
nonlinear component models is developed to investigate its performance under
continuous and transient excitations of varying intensities. A polynomial based
cushion model is formulated to describe the force-displacement properties as a
function of the preload and deflection, and integrated to the suspension model.
The resulting model is validated using the laboratory-measured data, and analyzed
under a wide range of excitations including high magnitude excitations that cause
impacts against the end-stops.

The parameters of the MR-damper and cushion models are identified through
minimization of an error sum function based upon the measured data under
several excitation conditions.

The role of the suspension design parameters on the shock and vibration
performance characteristics of suspension seats are investigated on the basis of the
validated nonlinear model under different types of excitations. The effects of
variations in damping parameters on the seat performance are evaluated in terms
of seat effective amplitude transmissibility (SEAT,) and the VDV ratio (VDVR,)
under continuous and high magnitude random vibration that predominate at low
and higher frequencies. The performance limits of the passively damped
suspension are identified on the basis of the shock and vibration attenuation
measures.
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A MR-damper suspension seat model is formulated and analyzed under constant
current applications. It is shown that the open-loop MR-damper seat can provide
performance comparable to that of a passive suspension seat.

A ‘hi-lo’ semi-active control algorithm (SC) is formulated on the basis of
well-known skyhook control. Unlike the skyhook control algorithm, the
modulation from the ‘hi’ to ‘lo’ states or vice verse is based on the current control.
Moreover, the ‘off’ state is replaced by the ‘lo’ state corresponding to zero current,
while the ‘hi’ state is synthesized to yield damping force proportional to the
instantaneous relative velocity response. The contributions due to the current
switching and damper hysteresis to the suspension responses are also presented.

Owing to the significant transient oscillations caused by current switching, a
continuous modulation (CM) algorithm is proposed to achieve smoother transition
from the ‘hi’ to the ‘lo’ state. The results attained under deterministic and random
excitations of continuous and transient nature revealed the effectiveness of the
smoothing function in limiting the switching oscillations.

In order to further improve the shock attenuation performance, an integrated
control scheme (IC) is synthesized by introducing a relative position control to the
semi-active skyhook-based control algorithm. The results show that the integrated
control scheme could improve the shock attenuation performance of seat under
high intensity excitations by limiting the frequency and severity of end-stop
impacts, while retaining superior vibration isolation under lower magnitude and
higher frequency excitations.

In order to set up a hardware-in-the-loop test platform, a digital damper power
supply (DPS) is designed to amplify and stabilize the commend signal based on
the /O Board and a DC power supply. A PID controller was designed and
integrated within the current drive circuit to compensate for the time delays and
steady-state error caused by the inductive coils within the damper piston.

The hardware-in-the-loop (HIL) test platform is developed in the laboratory to
evaluate the performance characteristics of the proposed controller and examine
the validity of the MR-damper model and the control scheme. Experiments are
performed to measure the responses of the seat model with constant current
MR-damper, and employing the proposed semi-active “skyhook’-based controller.
The measured data, acquired under harmonic, transient and vehicular excitations,
are compared with the corresponding model results to demonstrate the model and
controller validity.
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7.2 Major Conclusions
On the basis of the studies conducted in this dissertation, the following major

conclusions are drawn:

o The laboratory-measured properties of a MR-damper revealed highly nonlinear
force-velocity characteristics, which included: (a) symmetric bi-nonlinear
behavior with significant hysteresis at lower velocities (pre-yield), followed by
linearly increasing force at higher velocities (post-yield); (b) force-limiting
behaviour under higher velocities; (c) passive property as evident from the nearly
elliptical force-displacement and nonlinear force-velocity curves with relatively
small hysteresis under a zero control current; (d) the damping force nonlinearly
increasing with magnitude of control current; (¢) the damping force strongly
dependent on the intensity of the applied magnetic field, and magnitudes of
excitation and response.

o The generalized model of the MR-damper, derived on the basis of symmetric and
asymmetric sigmoid functions, could accurately characterize the force-velocity
properties over a wide range of current and excitation conditions. The results
showed reasonably good agreements with the measured data, irrespective of the
excitation conditions and the control current. It is thus concluded that the
proposed model can effectively describe the nonlinear steady state hysteretic
dynamic properties of the controllable MR damper and can be effectively used to
design semi-active or model-based controllers.

e The strong current dependence of the MR-fluid damper behaviour could be
characterized by an independent function in current. It is concluded that the
prediction abilities of various hysteresis models could be significantly enhanced
upon integration of the proposed current function.

e It is further concluded that the use of velocity-dependent slope functions could
further enhance the prediction ability of the piecewise linear biviscous model.

¢ The non-convergent behavior of the polynomial function model can be eliminated
by introducing a describing function corresponding to ¥ =0. The modified
extended Bouc-Wen and the generalized sigmoid hysteretic models can ideally
characterize the hysteretic and current-dependent force-velocity properties of the
MR-damper.

o The preload and deformation-dependent force-deflection properties of a
polyurethane foam seat cushion can be adequately described by a polynomial
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function in normal static load and instantaneous deflection. This model also
allows for consideration of the pan bending under high intensity excitations.

A passive suspension seat can be adequately modeled as a two-DOF dynamic
system, provided that the component properties are accurately described.
Moreover, the human operator can be represented by a rigid mass when the
suspension natural frequency and excitations lie in the low frequency range.

The results suggest that a higher suspension damping is desirable for improved
attenuation of high intensity vibration and intermittent shock motions, particularly
for vehicles with predominantly low frequency vibration. For applications in
vehicles with relatively higher frequency vibration, such as industrial and tracked
vehicles, this design approach would also be acceptable as it would limit the
frequency and severity of end-stop impacts, while the performance under lower
levels of continuous vibration would deteriorate only slightly. A light damping,
however, is desirable for realizing enhanced isolation of continuous vibration of
low to medium intensity.

Replacing the ‘off” state of the skyhook control by the ‘lo’ (i = 0) state of the
damper helps to reduce the undesirable contributions due to switching. The ‘hi’
current state permits for deriving damping force proportional to the relative
velocity response.

The transient oscillations in the control current and thus the damping force can be
effectively suppressed by integrating the proposed continuous modulation
function that permits smooth transition from ‘hi’ to the ‘1o’ state.

A relative position control integrated to the ‘hi-lo’ control can enhance the
suspension performance significantly by limiting the frequency and severity of
end-stop impacts under high intensity vibration.

The proposed semi-active “skyhook” based damping control yields a better
compromise between the shock and vibration isolation responses, thereby reduced
frequency and severity of repeated end-stop impacts. This yields lower seat
effective amplitude transmissibility (SEAT) and the ratio of vibration dose value
(VDVR) under random excitations of varying intensity.

The ‘hi-lo’ semi-active control algorithm (SC) resulted in superior performances
under harmonic, transient and random vehicular excitations. It is concluded that a
gain value of 3 would yield adequate compromise between the vibration
attenuation and end-stop impact performance of the suspension. A higher gain
value is not beneficial due to saturation of the damping force.
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An alternate MR-damper with larger damping force bandwidth is desirable for
eliminating end-stop impacts.

e The integrated control scheme (IC) could further improve the shock attenuation
performance of seat under high intensity excitations by limiting the frequency and
severity of end-stop impacts. The proposed IC algorithm does not affect the
suspension performance under lower intensity excitations. The proposed
controller thus yields improved shock as well as vibration attenuation
performance of the suspension seat.

e The controller synthesis can be conveniently realized and assessed in a
hardware-in-the-loop (HIL) test and simulation environment, which offers added
flexibility for tuning of the controller.

e The measured data acquired from the HIL experiments in the passive as well as
semi-active damping modes showed generally good agreements with the
computed responses, except for the oscillations in the control current caused by
the drive circuit.

7.3 Recommendations for Further Studies

This dissertation research represents preliminary efforts in realizing effective model
of a MR-damper and control syntheses for applications in suspension seats. Owing to the
strong potential of the MR-damper and the proposed controller, further efforts are highly
recommended to conceive the design of a high performance suspension seat. Following

are some of the suggested further studies that should be undertaken:

e The development of a prototype semi-active suspension with integrated controller
should be undertaken for laboratory and field assessments of the shock as well as
vibration isolation performance benefits.

e Alternate control algorithms that reduce the hardware requirements, particularly
the acquisition of the absolute velocity signal, should be explored.

e Owing the superior performance of the semi-active “skyhook” based algorithm, it
is vital to explore methods for measurement of the suspension mass velocity.

241



Signal filter functions may be explored to derive the suspension mass velocity
signal from the directly measurable acceleration, although the phase response
would need to be examined.

The stability and robustness of the semi-active “skyhook™ based control algorithm
and its complementary algorithm (integrated control scheme) should be further
verified from the simulation or experimental results.

An alternate damper design with relatively larger stroke and damping force
bandwidth is desirable for realizing improved suspension performance and
assessments using HIL test techniques.

An alternate drive current circuit is highly desirable for ensuring stable control
current supply for the damper. It is recommended that alternate control algorithms
be explored to accurately track the command current.

Development of an effective phase compensator is vital to enhance the bandwidth
of the servo-control system within the HIL test platform.

Owing to the availability of only limited space, it is suggested that optimal
damper size and inclination be desired to achieve improved suspension
performance.
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