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ABSTRACT

MODELING AND PERFORMANCE ANALYSIS
OF ABS SYSTEMS WITH NONLINEAR CONTROL

Tianku Fu

ABS antilock braking systems are closed-loop control devices implemented in ground
vehicles that prevent wheel lock-up during braking. The existing ABS controls have the
ability to regulate the level of pressure to optimally maintain the wheel slip within the
vehicle stability range. However, the ABS exhibits strong nonlinear characteristics. The
vehicles equipped with the existing controllers can still have a tendency to oversteer and
become unstable. In this study, a new integrated Nonlinear Tracking Control (NTC) is
developed that includes the dynamic analysis of the hydraulic braking systems. In the
developed algorithm, the desired set points for the slip values are iterated from a nonlinear
tire model based on the Magic Formula. Simulations of hard braking and steering maneuvers
are conducted using the nonlinear Yaw-plane Four-wheel steering vehicle model with
Limited Roll motion (YFLR) incorporating the nonlinear Magic Formula tire model (MF).
Similar maneuvers are applied to the same vehicle model that is equipped with the
conventional PID controller. Braking and vehicle stability performances are compared for
the two implemented control systems to verify the reliability of the proposed control. In this
study, Four-wheel Steering Control (4WSC) and Variable Slip-ratio Control (VSC) are also
developed along with the NTC in the YFLR model to assess the cormering characteristics of
the vehicle during braking and turning. Three controllers are independent but are coupled
through the states of the longitudinal and Iateral tire forces. Considering the tire friction
ellipse, the control systems are designed using model matching control method to impose the
vehicle braking performances following a desired dynamic model even during large
decelerations or lateral accelerations. This study indicates that the action of the three
controllers implemented in the YFLR model is able to provide the directional control and
stability and can reduce the tendencies of oversteer in extreme emergency situations for the
specific road conditions. Simulations of the integrated controllers and ABS systems for
different conditions demonstrate significant improving in braking and vehicle stability

performances.
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CHAPTER 1
INTRODUCTION

1.1 GENERAL
Many modern vehicles use electronically controlled braking systems to give the driver
more steering control and shorter stopping distances on some surfaces during severe

braking conditions. The base braking system is shown in Figure 1.1.
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Fig. 1.1 Base Brake System Components
(Modified from www.ACDelco.com)

To improve the braking performance and to maintain the directional stability and
maneuverability of road vehicles, anti-lock braking systems have been used since 1970’s.
The trend in improving performances of braking systems yield to the development of a
large number of braking system models, vehicle models and control strategies.

A modern ABS antilock braking system is an electronic feedback control system,

which greatly increases the ability of driver and vehicle to avoid accidents on slippery



roads and during hard braking circumstances. An ABS system consists of a standard
braking system incremented with an electronic control unit (ECU), an electronic brake

control modulator (EBCM), and a wheel magnetic pickup speed sensor (Figure 1.2).
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R

Fig. 1.2 Typical Antilock Braking System
(Modified from www.ACDelco.com)

The conventional design of an ABS system begins with a complete understanding
of the tire-road friction characteristics. The braking in terms of minimum stopping
distance would be optimized if the slip of the tire on which the brake is applied could
always be kept at values corresponding to peak friction levels. The objective of ABS is to
maximize the tire traction by preventing the wheels from being locked during braking
while to help maintaining adequate vehicle stability and steerability. In practice, it is
difficult to determine the tire skid accurately, primarily due to the lack of a practical and

cost-effective means to directly measure the nonlinear speed of the tire center during



braking. Therefore, the control strategy of an ABS is usually formulated based on some
easily measurable parameters, such as the angular speed and angular deceleration or
acceleration of the tire and linear deceleration of the vehicle. When wheel lock is
detected, the pressure in one or more of the braking cylinders is reduced until the wheel
speed exceeds a predetermined value, at which time the pressure is again increased.

With the development of electronics circuits and vehicle sensors [1, 2], ABS
system enables the controller to maintain a specified value of longitudinal slip [3] by
measuring the relative velocity of the tire with respect to the road. The sensors measure
the speed of wheels and supply feedback signals to the electronic controller. On the basis
of the individual wheel speeds, the electronic controller detects any tendency of wheel
lock-up and controls the solenoid valves of hydraulic control element, which is located
between the master brake cylinder and the wheel brake cylinder. The three most common
approaches and their combination developed for the ABS nonlinear systems are: i)
variable structure control (sliding mode control) [4-11], (i) fuzzy logic control [12-17],
and i) adaptive control [18-24].

While controlling a practical system, the designer rarely knows its parameters
accurately. The characteristics of the process can change with time due to a variety of
factors. There may also be unforeseen change in the statistics of the external inputs and
disturbances that may be considered as changes in the environment in which the system
operates. The tools of conventional control theory, even when used efficiently in the
design of controllers for such systems may be inadequate to achieve satisfactory
performance in the entire range over which the characteristics of the system may vary.

The adaptation is defined as “an advantageous conformation of an organism to changes in



its environment”. Inspired by the definition, adaptive system in control theory refers to
the control systems that monitor their own performance and adjust their parameters in the
direction of better performance [25]. In general, the adaptive approach is applicable to a
wider range of uncertainties, but variable structure controls are simpler to implement and
no time is required to tune the controller to the plant variations. Variable structure control
is a dynamical system control with discontinuous state feedback controllers consisting of
a set of continuous subsystems with a proper switching logic. It rests on the concept of
changing the structure of the controller in response to the changing states of the system to
obtain a desired response. During the past several years, fuzzy control has emerged as
one of the most active and fruitful areas for research in the realm of industrial processes,
which do not lend themselves to control by conventional methods because of a lack of
quantitative data regarding the input-output relations. Fuzzy control is based on fuzzy
logical system that is much closer in human thinking and natural language than
traditional logical systems.

Most of the adaptive controllers recently developed use a linearized model for the
ABS system, hence provide only local stability. These systems have the ability to cope
with changing system parameters, but the lack of a global stability proof is often a major
disadvantage of the linearized adaptive controllers. Fuzzy control, on the other hand,
based upon the logic description between slip ratio and braking pressure to detect wheel
seizure and avoid excessive slipping. However, because the ABS systems not only
dependent on the control logic, they also account to the braking system and vehicle
dynamics, many unknown parameters often affect the control logic and make the fuzzy

control unreliable. The variable structure controls have been used to maintain the value of



slip within the desired range. However, the drawback in using this approach is that the
controller requires states measurements of the slip ratio and road adhesion, which are, in
the case of ground vehicles very difficult and expensive to measure.

An ABS system that can determine on-line the optimal wheel slip region without
expensive road surface sensors would be much desired. In this study, a new integrated
Nonlinear Tracking control based upon the dynamic analysis of the hydraulic braking
system is proposed. The realization of ABS systems relies on the control of hydraulic
braking system as well as other vehicle systems. Modeling of the hydraulic braking
system is essential to design of ABS dynamic systems. The control law uses Lyapunov’s
stability theorem for the development of the braking control algorithm, where the
longitudinal slip trend is calculated and re-evaluated based upon the steering wheel angle.
The developed scheme uses a Lyapunov function candidate to synthesize both the control
law and the adaptation law, necessary to estimate the unknown parameters of the system.
The desired set points for the slip values are calculated within the control algorithm to aid
the controller in maintaining vehicle stability during emergency maneuvers consisting of
combined hard braking and severe steering. Simulations of hard braking and steering
maneuvers were conducted using a nonlinear vehicle model together with a nonlinear tire
model. The nonlinear Yaw-plane Four-wheel steering vehicle model [26-29] with
Limited Roll Motion [30-31] [YFLR] incorporating the nonlinear Magic Formula tire
model (MF) [32-35] is used in the analysis. This model has eight degrees of freedom:
longitudinal and lateral velocities, yaw rate, roll angle and rotational velocity for each
wheel. The response characteristics derived from the proposed model are compared with

the conventional PID control system to demonstrate its validity. Four-wheel Steering



Control (4WSC) [36] and Variable Slip-ratio Control (VSC) [31] are applied together for
the comering characteristics. The two controllers are independent but are coupled through
the states of the longitudinal and lateral tire forces. Four-wheel control by steering the
rear wheels out-of-phase with the front wheels to reduce the turn radius, thus improving
maneuverability and comering stability, and also yield a quicker response with better
damping of the yaw oscillation that occurs with initiation of turn. Variable slip-ratio
control is an optimal way to balance the longitudinal and lateral forces. While more
longitudinal traction force is desired during driving straight, more lateral force is desired
during turning in order to be able to turn without lateral slippage, and thus to increase the
vehicle stability. Considering the tire friction ellipse, the control system is designed using
model matching control method to make the vehicle braking performances follow a

desired dynamic model even during large decelerations or lateral accelerations.

1.2 LITERATURE REVIEW

The concept of ABS dates back to the 1930°s [37], but has only become truly practical
with the implementation of the electronics on the modem vehicles. The systems were
initially deployed in the early 1970s [37] on trucks with air brakes, and have evolved into
advanced hydraulic braking systems in passenger vehicles. All manufacturers producing
ABS systems in the early 1970s used state-of-the-art components including vacuum as
energy source and analog electronics. The basic shortcomings of the early ABS brakes
revolved around the low reliability of system electronics, and to some extent slow cycle
rates due to limitations associated with the vacuum source. In 1978, BOSCH was the

first supplier on the market to offer full-function antilock braking systems. In the past



couple of decades or so, antilock brake systems have made their debut in several types of
vehicles (Oakley et al., 1973 [38]; Klein, 1974 [39]; O’keefe, 1977 [40]; Satoh, 1982
[41]; Leiber, 1983 [42]; Bleckmann, 1986 [43]; Jonner, 1986 [44]). A discussion of
customary ABS systems is found in the Bosch Automotive Handbook [45]. There are two
major advantages of an ABS over conventional brakes: i) ABS can provide shorter
stopping distances cn most road surfaces, and (ii) ABS can enhance steering control
during hard braking maneuvers. Since 1986, the traction wheel slip control or anti-wheel
spin regulator has been theoretically developed in numerous publications (Gerstenmeier,
1986 [46]; Maisch, 1987 [47]; Petersen, 1990 [48]). In 1993, BOSCH delivered the first
Traction Control System (TCS) for passenger cars, 1993 [49]; in the meantime, a
considerable amount of experience has been gained through ongoing development and
testing. TCS is used to maximize the longitudinal friction coefficient by maintaining an
appropriate slip ratio. If the TCS detects too much slippage in one or more driving
wheels, it reduces engine torque and, if necessary, brakes the slipping wheel. This makes
it possible to accelerate on icy roads and increases tracking stability. For many situations,
a quick throttle valve intervention is enough for the TCS of front-wheel-driven passenger
vehicles. Many different types of TCS are developed by TOYOTA, GM, BMW, BOSCH,
etc.[50-53]. The acquired experience in the field enables to define the requirements for
directional stability, optimum control strategy, maximum usage of the entire spectrum of
drive torque intervention possibilities, and optimized hydraulics for automatic brake
intervention. Besides traction control, especially Electronic Stability Control (ESC) of the
vehicle is the most sophisticated directional and stability control systems currently under

development [54]. Using a network of sensors, a particularly powerful electronic system



analyzes steering activity, wheel slippage levels, lateral acceleration and the vehicle’s
yawing behavior. Through ongoing comparison among these data, the ESC is able to
detect whether the actual course of the automobile corresponds to the desired direction of

travel. The Electronic Stability Program (ESP) has been developed by TEVES [55].

1.2.1 Basic Control Strategies and Methods

The control laws of exiting ABS were mostly developed through iterative laboratory
experiments and engineering tests. There are some theoretical and systematic study
reports about conventional ABS. Guntur (1972 [21]) and Ouwerkerk (1973 [56]) listed
and studied several criteria used in ABS; some for predicting the occurrence of the lock-
up of wheels and others for reapplying brakes while the danger of lock-up is averted. On
the other hand, frequency domain methods such as the describing function method by
Flin and Fenton (1981 [57]) and a classical feedback control approach by Zellner (1984
[58]) were used to analyze and design ABS. The ABS dynamics, however, exhibits
strongly nonlinear characteristics. Frequency domain provides limited information
regarding the dynamic performance of the braking. Most of the control laws that have
been developed for the nonlinear ABS systems are based on the three most common
approaches - adaptive control, variable structure control and fuzzy logic control.
Adaptive control strategies as one of robust control methods have been used for
ABS control system [18-24]. At present, there are no affordable sensors available that can
accurately identify the road surface and make this information available to the ABS
controller. However, the road surface conditions can be inferred from the vehicle’s

braking pressure, wheel slip measurements, and deceleration rate comparison. A self-



tuning adaptive velocity control has been developed by Huang and Wang, 1995 [19]. A
digital adaptive controller concept based on least squares optimization was developed by
Landau, 1986 [20]. An adaptive sliding mode traction control algorithm for a vehicle,
which included the weighted least squares estimation, the adjustment algorithm and the
sliding mode, was identified by Tan and Tomizuka 1990 [22]. Masugi and Karl presented
another adaptive sliding mode control 1999 [23], which can handle nonlinear tire forces.
They tried to adapt unknown parameters of road friction in a known structure of braking
system. Although this brings an improvement over previous controller designs, the
adaptive method must sample a sufficient set of new data points after each change of
plant parameters. This requirement introduces a significant additional delay each time a
new control law is computed.

Fuzzy controllers, on the other hand, have an inherently parallel structure, which
allows the controller to respond immediately once a new situation has been identified.
Since ABS systems are nonlinear and dynamic in nature they are prime candidates for
fuzzy logic control. Mauer (1994 [12]) presented a fuzzy logic controller and a decision
logic network by identifying the current road condition based upon current and past
readings of the slip ratio and braking pressure. The controller could detect wheel seizure
immediately and avoid excessive slipping. A fuzzy logic surface identification scheme
incorporating braking pressure, slip measurements, and vehicle deceleration rate
comparisons is given in Mauer (1995 [13]). Layne, Passino, and Yurkovich (1993 [14])
proposed a fuzzy learning ABS controller, which used a learning mechanism to regulate
wheel slip to a given target slip value. Cheok et al. (1996 [15]) described a fuzzy logic

approach to design, implement, and tune an expert knowledge based traction control



system for a four-wheel drive vehicle. Wu, Lee, and Shih (1998 [16]) developed a neuro-
fuzzy controller design for different road surface conditions. Conventional ABS control
algorithms must account for non-linearity in braking torque due to temperature variation
and dynamics of brake fluid viscosity. However, due to the nature of fuzzy logic,
influential dynamic factors are accounted for in a rule-based description of ABS. This
type of “intelligent” control (1999, [17]) allows for faster development of system codes.
Furthermore, variable structure control strategies are also employed for the ABS
system. Lin, Dobner, and Fruechte (1993 [6]) proposed a linear feedback controller in
their ABS system based on sliding mode control law. In this type of system, braking
pressure mainly dependent on the wheel acceleration/deceleration during braking and the
braking pressure is controlled to increase, decrease or hold according to each specific
braking condition. An ABS algorithm for finding the optimal slip, using a friction force
observer, is described by Drakunov et al. (1995 [7]). Sliding mode feedback control was
described by Unsal and Kachroo (1999 [8]) who used a nonlinear feedback controller.
The sliding observer is found promising while the extended Kalman filter is
unsatisfactory due to unpredictable changes in the road conditions. Will, Hui, and Zak
(1998 [9]) presented a nonlinear control system that combines a sliding mode-based
optimizer and a proportional-plus-integral-plus-derivative (PID) controller for the
antilock braking system. This controller can be implemented to compute the optimal slip
rate on line using data obtained from commonly available longitudinal accelerometers

and wheel speed sensors.
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1.2.2 Vehicle Models

The mathematical models of vehicle dynamics are largely available and have been
described in detail in the papers [59, 60]. The quality of a vehicle dynamic model, in
general, relies upon the modeling methodology, characterization of properties of the
vehicle and its components, and the validation of the model. The basic methodologies of
modeling a vehicle include both analytical and experimental tasks. The analytical
approach usually establishes the equations of motion of the vehicle and its components,
which are considered valid under certain assumed conditions, while the experimental
approach generally involves evaluations of the vehicle system or subsystem and vehicle
parameters estimation.

Most of vehicle subsystems are frequently designed and developed independently
of each other. The dynamics of these subsystems, however, often interact. The dynamic
coupling between the braking and steering systems has considerable effect on the
stability, controllability and stopping distance of the vehicle [61, 62]. For example, the
maximum available longitudinal and lateral forces at the tire are strongly coupled. More
longitudinal traction force is desired during straight line braking and more lateral force is
desired during turning and braking. In combined cormering and braking/acceleration
maneuvers, the vehicle’s transition dynamics can not be governed by some equilibrium
conditions as in a constant speed turning, when understeer or oversteer, to yield the
stability conditions. However, by neglecting the effects of the change in vehicle speed in
short periods of time, a quasi-steady-state condition can be assumed. The equilibrium

equations of the vehicle motion with constant lateral and longitudinal accelerations then
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can be developed and solved. The characteristic description of the vehicle tuming
behavior in acceleration or in braking can be also derived [63, 64].

Vehicle characteristics can be described in a single diagram over a large range of
motions, including the nonlinear dynamics and transient states. The analysis of the
performances of the vehicle is based upon the sideslip angle when no yaw and lateral
motions at the center of gravity of the vehicle is assumed [26]. The dynamic response
characteristics of yaw and lateral directional have been extensively investigated for
different vehicle combinations through development and analysis of simplified yaw-plane
models. Bernad et al. [65] examined the yaw stability of a vehicles with four-wheel
steering through analysis of a linear yaw plane model. Xia and Law [66] investigated
analytically both the steady state and transient response characteristics of a linearized
yaw-plane model. While majority of the reported yaw-plane models assumes linear
cornering characteristics of the tires, some studies have incorporated nonlinear cornering
properties of tires based upon regression functions and “Magic Formula™ [32-35].
Nonlinear yaw plane four-wheel models for vehicle braking system were developed by
many authors in the literature (Kazunori [67], Huei [68], His-Fu [69]). The yaw-plane
models provide effective assessment of rearward amplification, dynamic off-tracking,
yaw and lateral stability limits of vehicle combinations, while the contributions due to
pitch and roll motions and suspension dynamics can not be evaluated. Such simplified
models offer considerable advantages in which relatively fewer number of parameters are
required to evaluate the directional performance with reasonably good accuracy.

The static roll stability limit of a vehicle is frequently characterized by its roliover

threshold, defined as the maximum lateral acceleration to which the vehicle can
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withstand without rolling over in a steady turning maneuver. The roll instability is
attained whenever the overturning moment, generated by the centrifugal forces, exceeds
the net stabilizing moment. The location of the roll center of a vehicle in a unique point
gives a certain restrictions to the models. The distribution effect of the roll moment could
yield more accurate estimate of the rollover threshold. Nonlinear vehicle models were
developed by Williams and Haddad [30] to incorporate the effect of roll moment
distribution. Other nonlinear eight DOF four-wheel model used slip control for the
braking system [70] while the longitudinal, and lateral weight transfer, tire force
generation lag, roll steer, and steering compliance were used to assess the rollover
threshold. The directional dynamics of heavy vehicles under simultaneous applications of
braking and steering have been investigated through development of variable speed three-
dimensional models. The Phase IV program perhaps represents the most comprehensive
vehicle dynamics model for analysis of yaw, roll and lateral stability of heavy vehicles
subject to braking and steering [61]. The model integrates the properties of braking and
anti-lock braking system, nonlinear cornering properties of tires under braking and
steering using lookup tables, nonlinear force-deflection properties of suspension springs,
static properties of the articulation mechanism, and the combination of steering (open-
loop and closed-loop), and driving/braking torque. The vehicle model is developed to
analyze different vehicle combinations comprising up to three units and ten axles, with a
maximum of 71-DOF. The Phase IV model is thus considered as a complex model, which
requires extensive knowledge of the vehicle parameters. The study concluded that more
sophisticatéd simulation models, such as the Phase IV model, do not necessarily yield

more accurate predictions in quantitative terms than the simpler models, such as the
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nonlinear yaw plane model. A comparison of the simulation results with the measured
data further revealed that the more sophisticated, Phase [V also does not necessarily yield
more accurate transient response than the simpler nonlinear yaw plane model.

In conclusion, a large number of vehicle models have been proposed in the open
literature with varying degrees of complexities. While comprehensive three-dimensional
models permit analyses under wide range of operating conditions, they require more
tedious characterization of a large number of vehicle parameters. Simplified nonlinear
yaw-plane models, on the other hand, yield lateral and yawing directional response with a
reasonably accurate manner, assuming negligible contributions due to roll dynamics of
the vehicle. For the development of vehicle braking model and identification of vehicle

design, it is desirable to use a simpler, yet credible vehicle model.

1.2.3 Tire Models

Over the years, many braking and steering control systems were developed. The
performances of such systems were assumed by using linear or linearized tire models.
However, the linear tire model is only adequate for evaluating the lateral force of a tire
with small slip and camber angles. The development of a more comprehensive braking
system, especially for adverse road conditions, requires nonlinear tire models. Numbers
of tire friction models have been developed for specific purposes and have limited
applications. Several researchers have investigated the lateral and longitudinal dynamics
of tires [71-73]. Usually a “relaxation length” or similar metric is used to characterize a
first order lag in lateral shear force buildup; traditional kinematic relationships relating
wheel spin to longitudinal slip, and longitudinal slip to shear forces at the tire road

interface provide an adequate model for most simulation purposes. Van Zanten [74]
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presented an experimental result with “unexpected” oscillations in wheel spin just after
rapid application of braking torque. It was hypothesized that these oscillations would
likely influence the performance of antilock brake systems. An insightful overview by
Segel [75] on tire and vehicle modeling, calls for further elaboration of the tire shear
forces and moments that are generated under time varying lateral and longitudinal slip.
The friction potential between tire and road is a function of many parameters, related to
the tire (such as compound, tread type, tread depth, inflation pressure, temperature), to
the road (such as type of surface, texture, drainage capacity, temperature, lubricant such
as water or snow), and to the vehicle state (such as speed, slip). Most of these parameters,
especially the tire and road related parameters, are uncontrollable from the driver’s point
of view; furthermore, the parameters influence each other’s effects on the frictional
process. Over the last ten years, much research effort has been spent to estimate and
predict the friction coefficient between tire and road, either by monitoring effects of the
frictional process itself on the vehicle or the tire, or by monitoring some parameters
influencing the frictional process [76-78]. Relatively recently, an empirical model-known
as Magic Formula tire model, which is partly based on physical insight into tire force
generating properties, has been developed [32-35]. The Magic Formula tire model gives a
good representation of measured tire characteristics and certain coefficients of the model
retain a physical significance, and therefor be expected to react to road surface variations
in a meaningful manner. Van and Parsons [79] described a method using the Magic
Formula tire model to correct laboratory data of tires to the road data. They used two
additional coefficients to the Magic Formula tire model and the different road surfaces on

the tire test results in order to achieve a high degree of correlation between instrumented
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test and simulation results. It was indicated that this new method is very powerful to
correct lateral force data for a specific road surface. High degree of correlation is often

desired to validate vehicle dynamic models under specific transient maneuvers.

1.2.4 Braking and Steering Combined Maneuver

The basic purpose of a conventional ABS system is to prevent any wheel from locking
and to keep the longitudinal slip in an operational range by cycling the braking pressure.
This permits the vehicle to achieve a shorter stopping distance with good directional
control and stability during moderate maneuver [60]. However, during severe braking
and cornering maneuvers, the control logic of ABS may still yield limited levels of lateral
force that poses serious problems to the stability and controllability of the vehicle. The
handling performance of a vehicle is strongly dependent on both steering and traction.
With the progress in the application of electronic control in vehicle design,
integrated electronic control systems for improved vehicle performance are now possible
[80]. Nakazato, et al. [81] have presented a system to independently control the braking
force between the inner and outer tires to reduce the yaw motion of the vehicle when
driving in a tum. To obtain better stability and maneuverability, Matsumoto and
Tomizuka [82] proposed a lateral velocity and yaw rate control law which used front
differential force, rear differential force, and rear steering angle as extra control inputs.
Their study indicates that the independent front and rear steering system allow wider
variation of the lateral velocity and yaw rate in steady state conditions. By using a robust
servomechanism control design methodology [83] and a linearized vehicle dynamic

model, Salman [84] designed a command augmentation system for coordinated control of
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the braking force and steering angle. The system, while taking into consideration the
coupling between the braking and steering systems, adjusts the driver braking and
steering inputs to improve vehicle path tracking and thus its directional stability. This
command augmentation system was extended later by Salmon et al. [85] where the four
braking torque and the rear steering angles are coordinated such that the deceleration and
the yaw rate commands can be reached. Taheri and Law [86] introduced a slip control
braking system, which can maintain the longitudinal wheel slip at pre-specified slip
values during combined hard braking and severe steering. The desired longitudinal slip is
modified as a function of the front wheel steering angle to make sure that sufficient levels
of lateral force are available to maintain the vehicle lateral stability. Margolis et al. [87]
have developed an integrated torque and steering controller using neutral handling as the
desired target performance. The input-output linearization technique and slide mode
control law was used by Yu and Moskwa [88] to develop a control algorithm to enhance
the stability and performance of a vehicle in combined steering and braking actions by
modifying driver’s steering and braking commands. The simulation results show that
vehicle maneuverability and stability can be improved by coordinating both steering and
braking commands.

The dynamic coupling between the steering and braking negatively affects the
dynamic performances of the vehicle in a combined braking and steering maneuver.
However, it has been shown that an additional steering angle of the rear wheels, which is
called active rear wheel or four-wheel control, may improve vehicle maneuverability and
stability [36]. Active rear wheel braking and steering systems have extensively been

investigated and developed over the past two decades to improve handling and stability
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characteristics of the vehicle [89]. Four-wheel Steering Control (4WSC) techniques are
being widely studied in this regard. The capabilities of 4WSC for improved directional
response were extensively investigated. Sato et al. (1983 [90]) proposed a 4WSC system
that used yaw rate feedback to equalizes front and rear centripetal accelerations. Sano et
al. (1986 [91]) developed a relationship for the ratio of the rear to the front steering angle
that results in a minimum sideslip angle in a steady-state turn. This relationship depends
only on the vehicle speed alone and yields the following characterization: at low speeds
the ratio is negative (out of phase steering) which results in a shorter turning radius
thereby improved maneuverability. At high speeds the ratio is positive (in phase steering)
and the delay in the lateral acceleration response is reduced. However, the rate of change
of turning radius at high speeds is fairly high reflecting a decrease in lateral acceleration
gain. Shibahata et al. (1986 [92]) suggested the use of an active four-wheel steering
system that keeps the sideslip angle at minimum while maintaining a constant lateral
acceleration gain over the entire speed range. Takiguchi et al. (1986 [93]) developed
another four-wheel steering system that again varied the steering ratio as a function of the
vehicle speed. However, instead of determining the ratio based on minimum sideslip
criterion, the ratio was chosen so as to equalize the phase lags of the yaw rate and lateral
acceleration. Acceptable lateral acceleration gain was maintained at high speeds.
Whitehead (1988 [94]) proposed a linear control law that utilizes the yaw rate and the
front steering angle to determine the rear steering angle. The gains in the control law
were selected to be dependent on vehicle speed under the condition of minimum sideslip
angle during general transient maneuvers. Xia and Law (1990 [95]) implemented this

control law to improve performance in a collision avoidance maneuver. Lee [96]
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designed a stability augmentation system to enhance stability of a 4WSC vehicle during
high-speed straight-line motion under crosswind disturbance. The driver’s steering
command to the front wheels is improved while the steer at the rear wheels is controlled
based on the yaw rate, lateral acceleration and side slip angle.

In addition to active rear wheel control system, direct yaw moment control systems
using driving and braking forces have been investigated and developed to improve
handling and stability of the vehicle [97]. These direct yaw moment control systems have
been expected to suppress the deterioration of the steering control effects in nonlinear or
large lateral acceleration ranges. Masao et al. [29] also developed an integrated control
system for active rear wheel steering and moment control using braking forces. The
performances of the controller are analyzed to verify its robustness in severe driving
conditions. These control system is a model matching controller that makes the vehicle
follow the desired dynamic model by using state feedback of both the yawing rate and the
side slip angle. A new technique, Intelligent Sliding Surface Control (ISSC) which makes
use of an adaptive sliding mode controller, has recently been used by Masugi and J. Karl
[23], to prevent the instability induced by saturated functions of the control system. The
simulation results show that the adaptive sliding mode controller can achieve robust
performance with a smaller discontinuity gain than the traditional sliding mode

controller.

1.2.5 Test and Simulation Techniques

Evaluating and comparison in the performance of various braking systems is usually
carried out through test and laboratory measurements. Srinivasa et al. [98], presented the

test results of two commercially available antilock devices to illustrate the necessity of
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the test facilities. From the results shown, it appears that the laboratory testing should be
used to compare and to evaluate the slip performance and braking effectiveness of
various antilock devices. Results obtained could provide the vehicle and the brake
designers with guidance to optimize the performance of antilock devices. The test
comparison of vehicle equipped with standard brakes and the vehicle equipped with ABS
have been described in many papers. Oppenheimer [99] investigated the parameters that
influence the stopping distance potential of passenger cars equipped with or not with
ABS. Essers [100] compared the performance of commercial vehicle equipped or not
with ABS while cornering. Since 1970’s, the 4WSC system have become available, many
Japanese companies [101-103] provided the simulation test model for their vehicles.
4WSC system was able to improve vehicle maneuverability and cornering stability. Since
1986, the Traction Control System (TCS) had been theoretically proposed. Numerous
publications presented various implementations of the TCS on vehicle. Test models and
simulations were developed for this system. Peterson [104] described a modular system
configuration including the components and some new features and control modes.
Eubanks [105] presented a compilation of data from a series of skid tests comparing some
of the control strategies and braking equipment. These tests were performed with an
assortment of vehicles each equipped with or monitored by selection of device
designed/applied to quantify some combination of time, distance and velocity. The
implementation of ABS on different vehicles changes the longitudinal dynamics of the
vehicle; one could assess the dynamic performance of the vehicle though significant
investigations on the skid marks. An examination [106] was conducted by Strickland and

Dagg with 19 different vehicles traveling at known speeds while being brought to a

20



straight line stop or through evasive and lane change steering maneuvers while applying
full braking. The study established the friction coefficient exhibited by a number of
different vehicles in the above described situation while standard braking systems were
used.

Computer simulations of mechanical systems have been explored widely in many
engineering areas. Vehicle dynamics widely employs simulations to evaluate the
performances of newly designed vehicles. One of the simulation codes used in the ABS is
the dynamic analysis proposed by Olson and Milacic [107]. This simulation code allows
one to study the dynamic performances of a vehicle under various accelerations and
braking conditions. Bowman and Law [108] described the simulation and evaluation of a
slip control braking system using a comprehensive nonlinear, four-wheel vehicle model.
A method and the corresponding FORTRAN code was proposed to evaluate the
performances of the vehicle under slip controls that collect signals from the available
sensors. Michaels [109] proposed the use of graphical modeling environment for real-
time hardware-in-the-loop (HIL) simulation of automotive ABS systems. The prevalence
of microprocessor-based controllers in automotive systems has greatly increased the need
for software and hardware tools, which can be used to validate and test the performances
of the control systems over an extended range of operation. Suh [110] developed the real
time simulator of an ABS system and the methodology based on HIL simulation using a
personal computer. The simulator can be implemented to develop more advanced control
systems, such as traction control system, vehicle dynamic control system, etc. F. Svaricek
[111] described a new software tool called Black Box Test that supports the ABS

controller design process and that can be used for the detection of software and hardware
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failures and further enhancement of the controller performance. Schneider [112] provided
an example examination of a simplified ABS logic element that is representative of an
ABS control strategy. For the development of control algorithms a special test stand was
built by Maron [113]. This consists of the seat capsule, the actuator and the PC-based
electronic control unit. As the electronic unit simulates a real time vehicle, the actuator is
merged within a complete HIL system. Recently, M. W. Sayers [114] proposed a
simulation code that was generated with the AutoSim multibody dynamic software that
was linked with C code functions that enables communicate with braking hardware to
create a real-time simulation with HIL. The model was also integrated with SIMULINK

environment to provide a design tool for control engineers.

1.3 MOTIVATION AND SCOPE OF THE THESIS

From the review of literature studies, ABS can enhance vehicle dynamic performances
during combined moderate braking and steering emergency maneuvers. The conventional
design of an ABS system begins with a complete understanding of the tire-road friction
characteristics. The braking in terms of minimum stopping distance would be optimized
if the slip of the tire on which the brake is applied could always be kept at values
corresponding to peak fricti.on levels. The objective of ABS is to maximize the tire
traction by preventing the wheels from being locked during braking whiie help maintain
adequate vehicle stability and steerability. Although maximum traction force is desirable
in straight-line motion, during comering, when combined hard braking and severe

steering maneuvers are performed, a trade off between stability and stopping distance
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may be necessary. Under such type of maneuvers vehicles, even those equipped with

conventional ABS control, could become oversteer and spin out.

1.3.1 Objective of the Thesis

The objective of this investigation is to develop a new comprehensive control

system to overcome the tendency of oversteering and unstable situations during

emergence braking, and to further improve the braking and wvehicle stability

performances. The trend in improving braking performances and stability of the vehicle

yield to the development of a large number of braking system models, vehicle models

and control strategies. Hence, the specific objectives of the study include the following:

Develop a comprehensive hydraulic braking system model to represent strong
nonlinear characteristics of the braking actuator systems;

Based on the hydraulic and dynamic analysis of the actuator systems,
investigate a new controller to minimize the tracking control errors;

Develop an effective directional dynamic model of four-wheel steering vehicle
to study the effects of yaw and roll, hence, to increase the vehicle stability;
Develop a Four-wheel Steering Control (4WSC) and a Variable Slip-ratio
Control (VSC) for the comnering characteristics to further improve the vehicle
stability and maneuverability;

Improve a Magic Formula (MF) tire model to respond within the performance
characteristics of the ABS system under all foreseeable operating and road

conditions;
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e Compare a sliding mode optimizer with Magic Formula (MF) optimization to
determine the optimal slip ratio with maximum friction forces;
e Determine the most desirable vehicle and braking system parameters, such that

the ABS system can be ideally adapted to the different operating conditions.

The coefficient of friction between the tire and road surface plays the most
important role. When operating on road surfaces with changing coefficient of friction or
split friction, a vehicle may exhibit an unexpected dynamic behavior such as skidding or
unbalance yaw motion. Thus, it is necessary to study the dynamic behavior of the vehicle
and develop more comprehensive control system to improve the dynamics of the vehicle
under the assumption that the friction coefficient between tire-road does not remain
constant under the different road conditions.

The actuator braking system dynamics also plays an important role in ABS
performances. The ABS must have the ability to change the system parameters depending
on the actuator systems and a comprehensive control system must be developed based
upon the analysis of the actuator system dynamics. Unfortunately, the dynamic
characteristics of these systems are highly nonlinear and thus relatively difficult to
control. The choice of the control force is strongly related to the fluid force and spring
force in the master cylinder. The total force on the piston needs to include friction
because friction in the hydraulic cylinder has a significant effect on the controller’s
performance, as predicted by simulations. Therefore, modeling of the hydraulic actuator

as a dynamic system is essential when design an ABS.
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1.3.2 Organization of the Thesis

In Chapter 2, a basic ABS control system is developed using the sliding mode based
optimizer and PID controller. This system is trimmed based on the prediction of slip,
detection of the road states, which are compared to the optimal slip to provide the best
braking torque control. A simplified model of a vehicle undergoing a braking maneuver
is used to evaluate the performance of the proposed ABS control system. The sliding
mode optimizer performs an on-line search for the optimal wheel slip that corresponds to
the vehicle maximum deceleration. According to the typical nonlinear tire characteristics,
the optimal slip can be evaluated such that the greatest friction force between the tire and
the road surface is provided. The PID controller and the sliding mode optimizer are
coupled to regulate the vehicle braking torque and to control the wheel slip such that the
optimal slip value is achieved. The information that the controller requires could be
obtained from a longitudinal accelerometer and a wheel speed sensor, which are readily
available and inexpensive. The performances of the proposed control schemes are
illustrated with simulation examples. Simulation results from the implementation of the
PID controller can be further used to compare with and derive the new nonlinear tracking
control system, which are described and discussed in Chapter 3 and Chapter 4, in order to
get the best braking performances and improve the stability of the vehicle.

In Chapter 3, the Magic Formula tire model (MF) is employed to develop a more
comprehensive Nonlinear Tracking Control system (NTC), which would better face the
adverse road driving conditions. The Magic Formula tire model was employed because it
gives a good representation of measured tire characteristics and since certain coefficients

of the model retain a physical significance, and is therefore expected to represent road
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surface variations in a meaningful manner. The sensitivity of the MF on different road
conditions is investigated for a selected tire. The MF tire model derived for different road
conditions, are compared for validation with the available measured data. Examples of
simulation were presented to illustrate the influence of the different road conditions, the
brake-force distribution and the antilock control on the stop capability for the straight line
braking. It is indicated that the optimum distribution of the friction and braking forces is
necessary to achieve more robust vehicle directional stability, controllability and braking
performance. Based on such optimal distribution and applying a nonlinear MF tire model,
a new integrated NTC is developed for the nonlinear characteristics of the braking
system. In the further approach, the actuator dynamics is included as a subsystem in a
new integrated NTC, which is developed for the hydraulic braking system. This approach
uses a candidate Lyapunov function to synthesize both the control law and the adaptation
law necessary to estimate the unknown parameters of the system. The response
characteristics of the resulting controller from the proposed model are compared with the
available measured data presented in literature and the results are yielded in Chapter 2, to
demonstrate its reliability for different road and operating conditions during straight line
braking.

In Chapter 4, a nonlinear Yaw-plane Four-wheel steering control model with
Limited Roll motion (YFLM), incorporating nonlinear cornering characteristics of the
tires and compliance of the braking system accounting for the effect of weight transfer, is
thus initially developed to study the braking responses of the vehicle. The new integrated
NTC is applied for the hydraulic braking system, and Four-wheel Steering Control

(4WSC) and Variable Slip-ratio Control (VSC) are developed for the cornering
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characteristics. Three controllers are independent but coupled through the states of the
longitudinal and lateral tire forces. 4WSC algorithm is developed with the objective of
improving the stability and maneuverability of the vehicle. The driver’s steering and
braking inputs are interpreted to yield commanded vehicle states during a combined
braking and steering maneuver. The braking forces are coordinated to equalize and hence
minimize the force ratios at inner and outer wheels while ensuring that they provide a net
zero yaw moment. The VSC algorithm gives a good balance between maximum
longitudinal force and maximum lateral force, therefore, it can increase the vehicle
stability and shorter the stopping distance. The desired set points for the slip values are
calculated within the control algorithm to aid the controller in maintaining vehicle
stability during emergency maneuvers consisting of combined hard braking and severe
steering. The response characteristics derived from the proposed model are compared
with the available measured data and the results from PID control system to demonstrate
its validity. Simulations of the integrated controllers and ABS systems, for each system
model, demonstrate the reliability and stability of the system. The system could overcome
the tendency of oversteering during emergence braking or when braking during turning.
General conclusions concerning the dissertation research, major analysis and
conclusions are finally presented in Chapter 5. Possible extension of the results to more

specific problems and recommendations for future work are also included in this Chapter.

1.4 SYSTEM SIMULATION DESCRIPTION
The proposed simulation test stand was presented in the literature [16] by M.C.Wu, et al.,

who used hardware-in-the-loop (HIL). However, the mentioned paper described the
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system incorporated with a vacuum booster system. Another particularity of the proposed
system is that the braking pressure is considered to develop through a hydraulic booster
unit instead of the vacuum booster system for the active brake control as described in the
above paper. The hydraulic brake booster could produce a higher braking boost ratio and
faster braking pressure response than the vacuum booster system. The hydraulic brake
actuator is composed of a hydraulic brake booster unit, a master cylinder, the power
supply unit and the control valve units. The hydraulic brake booster unit generates a
hydraulic assisted force according to the brake pedal force applied by the driver. The

basic schematic construction is shown in Figurel.3.

v

~

1. hydraulic brake booster 7. wheel speed sensor 13. proportioning valve
2. servo valve 8. DC servo motor 14. swich

3. power source 9. motor driver 15.ECU

4. LVDT 10. pressure gage 16. amplification circuit
5. master cylinder 11. pressure sensor 17. computer hardware
6. ABS modulator 12. brake disk

Fig. 1.3 Schematic Diagram of ABS Test Stand (modified from [16])

The system consists of an electric servomotor, driver and sensors, response time of

which is considerably higher than that of the hydraulic elements. Thus, the main focus of
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the analysis will be directed toward the performance of the hydraulic system. The power
supply and control valve units are used to actuate the brake booster unit and master
cylinder. The power braking assembly that is connected to booster chamber can amplify
the input force from the pedal and push the rod of the master cylinder. High-pressured
brake fluid flows from master cylinder though the ABS hydraulic modulator into each of
the four cylinders. The hydraulic modulator is composed of four solenoid valves, one
brake oil pump and two lower pressured tanks. The rotating tires are modeled as DC
servomotors charged with the tractive braking load. The pressure at the calipers, the
vehicle velocity and the rotating speeds of the tires are calculated by the computer.
Either the electric brake control unit (ECU) or the computer could be used as controllers
to regulate the brake fluid pressure.

The hydraulic brake boosters present the following advantages when compared

with the conventional vacuum boosters:

e Higher braking boost ratio and faster braking pressure response since it utilizes
high accumulator pressure;

e Braking effectiveness can be actively controlled by managing the hydraulic
pressure since the braking disc deforms according to the reaction in the
pressure chamber and the contact area;

e Suitable for adaptive brake characteristics since it considers a variable brake
booster ratio and boost mechanism;

e Minimized small size and light weight actuator with the brake booster unit,

master cylinder and regulator placed along the same axes;
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e Easily applied to vehicle control systems since it uses the same power supply

unit for brake booster and master cylinder.

The hydraulic brake booster generates a hydraulic assist force in relation with the
brake pedal force applied by the driver. Fig 1.4 and Fig. 1.5 [116] show the qualitative
characteristics and braking pressure responses of the hydraulic booster, respectively,
compared with the conventional vacuum booster. It can be seen that the hydraulic brake
booster exhibits higher brake boost ratio and faster pressure response than the

conventional vacuum brake booster system.

Hydraulic
Booster
Vacuum
Booster
Input force
Fig. 1.4 Brake Booster Characteristics [116]
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7 Hydraulic
5 Booster
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a4 Vacuum
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=2
g
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0-

0 2 4 6 8 10
Fig. 1.5 Braking Pressure Response [116]
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The basic simulation flowchart further considered in this study is shown in Figure
1.6. The system include: vehicle and wheel dynamics block, prediction of slip and
detection of road state block, brake control logic block, hydraulic braking system
dynamics block, which includes the developed hydraulic braking torque. The brake
control logic is based on NTC for the hydraulic braking system, and optimum 4WSC and
VSC for the vehicle system. The vehicle and tire model cooperates for the different road
conditions. The wheel speed sensor would be able to detect the angular speed and angular
deceleration of the wheels. When the wheel lock is detected, the pressure in one or more

of the braking cylinders is reduced until the wheel speed exceeds a predetermined value.

HYDRAULIC PRESSURE

VEHICLE

BRAKING SYSTEM MODULATOR

AND

WHEEL SPEED
SENSOR

BRAKE CONTROL
Locic

where Ty, — braking torque; ps ~ braking pressure; u - slip control signal;
w - wheel speed; V - vekicle speed.

Fig. 1.6 Basic Simulation Chart of ABS Control
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CHAPTER 2

BASIC ABS CONTROL SYSTEM AND
SYSTEM OPTIMIZATION

2.1 GENERAL

In 1978, Bosch came on the market with the first full-function antilock braking system
(ABS). In 1993, Bosch delivered the first Traction Control System (TCS) for passenger
cars. In the meantime, a considerable amount of experience has been gained through
ongoing development and testing carried out all over the world. This experience further
enabled to better define the requirements for directional stability, optimum control
strategy, maximum usage of the entire spectrum of drive and optimized hydraulics for
antilock brake intervention.

The typical schematic of an ABS system is shown in Figure 1.2. The large
majority of ABS are integrated systems. They combine the master cylinder, hydraulic
booster, and ABS hydraulic circuitry into a single hydraulic assembly. A wheel speed
sensor transmits a signal of impending wheel lockup to the logic control which, in turn,
provides a signals to a modulator to reduce brake line pressure that causes the wheel to be
released and rotational speed to increase again.

The performance of an antilock braking system relies upon a proper identification
of the road surface type. At present, there are no available affordable sensors that can
accurately identify the road surface and make this information available to the ABS
controller. However, the road surface type and conditions can be inferred from the
vehicle’s braking pressure, wheel slip measurements, and deceleration rate comparisons.

One of the objectives of the ABS is to regulate the wheel slip so that the road adhesion
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coefficient is maximized. In turn, this strategy leads to the minimization of the vehicle
stopping distance. However, the desired slip range is strongly road surface dependent.
The existing ABS systems attempt to regulate the wheel slip to a range close to the
maximum.

It is known that a locked-up wheel generates a reduced braking force, smaller than
the peak value of the available adhesion between tires and road. A locked-up wheel will
also lose most of its capability to sustain any lateral force. This may result in the loss of
vehicle stability and controllability. The basic purpose of a conventional ABS system is
thus to prevent any wheel from locking and to keep the longitudinal slip in an operational
range by cycling the braking pressure. This permits the vehicle to achieve a shorter
stopping distance with good directional control and stability during moderate maneuvers.

The basic ABS brake control logic designed for this study include: i) prediction of
slip; i) detection of road state; iii) the scanning of optimal slip; and iv) actuator PID
controller. The simulation model includes the control logic that has been illustrated in
Figure 2.1. The function of the slip predictor is to estimate the slip, while the road surface
state is judged through the deceleration of the vehicle and the angular deceleration of the
wheels in conjunction with the pressure applied to the brake. According to the nonlinear
tire model, the optimal slip can be identified within the point in which the greatest
friction force between the tire and the road surface occurs. This optimal slip is used as the
reference input to the actuator PID controller. The PID controller controls the slip to trace
the reference input and try to maintain the greatest friction force under different braking

conditions.
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where T, — braking torque; u — slip control signal; s — optimal slip;
s — wheel slip; @ —wheel speed; V - vehicle speed.

Fig. 2.1 Simulation Model of the Basic ABS Control

2.2 ABS SYSTEM OPERATION PRINCIPLES

When the driver quickly and firmly applies the brakes and maintains the pressures to the
pedal, the brakes of a vehicle which is not quipped with ABS will almost immediately
lock the wheels. Good drivers have always pumped the braking pedal mostly on bad road
conditions during panic stops, to avoid wheel lockup and the loss of steering control.
During such time, it is difficult for the driver to keep the vehicle along the desired path,
which is known likely that the vehicle will skid, out of control. The locking of the wheels
is the main cause of the skidding and lack of control. If the driver would be able to
release the brake pedal just before the wheels locked up then reapply the brakes, the
skidding would be avoided. This release and reapply of the brake pedal is exactly what an
ABS does. When the brake pedal is pumped or pulsed, pressure is quickly applied and

released at the wheels. Pressure modulation works to prevent wheel locking. By
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modulating the pressure to the brakes, friction between the tires and the road is
maintained and the vehicle is able to come to a controllable stop.

The structure and function of the ABS hydraulic unit was illustrated before.
TEVES was one of the first companies to introduce a compact integrated ABS system in
1985 on some Ford passenger vehicles (Figure 2.2-Figure 2.5)[117]. The four-wheel ABS
system uses hydraulic brake fluid for the braking function of the wheel pads and the
hydraulic booster. Major system components are master cylinder, hydraulic booster,
electric pump, accumulator, electronic controller, reservoir, relays, wheel speed sensor,
and warning lights. The brake booster is located behind the master cylinder in basic
conventional arrangement. The booster control valve is located in a parallel bore above
the master cylinder and operated by a lever mechanism connected to the pushrod of the
brake pedal (Figures 2.3-2.5). Advantages include compact design requiring reduced
space; moreover, the performance characteristics of the booster can be selected and easily
optimized for the particular application. Unlike conventional brake boosters, the brake
master cylinder pistons are decoupled from the brake pedal. This makes possible to
dimension the diameters of the master cylinder pistons such that, in the event of a
pressure supply failure, higher brake line pressures and, hence, greater decelerations can
be achieved with normal pedal forces. If a brake circuit fails, the counter-pressure at the
brake pedal remains stable as s result of the decoupling process. With conventional brake
boosters, a brake line failure may cause sagging of the brake pedal due to the absence of
any resistance force against the brake pedal.

From Figure 2.2, when a wheel speed sensor signals the ABS control module that a

high rate of deceleration is taking place at its wheel and the wheel is likely to lock and
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skid, the controller will initially impose the hydraulic unit to keep the hydraulic pressure
constant at the wheel. If the wheel continues to decelerate, the controller will signal the
solenoid valve to reduce hydraulic pressure to the affected wheel. This procedure reduces
braking at the wheel, reducing the risk of lockup. The wheel continues to spin as a result
of the reduced braking pressure. Once a specific limit of spin has been reached, the
controller registers that the wheel is not being sufficiently braked. Thus, the wheel is
again decelerated by increasing the pressure on the braking pad, which was initially
reduced. The control cycles may be executed many times in a second depending upon the

road conditions.

1.

SENSORS RELAY 3. ANALOG SIGNAL 4. MICROPROCESSOR COMPARES INPUT
ANALOG SIGNAL CONVERTED TO WITH INFORMATION IN RAM AND
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REFERENCE 5. OUTPUT DRIVERS CLOSE
VOLTAGE
Lalawid REGULATOR ouTAUT
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Fig. 2.2 ABS Operation — Potential Brake Lock Condition ([117] TEVES)
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A typical ABS system operates in three different modes, according to the braking

levels and the vehicle dynamics: i) no braking applied (Figure 2.3); /i) normal braking —

ABS not activated (Figure 2.4); iii) anti-lock mode - ABS in operation (Figure 2.5).

T RESERVOIR
) d j -
A= BRAKE
< SJRE s PEDAL
BOOSTER
= o= o CHAMBER
- - \A >y - X s
B Non >~
SN RETRACTION SLEEVE
FRONT LEFT FRONT RIGHT REAR AXLE
Fig. 2.3 No Braking Applied ([117] TEVES)
ACCUMULATOR

RETRACTION RESERVOIR
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MECHANISM
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Fig. 2.4 Normal Braking — ABS Not Activated ([117] TEVES)
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Fig. 2.5 ABS in Operation ([117] TEVES)

). From Figure 2.3, when the brakes are not applied, or when the brakes are
released, the piston in the master cylinder is retracted. The booster chamber is vented to
the reservoir, and the fluid in the chamber is kept at the same low pressure as in the
IESErvoir.

if). In normal braking, when the brakes are applied under normal conditions, the
brake pedal actuates a pushrod (Figure 2.4). This operates a scissors lever, which moves a
spool valve. When the spool valve moves, it closes the port from the booster chamber to
the reservoir and partially opens the orifice from the accumulator, which is opening
proportional to the pressure on the brake pedal. This allows hydraulic fluid under
pressure from the accumulator to enter the booster chamber. As hydraulic pressure enters,
it pushes the booster piston forward, providing hydraulic assist to the mechanical thrust

from the pushrod.
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ir7). In ABS operation, the ABS is activated when the controller determines that
the wheels are about to lock up based on rotation speed and deceleration rate. The
controller commands to open the valve that supplies the chamber between the two master
cylinder pistons and the chamber between the retraction sleeve and the first master
cylinder piston (Figure 2.5). The hydraulic pressure on the retraction sleeve activates the
pushrod to move back the brake pedal. In effect, the hydraulic pressure to the front
wheels is now supplied by the accumulator but not by the brake pedal action. The
controller also opens and closes the solenoid valves to cycle the brakes on the wheels that
have been locking up. When the solenoid valves are open, the master cylinder pistons
supply hydraulic fluid to the front brakes while the boost pressure chamber provides
hydraulic pressure to the rear. When the solenoid valves are closed, the hydraulic fluid
from both the master cylinder pistons and booster pressure chamber is cut off. The
hydraulic fluid is returned from the brakes to the reservoir. The solenoid controlling the
isolation/inlet valve in the hydraulic circuit is activated, which prevents the fluid flow
from the master cylinder and hydraulic booster, and also prevents the hydraulic pressure
from reaching wheels.

The electronic circuitry monitors the electromechanical components of the system
according to the strategy established by the controller. Malfunction of the ABS causes the
electronic controller to shut off or inhibit the system. However, normal power-assisted
braking remains. Malfunctions are indicated by the warning lights inside the vehicle.
Loss of hydraulic fluid or power booster pressure disables the antilock braking system. In

most malfunctions of the antilock braking system, the check antilock braking or braking
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light is illuminated. The sequences of illumination of these warning lights combined with

the problem symptoms determine the appropriate diagnostic tests to perform.

2.3 SIMPLIFIED VEHICLE MODEL

In this Chapter, a simplified model of a vehicle undergoing a braking maneuver, which is
used to evaluate the performance of the basic ABS control system, is developed. The
quarter vehicle as a simplified model is firstly considered in this section as shown in
Figure 2.6. The rolling resistance force is small due to braking, which can be neglected.
More complicated Nonlinear Yaw-plan Four-wheel steering system with Limited Roll
Motion will be further presented and discussed in Chapter 4.

> v
Fa,

Fig. 2.6 Free Body Quarter Vehicle Model

2.3.1 Vehicle Dynamics
According to Newton’s second law, the equation of motion of the simplified vehicle can

be expressed by

mV =—F —F (2.1)
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V' = vehicle velocity
F, = road friction force
F, = aerodynamic force acting on the vehicle

where

total mass of the quarter vehicle.

3
i

The road friction force is given by Coulomb law

F, = uN )

where N =total normal load
U = road adhesion coefficient.

The total mass of the quarter vehicle can be written as

1
mt = mn're +ch (2.3)

where  m, = vehicle mass
Myire = Lire mass.

Thus, the total normal load can be expressed by

N= m(g_FL (2’4)

m_h

where =<V s the longitudinal weight transfer load due to braking

FL
h. = center of gravity height
L = wheel base.

The aerodynamic force acting on the vehicle is proportional to the square of the
speed of the vehicle with respect to the air and depends on the vehicle shape and size

[118] and [119]. Thus,
F=YLc, ar
a —4 2 d<°f (2.5)

where  p = mass density of the air
C, = vehicle drag coefficient

I

A, = vehicle frontal area.
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The aerodynamic forces are generated through two different mechanisms: one is
the airflow over the exterior of the vehicle body, and the other is the flow through the
engine radiator system and the interior of the vehicle for cooling, heating, and ventilation.
The former is accounts for more than 90% of the total acrodynamic force of a passenger
car. The skin friction may become more significant, however, for a long vehicle, such as
a bus or a tractor-semitrailer.

The air density is variable depending on temperature, pressure, and humidity

conditions, which can be estimated by the relationship [119]

p 519
—1.23 =
P (101.32][ 460+ T, ) (2.6)

where P, = atmospheric pressure in kPa
T, = air temperature in degrees Fahrenheit.

For standard atmospheric conditions, the mass density of the air can be taken as
1.23 kg/m3 , which is used in this study.

For passenger cars, the relationship between the frontal area and the vehicle mass
may be approximately expressed by [119]

A, =1.6+0.00056(m, — 765) 2.7

where Ar = frontal area in m’;
m. = vehicle mass in kg.

The vehicle drag coefficient C, varies over a broad range from 0.4 - 0.7 with the
shape [118], [119]. In addition to the shape of the vehicle body, the attitude of the
vehicle defined by the angle of attack, ground clearance, loading conditions, and other
operational factors, such as radiator open or blanked, and window open or closed, also

affect the aerodynamic drag coefficient.
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2.3.2 Wheel Dynamics

During braking, a stoppage torque is applied to the wheel, the wheel speed decreases and
the vehicle speed also decreases as shown in Figure 2.6. The rolling resistance force is
much smaller than the friction force and is neglected. According to Newton’s second law,
the equation of motion at wheel level for the rotational DOF is given by

J,&=-T,+FR, (2.8)

wheel moment of inertia

g
=y
a
o
-
I

o = wheel speed
R, = wheel radius

T, = braking torque
road friction force.

T
Il

2.3.3 Braking Dynamics of the System
From the above analysis, the governing equations of the vehicle model resulting from
(2.1) to (2.8) can be expressed as

(m, — u(s)m W =—p(s)m,g —(p/ 2)C, AV 1 4

. 2.9
J, o =~T, + u(s)(mg—-mJ V)R, (2-9)
where m, =m_h_/(2L), which is effective mass.
Letting x, =x, x, =V, x; =w, the vehicle model in state-space format is
x
X 1 0 0 2 , 0
: 1 p Cod x,
X, |=10 1 Off—— —u(s)ymg-—=——"—""—=|{+| O [T,
. R, m, — u(S)m, 2 4 I
H] [0 =Ze(uem,) 1 2 -
J. m,R, 7.
‘ - ——= (u(s)g)
i J, i
(2.10)
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2.4 ANTILOCK BRAKING SYSTEM OPTIMIZATION

In this section, a simple hybrid wheel slip controller that contains a sliding mode module
coupled to a PID control module is proposed. Further, its operation is illustrated with
simulation examples. This controller can be implemented on-line to compute the optimal
slip rate using data obtained from commonly available longitudinal accelerometers and
wheel speed sensors. In Chapter 3, the above PID control system will be used as
reference to compare its performance with the proposed nonlinear tracking control

system.

2.4.1 Wheel Slip and Road Adhesion

The present ABS is controlled by the slip ratio and the wheel acceleration. When the
braking action is initiated, a slippage between the tire and the contacted road surface will
occur, which make the speed of the vehicle to be different from that of the tire. It is
known that tire forces are nonlinear functions of the slip angle and the slip ratio. They are
also dependent on the vertical load (which may vary due to the longitudinal and lateral
load transfer) and also the coefficient of friction on the tire-road contact patch. The top
view schematic of a tire during combined braking and cornering at the wheel centre on

contact patch is shown in Figure 2.7. Note that for straight line driving vehicle, the wheel

slip ratio o will be zero.

Fig. 2.7 Velocity and Force Vector Diagrams of Tire
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where F = total force in longitudinal direction
Fy, = total force in lateral direction
M. = self aligning torque
V = vehicle speed in travel direction
Vs = slip speed vector
w = wheel angular velocity

R, = wheel radius

a = sideslip angle.
The longitudinal slip is defined as

Vcosa—wR,

.11)

a

Vcosa

The side slip angle is
V.
o = tan ‘(7”—) (2.12)

As the equation indicates, braking slip occurs as soon as the wheel decelerates to
a rotational speed below that which would normally correspond to a given vehicle
velocity. However, this is the only state in which braking forces can be generated. The
road adhesion coefficient (coefficients of friction) is frequently expressed as a function of
braking slip. The significant physical relationships of ABS control for straight line
braking is illustrated in Figure 2.8, and for braking while turning is shown in Figure 2.9
[37]. These typical experimental test results are used mostly by many automotive
industries. The suitable slip-range is about 5% ~ 20% on normal roads and changes with

different road conditions.
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Fig. 2.9 Road Adhesion vs. Wheel Slip and Slip Angle
for Braking while Turning ([37] Bosch)

Both the vehicle’s steady-state handling, as well as its response characteristics
during directional transitions is significant factors in evaluating the brake performances
of the vehicle. These characteristics are relevant, for instance, when the driver of a
vehicle traveling in a straight line must suddenly initiate evasive maneuvers. When

braking on snow, the snow wedge forming under the locked tire causes an additional
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retarding effect [37]. Figure 2.8 gives the surface adhesion coefficient curve against the
wheel slip, which usually consists of two regions: one region with a positive slope, the
other with a negative slope. In normal braking, the brake operates in the region with
positive slope, the negative slope in braking being related to the vehicle directional
instability. When excessive wheel slip occurs, the brake operates in the region of negative
slope. Therefore, to avoid the directional instability, the ABS control is needed.

Of all the maneuvers encountered in everyday driving, one of the most critical and
most significant for vehicle design is braking during turning. The significant physical
relationship for braking while turing is shown in Figure 2.9. The inspections of the two
curves associated with low (at 2- degree slip angle) and high (at 10-degree slip angle)
lateral acceleration indicates that the ABS control range must cover a wide performance
spectrum. During severe braking and turn, the ABS system should intervene early with
initially low deceleration values while the lateral acceleration remains still near its
maximum value permitted by the tire road friction coefficient. As speed decreases and
lateral acceleration drops, the ABS system produces increasing levels of braking slip. For
optimally designed ABS, the stopping distance while turning is only slightly longer than
that associated with a straight stopping. The cornering braking control system will further

be discussed detail in Chapters 3 and 4.

2.4.2 Sliding Mode Optimization

The braking control system that makes use of the slip as the feedback signal to control the
ABS is proved to shorten the braking distance effectively, and to improve the controlling

and stability of the vehicle while the brake is applied.
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From Equations (2.1) and (2.9), the equilibrium of forces on the vehicle can be

written as

mg +(p/2)CdAfV2/4

F+F =u(s
+E=p) m, — u(s)m, m, — u(s)m,

(2.13)

In the above equation, the road adhesion coefficient p is a unimodal function of
the wheel slip s. Thus, the function p(s) has only one minimizer. One assumes that
m, — u(s)ym,> 0, note that the second term of the right hand helps to increase the friction
force which in tumn reduces the stopping distance. Hence, maximization of the friction
force leads to the maximization of the first term in Equation (2.13) which is denoted by

mg

B =t om,

(2.14)

First, F, has only one critical point that coincides with the maximizer of p. The

greatest friction force will occur at the desired slip s, therefore it can be found from
dF -0
ds |5 = (2.15)

Hence ax = & o dus) _ 0 if and only if d—”=o, which means that F
ds|s.s+ (m, —u(s)m,)” ds ds

has only one critical point that coincides with the maximizer of p.

Second, s is the maximizer of . Applying the second derivative test, one has

28 <o (2.16)
ds* S§=5" )
2 2 2 2 >
Hence 25 = —ZnE T+ Mg _14S) 0 ifand onlyif X <o.
ds §=5 (m’ _/I(S)me) (mr ‘-ﬂ(S)me)' ds~ ds~
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This means that s~ is indeed the maximizer of F.

The sliding mode optimizing algorithm method was first proposed by Korovin and
Utkin [10], and further developed by Utkin [11]. Under the proposed optimizing strategy,
the unidimensional plant is described by the equation

y=f) @.17)

During the optimization run, the objective function f (5) will be decreasing and
leader minimum at a certain unknown value of the input variable s*, which is the only
minimizer, in the interior of the interval [a, b], and

dy/ds #0 at s #s* (2.18)

The requirement is to initiate a search process that will yield minimized plant
output. Then, the objective function, y = f(s), should be decreasing in time tracking a
monotonically decreasing function

gt) =-0(t—10) (2.19)

where to = initial time
@ = design parameter.

A block diagram of this optimizer has been described in detail by General Motors

NAO Electric Centre [9] and the literatures [10, 11] as shown in Fig. 2.10.

y
upsign( oy, oz > I > !/\ s >y
u S

Fig. 2.10 Sliding Mode Based Optimizer
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The control system is described by the set of equations [9] as

y=f(s)
=u
u =u,sign(c,,o0,)
o, =¢
o, =546 (2:20)

&) = g(t) — y(s)
g=-60+Mv(o,,0,)

where ug = optimizer independent variable gain
M = optimizer reference signal switching strength
O = optimizer error interval width
A = optimizer hysteresis width
& = defines the tracking error
v(o1.0y) = auxiliary signal can be obtained by a three positional relay.

The auxiliary signal parameter M is chosen to satisfy

dy

Al (2.21)

M> u,

It is clear that the control input u controls the independent variable of the
trajectory s(z) and the objective function y(s).
When the magnitude of the initial tracking error ¢ is large, an auxiliary function

v(¢) is generated by the relay force as error into the region where:
(o, +A)o,-0)<0 (2.22)
The design parameter A<0 is chosen to satisfy the inequality
24<$6 (2.23)

Inside the region where (o, + A)(o, —A) < 0, the tracking error satisfies

2.24
R TP @24
ds
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Hence, the trajectory s(z) will reach the uncertainty region around the minimizer
and will stay within this region thereafter. The uncertainty region is described by

@ 8 (2.25)
ds  u,

Therefore, at a certain instant of time the system will be under the condition
(c1-4)(o2+A) < 0 and v become zero. The parameters up and & control the width of the
uncertainty interval, and there are sufficient conditions for the sliding mode optimization.

Assuming

dy| 6

<L —=
ds| u, 7 (226)

Then the trajectory s(?) is in the desired uncertainty region around the minimizer and will
stay in this region thereafter. Thus, the trajectory s() moves towards the minimizer and
will reach the uncertainty region in finite time by properly selecting the design
parameters.

Further, let assume

b 6

ds u, (2.27)

This condition describes the situation corresponding with the position to the right

of the uncertainty region,

S=u =—u, (228)

Hence the trajectory, s(z), will be evolving toward the minimizer s, and there is a

sufficient condition for a sliding mode if o7 = 0 holds,

g =0,0,<0 (2.29)
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This is a sufficient condition for a sliding mode to commenceon o; = =g —f = 0.

Finally, let assume

dy 6

ds - ug (2-30)

This condition describes the situation corresponding with the position to the left of

the uncertainty region, and there also is a sufficient condition for a sliding mode if 0> =0,

g =0,0, <0 (2.31)

This is a sufficient condition for a sliding mode to commenceon oy = =g —f = 0.

From the above analysis, one can see that the use of the variable structure sliding
mode optimizing algorithm can yield the optimal slip rate, which is associated with the
maximum friction force. The proposed sliding mode based optimizer can be used on the

ABS control system as shown in Fig.2.11.

-0 .
—>OPTIMIZER *N%_—' PID ™| PLANT [—SLIP T’ 4
VT .
Vo—_ H(S)N =
m,

Fig. 2.11 PID Sliding Mode ABS Controller

2.5 BASIC SIMULATION SYSTEM
The basic simulation model is illustrated in Figure 2.1. More details are presented below.

The block diagram of the simulation system is shown in Figure 2.12.
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where Tp— braking torque; x.—commanded displacement; x; —desired position;
s—wheel slip; s —optimal slip; u—road adhesion; F,—aerodynamic force;

R,—wheel radius; F,— friction force; N—normal load; V—vehicle speed;

Vo— wheel speed; D—stopping distance; a—vehicle acceleration.

Fig. 2.12 Block Diagram of Basic ABS System
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2.5.1 Brake Actuator Simplified Model

In this basic ABS system, the simplified hydraulic brake actuator model is represented by

a transfer function [9]. A more complex hydraulic braking system and details will be

discussed in Chapter 3.

This system consists of three main components as shown in Fig. 2.13. The first

component is the hydraulic brake actuator that controls the fluid flow to the brake caliper

and regulate braking pressure. The other two components are the brake calipers and the

brake pads. The brake caliper is a mechanical device that enables the application of the

pressure to the brake pad to deliver a specific torque though the brake pads to the wheel

disks.

X4 Hydraulic X., | Brake

brake actuator caliper

Specific
torque

Time
delay

Fig. 2.13 Basic Hydraulic Brake System

The equation of motion for the hydraulic servo motor was obtained as described in

detail in [9] by

M xX+B x+K (x.—x,)=0

where M , = mass of the prime mover
B, = fluid force friction coefficient
K, = fluid stiffness coefficient

S

X, = actuator displacement

X4 = commanded displacement.

(2.32)

Thus, the transfer function for the actuator system can be expressed by

[+

X Kf

and

x, M,s*+Bs+K,

(2.33)



where

Ty
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Po
K,

s

T,

—b  —Ke™
ps _pO

4

= braking torque
= caliper pressure

= initial pressure for the open check valve

= specific torque constant
= Laplacian operator

-5 __

e
tO

= dead time.

(2.34)

= time axis actuator caused by the actuator “dead-time”

To be noted that [9] the brake caliper pressure can be modeled as a nonlinear

function of displacement of the brake fluid and that the specific torque constant is the

ratio of braking torque to caliper pressure. The transport delay, shown as a time delay in

Figure 2.13, represents the brake actuator time delay. The initial response time defines

the delay between application of force to the control mechanism and the onset of the

effective force.

2.5.2 System Simulation Input

The implementation of the proposed PID sliding mode controller and brake actuator was

performed on vehicle dynamic parameters. It is assumed that the braking maneuver

occurs on a dry concrete surface whose road adhesion coefficient versus wheel slip

characteristic is shown in Figure 2.8. The system parameters can be taken from the results

of General Motors NAO Electric Centre [9] as below.

a). Actuator system parameters

The model parameters of the actuator system are shown in Table 2.1.

Table 2.1 Actuator system parameters

SYM. | VALUE NAME SYM. VALUE NAME

Myn | 0.1kg servo motor prime mover mass | K, 1.7 specific torque constant
B, 30N/ms™ | fluid viscous friction coefficient | p, 6.5N/m” initial braking pressure
K, 50000N/m | fluid stiffness coefficient
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b). Vehicle svstem parameters

The model parameters of the vehicle are also taken from the GM NAO Centre [9] as

shown in Table 2.2.

Table 2.2 Vehicle system parameters

SYM. | VALUE NAME SYM. | VALUE NAME

g 9.81m/s” gravitational acceleration | f, 0.0/ basic coefficient

I 2.5m wheel base fs 0.005 speed effect coefficient
h,. 0.5m centre of gravity height K, 2.237 scaling constant of speed
mgy,. | 40kg tire mass Af 2.04m" vehicle frontal area
mJ/4 | 375kg quarter vehicle mass Vs 30m/s initial velocity

Jw 1.7kgm" wheel inertia p 1.23kg/m’ mass density of the air
R, 0.326m wheel radius Cy 0.539 vehicle drag coefficient

c). PID sliding mode controller

Based on the dynamics of the vehicle and actuator, the sliding mode component can
generate an optimum wheel slip value if the controller gains are selected properly. This
optimum slip value sets as the control input to the PID controller and the PID controller
forces the wheel to track the optimum wheel slip. Hence, the PID sliding mode gains can
be obtained as Table 2.3 using the MATLAB nonlinear control toolbox, which uses a

sequential quadratic optimization method.

Table 2.3 PID sliding mode gains

SYM. | VALUE | NAME SYM. | VALUE | NAME

K, 0.2431 PID controller proportional gain | M 300 optimizer switching strength
K, 0.5329 PID controller integral gain 5 0.4 optimizer error interval width
K, 0.0023 PID controller derivative gain A 0.025 optimizer hysteresis width

ug 30 optimizer variable gain
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2.5.3 Block Diagrams of the Simulation System

The implementation of the simulation base on the algorithm and data, which are

presented in Figure 2.12 and Tables 1 to 3. The detailed block diagrams using in

simulation are shown below in Figure 2.14 to Figure 2.18.

a. Vehicle Dynamics (refer to equations (2.1) to (2.5))

Aerodynamic

T
n
[ad
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Normal Load

+
1 -k
+
FL Weight Transfer Load
-

Static Normal Load

mt'g

a

b. Wheel Dvnamics (refer to equation (2.8))
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(T —>
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¢. Wheel Slip (refer to equation (2.11))
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Fig. 2.14 Vehicle Dynamics

Fig. 2.15 Wheel Dynamics
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Fig. 2.16 Wheel Slip
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d. Brake Actuator (refer to equations (2.33) and (2.34))

xd 50000 xa PS4 7 Tb
CTy—» > > > > f(u) R (D
Dis 0.152 +30s+50000 / - LA . Tor

P- Brake Saturation Rate Limiter Brgke  Time Delay q
Caliper limiter [-0.8 0.8] Torque (to=0.5s)

Hydraulic Servo Motor

Fig. 2.17 Brake Actuator

e. Sliding Mode Optimizer (refer to equation (2.20))

h 4

|-

™
+

! s e 1 | _u 1 s
Design »- — - [ ———)
< 2 > f(s) _ A sign(s1 s2) Optimai Slip

Objective

Fig. 2.18 Sliding Mode Optimizer

2.5.4 System Simulation without ABS Control

When vehicle rolls on dry asphalt surface, the typical road adhesion characteristics as
described in Figure 2.8 can be used in the simulation. The road adhesion coefficient is a
function of the braking slip.

For simulation, the brake torque input is assumed as shown in Figure 2.19.
Initially a light brake torque of 200Nm is applied, and then the torque is stepped up from
200Nm to 3000Nm. The vehicle wheel slip response is shown in Figure 2.19. The vehicle
speed, the wheel speed, acceleration and stopping distance responses are shown in Figure

2.20. The initial velocity of the vehicle is 30m/s.
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Fig. 2.20 Braking Responses without ABS
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From the responses, one can see that when the brake torque is stepped up from 200
to 3000 Nm, the wheel slip increases from a nominal value around 5% to full lock-up at
100%, and when the brake torque is released. Further, by stepping the torque down from
3000 Nm to zero, the wheels unlock and regain speed that corresponds to the situation
when wheel slip decreases to zero. When the brake torque increases again to 2500 Nm,
the slip again increases to 100%. Hence, the simulation result shows that braking model
performance is representative for a real brake system and the braking performances is

highly dependent upon the brake force distribution.

2.5.5 System Simulation with ABS Control

When the vehicle rolls on dry asphalt surface, the typical road adhesion characteristic is
assumed as that described in Figure 2.8. The PID controller is applied to regulate the
vehicle brake torque and control the wheel slip to an optimal value. The ABS sliding
mode optimizer is activated, which performs a real time search for the optimal wheel slip
that corresponds to the maximum deceleration. When the initial vehicle velocities are 30
m/s, 20 m/s and 10 m/s, the brake torque input is shown in Figure 2.21 and the wheel slip,
vehicle speed, the wheel speed, acceleration and stopping distance responses is shown in
Figures 2.22 to 2.24. A figure 2.25 show when the brake torque input has been changed,
the desired slip is changed and consequently the braking performance will be changed.
Note that the brake torque input respondents to the braking force distribution, which
dependents upon the correspondent to the different road conditions, but independents on

the initial vehicle velocity.
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Fig. 2.21 Braking Torque Input with PID Control
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Fig. 2.22 Braking Responses with PID Control (Vo = 30 m/s)
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b). Vo =20m/s
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Fig. 2.23 Braking Responses with PID Control (Vo = 20 n/s)
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From the above responses, the stopping distance is the same when vehicle is
equipped with ABS or not over the same braking period; however, when the vehicle is
equipped with ABS, the average acceleration is large and held on constant to achieve the
optimal slip value. From the slip plot, the optimal slip of the dry asphalt surface is about
10%, which corresponds to the typical road adhesion that is described in Figure 2.8. As
results, the vehicle with ABS can avoid the wheels from being locked and make the
vehicle more stable. A basic ABS braking system control by a simple strategy yields a

better braking performance than the system without ABS under the same conditions.

d). When desired slip is 5% at Vo =20m/s

When the vehicle moves from one surface to another surface, the braking torque input
must be modified, in the case, the desired slip is changed. This would be result to change

the braking performances. The responses as shown in Fig. 2.25 when the initial vehicle

velocity is 20 m/s.
1200 {Brake torsue input" 0.2 : Wheel slip
e e Vit —desired slip of 5%
£ 900 }------ Rt ~30% f --------------------- . 0.15 p----oeeeeeed----: — desired slip of 10%
Z : : - : : :
: : : 2 N4t . : ]
g 600 ------ B R 1 ] 0.1 Kenhs: ; :
5 : H H : :
<  300}------|------i----i — desired slip 0of 5% H 0.05¢ e eeeiieeees
-— desired slip of 10% : : :
0O . 2 3 4 OO 1 2 4
time(second) time(second)
2 , Accelqration ‘ 60 i Stopping‘distance :
S 0 ----- —desired slip of 5% '
Jog-] - , ..... -— desired slip of 10% g 40} ~15% . o]
T S S —— R ] g ==
G B fromoe e moem oot oy Mi-ommmoomeooo- - B 20 f-emeeee : :
§ 8 ...___,.'?:::-_é_-::.:.-..-.:::.—:—??:_/:_.i: ............ i © i —desiredslipof5%
: : : : { -— desired slip of 10%
-10 - - : 0 . : d
0] 1 2 3 4 0 1 2 3 4
time(second) time(second)

Fig. 2.25 Braking Responses with PID at Desired Slip of 5% (V=20 m/s)
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From the responses, when the desired slip ratio changes from 10% to 5%, the
brake torque reduces by 30%, consequently, the acceleration of the vehicle reduces about
60% and the stopping distance increases about 30%. Hence, one can see that when the
brake torque input has been modified, the desired slip is changed and as results, the brake

performances will be changed significantly.

2.5.6 Summary

In this Chapter, a basic ABS system including a PID sliding mode controller has been
proposed and implemented on a quarter vehicle. The parameters that influence the
performances of road vehicles with and without ABS antilock control investigated and
analyses are performed to assess the effectiveness of the controller. Results of
simulations are presented to illustrate the influence of the tire-to-road adhesion, the
brake-force distribution and the antilock control on the stop capability and directional
stability.

The simulation results clearly illustrate that the road vehicles equipped with ABS
have improved the braking performances and maintain good directional stability that
avoid the wheels from being lock. From the simulation analysis, however, the true ABS
efficiency may be misjudged due to the different input conditions. It may be concluded
below:

e The braking performances is highly dependent upon the braking force distribution
and the peak tire-to-road adhesion coefficient, and on an ideal dry road condition,

it is only dependent upon the locked tire-to-road adhesion coefficient;
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e The real benefits of ABS are mainly related to emergency maneuvers. When a
vehicle stops in emergency situations, ABS installation provides full steering

control, good vehicle stability and shorter stopping distance;
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CHAPTER 3

ROAD CONDITION IDENTIFICATION IMPLEMENTED
IN NONLINEAR TRACKING CONTROL SYSTEM

3.1 GENERAL

The braking, steering or accelerating forces are generated by the small tire treads areas
contacting the road surface and within the structure of the tire. It is well known that
vehicle motions depend on tire forces and tire forces depend on vehicle motions. Tires
form the interface of the vehicle and the road, are therefore their properties play a very
important role in the dynamic behavior of vehicles under braking maneuvers. The
braking properties of a given vehicle cannot be predicated unless the forces and moments
acting at the tire road contact area are well described and integrated into the vehicle
model. Many different tire models that describe forces and moments have been
developed at the tire-road interface and within the tire. The efforts to deliver accurate
results in relatively short computer run time are pursued. Look-up tables associated with
regression techniques were applied to achieve functional relationships. Fast interpolation
techniques along with data smoothing and error analysis were included in the look-up
table reading routine. Once the functional relationships were established for various
operating conditions of specific tires, they were further used for fast computations of the
force and moment at any point of vehicle operation. The equations fit the given empirical
relations over a wide range of data. The major problem associated with regression models
is finding that the small errors are only encountered in the evaluation. Recently,

considerable attention has been given to nonlinear regression model for tires that involve

66



trigonometric or other transcendental functions. The trigonometric model has come to be
known as the Magic Formal (MF) tire model partly because of its complex and unusual
structure, and partly because of its power to simulate many important tire performance
functions with excellent accuracy.

As indicated in Chapter 2, tire longitudinal forces such as traction or braking forces
as well as side forces can only be produced when a difference between the speed of the
tire circumference and the speed of the vehicle relative to the road surface exists. It is
common to relate tire braking force data to tire braking slip as defined before. The
effectiveness of the brakes is dependent upon the road adhesion (braking friction
coefficient) between tires and road. The braking friction coefficient as a function of the
tire braking slip can thus vary according to road surface conditions. The relationship
between wheel slip and longitudinal friction forces is usually determined from empirical
relationships. In this analysis, the MF tire model is used. The ABS must perform safely
under a variety of operating conditions including slippery, wet and dry roads, when
vehicle is lightly or full laden, when braking while moving straight or in a curve, with
new or womn brake linings, with wet or dry brakes, when braking either on smooth or
rough roads. The performance of an antilock braking system relies upon a proper
identification of the road surface type. When the brakes are applied on a road surface
characterized by an asymmetrical left/right traction pattern, for instance, left wheels on
dry asphalt, right wheels on ice, the resulting brake forces vary. This leads to yaw, which
torque will impose the vehicle a tendency to spin around its vertical axis.

One of the objectives of an ABS system is to regulate the wheel slip so that road

adhesion coefficient is maximized, which in turn leads to the maximum utilization of the
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available braking forces and minimization of the vehicle stopping distance under stable
dynamic conditions. However, the desired slip range is road surface and condition
dependent. The existing ABS systems attempt to regulate the wheel slip to a range around
that point where is able to maximize the braking force. For example, the optimal slip
value for an icy road is different from the optimal slip value for a dry road. Therefore, in
order to determine the optimal wheel slip range, the road type must be identified.

At present, there are no affordable sensors available that can accurately identify
the road surface and make this information avatlable to the ABS controller. However, the
road surface type can be inferred from the vehicle’s brake pressure, wheel slip
measurements, and deceleration rate comparisons. Brake pressure in this type of system
is determined mainly by wheel deceleration during braking where the braking pressure is
controlled to increase, decrease or hold according to each specific condition. The pressure
level during braking must be applied to minimize the stopping distance, providing in the
same time full stability of the vehicle. Chapter 2 presents a nonlinear control system that
combines a sliding mode-based optimizer and an actuator PID controller for ABS. This
controller can be implemented to compute the optimal slip rate on line using data
obtained from commonly available longitudinal accelerations and wheel speed sensors.
This system has the ability to cope with changing system parameters, but the lack of a
global stability proof is often a disadvantage of this linearized adaptive controller. Thus,
giving some initial conditions in order to get the good performance on the stopping
distance the system may became unstable.

In our approach, a Nonlinear Tracking Control (NTC) law is used for the servo

system, which is derived from Lyapunov’s stability theorem for the braking control
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algorithm with the desired values of longitudinal slip calculated within the controller
based on MF tire model. This approach uses a candidate Lyapunov function to synthesize
both the control law and the adaptation law necessary to estimate the unknown
parameters of the system. From results yield by the nonlinear tracking controller
compared with those resulting from sliding model PID control system, two advanced
points can be seen. The NTC system is based upon the nonlinear dynamics analysis of the
hydraulic braking actuator system, so it has the ability to change the system parameters
and more exactly tracks the desired trajectory. Furthermore, the NTC system can change
the initial conditions for different type of roads and the system does not significantly
change the pattern of stopping distance for various road conditions. Therefore, the
proposed system represents a best performance of braking considering the conditions of

fully stable vehicle.

3.2 MAGIC FORMULA TIRE MODEL

The Magic Formula (MF) tire model [32-35] provides a set of mathematical formulae
from which the forces and moment acting from road to tire can be calculated at
longitudinal, lateral and camber slip conditions, which may occur simultaneously. The
Magic Formula concept is an elegant, empirical method of fitting tire data for inclusion in
vehicle dynamics models. The formula gives a good representation of measured tire
characteristics while certain coefficients of the model retain a physical significance, and

therefore be expected to respond to road surface variations in a meaningful manner.

69



3.2.1 General Form of Magic Formula
The general form of the formula that holds for a given value of vertical load and
camber angle is given by [33]:
y(x)=D sin{C arctan[Bx(l -EY+E a:ctan(Bx)]}

Y(x)=y(x)+S, (3.1)
X=x+S§,

where Y stands for either forces or moment
X may represent the slip angle or longitudinal slip
Sv. Sy, B, C, D, and E are the anti-symmetric shape coefficients.
The shape coefficients must be identified from the experimental data using the
nonlinear curve-fitting algorithms. For rapid execution of the iteration process during

fitting and to ensure convergence, it is essential to generate initial estimates of the six

coefficients that are close to their final values as shown in Figure 3.1.
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Fig. 3.1 Typical Tire Characteristic of Magic Formula

where  S:and S, can be estimated with reasonable accuracy directly from the
experimental data for a tire
BCD corresponds to the slope at the origin
D describes the peak value of the force or moment ()
C can be estimated corresponding to a large value of x
B relates approximately to the slope in the linear range
E controls the slip at which the peak occurs.
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3.2.2 Formulae of the Magic Tire Model for Braking

where

a. General formula for pure slip

y(x) = Dsin{C arctan[Bx(1 — E) + E arctan(Bx) |}

Y(x)=y(x)+S§,
X=x+S,

D = peak factor = ypmax

C = shape factor = 2/7 arcsin(ys /D)

B = stiffness factor =dy / dx

E = curvature factor = (Bxp, — tan(w/2C)) / (Bxm — arctan(Bxy))

S« = horizontal shift
S, = vertical shift.

. The Lateral Force

Y, = F, (lateral force)
X = a(side slip angle)
Dy = pymF- = (a;F: + az)F:

BCD = a;sin(2arctan(F-/ay)) (1 —as [y/)

Cc=ag
B,=BCD,/C,D,
E,=asF-+ay
Sog=agsy+tasF-+aj

S)y = aIIF:7+ aIZF: +aj;

. The Longitudinal Force

Y, = F (longitudinal force)
X = s (longitudinal slip)
Dy = pemf: = (b1F: + bo)F:
BCD = (bsF:’ + byF-) exp(-bsF)
Cy =bg
B = BCD./ CDx
Ex =bsF: + biF. + bs
S =boF-+ by
Sx=10

(3.1)



Note that the coefficients above can be influenced by the vertical load on the

contact patch at the tire-road interface, so they can be functions of vertical load in the

above equations. Besides, the coefficients of the model retain some physical significance

and can therefore be expected to react to road surface variations in a meaningful manner.

This will be discussed later in this Chapter.

3.2.3 Magic Formula Optimization

The desired largest friction force could be more exactly derived from MF tire model. The

greatest friction force will occur at the desired slip x.

Therefore, one can find

&
dx

=0

.
X=X

From Magic Formula, one has

dy _ BCD
dx 1+[Bx(1- E)+ E arctan(Bx)]*

[l —-E+ —%:I cos{C arctan[ Bx(1 — E) + E arctan(Bx)]}
1+B"x

Then the Equations (3.2) and (3.3) yield

cos{Carctan[Bx (1~ E) + E arctan(Bx )]} =0

Hence, the optimized slip can be expressed as

o= tan(0.57/ C) — E arctan(Bx ")
B(-E)

(3.2)

(3.3)

(3.4)

3.5)

The control architecture is used only when x~ finally gets convergent as shown in

Fig. 3.2, which is a close loop control system.
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Fig. 3.2 Magic Formula Optimization

Compared sliding model optimization and magic formula optimization, as results,
both of them yields very close to optimal tracking to the desired trajectory. The optimal
peak slip controlled within MF model is known without error. However, MF optimization
is strongly dependent on the road conditions because the required shape coefficients

differ with road conditions change.

3.3 ROAD SURFACE CORRECTION OF MAGIC FORMULA

A series of p-slip profiles for the different road surfaces are presented in Figure 2.8 and
Figure 2.9, and will be generated by the tire model with optimized system variables.
Further, the sensitivity of the magic formula on different road conditions is investigated
for a selected tire. Thus, data of a tire on various road surfaces is measured.

The MF tire model was employed because it gives a good representation of
measured tire characteristics and since certain coefficients of the model retain a physical
significance, is therefore expected for them to react to road surface variations in a
meaningful manner. Jagt and Parsons [79] presented the results of the measurements data

of a 185/65R 15 tire on different road surfaces as shown in Table 3.1.
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Table 3.1 Lateral coefficients for different surface [73]

'w ROAD A ROAD B ROAD C LAB.

COEFFICIENTS
ay ~43.707 —42.026 —39.925 ~35.408
2 1329.305 1280.406 1215.734 1086.310
23 1285.465 1378.389 1306211 1502.732
2 8.875 8.847 8.832 8.792
as 0.017 0.016 0.016 0.014
2 ~0.021 ~0.025 ~0.032 —0.025
a7 ~0.513 ~0.428 ~0378 ~0.451
as ~0.111 ~0.132 ~0.136 ~0.141
an 8210 7.977 7.542 8.122

The results of lateral force measurements were tested on laboratory as well as road
surfaces. The different road surfaces of “A”, “B”, “C” and “Lab” present the different
lateral force distributions dependent to the wheel slip with the use of a same structure tire
as described in the paper [79]. The measurement results show that parameters of a;, a;
and a3 in the MF change significantly from surface to surface. It had been stated that only
the parameters that represent the peak lateral force (a; and a;) would change to the road
surface change. These parameters are related with the friction coefficient of the surface,
and in fact both a; and a; do change from one surface to the other by the same
percentage, illustrating load independent variation at the overall level.

According to the theory, the comering stiffness is dependent on the construction of
the tire and independent on the type of road surface. The change in parameter a3 might be
thus explained by the fact that the cornering stiffness is influenced by dynamic effects,
meaning that high frequency load changes coming from road irregularities might reduce
the cornering stiffness [79]. Parameter a4 change less significant which again illustrates

the variation in only the overall level of the cornering stiffness and the load
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independence. Furthermore, all curve shape and camber parameters appear not to change
significantly from one road surface to another.

From all of above, Jagt [79] also found that a tire model could be transferred from
one surface to another by including two weighting parameters C;, C; in the MF with
respect to a theoretical road surface as follows

D"=C,;-D (3.6)
(BCD)" = C;- (BCD)

where D=a,-F +a,-F.
BCD =a, -sin(2tan™ (F, /a,))- (L~ a5 -|7])

The weighting parameters C;, C, different road surfaces are given as Table 3.2.

Table 3.2 Road correction factors C; and C;

ROAD A ROAD B ROAD C
SURFACES C. C, C C, C C,
Tire A 1.226 0.776 1213 0.843 1.176 | 0872
Tire B 1.224 0.855 1.186 0.917 1.119 | 0.869

In the investigations, Jagt et al. show an example of measured laboratory lateral
data and the MF model associated with these data and proved that an excellent
characterization of the road surface can be achieved using the MF with the two correction
factors for this surface.

Further investigations, proved that the same assumptions are also suitable for the
longitudinal dynamics. Alleyne [120] proposed an empirical result, consequently, the

parameters in MF can be written as a function of vertical load on the tire as

C=18

D =b,F? +b,F,

poBFL +b.F, (.7)
CDe":

E=b,F’ +b,F. +b,
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The vertical and horizontal shifts S; and S, are used to account for offsets in the
slip vs. force curves. In this investigation, both shifts are assumed to be zero. A more
complete version of the MF also accounts for camber influences and combined
cornering/braking maneuvers. However, for the purpose of this analysis, the model given
in equations is satisfactory. The coefficients corresponding to a wet road that were used

in the model and simulations [120], are given in Table 3.3.

Table 3.3 Longitudinal coefficients for wet road
by b2 bs by bs bs b bg

-21.3 744.0 49.6 226.0 0.3 -0.006 0.056 0.486

The braking force vs. slip is shown in Figure 3.3 [120]. The maximum braking
force corresponds to wet asphalt with friction coefficient ranging from 0.4 to 0.5 when

the normal loads equal to 2kN, 4kN, 6kN and 8kN.

Longitudinal Tire Force Characteristics
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Fig. 3.3 Magic Longitudinal Force vs. Slip on Wet Surface [120]

The assumption of Jagt [79] found that the tire model could be extended from one

surface to another by weighting the MF using two parameters C,, C, stands for the
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longitudinal forces. Given the independence of the correction factors on load, it is thus
necessary to measure only a single curve on any surface to estimate the two correction
factors when the MF coefficients based on laboratory data is available. From the above
results, one can see the large changes in factor C, are related to the sensitivity of tire at
high frequency load changes. It is also known from passed experience that the factor C,
would change in time mostly due to weather, temperature and surface conditions. The
effectiveness and portability in deriving the correction factors for the tire data from actual
vehicle tests using standard instrumentation was investigated. The derivation of the
correction factors requires data on individual tire vertical loads, lateral forces, slips and
camber angles. Thus, for the initial investigation, instrumentation was chosen to measure
individual tire slip angles via measurement of body sideslip and wheel steering angles

relative to the body.

3.3.1 Longitudinal Force for Straight Line Braking
The typical experimental test results for this straight line braking was given in Chapter 2
(Figure 2.8). Corresponding to this typical plot, the MF coefficients corrected to different

road surfaces are given in Table 3.4.

Table 3.4 Longitudinal coefficients for different surfaces

Surfaces Dry Concrete Wet Asphalt Snow Slippery Ice

by -33.015 -21.3 —6.56 -3.28

ba 1153.2 744.0 229.152 114.576
b3 113.398 49.6 9.92 4.96

by 516.693 226.0 452 226

bs 0.3 0.3 0.3 03

bs —0.006 -0.006 —0.006 —-0.006
b7 -0.056 —-0.056 —0.056 -0.056
bs —-0.486 —0.486 ~0.486 —0.486
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Using Alleyne’s empirical results (Table 3.3), the two correction factors C; and C;

for different road surfaces can results as in Table 3.5. Note that the large variation with

lateral force of parameter by is due to the large changing of C,.

Table 3.5 Correction factors for different surfaces

Surfaces Dry Concrete Wet Asphalt Snow Slippery Ice
Ci 1.55 1 0.308 0.154
C, 2.286 1 0.2 0.1

Therefore, the braking force vs. slip ratio for the corresponding coefficients of the

dry concrete, snow and slippery ice surfaces, are shown in Figure 3.4 to Figure 3.6, which

are used in the simulation programs. From the results of Figure 3.4 to Figure 3.6, the

optimal slips are 5%-15% for dry concrete surface, 15%-35% for snow surface, 10%-

30% for slippery ice surface, and the road adhesion are around 1, 0.2 and 0.08, which are

in good correlation with the typical experimental test results as shown in Figure 2.8.
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3.3.2 Lateral and Longitudinal Forces while Turning

Of all the maneuvers encountered in everyday driving, one of the most critical and thus
most significant for vehicle design is braking during comering. The vehicle’s response
pattern must represent the optimum compromise between steering response, stability, and
braking effectiveness. Improvement of cornering performance with consideration of
braking is important for automobile safety. During severe braking in a turning, the ABS
system should intervene early on with initially low deceleration values while the lateral
acceleration is still near its maximum value permitted by the tire road friction coefficient.
Therefore, it is necessary to analyze vehicle dynamics and cornering characteristics with
consideration on both friction and braking forces. The more complete version of the MF
also accounts for camber influences and combined comnering/braking maneuvers.
However, for purposes of this analysis, the model described by Equations (3.1) and (3.2)
is satisfactory.

From the typical experiment test results given in Chapter 2 (Fig. 2.8) and based on
Jagt’s empirical results (Table 3.1), the typical lateral coefficients for dry concrete normal
road condition that are further used in this study are given in Table 3.6. More details will
be presented and discussed in Chapter 4.

Table 3.6 Lateral coefficients while turning

a a» a3 ¥} as s ar ag ai

-35.408 | 1086.31 | 1502.73 | 8.798 | 0.014 | -0.025 | -0.451 | -0.141 | 8.122

Therefore, the normal lateral force vs. side slip angle corresponding to the

correction factor coefficients further used in the braking system are shown in Figure 3.7,
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which also is good correlation in well with the typical experimental test results as shown

in Figure 2.9. More details are provided in Chapter 4.
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Fig. 3.7 Lateral Force vs. Slip Angle in Cornering

3.4 NONLINEAR TRACKING CONTROL HYDRAULIC SYSTEM

The hydraulic system in braking represents the power effector of the braking caliper
through the braking pads on the spinning disk of the tire. The pressure on the braking
pads affects the friction force and thus braking. The braking force can thus be controlled
though an appropriate setting of the braking pressure in the hydraulic system. The basic
hydraulic braking system of a vehicle is constituted of three main components as shown
in Fig. 2.13. The hydraulic brake actuator controls the fluid flow to the brake calipers and
regulate brake pressure. The other two components are brake calipers and brake pads.

The brake caliper is a mechanical device that applies the pressure to the brake pad as
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determined by the fluid flow caused by the hydraulic brake actuator modulation. It is
important to note that the brake caliper pressure can be modeled as a nonlinear function
of flow of the brake fluid, and the specific torque constant as the ratio of brake torque to
caliper pressure as given by the Equation (2.34) [9].

The realization of ABS systems relies on the control of the hydraulic actuator as
well as other vehicle systems. Modeling of the hydraulic actuator as a dynamic system is
essential when design the ABS. In Chapter 2, a simplified actuator model was used for
the actuator transfer function in conjunction with a simple nonlinear control system that
combines a sliding mode-based optimizer and an actuator PID controller. This system can
be implemented to compute the on line optimal slip rate, but the lack of a global stability
proof is often a disadvantage for this linearized system. In the further approach, the
actuator dynamics is included as a subsystem in a new integrated Nonlinear Tracking
Control (NTC) system, which is developed for the hydraulic braking system. This model
uses a candidate Lyapunov function to synthesize both the control law and the adaptation
law is used to identify the unknown parameters of the system. The results of the
simulation of this system compared with the result yield by the PID controller show that
this system more exactly tracks the desired trajectory and represents the best performance
of stopping distance under fully stability of the vehicle.

The analysis of hydraulic braking systems has been well documented in the
literature [121, 122]. Based on the ABS system operation principles briefly illustrated in
Chapter 2 (Figures 2.2-2.5), the hydraulic braking system is further considered as a part
of the proposed ABS system, which are modified as Fig. 3.8. This system includes power

brake source (such as accumulator, pumps, reservoir and valves), control spool valve,
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hydraulic brake booster, master cylinder and solenoid valves. The hydraulic pressure to
the wheels is supplied by the accumulator, and the hydraulic fluid is drained from the
brakes to the reservoir. The solenoid controls the isolation/inlet valve of the hydraulic
circuit to prevent the fluid flow from the master cylinder and hydraulic booster in

preventing any more hydraulic pressure from reaching wheels.

Power Brake Source

v

Reservoir Supply Reservoir
pressure p, pressure p; : : pressure p;

Control valve
control u voltage to valve

Master cylinder
fluid Flow q;

Booster chamber

0\‘ , fluid flow q,
v
O

)

e i W

paaan Brake
) pedal
55 4.0 0
Master cylinder Booster chamber
pressure p, ¢ pressure p;
Solenoid
i valves

Calipers

Front left wheel Front right wheel Rear wheels

Fig. 3.8 Schematic of Hydraulic Braking System
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3.4.1 Hydraulic Brake Actuator

The ABS is mostly based on two principles of braking actuation. The vacuum assist,
principle uses engine vacuum, or sometimes, vacuum pressure developed by an external
vacuum pump to help apply the brakes. The hydraulic assist, which is considered in
presently ABS system, is shown in Figure 2.2 to Figure 2.5. The system uses hydraulic
pressures developed by the power steering pump or other external pump to help apply the
brakes. The hydraulic assist systems are used in braking systems provide their many
advantages, including high durability and the ability to produce large forces at high
speeds as discussed in Chapter 1.

Unfortunately, the dynamic characteristics of these systems are highly nonlinear
and thus relatively difficult to control. The two most common approaches developed to
compensate for the nonlinear behavior of hydraulic servo systems are: /) adaptive control;
ii) variable structure control. Most of the adaptive controllers use linearized models for
the ABS system, and hence provide only local stability. Given some initial conditions, the
system model may become unstable. The variable structure control uses sliding mode
controllers, where the important practical problem is the selection and tuning of the
required dead band. If one selects a too small dead band, the nearly discontinuous control
excites unmodeled dynamics present in the system; if the dead band is too large, a
significant degradation in tracking performance occurs.

The literature review revealed that only few studies have been dedicated to the
dynamics of the ABS servo braking system. Halseth [123] modeled the dynamic behavior
of the vacuum booster by including the thermodynamics of the vacuum chamber and the

dynamics of the power piston. Khan et al. [124] developed a complete model of the brake
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servo system, and included 10 states and validated the model only for very slow brake
applications. Based upon experimental results, Raza et al. [125] devised a combined
actuator and braking system model for Intelligent Cruise Control (ICC) consisting of a
first-order linear system with amplitude-dependent parameters. This model, however,
appeared to reflect very slow actuator dynamics and did not allow for analysis of
individual components. Gerdes and Hedrick [126] proposed a reduced-order model of the
brake dynamics derived from a physical modeling perspective. Following the assumption
of incompressible flow, a four-state model of brake hydraulics is proposed. This model
provides a collection of components that can be simplified or extended as necessary to
form a basis for the study of vehicle interactions with the ABS control. However, the
ABS dynamics is inherently nonlinear. The nonlinearities arise from the compressibility
of the hydraulic fluid and the complex flow properties of the servo valve. Friction in the
hydraulic cylinder also contributes to the nonlinear behavior.

For the investigation, a new integrated Nonlinear Tracking Control (NTC) is
developed for the nonlinear hydraulic braking system, which is derived from a Lyapunov
analysis of the nonlinear dynamic equations. The Lyapunov-based approach separates the
force control subsystem from the position tracking subsystem using a technique similar to
integrator back stepping [127]. This proposed controller has provided excellent
exponential stability for force and position tracking even in the presence of errors in the
physical parameters without the complexity of variable structure or adaptive methods.
Therefore, the proposed braking control system can maintain desired values of

longitudinal slip for both front and rear wheels at pre-specified values.
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3.4.2 Hydraulic Brake Actuator Dynamics

a. Hydraulic boost system

The hydraulic boost system uses pressurized fluid from the power-steering pump to
obtain its power assist, as shown in Figure 3.8. The hydraulic booster is a different
system from the hydraulic pressure in the brake lines. The booster assembly itself
consists for a spool valve and sleeve assembly, a lever assembly, an input rod assembly, a
power piston, an output pushrod, and the accumulator. The booster assembly is mounted
of the same manner as a vacuum booster. Power-steering fluid flow in the hydraulic boost
unit is controlled by a control valve. The control valve works as a mechanical feedback

mechanism to modulate hydraulic fluid in response to force commands on the pedal.

b. Control valve dynamics

As a first step in modeling this system, assume that the control u applied to the spool
valve is directly proportional to the spool position, which the dynamics of the valve
motor/flapper are fast enough to be decoupled from the dynamics of the spool.

Neglecting leakage in the valve, the flow into master cylinder and booster chamber [128]

is given by
g, = Clu\/p: - P u=x0 (3.9)
l c2u1/pl -D, u<0
and

g, = —CSqul-pr uZO (3 10)

where q1 = master cylinder fluid flow
q> = booster chamber fluid flow

ps = supply pressure
Dr = reservoir pressure
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u = control applied to the spool valve
p1 = pressure on master cylinder

p2 = pressure on booster chamber

¢y, €3, ¢3, cq = valve orifice coefficients

c. Brake system dynamics

As illustrated in Fig. 3.9, the brake hydraulics can be separated into two distinct circuits.

P P Pi N —— P2
Fqg — -=—— Fy, Fgj — - Fo
FS[ Fs.‘! FSZ i R st

X1

Fig. 3.9 Braking System Dynamics

Neglecting the small inertia of the pistons, the pressure in master cylinder and

booster chambers are given by

p=Fyl4
(3-11)
P =Fpl 4,
where p1 = hydraulic pressure on master cylinders

p2 = hydraulic pressure on booster chamber
Far = hydraulic force on master cylinder

Fa4> = hydraulic force on booster chamber

A; = piston area in master cylinder

A = piston area in booster chamber.

Considering the individual force balance for the push-rod and power piston, the
equations of motion become
Fo—Fp —F—F=mx
(3-12)

Fo,~-F,=m/X

where Fs; = spring force on first chamber of master cylinder
Fs> = spring force on second chamber of master cylinder
F¢3 = spring force booster chamber
m = pushrod and piston mass in booster chamber
m,= piston mass in master cylinder
x; = piston position in master cylinder
X = piston position in booster chamber.
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The return spring forces are:

Fy =k
F,=k(x—x)) (3.13)
Fi=kx

where k = spring constant(assume the same for the three springs)

The inertial effects of the motion of the piston in master cylinder are quite small,
relative to the forces in the master cylinder. Neglecting these inertial forces yields to

F,—F,=0 (.14)
Combined equation (3.13), yield

f =X (3.15)

F.\'l =F;" =llct
-2
(3.16)
F,=kc

d. Hvdraulic fluid dynamics

During a typical application, hydraulic fluid applies to the booster chambers, causing the
pressure to rise and forcing the diaphragm forward. From the definition of the fluid bulk

modulus, the hydraulic fluid dynamics apply to the master cylinder and booster chamber

yield
b =£(_Vn +q,)= B (_Vll +412)
Ya Vis
5 (3.17)
.~: = _V‘; +q,
D Vz( >, +4,)
and
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1
"u =§I/10+XIAI (3.18)

1
12 =EV10 +(x—-x)4,
V,=Vy —x4,

where B =fluid bulk modulus

Vi1 = total fluid volume in the first chamber of master cylinder
V12 = total fluid volume in second chamber of master cylinder
V; = total fluid volume in master cylinder

V> = total fluid volume in booster chamber

V1o = initial fluid volume in the master cylinder

Vo = initial fluid volume in the booster chamber

A, = piston diaphragm area in master cylinder

A> = piston diaphragm area in booster chamber

q 11 = fluid flow to the first chamber of master cylinder

q12 = fluid flow to the second chamber of master cylinder

q1 = fluid flow to master cylinder

q> = fluid flow to booster chamber.

Combined equations (3.15), (3.17) and (3.18), one has

Vi =V12 ==V
2 (3.19)
1

qdu =4 =§‘11

Therefore, the equations (3.17) and (3.18) yield,

=L va)
[‘), (3.20)
2 = _Vv +4,
b=y (V. +4,)
1 1 1
Vi =Va =EV1 =§'Vlo +§x‘4[ (3.21)
Vy=Vy —x4,
Hence, the equation of the fluid dynamics in the chambers could be written as
P, =§‘(“5CA1 +q,)
’; (3.22)
pz = % (x4, +qz)

2
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3.4.3 Control Law for Hydraulic Brake Actuator

a. Piston motion modeling

The control « applied to the spool valve is directly proportional to the spool position as
illustrated in the equations (3.9) and (3.10). Substituting these equations into the equation

of the fluid dynamics (3.22), one obtains

—g(-Alx-i-clu,/ps —pl) uz0
b= /;
7(— A1X+c2u./pl -D, ) <0
1
(3.23)
- (A X—cua P, ) 7
py = ﬂz

(A X— c4u\/_) u<0

o

The fluid force and spring force acting on the piston in the booster chamber yields

F=Fy—F;,-F,—Fg (3.24)
Substituting the fluid and spring forces in a differential form, yields
E=pd —pody -t
=b4 — D4, Y (3.25)

Combined equations (3.23), yield

. [ (A4} A42) 3
F= —x(ﬂ( V +71J +5kJ +z(x, py, Py )u (3.26)

(Acsx/ -p, + ”\/ PlJ u=0
ﬂ(é-ci\/p po+£c— P = prj u<0

v, Vi

3.27)

-
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where z = nonzero control quantity

From the above equations, it is evident that the control signal can be adjusted to
track both the force and position as desired. The problem of choosing a control input is,

therefore, reduced to the problem of determining a good choice for the tracking force.

b. Controller

The control law is derived from the Lyapunov like function:
1 2
L(x,t) = Ek, (F—-F)) (3.28)

where L = Lyapunov like function (assumed lower bounded by zero)
F4 = desired force on the piston (assumed to be a C' differentiable function)
ki = function constant.

The derivative of the function is given
L(x,t) =k,(F—F,)(F-F,) (3.29)
It is noted that L(x, ) is lower bounded by zero, which is required criterion for the
stability proof. Ifthe force in Equation (3.26) is selected such as
F=F,—k (F-F,) (3.30)
where kr = positive force error gain.

Hence, the selection provides exponential force stabilization with

(FQ=F ) _ s
(F(O)-F,(0)

(3.31)

It should be noted that (F(z) — F4(t)) — 0 with time constant 7 =1/ k,. The same

result is obtained using Barbalat’s Lemma [129]. Substituting the equation (3.30) into

(3.29), the derivative of the function becomes
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L(x,t) =~k k,(F —F;)* (3.32)

Therefore, L(x,r)is negative semidefinite, and from Barbalat’s Lemma states that

L(x,t) = 0 ast — co. The derivative of L(x,t) becomes
(3.33)

i(x,t) =—2kfk1(F-Fd)(F—Fd)

Substituting equation (3.30) into (3.33), yield
(3.34)

L(x,t) =2k} k,(F - F,)* =4k} L(x,1)

Therefore, L(x,r)is positive semidefinite and bounded. From the sufficient condition of

Barbalat’s Lemma, note that (F(z) —F4(t)) -0 ast — .
From the above analysis, the combined equations (3.26) and (3.30), will yield the

control signal as
A1) 3
+—=k 3.35
3 B o

. ) Aj A
((Fd—kf(F—Fd)+x{ﬂ[z-+ 2

N~

U=

c. Position Tracking
Position tracking can be achieved by choosing a second-order stable system as
(3.36)

mé+keé+k,e=F—F,

where e = x-x4 Is the position error.
It should be noticed that this system is stable in e driven by (F-F because (x-x;) — 0

with (F-F;) — 0.
From the equations (3.12) and (3.24), the equation of motion results in the form of
(3.37)

F =mx
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Substituting (3.37) into (3.36), the desired force is given by

F, =m%, (£) =k, (£(t) — £, (0)) =k, (x(t) = x, (1)) (3.38)

d. Equation of Motion and Friction Model

The choice of the control force F is strongly related to the fluid force and spring force in
the master cylinder. The total force on the piston needs to include friction because
friction in the hydraulic cylinder has a significant effect on the controller’s performance,
as predicted by simulations. Hence, the equation of motion (3.37) should be adjusted as
F—-gx)y=mi (3.39)
where g(x) = Coulomb friction forces.
The desired control force can be derived thus as
Fy=mi, (¢) —k,(x(2) —x, () =k, (x(t) — x, (1)) + (%) (3.40)
where g(x) = estimate of the friction forces.
Subtracting (3.40) from (3.39) and writing e = x-x,4, equation (3.40) becomes
mé+keé+k,e=(F—F;)+(g(x)—g(x) (3.41)
The disturbance g(x)— g(%)is also bounded and since F-Fy — 0, the system is
stable. If one has perfect knowledge of the cylinder friction, i.e. g(x) = g(x) , then x — x4.
For bounded initial conditions, the errors can be expressed that |e| < (1/k,)|g(%) — g(%)|
at the steady state.
One generally accepted method is to model friction as a function of velocity [130,
131]. By measuring the friction force required to move the piston at a constant velocity,

the velocity dependent friction model can be developed. Thus, a simple open loop

constant control signal could be used to move the cylinder and record the friction data.
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The result looks as that is shown in Figure 3.10. At high speeds Coulomb friction is

dominant and the friction force is fairly constant. Stiction dramatically increases the
friction at low speeds, especially when the servo distributor is moving in the positive
direction [130, 131]. In the further implementation of the proposed controller, a look up

table as shown in Figure 3.10 is used to model function of piston velocity [131].

100 -

60 -
40 -

20 -

Friction Force (kg)

-20 -

-40 -
Piston Velocity (cm/sec)

Fig. 3.10 Observed Friction Force versus Piston Velocity [130]

3.4.4 Simulation of the Hydraulic Brake Actuator

The simulation of hydraulic brake system consists of four main steps.
1. The desired trajectory information is used to determine the desired force as
described by equation (3.40);

2. The control signal is found though equation (3.35);

3. The control signal is fed to the simulated spool valve which uses equations

(3.9) and (3.10) as describing functions to obtain the flow rates q; and q3;
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4. Equation (3.22) is further used by the simulation to determine the motion of

the piston and yield the new system states.

The step 1 and step 2 can be considered as control process part; the step 3 occurs
at the spool valve while step 4 represents the piston motion, which can be considered

with hydraulic system. Therefore, the simulation block diagram is shown in Figure 3.11.

D1
q:
D2
o a:
- F
Actuator
Displacement
Valve Dynamics Piston Motion
Xd
j) ] Nonlinear Tracking

Commended Controller ®=»r—t_

Displacement Desired Force

where  x — piston position; xq — desired position;
F — piston force; F4— desired force;
p1 — pressure on master cylinder; p2 — pressure on booster charmber;
q1 — master cylinder fluid flow; q2 — booster chamber fluid flow;

u — control signal.

Fig. 3.11 Simulation Block Diagram of Brake Actuator

This simulation system can be used to examine the effects of errors in the system
parameters or the robustness of the control system. These parameters may include the
valve coefficients, system mass, friction and fluid bulk modulus terms. The introduction
of errors to these parameters reduces tracking performance. The system is most sensitive
to errors in the valve coefficients and friction terms, therefore, more exactly tracks the

desired trajectory and more stable [130].
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3.5 ABS OPTIMIZED CONTROL SIMULATION SYSTEM

The block diagram of the control system is shown in Figure 3.12. The nonlinear tracking
control law requires estimates of the valve coefficients and fluid bulk modulus. Values
for the valve coefficients are often provided by the manufactures, but since the simulation
identified these parameters as the most critical they should be checked for accuracy. The

fluid bulk modulus can significantly vary with temperature and it should be also verified.
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s
where T,—braking torque; Dps—caliper pressure;  u-control signal; p1—cylinder pressure;
pa2—booster pressure;  x—piston position; x4 —desired position;  F-piston force;
s —wheel slip; s~ —optimal slip; F.—normal load; F, —friction force;
V—vehicle speed; Vw—wheel speed; D ~stopping distance; a—acceleration.

Fig. 3.12 Block Diagram of Optimal ABS Control System
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3.5.1 System Simulation Inputs

The proposed nonlinear tracking control brake actuator coefficients and the vehicle

dynamic parameters are given in Table 3.4. Here considering a same vehicle model with

Chapter 2 and assuming the load shift from back to front is ignored. The vehicle dynamic

parameters are the same as Table 2.2. An empirical value for the fluid bulk modulus

could be determined from an off-line system. Given estimates for the valve parameters

and fluid bulk modulus, the control law can be used to track the desired position.

Table 3.4. System parameters when implemented NTC control [9, 122]

SYM. | VALUE NAME SYM. | VALUE NAME
L 2.5m wheel base Ps 6895kPa supply pressure
h. 0.5m centre of gravity height P 100kPa reservoir pressure
my,, | 40 kg tire mass C, 1 valve orifice coefficient
m, 375 kg quarter vehicle mass C, 1 valve orifice coefficient
J 1.7kgm” wheel inertia C; 0.49 valve orifice coefficient
R, 0.326m wheel radius C, 0.49 valve orifice coefficient
fo 0.01 basic coefficient A 6.8cm” piston area in master cylinder
fs 0.005 speed effect coefficient A 9.6cm” piston area in booster
K, 2.237 scaling constant Vie 155cm’ Sluid volume in master cylinder
Ar 2.04m” vehicle frontal area Vo 83cm’® fluid volume in booster
Cy 0.539 vehicle drag coefficient K, 96.4 force error gain
v, 30m/s initial velocity K, 9.6 velocity error gain
K 2200N/m | springs coefficient K, 9300 position error gain
M 0.1kg servo motor prime mover mass || 6.9x10°kPa | fluid bulk modulus
G 9.81m/s” gravitational acceleration Po 6.5kPa initial braking pressure
p 1.23kg/m’ | mass density of the air

3.5.2 Block Diagrams of the Simulation System

The optimal ABS control system block diagrams and functions are described below. The

controller is conceived as a system that identifies the design force in conjunction with the
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displacement of the actuator. The detailed description of the simulation system is given in

Figure 3.13 to Figure 3.22.

a). Desired Force and Nonlinear Tracking Controller
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i). Nonlinear tracking Controller (refer to equations (3.27) and (3.35))
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Fig. 3.14 Nonlinear Tracking Controller
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i7). Desired force (refer to equations (3.38))
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Fig. 3.15 Desired Force

b). Hvdraulic Svstem
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Fig. 3.16 Hydraulic System
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i). Spool valve dynamics (refer to equations (3.9) and (3.10))
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Fig. 3.17 Spool Valve Dynamics
i). Piston motion (refer to equations (3.23) and (3.25))
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Fig. 3.18 Piston Motion
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¢). Braking Caliper (refer to equation (2.34))
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d). Magic Formula Tire Model (refer to equations (3.1) and (3.6))
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Fig. 3.20 Magic Formula Tire Model

e). Magic Formula Optimizer (refer to equations (3.5))
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f). Vehicle and Wheel Dynamics (refer to figure (2.12))
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Fig. 3.22 Vehicle Model

The details of wheel slip, vehicle dynamics and wheels dynamics have been
described in Chapter 2 and are further used in this simulation.
The simulation of the proposed system consists of four main parts:
1. Hydraulic braking system and nonlinear tracking control as described by Figures
(3-13), (3.16) and (3.19);
2. Vehicle and wheel dynamics is modeled as shown in Figure (3.22);
3. Magic Formula tire model and optimization as shown in Figures (3.20) and (3.21);

4. Figure (2.16) is further used in simulation to determine the slip ratio of the wheels

and yield the new system states.
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3.5.3 System Simulation Compared with PID Control System

The simulation results can be compared with sliding mode PID control, which was
implemented in Chapter 2. From the typical experimental characteristic of the tire as
shown in Figure 2.8, the optimal slip of dry surface is about 9% —12%. Consider with the
time delay, the braking is applied at time to = 0.5 second when the vehicle moves at
forward speeds of 30m/s (108km/h), 20m/s (72km/h) and 10m/s (36km/h). The wheel
slip, vehicle speed, the wheel speed, acceleration and stopping distance responses are

shown in Figures 3.23 to 3.25.
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Figure 3.23 Braking Responses at Forward Speed of 30m/s

From the responses, when a vehicle moves at a forward speed of 30m/s, in the case

of proposed control system vs. PID system, the wheel slip can keep the most adequate
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constant value for braking. However, the PID system has small variation due to the
rigidity of the controller that will affect the performances. The stopping distance of
sliding mode PID system is about 73.5m/s, and it is about 66.5m/s of the proposed
control system, which reduces by 10%. The average deceleration is about 8.5m/sec? for
the proposed system, which increases from PID control system about 18% due to the
continue optimization of the slip. Hence, the proposed system performances better

representation on vehicle stopping distance and deceleration.
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Figure 3.24 Braking Responses at Forward Speed of 20m/s

From the responses, when a vehicle moves at a forward speed of 20m/s, the

stopping distance reduces by 8% and the average deceleration increases about 16% from
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PID control system when proposed controller is implemented to the system, which due to

the proposed controller can adjust the slip to achieve the optimal value quickly.
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Figure 3.25 Braking Responses at Forward Speed of 10m/s

From the responses, when a vehicle moves at a forward speed of 10m/s, the

stopping distance reduces by 6% and the average deceleration increases about 14% from

PID control system when proposed controller is implemented to the system.

In conclusion, from Figs. 2.23-2.25, the stopping distances of the proposed system

are smaller than that when implementing PID control, mainly at high-speed. The

proposed system performances better representation for vehicle stopping distance and

deceleration on dry roads. The reason is duo to the proposed system is based upon the

dynamic analysis of the hydraulic braking system, so it more stable exactly tracks the

desired trajectory.



3.5.4 System Simulation of Different Road Conditions

The performance of an ABS relies upon a proper identification of the road surface type.

When the vehicle drive on snow road or ice road surfaces, the road brake force

characteristic reduces significantly from dry concrete conditions as shown in Figure 3.4

to Figure 3.6. In order for the vehicle to operate in a stable manner, the controller must be

able to adapt very quickly to this type of disturbance. The Magic Formula coefficients for

different surfaces are shown in Table 3.4 and the correction factors C,, C, for different

surfaces are given in Table 3.5.

a). Vehicle moves on snow road

Consider with the time delay, the braking is applied at time t; = 0.5 second when the

vehicle moves at a forward speed of 20 m/s. The wheel slip increases to the optimal slip

of 24% as experimental measured in Figure 2.8. The responses are shown in Figure 3.26.
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Figure 3.26 Braking Responses on Snow Road
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slip

From the responses, the ABS of proposed system adjusts well for snow roads. The

stopping distance is about 73 m and the deceleration is about 3.2 m/s®. The NTC presents

a good performance when the vehicle drives on snow road; however, the brakes have less

efficient on snow roads than on dry roads when controller is modified. This reason due to

the friction force becomes very small and greatly affects the braking performance on

snow roads.

b). Vehicle moves on icv road

Consider with the time delay, the braking is applied at time ty = 0.5 second when the

vehicle moves at a forward speed of 20 m/s. The wheel slip increases to the optimal slip

of 19% as experimental measured in Figure 2.8. The responses are shown in Figure 3.27.
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Figure 3.27 Braking Responses on Icy Road
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From the responses, the ABS of proposed system adjusts well for icy road. The
stopping distance is about 92 m and the deceleration is about 2.2 m/s’. The NTC presents
a good performance when the vehicle drives on icy road. The brakes have much less
efficient on icy roads than on snow and dry roads when proposed control instead of PID
control is implemented to the system.

In conclusion, the ABS control system does not significantly change the pattern of
stopping distance under different road conditions. The NTC presents well in braking
performances when the vehicle drives on different road surfaces. However, NTC can not
greatly improve the braking performances from PID control for the snow and icy surfaces

due to the friction forces very small.

3.5.4 Summary
In this Chapter, a new integrated NTC is developed for the hydraulic braking system,
which used Lyapunov’s stability theorem for the braking control algorithm with the
desired values of longitudinal slip calculated in the real time. The MF tire model derived
for different road conditions, are compared for validation with the available measured
data. Examples of simulation were presented to illustrate the influence of the different
road conditions, the brake-force distribution and the antilock control on the stop
capability for the straight line braking. It is indicated that the optimum distribution of the
friction and braking forces is necessary to achieve more robust vehicle directional
stability, controllability and response to the drive braking performance.

Compared the simulation results, the ABS with proposed system can improve the

braking performances. The adoption of ABS control on road vehicles will not
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significantly change the stopping distance pattern on dry road surfaces, however, on wet
snowing and slippery icy road surfaces, where wheel lock results in slippage, loss of
stability and loss of steering control may occur more frequently. The proposed system
using nonlinear tracking control combined with MF tire model provides a good control
for the different road conditions. From results yield by the NTC compared with those
resulting from sliding model PID control system, the proposed control system is based
upon the nonlinear dynamic analysis of the hydraulic braking actuator system can change
the system parameters, which more exactly tracks the desired trajectory. As a result, the
proposed system performances better representation on vehicle stopping distance and
deceleration for different road conditions mainly when vehicles move at high speeds.
Furthermore, the proposed system has the ability to change the initial conditions for
different type of roads which would not significantly change the pattern of vehicle
stopping distance, deceleration and wheel slips for various road conditions, which

represents the best braking performances under vehicle stability conditions.
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CHAPTER 4

VEHICLE DYNAMICS VALIDATION
AND ABS OPTIMIZED CONTROL SYSTEM

4.1 GENERAL

In the previous chapters, wheel lockup has been considered only as a boundary
phenomenon in braking. However, the wheel steering of the vehicle seriously affects the
braking performances during turning. An advanced braking system design must consider
the interaction of the steering system to the overall dynamics of the vehicle. The control
law was defined to reduce the longitudinal slip to a pre-selected value that maximizes the
braking capability of the vehicle. Directional stability in conjunction with control issues
was not yet addressed directly. However, during emergency maneuvers, when hard
braking is combined with severe steering, normally stable (understeering) vehicles, even
those equipped with ABS, can spin out due to a change of the vehicles to an unstable
oversteering condition. Hence, retention of vehicle stability and steering ability, which
are related to vehicle safety, are generally more important than minimizing stopping
distance. Some of the vehicle subsystems might be designed and developed
independently of each other. The dynamics of these subsystems, however, often interact.
Lockup of front wheel causes loss of the ability to steer the vehicle, which will generally
continue to move straight ahead despite the any steering inputs, or drifting to the side in
response to cross-slope or side winds. While the braking process may considerably
influence to the vehicle handling characteristics, braking in a turning maneuver increases

the demand for both longitudinal and lateral resistant forces.
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It is well recognized that the real wheel lockup first places a motor vehicle in an
unstable condition. Once the wheels lock up, any small disturbances will initiate a
rotation of the vehicle. When the brakes are applied on a road surface by an asymmetrical
left or right traction pattern, the resulting brake forces vary, and the vehicle is lead to
yaw. The front wheels, which yaw with the vehicle, develop a comering force that
enhances the capability to rotation, such that the yaw angle continues to grow. The
vehicle is again stable only when it has completely “switched ends™. On long vehicles
(some heavy vehicles) the rotational accelerations are usually slow enough that the driver
can apply corrective steer and prevent the full rotation. However, on smaller passenger
cars, it is generally accepted that the average driver cannot readily control the vehicle in
such a harsh driving situation. Thus there is a ‘“rule of thumb” among automotive
designers to states that a front brake bias constitutes the preferred design, which the rear
wheels never lock first up before front wheels do.

Many control devices, such as Four-wheel Steering control system, have already
been applied successfully to car production on certain models, and have contributed to
the safety of automotive transportation. Four-wheel steering or active rear wheel braking
systems have extensively been investigated and developed over the past two decades to
improve their handling and stability characteristics. In particular, various active control
systems for rear wheel steering have been developed by feed forward or feedback
compensations for sideslip motion in the vehicle body. The improvement of handling and
stability results in quite a good effect on driver steering maneuver, the so-called closed
loop performance of the driver-vehicle system. The improvement is limited when assume

a linear dynamic system because of the decrease of cornering stiffness of tires during
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large lateral or longitudinal accelerations. In addition to the lateral wheel load transfer at
the wheels during cornering there is also an axle load transfer from rear to front when
braking in a curve. The axle load transfer causes the side slip angle to decrease at the
front and increase at the rear. As a result of the brake forces, which due to tire
deformation, the effective centre of tire contact shifts and the steering torque is reduced.
An additional steering angle of the rear wheels may improve vehicle maneuverability and
stability [18]. During the interval when the brake forces increase the driver has to initially
reduce the steering wheel angle considerably; if the driver fails to do so, the vehicle
would leave the road on the inside of the curve. When the braking force is further
increased, the influence of front-to-rear axle braking balance plays the major role. The
brake balance is generally set up for straight-line braking. The situation of braking while
turning is usually neglected. However, this aspect becomes particularly important in the
case of a non-constant brake balance. Most passenger cars have a fixed linear front-to-
rear brake balance.

Of all the maneuvers encountered in everyday driving, one of the most critical is
braking during turning. Braking and turning cause longitudinal and lateral weight
transfer, which change the distribution of normal forces on the tires. This will, in turn,
affect the dynamic properties of the tire and the motion of the vehicle. The vehicle’s
response pattern must represent the optimum compromise between steering response,
stability, and brake effectiveness. Bosch [132] has defined a reference axis system as
shown in Figure 4.1. This system is a right-hand orthogonal axis system fixed to a vehicle
such that with the vehicle moving steadily on a level road, the x-axis is substantially

horizontal, points forward and is in the longitudinal plane of symmetry, while the vehicle
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could roll about x-axis. The y-axis points to driver’s right about which the vehicle could

pitch. The z-axis points to downward, and the vehicle’s rotation is called yaw.

Yaw velocity

Float angle

Direction . y
Vehicle speed 5 o O Lateral velocity
- [acceleration

) x .~~~ Wheel-slip .
Linear velocity P angle
/acceleration Ruy angle
/deceleration ‘ Wheel swivel angle

Steering angle

Fig. 4.1 The Axis Braking System during Cornering [132]

The main criteria employed in evaluating vehicle dynamics are:
e steering-wheel angle
e lateral acceleration
¢ linear acceleration/deceleration
e yaw velocity

e float and roll angles

Additional data are employed to verify and confirm the other available
information on specific points of the vehicle performance:
e linear and lateral velocity

e steering angles at front and rear wheels
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e slip angles at all wheels
e force applied at steering wheel.

As mentioned before [115], a more complex model of a vehicle does not
necessarily yield more accurate results. However, the Bicycle Model would not consider
the effect of the lateral weight transfer, and thus is not suitable for investigating the
lateral dynamics of a vehicle under the turning and braking conditions. Thus, the choice
of vehicle model relies mostly on the objectives of the analysis. In this dissertation
research, a simple and credible model of a vehicle is proposed to facilitate its integration
with an adequate vehicle ABS braking system is considered. A nonlinear Yaw-plane
Four-wheel steering control model with a Limited Roll motion (YFLR), which
incorporate nonlinear cornering characteristics through the Magic Formula [MF] tire
model, and compliance of the braking column is proposed in this study. The model is
thus initially developed to study the braking responses of the vehicie, which account for
the effect of weight transfer. This model incorporates eight degrees of freedom (DOF):
longitudinal and lateral velocities, yaw rate, roll angle and rotational velocity for each
wheel. Pitch motions and vertical bounce motions of the sprung mass are assumed to be
small and thus neglected.

Improvement of cornering performance with consideration of braking is important
for automobile safety. Therefore, it is necessary to analyze vehicle dynamics and
cornering characteristics with consideration of friction and braking forces. One of the
scopes of the current research is to develop more sophisticated control algorithms that
can handle highly nonlinear dynamics. Tire cornering characteristics add complexity to

vehicle dynamics, because they exhibit saturation and unknown tire road contact
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conditions. As shown before, the Sliding Mode control appears to be a very appropriate
tool for this type of problem due to its flexible nonlinear modeling structure and the
special consideration to modeling errors. The problem of control saturation, however, is
not easy to be solved and needs very careful consideration. The traditional sliding mode
controller can perfectly track a desired target trajectory even in the presence of unknown
disturbance only if there is no related saturation and disturbances. When saturation does
occur, the loss of controllability can induce system instability. In order to cope with
saturation, Kaminaga, M. and Hedrick, J. K. proposed a method that employs an
“Intelligent Sliding Surface” in their work [133]. The sliding surface is dynamically
changed based on the observation of the system controllability. When controllability is
decreasing, the sliding surface is relaxed from the control reference in order to limit the
input and to preserve the controllability of the system.

The objective of ABS system is to maintain the longitudinal slip for each tire at a
pre-selected value that will maintain braking effectiveness while simultaneously assuring
improved directional stability and control by varying the pre-selected longitudinal slip
values as functions of front wheel steer angle. By specifying a smaller value of desired
longitudinal slip for the rear tires as compared with the front tires, the capacity of the rear
tires to sustain lateral forces is increased, thus delaying the onset of “spin out” and
providing a greater margin of stability during combined hard braking and steering
maneuvers. The driver input commands are the front wheel steering angle and the brake
torque. Braking system dynamics (from master cylinder to the wheel cylinders) are
approximated by a first order lag with a time constant of 0.05 sec. Neither driver nor

steering system dynamics are considered. The simulated maneuver, response to
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simultaneous steps in both braking torque and front wheel steering angle, corresponds to

a sudden reaction by the driver to a perceived emergency.

4.2 VEHICLE DYNAMICS

A nonlinear Yaw-plane Four-wheel steering model considers with Limited Roll motion
(YFLR) used in this study. The system has eight degrees of freedom: longitudinal and

lateral velocities, yaw rate, roll angle and rotational velocity for each wheel.

A free body diagram of this vehicle model is shown in Fig. 4.2.

Fig. 4.2 Nonlinear Yaw-plane Four-wheel Steering Model
with Limited Roll Motion for Braking
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4.2.1 Four-wheel Steering Control Model

Four-wheel Steering Control (4WSC) systems have been investigated and developed over
the last two decades to improve vehicle handling and stability characteristics. Several
vehicular manufactures (Nissan, Honda, Mazda, Mitsubishi, Toyota, Daihatsu, BMW)
introduced additional rear wheel steering for automobiles, and a second actuator is
becoming available for vehicle steering dynamics.

Vehicle performance in turning can be enhanced by actively steering the rear
wheels as well as the front wheels. An additional steering angle of the rear wheels may
improve vehicle maneuverability and stability [36, 92]. Steering of the rear wheels, in
addition to steering of the front wheels, makes it possible to reduce the vehicle sideslip
angle at the center of gravity of the vehicle to zero. This greatly improves
maneuverability at low speed and stability at high speed. To achieve this, the rear wheels
are steered in opposite phase as that of the front wheels at low speed and in the same

phase at high speed as shown in Figure 4.3 [92].

R (m)
_______ [
Center of turn
4
3 -,
R 2 /
Center of urn ’ | Min. turning radius R = —
1 sind, +cosd, tand,
L I ] ! ] L
Same 30° 20° 10° 0 -10° -20° -30°  Opposite
phase phase

Rear wheel steer angle

Fig. 4.3 Effect of Four-wheel Steering on Minimum Turning Radius

117



From Figure 4.3, when a turning maneuvers is performed with the 4WSC vehicle,
the rear wheels are steered in the opposite phase from that of the front wheels at low
speed, which leads to a reduction in the turning radius. By steering the rear wheels out-
of-phase with the front wheels to reduce the turn radius one can improved the turning
performance, thus improving maneuverability and comering stability. Tight turning with
small radius is a maneuver performed in a parking road at speeds of 5-10 km/h (2-3 m/s).
However, when one talks about dynamics, one must consider the situation of higher
speeds. This involves quasi-static state and the angles of the front & rear wheels in the
same sign to increase the turn radius, thus improving vehicle stability. When analyzing
the stability of the vehicles, it is referred to higher speeds and considered only the above
situation with its consequences.

In general, 4WSC systems yield a quicker response with better damping of the
yaw oscillation that occurs along with initiation of a turn. As a result, this system will

provide better controllability and stability.

4.2.2 Nonlinear Yaw-plane Four-wheel Steering Model

The vehicle lateral and yaw directional response characteristics can be well evaluated
through development of a nonlinear Yaw-plane Four-wheel Steering (YFS) model. The
Four-wheel Steering Control (4WSC) model greatly improves maneuverability and
stability of the vehicle. Nonlinear Yaw-plane (NYP) model, on the other hand, yields
lateral and yaw directional response of a reasonable accurate manner for the vehicle. The

YFS model consists of lateral, longitudinal and yaw motions as shown in Figure 4.4.
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Fig. 4.4 Nonlinear Yaw-plane Four-wheel Steering Model

The vehicle is assumed to be negotiating a turn with constant radius on a banked
track. It is also assumed that the lateral motion of the vehicle is only due to the tire forces

exerted on the body of the vehicle. From Fig. 4.4, the equations of motion can be

expressed as follows:

where

mV,+V,ry=> F,—F, (4.1)
my,-V,r)=) F,—F, (4.2)
J:’:=ZM:5—M¢B (4'3)

m = vehicle mass

V. = longitudinal velocity

V, = lateral velocity

r =yaw rate

Fy = tire force components along x-axis
Fy; = tire force components along y-axis

M.; = yaw moment about the c.g of the vehicle.

F,. = longitudinal aerodynamic force
F,, = lateral aerodynamic force

M ,-= yawing moment by aerodynamic
J: =yaw moment of inertia of the vehicle.
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The yaw moment is given by,
t L,
ZM:i =If(Fyl +Fyl)_lr(Fy3 +Fy4)+5l(Fxl —sz)'{'_;(sz, _Fx4) 4.4)

where lr = distance from vehicle cg to front axial.
. = distance from vekicle cg to rear axial.
t; = distance between front wheels
t; = distance between rear wheels.

The aerodynamic forces and moments exhibit high nonlinear behaviour, which can
be expressed as a function of the angle-of-attack. The literatures [134] and [135] have
been described a new technique which successfully has been applied to determine the
aerodynamic forces and moment acting on an aircraft as a function of the aircraft state
(e.g., velocity and angle-of-attack). This technique could be applied to ground vehicles.

The longitudinal aerodynamic force acting on the vehicle is

_P 2
F —’E‘C[AIVI (4.5)

ac

where = mass density of the air

P
C, = longitudinal drag coefficient
A, = frontal area of vehicle.

The lateral wind components will also impose a side force on the vehicle

attempting to change its direction of travel [136].

_P 2 2
F, ——.?—"CSAI(VI +V,7) (4.6)

ay

where C, = side force coefficient

3

A, = frontal area of vehicle.

Note that the frontal area, rather than the side area are used in the equation (4.6),

which is weighted by side force coefficient C,. The side force coefficient C; is zero at zero
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relative wind angle, and grows nearly piecewise linearly with the angle from zero to 20
degrees. The slope of the gradient varies somewhat with vehicle type, but will typically
be in the range of 0.035/deg to 0.06/deg [137]. Hence, Cs can be expressed as

C, =ka (4.7)

where ks = slope of side force coefficient
a = relative wind angle.

The side force acts on the body at the center of pressure, which is normally located
ahead of the center of gravity such that the vehicle has the tendency to yaw from the
wind. In the wind tunnel the side force is measured in the ground plane at the mid-
wheelbase position.

The lateral force caused by a side wind does not normally act at the mid wheel
base position, which produces a yaw moment. The yaw moment of the aerodynamic force
is quantified by the equation [136],

M, =1/2pW> +V})Cp AL (4.8)

where  C,,, = yaw moment drag coefficient
L = wheel base length of vehicle.

The yaw moment coefficient varies with wind direction, starting at zero for zero
relative wind angles and grows almost linearly up 20-degree angle. The slope of the
coefficient at small angles ranges from 0.007/deg to 0.017/deg [137]. Hence, yaw
moment drag coefficient is expressed as,

Couy =y (4.9)
where kv = slop of yawing moment drag coefficient

From Figure 4.4, the tire forces components, respectively, can be calculated by

the following transformation:
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Fx‘. - cos 5i —sin 51' Etwi
F,| |sins, cosd, || F, (4.10)

wi

where Fwvi = longitudinal tire force along wheel axis
Fi.i = lateral tire force along wheel axis

Note that the differences of the steering angles are very small between left and

right wheels in front or rear especially at the high speed of the vehicle, hence assume:

61=062=6 (4.11)
03=64= & (4.12)
where S = front wheel steering angle

O, = rear wheel steering angle.
Substituting Equations (4.10)-(4.12) into Equations (4.1), (4.2) and (4.3), the

differential equations of the vehicle motion become:

mV, +V.r)=> (-F,, siné, +F,, cos5,)

i=1

s (4.13)
+Y (=F,;sind, +F,,coss,) - F,,
=3
m(Vx - ly_vr) = Z(-Ensi Cosaf _F‘_VM' Sin5f)
= (4.14)
+Z(_wax C055r _Evm' Sin5r)-Fu
i=3
J# =l 0088, ~25in8 ) F, + (1 0SS, + 28I 5 ) F
t, . t, .
—(/, cosd, +?“s1né‘,)wa3 —({, cos?d, —?smé‘,)Fym
(4.15)

~{,sins, +%‘cos5f)le ~(l,sing, —%cos,af)zi,wz

+( sins, —%cosé,)FM +(l, sind, +%cos 5 )F..~M

From Equations (4.13) and (4.15), it can be seen that the longitudinal force Fi.;
affects not only the longitudinal performance but also the lateral and yaw motions of the

vehicle. It is therefore desirable to control the longitudinal force of each tire to meet the
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driver commands and keep the vehicle in dynamic equilibrium. Fl.,;, and F).; are the tire
longitudinal and lateral braking forces, which can be obtained though the Magic Formula,
as described in Chapter 3,
y(x)=D sin{C arctan[Bx(l -EY+F arctan(Bx)]}

where Y = for either forces or moment

X = the slip angle or longitudinal slip

B, C, D, E = functions of the normal loads.

Because the vertical suspension has small affect on the normal loads and the wheel

treads are changed a little from front to rear, assume the vehicle without vertical

suspension, and the wheel treads

L, =t,=t (4.16)

W

From Figure 4.2, considering the load shift caused by the longitudinal acceleration
and the lateral acceleration, for the most case of the vehicle traveling on a smooth road,

the normal loads are calculated as:

( ; (o7 B
L +mV_h mV_ h,
F:[ — mgz',l ml x c)_*_ Y (4.17)
L 20, +1) L 2
F., = (’ngl’ +mVxhc‘ _(mVyhc\
L 20, +1,) L2t (4.18)
(mglf—mVxhc\ (mV'yhc\
F,= +
L 2+l ) ) (4.19)
F (mglf—mVxhc\ (mV_vhc\
= - 4.20
L 20+ ) 2 ) (4.20)
where F.;; = normal loads on front wheels
F.34 = normal loads on rear wheels

h. = height of car cg. above road.
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The forces predicted by the tire model depend on the instantaneous value of the
normal reaction force of the road on the tire. The normal forces will then change due to

the longitudinal and lateral accelerations.

4.2.3 Roll Motion of the Model

To develop the most complete and accurate model of vehicle dynamic behavior, it is
necessary to rely on more comprehensive vehicle models that simulate both yaw and roll
response. Long vehicle, in general, the experience certain roll motion due to centrifugal
actions arising from a steering maneuver, In small vehicle, the roll motion is due to
compliance of suspension and tires. When a vehicle turmns, the weight is transferred from
the inside wheels to the outside wheels. The magnitude of this weight transfer is a
function of mass, speed, yaw rate, and location of the center of mass. This weight transfer
must be balanced by the roll moment produced by the suspension. A conventional
suspension would yield front and rear roll stiffness and damping. Given roll stiffness and
damping, roll displacement and velocity must be present to yield roll moments.
Therefore, adequate treatment of such vehicles would require the inclusion of roll

dynamics mode as shown in Figure 4.5.

he

Fya. Fyvis
* Fzas Fzi3

Fig. 4.5 Roll Motion of the Model
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The static roll stability limit of a vehicle is frequently characterized by its rollover
threshold, defined as the maximum lateral acceleration to which the wvehicle can

withstand without rolling over in a steady turning maneuver.

The related equation to roll mode is

JG+melWV,+Vy)=> M, (4.21)
where my, = vehicle sprung mass
e = the distance from the roll center to the sprung mass center

Jx = roll moment of inertia
@ =roll angle

@ =roll rate

v =yaw angle.

The roll moment produced by the suspension can be expressed as [31]:

Y M, =-K,p-C,p+m,gesing (4.22)
where K, = roll stiffness
Cp = roll damping.
Therefore, the roll motion equation becomes
J p+melV, +V,y)=-K,0-C,p+m,gesing (4.23)

Four-wheel Steering Control (4WSC) vehicles invariably steer the rear wheels in
same direction as front wheels at high speed to improve the responsiveness in transient
cornering. The 4WSC also steer the rear wheels in the opposite direction at low speed to
enhance cornering response. However, it may contribute to the increase in the potential
for rollover. Therefore, to analyses the braking dynamics, it is necessary to include the

roll motion of the 4WSC vehicle.
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4.2.4 Wheel Dynamics
Consider the free body diagram of wheel / due to braking, which is shown in Figure 4.6.

It is clear that the rolling resistance force is very smaller than the friction force and thus

can be neglected.

mg
wai
—_— x
1 a
in
N

Fig. 4.6 Free Body Diagram of Wheel /

Hence, for the wheel i, the sum of torque about the axis is

FR,~-T,..=J.0, 4.24)
where w; = angular velocity of wheel i

Jw = inertia of the wheel about the axle
R., = wheel radius
Ty = applied braking torque.

The nonlinear tire forces are evaluated using the slip angle and the longitudinal
slip for each tire. It is known that tire forces are nonlinear functions of the slip angle and
the slip ratio. They are also dependent on the vertical load (which may vary due to the
longitudinal and lateral load transfer) and also the coefficient of friction on the tire-road
contact patch. The top view schematic of a tire / during combined comering and braking

maneuvers is shown in Figure 4.7.
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F, ywi

Fig. 4.7 Top View of Wheel {

The slip angles are defined as the angles between the longitudinal axis and the

direction of travel of the centre of tire contact, which is expressed as follows:

4 A
V. +I.r
o =5, —tan"| 2
1
V.+—=tr
\ 2
4 A
V. +[.r
@,=6,~tan™"| —= /
1
V.——=t,r
2% )
( A
4l V. =Lr
o, =06, —tan
1
V.+—=tr
\ 2
s )
V. —-lr
a,=6, —tan™'| —& 1'
V.——t,r
\ J

The values of the longitudinal slip are
s; =V, cosa; —w,R, )V, cosc;)

where V1.2 = estimated magnitudes of front axle velocities
V3.« = estimated magnitudes of rear axle velocities

The magnitudes of the velocities of axles can be calculated by
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(4.27)

(4.28)

(4.29)



— 5 172
Va=|W, +1r)* +|V, +-;—tlr) } (4.30)

(4.31)
STl/2
2 1 B
Vs =|:(Vy =Lr) +|V, +5tlr) :l 4.32)

. 1 2 /2
Vw4 ={(Vv —Irf')- 'i'(l/rx —Etzr) :l (4.33)

4.3 OPTIMIZED CONTROL SYSTEM

In this study, Nonlinear Track Control (NTC), Four-wheel Steering Control (4WSC) and
Variable Slip-ratio Control (VSC) are implemented to the simulation. The NTC is
developed for the hydraulic braking system, which uses Lyapunov’s stability theorem for
the braking control algorithm with the desired values of longitudinal slip calculated
within the controller based on steering wheel angle. The 4WSC is developed for the yaw-
plane four-wheel steering vehicle model, which the rear wheel steering angles set as
functions of the front wheel steering angles and vehicle yaw rate. The VSC is developed
for the corning characteristics with the balance of longitudinal forces and lateral forces.
The three controllers are independent but are coupled through the states of the
longitudinal and lateral tire forces. Considering the tire friction ellipse, the control
systems are designed using model matching control theory to make the vehicle
performance follow a desired dynamic model even during large decelerations or lateral

accelerations.
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4.3.1 Four-wheel Steering Control Law for Vehicle Model

Rear wheel steer is accomplished by mechanical, hydraulic or electronic means [138].
Normally, the rear-wheel steering angles are functions of the front steering angles. The
specific control law used for the 4WSC in this study was originally proposed by
Whitehead [94]. 4WSC system is a combination of vehicle yaw rate, front wheel steering
angle and determines the rear wheel angle required to maintain zero side slip angle during
steady state cornering. The primary reason for required minimum sideslip angle is that
with small or zero sideslip angles, the car has not spun out and lost directional control.
This control scheme was proposed originally for applications to a linear vehicle
model to control speed. However, Xia and Law [139] applied the same control strategy to
a nonlinear vehicle model and showed that significant improvement in directional control

and stability may be possible. The proposed control law is given by

mVI lr Caf[f Caf
5’{(: N e 5, (4.34)

ar ar

where C,, = front per axle cornering stiffness

C

o = rear per axle cornering stiffness

From the equation, one can see that the rear wheel steering angle is set out-of-
phase with the front wheel steering angle and coordinate a combination of vehicle yaw
rate to minimize the side slip angle to becoming zero. For this system, it is necessary to
measure yaw rate and use the resulting signal in the control law.

The front and rear turn radii, Rrand R,, as shown in Figure 4.3, are related by the

expression:
Rrcosdr= R, cosd, (4.35)
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4.3.2 Nonlinear Tracking Control and System Optimization

The NTC Law for braking actuator used in this study was described in Chapter 3. The
hydraulic servo system controls the fluid flow to the brake caliper and regulates brake

pressure. The NTC system provides the best possible performances for the given track

controller, which is described by

mé+keé+k,e=F—F;, +A(g) (4.36)
where e = position error of the piston
F = piston force

Fq =desired force
A(g) = friction disturbance.

because e >0 as F—F, - 0.

The NTC controller is derived as:
/- A} Ar) 3
=—||F, -k (F-F,)+x B| =>+—"1|+=k 4.37
u z[( s~k ( d) (ﬁ(Vz Vx) > D (4.37)

The tire characteristics using MF tire model was also described in Chapter 3. The
optimal peak slip is controlled using MF tire model, where slip is measured without error
and peak slip is established with precision. The greatest friction force lead to peak slip s,

which can be found from

dF,
ds |g_¢

=0 (4.38)

As may be seen in the Magic Formula, when there is “weight transfer” from rear to
front wheels during braking, the lateral force capability of the rear tires is reduced. The
force capability is further reduced as longitudinal slip increases due to braking. This may

eventually lead to spin out and loss of control of the vehicle. By setting the desired
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longitudinal slip of the nonlinear tracking control system at the rear tires to a lower value
than at the front, this loss of lateral force capability may be offset and the stability of the
vehicle maintained under simultaneous hard braking and steering conditions.

An analysis is conducted and results with different combinations of desired front
and rear slip angles are used in this study to achieve the best vehicle braking
performance. The controller at each wheel is designed to track a desired longitudinal slip
value that is specified as a function of front wheel steering angle.

It is assumed that braking at each axle of the vehicle is controlled independently,
and the peak slip may differ for each wheel. The control gains are assumed same for each
axle. For simplicity, no control dynamics or drive models are included. The control
system is activated during severe braking, when the applied torque would cause wheel
lock of one or both axles. Peak slip is re-iterated at each time step, based upon the actual
value corresponding to maximum longitudinal force when both front and rear slip angles
are zero. During combined steering and braking maneuvers, peak slip is defined as that
value corresponding to maximum longitudinal force when slip angle is equal to the
steering input. In conducting these simulations, sufficient braking torque was commanded
to result in actuation of the nonlinear track control system and steer angle was increased
to the point where spin out occurred. The results indicated that the actual slip values

could be controlled such that they well tracked the varying values.

4.3.3 Variable Slip-ratio Control Law for Cornering

The cornering force at each tire is strongly affected by the wheel load transfer caused by

the lateral and longitudinal accelerations. Moreover, the strong braking forces especially
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on a slippery road can easily cause the wheels to lock, which decreases the cornering
stiffness so much that the vehicle may easily become dangerously unstable.

While more longitudinal traction force is desired during straight driving, more
lateral force is desired during cornering in order to be able to turn without lateral
slippage, and thus to increase the vehicle stability. Typical characteristics of tires (Figure
2.8) shows that the longitudinal friction coefficient decreases and the location where the
coefficient peaks, shifts to higher slip region as the slip angle increases. It also shows that
the lateral friction coefficient decreases as the slip increases, and vice-versa. Thus, it is
desirable to have a lower value of the slip during cornering than during driving straight. If
the slip is too low, a significant portion of the traction force will be lost, which is also not
desirable. Therefore, there should be an optimal way to balance the longitudinal and
lateral forces.

In the proposed control strategy, the slip is given as a function of the wheel slip
angle that is estimated from measurements of the vehicle velocity, the yaw rate, and the
steering angle, as given in equations (4.39). From Figure 3.3, as the slip angle increase,
the slip at which the longitudinal force reaches its maximum value increases. Therefore,
in order to achieve the maximum longitudinal force, the slip should be increased as the
slip angle increases. However, this would result in a small lateral force and reduce the
comnering capability, which may cause the vehicle instability. It is proposed, therefore,
that the target slip should be rather reduced in order to increase the lateral force when the
slip angle is large. Therefore, the optimal slip value s, must be smaller than the peak

=
value s .
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The variable slip ratio control scheme regulates wheel slip during comering by
varying the slip ratio as a function of slip angle. The control law is in the form of:
so=K(c) s’ (4.39)

where K(«a) = function of slip angle.

K(a) can be obtained from test measurements [31] as shown in Figure 4.8, which is

used in the proposed controller.

Slip ratio coefficient (K(a))
o O O O =
S N O O N

10 15 20
Side slip angle (deg.)

o
(é)]

Fig. 4.8 Slip Ratio Coefficient [31]

4.4 Optimized System Simulation

In this section, a combined steering and braking maneuver on dry concrete surface is
simulated for different forward speeds of the vehicle. Based on the above analysis, a
YFLR of the vehicle, incorporating nonlinear MF tire mod;I and compliance of the
braking column is used in the simulation. Pitch and bounce motions of the sprung mass

are assumed to be small and are thus neglected. The three controllers — NTC, 4WSC and

VSC are implemented together through the states of the longitudinal and lateral tire
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forces to impose the vehicle performance follow a desired dynamic model even during
large decelerations or lateral accelerations. Various simplifying assumptions are
associated with the vehicle and tire models, the hydraulic braking system and the control
laws. The most significant assumptions adopted in the simulation are listed below:

¢ The vehicle is assumed to move on a horizontal surface with uniform friction

characteristics;

¢ The pitch and vertical motions of the vehicle traveling on a perfectly smooth

road are small and hence neglected;

¢ The roll motion of the sprung masses occur about their respective roll centers,

which are located at fixed distances beneath the sprung masses;

¢ The roll motions of the unsprung masses are assumed to be negligible due to
the large vertical stiffness of tires, while the effective radii of all the tires are

considered to be identical;
¢ The contributions due to suspension lash are small assumed to be zero;
¢ The steering angle developed at the left and right wheel is considered to be

identical, assuming parallel steering;

¢ The rolling resistance force is small and is neglected;

¢ The wheel camber angles are assumed small and hence the influence of wheel

camber on lateral force generation is neglected;

¢ The unsprung mass is assumed to be rigidly attached to their respective sprung

masses, thus, the suspension of the vehicle is assumed rigid;

¢ The properties of left and right tires of an axle are considered represented by a
single composite tire, and the cornering stiffness of each axle is the sum of the

cornering stiffness of the tires mounted on that axle;
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¢ The aerodynamics forces act at the c.g. of the vehicle;
¢ Neglect the fluid leakage in the valve, cylinder, booster and the hydraulic

circuits;

¢ Assume that the control « applied to the spool valve is directly proportional to
the spool position, which the dynamics of the valve motor/flapper are fast

enough to be decoupled from the dynamics of the spool;

¢ Neglect the small inertia of the pistons in the master cylinder and braking

booster;

¢ The friction in cylinder and booster are consider as the functions of the

velocity of the piston;

¢ The brake caliper pressure is modeled as a nonlinear function of displacement
of the brake fluid and that the specific torque constant is the ratio of braking

torque to caliper pressure;

¢ The vehicle is initially moving straight forward, therefore, the initial yaw rate

and rear steering angle of the vehicle equal zero;

¢ The commands of the combined braking and steering from driver are
interpreted as the simultaneous application of step inputs in the front steering

angle and deceleration.

Based on the above assumptions and note that ;7 and ¢;r are much smaller than V.,
hence the equations (4.24) tc (4.33) can be further simplified as:

The side slip angle of the front wheels is

(4.40)
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The side slip angle of rear wheels is

4V, —Lr
a, =a; =a, =0, —tan P

r
X

The velocities of front wheels is
9 5 172
V=V =V, =, +1,r) +77]
The velocities of rear wheels is
V, =V, =V, =|, -1 +v2]"

The longitudinal slips of front wheels is

sp=8,=F,cosa, o ,R,)/(V, cosa,)

The longitudinal slips of rear wheels is

s, =83, =, cosa, —w;,R,)/(V,, cosc,)

wr

From equation (4.24), the wheel speeds

) 1
@, = J_(Fm,sz —Th1)

w

. 1
a)j‘.; = J—(FM,4RlV - I;;w.‘wt)

w

(4.41)

(4.42)

(4.43)

(4.44)

(4.45)

(4.46)

(4.47)

Note that the longitudinal forces Fi.; and lateral forces F),,; can be obtained from

(4.5) - (4.9).
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Magic Formula (MF) tire model. The equations of motion (4.13) - (4.15) for nonlinear
Yaw-plane Four-wheel Steering (YFS) model and the equation of motion (4.23) for Roll
Motion are solved simultaneous for the simulation. The equations (4.17) - (4.20) can be

used for the normal loads and the aerodynamic forces are calculated using relationships



4.4.1 System Simulation Inputs
A simulation program that consists of the proposed braking system, vehicle model and

model matching controllers is described by using MATLAB and SIMULINK. The

implemented dynamic parameters of the brake system and vehicle are given in Table 4.1.

Table 4.1. System parameters with the YFLR model [31] [9] [122]
SYM.| VALUE NAME SYM. | VALUE NAME

m 1660 kg vehicle mass Vo 30m/s initial velocity

m, | /1500 kg vehicle sprung mass Cor 65.1 kN/rad cornering stiffness of front tire
m, | 40 kg front tire mass Car 54.1 kN/rad cornering stiffness of rear tire
m, | 40kg rear tire mass Af 2.13m" vehicle frontal area
g 9.81m/s” gravitational acceleration | C; 0.539 longitudinal drag coefficient

i 1.0m distance from front to C.G. | k; 0.05/deg slop of side force coefficient
A 1.45m distance from rearto C.G | kyyy | 0.0{2/deg slop of yaw moment coefficient
l 2.45m wheel base length P 1.23kg/m’ mass density of the air

h. | 0.533m centre of gravity height JSo 0.01 basic coefficient

t 1.524m wheel tread length £ 0.005 speed effect coefficient

e 0.39m roll center K, 2.237 scaling constant

R, | 0.326m wheel radius M, | 0.lkg servo motor prime mover mass
J. | 460 kgm™ | roll moment of inertia B 30N/ms™ fluid viscous friction coefficient
J. | 2400 kgm~ | yaw moment of inertia Ky 50000N/m Sluid stiffness coefficient

J, | 4.07kgm™ | tire moment of inertia K, 1.7 specific torque constant

J. | 0.241kgm™ | engine inertia K, 38.40 kNm/rad | roll stiffness

I 10.0 transmission gear ratio C, 1756Nms/rad | roll damping coefficient

4.4.2 Steering Input while Turning

In order to investigate the effect of the proposed controller on the improvement of
handling and stability on braking and tuming condition, the transient response is
evaluated, in the case when a driver operates the steering wheel to execute at the front

wheels a maneuver as shown in Figure 4.9.

137



-
7]

Front wheels steering
angles(deg.)
oy N [A) H [4,] /]

o

(=]
-t

2 3 4 5
Time(second)

Fig. 4.9 Steering Wheel Angle Input

Figure 4.9 shows the animation of the J-turn behavior of the vehicles. The
maneuver consists of a rapid steering from O to 6 degree, which is initiated at time 0.3
second and lasts for 0.3 second. During braking, different decelerations are considered
for the vehicle running on the different road conditions at various speeds. For the rear

steering angles, the four-wheel control law is given by [139]

mV\' Ir C“flf C
5,=[C- ey r-C"fa, (4.48)

The parameters of the desired model are calculated from the baseline vehicle
parameters in Table 4.1. The vehicle is controlled by the model matching controller with

the desired model.

4.4.3 Block Diagrams of the Simulation System

The analysis is carried out using MATLAB/SIMULINK programs where the constitutive
equations and the data of Table 4.1 are implemented. The block diagrams is shown in

Figure 4.10 and is detailed in Figure 4.11 — Figure 4.23.
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where Xp— piston position for front wheels;

Tfp— braking torque on front wheels;  pi—pressure of front calipers;

Tyu— braking torque on rear wheels;  p.;— pressure of rear calipers;  x,.— piston position for rear wheels;
E 3

S optimal slip of front wheels; Sy—front wheel slip; Fz—normal load on front wheels;

S, —optimal slip of rear wheels; S, —rear wheel slip; F.p—normal load on rear wheels;

ar—front wheel slip angle; Dy —longitudinal stopping distance;  ay— longitudinal acceleration;

ax— lateral acceleration;

a,—rear wheel slip angle; Dy, —lateral stopping distance;

o r—angular velocity of front wheels;

Vx—longitudinal velocity of vehicle;  Vuf—front wheels velocity;

Vy— lateral velocity of vehicle; Vor —rear wheels velocity; @ , — angular velocity of rear wheels;

Fyr — lateral tire force of front axis;

r—wheel radius; Fynr —lateral tire force of front axis;

Fxyf —longitudinal tire force along front axis; Frwr —longitudinal tire force along rear axis.

Fig. 4.10 Simulation Diagram of ABS Optimized Control System
(Nonlinear Tracking, Four-wheel Steering and Variable-slip Ratio Controls;
Nonlinear Yaw-plane Vehicle model with Limited Roll Motion;
Magic Formula Tire Model and Sliding Optimizer)
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The details of hydraulic system, nonlinear tracking, sliding mode optimizer, wheel
dynamics and longitudinal Magic Formula tire force have been described in Chapter 2
and Chapter 3 and are further used in this simulation:

¢ Hydraulic system as shown in Fig. 3.16;

¢ Nonlinear tracking control as shown in Fig. 3.12;

¢ Sliding mode optimizer as shown in Fig. 2.18;

¢ Wheel dynamics as shown in Fig. 2.14;

¢ Longitudinal Magic Formula tire force as shown in Fig. 3.19.

Other simulation diagrams are described below:

a). Magic Formula lateral tire force (refer to equation (3.1)):

as <R
ar J—“IWT 1E L»

@ g BRI e Sum

5 _.@_Exﬁj' D

Fcn4 F.
| y(x} ywt
(I}--——>| f(u) } atan®x) [ erataniex)

Fer

A

\ 4

f(u)

Fig. 4.11 Magic Formula Lateral Tire Force

b). Sliding mode optimizer and Variable-slip ratio control (refer to equation (4.39))

. “Design

x OptimalSlip -~~~ . -
A - obiectve e=

Sliding Mode Optimizer (Fig. 2.18)

kS ——

ar

[ Vvariable Slip-ratio Control I

Fig. 4.12 Sliding Mode Optimizer and Variable Slip-ratio Control
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c). Braking caliper (refer to equation (2.34))

Y

o, e
I gy

Saturation limiter Rat

[0 2000]

Fig. 4.13 Braking Caliper

d). Vehicle dvnamics model and Four-wheel steering control
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Fig. 4.14 Vehicle Dynamics Model and Four-wheel Steering Control
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i). Aerodynamic forces (refer to equations (4.5) to (4.9))

Lateral Force
2 >
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- G
3
M, Products f(u) l': f(u) T ——
Yawing Moment VxA2+Vy~2
G { f(u) e —C2
Fax Congitudinal Force Vs
Fig. 4.15 Aerodynamic Forces
if). Axles velocities (refer to equations (4.40) to (4.43))
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1 4
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. } | (u[1]A2+u[2]72)~(1/2) 1—»@
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Fig. 4.16 Axles Velocities

iii). Front or rear wheels slip ((refer to equations (4.44) and (4.45)):
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x
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Slip Angle

3

Vehicle Speed

D)

Fig. 4.17 Front or Rear Wheels Slip
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iv). Motion of equation and Four-wheel steering control (equations (4.13) to (4.20))

—> f(u) L G5 D)
Rear Load 2
Loqgltudmal Motxon (F| -4.19) T ;’ _
83 > Eywr —* u >l
Frur > Fywf Front Load Fer
-, > Fxwr ol 1
Four > Fxwe de—(dVy) Co—x - i I (=] ?
g Rear angle o—30(m s) &1D)
(ED *|Fax Vi
el Lateral Motion (Fig. 4.20) -
> Fywr , >
(F7 ) > Fywf A
| Fxwr ; > D)
: \V »>
5> +>Fxwf  dVy+(dVx) —FeL ] s E
Frwr > Front angle :
> »Fay e e )
Fay —>|Rear angle x vy
> Mz | B
Ma, >iFrontangle” yaw rate L~ G ED)
> Fxwf : y
>Fxwr .
o |yt Rear angie >
> Fywr 3 -
»(vx . L : Rear angle
Yaw Motion (Fig. 4.21)
Four-wheel Steering Control
L. dvy N | a,
>ty Roll rate ‘@
»Vx .
Roll Motion (Fig. 4.23)

Fig. 4.18 Motion of Equation and Four-wheel Steering Control

1). Longitudinal motion (refer to equation (4.14)):
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-
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Fig. 4.19 Longitudinal Motion
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2). Lateral motion (refer to equation (4.13)):

Product3

Fig. 4.20 Lateral Motion

-2/m

3). Yaw motion and Four-wheel steering control (refer to equation (4.15)):
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Fig. 4.21 Yaw Motion and Four-wheel Steering Control
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* Four-wheel Steering Control (refer to equation (4.34)):

ront angle Fon2 o B’

Rear angle
Lo = |
Ve Fen7
—»L f(u)
Fcn3

Fig. 4.22 Four-wheel Steering Control

4). Roll motion (refer to equation (4.23)):
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Fig. 4.23 Roll Motion

From the block diagrams, the simulation of the system can be concluded as:

1. The braking pressure and braking torque have been controlled by the integrated
hydraulic Nonlinear Tracking control system as described by Figures 3.13, 3.16,
3.19 and 4.13.

2. The hydraulic braking system gets the feedback signal from the errors between the
wheel slip ratios and the optimal slip ratios, which are determined by Figures 4.17,
2.18 and 4.12 where the Variable-slip Ratio control law controls the balance of the
longitudinal friction forces and lateral friction forces.

3. The longitudinal friction forces and lateral friction forces are obtained by the Magic

Formula (Figures 4.11 and 3.19).
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4. The Four-wheel Steering control is used in the Yaw/Roll Four-wheel steering

system of the vehicle as found though Figures 4.14 to 4.23.

5. The braking torque and friction forces are applied to the wheel rotors to avoid the
wheels lock up and maintain the vehicle directional stability as shown in Figures

2.15 and 2.17.

Note that this electronic feedback control system can be integrally implemented
with electronic components. As a cycle, when wheel lock is detected, the pressure in one
or more of the braking cylinders is reduced until the wheel speed exceeds a
predetermined value, at which time the pressure is again increased. The system continues

this cycle until the vehicle completely stops.

4.4.4 System Simulation Responses
The performances of the proposed control scheme are compared with the system when
PID control is implemented as described in Chapter 2.

Simulation results are generated for cases where vehicle drive on dry concrete road
and when the vehicle moves at forward speeds of 30m/s (108km/h), 20m/s (72km/h) and
10m/s (36km/h). The considered vehicle parameters and brake actuator dynamic
properties as listed in Table 4.1 when a driver operates the front wheels as shown in
Figure 4.8. Assuming the vehicle is initially moving straight forward and consider the
time delay when the braking is applied at time t; = 0.5 second. The responses are shown
in Figures 4.24 to 4.29, which represent the significantly improving of both braking

performances and stability when the proposed is implemented.
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a). Vo =30m/s
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Fig. 4.24 Front and Rear Steering Angles (V;=30m/s)
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Fig. 4.26 Vehicle Yaw Rate and Roll Rate (V(=30m/s)
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Fig. 4.29 Vehicle Accelerations (V=30m/s)
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Figures 4.24 shows the rear wheel steering angles correspond to the front wheel
steering angles. The results show that, at beginning when braking applied, the difference
in the rear steer angle is small between the two control systems. As the velocity of the
vehicle is reduced with time, the proposed system only need smaller rear steering angle
than PID system. However, when the velocity of the vehicle continues reducing to zero,
the rear wheels steering angle increase to 1.8 degree in an opposite direction with front
wheels. As results, Figures 4.25 and 4.26 show that the proposed system reduces the yaw
rate by 7.5deg/s and lateral speed about 0.1m/s from PID system. Figure 4.27 shows that
the difference between front wheel slip and rear wheel slip is about 0.025 with proposed
control, which is smaller than the one of 0.05 with PID control. The results also show that
the slip angles are further reduced when proposed control implemented. From the
responses of Figures 4.28, the proposed system shorts the both longitudinal and lateral
stopping distances by 6% and 14% because the average decelerations are increased than

that with PID control, which can be seen in Figures 4.29.

b). Vo =20m/s
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Fig. 4.30 Front and Rear Steering Angles (V,=20m/s)
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Fig. 4.35 Vehicle Accelerations (V;=20m/s)

Figures 4.31 and 4.32 show that the proposed system reduces the yaw rate by
4.5deg/s and lateral speed about 0.07m/s from PID system. Figure 4.33 shows that the
difference between front wheel slip and rear wheel slip is about 0.025 with proposed
control, which is smaller than the one of 0.05 with PID control. The results also show that
the slip angles are further reduced when proposed control implemented. From the
responses of Figures 4.34, the proposed system shorts the both longitudinal and lateral
stopping distances by 5% and 12% because the average decelerations are increased than

that with PID control, which can be seen in Figures 4.35.
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Figures 4.37 and 4.38 show that the proposed system reduces the yaw rate by
2deg/s and lateral speed about 0.04m/s from PID system. Figure 4.39 shows that the
difference between front wheel slip and rear wheel slip is about 0.025 with proposed
control, which is smaller than the one of 0.05 with PID control. The results also show that
the slip angles are further reduced when proposed control is implemented. From the
responses of Figures 4.40, the proposed system shorts the both longitudinal and lateral
stopping distances by 4% and 10% because the average decelerations are increased than
that with PID control, which can be seen in Figures 4.41.

Figures 4.24, 4.30 and 4.36 show the rear wheel steering angles correspond to the
front wheel steering angles when Four-wheel Steering control is implemented. As
mentioned previously, if the rear steering angle is selected properly, the vehicle will
exhibit minimum sideslip angle and will then have low speed maneuverability and high
speed stability. The results show that the difference in the rear steer angle is small
between the two control systems at high speed. As the velocity of the vehicle is reduced
with time, the proposed system only need smaller rear steering angle than PID system.
However, when the velocity of the vehicle continues reducing to zero, the rear wheels
should be steering a little more in order to reduce the vehicle yaw rate and lateral speed
achieve to zero and keep the sideslip angle of the vehicle body at minimum value.
Figures 4.25, 4.26, 4.31, 4.32 and 4.37, 4.38 show the yaw rate and lateral speed response
to combined braking and steering commands with the proposed and PID controls. The
results show that the proposed system has a smaller yaw rate and lateral speed than PID
system. The results also show that the yaw rate and lateral speed of the proposed system

final achieve a zero value when vehicle total stop, the system could reduce the tendency
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to oversteer and undesired handling characteristics and hence exactly more stable than
PID control system.

It is well know by the industries, if the rear slip larger than front slip, the vehicle is
on a unstable state; when the front slip lager than rear slip, the vehicle can not steering
well. The most significant stability specification is expressed by not allowing rear brakes
to lock before the front under any loading and nearly all road friction conditions. The
ideal braking situation is the front and rear brakes lock in simultaneousness. However,
this situation is difficult to be achieved. Figure 4.27, 4.33 and 4.39 show that the
difference is becoming smaller between front wheel and rear wheel slips when the
proposed control is implemented than the one of implementing with PID control. The
results show that the slip angles also smaller with proposed control than the one with PID
control. The slip angles of front wheels and rear wheels final become zero value when the
vehicle totally stops. Therefore, It is clearly that the proposed control in deed improves
the system stability and maneuverability, hence it is an optimal system. From the
responses of Figures 4.28, 4.34 and 4.40, the proposed system shorts the both
longitudinal and lateral stopping distances because the average decelerations are
increased than that with PID control, which can be seen in Figures 4.29, 4.35 and 4.41.

In conclusion, the proposed control presented in this Chapter which is based on
NTC, 4WSC and VSC controls incorporates coordinated four wheel braking and steering
is shown to enhance the vehicle stability and handling characteristics and short the

vehicle stopping distances.
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4.4.5 Summary

A Nonlinear Yaw-plane Four-wheel Steering Control Model considers with Limited Roll
Motion (YFLR), incorporating nonlinear cornering characteristics of the Magic Formula
(MF) tire model, is developed in this Chapter. A new integrated Nonlinear Tracking
Control (NTC) Law is used for the hydraulic braking system, and Four-wheel Steering
Control (4WSC) Law and Variable Slip-ratio Control (VSC) Law are applied together for
the cornering characteristics. The three controllers are independent but are coupled
through the states and the longitudinal and lateral tire forces. 4WSC with an additional
steering angle of the rear wheels, by steering the rear wheels out-of-phase with the front
wheels, thus improving maneuverability and cornering stability, and also yield a quicker
response with better damping of the yaw oscillation that occurs with initiation of turn.
VSC control is an optimal way to balance the longitudinal and lateral forces. While more
longitudinal traction force is desired during driving straight, more lateral force is desired
during cornering in order to be able to turn without lateral slippage, and thus to increase
the vehicle stability. The desired set points for the slip values are calculated within the
control algorithm to aid the controller in maintaining vehicle stability during emergency
maneuvers consisting of combined hard braking and severe steering. The response
characteristics derived from the proposed model are compared with the available
measured data and the results from PID control system to demonstrate its validity.
Simulations of the integrated controllers and ABS systems, for each system model,

demonstrate a significant increase in performance.

The simulation results show that the vehicle path tracking and its directional

stability can be improved while taking into consideration the coupling between the
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braking and steering systems using the proposed control system where the NTC, 4WSC
and VSC are implemented. The results suggest that if the rear steering angle is properly
selected, the vehicle will exhibit minimum sideslip angle and then have low-speed
maneuverability and high-speed stability. The vehicle with minimum sideslip controller,
however, may still have a tendency to oversteer and to become unstable with PID control.
To reduce these tendencies, the NTC system must be implemented. The results indicates
that the action of the three controllers implemented in the YFLR model is able to provide
the directional control and stability and can reduce the tendencies of oversteer in extreme
emergency situations for the specific road conditions. Simulations of the integrated
controllers and ABS systems for different conditions demonstrate significant improving

in braking and vehicle stability performances.
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CHAPTER 5
CONCLUSIONS AND FUTURE WORK

5.1 GENERAL

In this study, the performances of an antilock braking system for straight line braking and
braking while turning are investigated through the development of a new integrated
Nonlinear Tracking Control (NTC). The vehicle model, tire model and optimized control
system are validated and analyzed to enhance an understanding of the complex
interaction between braking and steering systems. The NTC combined with Four-wheel
Steering Control (4WSC) and Variable Slip-ratio Control (VSC) has significant potential
to improve the performances of the vehicle under the assumption that the friction
coefficient does not remain constant for operation and different road conditions, and to

improve the stability and steering ability of the vehicle during emergency maneuvers.

5.2 MAJOR HIGHLIGHTS OF THE INVESTIGATION

The study presented in this thesis is a systematic investigation on the potential of NTC in
application to vehicle braking system and control. The major highlights of the thesis are

summarized as follows.

5.2.1 Development of Nonlinear Tracking Control System

A new integrated Nonlinear Tracking Control (NTC) law is investigated for the hydraulic
braking system and based on the analysis of hydraulic actuator dynamics, which used

Lyapunov’s stability theorem for the braking control algorithm with the desired values of
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longitudinal slip calculated within the controller based on steering wheel angle. The
desired set points for the slip values are calculated within the control algorithm to aid the
controller in maintaining vehicle stability during emergency maneuvers consisting of
combined hard braking and severe steering. It was concluded that the proposed controller
has provided excellent exponential stability for force and position tracking even in the
presence of errors in the physical parameters without the complexity of variable structure
or adaptive methods. Therefore, the proposed braking control system can maintain
desired values of longitudinal slip for both the front and rear wheels at pre-specified
values. Compared with those resulting from sliding model PID control system, the
proposed system can face changes in the initial conditions for different type of roads and
system does not significantly change the pattern of vehicle stopping distance,
deceleration and wheel slips for various road conditions, which represents the best
performance of stopping distance. Compared with PID control system, the proposed
control system is derived from the dynamics analysis of the hydraulic system, which
more exactly tracks the desired trajectory. The proposed system can reduce the tendency
of oversteer and unstable situations, which enhances the vehicle maneuverability and

cornering stability.

5.2.2 Implementation of Comprehensive Vehicle Model

A nonlinear Yaw-plane Four-wheel steering model considers with a Limited Roll motion
(YFLR), and incorporate nonlinear comering characteristics of the Magic Formula (MF)
tire model and compliance of the braking column is developed to study the braking

response of the vehicle, which account for the effect of weight transfer. A more complex
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model of a vehicle does not necessarily yield more accurate result, such as Yaw/Roll and
Phase IV models, which require extensive vehicle data and poses unreasonable demands
on the analysis. The selected model based upon nonlinear yaw plane, four-wheel steering
and limited roll offers a comprehensive compromise between the simplified and complex
models. It is validated further for the braking system and demonstrated a good

representation of the braking performance.

5.2.3 Tire Model Correlated to the Road Conditions

Magic Formula (MF) is used in the system and developed for the different road types of
dry concrete, snow and slippery ice. It is also applied to derive the more comprehensive
NTC control and control optimization. MF optimization is strongly dependent on the road
conditions because the required shape coefficients differ with road conditions change.
The effectiveness for different roads is well accepted to correct with the MF by inciuding
two weighting parameters C;, C,. From the analysis, it is clear that the MF gives a good
representation of measured tire characteristics and certain coefficients of the model retain
a physical significance. The more complete version of the MF also accounts for
combined cornering and braking maneuvers and is well correlated with the typical
experimental test results. The proposed system using NTC combined with MF tire model

gives a good control representation for the different road conditions.

5.2.4 Optimized Control System

A new integrated Nonlinear Tracking Control (NTC) Law is applied to the hydraulic
braking system, and Four-wheel Steering Control (4WSC) Law and Variable Slip-ratio

Control (VSC) Law are performed together to study the cornering characteristics of a
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vehicle while braking. Three controllers are independent but are coupled through the
states and the longitudinal and lateral tire forces. 4WSC with an additional steering angle
of the rear wheels, is accomplished by steering the rear wheels out-of-phase with the
front wheels, thus improving maneuverability and cornering stability, and also yield a
quicker response with better damping of the yaw oscillation that occurs at the initiation of
the turn. VSC is an optimal way to balance the longitudinal and lateral forces. While
more longitudinal traction force is desired during driving straight, more lateral force is
desired during cornering in order to be able to turm without lateral slippage, and thus to
increase the vehicle stability. The desired set of points for the slip values are calculated
within the control algorithm to aid the controller in maintaining vehicle stability during
emergency maneuvers consisting of combined hard braking and severe steering. The
response characteristics derived from the proposed model are compared with the
available measured data to demonstrate its validity. Simulations of the integrated
controllers and ABS systems, for each system model, demonstrate a significant increase

in braking and vehicle stability performances.

5.3 CONCLUSIONS

Base on the investigation and analysis, the major conclusion can be summarized as:

1). The conventional Front-wheel Steering Control system with front steering angle as
its only control input cannot simultaneously control the lateral velocity and yaw rate
at desired values. The vehicle path tracking and its directional stability can be
improved while taking into consideration the coupling between the braking and

steering systems when the 4WSC and VSC are implemented.
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2). The vehicle will exhibit minimized side-slip angle and improved maneuverability and

3).

4).

5).

6).

comering stability when four-wheel control with an additional steering angle of the
rear wheels, by steering the rear wheels out-of-phase with the front wheels is
implemented.

Variable Slip-ratio control is an optimal way to balance the longitudinal and lateral
forces. While more longitudinal traction force is desired during driving straight,
more lateral force is desired during comering in order to be able to turn without
lateral slippage, and thus to increase the vehicle stability.

The vehicle with 4WSC and VSC contrellers, however, may still have a tendency to
oversteer and to become unstable when the adaptive PID controller is applied to the
actuator system. The NTC has the significant potential to reduce these tendencies,
which significantly improves the braking performance of the vehicle.

The NTC based on the dynamics analysis of the hydraulic system proves to be more
exactly tracked with the desired trajectory and makes the vehicle more stable.
Moreover, the system accepts changes in the initial conditions for different type of
roads and does not significantly modify the pattern of vehicle stopping distance,
deceleration and wheel slips for various road conditions. The NTC proves to yield
the best performance of stopping distance under stable condition of the vehicle.

The performance of an antilock braking system relies upon a proper identification of
the road surface type and strongly nonlinear tire model. The nonlinear characteristics
can be effectively characterized using Magic Formula. The Magic Formula and the

available experimental results exhibit very similar patterns and in a very good
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7).

8).

agreement for the different road conditions, based upon straight line braking and
braking during turning.

Sliding mode optimizer can be used to determine the optimal slip ratio with
maximum friction forces. Both the sliding mode optimizer and the Magic Formula
optimization yield very similar optimal tracking to the desired trajectory. However,
Magic Formula optimization is strongly dependent on the road conditions because
the required shape coefficients differ with the road conditions chunge. Sliding mode
optimizer can be simply controlled by different types of the roads even for very
complicated tire and vehicle models.

A Nonlinear Yaw-plane Four-wheel steering model with Limited Roll motion
(YFLR) can serve as an efficient analysis tool for the braking behavior of the vehicle

and yield a good performance in stopping distances under stability of the vehicle.

5.4 RECOMMENDATION FOR FUTURE WORK

In this thesis, the NTC is investigated for the fundamental hydraulic ABS braking system

potential in vehicle dynamics application. The following future works to further explore

the performance of braking based upon the proposed control methodologies are

recommended.

).

To attain superior stability and maneuverability, it is desired that the vehicle system
can control lateral velocity and yaw rate at any desired values simultaneously. This
requires at least one additional control input, which is independent of the front
steering angle. In present Four-wheel Steering system, lateral and yaw motions

cannot be independently controlled because the rear steering angle is dependent upon

163



2)

3).

4).

5).

6).

7).

the front steering angle. In order to solve this problem, it is necessary to introduce an

extra independent control input in addition to the front steering angle.

. The Variable Slip-ratio coefficients set as a function as slip angle need to be validated

through site tests under different road conditions.

The piston friction coefficients in the master cylinder and braking booster need to be
validated through site tests under different operating conditions.

The Magic Formula coefficients also need to be validated through site tests under
different maneuver and road conditions.

The analytical vehicle model consider yaw/roll motion and four-wheel steering needs
to be validated through site tests under different operating conditions and steering
angle inputs.

The evaluation of ABS system on a vehicle with driver who exhibit various driving
habits under various driving conditions, various vehicle and hydraulic system
configurations will enhance the value of the work.

The proposed ABS system of the vehicle offers a significant potential to improve the
braking performances of the vehicle and increase the highway safety, which should

be further explored and examined.
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