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Abstract

Fovalnation and Control of Noise Transmission though a
Cavity Backed Flexible Plate

Mahesharaja Balike

The sound transmission loss through a cavity backed flexible plate is ana-
lyzed using the modal coupling analysis technique. The modal coupling analysis of the
cavity -panel system is carried ot by combining the deflection modes of a clamped
plate, devived from the plate characteristic functions, and the cavity modes. The
noise transmission characleristics obtained using plate characteristic functions are
compared to those obtained using the beam characteristic functions in Rayliegh-Ritz
method. The noise transmission characteristics of a plate-cavity system are measured
in terms of transmitted sound pressure and intensity levels under uniform pressure
distribntion over the panel. The analytical results are compared to those established
from the measurements to gain certain confidence in the model. Although the com-
parison provided a qualitative verification, a total quantitative validation could not
be done due to inability to realize clamped boundary condition. A parametric study
is carried out to highlight the influence of various structural and cavity fluid param-
eters on the noise reduction. The study showed that the structural damping, cavity
damping, cavity size, panel thickness, panel density, and the fluid density affect the
noise reduction properties of the panel-cavity system. The results reveal that for
deterministic and uniformly distributed external sound pressure, an improvement in
noise reduction can be realized through appropriate selection of structural and fluid
parameters. In an attempt to improve the control of low frequency noise caused by
structural deflection modes, an active noise control concept comprising point control
forces is formulated and investigated. An analytical model of the panel-cavity system,

comprising nultiple actively controlled point forces acting directly on the panel, is

i



developed. The influence of control forees generated using propottional control laws
and arbitrary phase difference on the noise reduction properties is mvestigated for
different feedback response variables and control gains The noise reduction charae
teristics are compared to those derived from the analysis of the passive panel cavity
system, and it is concluded that the control forces generated proportional to the panel

velocity respense offer most. significant potential in reducing the sound transmission.



Acknowledgement

The anthor wishes to express deep sense of gratitude and appreciation to his
supervisors, Dr. 5. Rakheja and Dr. R B. Bhat for their continued support, encour-

agement, and guidance during the course of this work.

Thanks are also due to Dr. Guy, Dr. C. Rajalingam, Dan Juras, Dale Rathwell,

and G. Mundkur for their help at various stages of this work.

‘The financial support by the Mechanical Engineering Department at Concordia

University, is further acknowledged.

special thanks are due to my parents for their moral support.



Contents

List of Figures

List of Tables

Nomenclature
1 Introduction and Problem Definition 1
1.1 General . . . . .. e |
1.2 Transmission of Sound in Fnclosures - A Literature Review 2
1.2.1  Passive Control of Sound Transmission . .. . . .. .. 1
1.2.2  Active Control of Sound ‘l'ransmission . . . . C 5
1.3 Scope of the Thesis Research . o 00 0 0 000 o0 . %
2 Analysis of Sound Transmission Loss through a Cavity Backed Flex-
ible Plate 11
2.1 Introduction . .. . ... ... .. C I

vi



3

2.2

Modal Conpling Analysis . . . ... .. ... o . o
22,1 Interior Acoustie Pressure

2.2.2  Motion of the IFlexible Plate . . . . . . . ..

2.2.3  Plate Characteristic Functions . . . .. . ... ..

2.2.4  Cavity Pressure and Noise Reduction . .

Numerical Results and Discussion . . .« .. ... o000
2.3.1  Natural Frequencies of the Plate and Cavity . . ... . .. ..
2.3.2  Comparison of Noise Reduction Obtained using PCF and BCF
2.3.3  Effect of Various Structural and Geometrical Parameters . .

Summary

An Experimental study of the Plate-Cavity System

3.1

3.3

3.4

Introduction .

Measurement of Sound Transmission Loss

Experimental Apparatus and Measurement Procedures

Results and Discussion . . . . . . . . . . .« ... ..

3.1.1  Natural Frequency of the Plate .. .. .. .. . ... o ...

3.2 Measurement and Analysis of Noise Transmission Loss

vii

13

18

20

26

43

44

44

51



N

3.9 Summary ... L o C . . .6y

4 Active Control of Noise Transmission through a Cavity Backed Plate 68

4.1 Introduction . . .. .. . ... ) . o 06N
4.2 Mathematical Model . .. . .. .. . .. 70
4.3 Results and Discussion . . .. . . . ... O e |
44 Summary . ... e S6
5 Conclusion and Future Work R7
5.1 Conclusions .. ... .. e e Y ]
5.2 Recominendation for I'utire Work . . . . . . . . ... ... 88
Appendices 96
A Evaluation of L,,,,, and p|,, 05
A.l Evaluationof Lyym . .o 0 00000000 . 95
A.2 PBvaluationof pt. . .. . ... ... .. N
B Beam and Plate Characteristic Functions 08
C Calibration of the Intensity Probe 100

vili



List of Figures

t

Geometry of the cavity backed flexible plate . . . . . ..

2.2 Comparison of NR obtained by PCEF and BCE (o = 756 = 0.02) .

2.3 Comparison of NR obtained by PCF and BCEF ({0 = 7,0 = 0.05) . .

2.4 Comparison of NR obtained by PCF and BCF (Cpn = 76 = 0.1)

2.5  NR against frequency for

different damping ratios . .. . ... . . ..

2.6 NR against frequency at different positions . . . . . .. . ... . ...

2.7 NR against frequency at different depths . . . 0 0000 o000 0L

2.8 NR against. frequency for

2.9 NR against frequency for

2.10 NR against frequency for

2,11 NR against frequency for

2.12 NR against frequency for

tw

A3 NR against frequency for

cavities of different depth

different cavity sizes . . . .. . . ... ...

different plate thickness . .. . ... .. ..

diffcrent plate densities . .. .. ... ...

different cavity fluid densities . . .. . . ..

different plate boundary conditions .

X

37

37

38

39

39

40

41

42



3.1 Geometry of the test enclosure .00 0 . . N
3.2 Schematic of the experimiental apparatus o . N
3.3 Measured frequency response Tunction ol the Hesible plate )

3.4 Contour map of the external sound pressure measured near the plate

surface . . . . .. .. . L . .. L %

3.5 Contour map of the external sound pressure at the location, when

plate-cavity systemis removed . .0 00 o0 o o
3.6 Contour map of sound intensity /. near the plate sirface . o

3.7 Contour map of the external sound intensity at the location, when

plate-cavity system is removed . oo Lo . Hd

3.8 Sound pressure spectrum measured al the plate surface (rfa - y/b

0.5) with and without the test enclosuve .0 00 000 ol

3.9  Sound intensity spectrum measured at the plate smlace (efa y/b

0.5) with and without the test enclosure o0 o000 .. hh
3.10 Contour map of the sound pressure measured omtside the hackwall Y
3.11 Contour map of the sound intensity at. the measured outside the backwall 57

3.12 Cavity sound pressure spectrum measured ab e fa yfh 0.0, - [d

0.2 ... ... . . 09
3.13 Cavity sound pressure spectrum mncasured atoefayfb 0.5, fd 05 59

3.14 Cavity sound pressure spectrum measured alefa yf/h 0.5, z/d

0.7h .. .. . Lo . . . . 6



315

316

307

318

3.19

3.20

t:
S~

~

I

Cavity sound itensity spectrum measnred at @wfa = y/b = 0.5.

(.25 e
Covity sonnd intensity specttnm measured at o fo = y/h = 0.5, z/d = 0.5

Cavity sound intensity spectrnm measured at @wfa = y/b=0.5, z/d =

0.75 . e e e e e e e e e
Measured NR at wfa = y/b=05,z/d =05 .. .. ... ... . ...
Mceasured NR al w/a = y/b=05,z/d =075, . ... ... ...
Comparison of experimental and analytical NR at /a = y/b=z/d =

0.25 under white noise excitation . . . . . . . ... ...

C'omparison of experimental and analytical NR at v/a = y/b=z/d =

0.25 under sinusoidal exeitation . . . oL Lo oL oL
C'omparison of measured NR for cavities of different depth

Comparison of NR measured at different location along z-axis under

white noise excitation . . . . . . . L L L e e e

Comparison of NR measured at different location along z-axis under

sinusoidal excitation . . L. L e

Elfect of position feedback control on NR-clamped plate . . . . . ..
fect of position feedback control on NR-simply supported plate
Eftect of veloeity feedback control on NR-clamped plate . . . . . . . .

Ellect of velocity feedback control on NR-simply supported plate . .

xXi

60

61

61

62

63

65

66

66

76

76



1.5 Bffect of acceleration feedback control on NR clamped plate o T
1.6 Effect of acceleration feedback control on NR simply supported plate T

1.7 Effect of position feedback control force at different phase angles on NR7

4.8 FEffect of velocity feedback control foree at different phase angles on NR 79
1.9 Effect of control force with position and veloeity feedback on NR .. 81
1.10 Effect of control foree with position, velocity and aceeleration feedback

onNR . .. ... ..... e o e e s Sd
1.11 Effect of position feedback control force on NR, located atfa y/b

0.25 . ..o 82
4.12 Effect of velocity feedback control foree on NR, located at wfa y/b

0.25 . ... ... ... 84
4.13 Effect of acceleration feedback control foree on NR, located atrfa

y/b=1025 . . ... .. ... o . 1
4.14 Effect of two control forces on NR- position leedback . 0oL : Kh
4.15 Effect of two control forces on NR- velocity feedback R 44
4.16 Effect of two control forces on NR position and velocity feedback o 86
C.1 Sound intensity levels measured in the coupler along two direction . 2
C.2 Sound pressure levels measured in the coupler along two direction 104

%11




List of Tables

Material properties of the cavity-plate system . . ... .. oo 29
Natural frequencies of the simply supported plate . .. ... ... .. 30
Natural frequencies of the clamped plate . ... . ... .. oo 31
Natural frequencies of the rigid cavity . . ... . oo o000 32
CC Beam characteristic function parameters . . . . ... ... . oL 98
CCCC Plate characteristic function parameters . . .. . . ... . .. 99

Comparison of measured P-1 index with the minimum requirement . . 104

Xii



a.b,d

C

C

Cy, C2,C3,Cy
05, C3,CF
Cisk

D

€1,€;, Ck

E

qu

g, Fy, by
I

G

h

()
Hn(w)
i,7,k

1

(W)
Liymn

L;

Lp

m,n,r,s
M(z), M(y)

p(t)

p(z,y,2,1)

Pz, y,t)

pfnn (w)

Nomenclature

(avity dimensions in 2.y, and = directions respectively (m)
Speed of sound  (m/s)

Equivalent viscous damping of the plate (Vs/mh)
Constants of integration in & direction

Constants of integration in .« direction

Cavity modal pressure coellicients

Flexural rigidity of the plate (Nm)

Normalizing factors for the cavity eigenfunctions
Modulus of elasticity of plate (N/m?)

Control force at the point (@, y,)

Control forces (V)

Cavity forcing functions

Modulus of rigidity, [F/2(1 + v)]

Thickness of plate ()

Frequency response function of the cavity
Frequency response function of the plate

Cavity modal indices

Sound intensity

Frequency response function of the plate cavity system
Acoustic stiffness coupling coeflicient,

Sound intensity level

Sound pressure level

Plate modal indices

Plate bending moments in . and y directions
Instantancous sound pressure

Cavity acoustic pressure (N/m*)

External acoustic pressure (N/m?)

Generalized cavity foree

X1V



P lw) Gieneralized external force

PrsPes s e Roots of reduced equation

Grn (W) Generalized coordinates for plate deflection

/ Time (s)

w(t) Instantancous particle velocity

Vir),Viy) Plate shear forces in z and y directions

w Transverse plate deflection (m)

X Orthonormal cavity eigenfunctions

X(ur) Plate characteristic functions in @ direction

Y(y) Plate characteristic functions in y direction

o Plate aspect ratio

/3 Non-dimensional frequency ( o )

o Cavity modal damping coeflicients

b Dirac delta function

dpy l.ocal sound pressure-intensity index

A Laplacian operator (9%/8z* + 9%/0y?)

v Laplacian operator in 3-dimension(92/dc* + 92/dy* + 9%/0:?)
Coun Panel modal damping cocfficients

I Poisson’s ratio

& Deflection shape of plate in z direction

Doy iy Do Phase angles between the control forces and the feedback state variables
Pa Cavity fluid density (kg/m?)

M Plate density (kg/m?®)

o Deflection shape in y direction

V(5 0) Orthonormal eigenfunctions of the plate

w Iixcitation frequency

Wik Natural frequencies of the cavity (rad/s)

Winn Natural frequencies of the plate (rad/s)

Q Non-dimensional frequency parameter, [wa2 BbLh

XV



Chapter 1

Introduction and Problem
Definition

1.1 General

The noise levels inside many aircrafts, ground vehicles and industrial workplaces
are known to excced the acceptable comfort limits, established by NIOSIH (National
Institute of Occupational Safety and Health). In majority of the enclosures, the inte
rior sound is caused by various external sources. While the interior noise of buildings
may be caused by air flow in the ducts, external wind and traflic, the noise inside an
aircraft fusclage and ground vehicles is primarily attributed to engine or structural
vibration and the boundary layer turbulence. The interior noise generated by st
tural vibration that is caused by the external vibration and pressiure fluctuations,
predominates at low frequencies, corresponding to the first few structure and cavity
resonances. In view of the the adverse influence of prolonged exposine Lo excessive
noise levels on the health, safety and performance rate of passengersfoperatons, it is

extremely desirable to reduce the interior noise levels.

The attenuation of transmitted noise levels may be realized by veducing the noise

either at the source or along the path or at the receiver location. ‘The implementation



of one or mote of these methods, however, is dependent upon the application, sources,
and Larget, noise levels, In case of aircrafts or ground vehicles the primary ‘source’ is
often the external disturbance which may not be amenable for control. In the aircraft
interior, viewed as the ‘receiver’, noise may be reduced by treating the interior walls
with aconstical absorbant materials. Such materials, however, may not be cffective in
the entire frequency range of interest. The acoustic absorption materials frequently
used in aireraflt fsclages are known to be less effective at low frequencies. The noise
attenuation through the reduction of noise transmission along the path, such as the

vibrating walls of the enclosure (fusclage), may thus be explored.

In this study, sound transmission characteristics of a clamped plate forming a
wall of a rectangular cavity are evalnated using the method of modal coupling analysis
m conjunction with the plate characteristic functions. The sound transmission loss of
a cavity panel system are measured in the laboratory and compared to those derived
from the analytical model. Actively controlled point forces, generated using state
feedback, are applied to achieve noise reduction within the cavity. In the next section,
a review of relevant literature is presented and the scope of the dissertation rescarch

is formnlated.

1.2 Transmission of Sound in Enclosures - A Lit-
erature Review

The acoustical analysis of the complex structure of the fuselage or vehicle body
is quite complicated for a detailed mathematical treatment. A simplified enclosure
model comprising a rectangular box with five rigid walls and one acoustically flexible

wall has been extensively used to analyze the noise transmission characteristics.

The problem of sound transmission through a panel into a rectangular cavity

was first analysed by Lyon [1] in the early 60s, assuming negligible influence of cavity



on the panel vibration, while the panel natural frequeney was considered lower than
the first natural frequency of the cavity. Dowell and Voss [2] investigated the effect
of the cavity on the modal response of the panel and cvaluated the system natural
frequencies, while the cavity was considered to serve as a stiffiness to the fundamental

panel mode.

‘ollowing Lyon’s study, nunerous efforts have been made to analyze the noise
transmission through a pancl into a cavity. Pretlove [3:4] suggested an alternative
method to evaluate the system natural {requencies, which was further extended (o
analyze the forced vibration of a cavity backed plate. Kihlman [5] derived the solution
to the wave equation with inhomogeneous houndary conditions, and discussed the
behaviour of a pancl-cavity systein at frequencies above the panel eritical frequency.
An alternative solution to this problem was proposed by Bhattacharya and Crocker
[6], and their analysis explained the phenomenon of wave coincidence i the later
years, Guy and Bhattacharya [7] compared the theoretical and experimental values
of noise reduction and described the phenomenon of negative noise reduction in the
cavity. In theearly 80s Narayanan and Shanbhag [8,9] investigated the noise reduetion

properties of sandwich panels.

The response characteristics of the coupled panel-cavity system have been de
termined using two methods: (i) by assuming the coupled system as a single system
[10]; and (ii) modal coupling analysis [11]. The analysis of a complex conpled system
such as an aircraft fuselage using the first method, however, wonld he quite curnber
some. The modal conpling analysis involves analysis of in vacuo maodal 1esponse of
the panel and the blocked modal response of the cavity, and is considerably simples
than the first method. The acoustic wave equation is used Lo deseribe the mterior
sound field, while the wave equation for an isotropic panel is nsed to deseribe the
panel vibration response. The interaction of the interior sound field with the panel i

represented by the velocity continnity at the panel internal surface

While majority of the above studies deal with analysis of simply supported



plates, McDonald et al. [12] compared the noise reduction through the cavity backed
plate for different, plate boundary conditions, using the beam characteristic functions
in Rayleigh-Ritz method. The effects of both, deterministic and random external
pressure excitations, on noise reduction was investigated. Since the beam character-
istic functions do not represent the plate modes exactly and the transmitted sound is
strongly related to the flexible panel response, a need to accurately analyze the plate

response has been identified.

A set of plate characteristic functions were developed by Bhat et al [13,14] to
accurately determine the plate modes with different boundary conditions. The use of
plate characteristic functions to express plate modes will result in more accurate esti-
mation of noise reduction. Bhat and Mundkur [15] used plate characteristic functions
to investigate the sound transmission loss through a panel mounted on a rigid infinite
ballle. The plate characteristic functions were determined through the exact solution
of the reduced equation, using an iterative method. The plate partial differential
equation was reduced to an ordinary differential equation by substituting an assumed
approximate solution that satisfies the boundary conditions along one direction of the
panel. The reduction method, commonly known as Kantorovich method, is applied
sequentially on either direction of the plate and iterations are performed until con-
vergence is achieved for the natural frequency coeflicieats. The results of the study
have demonstrated that the plate characteristic functions provide a more accurate
estimation of natural frequencies and plate response than the beam characteristic
functions in the Rayleigh-Ritz method. Further, the computational time required by
the method using plate characteristic functions is considerably less than that needed

for the method based on beam characteristic functions in Rayleigh-Ritz method.

1.2.1 Passive Control of Sound Transmission

Upon determination of sound transmission loss characteristics of a structure,

noise transmission loss can be improved through either passive or active means. The



passive control of sound transmission involves determination of structural parameters
that improve the sound transmission loss, damping treatment of structures, applica-
tion of acoustic absorbant materials, ete. The active control of sound transmission
is attained cither through implementation of a feedback controlled secondary sound
source or through active vibration control. The active noise control methods offer
considerable potential to attenuate noise due to their ability to change the secondary
sources or control forces with variations in external disturbances and the system re

sponse.

The low frequency interior noise can be controiled through control of vibration
of the structure forming the enclosure. The modal coupling and the foreed vibration
analyses of the panel-cavity system yield the vibration and acoustical response char
acteristics of the system. The vibration behaviour and thus the noise transmission
loss characteristics of a structure are strongly related to its parameters. A number of
studies have been carried out to explore the noise attenuation potentials of diflerent
materials and material properties [8,12]. Resulls of these studies have clearly demon-
strated that a viscoclastic material sandwiched between two clastic plates offers an
extremely efficient means to dissipate vibrational encrgy [16]. One-dimensional sound
transmission through sandwich panels was investigated by Dym et al. [17], and the
sandwich pancls to reduce noise transmission in a pancl-cavity system have been in
vestigated in many studies [8,9,18] Passive control of sound transmission, however,
poses certain inherent limitations due to fixed parameters. "The desired transmission
losses may be achieved only for a small variation around a given external disturbance.
Since the external disturbances are random in nature, the passive control technigue

does not provide significant improvement, in the sonund transmission loss

1.2.2 Active Control of Sound Transmission

The mechanism of active control of noise transmission has been studied inten

sively in the recent years. The desire to reduce the internal noise Jovels in airerafts




and moving vehicles, together with developments in modern control engineering, sig-
nal processing and high speed microprocessors, have prompted an increasing number
of these studies. ‘The desirable performance characteristics can be achieved through
feedback control, by introducing a secondary disturbance, based on the system’s re-

sponse as measured by the feedback sensors.

Active control systems can supply energy, when needed, as well as dissipate

. . . . ,
energy, while the passive system can only dissipate or temporarily store energy. The
active control can thus provide superior noise attenuation performance. Active control
of sound transmission can be achieved in two ways: (i) through introduction of a sec-
ondary source of controlled tonal quality and loudness; and (ii) through introduction

of actively controlled forces.

In the first. method, the active noise suppression is achieved by introducing a
secondary source of carcfully controlled tonal quality and loudness, that interferes de-
structively with the primary field causing the noise. For deterministic excitations, the
nature of control signal for the sccondary source is readily specified using frequency-
domain analysis, provided a measure of fluctuations in the primary sound source
strength is available. The control signal is filtered and amplified to generate the de-
sired secondary source strength. The problem thus reduces to that of design of this
control filter and control gain to minimize the cost function. Nelson et al. {19] have
analysed the effectiveness of such an active control system, using frequency domain
analysis, when an enclosed field is excited harmonically. The secondary source, how-
ever, was unable to respond to changes in the primary source, specifically when the
strength of the primary source varied randomly. A time domain analysis technique
has been applied to determine a causally constrained optimal controller for stationary

random primary excitations [20].

The second method of active noise control, known as active structural acous-
tic control, was introduced as a natural extension of the active vibration control.

Numerous investigations, both analytical and experimental, have been carried out



on active vibration control of eclastic structures [21,22.23]. These active vibration
control techniques use state feedback controllers o generate an active control force
that introduces desirable damping characteristics to the strncture. The controllers
are primarily designed to suppress the transient response, and to reject a continuons
disturbance force acting on the structure. For vibration control, the feedback state
vector is frequently based on the modal coordinates of the structure. The concepts
in active force generators, developed for vibration control, have heen also explored to

achieve active noise control and to realize smart structures.

Several investigations have been performed on the active control of sound radi
ation from elastic structures using force inputs. Analytical and experimental studlies
conducted by Fuller [24,25] concluded that control forces applied directly to a plate
can significantly reduce the radiated sound pressure. A radiated power cost fune
tion was formulated and minimized to derive the optimal control gains that resulted
in reduction in the far ficld sound pressure. A Lincar Quadratic Regulator (LQR)
controller design used for the vibration control, was developed by Meiroviteh [26] to

control the sound radiation.

Research on active control of sound transmission in a coupled fuid structue
system was originally initiated by a desire to effectively control transmission ol low
frequency propeller gencrated noise into an aircraft through its fuselape. Active con
trol of noise in ducts has generaliy met with considerable suceess [27], althongh appli
cation to threc dimensional sound fields have proven to be somewhat more difficult.
Considerable progress, however, is evident in the active control of three dimensional
coupled fluid-structure systems. Fuller et al. [28,29,30] have investipated the ae
tive control of noise transmission into a cylindrical structure. Warner and Bernhard
[31] proposed a digital control of sound transmission in thiee-dimensional enclosmes,
Many investigations have been carried out to control the noise transmission throngh a
panel into an rectangular enclosure nsing point. control forces. Pan el al. [32, 33, 34|

studied, both analytically and experimentally, the acoustic inechanisin associated




with the vibrational control and the noise transmission into a rectangular enclosure
through a simply supported plate. The study concluded that minimum sound energy
is obtained by suppressing the panel vibration, when the response is dominated by
the panel modes. A control foree that can adjust the panel velocity distribution, can
be effectively used, when the system response is dominated by the cavity controlled
modes, The study also concluded that in the later case, there may be an increased

locally reactive sound intensity flow and increased panel vibration levels.

The effectiveness of an active noise contiol system, employing an actively con-
trolled foree, is strongly related to the number of force gencrators and their locations.
The effect of location of a control force generator on the noise and vibration trans-
mission characteristics of structures has been investigated by Meirovitch et al. [35]
and Bullmore et al. [36]. Meirovitch [35] showed that the number of active force
generators required is equal to the number of modes to be controlled. The study
conducted by Bullmore et al. [36] showed that the control forces must be located so
that they can most effectively couple with the dominant cavity modes excited by the

pritmary source,

1.3 Scope of the Thesis Research

Acoustical absorbant materials provide only limited attenuation of low fre-
quency noise transmitted into enclosures. Other passive means of noise control pro-
vide attennation only in the limited frequency bands and for small variations in
the external noise sources. The active methods of noise control offer considerable
performance potentials by varying the structural properties in response to changing
response and excitation variables. The control of low frequency noise transmitted
into enclosures, however, necessitates an accurate estimation of the noise and vibra-
tion characteristics of the coupled panel-cavity system. Since the plate characteristic

functions represent the vibration modes of the plates more accurately, an accurate



analysis of the coupled plate-cavity system may be carried out using these functions.

The objectives of this thesis rescarch are thus formulated as follows:

e Analyze the noise transiission characteristics of a cavity backed fleaible panel

using the plate characteristic functions.

e Investigate the influence of various structural and Huid parameters on the noise

transmission loss.

e Validate the analytical model through measurement of transmission loss ol a

panel-cavity system in the laboratory.

e Formulate an active noise control scheme and develop an analytical model of

the pancl-cavity system subject to actively controlled point forces.

e Investigate the noise attenuation performance characteristics of the proposed

active noise control system.

An analytical model of a cavity backed flexible plate is formulated to deter
mine its sound transmission characteristics, and presented in chapter 2. The external
pressure excitation is assumed to be spatially unilorin all over the plate. Modal
coupling analysis technique, comprising in-vacuo modal response of the plate and
blocked modal response of the cavity, is applied to determine the sound transmission
loss characteristics. ‘The modal response characteristics of the panel and the cavity
are then combined together to yield the response of the conpled plate cavity system.
The application of plate characteristic functions to study the noise transiission is
described and the results are compared to those obtained using the bean character
istic functions. The influence of different, structural and fluid parameters on the noise

trans:nission is discussed.

A laboratory model of the panel-cavity system was fabricated and experments
were performed to validate the corresponding analytical model. The noise transinis

sion characteristic of the pancl-cavity system were measured nsing two technigues: (i)

9



sornd pressite method; and (i) sound intensity method. The detailed experimental
procedme, data analysis, and the experimental results are presented in chapter 3.
The experimental results are compared to the analytical results, and the limitations

of the analytical and experimental models are discussed.

Active control of sound transmission through a flexible panel into a rectangular
cavity. based upon point control forces applied to the pancl, is analytically studied in
chapter 4. The response characteristics of the coupled panel-cavity system with mul-
tiple point control forces applied to the panel are analyzed using the modal coupling
analysis technique. The active control forces are generated using the state feedback
and a proportional control law with certain phasc angle. The noise transmission
characteristics of the panel-cavity system with active control forces gencrated using
position, velocity and acceleration feedback are evaluated for uniform sound pressure

distribution.

Iinally, the conclusions derived from the study together with the highlights and

the recommended future directions are presented in chapter 5.

10



Chapter 2

Analysis of Sound Transmission
Loss through a Cavity Backed
Flexible Plate

2.1 Introduction

The acoustical analysis of the complex structure of the fuselage or vehicle body
is quite complicated for a detailed mathematical treatment. A simplilied enclosure
model comprising a rectangular hox with five rigid walls and one acoustically flexible
wall has been extensively used to analyze the noise transmission characteristics of a

coupled structure-cavity system.

The response characteristics of the conpled pancl-cavity system can be deter
mined by two methods: (i) by assuming the pancl-cavity system as an equivalent.
single system; and (ii) modal coupling analysis. The modal coupling analysis involves
analysis of in-vacuo modal response of the pancl and the blocked modal response of
the cavity, and is considerably simpler than the first method. The acoustic wave
equation is used to describe the interior sound ficld, while the wave cquation for an

isotropic panel is used to describe the panel vibration response. The interaction of



the interior sound field with the panel is represented by the velocity continuity at the

panel internal surface.

The response characteristics of the coupled panel-cavity system with clamped
boundary conditions have been evaluated using beam characteristic functions in
Rayleigh-Ritz method to represent the plate modes [12). Beam characteristic func-
tions, however, do not represent the plate modes exactly, and errors may be encoun-
tered in the evalnation of the noise transmission analysis [15]. Plate characteristic
functions represent plate modes more accurately and may yield more accurate esti-

mation of noise transmission characteristics.

In this chapter, modal coupling analysis s technique used to evaluate the noise
transmission loss through the coupled plate-cavity system is presented. Plate char-
acteristic functions are used to represent the plate modes in the evaluation of noise
reduction. ‘I'hie noise reduction obtaired using plate characteristic functions is com-
pared with that obtained using beam characteristic functions. The influence of various

structural and fluid parameters on noise reduction is discussed.

2.2 Modal Coupling Analysis

The response characteristics of a coupled flexible plate-cavity system can be
effectively evaluated using the modal coupling analysis technique. The technique
involves in-vacuo modal response analysis of the flexible plate and blocked modal
response analysis of the cavity. The acoustic wave equation is used to describe the
interior sound field, while the panel vibration response is desc.ribed by the wave equa-

tion for an isotropic flexible plate [11,12]. The modal coupling analysis is described

in Lhis section.




2.2.1 Interior Acoustic Pressure

Consider a hard walled rectangnlar cavity of volume ¢ abd, as shown in
the Figure 2.1. The wall located at = = 0 represents the flexible plate while the
remaining walls are considered to be acoustically rigid. The flexible plate is subjected
to an external sound pressure pe(.r,y,) resulting in the internal cavity pressure,
p°(2,y,2,t). The external pressure is a function of &, y coordinates and the time,

whereas the cavity pressure is a function of r, y, 2 coordinates and the time.

The sound pressure p¢, inside the cavity is governed by the linear acoustic wave

equation, given by:

Vi = 5= =0 (2.1)

2 2 2 . . . . . .
where, V? = ba_ﬁ + %ﬂ- 58:-;, ¢ is the speed of sound in the fluid within the enclosure.

The boundary conditions to be satisfied arve:

o —patd(,y,t) on flexible  wall

on

0 on rigid  walls

OnC . . . . . .
where %% represents the derivative of the cavity pressure in the direction notmal Lo
the wall surfaces of the cavity, w is the displacement of the flexible plate, and p, is
mass density of air. The sound pressure in Equation (2.1) can be writien in termns of

orthonormal cavity cigenfunctions as:

[0 TS 4]

iz, y,z, 1) = ZZ(;S”(.Z, l)\/l]X,,(,(.’l,’,'l/) (2.3)

1=0 =0
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Figure 2.1: Geometry of the cavity backed flexible plate
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where ¢,,(z, ) are the cavity pressure coeflicients, and Ny, are the orthonormal cavity

eigenfunctions given by:

7 ‘V'C"(\k T J',T.l/ A'n’:
X gk = COS | —— ] COS | ——- |} CON .
abd a b d

L il =0
2 i1 A0

€ = l=1,j, k
Using the boundary conditions and the cavity cigenfunctions the flexible panel motion

can be expressed as:

Q00

— Pald = Z Z (.',‘,(I,)\/(_l.\'uu(.r,3/) (2.1)

1=0 =0

Using orthogonality of normal modes X,

a pb -
("”U):/@ /0 —p(,r}')\/(l.\',,(,(.r,y)d.r(l,r/ (2.5)

The solution of Equation (2.1) can be casily obtained by transforming, the homope
neous differential equation with non-homogencous boundary conditions wto a non
homogencous differential equation with homogencous boundary condition [8,12). This

can be achieved by assuming ¢,,(z,¢) as:

(/),1(3, I) = ”U(za I) + ZIJ(;:a,') (2")

where a,; is solution of the associated homogencons problem and 7, i chosen o
satisfy the non-homogenecous part of the boundary condition. Using kquations (2.6)
and (2.3) in Equation (2.1), the non-homogencous differential equation is obtained

as:



? 1 . d?

- =y, — Ao, =
12 dz

—— + /,] + A, 2, (2.7)

where A,y = 72((5)? +(£)?]. Since Z,, has been selected as the solution satisfying the

non-homogencous part, of the boundary condition, the following must be satisfied:

[()’/zjl — (1,1 (28)

dz |

A continmous function that satisfies the Iiquation (2.8) can be assumed to represent,

the solution for Z,,. Such a function is a polynomial of the form:

Zy(z,0) = J(2)Gy(1) (2.9)

where,

f(z) = [z - fi} (2.10)

The associated homogencous boundary value problem yields a solution of the form:

o, (2,1 Z Tk (t cos(l”;z) (2.11)
«

where the quantities €, represent the cavity modal pressure coefficients. Equations
(2.10) and (2.11) together with Equation (2.2) yield the solution of sound pressure

inside the cavity as:

[A RIS N O

(@ g2 d) = ZVZ(,JL (DX k(,y, 2 +ZZf (2)G,(¢ )\/JX,Jg(m,y) (2.12)

1=0 ;=0 k=0 1=0 =0
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The expressions for the cavity modal pressure coetlicients can he obtained by sub
stituting for a,, and Z,, from the Equations (2.9) and (2.11), respectively, in the

non-homogencous differential Equation (2.7) as [12]:

Cop + w0l Cox = Fo(D) (2.13)

where the quantities I, represent the foreing functions and ave given by:

. ‘ I d*f(z
Rondt) = Vab [ [0, + B (), - G | Nads21)

d
0 ot dz?

and w,; are the cavity modal [requencies, defined as:

. 2 S 2 L
2| J . {‘. 9|5
Wek = €T (u) * (b) * ((l) (2.15)

The solutions of Equation (2.13) yiclds the undamped cavity modal pressure cocfh
cients, Cy,x. The cavity, however, possess the damping due to absorption capability
of the walls, and viscosity of air. In order to represent the actual system damping in

the cavity, Equation (2.13) is rewritten as:

Coke + 27pworCok + w2, Con = Fo(l) (2.16)

where the coefficients 7, represent the modal darmping constants of the cavity. The
solution of Equation (2.16) yields the damped modal pressure coeflicients of the cavity
The cavity pressure can then be evaluated from Fquation (2.12) for the pressure
coefficients. The pressure coefficients €'y, can be oblained by solving Fquation (2 16)

in time domain with specified initial conditions. However, the linear characteristic

17



of the governing equations considered are more conveniently solved in the {requency

domain. The Fourier transform of Equation (2.16) yields:

Cor(w) = Gy (w) (2.17)

where 11,4 is known as the frequency response function of the cavity and is given by,

d(w.z)o —w?)

2kn2(w?jk—-w1+2z'yu;.w,”w) if k # 0

1, i{w) = 2 (2.18)
U-whot) ifk=0
Wl —w? + 2k Wi w -

Similarly, Fourier transform of the Equation (2.12) and substitution of C,yx from

Fquation (2.17), the cavity pressure can be written in frequency domain as:

LRI SR g N}

1" ('“.’/s :aw) = Z Z Z lll]k("lj(w)‘\,l]k(m’ Y, 2) + Z Z f(z)éu(w)‘/JXuo(m, y)
1=0 =0 k=0 1=0 3=
(2.19)

where () represents the Fourier transform of the corresponding function in time
and can be noted that Equation (2.19) describes the cavity pressure as a function of
the panel motions w through the term G,;. It is thus necessary to analyse the panel

motion in order to determine the cavity pressure.

2.2.2 Motion of the Flexible Plate

The governing differential equation of motion for a flexible plate, assuming small

deflections, can be written in the frequency domain as:



DA% + 1 Cuie - pohwte = pf(royow) - P 0w) (2.0

where

A= 9 Oxt 42006000t + 00y

and D is the flexural rigidity, (! is the equivalent damping coeflicient of the piate,
h is the thickness of the flexible plate, and p, is the mass density, p (@, y,@) and
p°(x,y,0,w) represent the Fourier transform of incident. pressure and transmitted (or

internal) cavity pressure, respectively.

The plate deflection w can be assumed in the form:

o o
w= Z z G (W) P (3 1) (2.21)

m=1n=1
where ¢, are the generalized coordinates and i, = X,.(«) ¢ Y, (y) ate the orthonor
mal plate modes, which depend on the plate boundary conditions. X, () and Y, (y)
arc the mode shapes, satisfying the boundary conditions, in . and y directions respec
tively. For a pancl, simply supported ou all sides, the mode shapes can be assamed

ol the form:

2 e\
"/)mn(m,y) = ——==5il (m) sin ("W_"IA) (222)

ab « b

For the clamped boundary condition, considered in this analysis, the plate modes
are expressed as the product of plate characteristic functions o and y directions,
presented in the following subsection. Substituting Fquation (2 21) into (2.20) aud

utilizing the orthogouality propertics of the mode shapes yields:

Ginn = Ilmn(w) [P:nn - I’:,,,L((/mn)l (22")
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ni

where pfand g are generalized external and cavity forces, respectively, and

I, (w) is the fiequeney response function of the plate given by:

Ilmn(w) = (w;z,m - wz + QéCmnwmnw)—l (224)
where w,,, are the plate natural frequencies and (, are the modal damping coef-
ficients of the plate. The natural frequencies of a clamped are obtained using the
plate characteristic functions, while the natural frequencies of a simply supported
plate may be obtained by solving Equations (2.20) to (2.22). Using the orthogonality

between mode shapes, the generalized external and cavity forces are expressed as:

] a b
7);111(“)) = ﬁ /0 /(; pc($$.’/aw)'(bmn(:v,y)dwdy (225)
plt .
. 1 a pb
Vi (W) = /)—/;/0 /0 P2, 9,0, w)hm (2, y)dedy (2.26)
p

2.2.3 Plate Characteristic Functions

The plate characteristic functions are obtained by reducing the plate partial
diferential equation to an ordinary differential equation and then solving it exactly.
The reduction process is carried out using the Kantorovich method, where approxi-
mate deflection shapes are assumed in one direction, while the Galerkin’s averaging
process employed to achieve an ordinary differential equation in the other direction.
When this procedure is carried out in a sequential manner along either direction, the
solution converges to a set of characteristic functions along with converging eigenval-
wes. The corresponding values of natural frequencies, w,,, are also obtained in the

process. The derivation procedure procedure is summarized below [13).



Vibration of a plate is associated with the minimuun of the integral, which

represents the total energy:

P*w 0w P \* wh (dw
I'= .// { Aw)” =21 =) ‘:(')E"’ o (()f(')r]) ] * /}) ((H) }‘I o
- >/\ sywds | M/,\l( 30 2
. M

where A = -g—:—z + 587;; is the Laplacian operator, I) is the plate flexural rigidity, /7 is
the modulus of clasticity, m is the mass per unit arca of the plate, 17 s the Poisson’s
ratio, w is the plate deflection, and € and 5 are the Cartesian coordinates. Al(s) is
the bending moment and V(s) is the shear force along the boundaries. The double
integral is over the area of the plate whereas the line integral is along the boundaries of
the plate, where s is along the boundary and n is a direction normal to the boundary.
The necessary condition for the minimum of the integral 1 is obtained hy considering
a small variation in the deflection w as w -+ ge. The first derivative of the resnlting

integral with respect to ¢ is then equated to zero, leading to [38]

pplt P*w o
//A (A2 )+—I£)—m-l—) edédy + / M (s ———(/s /V seds () 2.28)

For a rectangular plate is where and the boundaries are pamallel to the coordinate
axes, the moment and shear force distribution along the bonndaties (6 0,a) are

given by:

Y ’)’l
Mgy = {20 s ui-,-'.—’j}
alé=0,ua

A% ) %)
" 5 .y ,()r“)‘.;] (2.29)
&y qu, 0.4
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The moments and shear forces along the boundaries (n = 0,b) can be described by
similar expressions. For free harmonic vibration, the solution may be assumed in the
separable form:

wiz,y) = X ()Y (y)e™! (2.30)

where & = £f/a and y = /b.

An iterative procedure is implemented to rednce the partial differential equation of
the plate to an ordinary differential equation. The procedure is initiated by assuming
initialiy the deflection shape along one direction, such as y. The assumed deflection
function may be any function of y satislying at least the geometrical boundary con-
ditions along y. In the present analysis, beam characteristic functions are employed.
Substituting Y (y) into Equation (2.28), resulting differential equation in 2 direction

is given by:

ab Ul S P
--// XY 4902 X"V + ot XV -
0J

al.

wipp,h XY
D

ab/ (@' XY + va? X"YV§Xda

] Y6 Xdxdy

l
Z:/ (@' XV 4 (2 = et X"V]V6Xdz = 0 (2.31)
where ¢ = dw = YSX 4+ XOY. Since Y is assumed a priori, Y = 0. Hence,
¢ = 6w = YéX and ‘_,)% = 6w = Y6X. Further, () = 5; and () = Z)OTJ a =afb

is the plate aspect ratio where « and b are the side lengths of the plate along € and
y directions, respectively. After performing the integration, the ordinary differential

equation in the @ direction is obtained as:

Ny 2(!2[[3 _ 1 — y)((,'o + Gl)]‘,\’lr

Q“
MO ==+ Ho+ Hi—do = | X =0 (2.32)
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with A= [V 3y, B= Ly Vay = IV du Go {00Y), o
G] = %(Y}.’)u=l* Il() = l’(‘).’)"-)u:u. ”| S }\() ) )1/:|- ./n - l‘() ) )u Os -ll l\(\ ) ‘u [

L 2 4
and Q? = oo

Equation (2.32) can be expressed in the form:

X" 4 2/11\-11 AN L0 (2.33)

where :
/’ = ()’2[[} - (l - ,l)(('v” -+ (l’l )I

0?2
¥ = (Y“ (} - ;,T + II() "" Il] - .I() - .,|-J‘

Similarly by assuming a priori X () and substituting this in the partial dilferential
equation with §w = X&Y', 6w’ = X'8Y, it is possible to obtain an ovdinary diflerential

equation in the form:

}":' + zﬂay +- ’Y'Y =0 (2.81)

where

- l - = .
f = (72[” — (1 = w){Ci5 1 ()]

I
TR (SRS NS [ A A A

83

The quantities 8%, C=, G5, (5, Hg, 17, Jy and S} must be evalnated appropriately
along y, using equations similar to Fquation (2.32)  Asswmining, X Noo V', the

solution of Equation (2.33) results in the auxiliary equation
M 28M by =0 (2.35)
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The toots are piven hy:

. 1/2 .
Ny= 8% (8 —7) (2.36)

Frther, the solution of Equation (2.33) can be written as:

X)) = Cysinpyx + Cycos pyz + Cysinh pyr + C'y cosh ppx (2.37)
where ppand py are defined as:

, 1/2
pa =k [2p+ (5 =) "] (2.38)

Similarly in the y direction, the solution of Equation (2.34) can be expressed as:

Y(y) = Crsingyy + O cos quy + C; sinh gy + CF cosh quy (2.39)

where ¢ and ¢y are given as:

1/2

G2 = t[:{:ﬂ' + (ﬂ"2 - 7‘)]/2] (2.40)

The boundary conditions at a plate edge for different cases are:

Clamped:

N(z)= X'(z) =0 (2.41)
Simply supported:
X(2)=0
N"()+vra*BX(x) =0 (2.42)



Free:

XY tra? BN () =0
X&) + (2= )" BN (&) = 0 (2 13)

The different boundary conditions at the plate edges in v divection are:

Clamped:
Y(y) =Y () =0 (2. 11)
Simply-supported:
Y(y) =0
Y (y)+vBY(y) =0 (2.15)

Free:

(v2i.’(y) + B Y (y) =10

nzf}.(g/) + (2 - 1/)/3'}'"(]/) =1 (2.16)

[t is not possible to satisly the conditions at a [ree edge. Henee, in Fquations
(2.42) and (2.43), the work done by the moment and shear foree at the edge, say
a = 0, integrated along y direction is equated Lo zero. Similarly in Equations (2.45)
and (2.46), the work done by moment and shear forces at the edpe, say y 0,
integrated along « direction is equated to zero. Substituting cortesponding conditions
in the Equations (2.37) and (2.39), two [requency equations are obtained consisting
of infinite number of roots for the non-dimensional frequency patameters Q, . By
assuming the beam function, say Y(y), the first root in & direction is obtained, and
by using the function X (z) corresponding to this root, the first 1ot of the frequency
equation in y direction is found. The resulting functions in both & and 4 dinections

are plate characteristic functions. Successive iterations along alternate directions s
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carried out, until convergence for first root, to obtain the first natural frequency, ().
[sing similar procedure for first root in y direction and second root in 2 direction will
give natural frequency Qzpy. Continuing in this manner for all the roots will yield
frequencies Qg iy, Qanys- - o Q). When the same process is used with second root
in v direetion and first, second, ... roots in z direction will result in Q) (¢ = 1, 2,

..). Likewise, taking subsequent roots in y direction and first, second, ... roots in

direction will give all the roots Q,, (i=1,2,...,and j=1,2,...).

2.2.4 Caviiy Pressure and Noise Reduction

The cavity pressure can be evaluated upon combining the plate motion with
the fluid motion at z = 0. Substituting the Fourier transform of Equation (2.5) in
Eqguation (2.19), the cavity pressure can be obtained in terms of the plate motion
in the frequency domain. The resulting equation, along with the expression for the
plate motion from Equation (2.21), can be used in Equation (2.26) to obtain the

generalized cavity foree as:
P w2 o0 00 0O )
a -
p:"" - J Z Z Z H'ﬂ»‘ E Z q”L'Jm"LlJN‘ (2-47)
[ — 7=0k=0 m=1 n=1

where, Lyl ave the acoustic stiffness coupling coefficients which couple the plate

vibration modes with the acoustic modes of the cavity, and are given by:

a b
I/umn = / \/Jl\,u;l(way)¢’mll($ay)dm(1y (248)
o Jo

where X o(r, y) and ¢, (&, y) are the orthogonal cigenfunctions of the cavity and
the plate, respectively. Upon substituting for the generalized cavity force, 35, from
Fquation (2.47) in (2.23) the generalized coordinates, g, of the coupled plate-cavity

system can be expressed as:
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[A LR N AN

(Irnrx = Ilmn 1’5,,,1 - /)ll“’ ZL M II:_/k }_‘ S s umnluva (-}l())

Py h 1=0 )=0Ak=0 m=1 n:l

The plate motion and the acoustic field inside the cavity can be determined by solving,
the above coupled system of cquations for .. The products Ly, Ly, s represent
the acoustic stiffness coupling between the plate modes mn and rs through the thiid
motion in the cavity at z = 0. For a very shallow cavity, it has been established
that the cross acoustic terms (1 # m, s # n) are negligible when compared to the
direct terms (r = m, s = n) {3,4,11}. Using this deduction, Eqguation (2.19) may be

represented by the following un-coupled set of equations:

-

- 1)'"!71
Gmn = 1 2 e (.., «)“)
- aw O o™
[[[mn] + %TL_ =0 Z =0 A=0 Iluk I pmn
Equation (2.50) can he represented in the simplified form as:
Gnn = 'Inmpf,,m (251)

where J,., is the frequency response function of the conpled plate cavity systeny and

is given by:

1
2 ey (s 0] (5 ¢)
']mn, = wmn - Ld -+ )lCmuwmnw -+ ket Z Z Z Ilul I Uruu] (2 ?)
[ et J
Upon combining Equations (2.19), (2.23) and (2.50), the cavity pressie can be ex

pressed as:
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w00

pleyy, z,w) = /),,wzz Z Alz) + Z VabdH i (w)Xoor(2)
k=0

1=0 =0

z Z (irnnIJumn\/(-l-XIJO(m,y) (253)

m=1n=1

‘I'he sound transmission through the plate to a point inside the cavity can be de-
termined in terms of external and internal cavity sound pressures, expressed in dB

as:

NR = 20log [M“’—)—] (2.54)
Pz, y,z,w)

2.3 Numerical Results and Discussion

‘I'he equations of motion for the clamped panel-cavity system, presented in sec-
tion 2.2, are solved to determine its noise transmission characteristics. The model
parameters, considered in the simulation, are presented in Table 2.1. Noise transmis-
sion analysis of the panel-cavity system is carried out for clamped boundary conditions
using plate characteristic functions. The response characteristics are also evaluated
for simply supported conditions, where the terms L,;m», and p¢,, are computed using

the formulations presented in Appendix A. In the case of clamped plate, the terms

¢
mn

Liymn and pt are evaluated using numerical integration technique.

The response characteristics are evaluated for harmonic sound pressure exci-
tations, uniformly distributed over the plate area. The incident sound pressure is
assumed to be normal to the surface of the flexible panel, while the excitation fre-

. ~ . .
quency range is selected to cover first few natural frequencies of the cavity and the

structure. The damping was introduced as the modal damping in the plate and cav-
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ity modes. The damping ratios, corresponding to the plate and cavity modes, are

assumed to be identical in the 0.02 to 0.1 range.

Table 2.1: Material properties of the cavity-plate system

Parameter Notation | Numerical Value
modulus of clasticity | I 71 X 1077 N/m?
Poisson’s ratio v 0.3
density of the plate | p, 2700 kg/m®
density of air Pa .21 kg/m*
speed of sound c 344 m /s

The modal summation is performed to include 36 plate modes and large nmumber
of cavity modes (i = 7 = 7 and k = 10) to achieve adequate convergence. A relative

convergence criteria of 10~ was selected which was satisfied using 36 plate modes.

2.3.1 Natural Frequencies of the Plate and Cavity

Table 2.2 and Table 2.3 present the first 36 natural frequencies of the simply
supported and clamped-plates respectively. These results are presented for a square
platc (¢ = b = d = 0.5m). The natural frequencies of the simply supported plate
are computed from Equation (2.21) and (2.22), while those of the clamped plate are
obtained using the plate characteristic functions. An examination of the tabulated
results clearly reveals that natural frequencies of the clamped plate are considerably
larger than those of the simply supported plate. The natural frequencies of the cavity,

bounded by rigid walls, are listed in Table 2.4. ‘The table shows that the cavity
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Tabie 2.2: Natural frequencies of the simply supported plate

h 1
[II. = I) = 0.5”1, (lmn = L)Enl‘wmn]

Nim|n| Qun |wmn, rad/s| p =m0
1t 19.739 183.788 1.000
21 12 49.348 459.470 2.500
30 2|1 49.348 459.470 2.500
41 2] 2| 78957 735.152 4.000
51 1} 3] 98.696 918.940 5.000
61 3| 1| 98.696 918.940 5.000
71 21 3] 128.305 1194.621 6.500
81 3] 2|128.305 1194.621 6.500
91 1] 4]167.783 1562.197 8.500

10 4] 1] 167.783 1562.197 8.500

1L 3] 3/177.653 1654.091 9.000

121 2| 4]197.392 1837.879 10.000

131 4| 2] 197.392 1837.879 10.000

141 3| 4] 246.740 2297.349 12.500

15 4| 3| 246.740 2297.349 12.500

16 ] 1| 5] 256.610 2389.243 13.000

171 5 1] 256.610 2389.243 13.000

181 2 5] 286.219 2664.925 14.500

19 | 51 2] 286.219 2664.925 14.500

20 [ 4] 4] 315.827 2940.607 16.000

21| 3] 5] 335.567 3124.395 17.000

22 1 51 3] 335567 3124.395 17.000

23| 1| 6]365.175 3400.077 18.500

241 6 1] 365.175 3400.077 18.500

25 1 21 6| 394.784 3675.758 20.000

26 | 6] 2| 394.784 3675.758 20.000

27 | 4] 5] 404.654 3767.652 20.500

281 5t 4| 404654 3767.652 20.500

201 3|6 444.132 4135.228 22.500

300 613440132 4135.228 22.500

3L 515 |493.480 4594.698 25.000

321 416|5H13.219 4778.486 26.000

331 61 4[513.219 4778.486 26.000

341 516 |602.046 5605.532 30.500

35 615} 602.046 5605.532 30.500

36| 6]6]710.612 6616.365 36.000
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Table 2.3: Natural frequencies of the clamped plate

. PTL
[a = b = 05m, Q, = \/‘1‘,',1'~“,',,,,,|

NIm[n]| Qun | @an radls . __B"—_'-— Ef:{'l‘:l
t 1y 1} 35999 335,179 1.000
20 b 2] 734056 683.163 2.039
31 2| 1] 73.405 683.463 2.039
41 2] 2] 108.236 1007.763 3.007
51 1131131902 1228115 3,661
6 3| 1] 131.902 1228.115 3.66:1
71 2] 3| 165.023 1536.497 4,581
81 31 2] 165.023 1936.497 1,081
9 4| 1]210.526 1960.170 H.848

10 1| 4][210.526 1960.170 H.848
11} 31 31 220.059 2048.923 6.113
12 2| 4] 242,667 2259.426 6.741
131 4] 2| 242.667 2259.4206 6.7411
41 41 3| 296.366 2759.409 8.233

151 3 41 296.366 2759.409 8,288
161 1| 5] 309.038 2877.391 8.0H85
171 5| 1]309.038 2877391 8.H8H
181 2] 51 340.590 J17L.171 9.461
191 5 2| 340.590 3171.171 9.161

20| 4] 41371376 3457.808 10.316

3151 393.356 3662.459 10.927

hi 37 393.356 31662.459 10.927
23| 6| 1 ]427.357 3979.038 11.871

L[| 6]427.357 3979.048 11.871
25 2| 6] 458.531 4269.294 12.737
26| 6| 21458.531 4269.294 12.737
271 51 4] 467.291 4350.855H 12,981
28 | 4| 5| 467.29] 1350.855 12,981
201 6| 3|510.647 4754.536 14,185
300 3| 6]510.647 4754.537 14,185
311 5| 5562178 H2341.331 15.617
321 6] 4] 583.749) 435,169 16.216
331 41 6] 583.719 435176 16.216
341 6] 5] 677.745 6310.354 18.827
351 5| 6]677.745 6:310.355 18.827
36| 6] 6] 792.46] 1378.452 22.013
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Table 2.4: Natural frequencies of the rigid cavity

[@=b=4d = 05m]

N i|j|k|wgk, radfs|p =ﬁgﬂf
1]10{0]10 0.000 0.000
2{01110 2161.416 6.449
J11]010 2161.416 6.449
41070711 2161.416 6.149
111011 3056.703 9.120
611(1]0 3056.703 9.120
7101111 3056.703 9.120
811171 3743.682 11.169
9101210 4322.831 12.897
1012:010 4322.831 12.897
1H1oj0]2 1322.831 12.897
1270121 4833.073 14.419
13711210 4833.073 14.419
411{0]2 4833.073 14.419
15121011 4833.073 14.419
16121110 4833.073 14.419
1710112 4833.073 14.419
I8y 1]112 5294.366 15.796
1912111 5294.366 15.796
20111211 5294.366 15.796
2112014 2 6113.407 18.239
22121210 6113.407 18.239
23101212 6113.407 18.239
20101310 6484.247 19.346
20 2(1}2 6484.247 19.346
2611122 6484.247 19.346
221121211 6484.247 19.346
28131010 6484.247 19.346
201010 3 6484.247 19.346
30117013 6834.997 20.392
L1 11310 6834.997 20.392
3210131 6834.997 20.392
3131011 6834.997 20.392
Md13[11]0 6834.997 20.392
3510113 6834.997 20.392
36{1(113 7168.605 21.387
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resonances occur only at higher frequencies.  The corresponding plate and beam

characteristic functions, derived for clamped plate is presented in Appendix B.

2.3.2 Comparison of Noise Reduction Obtained using PCF
and BCF

The noise reduction (NR) through the flexible panel is computed using Fguation
(2.55). The results obtained using plate characteristic functions (PCF) are compared
with those obtained using beam characteristic functions (BCIEY), for different. damping
ratios. From Equations (2.51), (2.54) and (2.55), it is evident that the noise reduction
is dependent upon the generalized force, pf,,, acting on the panel. For uniform
pressure loading considered in this analysis, the generalized foree, pb o exists only
corresponding to the odd numbered plate modes, as evident in Equations (A7) and
(A.9). The noise reduction analysis thus need to be performed only for plate modes
with odd numbered half-waves. In obtaining the results using beam characteristic
functions, the plate natural frequencies were computed by Rayleigh Ritz method,
where the products of the heam functions were used as the assumed mode shapes

[15).

The analyses are carried out to evaluate the noise reduetion at wfa y/b
z[/d = 0.5. Figures 2.2 to 2.4 present a comparison of the noise reduction character
istics obtained using PCF and BCF, for different values of plate and cavity damping,
ratios (0.02, 0.05, 0.1). The noise reduction is presented as a function of the nor
malized frequencies, f = w/w;;, where the wyy represents the fundamental natural
frequency of the plate. The figures reveal a good agreement, hetween the results ol
tained using plate functions and beam functions. Fignre 2.2 illustrates sharp drop in
noise reduction corresponding to the plate modes (1,1), (1,3) and (3,1), (3,3), (1,5)
and (5,1), (3,5) and (5,3), and (5,5), and the cavity modes (0,0,1) and (0,0,2). A
comparison of the results obtained using BCI  and PCI® reveals a maximuim error of

2-3 dB at low value of plate and cavity damping ratios. ‘I he difference hetween the
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results tend to decrease when damping ratios are increased, as seen in Fignres 2.3
and 2.4. Since, it has been established that plate characteristic functions represent
the plate modes more accurately [13,14], the noise reduction estimated using PCIY
can thus be considered more accurate. Further, the computational time requirved to
estimate the NR using PCF is considerably smaller than thal required with the use
of BCF. The excessive compuitational time required by the BCEF is attributed to their
use in the Rayleigh-Ritz method to represent the plate modes. For example, il one
uses 36 terms in the summation in Rayleigh-Ritz method, then the computational

time using BCF is 36 times the computational time taken by the use of PCFE.

2.3.3 Effect of Various Structural and Geometrical Param-
eters

The influence of various structural and fluid parameters on the noise reduction
characteristics of the cavity-backed flexible panel is investigated using PCI to de

fine the plate modes. The strong influence of strnctural and cavity damping on the

35



noise reduction is evident, from Figures 2.2 to 2.4, The structural and cavity damp-
ing properties are imtrodnced as “modal damping”, with identical values of (., and
“h- Figure 2.5 further illustrates the influence of damping on the noise reduction
characteristies. At low excitation frequencies, an increase in damping tends to reduce
the response only ab the resonant frequencies of the coupled system. At higher exci-
tation frequencies (above 500 Hz), however, an increase in damping deteriorates the
NR characteristics, except near the system resonant frequencies associated with the

cavity mode.

The cavity pressure and thus the NR are strongly related to the location of
the point, of interest inside the cavity. The noise reduction analysis are performed to
compute the response at various locations inside the cavity. Figure 2.6 illustrates the
variation in NR in the (z,y) plane located at z/d = 0.5. While the response at low
frequencies does not vary with the location in the (z,y) plane, an increased NR closer
to the walls can be observed at higher excitation frequencies. Figure 2.7 illustrates
the variation in NR at different location along 2z axis. from the figure it is evident that
NR is maximum at the mid-location of the cavity (z/d = 0.5), and minimum near
the panel (z/d = 0.0). At an excitation frequency ncar the cavity mode, however, the

changes in NR along z-axis are observed to be insignificant.

The influence of physical size of the cavity on NR are further investigated and
presented in Figures 2.8 and 2.9, The effect of the depth of the cavity on noise
reduction computed at xfa = y/b = z/d = 0.5 is shown in Figure 2.8. The cavity
depth greatly influences the fundamental resonant frequency of the system, and an
increase in the cavity depth yields improved NR at lower excitation frequencies. The
fundamental natural frequency of the nominal plate-cavity system, considered in this
study (d/a = 1.0), is approximately 1.12wy;. The first natural frequency of the system
is 1.25 times the fundamental plate natural frequency, wy1, when the cavity depth is
ieduced by 50 percent. When the cavity depth was increased to d = 2.0a the first

natural frequency is found to be 1.03w;;. A shallow cavity tends to increase the
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system stifluess at lower frequencies and vields poor noise reduction (frequencies up

tow - N0wpy). A deeper cavity increases the noise reduction at lower frequencies.

The noise reduction computed at the mid-point of the cavity (¢/a = y/b =
-fd = 0.5). for dilferent sizes of the cavity, are presented in Figure 2.9. The NR
of the cavity panel system are presented as a function of excitation frequency in
Hz. ‘The fundamental natural frequency of the plate and the plate-cavity system
decreases as the plate size increases. The figure shows reduced vibration of the plate
and hence hetter noise reduction when the cavity size is increased. For cavity size
a b d = 2.0im the NRis found to be more or less constant at frequencies above
200 1. Even though the noise amplification in the case of large cavity is quite high at
very low freguencies, in the audio range of frequencies it gives better noise reduction

as compared to the noise reduction in smaller cavity.

Figure 2,10 illustrates the effect of plate thickness on the noise reduction com-

puted at mid point of the cavity. The NR characteristics are computed for three
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values of plate thickness, b = 0.0015m, 0.003m, 0.00622. The plate natural frequency
is directly proportional to the plate thickness and hence doubling of the plate thick-
ness doubles the natural frequency. The figure also shows that as the plate thickness
increases the ratio of first systein natural frequency to the corresponding fundamental
plate natural frequency decreases. The noise reduction is observed to be increased

with the plate thickness throughout the frequency range.

The generalized cavity and external forces are related to the mass density of the
plate, as described in Equation (2.25) and (2.26). The plate density thus influences
the noise reduction, and the NR can be related to a proportional function of 20log p,.
Doubling of the plate density is thus expected to yicld a 6 dB increase in the NR. The
corresponding reduction in the plate natural frequencies caused by an increase in the
density, however, tends to increase the transmitted noise. The overall influence of the
plate density on the NR response is illustrated in Figure 2.11. The increase in plate
density inereases the NR corresponding to higher plate modes and the cavity mode
frequencies. The increase in NR at the cavity mode frequency, specifically, is quite

significant. The NR can also be related to the air density in a similar manner. The
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NR is proportional function of —201log p,. Figure 2.12 illustrates the influence of i
density of the NR response computed at mid-location of the cavity. The fundamental
natural frequency of the coupled system approaches nearly 13wy, when the fluid
density is increased to 2.42kg/m>. The NR in the entire [requency range decreases

with an increase in the fluid density, as shown in Figure 2.12.

The influence of plate boundary conditions on NR of the plate cavity system is
turther investigated. IFigure 2.13 presents the NR response al the mid point ol the
cavity with simply supported and clamped plates plotted against excitation llequeney
in Hz. The figure shows that a clamped plate yields better noise reduction almaost
throughout the frequency range. The boundary condition affects the plate contiolled
system natural [requencies. The first system natural frequency with siimply supported
houndary condition is found to be 45 Hz, which is 1.5 times the fundamental plate
natural frequency with simply supported condition. A similar analysis on the cavity
with clamped plate shows that the first natural fregnency of the systemis 59 Hz which
is 1.1 times the fundamental plate natural frequency. The systemn natural friequency

controlled by cavity, however, does not, change with the plate boundary condition.
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2.4 Summary

An analytical modet of the cavity-panel system is developed using modal coupling,
analysis. Computer simulations are performed to evaluate the noise reduetion through
the cavity backed flexible plate. The response chatacteristicos, computed using, PCL,
are compared to those evaluated through BCY in Rayliegh Ritz method. A para
metric study is performed to establish the mfluence of various stractural and fluid
parameters on the NR characteristics. The analytical model developed in this section

is validated through laboratory experimentation in the following chapter.



Chapter 3

An Experimental study of the
Plate-Cavity System

3.1 Introduction

The sound transmission loss through a cavity backed flexible plate has been
evaluated using the modal coupling analysis. The results of the study, presented in
chapter 2, revealed that maximum transmission of sound occurs at the system natural
frequencies, and that the modal response of the system can be classified into two
modes: (i) cavity controlled modes; (it) panel controlled modes. A cavity controlled
mode is defined as one which has most of its energy stored in the cavity sound field,
while a panel controlled mode is defined as one which has most of its energy stored
due to pancl-vibration  The natural frequencies corresponding to cavity controlled
modes are close to natural frequencies ol the rigid cavity and the natural frequencies
corresponding Lo the plate controlled modes are close to the natural frequencies of the
plate. The first natural frequency of the coupled system considered in this study was
observed to be associated with the panel controlled mode. This natural frequency,

however, varied with changes in the cavity depth and the boundary conditions.

The above analytical findings and the model, however, need to be validated. the
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model validation can be realized through measurements of sound transmission loss in
a controlled acoustical chamber. The model refinements may then be petformed upon
comparison of measured response to the model response. A rectangular enclosure with
a clamped flexible plate forming one of its walls was fabricated and measurements
were performed to analyze the noise transmission loss  The experimental 1esulls
are compared to the analytical results to demonstrate the validity of the maodel and
the analytical techniques. In view of the lack of an acoustic chamber and ideal
clamping condition, the emphasis, however, is placed on a limited validation. The
limited validation involved the comparison of analytical and experimental results m

a qualitative manner.

3.2 Measurement of Sound Transmission Loss

The sound transmission loss may be measured using either sound pressure o
sound intensity levels. Sound intensity deseribes the magnitude and divection ol net
flow of acoustic energy at a given position. This is in contrast to the sound pressure
which is a scalar quantity. It can be shown that in a medium withont mnean flow, the
intensity vector equals the time averaged product of the instantancons pressure and

the corresponding instantancous particle velocity at the same position|40}:

= p(t) (1) (3.1)

where [ is the sound intensity vector, p(t) is the instantancous pressure, ai(f) is the
instantancous particle velocity and the ‘over bar’ chavacterizes the time average ol

the product. The intensity vector in a direction rcan be expressed as:

— e e

Io=p(t) - i, (1) (3.2)



where d(1) is the instantancons particle velocity in direction r. The primnary advan-
fage of the sound intensity is that it distinguishes between the active and reactive
components of a sound field, while the sound pressure measurement does not make
this distinction. A sonnd intensity measurement system responds only to the active

patt, of the sound field, while the reactive part of the sound field is rejected.

A plane wave propagating in a free field is an example of a purely active sound

ficld. It can be shown that the magnitude of the intensity in such a free field is given

by[40]:

[l = p?, ./ pc (3.3)

where peis the impedance of the medium and pp,,, is the root mean square (rms)
pressure. From the definitions of sound pressure level (SPL) and sound intensity
level (STL), it is evident that the SPL is numerically equal to ST/ in a pure free

field,

In a purely reactive sound field the sound intensity is zero, which means that
there is no net flow of sound energy. An ideal standing wave is an example of pure
reactive lield. In a standing wave, there exists a 90° phase difference between the
particle velocity, v, and the pressure, p. The pressure has its maximum values at the
valls where the particle velocity is zero. Another example of a purely reactive sound
field is a diffused field, where, by definition, the energy flow at a given position is
identical in all directions. The net flow of sound energy at any point and thus the

sound intensity is zero.

In a general sound field, however, STJ. is neither equal to SPL nor equal to
zero. The STL and S P 1L are velated through the local sound pressure-intensity index,

defined as:
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Opyp = Lp 1‘|/l (3.0

where dp; is referred to as the local sound-pressure intensity index, /s the sonnd

pressure level and Ly is the magnitude of the sound intensity level at the point.

3.3 Experimental Apparatus and Measurement
Procedures

The panel-cavity system used ‘n the experiment was a rectangular wooden box
with five rigid walls and one flexible panel on one side. The box was fabticated by
glueing together 5 pieces of 31.5mimn thick wood fibre hoard panels. The thichness of
31.5mm was obtained by glucing panels of 19mm and 12500 together. The depth of
the cavity could be changed from zero to 1.0m by sliding the hackwall of the enclosme.
Weather strips were used to prevent possible leakage of sound enerpgy through the
edges of the backwall. A 1.5nmmn thick alumininm sheet was used as the flexible plae
on one side of the box. The plate was first clamped between two F9nim 25 dmm
metallic strips using 10 screws on cach side. The panel assembly was glued onto the
box, around the edges, using a bonding cement to achieve the boundary conditions
close to the clamped condition. The coordinates and the internal dimensions of the

enclosurc are illustrated in Figure 3.1.

An external sound field was generated using a speaker located m front of the
horizontally placed test enclosure, with the flexible wall facing the speaker. Both
speaker and test box were placed in the laboratory with a horizontal separation of T,
The entire experimental apparatus was placed in a common laboratory environment.
where the background noise level was measnred in the 56 58413 range. 'Fhe speaker

was driven by the signal generator built in to the B & K 2035 signal analyzer, which
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was amplified using an external amplifier. Tests were performed using “white noise’
excitation in the {requency vange of 30-1000H 2 and pure tones at different diserete
frequencies ranging, from 151z to 1001z The amplilier gain was held constant duving
all measurements in order to mamtain a constant level of incident sound pressure

Figure 3.2 illustrates the schematic of sound generation system.

The external sound and the transmitted sound levels were measured using a
sound intensity probe comprising of two microphones (3 & K type TS with Sthom
spacer) placed 50mne apart. In order to measure the internal cavity sound pressure
and intensity levels, intensity probe was attached to the end of a slender abimminium
rod, which was inserted into the cavity through small holes drilled on the back
wall. The movable backwall was designed with a total of 9 holes Lo acquire the
measurcments at different locations within the cavity. The holes, not in use, dur
ing a measurement, however, were blocked. Both intensity and pressure levels were
measured at various points. The measnrements were performed over a3 <3 grid at

z/d =0.25,0.5,0.75 inside the hox.

3.4 Results and Discussion

3.4.1 Natural Frequency of the Plate

Vibration tests were performed Lo determine the fundamental natural frequencey
of the flexible plate and to verify the validity of the clamped boundary conditions.
An accelerometer, weighing 0.00125kg, was attached to the plate, and the plate was
excited with an impact force using a hammer. The inpnt foree and vesponse accelen
ation signals were analyzed to yield the frequency response function of the vibrating
plate using the B & K dual channel signal analyzer  ‘The measwed frequency e
sponse function (not shown), when the plate was clamped nsing 6 screws on each

side, showed that the fundamental natural ficquency of the plate was 30 Hzo This
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Figure 3.3: Measured frequency response function of the flexible plate

frequency is very close to the theoretical fundamental natural frequency of the plate
with simply supported boundary condition (29.25 Hz) and very far from the theo-
retical natural frequency of a clamped plate ( 53.35 Hz). Figure 3.3 illustrates the
frequency response function of the plate, when the number screws used for clamping
the plate was increased to 10 on each side. From the frequency response function it
is clear that the measured fundamental natural frequency of the plate is 35Hz. The
measured natural frequency is still considerably lower than the theoretical one for
the clamped boundary condition. This discrepancy in natural frequencies can be at-
tributed to the inability to achieve the clamped boundary conditions. The boundary
conditions of the experimental plate may be characterized by a flexible end condition
with rotational motion. The analytical model of noise reduction thus needs to be

modified by assuming a flexible boundary condition.



3.4.2 Measurement and Analysis of Noise Transimission Loss
The sound pressure sensors and the intensity probe need to he cahibrated prio

to the measurements. The calibration procedure is deseribed in Appendix O

The horizontal distance between the sound source and the plate was selected
to achieve nearly uniform external sound pressure at the plate surlace. The speakes
was driven to generate white noise sound pressure 1 should he noted that all the
measured data arce average of 5 measurcements. The sound levels and intensity Tevels
were measured at the suiface of the flexible wall of the enclosure and compared with
those measured at the same location with the enclosure removed  The data was
analyzed to verify assumption of spatially uniform pressure distribution Fipures 3.1
and 3.5 illustrate the SPL, measured at dilferent locations near the wall with and
without the flexible plate, respectively. The figures clearly demonstrate near uniform
incident pressure distribution.  The contour plots of corresponding SH. measured
al the wall surface with and without the plate are illustrated in Figares 3.6 and
3.7, respectively. A comparison of Figures 3.1 and 3.5 reveals that the existence
of plate in the way of sound wave does not affect the incident sound pressure level
distribution. The sound tntensity level, however, reduces when plate is present. i
the path of sound, as shown in Figures 3.6 and 3.7, This dillerence is atiributed 1o
the directional property of the sound intensity, where the reflected sound waves act

against the incident waves leading to lower intensity.

The sound pressure and intensity spectra of the incident white noise, measured
al the center of the plate with and without the plate cavity system are depicted an
Figures 3.8 to 3.9, respectively. The spectra of the measnred pressare and intensity
levels, measured without the plate are observed to he reasonably close to ‘whnte nojse?
The presence of the plate, however, changes the spectiumm as seen i Fignre 3.5 andl

3.9. The spectrum obtained without the plate is considered as the tie incident

pressure for evoluating the noise reduction characteristics.
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A comparison of Figures 3.5 and 3.6 illustrates a 2dB difference between the
pressure and intensity levels at each location of the flexible plate. when the plate
with the box has been removed from that place. This difference may be explained
by considering the theory of sound intensity, as described carlier in section 3.2. The
local pressure-intensity index, épy, the difference between the sound pressure level
and the magnitude of the intensity level, is zero in a free field (Lp = Ljy) and equal
to Lp (L = 0) in a reactive field. In a reflected sound field, however, §p; can
asstme any value and be even negative (L > Lp). The negative 6p; value could
be caused by either system errors or the presence of standing waves in the sound
field. The standing wave pattern formed indoors or between parallel surfaces, may
lead to local pressure-intensity index of any value between plus or minus half of the
standing wave ratio expressed in decibels and system errors may or may mot be
associated with the measurements[40]. Guy and Li[41] have discussed the possible
causes of negative values of dpy in a standing wave pattern. The pressure and intensity
levels imeasured at different points within the laboratory room along the z direction
revealed the existence of a standing wave pattern in the room where the experiments
were conducted. A difference between the measured pressure and intensity levels is

thus expected, depending upon the coordinates where measurement is performed.

The sound pressire and intensity levels at different points just outside the back-
wall of the enclosure are depicted in Figure 3.10 and 3.11, respectively. The pressure
level contour plot shows that the pressure levels at this location are nearly 3-4 dB less
than the incident pressure levels, indicating the possibility of leakage of sound through
the edges of the backwall. The negative values of the sound intensity levels shown in
Figure 3.1 1 indicate that sound field near backwall is caused by the reflections from
the room walls. Sound pressure and intensity levels were also measured outside the
side walls to ensure the rigidity of the wooden walls. The measured intensity levels
in diferent directions showed that the sound transmission through the wooden walls

was very small, henee ensuring, the rigidity of the walls.

a6



2B ] a0 a1 an Qi

9y an 91 an Q.

91 ai m(\ —ﬁ an a1

90 2 § Q1 a1 q2

g2 qn Qi qQa qp

Figure 3.10: Contour map of the sound pressure measnred ontside the hachwall
(weighing: linear, fiequency range: 30-10001] z)

72N 13N HAnN 249

69N ;A& \ \\\ 21248 /,@

70N 2N ) RAH I§V114|

58N .>\ A2H Qfﬁ A 22
/ — R K
/ \\\ - \J/

70N XNt B fS T

Figure 3.11: Contour map of the sound intensity at the measmed ontside the backwall
(weighing: linear, frequency vange: 30 100011z, i spacers 50 oy Nodesipnates
negative values)



The sound pressure and intensity levels were measured within the cavity at
different, locations along the z-axis (x/a = y/b = 0.3) using the intensity probe
attached to a slender rod. The measured data was analyzed and presented in Figures
31210 307, Figares 312, to 3.4 present the spectra of measured SPL at @/a =
g/b 0.5z d - 0.25,0.5,0.75 and Figures 3.15 to 3.17 illustrate the SIL at x/a =
g/b 0.5 z/d =0.25,0.5,0.75. The peaks in the frequency spectra correspond to the
system resonances. Small variations (dips and peaks) in the spectra of the pressure
and intensity levels inside the cavity are not considered as the resonances, Since these

variations may bhe caused by the fluctuations in the incident pressure itself.

The noise reduction through the plate is obtained cither by subtracting the in-
ternal pressare from the external pressure or by subtracting internal intensity from
the external intensity.  Noise reduction computed from measurement of pressure
and intensity levels at different locations inside the cavity are presented in Figures
318 and 3.19. The response characteristics in these figures are plotted against non-
dimensionalyzed frequency, A = w/wyy, where wyy is the measured fundamental plate
natural frequency. The noise reduction were computed for measurements performed
al 2/d = 0.5 and 0.75, v /a = y/b = 0.5. In obtaining the noise reduction the pressure
and intensity levels at the exterior mid point of the panel was taken as the external
pressures and intensity levels. 1t is observed that the NR measured using both meth-
ods exhibit the same trend throughout the frequency range. The NR measured using
the intensity method is found to be slightly larger than that obtained using pressure
method. These differences may be attributed to the different pressure and intensity

levels measured by the probe, as illustrated in Figures 3.4, 3.6, 3.14 and 3.15.

Stnee it was not possible to attain the clamped boundary condition for the plate,
& direet correlation between the theoretical and experimental results can not expected.
I'he experimental values of VR, however, are compared to the analytical values in an

attempt to verify the general pattern and limited validation in a qualitative manner.
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Figure 3.18: Measured NR at /e =y/b = 0.5, z/d = 0.5
( pressure method, - - - intensity method)

The measured NI2 characteristics are compared to those computed for simply sup-
porled and clamped boundary conditions as shown Figure 3.20 and 3.21. Figure 3.20
shows the computed and measured response characteristics, at the mid-point plotted
against excitation frequency, where the frequency is in Hz. The N R characteristics of
the plate with simply supported and clamped boundary conditions, in general, do not
correlate well the measured data. The poor correlation between the analytical and
experimental results may be attributed to many factors. The primary factor that ef-
fects the VI values is the inability to realize exact boundary conditions as discussed
carlier. While analytical and experimental results show similar general trend, the
experimental noise reduction characteristics reveal large number of peaks. This may
be attributed to excitation of higher plate modes due to spatial non-uniformity of the
incident pressure. It should be noted that the theoretical values were obtained for
uniform harmonic pressure excitations, which excites only odd numbered plate modes.
Farther the assumed numerical values of damping of the plate and cavity may also

contribute to the poor correlation between analytical and experimental results.

The noise reduction characteristics were also measured at the centre of the
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cavity under sinusoidal excitations at. various discrete frequencies in the 45-400 Hz
range. 'The NI values computed from the experimental data are compared to those
obtained from the analytical model as shown in Figure 3.21. The comparison reveals
a reasonable correlation between the measured and computed values for clamped
boundary condition near the fundamental resonant frequency, and similar general
trends. The magnitude of the measured NR, specifically at high frequencies, however,

arc considerably lower than the computed values for both boundary conditions.

Fignres 3.20 and 3.21, reveal that the first resonance of the coupled system is
comparable to the theoretically estimated value. The measured value of first resonant,
frequency of the coupled system is 55 Iz, which is very close to 59 1z, computed for
clamped boundary condition. The magnitude of measured noise reduction near this
frequency is also quite close to the theoretical value of -14 dB. The negative sign shows
that there is an amplification of sound at the mid point of the box at the fundamental
resonance. The comparison of analytical and experimental values of NR also exhibits
a reasonable correlation near the cavity mode. The measured data exhibits the cavity
controlled mode near 675 Hz, which compares to the computed value for clamped as
well as simply supported boundary conditions. The magnitudes of noise reduction,

however, do not correlate with the theoretical values at these modes.

The NR characteristics ave also measured for diflerent depths of the cavity.
The NR values, measured at z/d = 0.5 are presented lor two diflerent cavity depths
in Fignre 3.22. A comparison of Figure 3.22 to the corresponding analytical result,
presented in Figure 2.8 reveals similar general trends. The first natural frequency of
the system is found to have deercased as observed from the leftward shift of the ‘dip’.
The NI is more for a deeper cavity almost at all frequencies as seen from both Figures
2.8 and 3.22. Both analytical and experimental results, however, showed poor uoise
reduction for deeper cavity in the 400-500 Hz frequency range. Figures 3.23 and 3.24
illustrate the variation in NR values when the measurements are performed at various

locations along the z-axis for white noise and sinusoidal excitations, respectively. A
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similar general trend is observed between the experimental 1esult in Figures 3.23
and 3.24 and the corresponding analytical result, presented in Figures 2.7 Thete s
a significant change in the noise reduction with variations in measmement location
along the z-axis, as seen in Figures 2.7 and 3.240 The changes in NR can be observed

near the cavity modes (eg. at ;3 = 1.2 in Figure 3.21),

3.5 Summary

The sound transmission loss through a cavily backed plate was evaluated using
modal coupling analysis in chapter 2. In order to validate the theoretical results o
tained experiments were conducted on a rectangular box with a llexible plate forming,
one of the walls. The experimental NR data was compared to the analytical results
obtained for clamped and simply supported boundary conditions to validate the an
alytical models, and to experimental investigate the influence of cavity dimension
on the NR. The comparison revealed a reasonable agreement near the fundamental
system frequency. Although the analytical and experimental data vevealed a similar
general trend in the entire {requency, a quantitative validation could not he realized

due to poor boundary condition and lack of controlled acoustiec chamber.



Chapter 4

Active Control of Noise
Transmission through a Cavity
Backed Plate

4.1 Introduction

Inherent limitations of passive methods of noise reduction, the desire to achieve
improved control of noise, and developments in sensor and control technologies, have
all culminated in studies on active control of transmitted noise. While active vibration
control systems have been extensively investigated and implemented, the active noise
control has been the subject of relatively limited studies. The mechanism of active
control of noise transmission has been studied in the recent years due to an intense
interest to reduce the internal noise levels in airerafts and moving vehicles. Although
active noise control in duects has met with considerable success, its application to
t hree-dimensional sound fields have been limited due to associated computational

and design difliculties.

I'he effectiveness of active noise and vibration control system, in majority of the

studies, have been investigated using simplified lumped-parameter models. The mo-
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tion of flexible (and henee distributed) structures is deseribed by vartables depending
not only upon time but also upon space. he motion is thus governed by the partial
differential equations to be satistied inside a given domain that defines structures and
the boundary conditions. Majority of the active noise and vibration control concepts,
developed for lumped parameter models, thus cannot be applied to such distributed
parameter systems. Alternatively, modal control technigues that control the response
characteristics of a structure by controlling its modes; may be applied. 'The active
control concepts developed for lumped parameter systems can then he applied to the
distributed-parameter systems, since both types of systems can be casily deseribed

in terms of their modal response and coordinates.

While the location and number of active control forces to be applied to lnmped
parameter system are not of great concern, the location and number of control forces
appliced to a distributed -parameter system affect the performance considerably. 1'm
ther, the nnmber of active force generators in a distributed parameter system must,
be limited in order to reduce the cost and weight of the active control system. Modal
control by point control forces can control only limited number of modes. 1t has heen
showed by Meirovitch et al.[35] that the number of modes controlled is equal to the

number of point forces used.

[n the present chapter, actively controlled point forees are generated to reduce
the noise transmission through a cavity-backed plate. The active control forces e
generated using the state feedback and a proportional contiol law with certain phase
angle. The noise reduction characteristics are evaluated nsing the modal contiol con
cept in conjunction with the modal coupling analysis technique. "Fhe noise rednction
characteristics are compared 1o those of the passive cavity plate system, and the e
sults are discussed to enhance an understanding of the modal control concept m noise

transmission.
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4.2 Mathematical Model

The active noise reduction of panel-cavity system is investigated using point
forces that are applied directly 1o the flexible plate. The point forces are generated
actively using proportional control laws. An analytical model of the panel-cavity
systemn with active point, forces is formulated by incorporating the proportional force

generators 1o the model presented in chapter 2.

Consider the cavity backed flexible plate model described previously in section
2.2.2. 'The plate is subjected to actively controlled point forces at selected locations,
Joq acting at (epoy,), p = 12,0000 and ¢ = 1,2,...,n. The governing differential

equation of motion of the plate can be expressed in the frequency domain as:

DA*w + iwCw ~ pyhwtw =

PGes g, w) = pr(a, g, 0,w) + fpgb(x — 25)8(y — yy) (4.1)

The point nature of the active f,, is characterized by Dirac delta functions, 8(x ~ z,)
and d(y —y,). The control force is generated using state feedback in conjunction with
proportional control laws. A phase angle between the control force and the state
variable is introduced to account for delays due to signal processing and generator

dynamices|45)

qu = llﬁ«l'('ld)d + [‘1116“’)" + j"'aeld&u (42)

where Iy 1 and Fy are the components of the control force generaterd corresponding

to displacement,, velocity and acceleration feedback, respectively, such that
1"({ = 1\({10(.1‘},,5/,,)
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Fo = Woww(a,.ou,)

Iy = Kootw(e, ) (Ld)

where w(a,. y,) is the Fourier transform of plate deflection at (1), 0 éoand o,
are the phase difference between the components of control force and the cortespond
ing state variable. The plate deflection w can be expressed in terms of normalized

slate modes as in Equation {2.21):
]

w = Z Z qmn '/ mn( ,!/) (ll)

m=1n=I

Using Equations (4.3) and (4.4) the control foree [, can be wrillen as:
g Jpq

oy [N

j‘qu — ([\»‘ictlf’:l + wl\»“(‘l!f’u _l_ w2 ,\'u(‘l'f'u) Z 2: ‘Il'“'(w)‘/"”“(".l"y’l) (l ,r))

m=1n =1

The internal cavity and external pressure can he expressed in teris of the plate

normal modes in the following manner:

| a b :
Pon(w) = ﬁ/() /0p'(.r,,l/,w):/’,,,“(.r,y):/.r(l_u (1.6)
plt JO .
a0 = o [ [ 0 e, 0,0h i,y (1.7)
Pplt

Substitution of the pressures from Equations (4.6) and (4 7) and plate dellection, w,

in Equation (4.1) and the use of properties of normal modes yields,

" b
[[q[,:lnn} - pi:—';;.[) A "'/)u“(s('l o 'I:I')(S(-I/ - -'/'l)’/‘":’l-'/ [l"mn I)’mn((,’ ")J (48)
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wheve 11, p,, and g are defined in Equations (2.24), (2.25) and (2.26) respec-
Lively. Using the properties of Dirac delta functions, Equation (4.8) can be written

as:

[ hrnn [p:/
1l ™ okt

'/)7“‘( “P’ I/’I) = [pfnn - prcnn(q-rs)] (49)

Fenation (4.9) can be written in a matrix form, by substituting for f,, from Equation

(4.5) as:

H//,,m] L l] {tmn} = {Phn = Phn(9rs)} (4.10)

where,

[17] = [(I\"”)“ﬁd +wk et + w2k, ete)

Pl ] Vo2, Y )brs (25, o)
P

and pris given by Equation (2.47) as:

[ ¢ I C RS o]

[nm = p”w ZZ Z [Il]k Z Z([rs[/tjmn 1yrs (‘1].1)

/)l’h 1=0 )=0 k=0 m=1 n=1

The plate motion and the acoustic field inside the cavity with the control forces
can be determined by solving the above coupled system of equations for Gmn- Equation
(1.10) is a coupled system of equations and the solution for ¢, is hard to obtain. The
simplifying assumptions made in chapter 2, however, will help in solving for ¢,. It
was assumed that for a very shallow cavity the cross acoustic terms (r # m, s # n) are
negligible when compared to the direct terms (r = m, s = n). Using this deduction,

Iiquation (1.10) may be represented by the following uncoupled set of equations:



{‘]mu} = [']mnl{]’:”u} ({l‘_ﬂ

where J,,, is frequency response function of the svstem along, with the contiol forees

and is given by:

1
S WRRL SIS N

1 -1 ) FYTVE L ,
[J'””] = [[I_’—_] o [l"]] f {———_ L >_4 L ”'I’\ l‘:mm ( I“‘)

pplt =0 =0 k=0

The cavity pressure can be evaluated using Fquation (2.53) given by:

ey, z,w) = p,,w‘lzz[f(:)-u-Z\/&,17/11‘,k(w),\'(,‘,k(—.)

=0 )=0 k=0
[ ¢) o -
Z L(/nm ,/unm\/;ll\,uﬂ(-"a.'/) (ll l)
m=1n=l1

The application of control force changes the frequency respouse function of
the coupled plate-cavity system. The new frequency response function is given by
Equation (4.13. The effect of control forces is an addition term [F] in the expression
for frequency response function. It can be noted that [J,..] is a men x mn watnix
and is invertible. Equation (4.14) is nsed to evaluate the cavity inside pressure. NR

with the control forces can be found using Equation (2.54).

4.3 Results and Discussion

The control scheme and control forces, described by Fquation (4.3), arve formm
lated hased on the rationde that the low frequeney noise can be rednced by redacang
the structural modes of vibration. In this section, the theory presented i the pre

vious section has been illustrated using some numeneal examples The panel cavity
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system, described in chapter 2, incorporating control forces, is analyzed to evaluate
the noise reduction characteristics. Numerical results are presented for both simply
supported and elamped houndary conditions. Once again, for a clamped plate, plate
characteristic functions have been used to represent the plate modes, the external

sound pressure loading is assumed to be uniform all over the plate.

For convenience, the numerical evaluation have been performed in terms of
non dimensional quantities. The non-dimensional position, velocity and acceleration

feedback gains are expressed as:

K= ie
47 pohw?ab
K,
Koo=
pphwt ab
Kow*
K= —22 (4.15)
pphwi ab

Figures 1.1 to 4.6 show the effect of active control force on the noise reduction

as a function of the driving frequency (4 = %), with one control force located at the
centre of the plate. In all these cases the enntrol force is applied at a phase difference
of m with respect to the external disturbance force. The effects of position feedback
on the noise reduction of cavity-plate system with clamped and simply-supported
plate boundary conditions are illustrated in Figures 4.1 and 4.2, respectively. Control
force with position feedback mostly affects the stiffness properties of the plate and
thus tends to inerease the resonant frequencies associated with the plate controlled
modes. The control force developed using position feedback tends to increase the
noise reduction only at extremely low frequencies and only slightly near the system
natural frequencies. With clamped plate boundary condition, the stiffness of the
plate increases approximately 3 times the stiffness without the control forces, when

the position control gain is 0.8 The increase in the noise reduction due to control

foree with position feedback, however, is not significant.
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Figure 4.2: Effect of position feedback control on NR simply suppotted plate
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Figure 4.3: Effect of velocity feedback control on NR-clamped plate
(ho - w,  control gain=0.0, - - - K2 =0.05, .... K; =0.1, -.-- K} =0.2)
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Figure L4 Efect of velocity feedback control on NR-simply supported plate
(¢ =m,  control gain=0.0, - - - K =0.05, ... K} =0.1,--- K =0.2)
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Figure 4.5: Effect of acceleration feedback control on NR clamped plate
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The effect, of one control foree applied at the centre of wie plate using velocity
feedback and a phase difference of 7 is illnstrated m Figures 4.3 and 4.4. The NR
values are computed for clamped as well as simply supported boundary condition.
T'he contiol foree proportional to the velocity response of the plate mostly affects the
plate damping, G The total damping ratio of the plate can be computed by adding

Lhe passive and active components:

Wy

G = G + :2‘:)—"‘[I\’,’:l/)mn(.l'p,'!/,‘,)l/)”(.rp, ?/q)] (1116)

Figures 1.3 and 1.4 show that the control force developed with velocity feedback
suppresses the plate controlled modes due to increased damping and thus yields in-
creased noise reduction at the system resonant frequencies. A comparison of Figures
1.1 to 4.4 shiows that Lthe application of a control force developed using the velocity
feedback yields significant increase in noise reduction than the force developed using

the position feedback.

The effect of acceleration feedback is more or less same as that of position
feedback, as shown in Figures 4.5 and 4.6. The acceleration feedback force changes
the inertia foree of the system. The control force thus developed opposes the inertia
force due to the phase difference of 7 incorporated in the control law. The system
natural frequencies corresponding to the plate controlled modes thus increase with
an increase in the aceeleratinn gain. The noise reduction tends to increase only near
the (3,3) plate-controlled mode frequencies, irrespective of the gain and the boundary

conditions.

In order to find out the effect of control force phase on the performance, simula-
tions have been carried out for different. phase angle between the control force and the
external pressure loading. While the Figure 4.7 shows the effect of position feedback
at different phase angles, Figure 1.8 shows the effect of velocity feedback at different

phase angles. Tn Figure 4.7, control forces applied with phase angles other than r is

T
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observed to have affected the noise reduction signilicantly. At very low frequencies
(near the first mode) there is significant improvement in noise reduction At frequen
cies near the system modes corresponding, to the (3.3, (1.5), and (3.5) plate modes,
however, the noise reduction is observed to have deferiorated. When the cont rol force
with position feedback is applied at a phase other than x, the damping ol the system
also changes and hence the noise transmitted is lesser. This is equivalent to applying
the control forze with velocity feedback along with position feedback. Control foree
applied at a phase of /4 is observed to have the most significant cffect inimproving,

the noise reduction.

The effect of velocity feedback control foree at different. phase angles is more o

less same. in the sense that, the phase angle changes the damping properties of the
, , 8 ping, proj

systemn. When the control force is applicd at 7/2 phase, the elfect is same as that of

position feedback force of the same magnitude, as scen jrom Iignre 4.8, The noise

reduction is found to have deteriorated throngh out the frequency range "Fhe best

result is obtained with the control force applied at a phase angle of Hir /6

When two or more control gains are used together, there is signilicant improve
ment in the noise reduction as seen in Iigures 4.9 to 4.10. Noise 1eduction with the
position and velocity feedback together applied to the actuator is shown in IFigme 4.9
for different values of control gains. The effect is same as using position feedbadk and
applying it at different phase angles which was discussed carlier. There is significant,
improvement in noise reduction at frequencies near the first mode and 1easonable
improvements at other modes. At frequencies away from any maodes, however, the
noise reduction is found to have slightly deteriorated. Control foree penerated us
ing acceleration feedback along with position and velocity fecedbacks (Figme 4.10)
improves the noise .eduction at frequencies near the system natural frequencies and
deteriorates at frequencies away from the natural frequencies. AL frequencies in Lhe:
range 500 - 850 Hz, however, the noise reduction is found to have decreased. Bolh

negative acceleration and positive acceleration reedback have the same effedt) accept,

()
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Figure 4.9: Effect of control force with position and velocity feedback on NR
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Figure 4.10: Effect of control force with position, velocity and acceleration feedback
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Figure 4.11: Effect of position feedback control force on NR, located at wfa y/b
0.25
(¢a = m, -— control gain=0.0, - - K;=0.1, ... N;=0.1, .. KN} 0OT)

that the shifting of the peak near the first nataral frequency is opposite in direction

Theoretical analysis has been performed to find out the effect of control foree
location and number of control forces. First plate mode is the most dominant in
transmitting the sound through the plate. In order to eliminate the first plate mode,
the actuator should be located at the center of the plate. Meiroviteh o al.[35, 39)
have shown that for independent modal space control, the number of control forces
is equal to the number of modes to be controlled. It is quite obvious that the control
forces will be most efficient in reducing the noise transmitted when they are located

at the antinodes.

Noise reduction evaluated with the actuator placed at £ = 0.25 7 0.25 is
shown in Figures 4.11 to 4.13. These respectively show the noise rednetion with,
position, velocity, and acceleration feedback control forces. These are less efficient,
in reducing the first mode, but suppress higher modes. The contiol foree generated

using position feedback does not really improve the the noise reduction, when placed
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Figure 4.12: Fffeet of velocity feedback control force on NR, located at a/a = y/b =
.25
(o == 7, controf gain=0.0, - - - K =0.1, ... K7 =02, -.-- K =04)

v

al = = 0.25; L = 0.25, as scen from Figure 4.11. When the actuator is placed at points
other than the center of the plate, it is found have excited some even numbered modes

of the plate, which is clear from the sudden rise in the noise reduction plots.

Figure 4.12 shows the effect of control force with velocity feedback, when the
actuator is placed at T = 0.25; ¥ = 0.25. The figure shows some improvement in the
noise reduction in frequency range 100-400 Hz. A number of peaks in the noise reduc-
tion plot can be seen in Figure 4.J2 in this frequency range, which are attributed to
the excitation of more plate modes than the plate without control force. The inability
of the off-centered control force to suppress the first mode can also be observed in
Figure 112, Control force generated using acceleration feedback, when the actuator

is placed at = = 0.25 % = 0.25 is illustrated in Figure 4.13. Acceleration feedback

b
also, is found to have improved the noise reduction in the frequency range 100 - 400
Hz, as scen from the figure. At frequencies higher than 400 Hz, however, the noise

reduction is found to have deteriorated.
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Figure 4.13: Effect of acceleration feedback control foree on NR, located at w/a
y/b=0.25
(¢po = m, -- control gain=0.0, - - - K7 =01, ... K] - 0.2, - K; 0.1)

[§3 (13

The eflect of multiple control forces on noise reduction is investigated. Two
control forces located at the antinodes of the plate should he able to control at least
two plate modes. [Figures 4.14 to 4.16 illustrate the naise reduction evaluated for the
same plate cavity system with two control forces located at = = 0.5; % ~ (0.5 and !
0.25; ¥ = 0.25. The control forces are generated using position and veloeity feedback
with different control gains. The sccond control force exeites more plate modes which
can observed in all the three figures. ‘The control force applied at the center of
the plate suppresses the first system mode and the second control foree nnproves
the noise reduction at higher frequencies. Onee again, control force generated using
velocity feedback (Figurc 4.15) gives better result as compared to the noise reduction
obtained using position feedback (l"igl.n‘c 4.14). Fignre 4.16 shows the noise reduction
evaluated with two control forces generated using hoth velocity and pesition feedback.
The noise reduction is observed to have improved fither by the use of contiol foree

with position and velocity feedback.
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Fignre 4.14: Effect of two control forces on NR- position feedback
control gain=0.0, - - - K3 = 0.1; K7, = 0.05, ... K7, =02; K}, = 0.1, -.-.-
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Figure 4.15: Effect of two control forces on NR- velocity feedback
( control gain=0.0, - - - K} = 0.05; K, = 0.05, .... K, =0.1; K}, =0.1, -.-.-
Ky =0.15; K3, = 0.15)
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Figure 4.16: Effect of two control forces on NR- position and velocity feedback
(— control gain=0.0, - - - K3 = 0.1; K}, = 0.05; N;, = 0.05 K,  0.05,
K} =02, K;, =0.1; K, =0.1; K}, =0.1,-.-- K, =04; K3, --0.1; K, 0.1
K, =0.1)

4.4 Summary

Active control of sound transmission through a flexible panel into a rectangular
cavity, based upon point control forces applied to the panel, is analytically studied.
The response characteristics of the coupled pancl-cavity system with multiple point
control forces applied to the panel are analyzed using the modal coupling analysis
technique. The active control forces are pencrated using the state feedback and o
proportional control with certain phase angle. The noise transmission characteristics
of the panel-cavity system with active control forces generated using position, velod
ity and acceleration feedback are evaluated for uniform sound pressure distribution.
The result obtained showed that, control force gencrated using velocity feedback is
most significant in reducing the noise transmission. The combination of velocity and

position feedback further improves the noise reduction.
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Chapter 5

Conclusion and Future Work

5.1 Conclusions

Modal coupling analysis has been used for the estimation of sound transmission
loss through a cavity backed flexible plate. Use of Plate characteristic functions in
place of beam characteristic functions has been studied and the effects of various
structural and geometrical parameters on the noise reduction has been investigated.
Studies have been also been conducted on the control of noise transmission using feed-
back controlled point forces. The following conclusions are drawn from the analytical

and experimental studies performed on the plate-cavity system:

o Noise reduction results obtained using plate characteristic functions and beam
characteristic functions are very close, and exhibit the same trend. However,
computational time is significantly lower when plate characteristic functions are

used.

e Damping in the plate-cavity system influences the noise reduction significantly,

near the system natural frequencies.



o The coupled system modes are identilied as two distinet modes: (1) those con
trolled by the plate modes; and (i1) those controlled by the rigid cavity modes
The cavity depth has a major role in determining the first natural fiequeney of

the system, which is close to the first plate natural frequency.

e Cavity depth, size of the cavity, plate thickness, and mass densities of the plate
and cavity fluid affect the noise reduction. an appropriate selection of these

parameters can thus help in reducing the noise transmission to the cavity.

o In controlling the noise transmission using feedback controlled point forees,
the velocity feedback is observed to be most effective. The combination of
velocity and position feedbacks also yields considerable improvement in the

noise reduction.

e A direct verification of the theoretical results using experimental means was not
possible duc to inability to realize the clamped boundary condition of the plate,
and lack of a controlled acoustic chamber. urther, the spatial uniformity of
the external pressure was not achieved. However, comparison of theoretical and
experimental results revealed reasonable corrvelation in a qualitative manner,

specifically at low excitation frequencices.

5.2 Recommendation for Future Work

The theorctical analysis has been conducted for a uniforinly distributed pressare
excitation, which does not represent the realistic sound fields. A real time adaptive
control scheme should be developed to control of time dependent, random flnctuations

in the external sound field.

The study has presented noise reduction analysis for clamped and simply sup
ported flexible plates. The experimental results reveal that the actual boundary

condition lies in between the two boundary conditions. In order to achieve a direct,
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correlation between experimental and the analytical results, the analytical model

needs to be refined by incorporating realistic boundary condition.

In order to effectively control the transmission of sound, the active control
means are necessary. Although, the analytical study an point control forces generated
using proportional control laws resulted in improved noise control characteristics,
alternative control laws should be explored to further improve the noise reduction.
The hardware including force generators, controller and feedback sensors should be
realized to experimentally evaluate the noise attenuation potentials. The dynamics

of the foree generator should be considered and incorporated in the analytical model.

Other possible work involves the study of noise transmission phenomenon with

more than one flexible wall and noise control using point forces.
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Appendix A

Evaluation of L;;,,,, and pfy,

A.1  Evaluation of L;j,,

The quantity L,m., known as ‘acousto-stiflness coupling coefficiet’ is evaluated
in this section for a simply supported plate. Although similar derivation may be
carried out for a plate with clamped boundary conditions, resulting analytical ex-
pressions are quite tedious. For clamped plates the terms L;),,, were thus calculated

using numerical integration.

The modes used for simply supported plate are:

‘I’mn = 72;—;331.72( m:a)sm(n—;:ﬁ) (Al)

and the quantities L, are given by:

a b
Lunm. :/ / ‘/;ZXUO(-F,'!/)‘/’mn(l',.’/)dxdy (AQ)
0 0

Substituting #,,,, and X,,p from (A.1) and (A.2) yields:



4 a mr\ . /mrx b J Ty nwy
Ll mn — 77 / »(_') ( ) -‘/ < - ) ( - ) A
; pys [ [ cos [ — Jsin | — da J,eos g sin dy (A.3)

Solution of equation (A.3) leads to following expression for acousto-stillness coupling

coefficients.

0 it -t 2 and 14 J are even
L:Jmn = (A I)

16mn H i i o yes
T (T30 if m 4+ and n - are odd

A.2 Evaluation of 7,

The gencralized external force p5,, is given by:

1
psh

a b
i)fnn(w) = / ])',(.’L‘,]/,u))l/’,,l,l(.l:,!/)(l.l?!/!/ (A'r’)
4] 0

In the present analysis the external pressure has been assumed to be uniform all over

the plate. Assuming p°(z,y,t) = P cos(wt), and performing the Foutier transform

yields:

P(z,y,w) = 1" (A.6)

where ‘bar’ (7) represent the Fourier transform. Upon substituting for p (., y,w), in

(A.5), the generalized external force may be expressed as:

e
pmn l / / d)mn &r 7/)(11(/1/ (A7)
p.,h 0
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Onee again, the above integration is performed for only simply supported plate. Nu-
merical integration was performed to evaluate the generalised external force for a

clamped plate. For simply supported plate, equation (A.7) can be reduced to:

ar b
po o (w /)[/ / / sin (m"r’z) sin <——b—-) dxdy (A.8)
sh

integration of (A.8) yields the following:

0 if m and n are even
.
])mn = Je\/— (A'g)
8P°vab if 1 and n are odd
pphmn
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Appendix B

Beam and Plate Characteristic

Functions

Table B.1: CC Beam characteristic function parameters
X(x) = Acospla + Bsinple + (!cosh p2e + Dsinh pr

98

n pl P2 A B (o D

1| 4.7300 1 4.7300 | 1.0000 | -1.0178 | -£.0000 | 1.0178
2| 7.8532| 7.8532 | 1.0000 | -0.9992 | -1.0000 | 6.9992
31 10.9956 | 10.9956 | 1.0000 | -1.0000 | -1.0000 | 1.0000
4 1 141372 | 14,1372 | 1.0000 | -0.9999 | -1.0000 | 0.9999
5 | 17.2788 | 17.2788 | 1.0000 | -1.0000 | -1.0000 | 10000
6 | 20.4203 | 20.4203 | 1.0000 | -1.0000 | -1.0000 | 1.0000




Table B.2: CCCC Plate characteristic function parameters

X (z) = cosh p2z — cos pla — o [pl /p2sinh p2z — sin pla]
Y (y) = cosh ¢2z - cosglz — 7 [q1/¢2sinh 22 — singlz]

"

pl

p2

a

ql

q2

T

P e b s bt s

S TSSO OGU S e

4.3121
3.8583
3.6321
3.5098
3.4352
3.3854
7.6902
7.3866
7.1356
6.9606
6.8394
6.7527
10.9100
10.7156
10.5088
10.3340
10.1966
10.0903
14.0852
13.9549
13.7951
13.6409
13.5067
13.3947
17.2440
17.1520
17.0291
16.8992
16.7769
16.6680
20.3956
20.3277
20.2318
20.1239
20.0160
19.9147

6.5261
10.3026
14.5121
18.8478
23.2300
27.6341

9.0630
12.0012
15.7158
19.7593
23.9572
28.2366
11.8859
14.2308
17.4516
21.1445
25.0959
29.1972
14.8367
16.7628
19.5560
22.8978
26.5779
30.4709
17.8534
19.4766
21.9170
24.9343
28.3421
32.0137
20.9073
22.3051
24.4583
27.1875
30.3361
33.7883

1.5090
2.6701
3.9955
5.3700
6.7623
8.1628
1.1788
1.6247
2.2024
2.8387
3.5028
4.1815
1.0894
1.3280
1.6607
2.0461
2.4612
2.8936
1.0534
1.2012
1.4176
1.6786
1.9678
2.2748
1.0353
1.1355
1.2870
1.4755
1.6894
1.9207
1.0251
1.0973
1.2089
1.3510
1.5156
1.6967

4.3121
7.6902
10.9100
14.0852
17.2440
20.3956
3.8583
7.3866
10.7156
13.9549
17.1520
20.3277
3.6321
7.1356
10.5088
13.7951
17.0291
20.2318
3.5098
6.9606
10.3340
13.6409
16.8992
20.1239
3.4352
6.8394
10.1966
13.5067
16.7769
20.0160
3.3854
6.7527
10.0903
13.3947
16.6680
19.9148

6.5261

9.0630
11.8858
14.8367
17.8534
20.9073
10.3026
12.0012
14.2307
16.7627
19.4 766
22.3051
14.5121
15.7158
17.4516
19.5560
21.9170
24.4583
18.8478
19.7593
21.1445
22.8978
24.9343
27.1875
23.2300
23.9571
25.0959
26.5779
28.3421
30.3358
27.6341
28.2366
29.1972
30.4709
32.0138
33.7848

1.5090
1.1788
1.0894
1.0534
1.0353
1.0251
2.6701
1.6247
1.3280
1.2012
1.1355
1.0973
3.9955
2.2024
1.6607
1.4176
1.2870
1.2089
5.3700
2.8387
2.0461
1.6786
1.4755
1.3510
6.7623
3.5028
2.4612
1.9677
1.6894
1.5156
8.1628
4.1815
2.8936
2.2748
1.9207
1.6965
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Appendix C

Calibration of the Intensity Probe

The sound intensity probe can be calibrated either by using a sound intensity
calibrater or through calibration of microphones for magnitude and phase error. The
sound intensity calibrater permits simultancous sensitivity adjustment of hoth chan
nels of the analyzer (in pressure, particle velocity or intensity mode) and allows deter
mination of the Pressure-Residual intensity index of the microphones, preamplifier
analyzer combinations which employ microphone pairs with phase corrector units
Calibration of sound intensity probe through calibration of the microphones is per
formed in two stages. First, the microphones are calibrated to read correet sound
pressure levels. The phase calibration is then performed in a pressure coupler. This

method of calibration was uscd for the calibration.

The B & K draft standard for intensity measurement, (115G 1043) [12] suppests
the use of pink or white noise for calibration of the sound intensity meter. A pink noise
in the frequency range 0-50k Hz was applied to a standing wave tube with a pressune
coupler placed at the end of the tube. The intensity probe is placed m the conples
such that the diaphragms and static pressure equalization vents of hoth microphones
arc exposed to the same pressure variations. The spectra of sound pressure sneasned

by the two microphones are thus expected to be identical.
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The phase error is then computed from intensity and pressure measured in the

coupler using the relationship:

Ar.f.pl.
= ————2—-——

re

ey x 360 (C.1)
where Ar is the microphone spacing, f is the frequency of the signal, I, is the residual
sound intensity, pr. is the residual sound pressure, and ¢, is the phase error between
the two channels of the analyzer in degrees. The measurements and computation
revealed a phase error, ¢.., well below 0.02 degrees in the frequency range of interest.
The pressure and intensity levels, in the coupler as measured by the intensity probe
are presented in Figures C.1 to C.2. These figures show that the sound inside the
coupler was more or less pink, at low [requencies (below 500 Hz). Figure C.1 illustrates
the sonnd intensity measured in ‘direction 1’ and ‘direction 2. A comparison of the
measured intensity in two direction reveals almost similar intensity level, except in the
125 Hz frequency band. The error in this band may be attributed to the directional
error of the probe. IMigure C.2 illustrates the sound pressure spectra measured in the
two direction. Sound pressure levels are obsreved to be same in the two directions
showing the uniformity of the sound pressure distribution in the pressure coupler. It
can be observed that the input noise was pink in the range 0-500 Hz. In the figures
showing the intensity levels, the dark strips and white strips differentiate between the
positive and negative intensities. In the pressure level figures, however, the dark strip

represent the cursor location at the time of printing the analyzer screen display.

The B & K draft standard for intensity measurement (IEC 1043) [42] gives the
minimum P-T index requirements for the instruments of ‘class 1’ and ‘class 2’. The
dralt assures a maximum measurement error of 0.5 dB in the range of 50-5000 Hz for
a ‘class 17 probe. The maximum measurement error for a ‘class 2’ probe is 1.0 dB in
the range of 50-5000 Hz. Table C.1 shows the minimum recommended requirement

by the TEC 1043 and measured P-I indices. To confirm the possible change in the
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Figure C.1: Sound intensity levels measured in the coupler along two direction
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Figure C.2: Sound pressure levels measured in the coupler along two direction
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directivity of the probe two measurements were performed, keeping the probe in the
opposite direction for the second measurement. In the table the two measurements
were designated by ‘direction 1’ and ‘direction 2' respectively. From the table it
is clear that the instrument meets the requircments for *class 1’ intensity probe at
{requencies above 100 Hz. However, the table shows that only the requirement of a

‘class 2’ instrument is met at low frequencies.

Table C.1: Comparison of measured P-1 index with the minimum requirement

1/3 octave band P-T index values (dB)
central frequency | Required (TEC 1043) Measured
(Hz) class 1 class 2 Direction | | Direction 2
50 12 6 0.5 9.2
63 13 7 1.5 9.4
80 14 8 13.5 10.6
100 15 9 4.8 5.1
125 16 10 16.4 20.9
160 17 11 17.0 15.5
200 18 12 17.3 153
250 19 13 18.7 15.2
315 19 14 19.9 18.5
400 19 14.5 18.0 29.3
500 19 15 19.0 315
630 19 16 25.1 22.8
800 10 16 25.2 26.9
1000 19 16 311 2K8.8
1250 19 16 30.4 30.6
1600 19 16 39.3 42.4
2000 19 16 36.2 41.0
2500 19 16 29.5 27.8
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