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ABSTRACT

Vibration Isolation Using Hydraulic Mounts With

Dual-Phase Damping
Seshadri Venkatesh

Isolators, such as those applied to engine mount for lisolation of
engine induced vibration demand performance over a wide frequency range.
This results primarily from low speed idle shake and high speed
unbalance. Conventional rubber-metal mounts or passive hydraullic mounts
provide effective isolation in a limited frequency range and are thus
considered inadequate. Although, semi-active devices have the potential
for improved performance in such applications, a low cost alternative

vibration isolation system is investigated.

In this study, the vibration 1isolation characteristics of a
hydraulic mount with a dual-phase damper is investigated for applicatlion
to mass induced vibration. Hydraulic mounts based on dual-phase damping
control offers a compromise between semi-active and passive mount
systems. The dual-phase damper, based on relative displacement requires
no external power for modulating its orifice for fluid flow and lis
essentially a passive device. Two types of displacement dependent
dual-phase dampers are studied under similar conditions and the
vibration isolation performance of the dual-phase dampers 1§ evaluated

in terms of transmissibility. The performance characteristics of the

- iii -



dual-phase dampers are compared to those of the passive hydraulic mounts
to demonstrate the superior performance of the dual-phase damped
hydraulic mount. For a selected dual-phase damping concept, a prototype
was built and tested in the laboratory to carry out performance

evaluation and validation of the analytical model.
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CHAPTER 1

INTRODUCTION AND LITERATURE REVIEW

1.1 General Introduction

Isolation of wvibrations in vehicles has continued to be a major
area of research, to achieve improved performance. The presence of
vibration in vehicles and in particular, vibration resulting from engine
leads to undesirable effects such as structural failure, expensive
maintenance and human discomfort. An engine which is well mounted is not
only pleasant to ride, but also reduces driver’s fatigue. Further, in
the modern competitive market, consumers are also becoming more aware of
the noise and vibration 1levels inside the wvehicle, ride comfort on
different types of road surfaces, fuel efficiency and reliability of the
vehicle. Hence, all this has stimulated new interest in the study of
isolation of engine Iinduced vibration. The primary objective in
developing isolators for engine mount is to provide improved performance
over a wide frequency range. Such performance cannot be provided by
conventional rubber-metal mounts or passive hydraulic mounts. However, a
dual -phase damper can provide a compromise not only in performance but
also in cost. This investigation looks at a general case of vibration
lsolation using dual-phase concepts. Dual-phase damper concept is being
studied because of its capability to provide low as well as high damping
or vice versa. Hence, this concept can be utilized in engine mount
applications. In the following sub~sections the vibration
characteristics of engine and use of conventional isolators in mount

appl ications are discussed.
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1.1.1 Vibration Characteristics of Engine

The emphasis on fuel efficiency has resulted in a trend
towards smaller and lighter vehicles powered by four—and six-cylinder
engines. However, these smalier englines with lighter and more flexlble
vehicle frames have led ‘.o incrzased frame vibration. Engine induced
vibration transmitted to tne passenger through the chassis 1is an
undesirable factor. Thus, in an effort to protect the vehicle and the
passengers, the automobile industry uses engine mounts for vibration
isolation. The isolator is placed between the engine and the frame. The
purpose of the isolator is to reduce the force transmitted to the frame,
and in turn to the passengers, by absorbing the force. The lsolator or
the engine mounting system consists of three or four elastomeric mounts
supporting the engine and the gearbox unit. The essential features of a
vibration 4isolator are the resilient load supporting capability
[springs] and energy dissipating capability [dampers]. 1In certain types
of isolators, these two functions of load support and energy dissipation
may be performed by a single element. In other isolators, the resilient
load carrying devices may lack sufficient energy dlissipating
characteristics. In such cases, separate and distinct energy dissipating

devices are provided.

The mounts, in addition to supporting the engine are expected
to minimize frame twisting, resist and/or isolate dynamic loads, limit
engine motion and provide acceptable service life. The mount selection
is based on the performance desired. The vibration 1isolatlon in turn

depends on a number of factors such as mount location, mount material,



mount size, number of mounts and the like.

The internal combustion engine used in automobiles produce two
basic types of vibration, namely [1, 21‘:
1. Vibration due to rotating and reciprocating motions of the moving
parts; and
2. Vibration due to periodic variation in the cylinder gas pressure

caused by imperfect mixing in the cylinders.

The essential moving elements of an internal combustiox engine
are: the piston, the connecting rod, and the crankshaft. The purpose of
a piston, connecting rod and crankshaft in an internal combustion engine
is to convert the heat generated due to combustion of the fuel in the
cylinder into reciprocating piston movement and the crankshaft in turn,
converts this motion into useful torque. This cyclic operation leads to
variation in gas pressure and the acceleration and deceleration of the
reciprocating parts generates inertial forces. A general arrangement of
a piston, a connecting rod and a crankshaft is illustrated in Fig.l.1

where;

Xp= downward displacement of piston from top,
wt = crank angle from the top dead center,

R

crank radius, and

|3l
n

length of the ccnnecting rod.

-
Numbers in square brackets designate references at the end of thesis
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The gas pressure applied periodically to the piston imposes a force
on the piston and the reaction upon the chassis of the engine takes the
form of a couple. This couple tries to rotate the engine about an axis
parallel to the crankshaft. Similarly, the rotating and reciprocating
motion give rise to inertial forces and torques. The inertial force acts
along the piston axis as well as perpendicular to the crank and piston
axls. Whereas, the inertial torque will act about an axis which s
parallel to the crank. The vibrations caused by these forces are
transmitted primarily through the engine mounts. Hence, the engine
mounts are a critical component as far as the isolation of vibration and
noise levels inside the vehicle is concerned. Mount stiffness, location
and inclination are some of the factors which are critical for either
elimination or reduction of vibration. Consequently, in recent years,
importance is given to engine mount technology with the objective of

reducing engine induced vibrations.

1.1.2 Conventional Engine Mounts

The most commonly used engine mounts are the rubber mounts.
Fig. 1.2 illustrates typical rubber mounts used in automobiles [2].
Rubber mounts have been accepted as standard for many years in
automoblile industry for vibration isolation because of certain inherent
advantages like low modulus of elasticity and their capability to
sustain deformation of as much as 1000 percent [3}. After any
deformation, 1t quickly and forcibly restores back to its original

dimensions. They are resilient and yet exhibit internal damping.



Further, they can be manufactured te any shape and size and have the
capability to adhere to metal inserts or mounting plates. Also, their
properties can be changed to obtain predominantly favorable
characteristics for a par - .iar application by adding different
compouncs, however, with some deterioration of other properties. In
addition, rubber does not corrode and generally does not require any
lubrication. Finally, its low cost, no maintenance, availablility and
ease of manufacture makes it the right choice for vibration 1isolation.
But studies have shown that engine mounts made of rubber suffer from low
damping rates at low excitation frequencies and the stiffness Increases
with increase In frequency or decrease in temperature [3,4]. Since
engine vibration 1levels are critical during 1idling speeds [low
frequencies], rubber mounts are inadequate for effective isolation of

engine isolations.

Finally, the quality of vibration isclation depends on the type of
engine mount. The criteria for selecting the best type of engine mount
depends on a number of factors as discussed previously. To achleve the
goal of minimizing the effect of engine vibration, one can modify :™e
engine suspension. Accordingly, hydraulic mounts were wueveloped. At low
frequencies, the hydraulic mounts provide higher damping than the
conventional rubber mounts. However, 1in case of hydraulic mounts,
because of a fixed orifice the damping properties are (fixed,
irrespective of the force transmitted. With this type of hydraulic
mount, the goal of isolating the vibration over a wide frequency range
is not fulfillid. This has led to the search for alternate mount systenm.

It is clear that the desirable requirement for an engine mount is the



performance over wide frequency range. This can be achleved utilizing a
semi-active or even better, an actively controlled suspension system for
the engine mount. However, a semi-active or an active system has a
significant price tag in terms of initial cost, power requirement as
well as maintenance. Such concepts are therefore, not a practical or
viable solution for engine mount or similar applications. The soluticn
perhaps lies in utilizing a passive dual-phase damper which is slightly
more complex than the hydraulic mounts. In the following sections, a
detalled review of the previous studies on hydraulic engine mount is

presented so as to develop the scope of the present investigation.

1.2 State-of—-the-Art and Literature Review

An examination of previously published literature in the area
of vehicle system vibration clearly reveals that although vibration is
one of the most widely studied subject, little attention has been

directed towards the isolation of engine induced vibrations.

During the past several vyears, extensive research has been
initiated on passive, semi-active and active vehicle suspension in order
to improve the ride quality, handling, and stability of wvehicles[5-12].
In these studies, the engine induced vibration was however not
considered as one of the factors responsible for poor ride quality. It
has been found that the frame vibration is very significant at engine
idle speeds, which for a four cylinder engine is in the range of 10 to

20Hz[13].



The use of rubber mounts for engine suppo‘rt can be traced back to
the time when wvehicles were first developed. These mounts in different
shapes and forms can still be found in the majority of vehicles on the
road today mainly due to the fact that they are highly cost effective
with reasonable performance. In the early 60's, Butyl rubber was used
for making rubber mounts because of its high damping characteristic
which was necessary to control the idle shake of an engine. Later on,
natural rubber replaced Butyl rubber because of certaln advantages like
low damping in the high frequency range and slower deterloration
characteristics resulting in longer life. The engine mounts have to
resist high temperature. Normally the temperature in the engine
compartment will vary between 100 to 200° F. Further, due to cyclic
deformation of rubber, enormous amount of heat will be generated which
makes the rubber soft, resulting in its early fallure. The dynamic loade
transmitted to the chassis depends on the stiffness of the mounts and
good isolation can be achieved by simply having softer mounts. But by
softer *ng the conventional rubber mounts, other problems such as engine
displacement will be encountered; that is, if mounts are very soft and
the vehicle travels on rough roads, very large clearances should be
provided in order to make room for large amplitudes of vibration.
Further, the mounts will not last long because the large displacements
will reduce the strength of the rubber. Hence in order to overcome the
above problem, a stiff and highly damped mount must be wused. But high
level of damping always brings in high dynamic stiffness. This will
result in a conflict between vibration isolation and rattle space. The
above drawbacks along with its poor isolation characteristics at low

frequencies (or idling) has led to the search for an alternate mount



system.

Schmitt and Leingang (2] have discussed the sources of vibration in
internal combustion engines. They have also listed a number of factors
that are to be considered while developing engine mounts. A brief
description of various types of rubber mounts and their installation was

presented.

Racca[14] has given an overview cf the various factors that are to
be considered while selecting elastomeric isolators for vibration
isolation in the case of off-highway vehicles. Halvorsen[15] has
described the design of rubber isolation systems for vibration isolation
in auiomobiles. He has reviewed various methods that are available to
study the dynamic properties of rubber. He has studied the influence of
temperature and frequency on the stiffness and damping characteristics

of rubber isolators.

The most recent development in the engine mount technology 1is the
introduction of hydraulic mounts. A number of individual manufacturers
have developed a variety of hydraulic mounts with similar basic
principles, but with minor modifications in design and appearance. Figs.
1.3(a) to 1.3(f) illustrate some of the recently introduced hydraulic
mounts. The hydraulic mount performance depends on mount geonmetry,
orifice size, rubber type and the damping fluid. Generaliy‘ an

antifreeze solution is used as the damping fluid.

The passive hydraulic mount was first introduced by Marc

-



Fig. 1.3(a) Schematic of hydraullc mount(13]

1. Main spring 2. Secondary spring 3. Auxillary spring
4. Damping channel 5. Closing plate 6. Rubber buffer
7. Reaction pad 8. Support columr 9. Viscous fluld

Fig. 1.3(b) Schematic of hydraulic mount{16]

1. Main rubber element 2 & 3. Metalllc parts 4. Cover
S. Membrane bellow 6. Diaphragm 7. Circular channel
8. Elastic membrane 9. Perforated disc. A & B: Chambers

10



a) DAMPING SPRING
AND  SUPPORT
SPRING SEPARATLD

b) DAMPING SPRING
AND SUPPORT
SPRING COMBINED

Fig. 1.3(c) Schematic of hydraulic mount[17]

1 Suspension spring 2. Damping spring 3. Outer ring
4. Attachment flange S. Upper chamber 6. Lower chamber
7. Orifice 8. Inner plate

o

xpansion

—————

lasticity

Supporting
Elasticity

Flg. 1.3(d) Schematic of hydraulic mount[18]
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Fig. 1.3(e) Schematic of hydrauilc mount [21]

A. Top element B. Air vent C. Diaphragm D. Bellow E.
Air space F. Damping Orifice G. Snubber plates

Flexing
Element
Va 7 e
A A Fluid
L. XL 4 Chambers
~ amping and Protective
Absorber Element | Cover
v

Fig. 1.3(f) Schematic of hydraulic mount{22)
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Bernuchon[16]. These mounts were developed to overcome the conflict
between vibration isolation and engine bounce. These mounts can have a
softer rubber than that used in conventional rubber mounts resuiting in
better 1isolation. The fluid in the chamber provides the necessary
damping to overcome the engine bounce. The main components of the
passive hydraulic mounts are the primary rubber element which support
the engine load and also acts as a piston to pump an incompressible
fluid between two internal chambers connected by an orifice. These
mounts are called passive mounts because they do not require any
external power and can dissipate and temporarily store energy. These
mounts produce a resistive force against any input force independent of

the rate at which the force is applied.

On the other hand, active hydraulic mounts have the capability to
supply energy when desired as well as dissipate energy. In active
systems, the ideal force generator replaces the passive damper. This
extraordinary vibration isolation capability of an active vibration
control system is attributed to the active force that is dependent on
the system response and/or excitation variables. The active vibration
control system, in order to provide the best isolation requires an
external energy source, controllers and sophisticated control system
with a large number of sensors. Hence, an ideal active vibration control
system can be described as one in which the damping force is generated
by an actuator with the help of external power, and modulated by a
sophisticated force controlling device. Thus the controlled actuator is
a servomechanism that has the capability to absorb or generate the

energy that is necessary to minimize the force transmitted. All these
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add up to the cost and make the system expensive, complex, bulky and
less reliable. Hence, the application of active vibration control
systems are limited to cases where performance gains outweigh the above

disadvantages.

A compromise between a passive and active hydraulic mount can be
achlieved using a semi-active hydraulic mount. The concept of seml-active
vibration isolation using active damper was Introduced for vehicle
suspension by Karnopp and Crosby[6]. According to them, the performance
of semi-active control system approaches that of an active control
system. The semi-active control does not require any external power.
Here, the damping forces are generated in a damper by modulating its
orifice area. The semi-active control requires only low level electric
power for signal processing and for valve actuation. In a semi-active
system the ideal force generator will be substituted by a damper, whose
damping coefficient C can be varied over a high bandwidth. Thus, a
semi-active system generates damper forces passively and these can be
modulated continuously by a very small external power source. When the
damper force and the required force are equal and are of same sign, the
damper will be on, and if they are of opposite sign, it is off, meaning
that no force will be generated. The performance of a semi-active system
can approach the performance of a fully active system, Iif one

Judiciously chooses the semi-active control strategy.

As pointed out earlier, the technology sophistication and cost
associated with semi-active suspension with controller cannot be

justified for applications such as engine mounts in vehicles. As a
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result, majority of researchers have been directing there attention on

improved low cost passive devices.

Clark[13] has analyzed a passive hydraulic mount by modelling as a
three-degree-of-freedom elastically coupled linear viscous damper
system. He investigated the optimum performance level of his model for
engine induced vibration and road inputs. He observed that large
stiffness ratio helps to achieve low frequency isolation, by lowering
the peak transmissibility values. But this will be at the cost of high
frequency isolation. He concluded that the best isolation is provided by
very soft mounts. On the other hand, increased stiffness is required for
acceptable fatigue life. Hence the optimum stiffness rate and damping
value will be different for different input conditions and the overall

performance depends on the particular vehicle being studied.

Marc Bernuchon[16] compared the performance of conventional rubber
mounts with passive hydraulic mounts. The passive hydraulic mount was
represented by a single-degree-of-freedom model for a sinusoidal input
excitation of constant amplitude. An experimental study was also
presented. Based on his study he concluded that, in rubber mounts the
dynamic stiffness increases with the increase in fregquency. However, the
maximum value of the dynamic stiffness was lower when hydraulic mount
was used. This was attributed to the fact that the hydraulic mount
behaved as a vibration absorber. Also, there was substantial improvement
in the acoustic levels when hydraulic mounts were used. The improvement

was of the order of S to 6 db.
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Corcoran and Ticks[17] studied passive hydraulic mount by modelllng
it as a single-degree-of-freedom model with an elasto-damper in parallel
with a linear spring with the objective of overcoming engine bounce,
idle shake and noise inside the venicle. Field trials were conducted on
a six-cylinder in-line and V-engines. From their experimental study they
found that there was a S db decrease in the noise level when hydraulic

mounts was used.

Masaru Sugino[18] developed and studied the hydro-elastic engine
mount. He describes his mount as a velocity amplifying dynamic damper,
because the mass of the fluid inside the orifice is increased due to
velocity amplification and thus increases the damping effect. His study
was aimed at reducing the engine shake due to base excitation. He
concluded that the resonant frequency of fluid inside the orifice should

match the engine shake frequency when the orifice 1s closed.

Fowler[19] has proposed three different types of fluldlastic mount
models. He has studied the influence of having a short and a long
orifice between the top and bottom chamber of a fluidlastic mount. The
first model was a mount with short orifice and he observed that by
having a short orifice, the stiffness will vary gradually and the
damping will be more pronounced. Hence, by having a short orifice it
will be possible to provide damping over an operating frequency range.
In his second model he replaced the short orifice by a long orifice or
inertia track [A tube of known length and cross sectional area. The tube
i1s called inertia track because it guides the fluid flow between the top

and bottom chambers]. He observed that the long orifice is useful where
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a high level of damping is necessary over a narrow band. In his third
model, he introduced a decoupler along with the inertia track. He found
that the decoupler provides high damping at large amplitudes and low

frequency and low damping at low amplitudes and high frequency.

Shoureshi and Graf([20] proposed a continuous type, semi-active
hydraulic mount system. The model was analyzed by making three
assumptions: the frame 1is rigid; the fluid is incompressible and
newtonian; and the nonlinear model can be linearised. Experiments were
also conducted. The results indicated that the orifice area and
injection pressure influence vibration isolation. They found that there
was more than 20 db noise reduction when semi-active control was

adapted.

The semi-active hydraulic mount suggested by West[21], utilizes
vacuum to alter the mount characteristics. Accordingly, an external
vacuum pump is used to control the diaphragm movement in the mount. By
varying the vaccum level in the air space, he found that the damping
level varies. A high level of vacuum produced high damping over a wide
range of frequency and switching off the vacuum reduced the damping.

Mizuguchi et al[23] have tried to introduce an active control
system to improve engine mount performance. They have developed a
hydraulic mount with an orifice and a port. The fixed orifice is always
left open and the opening and closing of the port is electronically
controlled using a rotary solenoid. They found that by controlling the

opening and closing of the port the damping and stiffness
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characteristics of the mount can be varied resulting in better

performance of the vehicle.

Yukihiko et al(24] have developed an active control system using an
electro dynamic linear actuator, a controller and a power amplifier
which drives the actuator. The active force generated by the actuator
compensates the engine torque resulting in reduced vibration of the car
body. Their experimental study showed that there was a 16 db reduction

in vibration near the driver’s seat.

Marjoram{25] has incorporated hydraulic mounts for vibratlon
isolation in cabs. He has studied the effect of internal pressurization
on the performance of engine mounts. He found that the suspended mass
can be partially supported by pressurization, which in turn would reduce

the strain on the primary support rubber.

Taylor[26] has given a general overview of hydraulic mouni by
considering four different models. He has studied a viscous damped
hydraulic mount and then studied the influence of having a short and
long orifice between the top and bott~m chamber. He concludes that by
having a short orifice, it is possible to decide damping over a wide
frequency range. On the other hand, the long orifice, also called as
inertia track are used where high level of damping is necessary over a
narrow band. In the last model, a decoupler is introduced to bring into

effect the decoupler effect.

The performance of a dual-phase viscous damped isolator system was
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investigated for shocks by Snowdon(27]. According to him a dual-phase
damper is expected to have a constant damping ratio equal to elther ci
or 1;2 depending on whether the relative velocity across the damper
terminals is either small or large. For intermediate velocities there
will be a linear transition from one extreme value of the damping ratio
to the other. He studled the system response by subjecting it to rounded
pulse, rounded step and oscillatory step inputs at the base. From the
study, he concluded that this type of isolator system is capable of
bringing down the maximum values of absolute displacement and

acceleration compared to systems with a linear viscous damper.

The response of a shock mount with dual-phase damping was
investigated by Venkatesan and Krishnan(28 and 29]. The system was
subjected to harmonic input. Here, the damping ratio was a function of
the absolute value of the relative displacement. Taiey concluded that by
varying the damping parameters it 1is possible to reduce vibration
transmissibility in the low frequency as well as high frequency range.
They also studied the effect of introducing a dual-phase damper in an
aircraft landing gear with the intention to minimize the peak

acceleration transmitted to the aircraft structure.

Guntur and Sankar([30]) have analyzed the performance of a single
degree of freedom non-linear shock mount with six different types of
dual-phase damping arrangement. The shock mounts were subjected to two
displacement inputs, namely rounded pulse and oscillatory step. The
performance was evaluated based on the maximum acceleration transmitted

with respect to the shock severity factor.
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1.3 Scope of the Present Study

A proper engine mount- selection helps iIn several ways namely, they
not only eliminate or reduce shock, noise and vibration but are also
helpful in extending the fatigue life of other components, reducing the
product downtime by minimizing maintenance and repair, {mproving the
overall product performance and last but not least Iimproves the safety
and comfort of the driver and passengers. From a review of recent

studies, it 1s evident that the performance of isolator for a mount
can Dbe evaluated with reasonable results by utilizing =&
single~-degree-of -freedom model of a mass-spring-damper system. This
approach has been taken in several studies on rubber and hydraulic

mounts[13, 16, 17, 19 and 20].

The review of previous studles on engine mounts has further shown
that the performance of isolators in such cases are generally evaluated
through the maximum force transmitted to the frame and through the
relative displacement acrcss the mounting. The scope for Jmproving the
performance of either conventional rubber mounts or passive hydraulic
mounts over a wide frequency range is limited. In overcoming certain
drawbacks of a passive hydraulic mount, a practical and viable
alternative is the dual-phase damping concept. This has the potential
for improvement over a conventional passive device. Aliso, limited
studies has been carried out on dual-phase damping. However, Iits
potential for mount application has uot been investigated. Furthermore,

the concept has not been validated or evaluated through experiments.
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Hence, 1in this study the performance of a hydraulic mount with
dual-phase damping willl be studied using a single-degree-of-freedom
model to explore its potential in improving the vibration isolation
performance in a mount application. Such a damping system has been
selected due to its simplicity and practicality in implementation on
majority of the vehicles. Furthermore, the model, depending on system
parameters is valld for all vehicle systems including off-road vehicles,
recreational vehicles as well as any machinery supported on a fixed
base. The investigation is carried out using analytical models of
various mount configuration with two types of displacement dependent
dual-phase dampers. For a selected concept a prototype is built and

tested in the laboratory.

Chapter 2, presents a detailed description of three different types
of hydraulic mounts. This is followed by a description of the concept of
dual-phase damping. Then two different types of dual-phase dampers are
presented. In Type I dual-phase damper, the damping ratio is high, when
the displacement is low and then the damping decreases with the increase
in displacement. In Type II dual-phase damper the damping ratio is low
when the displacement 1is low and increases with an increase in
displacement. Finally, a method to determine the equivalent damping

ratio is discussed.

In chapter 3, the results of introducing a dual-phase damper in
place of a passive damper in a two-element and a four-element model is
presented. Further, a parametric .study on Type II two-element model is

carried out. Finally the results from the study on two-element and
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four-element models are compared with each other and with the

visco-elastic model developed by Clark[13].

In chapter 4, the development of the damper, test procedure and
results from the tests are presented. The test results are presented in
two phases. In phase I the force-displacement characteristics of the
damper are evaluated. In phase II, acceleration transmissibility and
relative displacement ratio results are presented. Finally, the

analytical results are compared to those obtained from experiment.

Finally in chapter 5, the conclusions and the recommendations for

future work are presented.
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CHAPTER 2

FORMULATION OF EQUATIONS OF MOTION FOR HYDRAUILIC MOUNT MODELS

z.1 Introduction

The study is aimed at a detailed investigation of dual-phase damper
as an isolator for machineries, such as an engine in a vehlcle. The
system input in such cases are primarily from unbalance and Iis
introduced as mass induced vibrations. Ideally, to carryout vibration
analysis realistically for an engine mount system, it should be model:ied
with three or four mounts and should include bounce, pitch as well as
roll motions. However, introducing details of the problem in a study
that is aimed at a new concept of iscolation may lead to inaccurate or
misleading interpretation of results pertaining to the influence of
various paramet>rs within the new concept. For initial investigation it
is often more useful to consider simple models with detailed stuiy of
the corcept and its isolation performance. The model considered in this
investigation is that of a simple isolator with mass induced vibration
input due to unbalance. Different isolation configuration with two types
of dual-phase damping are considered. The models are sufficiently

general, and can be applied to mounts for any rotating machinery.

In the following sub-sections, three different types of hydraulic
isolators with the same basic parameters are presented and discussed.
Following this, a detail=d description of dual-phase damping

characteristics 1is discussed with sketches to realize the above



characteristics. Finally, the method of determining the equivalent

damping ratlio for non-linear dual-phase damping considered in this study

is presented.

2.2 Description of a Viscous Damped RBydraulic Mount Model

Fig. 2.1 1illustrates a schematic of a single-degree-of-freedom,
directly coupled, viscous damped hydraulic mount model. The mount
consists of two elements, a linear spring K in parallel with a linear
viscous damper C. The following four basic assumptions are made in order

to accept the models developed. They are:

1. There is no input from the base, input is due to unbalance only.
2. The hydraulic fluid is incompressible.

3. The temperature effects on the fluild is negligible and

4. The base is fixed.

S. Isolator is constrained to move along vertical coordinate.

The equation of motion of 'he passive SDOF isolator illustrated in
Fig. 2.1 can be written as
iwt

Mii+c>'<+xx=roe = F[t] (2.1)

This can be reduced to a non-dimensional form,
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Fig. 2.1 Schematic of a two element passive mount

2 i

05

eooa b

02 -
0.1

0.05 -

0.02

0.01 T ] | ] T
01 02 0.5 1 2 5 10 20 50
Frequency(Hz)

Fig. 2.2 Force transmissibility of a two-element
passive mount
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r

Mmle =T= : (2.2)
/( 1- 12 +  (2cr)?

where
X = the absolute acceleration of the mass
X = the absolute velocity of the mass
X = the absolute displacement of the mass
M = mass of the engine (240 kgl
K = the primary hydraulic mount stiffness [400 kN/m]
C = the damping setting of the hydraulic mount

@ = vK/M, the undamped natural frequency of the system in rad/s
Fn= undamped natural frequency (6.5 Hz)
Flt] = excitation force = Foewt

Fo= mewz, the Centrifugal force

m = eccentric mass

e = eccentricity = Stroke/2 (for engines)
w = angular velocity of m

¢ = C/2vkM, the viscous damping ratio

Tr = Magnification ratio

r = («v/wn

The quantities within brackets are the assumed values for M and K

which represent a four-cylinder engine on a hydraulic mount[13].

The vibration isolation can be characterized by force
transmissibility (where force transmissibility is defined as the ratio

of the force transmitted to the magnitude of input force). Hence for the
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passive mount system discussed above, the force transmissibility T is

given by,
F /1 + (2¢r)?
r — -
=T — (2.3)
ﬂ 1- r% +  (2gr)?
where Ftr = amplitude of the transmitted force

Fig. 2.2 1illustrates the force transmissibility vs frequency plot
for the given engine mount parameters, and for various values of damping
ratio, &¢. This plot shows the basic performance characteristics of most
passive mounts. It can be observed from the above plot that, high
damping values give good isolation in the resonant range at the expense
of poor high frequency performance. However, low damping gives good
isolation at high frequencies but poor performance in the resonant range
and the transmissibility will be less than one if onf operates the

system at a frequency ratio greater than v 2 [31].

2.3 Description of Hydraulic Mount Modelled as an

lastically Coupled Viscous Damper

The schematic diagram of a hydraulic mount with elastically coupled
viscous damping is illustrated in Fig. 2.3. This is a three-element
combination of an isolator having a damper with damping .ratio & and two

springs of stiffness K and Kl. This model was proposed by Clark[13] in

27



Loy
Bk

Ky

Flg. 2.3 Schematic of a three-element passive mount
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Fig. 2.4 Force transmissibility of a three-element passive
mount for various values of damping ratio, with N = 8
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an investigation of an isolator for engine vibration. The following are

the equations of motion for the hydraulic mount shown in Fig. 2.3,

MK +Cl X-X) +KK=F e!“t = Flt] (2.4)

Since the spring I(1 and the damper C are in series, the spring

force is equal to the damping force,

KX

cClX - >'<11 (2.5)

Since the motion Xl[t] and X[t] are harmonic, the above equations
can be solved by the mechanical impedance methed. So, the force
transmitted is the sum of the forces transmitted through the springs !(1
and K. Thus, the general force transmissibility equation of the

three-element mounting is given by,

Ancr)

T = N (2.6)

[ e )]

]

where, N = stiffness ratio of the springs = K1/ K

Flgs. 2.4 and 2.5 illustrate the force transmissibility wversus
frequency plots for various values of the stiffness ratio N and for a
wide range of damping ratio values. In order to understand the behaviour
of the three-element mount, the extreme range possibilities of N = 0 to

N = o as well as £ = 0 to { = » can be analyzed. Clark [13] has studied
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Fig. 2.5 Force transmissibility of a three-element passive
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the effect of 1increasing the damping ratio value for a constant

stiffness ratio.

Referring to Figs. 2.4 and 2.5, keeping the stiffness ratio N fixed
and by varying the damping ratio { it was found that at the two extreme
values of no damping and high damping the three-element model
performance is poor in the resonant range. But it can be observed from
the above figures that as damping ratio increases, the resonant
transmissibility initially decreases, and then passes through a common
point and then increases with increase in damping. The transmissibility
curve with a peak value corresponding to the common point will be tuned
with the optimum damping necessary for that particular system to
overcome resonance. This results in an optimally tuned hydraulic mount

with a known stiffness ratio and a damping ratio.

Similarly, another factor that could be discussed is the effect of
stiffness ratio. Keeping the damping ratio constant and by Iincreasing
the stiffness ratio N, the performance of the three-element mount
improves in the resonant range but deteriorates in the high frequency
range. This is illustrated in Fig. 2.6. Hence it can be concluded that
a very small stiffness ratio will result in poor performance in the
resonant range but extremely good performance in the high frequency

range.

2.4 Description of a Four-Element Hydraulic Mosunt Model

The schematic diagram of a four-element hydraulic mount model lis
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illustrated in F.g. 2.7. It is a combination of two springs of stiffness
K and Kx and two viscous dampers having damping ratios ¢ and C‘

respectively.

The equation of motion for the four-element hydraulic mount with

elastically coupled viscous damper is given by,
ME+C L X-%1+KX+CX=F e =Flt) (2.8)

Since the spring K1 and the damper C are in series, the spring

force is equal to the damping force,

KIX1 =C[ X~ X1] (2.9)
The general force transmissibility equation of a four-element mount
in dimensionless form is given by,

F KK 2

_ tr 1 2 "
L= = DELT[ [ 1-4¢ ¢r N ]

195
+[ 2¢r (1 + N )] ] (2.10)

where
0.5

») 2 ™ - 2
DELT = K K1{ [[1 - % - ar N ] N [Zr[C(N s-r’ny <1]J ]} (2.11)

"
where, r= w/wn, 2Cr = Cw/K, chr = Ciw/K. N = stiffness ratlo = K /K1

with K1 = 340 kN/m, X = 400 kN/m, and wn= 40.82rad/s

Fig. 2.8 illustrates the force transmissibility plot for varlous
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Fig. 2.7 Schematic of a four-element passive mount
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Fig. 2.8 Force transmissibility of a four-element
»
passive mount with N = 1,17 , C= 5.094 kN-s/m
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values of damping ratio, Cl. It can be observed from the plot that an
increase ir damping ratio value will result in a decrease in
transmissibility near resonance, while the high frequency performance

deteriorates.

2.5 Description of the Concept of Dual-Phase Damper

The schematic of a non-linear hydraulic mount model with dual-phase
damping is lillustrated in Fig. 2.9. It is represented as a spring-mass
system with a wvariable damper constrained to move in the wvertical
direction and excited by the mass induced vibration caused due to

rotating unbalance.

The equation of motion for this non-linear single-degree-of —freedom

model is given by

Mk + F +F _=Flt] =F etet (2.12)

[¢]

where X = displacement of the mass
Fd = non linear damping force = ceqx,
F‘k = gpring force = KX

Since the equation of motion of the hydraulic mount with dual-phase
damping is a non-linear differential equation, the analysis becomes more
complex and general methods of solution cease to exist. Hence no closed
form solution is available, unless the nonlinear equation is linearised.

Here the performance evaluation in the frequency domain 1s carried out
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Fig. 2.9 Schematic of a non-linear mount with
dual-phase damping
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using linearised set of equations. The linear analysis allows
computation of the system response in the frequency domain using
transfer function which provides a clear and concise description of the
mount behaviour. Further, linear approximation of non-linear elements
may be considered appropriate for systems subjected to small
disturbances (linear ra.ige]. However, if the situation asks for a more
complete understanding of the qualitative and quan -tative behaviour of
the system then it is necessary to include non-linear effects. Hence, in
order to obtaln a linear differential equation, an equivalent damping
coefficient must be determined. Once the equivalent damping ratlo is
obtained the system equation can be solved by computer simulation. The
equivalent damping force 1is found by equating the total energy
dissipated per cycle of vibration by the ncn-1linear damper to that of an
equivalent viscous damper experiencing the same harmonic displacement
across the damper. In this model, depending on the absolute displacement

value, the damping ratio { takes on different values.

As mentioned earlier, this investligation considers twc types of
dual-phase damping characteristic. In both cases, damping 1is a
non-linear function of displacement and hence is a displacement dependent
dual-phase damper. They are referred to as Type I and Type II dual-phase
dampers in the thesis for convenience. Generally, the dual-phase dampers
are expected to have a constant damping ratic equal to elther cl or cz
depending on the magnitude of displacement across the damper is either

small or large. For intermediate displacements there will be a linear

transition from one extreme value of the damping ratic te the other.
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The schematic diagram illustrated in Fig. 2.10 explains the Tyre I
dual-phase damping characteristic. Here the damping ratio { changes in
value from c1 to C2 as the displacement across the damper increases from
a to 81. Since c1 > cz' for small displacements the damping ratio ¢
will be equal to cllhigh] and for large displacements { will be equal to
Czllow]. For intermediate displacements, the damping ratio L will vary

between C1 and Cz’

Similarly, the schematic diagram shown in Fig.2.11 describes the
Type II dux!-phase damping characteristic. Here for small displacements
the damping ratio  will be equal to Cl[low] and for large displacements
¢ will be equal to CZ (high). For intermediate displacements, the

damping ratio ¢ .*ill vary between cland Cz,

Generally, the dual-phase damper starts off with a known damping
ratio, cl upto a known displacement «, or az,(depends on whether Type I
or Type Il is considered) indicating that orifice opening is fixed for
small displacements in the range 0 to @ or 0 to o, For displacements

to Bz damping ratio { will vary linearly,

in the range al to {31 or @,

depending on the orifice opening. The variable flow will start either ct
o or a and ends either at B1 or Bz' Finally the dual-phase damper

reaches a known damping ratio cz beyond 51 or Bz'

The most attractive aspect for a displacement dependent dual-phase
damper considered in this investigation is that they can be realized by
utilizing a metering pin shaped to achieve a given characteristic. In

such systems, dual-phase damping characteristic can te achieved without
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Fig. 2.11 Configuration of Type 1I Dual-Phase
Damper with cx < cz
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the requirement of external power source, essentially keeping the device
a passive one. The Type I dual-phase damping characteristic(Fig.2.10)
proposed in this investigation can be realized by an arrangement shown
in Fig.2.12. Fig.2.13 presents an arrangement that can reproduce the
characteristics of a Type Il dual-phase damper shown in Fig.2.11. The
damping characteristic in either case is represented by the position of

the pin inside the cylinder.

2.6 Determination of Equivalent Damping Ratio

The common technique adopted to determine the vibration response of
any mechanical system depends on its linearity. A linear system is one,
that obeys the principle of superposition and will exhibit a direct
relationship between input and output. When a sinusoidal excitation is
applied to a system, then for a linear system, both the excitation and
the system response are sinusoidal of the same frequency. However, the
technique adopted to evaluate response behaviour of a non-linear system
i{s not as straight forward as that for a linear system since it does not
obey the principle of superposition and there is no direct relationship
between input and output. Consequently, the non-linear system has to be
solved using direct integration techniques on a digital computer. The
drawback of this approach is the extensive computing involved in
obtaining frequency response. This has resulted in the search of
alternate methods to solve non-linear systems. One of the methods is to
linearise the non-linear system by finding an equivalent linear system
which accurately exhibits the non—linear characteristics displayed by

the non-linear element!s] in the system. In the present situation, the
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Fig. 2.12 Damper arrangement to reproduce dual-phase
damping characteristic when cl > Cz
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Fig. 2.13 Damper arrangement to reproduce dual-phase
damping characteristic when cl < §2
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non-linearity is exhibited by the dual-phase damper. Consequently, an
equivalent damping ratio has to be determined. So, the concept of
equivalent viscous damping developed by Jacobson [32] is used.
Accordingly, 1t involves the approximation of a non-linear damping force
by an equivalent viscous damping force. That is, the energy wd
dissipated (the term dissipate is used to mean the conversion of energy
from one form to another) per cycle of vibration by the non-linear
damping element is equated to the energy dissipated by an equivalent

viscous damper. Thus, the general equation for the energy lost per cycle

in an equivalent '’iscous damper is:
T
wd = §o Fd dx (2.14)

Y = L
where Fd = CeqX, T = period = =

substituting for Fd. the energy dissipated per cycle becomes

T T T
w=§Cde=J'c X2 dt = C xzwzjcoszlut-¢1dt
d o °9 o 9 eq o

W.=nrwC X (2.15)

As mentioned earlier, the dual-phase damper can }erform in at least
three regions, and depending on that, the T value will vary. Consider
Figs. 2.10 and 2.11. When the displacement is less than or equal to a

or a, then the corresponding equlvalent viscous damping ratio is given

by:
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&= ¢ (2.16)

if the dilsplacement lies beyond 31°F Bz' then ceq can be found by

integrating equation 2.14 and equating it to equation 2.16 to obtain

equation 2.17.

_ 4
ceq— - [ C1P1 + R2P3 + R1TrP2 + §2P4 ] (2.17)
where
sin zwtl wtl cos3wt - cos3wt
P=|l—r" + —=—|; P = 1 2
1 4 2 2
3
sin 2wt sin 2wt wt sin 2wt
P = 2- 1 P = _T_[___Z_—_Z_
3 4 4 ' g 4 4 4
c-¢
R=|—2]|,r=[-Ra +¢ |
1 « -8 2 11 1]
1 1
« B
sin wt = ! sin wt = !
1 T ° 2 T
r r

On the other hand, if the displacement is between a1 and 81 or
between az and Bz’ which is nothing but the non~linear region, then the

relation to determine the equivalent damping ratio is given by

g = 4 [ C1P1+ RxTrP5+ CZPG] (2.18)
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where

cos’ wt1 X wt1 sin 2wt.1
P = |—a— and P= i 5~ )

Once ceq value is known for a particular frequency, then the
corresponding transmissibility for a system with dual-phase damping can
be determined by substituting for { in appropriate equation depending on

the system considered.
2.7 Summary

In this chapter three different types of hydraulic mounts with
passive damping were presented along with their equations of motion and
results. The general characteristics of a dual-phase damper was
presented with sketches to realize them. In addition, two types of
dual-phase dampers and the procedure to solve the non-linear
differential equatlion using equivalent damping ratio was discussed. In
the following chapter, the performance of engine mount with dual-phase

damping is discussed.
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CHAPTER 3

SIMULATION RESULTS AND DISCUSSIONS ON DUAL-PHASE DAMPER

3.1 Introduction

In the previous section a detalled description of the isolator
system with two-elements, three-elements and four-elements was given.
This was followed by a description of the non-linear dual-phase damper
and a method for determining the equivalent damping ratio for the
dual-phase damper system considered. In this chapter, a «critical
evaluation of vibration isolation characteristics of hydraulic mounts
with two different kinds of dual-phase damping is compared with that of
viscous damping, for both two-element and four-element isolator systems
discussed in chapter two. Next, the influence of damping parameters on
the isolation performance is studied. A parametric study is also carried
out to examine the influence of dual-phase parameters on the equivalent
damping ratio as excitatlon frequency is varied. The vibration isolation
performance in all cases is evaluated in terms of force transmissibility

ratio.

3.2 Two-Element Hydraulic Mount Model

3.2.1 Type I Dual-Phase Damper

A hydraulic mount with two-element is referred to a system
presented in Fig.2.1 in section 2.2. In evaluating dual-phase damper the

viscous damper is replaced by a variable damper capable of providing



three possible damping ratios cl, cz and intermediate values between (1

and Cz‘ For the Type I dual-phase damper the parameters selected are w
= 40.82 rad/s, C1= 0.5 or 0.9 and §2= 0.1. Figs. 3.1-3.4 show the force
transmissibility vs frequency plots of the system with Type I dual-phase
damper and the passive system with linear viscous damper(LVD]. It can be
observed from the figure that, for all cases high damping provides good
isolation in the low frequency range but performs poorly in the high
frequency range. However, lower damping provides good isolation at high
frequencies, but performs poorly in the low frequency region. So, a
decrease 1in damping increases the resonant transmissibility and
decreases the high frequency transmissibility. In the figure the force
transmissibility for dual-phase damping is also shown for different @
and 81 values. [t can be clearly seen that a dual-phase damplng has a
compromising performance in the low frequency as well as high frequency
range. It can also be observed from the plots that as B1 value is
increased, the dual-phase damper performs well in the resonant range but
the high frequency performance deteriorates. Similarly, an increase |in
@ value will improve the performance in the low and resonant range and
result in poor performance in the high frequency range. Further, from
the transmissibility plot on Fig. 3.4 it can be seen that an increase in
damping results in an improvement in the resonant transmissibility, but
also increases the high frequency transmissibility, similar to that of a

linear viscous damping.

Figs. 3.5 and 3.6 show the variation of equivalent damping ratlo
with frequency for Type I dual-phase damper. It can be observed from the

above figure that the equivalent damping ratio value 1s influenced by
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the variations in a, and B1 values. In general, the damping ratlo
remains constant and equal to the high damping value of the dual-phase
damper for low frequencies. The damping ratio approaches a minimum near
resonance and then Iincreases as frequency 1s increased. However, the
magnitude of change in damping ratio depends on the value of 4 and Bx'
The dampirg ratjo is low near resonance when «, and B1 values are low
and any increase in B1 value will result in an increase in damping ratio
value in the resonant range. This results in an improved performance in
the resonant frequency range with performance deteriocrating in the high
frequercy range. Further, an increase in @, value will also result in
high damping. Thus t':is type of dual-phase damper has the capability to
perform well in the resonant range when the difference between oc1 and B1
values are wide. However, its performance will deteriorate in the high

frequency range.

3.2.2 Type II Dual-Phase Damper

In the investigation of two-element hydraulic mount model with Type
II dual-phase damper, the linear viscous damper of the system(Fig.2.1)
is replaced by the dual-phase damper with Type IT
characteristics(Fig.2.11). The parameters selected for this system are
w o= 40.82 rad/s, cl = 0.1 and Cz = 0.5 or 0.9. Figs. 3.7-3.11 show the
force transmissibility vs frequency plots of Type II dual-phase damper
and a passive hydraulic mount with LVD. It can be observed from the
figure that, high damping provides good isolation in the low frequency
range but performs poorly in the high frequency range and low dampling

provides good isolation at high frequency but performs poorly 1n 'he low
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frequency region. In the figure, the performance of a dual-phase damper
for different @, and Ba values is also shown. It can be clearly seen
that when dual-phase damping is introduced in place of viscous damper
there is substantial reduction in transmissibility in the low as well as
high frequency range. It can also be seen from the plots that, an
increase in B2 value will result in a decrease in high frequency
transmissibility, however at the resonant frequency the transmissibillity
increases. The high frequency transmissibility decreases with lncreasing
a, and Bz’ however at the resonant and 1low frequencles, the
transmissibility increases. If cz is increased, the low frequency and
resonant frequency transmissibility decreases, and on the high frequency

side the transuissibility increases.

The results presented in Figs. 3.12-3.14 illustiate the behaviour
of equivalent damping ratio with variation in o, and {32 values. In
general, as frequency is increased, the damping ratio remalns constant
and equal to the low damping value of the dual-phase damper for low
frequencies. The damping ratio approaches a maximum reur resonance and
then decreases as frequehcy is increased. The magnitude of this change
in damping ratio, however depends on the value of @, and Bz' The flgures
clearly show that damping is high when a, and [32 values are close and
any increase in Bz value will reduce the damping ratio value. Also, the
characteristics of this type of damper will be infiuenced by @, value
and it can be seer. from the figures above that an inciease In a, value
will lower the damping in the resonant range resulting in poor
performance in the resonant region and improved performance in the high

frequency region.
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3.3 Four-Element Hydraulic Mount Model

3.3.1 Type I Dual~Phase Damper

Four-element hydraulic mount refers to the system presented as
Fig.2.7 in section 2.4. Here the conventional damper is replaced by a
dual-phase damper. Figs. 3.15 and 3.16 illustrates the response of four
element hydraulic mount model with Type I dual phase damper for varlous
«, and B1 values. The parameters selected are w o= 40.82 rad/s, C1= 0.5
or 0.9, §2= 0.1 and N‘ = 1.17. Examining the plots of constant damping
ratios, it is seen that for low damping ratio the high frequency
transmissibility decreases while it markedly Iincreases the resonant
transmissibility. The opposite occured for high damping ratio where high
frequency transmissib.lity markedly increased, while there was
substantial reduction in the resonant transmissibility. While the Type I
dual-phase damper performance was intermediate between the two extreme
damping ratios with a performance almost close to that of low damping
ratio value in the high frequency range. Further, it was observed that
an increase in @ value resulted in an improvement in the re<onant range
but poorer performance in the high frequency range. Examining Figs. 3.17
and 3.18, which is nothing but the variation of equivalent damping value
with change in @, and {31 values. It is clearly visible that small o and
{31 values will markedly improve the performance of the damper jn the
high frequency region with poor performance in the resonant region
because of low damping. But an increase in 31 value resulted In a better
performance in resonant region with poor performance in high frequency

region. Similarly, an increase in « value resulted in a significant

improvement in resonant region with the per{ormance deteriorating in
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high frequency region.

3.3.2 Type 11 Dual-Phase Damper

Figs. 3.19 and 3.20 illustrates the response of a four-element
hydraulic mount with Type Il dual-phase damper for various @, and Bz
values. It is found by examining the plots of constant damping ratios,
that for low damping ratio the resonant transmissibility is high even
though the high frequency transmissibility is considerably low. However,
at high damping values, the transmissibility increased with increasing
frequency in the high frequency range but, the opposite occured in the
resonant range. But a Type II dual-phase damper performs well in the
resonant and high frequency range when compared to four-element
hydraulic mount with constant damping. Further, it was found that «, and
Bz values influenced the performance of the dual-phase damper in the low
as well as high frequerey range. It was observed that an increase in
either x, or Ba value improved the performance in the high frequency
range at the cost of resonant frequency performance. Similarly, an
Increase in damping resulted in an improvement in the resonant range but
the performance deteriorated in the high frequency range. Figs. 3.21 and
3.22 deplicts the influence of @, and Bz values on damping ratio. It is
very significant from the above figures that, as B2 value is increased
the damping ratio value will be low, resulting in a significant drop in
transmissibility in the high frequency region with an increase in
transmissibility in resonant region. Similarly, an increase in a, value

will also improve the performance in high frequency region.
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3.4 A Parametric study of a Type Il dual-phase damper- in a two-element

model

In this section, Type 11 dual-phase damper 1is considered for
detailed parametric study, as it was found to perform better for
isolator applications. The Type II dual-phase damper was further
considered for experimental investigation to vzlidate the analytical

study.

For Type 11 dual-phase damper, the results -~howing damping ratlo
sersus frequency in Figs. 3.12-3.14 in general Indicate that damping
ratio remains constant until certain frequency is reached, then |t
increases initially and then decreases as frequency 1is increased. This
characteristic is influenced by values of @, and Bz which are primary

design parameters for such a damper.

This section presents results to show the influence of a, and 82 on
the damping characteristics of Type Il dual-phase damper. In particular,

the influence of @, and B2 on :

1. the value of maximum f for which damping ratio remalns constant;
2. maximum damping ratio near resonance; and
3. damping ratio for f = 3f

n

Figs.3.23-3.24 show the influence of o, and B2 on f/fn
corresponding to initial constant damping. It was found that w.th

increase in Ba value the maximum frequency at which the system starts to
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deviate from a constant equivalent damping ratio ihcreases. indicating
that, the system will be dominated by a constant damping value for a
longer duration of frequency range. This in turn indicates that the
performance at the resonance will deteriorate with increase in B2 value
for a fixed a, value. A similar study was made to predict the
performance of the system for constant Bz value and for varlous «
values. Similar to the previous case, 1t was found that an increase In
@, value increased the range of frequency in which the damping ratio

remained constant.

When the frequency is increased beyond the constant damping ratio
range the damping ratio peaks. The influence of a, and Bz on the peak
damping ratio is shown in Figs.3.25 and 3.26. It is found that, by
increasing the parameter Bz for a fixed value of o, the peak dampling
ratio will decrease with increase in 32 value. As in the previous case a
similar study was made to predict the performance of the system for
constant {32 value for variation in oc2 values. The results show that an
increase in a, value results in a shift in the frequency at which peak
damping ratio 1is obtained, and thus results in a decrease in peak

damping ratio.

Finally, when f = Bfn is reached, the damping ratio value for Type
II dual-phase damper decreases below the peak value. The influence of «,
and Bz on ceq for £ = 31‘n is shown in Flgs.3.27 and 3.28 respectively.
The results show that by increasing o, and {32, the damping ratio value
shows a decreasing trend. This indicates that the damping ratio will be

reduced at high frequency and thus resulting in an improved performance.

64



0.4

03

P [ ~——

0.2
B!
B,
Fig. 3.25 Influence of Bz on peak damping ratlo
= = e N = .3
C1 0.1, cz 0.5 a, 0
0.4
T~
\
\
0.3 \\
N,\‘
\
§. j -
eq
0.2
01 o L
0.2 0.4 06
CL2 n.8

Fig. 3.26 Influence of a, on pr-% damping ratio

cl = 0.1, cz" 1, r‘2=1-0

65




0.4

03
Ceq
02| | 1] Tl
0.5 1 15
B,
rig. 3.27 Influence of 8_on { . f = 3f
2 eq n
cl = 0.1, Cz = 0.5, @, = 0.3
0.4
0.3
$eq
0.2
0.1
] 0.2 0.4 0.6 0.8 1

a,

Fig. 3.28 Influence of @, on coq. f = an
= = . =1.0
Cl 0.1, ca 0.5, Bz

66




The results presented in this section are useful 1in selecting the
parameters a, and Bz for a specific lsolator application. One should
attempt to choose az and 32 such that Ceq is maximum for or near fn and
that ceq is minimum possible for f>3fn. However, as the results indicate
they are conflicting requirements. When a Type II dual-phase damper is
used, for example, smaller value of @, and 82 close to «,, results in
max imum ceq at fn (desirable) and at f >> fn (undesirable), and larger
x, with Bz very much greater than «, results in lower ceq at fn
{undesirable) and at f >> fn (desirable). Due to these conflicts a

compromise is needed in selecting @, and Bz depending on the isolation

requirement.
From this study, it is also eviden. at a change in the damping
characteristics could be possible through use of a profiled metering pin

instead of a jpiecewise linear pin considered in this study.

3.5 Discussions on Simulation Results

The performance characteristics that will be discussed are some of
the majo: one’s that must be taken into account in the evaluation of the
hydraulic mount with dual-phase damper. The hydraulic mounts developed
by [13, 16, 17] allow the usz of softer mounts for better vibration
isolation and the internal fluid damping overcimes the engine bounce
problem. But the main drawback of these mounts i¢ that they can be tuned
only to a particular frequency of interest as specified by the customer.

The damping effect for a particular frequency can be obtained by
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adjusting the orifice opening connecting the two chambers and by using
fluids of different viscosities. On the other hand, a dual-phase damper
provides the user with a flexibility to operate the mount at a high or
low levels of damping depending on the frequency range. This In turn
provides the benefit of tuning the mount over a wide rauange of frequency.
Based on the results presented in this section, following concl:slons
can be drawn: First, in the low frequency range, the performance of Type
I and Type II dual-phase dampers and hydraulic mount with elasto damper
by Clark[13] were better than that of hydraulic mounts with llnear
viscous damper. This is illustrated in Fig. 3.29. Second, among the 2
different types of dual-phase dampers studied, the Type Il dual-phase
damper is superior both in the high as well as low frequency range as
long as a2 and Bz values are close. Thus, at low values of absolute
displacements the damping ratio should be low [here ¢, = 0.1] and at
high values of absolute displacements the damping ratio should be high
(here Cz = 0.5]. The study on the four-element model alsc have provided
some interesting results. In this case, introduction of Type I
dual-phase damper in place of passive damper resulted in an improvement
in the high frequency range and the performance also improved in the
resonant range when @ value was increased. However, when Type Il
dual-phase damper was introduced, the performance was superior in the
resonant range 'rith reasonable improvement in the high frequency range,
when difference between @, and Bz were small. Here, an increase 1in @,
value resulted in superior performance in high frequency range. Finally,
comparing the two-element and fcur-element models with Type II damper It
can be observed from Fig. 3.30 that the four—element model -out performs

the two element model throughout the frequency range.
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Therefore the four-element, Type II dual-phase damper is the best
performer among the two models proposed. The two-element, Type II model
has performance characteristics that are as good as four-element, Type
II model in the low as well as high frequency range. Hence it can be
inferred that, the dual-phase damper systems combine the good low
frequency performance of highly damped passive systems with good high
frequency performance of passive systems with light damping. Thus, when
the desired performance cannot be obtailned with passive systems and If
superior performance using active control system is not a necessity then

the simple hydraulic mount system using Type Il dual-phase dampers ls

recommended.

3.6 Summary

Results of the study on two models of hydraulic mounts with two
types of dual-phase dampers are presented for different values of
damping ratios and displacements. The merits and demerits of each type

in comparison with passive mounts are also discussed.
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CHAPTER 4

EXPERIMENTAL INVESTIGATION

4.1 Introduction

In the previous sections, analytical studies have been presented to
predict the performance of dual-phase dampers for their vibration
isolation performance. But, 1in order to validate the analytical
predictions, so that the scheme is feasible for general industrial use,
experimental verification is very much necessary. Hence, here the
experimental performance of a prototype dual-phase damper and constant
orifice dampers are presented and compared with analytical predictions.
The analytical studies presented indicates that Type Il dual-phase
damper combines the good characteristics of high damping near resonance
and low damping at high frequency. Consequently, Type II dual-phase

damper was selected for experimental investigation.

4.2 Development of the Frototype Damper

A prototype damper witn flexibility to adopt as either a constant
orifice damper or as a dual-phase damper was developed at Concave
Research Centre. The flexibility was possible because of the metering
pins used. A large scale construction using plexiglass was selected for
the prototype to facilitate visual observation and for ease of variation

in parameters.

In order to develop the prototype damper, the fluid flow



characteristics through the orifice must be known. The flow can be
either laminar or turbulent. In laminar flow, the fluid flows in layers
or laminas and the damping force is generated due to the shearing of the
fluid. However in turbulent flow the fluid has irregular motion and the
damping force is generated due to fluid flow through an orifice. In the
prototype damper, the fluid flow occurs through annular space between
the pin and the orifice plate. Thus, the fliw is assumed turbulent. The

characteristic equation for turbulent flow through an orifice is:

0.5
Q= Cd Ao [Z(Ap)/p] (4.1)
where Cd = discharge coefficient
Ao = area of orifice
Ap = pressure drop across the orifice

p = mass density of the fluid

and the damping force Fd is given by[35]:

F =T V (4.2)
d FC
where
FC = A f Ap y
P2 C A
d o
_m 2 _ . 2 _ 2
Ap =3 [D D ] and Ao i [D d ]
where = turbulent flow coefficlent

T
FC
V = relative velocity across the damper
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D inside diameter of the tube[Fig. 4.3]

P
D

[}

orifice dliameter

d = pin diameter

Here the turbulent flow coefficient is assumed to be same for both
compression and extension since the volume of the displaced liquid is
assumed to be same in compressic: and extension. Also, the effect of

temperature, air column and o-ring friction 1s neglected.

A prototype of Type 1II dual-phase damper with a damping
characteristic as shown in Fig.4.1 was designed. A constant amplitude of
50.8mm(2") peak to peak and « and Bz valves of 0.25 and 0.45
respectively gave the relative displacement value of 12.5mm and 22.7mm

respectively.

The damper was designed with flexibility to adopt one of three
metering pins, in which two pins correspond to two constant values of
damping and the third pin provided the dual-phase characteristic.
Fig.4.2 shows the schematic of the three pins used for the test along
with their dimensions. The dimensions were determined based on turbulent'
flow conditions. Metering pin # 1 corresponds to low damping, pin # 2‘
corresponds to high damping. while pin # 3 provides low, high and also
variable damping depending on the displacement of the pin across the
orifice plate. The calcuiation for orifice and pin dimension in the
design of prototype was aimed at achieving an a 3e value of C1 =

165Ns/m and C2 = 292Ns/m for low and high constant orifice damping and

the two damping values for dual-phase damper. The orifice plate is
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Fig.4.1 Dampling characteristics of prototype dual-phase
damper with C1 = 165Ns/m and C_. = 292Ns/m,

2
o= 0.25 and BZ=O.4S
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Fig. 4.2 Metering pins for experimental study
1. Low damping pin (diameter=8mm)
2. High damping pin (diameter=17.92mm)
3. Dual-phase damping pin
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screwed to the base of the fixed plexiglas tube while the pin is _.crewed
to the bottom of the plexiglas tube connected to the shaker. Vent holes
were provided on the top cover of the damper to minimize a‘r spring
effect. This is illustrated in Fig.4.3. When the shaker moves up and
down, the oil flow across the orifice plate will create the necessary

damping depending on the type of pin used.

Testing of the developed prototype damper was carried out in two
phases. The objective of phase I was to investigate the
Force-Displacement characteristics of the damper. Phase II of the
experiment deals with the determination of transmissibility for a
mass-spring system using the developed prototype damper. The primary
objective in phase II was to validate the analytical results and
evaluate the performance of dual-phase damper in comparison to constant

orifice damping.

4.3 Phase I: Damper Characteristics

As mentioned in the previous section, the objective of phase I was
to determine the damping force developed by the damper for the three
metering pins for various frequencies so as to obtain the necessary

system parameters for phase II testing.

4.3.1 Test Rig for Phase [

The test rig for phase 1 consisted of a hydraulic actuator, the

prototype damper and a load cell as presented in the pictorial view of
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Figs. 4.4(a) and 4.4(b). The excitailon was provided by the Lab Series
10000 hydraulic actuator manufactured by the LAB division of Mechanical
Technology Inc., New York, which has the capability to provide stroke of
*+ 76.2ma($3"). Sinusoidal displacement input of 0.5Hz to 4Hz were used.
The load cell of 2 ton capacity, manufactured by Kyowa of Japan was used
to measure the damping force. The Kyowa unit has the capability to
produce rellable signals from DC levels because it makes use of a strain
gauge plezoresistance circuit with * 2V AC bridge excitation, The
voltage from the strain amplifier of the load cell was displayed on a
strip chart recorder and also on a Philip 5035 series oscilloscope. On
the oscilloscope, the X-Y display mode was used with displacement and
damping force plotted on the X and Y axis, respectively. Using a

polaroid camera the displayed Force-Displacement plot was also recorded.

4.3.2 Test Procedure and Results of Phase [

All tests were carried out for a peak to peak input displacement of
SO.8mm(2"). Phase I of the experiment was performed in two stages. In
the first stage, the damping force developed by the constant orifice
metering systenm, compriging of metering pin #1 (low damping) and pin #2
(high damping) was tested. During operation, fluid is forced through the
constant orifice passage, which in turn will produce the necessary
resistive force, Finally, the metering pin with dual-phase damping
characteristic was tested. Here, the effective orifice area varies as
the damper is stroked. Thus, the orifice area is progressively reduced
as metering pin diameter increases due to tapered profile -and reaches a

maxXimum as displacement goes beyond BZ value. In all the three cases,
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the damping force developed was measured on a strip chart recorder, as
well as on an oscilloscope as Lissajois plots. The i.issajous plots,
obtained for all 3 pins in the frequency range of 0.S5Hz to 4Hz are
presented in the Appendix. These results are useful in evaluating the
average damping forcu. and energy dissipation per cycle as frequency ls

varied.

From the Lissajous plots, the damping force during compression and
extension strokes are obtained. Then the result as average damping force
as a function of frequency is calculated and prescnted in Fig.4.5. The
method for evaluating average damping force 1is presented at the end of
the Appendix. A curve for dry run to estimate the non-hydraulic effects
is also presented. From the curve (Fig.4.5 corresponding to dry run) it
is apparent that there is some air damping present for low frequency and
air spring effect at high frequencies. It can be Jcbserved from the
figure that the damping force initiaily increases with lincrease In
frequency in all the three cases and then decreases with increase In
frequency. When the metering pin corresponding to high damping was used,
the damping.force increased rapidly with increase in frequency. But when
the metering pin corresponding to locw damping was used, the damping
force increased only gradually with frequency. However, when the
metering pin corresponding to dual-phase damping <haracteristic was
used, the damping force 1initially increased with lincrease |In
frequency(followed high damping for low frequencies) and then starts to
decrease with increase in frequency(followed low damping for high

frecuencies).
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Similarly, from the experimental Llssajous plots at varlous
frequencies, equivalent damping coefficlents(ceq) is computed by
equating the area inside the Lissajous loop to the energy disslpated per
cycle in a viscous damper. The result as equivalent damping coefficlent
versus frequency is shown in Fig.4.6. The results show that, the damping
coefficient of the dual-phase damper approaches high damping value for
low frequencies and low damping value for high frequencies. The results
further show that the equivalent damping coefficient in all the three
cases reduces significantly as frequency is increased. Once again for
dual-phase case, the damping coefficient approaches high damping for low

frequencies and low damping for high frequencies.

4.4 Phase II: Isolation Characteristics

The objective of phase Il was to determine the experimental damping
ratio, acceleration transmissibility and relative displacement ratlos
for three runs using the three pins. Determination of damping ratio was
found necessary in order to validate the experimental results
analytically. Test results were obtained for a frequency range cf 0.5Hz
to SHz, and each run was performed twice to ensure repeatability of the

experiment.

4.4.1 Test Rig

In contrast to phase I of the experiment, where only the damper was
tested, in phase II a complete spring-mass-damper system was built to

study the performance of Type Il dual-phase damper, and to validate the
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analytical model. Hence, commercially available springs capable of
vroviding stiffness of about 13660 N/m(78 1lb/in) was used as spring.
Steel plates with a total mass of about 74.90 kg was attached to the top
of the damper unit as mass. Four Thomson linear bearings, attached to
the platform on the inertial frame was used as guide to the mass which
moves up and down along with the actuator. A schematic of the setup is

shown in Fig. 4.7.

Commercially available instrumentation components were used to
measure the input and mass accelerations and relative displacement for

various frequencies. The instrumentation used were:

- two pilezoelectric accelerometers (Type 4370) and two charge
amplifiers (Type 2651) manufactured by B & K were used to measure the

acceleration of the mass and the actuator,

- a Linear Variable Differential Transformer, often known as LVDT

(Type 3000 DC-DC) manufactured by Durham Instruments was used to measure

the relative displacement between the mass and the actuator, and

- a 4 channel strip chart recorder manufactured by Gould Inc.,

Cleveland Ohio, U.S.A. was used to record the signals.

4.4.2 Test Procedure and Results of Phase 1I

4,1.2.1 Determination of Damping Ratio

The primary objective in this part of the testing was to determine
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the damping ratio &, for the constant orifice dempers, in order to
verify the prototype design and to carryout analytical simulation using
experimental damping vzlues. One of the convenient ways to determine the
amount of damping present in a system is to measure the rate of decay of
free osclllations to s“ep displacement input. Thus, the motion of the
mass was determined by means of an LVDT(which provides an electrical
voltage proportional to the displacement of a moveable iron core) to
step displacement input. In the experiment, the LVDT was attached
h~tween the mass and the actuator to measure the relative displacement
across the damper. The decaying response was recorded on a strip chart
for both extension and compression. Then, the damping ratio was
calculated using tne logarithmic decrement method for several runs in
each case. From the response plots, it was also possible to determine
the natural frequency of the system by measuring the period between
either two consecutive peaks or crests and it was found that there was

very good repeatability.

Table 4.1 Step displacement input results
[ Damping | Damping | Damping Damped Undamped
; . nat. freq nat. freq
ratio(ext) | ratio(com) |ratio(mean) Hz Hz

Pin # 1

, 0.12 0.14 0.13 2.7 2.72

Low damping

Pin # 2

. . 0.22 024 023 2.7 277

High damping l

Table 4.1 presents the average values of { and fn for both low and
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high damping cases. In analytical simulation, the mean value of ¢ was

used.

4.4.2.2 Transmissibility Results

In the analytical studies, the results were presented in terms of
transmissibility for various frequencies. Similarly, the experimental
results are also presented in terms of transmissibility for various
input frequencies. The transmissibility was first determined for the two
constant orifice damper and then for the dual-phase damper. The
frequency was varied from 0.5Hz to 5Hz in steps of 0.5Hz and for
constant peak to peax amplitude of 50.8mm(2"). Transmissibilities were
obtained as mass/input acceleration ratio, as well as relative
displacement ratio across the damper. Figs. 4.8 and 4.9 illustrates the
relative performance of low, high and dual-phase dampers. It can be
observed from the experimental acceleration transmissibility
results(Fig. 4.8), that constant orifice damper with 1low damping
performs poorly in the low as well as resonant range and the maximum
transmissibility value was about 4.35 around 2.7Hz. However, the
performance was good beyond resonance, which indicates that low damping
in a system is useful in the high frequency range. It can also be
observed, that constant orifice damper with high damping performs
comparatively better in the low as well as resonant range. However, the
performance deteriorates beyond resonance, which indicates that high
damping in a system is useful in the low and resonant frequency regions.
The transmissibility plot for dual-phase damper shows that at low and

resonant frequency range, the transmissibility is lower than constant
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orifice low damping case, which is an indication that the dual-phase
damper has the capability to bring down the transmissibility at

resocnance.

A comparison of relative displacement ratlo shown in Fig.4.9
further shows that the performance of dual-phase damper is as good as
that of high damping case over the entire frequency range. Hence, the
improvement in transmissibility can be obtained without any loss in
relative displacement performance at resonance, which 1Is highly

desirable in mount application to avoid rattle.

Using the parameters corresponding to the experiment, attempts are
next made to simulate both fixed and dual-phase damping systems to
compare with those of experimental findings. The following sectlons

present such comparison for one damping case at a time.

Constant Orifice Damper(Low damping)

To begin with, the performance of the constant orifice damper with
low damping was evaluated. Fig.4.10 shows the acceleration
transmissibility for various input frequencies. The flgure also presents
the results from analytical simulation using two sets of system
parameter values. In the first set, the damping ratio is assumed to be
£=0.13 and the natural frequency to be 2.72Hz, both estimated from step
response. In the second set, the damping coefficient is assumed as shown

in Fig.4.6.
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The results clearly show excellent correlation betweer, the
experimental and analytical investigation fo~ the constant orifice
damper, when undamped natural frequency of 2.72Hz was used for
simulation with £=0.13(step response). However, when Ceq
value(determined from the Lissajous plot) corresponding to each
frequency was used in simulation, it can be seen in the figure that
there is good correlation in the low as well as high frequency range.
But, in the resonant region the transmissibility determined using Ceq
value does not follow the trend set by the experimenta'l result. This can

be attributed to the fact iLhat the damping coefficient value near the

resonance is underestimated using energy equivalent method.

Similarly, the relgtive displacement ratio was also determined,
both experimentally and analytically using constant damping ratt=
determined from step response and the Ceq value obtained from Lissajous
plot. This is illustrated in Fig.4.11. Here also it can be seen that
there is reasonable correlation between experimental and analytical
study for constant damping ratio. However, as was mentioned earller

there is some discrepancy in the resonant region when Ceq value is used.

The deviatiors at resonance when Ceq from phase I of the experiment
is used, results from the fact that Ceq was calculated for a run where
displacement was fixed at 50.8mm (2") peak to peak. Where as, in the
tranﬁmissibility experiment, the peak to peak displacement at resonance
exceeds 127mm (5"). Since Ceq is a function of relative velocity for
orifice damping [36], the lower value of relative displacement 1in

obtaining Ceq under estimates the damping for simulation.
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Constant Orifice Damper(High damping)

The acceleration transmissibility for wvarious input frequencies 1is

illustrated in Fig.4.12. The figure presents the result from analytical

simulation using experimentally found values: { = 0.23 and fn 2.77Hz
(from step response); § = 0.23(from step response), fn = 3Hz (from
expt); Ceq (Lissajous plot), fn = 3Hz (from expt). It can be observed
from the figure that there is good correlation between experimental and
analytical results in the low frequencies upto resonance. The deviation
beyond resonance can be attributed to influence of non-linear air spring
in the chamber and damping through the vent, asymmetric damping in the

compression and extension stroke, and foaming of oil at high

frequencies.

Fig.4.13 shows the relative displacement ratio from the experiment
as well as analytical study for different input frequencies. Here also
the analytical model follows the same trend as the experimental result,

except in the case wherec C q value was used.
e

The discrepancy due to the use of Ceq from phase I of the test in
the high damping is less than that of low damping case. The discrepancy
is due to the same reason as explained for low damping results. The
reason for less discrepancy in this case 1s due to the fact that
relative displacement at resonance in the case of high damping was less

than that of low damping case and closer to that of phase [ test.
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Pual-Phase Damper

Similar to low and high damping cases, the result as acceleration
transmissibility and as relative displacement ratio for a dual-phase
damper is illustrated in Figs.4.14 and 4.15. It can be seen that there
is good agreement between the experimental and analytical predictions in
case of relative displacement ratio and transmissibility when ';1 = 0.13
and Cz = (.23 were used. However, there is discrepancies when Ceq value
from Lissajous plots were used for the same reasons as those explained

for low and high damping cases.

4.5 Conclusions

The objective of the experimental investigation was to develop and
test a Type II dual-phase damper so that it will provide high damping in
low and resonant range and low damping at high frequencies. Experimental
results are presented in Figs.4.8 and 4.9 for comparison between low,
dual-phase and high damping. It can be clearly seen that the
acceleration transmissibility fer low damping performs well in the high
frequency range and similarly high damping performs well in the resonant
frequency range. However, the dual-phase damper as expected performed
well in the resonant range and in the high frequency range. The relative
displacement ratio comparison for the three types of dampers shown in
Fig.4.9, illustrates the superior performance of dual-phase damper, as

it minimizes relative displacement at resonance.
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4.6 Summary

In this chapter, experimental and analytical results for low, high
and dual-phase damper were presented. A prototype damper capable of
simulating constant orifice and wual-phase damping was designed and
tested in the laboratory. In the phase I ci the experiment, the damping
characteristics were first evaluated. In general, the experimental
results In the form of Lissajous plot, from phase I indlcate that the
damping coefficient value of a dual-phase damper approaches high damping
situation for low frequencies and low damping situation for high

frequency.

The transmissibility ratio for a system with the prototype damper
was evaluated In phase II of the experiment. The experimental results
from phase II showed very good agreement with the analytical simulation
(reason for discrepancy is explained). The results further showed that
it is pessible and feasible to develop a passive damper which has the
capability to provide high damping in the low and resonant range and low
damping in the high frequency range through the use of dual-phase
concept. The dual-phase damper can provide a deslrable compromise

between a constant low or high damping devices.
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CHAPTER S

CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE WORK

S.1 GENERAL

Conventional type of elastomers erployed as mounts for vibration
isolation do not satisfy some of the major operating requirements like
providing high damping during low frequencies and low damping at high
frequencies. This led to the development of passive hydraulic mounts.
Even these could not satisfy the requirements because of constant
orifice damping. Hence, the overall objective of this study 1is to
investigate the possibility of utilizing a new technique to 1isolate
vibration both in the low as well as high frequency range. The cocncept
of dual-phase damper 1in place of a constant orifice damper Iis
introduced. A dual-phase damper can provide high damping at low
frequencies and low damping at high frequencies. Two different models of
hydraulic mounts with two different types of dual-phase damper
characteristics were analyzed with identical system parameters, and the
performance was evaluated In terms of the maximum force transmitted. The
advantages and disadvantages of each type of dual-phase damper are
compared with hydraulic mounts having viscous damper or elasto-damper. A
prototype dual-phase damper was desligned, built and tested to verify the

analytical model.

The major contribution of this investigation is the introduction of

two types of dual-phase damping concepts for engine mount applications,




and comparing thelr performance with passive mounts. A further
significant contribution 1s that, an experimental Iinvestigation with
dual-phase damping 1s successfully conducted to valldate the analytical
results and to evaluate the performance of dual-phase damping concept.
The results of the present investigation show that mounts wlith
dual-phase damping concept are superior than mounts with constant

orifice damping.

5.2 CONCLUSIONS

In this linvestigation, the dual-phase damping concept for engine
vibration isolation is presented. Two major conclusions can be drawn
from thls research work. The first set of conclusions are from the
modelling aspect and the second set of conclusions are drawn from the

experimental study of Type II dual-phase damping concept.

Based on the models, the following specific conclusions are drawn:

- the two~element Type I dual-phase damping concept showed that
this type of damping 1is applicable when one needs performance

improvement primarily in the high frequency range.

- the two-element Type Il dual-phase damper concept showed that
this has the capability to perform well in the low as well as hlgh
frequency range. The transmissibility plots for various a, and {32 values
is presented and it shows that the perfe:..ance either at resonance or at

higher frequencies s affected when these parameters change. A
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compromise is therefore needed in selecting @, and B2 depending on the

performance requirement.

- Of the two types of dual-phase dampers studied on four-element
model, the Type I is superior than Type II in the high frequency range
and Type Il was superior than Type I in the low and resonant region.
Moreover, the four-element model is better than either Type I or Type II

two-elements model both in the low as well as high frequency regions.

An experimental study of Type II dual-phase damper was successfully
carried out 1in this Iinvestigation. The prototype designed for this
rurpose was capable of simulating fixed as well as dual-phase damping.

The conclusions that can be drawn from the experimental results are:

- a comparison of experimental results with that of analytical
simulation showed good agreement, hence the validity of the results

presented are not questionable.

-~ the experimental results for dual-phase damping was found to be
identical to that predicted from analytical simulation. Hence it 1is
feasible to develop a passive device with dual-phase damping to improve

performance over entire frequency range.

- the 1improvement in acceleration transmissibility through
dual-phase damping is achieved without any loss of performance in terms
of relative displacement across the damper. This is highly desirable in

mount application to avoid rattle.
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5.3 RECOMMENDATIONS FOR FUTURE P~RK

The study undertaken in this thesis is mainly to investigate the
effectiveness of dual-phase damping concept in improving the engine
vibration problem. Various aspects of study can be further investigated
without any major mecdification to the model. It is with this in mind

that the following recommendations are made here:

1. Study should be undertaken to analyze multi-phase dampling with
metering pins of various shapes in an attempt to achieve higher damplng

at resonance and lower damping at high frequency.

2. Future efforts should be aiumed at studying a complete engine

mounts system with 3 or 4 mounts utilizing dual-phase damping.

3. Optimization of dual-phase damper parameters and mount location

for a complete model.

4. Attempts should be made to overcome drawbacks of the present
experimental setup. They include: formation of air bubbles, air spring

effect, air damping effect, etc.

5. The size of an 1isolator for engine mount application |Is
restricted due to limited space. Hence, effort should be made In
developing a prototype with Type II dual-phase damping to accommodate

such restriction.
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6. Effort should be made to develop and study models that include
engine, mounts, chassls, suspension and wheels to optimize mount
parameters with an objective of minimizing engine vibration effects. The

study can further include combined influence of road and engine inputs.

7. With the fast advancement in the technology for active systen,
it may be feasible for developing semi-active and actively controlled
isolation system, for mount application. However such effort should take

into account the cost-performance trade-off.
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APPENDIX: 1

EXPERIMENTAL FORCE-DISPLACEMENT CHARACTERISTICS
" OF THE PROTOTYPE DAMPER
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The experimental Lissajous plots are presented in this section for
low, high and dual-phase damping. In all cases the peak to peak
displacement was maintained to be 50.8mm(2"). The plots of force versus
displacement was obtained from frequencies ranging from 0.5Hz to 4Hz in
steps of 0.S5Hz. In general, the plots from the low frequencies were

found to be as shown below:

which indicates that there is neglegible stiffness at low frequency, and
that peak to peak force corresponds to the damping force. Here the

average damping force lIs equal to peak to peak damping force.

As the frequency is increased, the stiffness became apperant by the
rotation of the Lissajous plots. A representation of this is shown

below.

»xy
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In this case the average damping force was calculated for

displacement equal to zero, where average damping force:

where fc = compression force and fe = extenslion force

A table at the end of the appendix presents the sensitivities

required to evaluate force and displacement from the Lissajous plots.
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