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Abstract
A Comparative Study of Modified Passenger Railway Vehicle Trucks

Srinivasan Narayanaswamy, Ph.D.

Concordia University, 1998

There has been renewed interest in rail transportation driven by the need for

alternatives to congested highways and environmental concerns. The conventional railway
truck designed for operation at high speed of approximately 200 km/hr makes use of stiff
primary suspension elements to provide good dynamic stability. The curving performance
of such a vehicle is poor because of wheelset misalignment in curves resulting in increased
wheel and rail wear. This increases the maintenance cost. The wheelset misalignment also
leads to increased lateral forces which raises the potential for derailment due to wheel
climb. One of the aspects of the railway truck design that needs improvement is better
compatibility between dynamic stability at high speeds and the ability of the vehicle to

steer around curves.

In this thesis, modified truck designs are considered with an objective to improve
both the high speed stability and curving behaviour. The performance of the following
designs are compared: (i) Conventional truck (C fruck) (ii) Radial truck (R Truck) (iii)
Conventional truck with yaw damper (CD fruck) and (iv) Unsymmetric Suspension truck
with yaw damper (USD truck). The USD truck has longitudinal asymmetry in the

suspension according to direction of motion i.e. the primary stiffness in the leading axle is
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different from the trailing axle. Another truck conmsidered for evaluation is the
Unsymmetric Wheelset truck (UW truck) in which the trailing axle is an Independently

Rotating Wheelset (IRW).

By choosing suitable values of primary yaw dampers, it is possible for CD fruck and
USD truck to achieve higher critical speed in comparison to C fruck and US truck for a
given bending stiffness. The non-linear curving analysis has shown that USD truck
achieves better curving performance in comparison to other truck designs on curvatures
up to 12 degrees. Thus it is possible for a properly designed USD fruck to achieve near

perfect steering as well as maintain good dynamic stability.

Validation of the results from this study has been carried out using the software
New and Untried Car Analytic Regime Simulation (NUCARS). NUCARS is a multi-body
dynamic program for railway vehicle design and performance evaluation and is an
industry-wide standard in North America. The analysis of performance using NUCARS
also shows that USD truck has better curving behaviour compared to other truck designs

for curvatures up to 12 degrees.
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Chapter 1
INTRODUCTION AND LITERATURE REVIEW

1.1 Background

There has been an increased effort devoted to railway vehicle research and
development in recent years. The renewed interest in the rail transportation stems from a
number of factors. As population and income growth spurs additional travel demand,
inter city transportation by air and automobiles increasingly suffer from congestion and
delay. High Speed Ground Transportation (HSGT) is a passenger transportation option
that can best link metropolitan areas lying about 200 km to 1000 km apart to meet the
pressing transportation needs. It is less polluting compared to other modes of
transportation like automobiles and aircraft. The rail transportation system also requires
significantly less space than highway systems. It is relatively safer and does not lead to
the high social costs associated with road accidents. Hence rail transportation has the
potential to become the most effective means of moving passengers and freight over
intermediate distances. However, the railway industry faces more and more competition
from the road and air transportation systems because of the speed of the air travel and
amenities of a private car. To achieve improved operational efficiency, railroad industry
continues to look for innovations that will help improve the performance. It is also a fact
that the rail road industry, especially in North America, is essentially conservative. Only
in recent years have modemn scientific methods of computer simulation been applied to

address the problems of rail vehicle dynamics.



The 'conventional' truck, shown in Figure 1.1, denotes the complete assembly of
wheels, axles, truck frame and suspension elements. In a conventional wheel-axle set,
commonly referred as wheelset, the wheels are rigidly mounted on the axle. The wheels
are tapered to provide a self-centering action for the railway vehicle. If the wheelset is
initially disturbed from the center of the track, it will pursue a sinusoidal path at low

speeds, assuming no suspension restraint. The frequency of this motion for an

.. f A -
unrestrained wheelset is given by V' e in radians/second. This state of neutral stability

at the low speed develops into divergent oscillations at higher speeds. Consequently, the
wheelsets are restrained by means of suspension elements that provide dynamic stability
to the truck. The suspension elements connecting the wheelset with the truck frame is
referred to as primary suspension. The secondary suspension connects the truck frame

with the car body.

The coupled oscillation of the restrained wheelset in yaw and lateral displacement
— known as hunting — will be damped at low speeds. As speed increases, a critical speed
is reached above which any disturbance of the wheelset or truck from equilibrium will
increase with time. Wickens had indicated, for good guidance on straight track, the
frequency of this hunting mode should be high to facilitate fast response of the self
centering action for which 4  should be high [1]. If A is too large, critical speed will

be less, thus creating a design conflict between the stability and tangent track guidance.
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The railway vehicle with flexible suspension and large conicity of the wheel
profile achieves better steering ability without flange contact in curves as studies by
Newland and Boocock have shown [2], [3]. But such a design leads to hunting
phenomenon due to self induced oscillations of the rigid axle wheelsets. Vehicle hunting

imposes operating speed limits and increases component wear.

A conventional rail vehicle suspension system is designed to provide high-speed
dynamic stability on tangent track by using stiff primary suspension elements. The
curving performance of such a vehicle is poor because of wheelset misalignment in
curves resulting in increased wheel and rail wear. This increases the maintenance cost of
track and wheels. The wheelset misalignment also leads to increased lateral forces which
raises the potential for derailment due to wheel climb. One of the aspects of the railway
truck design that needs improvement is better compatibility between dynamic stability at

high speeds and the ability of the vehicle to steer around curves.

Thus requirements for good curving ability conflict with the requirements for

dynamic stability.

1.2 Literature Review

In the following section review is done on the work carried out on rail vehicles to

achieve compatibility between dynamic stability and curving behavior. Research carried



out in the development of rail vehicles with Independently Rotating Wheelset IRW) are

also discussed.

1.2.1 Conventional Trucks

The book on rail vehicle dynamics by Garg and Dukkipati is a comprehensive
source for information on modeling and aspects of computer simulation of railway
vehicles [4]. Law and Cooperider presented a survey of the research concerned with the
dynamics of single, conventional rail vehicles and discussed the often conflicting
objectives for railway vehicle suspension design and the research done to understand the
design implications of these objectives [5]. Wickens presented the theory on steering and
dynamic stability of railway vehicles in [6]. He showed that the stiffness and kinematic
properties of all possible inter wheelset connections could be characterized by the

generalized bending stiffness and the generalized shear stiffness.

A design methodology was proposed by Wormley et al for passenger railway
trucks [7]. The procedure for the selection of truck design parameters to meet dynamic
performance indices is based in partitioning the design task into three trade-off studies:
(i) a vertical ride quality- secondary stroke trade-off (ii) a lateral ride quality-secondary
stroke trade-off (iii) a stability-curving trade-off. The stability and forced vibrations of a
railway vehicle to harmonic and stochastic track excitation were reported in reference [8]

with the aid of a general multi-body program.



In these investigations, predominantly linear models of rail vehicles were
considered. Because of the non-linearities inherent in the rail vehicle design and in the
wheel/rail interaction, a linear analysis retains validity only for small amplitude motions.
Linear models thus usually provide a qualitative, rather than a quantitative, measure of
the system response. Hedrick and Arslan developed a model for studying the forced
lateral response and stability considering important nonlinearities such as wheel profile
and suspension effects {9]. They made use of the method of statistical linearization. The
nonlinear curving theory for the railway vehicle was presented and validated with
curving tests by Elkins and Gostling [10]. The improvements made to the nonlinear
wheel/rail force prediction method of Elkins and Gostling was reported in reference [11].
The experimental equipment, that were developed over the years in British Rail Research
and used to provide input data for the predictions, were described. Results of series of
curving tests were compared with model predictions and were shown to give excellent
agreement with the improved theory. Subsequently, Elkins and Allen used the validated
computer model to evaluate the performance of a transit truck in terms of wheel/rail wear

[12].

Analyses were conducted on the influence of axle load, track gauge, and wheel
profile on the hunting behaviour of simplified models of wheelsets for typical freight and
passenger car suspensions and reported in reference [13]. Hull and Cooperrider
investigated influence of non-linear wheel/rail contact geometry on stability of railway

freight cars with three-piece trucks using describing function techniques [14]. A non-



linear analysis for rail passenger truck stability and response to track alignment
irregularities was developed by Horak and Wormley [15]. The analysis was used to
illustrate the effect of track roughness, wheel profile parameters and creep on wheelset

flanging and truck stability.

1.2.2 Steering Trucks

Development of two different types of steering trucks will be discussed in this
section: (i) self-steering trucks in which wheelsets are interconnected through cross-
braces or steering arms (ii) body-steered trucks in which wheelsets are steered by

linkages connected to the car body.

The dynamics of a flexible truck are strongly affected by inter wheelset forces
either through the truck frame as in the case of a conventional truck or through the
interconnection elements as in the case of a self-steering truck. The impetus for the
development of self-steering truck designs, like cross-braced trucks and radial trucks, has
come from increasing demands of railways for higher operating speeds combined with
good curving behaviour. The cross-anchor freight car bogies developed in South Africa
and shown in Figure 1.2, use diagonal links pin-jointed to the journal boxes or side
frames [16,17]. In USA and Canada, radial trucks for freight cars use steering arms

mounted on the journal boxes and pin-jointed together as shown in Figure 1.3 [18].
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References 19 to 21 presented the research efforts to quantify the benefits that can be
obtained through cross bracing a three-piece truck for a freight car. The technique of
cross-bracing did not eliminate the requirement for a non-zero bending stiffness between
the wheelsets but it did provide greater stability for a given bending stiffness than was
otherwise achievable. Using low order, predominantly linear models, Horak et al
analyzed the stability andcurving mechanics of conventional and self-steering radial
trucks for railway passenger cars [22]. It was shown that trucks with low value of
bending stiffness had good curving behavior. However the choice of shear stiffness
depended upon the severity of curves to be negotiated. A low value of shear stiffness
improves the ability of the truck to stay off the flange for intermediate curves while a
high value of shear stiffness results in lower flange forces once flange contact occurs.
The effects of primary suspension and conicity were evaluated to find the trade-off
between dynamic stability and curving performance for the case of conventional and

radial truck designs.

In the body steered trucks, wheelsets are steered by means of linkages connected
to the car body through the truck frame. In most designs, the linkages ensure that the yaw
angle of the truck frame relative to the body is used to achieve the radial orientation of
the wheelsets on curved track. Development of body steered trucks have been dealt with
extensively in references [23] and [24] . In these trucks, an oscillatory instability can
occur at low speeds due to kinematics of the linkage mechanism. These oscillations could

be avoided by very careful selection of suspension parameters. However, these designs

10



have been found to be potentially sensitive to misalignments and manufacturing errors.

Steering errors occur on curve entry and reverse curves.

One way of extending limits of performance obtainable with passive suspension
is to use active suspension elements. Actively controlled suspensions have been the
subject of research and development for a number of years and the main thrust has been
towards the improvement of ride [25, 26]. Dynamics of actively guided vehicles in which
steering is carried out in response to signals from a controller seeking to follow a given
path or track has been reviewed by Wickens [27]. The performance of a rail car
equipped with IRW having yaw control was discussed in [28]. However, for wider
applications to railway environment, increased complexity of active systems may

possibly outweigh the benefits.

1.2.3 Railway Vehicle Trucks with Independently Rotating Wheelsets

In a conventional rail vehicle, the hunting phenomenon imposes operational speed
limits. Hunting is due to the coupling existing between the lateral and yaw motion of the
rigid axle. In railway trucks provided with IRW, hunting is eliminated. In an IRW,
wheels are decoupled and they can rotate independent of each other at different angular
velocities. In all other ways, the IRW acts as a rigid wheelset thus avoiding problems at
track features such as switch and crossing. The survey paper by Dukkipati et al provides

an extensive review of rail vehicle systems with IRW [29]. Figure 1.4 shows the two-part

11
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Wheel Assembly

Single Axle Design of IRW

Figure 1.5
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axle design of IRW in which two axle parts are joined by a common sleeve. The sleeve is
fastened to the truck by tie rods and thus prevented from rotating. Each axle part is
connected to the outer sleeve via two spherical roller bearings. Another design of IRW
consists of two wheel assemblies mounted on a shaft through bearings as shown in
Figure 1.5. Trucks with IRW do not have guidance capability, because independent
wheels are unable to generate any steering torque due to rolling radius difference. This

results incontinuous flange contact of one of the wheels.

Talgo train in Spain is a practical example of a railway system with IRW. The
success of the Talgo train is due to its articulated construction whose trucks are coupled
in the form of a draw bar chain, thus ensuring proper guidance for the vehicle. The ride
quality of this high speed train is better compared to other conventional designs. But this

train is not bi-directional.

An analytical investigation was initiated through a preliminary study of the
application of IRW with a concave contour profile to the high speed Tube Vehicle
System [30]. The response of the vehicle with IRW to lateral rail irregularities was
compared to the performance of a conventional rail vehicle. It was found with respect to
lateral ride qualities the modified vehicle appeared to be potentially superior to the

conventional vehicle.

The dynamics of rail vehicles with IRW were analyzed theoretically by Eickhoff
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and Harvey of British Rail Research and validated with experimental comparison [31,
32]. During testing it was observed that the truck fitted with IRW showed a definite
tendency to run offset from the track center line, particularly with the softer suspension
characteristics. One of the possible reasons for this behaviour is due to wheelset
misalignment. In conventional trucks, wheelset misalignments of 0.1-0.5 milliradians are
allowable. This is equivalent to making straight track look like a curve of several
thousand metres radius. The conventional wheelset moves laterally and the small lateral
offset produces a rolling radius difference. The resulting torque in the yaw direction

compensates for the misalignment.

In the case of IRW, the wheelset has to move laterally until the contact angle
difference produces sufficient force or rotates such that an angle of attack to the rail
produces a lateral creep force. This is because, an IRW can not generate a yaw torque
when it is laterally moved. It was found that a small misalignment of the order of 0.1
mrad would force an IRW into flange contact with one rail. However, the trucks with
IRW were stable even at high speeds and for identical suspension parameters, the
unweighted body lateral acceleration reduced by 50% in the case of the vehicle with IRW

compared to the conventional one.

Elkins proposed a simple retrofit modification of the three piece freight car truck
with IRW [33]. Various configurations of trucks with IRW were tested. It was observed

that if hunting was the only consideration, then a truck with both axles with IRW would
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be the best choice. However, the predicted curving performance of this configuration was
worse than that of a conventional three piece truck. The configuration in which only the
trailing axle was an IRW had substantially better predicted performance in both hunting

and curving than a conventional truck. Such a design, however, is not bi-directional.

Another method of providing guidance to the IRW system is by a partial
coupling of the axle. Benington showed that the dynamic behaviour of a single,
conventional, elastically restrained wheelset could be improved by replacing the rigid
torsional coupling between the wheels with a coupling having variable viscous
characteristics [34]. In a detailed study, Ahmed investigated the performance of a freight
car system with an Elasto-Damper Coupled Wheelset (EDCW). This concept is seen as a
compromise between the excellent guiding characteristics of a conventional wheelset and
improved hunting performance of an IRW [35]. An EDCW primarily consists of an axle
with two independently rotating wheels coupled through an elasto-damper combination.
The stability analysis revealed that by using a speed dependent damper in the coupler, the
critical speed of a freight truck with EDCW is improved by over 100% in comparison to
a conventional freight truck. However, analysis of the curving behaviour revealed that,

due to torsional compliance of the EDCW, there is some loss of curving performance.

The partial coupling of the wheel-axle is provided by means of a magnetic
coupling in a creep controlled wheelset developed in Germany . The wheels rotate

independently on a fixed axle and are connected by means of a hollow shaft to a
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magnetic powder coupling as shown in Figure 1.6. The frame and the primary suspension
of the conventional truck are replaced by a fibre composite structure. Such a design was
developed and tested by MBB GmbH and its excellent characteristics in terms of

stability, guidance, force level and ride comfort are reported in reference [36].

In a creep controlled wheelset, the creep conditions at the two wheel/rail contact
points are influenced directly by adjusting the torque transmission characteristics of the
magnetic powder coupling, the main effort being directed at reducing the

longitudinal component of the creep forces. The potential benefits of such a design are:

e Extension of the economically viable speed range upto 350 km/hr
¢ Reduction of lateral dynamic forces on tangent track and curves

¢ Decrease of wear on the tread profile

e Reduction of noise

The adverse effects of using a conventional rigid axle wheelset can be eliminated by
completely de-coupling the wheels. Such a truck concept, in which forces necessary for
guidance arise in the wheel-rail contact patch, has been advanced by Frederich [37]. The
truck consists of individual wheels aligned one behind the other to form a so-called
wheel block. Two such wheel blocks, with the wheels located in the fork shaped ends of
the truck side frames, are linked to each other with a flexible joint as shown in Figure
1.7. The car body rests on two air springs mounted on the truck side frames. A lateral

damper in the center of the truck and a vertical damper on each side of the air springs
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together form the secondary suspension. A longitudinally aligned rod is provided to
transmit traction and braking effort between the body and the truck. The analytical
investigations and the subsequent experiments revealed the superior performance of the

new truck design.

1.2.4 High Speed Ground Transportation

The progress made in the railway technology has found wide spread commercial
applications in Railways in Europe and Japan. More recently in the United
States,activities for the improvement, adaptation and integration of state-of-the-art
technologies have been undertaken to promote high-speed passenger rail service
[38,39,40,41]. To provide an objective basis for transport policy formulation and
planning at the State and Federal levels, the report on ground transportation prepared by
the Department of Transportation in the United States examined the economics of
bringing HSGT to well-populated groups of cities [42]. The report classified HSGT
options into three groups: accelerated rail service (“Accelerail”), new high-speed rail
systems (“New HSR”), and magnetic levitation (“Maglev™), in order of increasing
performance capabilities and initial cost Accelerail constitutes upgraded intercity rail
passenger service on existing railroad rights-of-way, most of which belong to the freight
railways. Examples of Accelerail-type systems include tilt trains such as the X-2000 in
Sweden, Talgo in Spain, Pendolino in Italy and the InterCity 225 service in the United

Kingdom. The top speeds attained in these systems are up to 240 km/h. New HSR
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represents advanced steel-wheel-on-rail passenger systems on almost completely new
rights-of-way with the maximum operating speed of approximately 300 km/h. Examples
of New HSR include French TGV, the Japanese Shinkansen, and the German Intercity
Express (ICE). Recently, the TGV technology developed in France has been chosen for

the high speed train service in the North East Corridor of the United States [43].

Maglev is an advanced transport technology in which magnetic forces lift, propel
and guide a vehicle over a specially designed guide way. There are no commercially
operating Maglev systems currently. Germany and Japan have tested Maglev technology
up to speeds of 450 km/h. These systems, if commercially made viable, have a potential

to compete with air transportation over longer distances.

1.3 Research Qutline

The challenge of railway vehicle suspension design has been to resolve the
conflict between curving and dynamic stability. This conflict between curving and
stability is quite fundamental and inherent in the railway vehicle design. As Wickens has
shown, the conventional railway vehicle truck should have zero primary longitudinal
stiffness for perfect steering on a curve [6]. However, such a vehicle with zero critical
speed, will lack the dynamic stability. Thus, for the conventional truck, optimization
involves a trade-off in the choice of suspension stiffnesses consistent with the required

critical speed and curving performance. The radial truck design consists of minimizing
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the longitudinal or yaw suspension stiffness that will help to align the wheelsets better on
a curve and providing higher shear stiffness with wheelset interconnections to achieve a
given critical speed. Studies in the past have shown that the self-steering radial truck
allows an improved stability/curving trade-off, but it does not eliminate the trade-off

[22].

In this thesis, potential for improving the performance envelops of existing
designs is explored through investigation of modified truck designs. The modified truck
design has an asymmetry in the plan view primary suspension. The asymmetry is
introduced in two ways: in the unsymmetric suspension truck the primary suspension in
the leading axle is different from the trailing axle; in the unsymmetric wheelset truck the
trailing axle has independently rotating wheels. Appropriate linear models are developed
for the study of dynamic stability and curving. It is shown that under certain conditions
the unsymmetric suspension truck can achieve perfect steering as well as maintain
dynamic stability. The models are evaluated to choose optimum suspension parameters to

achieve the best trade-off between curving performance and tangent track stability.

Models of the conventional truck and unsymmetric truck are further modified by
providing yaw dampers in the primary suspension to improve the dynamic stability. If
the primary yaw dampers are used, the longitudinal restraint is removed for the low
velocity steering motions; for higher frequency motions the damper resistance increases

and the higher resistance helps to achieve desired critical speeds. The tangent track
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stability of these advanced designs are then evaluated. Their curving performance is
analyzed using a non-linear model that takes into account the non-linear wheel/rail

profiles, non-linear creep forces and the yaw break away between truck and car body.

The technology that would hasten the deployment of a high-speed rail passenger
service 1s that which can improve the safety, reliability, cost-effectiveness and revenue
generating potential of such a service. It is shown that the unsymmetric suspension truck
with primary yaw damper achieves better compatibility between the dynamic stability and
curving behaviour than existing truck designs. Such a railway vehicle with the
unsymmetric suspension trucks and primary yaw dampers can potentially be operated on
existing rights-of-way without the need for massive investments for new track

infrastructure.

1.4 Summary

In this chapter, a review is done on the research in railway vehicle suspension that
has been carried out with an objective to achieve good curving performance and dynamic
stability at high speeds. In Chapter 2, aspects of modelling a conventional railway vehicle
will be discussed and equations of motion will be formulated for lateral stability analysis.

Equations of equilibrium will also be derived for the study of curving behaviour.

In Chapter 3, concepts of modified truck designs will be introduced and equations

of motion for a simple, two-axle truck model will be formulated to aid in understanding of
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the stability characteristics. The following truck designs will be evaluated: a conventional
truck that has symmetric plan view primary suspension, referred to as the C truck; a self-
steering radial truck that has a steering arm interconnecting the wheelsets, referred to as
the R fruck, an unsymmetric suspension truck that has an unsymmetric plan view primary
suspension, referred to as the US fruck; and an unsymmetric wheelset truck that has an

independently rotating wheelset in the trailing axle, referred to as the UW truck.

In chapter 4, linear curving models will be used to evaluate the off-flange and on-
flange curving performance of the trucks mentioned above. A trade-off analysis is carried

out to optimize suspension parameters for the different truck designs.

In Chapter 5, the C truck and the US truck will be modified with yaw dampers in
the primary suspension in order to improve the dynamic stability at high speeds. These are
referred to as CD fruck and USD truck respectively. A sensitivity study will be done to
evaluate the effects of varying bending stiffness, wheel conicity and creep coefficients for

the C fruck, R truck, CD truck and USD truck designs.

In Chapter 6, results of curving analysis using a non-linear, steady state curving
program will be presented for the C truck, R truck, CD truck and USD truck designs. The
program will be validated by comparing the results with those obtained from NUCARS

simulation.
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Chapter 7 will summarize main conclusions of research with recommendations for

future work.
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Chapter 2
MODELLING CONSIDERATIONS AND SIMULATION
ENVIRONMENT

2.1 Introduction

The guidance of a railway vehicle is determined by interaction between wheelsets
and rails. Thus the mechanics of wheel-rail interaction is fundamental to the dynamics of
railway vehicles. The kinematics of guidance is based on the geometry of wheelsets and
rails. On the other hand, the dynamics of guidance depend on the wheel-rail interaction

forces and moments developed as a result of the vehicle's forward velocity.

Wickens developed realistic theory of dynamics of railway vehicles on straight
track taking into account flexibility between the wheelsets and the frame in the
longitudinal, lateral, and vertical directions, and the influence of wheel and rail profiles
[44, 45]. In this chapter, aspects of modelling a conventional truck including wheel-rail
geometry, wheel-rail contact forces and suspension forces will be discussed. The creepage
expressions are derived in Appendix B. The suspension forces and the equations of motion

are derived in Appendix C.

2.2 Wheel-Rail Geometry

2.2.1 Linear Model of Wheel-Rail Geometry
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A number of geometric parameters are required to adequately simulate the

wheel/rail interface as shown in Figure 2.1. They are:

. = rolling radii of the left and right wheels
4,08, = contact angles for the left and right wheels
¢, = wheelset roll angles

R,

In the linear hunting model and linear curving model, these variables are

approximated by linear functions of the lateral wheel set displacement as given below:

r,r, = r, Ay, (2.1)
A
8.8 = 4,+=y, (2.2)
r
- L 23
b = JIu (2.3)

In the above equations,

= centered wheel radius

~

o
= wheel conicity

A
g, = centered contact angle
= contact angle difference coefficient

A
I’ = wheelset roll coefficient

Referring to the equation (2.1), the rolling radii enter the wheelset equations of
motion because there is a difference between the rolling radii of the wheelset as the
whelset is laterally displaced. When the wheelset is displaced from a centered position
between the rails, the difference between the rolling radii at the left and right wheels

requires that the velocity of the wheel at the contact point on the wheel with a larger
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rolling radius be greater than the velocity of the other wheel at the contact point. The
resulting creepage at the wheel/rail interface gives rise to a moment which tends to steer
the wheelset towards the centered position of the rails. This difference in rolling radii with
lateral displacement has a dominant effect on the nature and stability of the rail vehicle
motion. If the conicity is zero, like in a cylindrical tread profile, the vehicle will never
experience hunting, but must rely on wheel flanges for guidance. Increasing the effective
conicity has a destabilizing effect, since the critical speed for onset of hunting is lower for

higher conicities .

2.2.2 Non-Linear Model for Wheel-Rail Geometry

The equations (2.1) to (2.3) are valid for the tread contact of wheels. For the linear
hunting model, the above linearized wheel/rail geometry provide reasonably accurate
results. During curving, wheels are guided by the flange and wheel/rail contact conditions

depend on the wheelset lateral position.

The nature of the forces exerted between the wheel and rail, both in the plane of
contact and normal to it, is determined by the geometry of the wheel and rail. The
wheelset is constrained to move laterally and vertically in a prescribed space determined by
the geometry of the wheels, rails and track structure. The wheelset position is described by
its lateral position of its geometric center relative to the track center line and the yaw
angle of the wheelset. The roll angle and vertical displacement of the wheelset are

determined by the geometric constraints. To predict the wheel-rail geometric parameters
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like contact angle, roll angle, rolling radius for any particular value of lateral displacement,

Cooperrider and Heller developed a numerical technique [46].

A linear analysis that assumes conical wheel tread profile is a poor approximation
for worn or intentionally profiled wheels. The new and worn profiles for the wheel and rail
are shown in figures 2.2. The following steps are involved in using the program
Asymmetric Wheel and Rail Characterization Program , WHRAILA, developed by

Cooperrider and Heller:

1. Obtain digital wheel and rail profile data

2. Specify the wheel and rail gauge (lateral separation) and cant angles (relative
orientations)

3. Solve numerically for wheel/rail contact positions over a range of wheelset lateral
positions

4. Use the contact position results to compute desired wheel/rail geometric constraint

functions.

Typical results from the wheel-rail geometry analysis for an AAR 1:20 profile is

shown in figure 2.3. The normalized rolling radius difference, bl and one half
a

iy '
5 ~, are nearly linear before the flange contacts the rail,

contact angle difference,

and jump abruptly at flange contact.
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2.3 Wheel-rail Contact Forces

Wheel-rail forces are generated in the contact patches between the wheels and the
rails. Each wheel and rail are pressed against each other by the normal loads and due to
the material elasticity, deform to create a contact area. A contact plane is defined from the
orientation of the track and the magnitude of the contact angle. Creep forces are tangential
to the contact plane and normal forces are perpendicular to it. Creep forces are generated
by the partial slip called creepage between the rolling wheel and the rail. The creepage can
be defined as a state between pure rolling and overall sliding. Creep forces can be

computed according to the linear theory of creep formulated by Kalker [47].

Forces and moments in the plane of the contact patch at each wheel are a function

of the creepages &£ and creep coefficients £,

i

. as given by the following equation:

M: O fB —f;3 5:

The creepages are calculated with respect to the contact plane axes shown in
Figure 2.1. The relationship between the contact axes and the equilibrium axes are derived
in Appendix A. The generalized expressions for creepages are derived in Appendix B
based on the velocity of wheelset centre of mass as shown in Figure 2.4 . The longitudinal

creepage for the left wheel is derived as
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V i .
V —a(+ )~ (@+ )
Gu = % (2.5)

The lateral creepage is given by

(Yw -VWw+rl¢5) (26)
V cosd, ’

éyl =

and the spin creepage is

V. )
(§+ww)cosé‘, — (@ + B)sin g

= 2.7
S v (2.7)
The corresponding creepage values for the right wheel are given by
Vv . )
V +a(k—+ ¥,)— (o + B)r,
= 2.8
Ger v (2.8)
{w = (yw 'VWw+rr¢) (2.9)
Vcosd,
Vo, .
(E +y,)cosd +(w + B)sind,
Sor = (2.10)

\%

Creep forces are non-linear functions of the creepages, normal wheel loads and

wheel-rail geometry, mainly due to dry friction saturation limit equal to uN where 4 is
the coefficient of friction and N is the normal wheel load. The creep force variation as a

function of creepage, for a given wheel load and contact geometry, is shown in Figure 2.5.
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The slope at the origin is the creep coefficient.

2.3.1 Creep Forces for Linear Stability Model
For stability analysis, linearized creepage expressions are obtained by using

equations (2.1), (2.2) and (2.3) in the generalized expressions above.

Left wheel:
S = '(%}ﬂﬁ'%j (2.11)
£ = 5'_{;-_ : r?;jw (2.12)
Gt = %—%’ (2.13)
Right wheel:
& - Ly 02 (.19
£, = S’TW- ; r:;jw (2.15)
Sr = %%’— (2.16)

The above expressions are used in equation (2.4) to calculate the creep forces for the

linear stability model.
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2.3.2 Creep Forces for Linear Curving Model

In curving wheel loads redistribute under the influence of cant deficiency as shown
in Figure B-2. The expressions for vertical wheel forces at the left and right wheels with
the load shift are derived in Section B.2.1 of Appendix B. The expression for the wheel

load on the left wheel is

hcg

N, =N,(+ 2 ¢s) (2.17)
hC

N, = N,(1-—%¢,) (2.18)

a

The offset of equilibrium positions between components and the redistribution of
static loads lead to unequal vertical loads on the wheels. As wheel loads shift and
redistribute in curving under the influence of curving forces, the creep coefficients are

modified to calculate actual forces. Given the nominal wheel load N, , the creep
coefficients can be updated as a function of the actual wheel loads N, and N,, for

the left and right wheels respectively as given by the following equations:

2/3

N,
G = fn( Nl:,) (2.19)

N, 273
(fZZ)IIr =f22("&%’) (2.20)
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N

w

(fs)u, =f23[N//rJ (2.21)

N a3
) = fn(#] (2.22)

The creepage expressions for the linear curving model are derived in Appendix

B.2.2. The equations for the left wheel are:

_ 4 r,a 2h¢,
€ - 2202
& = -(w+t] (.29
vV v
(&)
Sa = > : (2.25)
_ i r,a ' 2h¢,
e - 2o
E o= . N (2.27)
{529
Gor = ” (2.28)
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The above creepage expressions are used in equation (2.4) to calculate creep
forces for the linear curving model. In equations (2.24) and (2.27), b~ is + for the
leading wheelset and — b for the trailing wheelset in a truck. Linear creep forces that are
calculated using equation (2.4) are then saturated according to the Vermuelen/Johnson
saturation curve such that creep forces do not exceed the wheel/rail adhesion limit. This

method is explained in Appendix D.
2.3.3 Creep Forces for Steady State Non-Linear Curving Model

For small creepages, the relationship is linear and the equation (2.4) can be applied
to calculate creep forces. For large creepages, which are common in curving, the creep
force laws are non-linear and non-linear wheel/rail geometry and non-linear creep force

models have to be incorporated.

The creepage expressions (2.5) to (2.10) can be simplified by ignoring the velocity

terms:
Longitudinal:
r, np a
_ b L 2.29
oV ! R (2.29)
r. rpg a
=L = 2.30
= r, - 14 - R ( )
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Lateral:

7
= 2.31
% cosJ, (231)
v
= 2.32
& cosd, (2.32)

Spin:

sin §, sind; cosd,
—+

_ 2.33
513 ro V + R ( )
sind sin o, cosod
= d L 4 2.34

The method explained in Section 2.2.2 is used to incorporate the effects of non-
linear wheel-rail geometry in the calculation of the creepage terms above. For calculating

non-linear creep forces, following three methods are normally used :

¢ Cubic saturation model proposed by Vermuelen and Johnson

 Simplified theory developed by Kalker and incorporated in his program
FASTSIM

* Exact three-dimensional theory developed by Kalker and
incorporated in the computer program DUVOROL [47]

The cubic saturation model which is explained in Appendix D is used in the non-
linear steady state curving model developed in this thesis. This model is relatively simple

and entails inexpensive numerical computation. But the calculation of creep forces may
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be an approximation as compared to the latter two models.
Creep forces obtained with respect to the contact axes as shown in Figure 2.1, are

then converted to the equilibrium axes by the following set of equations:

For the left wheel
Fy = Fy (2.35)
F, = Fjcos(g +¢,) (2.36)
F, = Fysin(d+4,) (237)
and for the right wheel
F_ =F. (2.38)
F, = F, cos(g -¢,) (2.39)
1:_:,. = F;r Sin(ar _¢w) (2.40)

2.4 Gravitational Stiffness Forces

At the wheel/rail interface, in addition to the creep forces, normal forces exist in a
direction perpendicular to the contact plane. The term Gravitational Stiffness refers to the
effective lateral force and yaw moment that exist between the wheelset and track, caused
by the lateral components of these normal forces. For heavy axle loads, these forces have
considerable effect on the dynamic behaviour of a railway vehicle. When a wheelset is
centered on a uniform track, normal forces on the left and right wheels are equal in

magnitude. The sum of vertical components of the normal forces are equal to the axle
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load and lateral components have a zero resultant force. When the wheelset is displaced

laterally by a small amount, the lateral component on the left wheel is,

N

jvs

= -Nsin(g +4,) (2.41)

and on the right wheel is,

N, = N,sin(d -4¢,) (2.42)

The net gravitational stiffness force is then,

N, = N,+N
Y o (2.43)
= —Nl(al +¢w)+Nr(ar —¢w)
The yaw gravitational stiffness moment is written as
N, =, -Nyay,
g oo (2.44)

=(N,(3 +8,)+ N, (@4 - 8.))av.

The contact angles enter the equations of motion through the lateral components of
normal wheel loads between the wheel and rail. For small contact angles, this force is
approximately equal to the axle load multiplied by half the difference in contact angle plus
the wheelset roll angle. This gravitational stiffness force acts in a direction to move the
wheelset towards the centered position. If the gravitational stiffness is large, due to a large
change in contact angle difference with lateral displacement, significant lateral restoring
force is produced. Thus, gravitational stiffness gives a stabilizing effect to the vehicle
motion. For new wheels with straight taper, the contact angle difference is zero until

flange contact occurs.
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2.4.1 Gravitational Stiffness for Linear Stability Model

The expression for lateral gravitational stiffness force (2.43) can be simplified

using the equation (C-49) in Appendix C and the linearized equation is:

1,.V6,
N = =22 WW-MJ’W (2.45)

y
ar, a

The following simplified equation is obtained from the expression for the yaw gravitational

stiffness moment in (2.44):

N, = Wby, (2.46)

2.4 .2 Gravitational Stiffness for Linear Curving Model

Equation (2.46) can be written after linearizing as:

(A+D)
a

N)’ = _(Nl-Nr)ao_(Nl+Nr) Yw (2.47)

Using equations (B-35) and (B-36) in the above expression, we get,

WA (r + A)yw

hg
@40, = (2.48)

N, =W,

The yaw gravitational stiffness moment for the curved track is

N, = a(— N, +Nﬂ)(¢/xw +2R;)
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= WAaé‘o(y/w +%) (2.49)

In the above equation, 5° is + b for the leading wheelset and — b for the trailing

wheelset in a truck.

2.5 Conventional Vehicle Model

2.5.1 Wheelset Force Balance

Figure 2.6 shows the free body diagram of a single wheelset. In the figure, 4,
and &, are the contact angles at the left and right wheels and ¢, is the roll angle of the

wheelset. The equations for wheelset lateral and yaw force balance can be written from the

free body diagram. The external forces and moments acting on the wheelset are:

F, M, : Primary suspension force and moment

F F:r_M:r’F

B M, Creep forces and moment
yro yl>» =l =

N, N, : Normal wheel-rail forces
Equilibrium equations are:

Lateral: F,+F,+N,sin(8, - #) - N,sin(8, +$) + F, =0 (2.50)

Yaw:
a(F, —F,)+a(F, — F,)y+(N, sin(6, —¢) + N, sin(5, + p))ay + M, + M, + M, =0

(2.51)

The equations of motion for a wheelset including inertia forces are derived in

Appendix C.1.
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2.5.2 Linear Stability Model

The equations for force balance in the truck and car body are derived in Sections
C.2 and C.3 of Appendix C. In most conventional truck designs for passenger rail
vehicles, an H-shaped frame is used and the wheelsets are directly connected to the frame
through primary suspension elements. Figure 2.7 shows the suspension arrangement of a
conventional truck. The primary suspension consists of a chevron shaped rubber element.
The primary suspension allows the wheel-axle sets to move in relation to the truck frame

and helps to isolate the truck frame from vibrations induced by rail irregularities .

The carbody is supported by the truck frame through a bolster and the softer
secondary suspension elements. The purpose of the secondary suspension is to further
isolate vibrations and to ensure a comfortable ride for the passengers. The bolster is
connected to the car body by a large bearing. In reality, stiffness and damping properties
of these suspension elements are non-linear. These non-linearities, coupled with the non-
linear nature of wheel/rail force environment, make the prediction of rail vehicle
performance difficult. In this thesis, each suspension element is modelled by a linear spring
and damper element. Figure 2.8 is a schematic diagram of the carbody suspension model.
Suspension force between any two rigid bodies is calculated by considering the relative
displacement (velocity) between the bodies and the stiffness (damping coefficient) at the
suspension connection. In Section C.4 of Appendix C, expressions for suspension forces

on the wheelsets, trucks and carbody are given.

The linear equations of motions are derived for the stability analysis of the railway
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vehicle by using terms derived for creep forces and moments, gravitational forces and
moments, and suspension forces into the set of force balance equations obtained for each
rigid body, i.e. wheelsets, trucks and carbody. These equations are listed for a single car

model consisting of the following 17 degrees of freedom in Appendix C-5.

Lateral and yaw degrees of freedom for four wheelsets .. 8
Lateral, roll and yaw degrees of freedom for two trucks .. 6
Lateral, roll and yaw degrees of freedom for the car body .. 3

2.5.3 Linear Curving Model

The equations of static equilibrium for the linear curving model are obtained by
including terms due to curvature and cant deficiency in the expressions for creep forces
and normal forces derived in Sections 2.3.2 and 2.4.2 respectively . For the steady state
curving model, velocity and acceleration terms are omitted from the force balance
equations given in Sections C.1 to C.3 of Appendix C. The model used in the analysis has
8 degrees of freedom: lateral and yaw of two wheelsets, lateral and yaw of a truck and
lateral and roll of car body. The complete set of equations of equilibrium for the linear

curving model are listed in Section C.6 of Appendix C.

2.6 Summary

In this chapter, aspects of modelling a conventional truck has been discussed . The
creepage expressions are derived in Appendix B. The suspension forces and the equations

of motion are derived in Appendix C. In the next chapter, modified truck design models
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will be developed. The stability behaviour of C Truck, R Truck, US Truck and UW Truck

will be compared.
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Suspension Arrangement of Conventional Truck

Figure 2.7
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Chapter 3
LATERAL STABILITY MODELS FOR MODIFIED TRUCK DESIGNS

3.1 Introduction

The modelling aspects of a conventional railway vehicle were considered in the previous
chapter. The lateral stability model with a full carbody and two trucks interconnected with
suspension elements is derived in Appendix C. The understanding of the lateral stability behaviour
of such a complex system is made easier using a building block approach. In this chapter, lateral
stability is evaluated using a simplified truck model with two wheelsets interconnected through
suspension elements. Linear equations of motion are developed for the following alternative truck
configurations: Radial Truck (R Truck), Unsymmetric Suspension Truck (US Truck),
Unsymmetric Wheelset Truck (UW Truck), Conventional Truck with Primary Yaw Damper (CD
Truck) and Unsymmetric Suspension Truck with Primary Yaw Damper (USD Truck). The
stability behaviour of R truck, US truck and UW truck is evaluated and compared with the C
truck. The results are presented as contours of constant linear critical speed on a generalized

bending stiffness - shear stiffness plane.

3.2 Radial Truck

A conventional passenger truck is provided with primary suspension usually in the
form of rubber chevrons between the wheelsets and the truck frame. A radial truck has an

additional component, direct connection between the wheelsets which can take the form of
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a steering arm mechanism or a cross bracing. This has the effect of increasing the inter

axle shear stiffness.

The dynamics of a flexible truck are strongly affected by inter wheelset forces
either through the truck frame as in the case of a conventional truck or through the inter
connection elements as in the case of a radial truck. Any form of elastic inter wheelset

structure can be represented by the generalized bending stiffness K, and generalized shear

stiffness K, [6]. As shown in Figure 3.1, the inter-wheelset truck stiffnesses are defined
by:

Shear Stiffness

lateral force on leading wheelset due to lateral displacement of trailing wheelset

5

lateral displacement of trailing wheelset

Bending Stiffness

yaw moment on leading wheelset due to yaw displacement of trailing wheelset

K, = : "
yaw displacement of trailing wheelset

Neglecting the dynamic effects due to truck frame inertia and primary suspension

damping, the conventional stiffness K, & K, and the inter axle bending and shear

stiffness &, & &, can be transformed into generalized stiffness -

The equations are [6]:
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Interwheelset bending stifiness = M/ A 174

Inter-Wheelset Stiffnesses

Figure 3.1
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K, = K,d; +k, (3.1)

px " p

K _K_d?

Py pxp
K =

s +
b’K, +d’K,,

k, (3.2)

A schematic diagram of a radial truck with generalized stiffnesses is shown in
Figure 3.2. For a conventional truck with elastic connections at the primary suspension,

k, = 0 and k&, = 0. From equations(3.1)and (3.2) , it can be shown for a

conventional truck that

K
K, b—j (3.3)

IA

In this thesis, contours of vehicle performance indices are presented on plots of

generalized shear stiffness K, and generalized bending stiffness K, . Thus the

conventional truck is limited to values of shear stiffness that satisfy the constraint (3.3)

as shown in Figure 3.3. Point 1 in the figure represents a typical conventional truck with a

bending stiffness of 5x10° Nm/rad, the optimum value for a prototype passenger railway

vehicle reported in reference [7]. The corresponding value of the linear stiffness is
K, = 15x107 N/m. This truck was designed with the wheelset conicity of 0.15 for a

critical speed of 78 m/s and would negotiate a 1 degree curve without flanging. To

achieve a similar performance, a radial truck would be designed with a bending stiffness of

2.5x10° Nm/rad as given by point 2. For the radial truck, K, can be greater than
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Schematic of a radial truck

Figure 3.2
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K, :
b; due to the effect of inter axle stiffnesses &, and &, . Point 3 in the figure
represents soft values of total shear and bending stiffnesses which allow the wheelsets in

the truck to behave almost like unrestrained free wheelsets and point 4 represents a rigid

truck with stiff values of X, and X, [22].

3.3 Unsymmetric Suspension Truck

A modified design considered for performance evaluation is a truck with an
asymmetry in the primary suspension. Wickens has reported that a particular configuration
of two-axle articulated vehicle with elastic restraint can have static and dynamic stability
and perfect steering on curves [48, 49]. A longitudinal asymmetry is introduced in the
truck according to the direction of motion, by making the primary stiffness in the leading
axle of a conventional truck different from the trailing axle. This truck is referred as an

Unsymmetric Suspension truck (US truck) .

The US truck makes use of different primary stiffness between leading and trailing

wheelsets, thus introducing a longitudinal asymmetry. The unsymmetric parameter a, as

defined in Figure 3.4 is given by [50]

K -K,
= —b x! x2 34
a" x1 +Kx2 ( )
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Definition of US Index and generalized coordinates for
US Truck

Figure 3.4
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where K, and K_, are the primary longitudinal suspension stiffnesses for leading and
trailing axle of an unsymmetric truck. Referring to Figure 2.4, the chevron shaped rubber
elements are typically designed to provide a symmetric longitudinal and lateral primary

stiffnesses, X, and K ,,, in the case of a conventional truck. For the US truck, the

2
stiffness properties of the chevron elements only in the longitudinal direction have to be

modified so that the leading wheelset has a softer primary suspension of X, and the

trailing wheelset has a primary stiffness K, which is greater than X, .

The equivalent bending stiffness is obtained in the case of US truck, referring to

figure 3.5 and figure 3.1, from the following equation:

M Mo, M
K, 2K.d}  2K,d’

2Kx1Kx2d;
= —F (3.5(a))
Kb le +Kx2 ( )
The equivalent shear stiffness can be expressed as (refer to figure 3.6)
K_ (K, +K_)d?
K _ py( x1 x_) P (35(b))

y 2b2pr +(K, +K, )d:j

Equation (3.4) can be rearranged to express the longitudinal stiffness of the leading

axle in terms of the longitudinal stiffness of the trailing axle as
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Schematic of Unsymmetric Suspension Truck

Figure 3.5
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Equivalent Shear Stiffness for US Truck

Figure 3.6
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b__
K, =K, (bf”’J (3.6)
a,

Using the above equation in equation (3.5(a)), we can eliminate X_, to get,

x = K (3.72)
o d;(b +a,)
Similarly, we can write
K, = ___b_Kb_ (3.7b)
d2(b-a,)
and
2b°K,
_ _ (3.8)
le +Kx2 d; (bZ _a;)
From equation (3.5(b)), we can write,
K (K, +K_)d?
K - s( x1 ’x-) ;: (3.9)
i (Kx] + KxZ )d; - 2b-Kx
Using (3.8) in the above equation, we get,
K = — 2b"KSK,; , (3.10)
725K, - K (b7 -a)))

For K,, 2 0, K, > K (b* —a_) from the above equation. Rearranging this, we get,
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K,
K, < ~5—2—r > (3.11)
= a) ¢>a)
Equation (3.11) gives the value of maximum possible shear stiffness realizable by

the US truck and is similar to the criteria (3.3) for the conventional truck .

The generalized coordinates in Figure 3.4 are the interaxle lateral displacement
(shear) and interaxle yaw (bending). The stiffness matrix for the inter-wheelset structure of

the US truck can be expressed as [50]

K = lia;K: +Kb a:Ks:i (312)
“ alk, K,

The stiffness matrix for the conventional coordinates, in terms of lateral and yaw

degrees of freedom of the two wheelsets (y,,w,,),,¥,) can be obtained from the

following transformation [51].

K =P'K_P (3.13)
where

p 0O 1 0 -1 (3.14)

1 -5 -1 -b '

K, a K, -bK, -K, —-(a,K, +bK,)
| aK -bK, alK ,+K,-2ba K +b’K, -aK, +bK, -a’K, +b°K, - K,
-K, -a,K, +bK, K, a K, +bK,

—(a.K, +bK,) -alK, +b’K, ~K, aK,+bK, a’K, +K,+2baK,+b'K,
(3.15)
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The equations of motion for a four degree of freedom "frameless" model with
unsymmetric suspension is given below. In this model, the truck frame mass is decoupled
from the wheelset pair and the total shear and bending stiffness is provided entirely

through direct inter wheelset connections.

The equations of motion for the US truck are:

Leading wheelset lateral

WI+A) 2f,;A
nzwyl +(K: + ( a+ ) - {2; jyl +(a:Ks —st —2f22)l//1 (a K +bK )
215 Zfzzror) . (zfzg [ude;) .
(V-*-Va qu{-V”aro vi =0
(3.16)
Leading wheelset yaw

I VI 2f. 2furT 2fnal  2fi A 2 f.a* 2f
I T 21 2230 | _ 3394 2J33 1 33

+(K, +2fy +b°K, +a*K, —2ba K, - Wad, v, +(bK, ~a,K, )y, + (> K, — K, —a’K )y, =0
(3.17)

Trailing wheelset lateral

W +8) 2fuA
a r.a

2fr,  2fur,T 1.V,
( f.,..+ f_-’a )y,+(2‘rf/‘23_ o4 )y}‘_) = 0

V Va ar

o

m,y, +[K, + j +(a,K, -8K, -2, v, - K.y, —(a.K, —BK, )y, +

(3.18)

Trailing wheelset yaw
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VT 2f, 2furT ( 2 f,sai 2f~A] (quaz 2f33] :
- wy _ 23 _ 230 . _ 33 _ 33 + +
L +( ar 14 Va )yz (@K —BK + r ar, Y2 V 14 V2

o o

+ (K,, +2f5; +b°K, +a’K, +2ba K, - Waﬁa)yfz - (oK, +a,K,)y; + (sz, -K, - assz)V/l =0
(3.19)
When the unsymmetric index a, is zero, the above equations will simulate a

radial truck. The radial truck is simulated by providing inter-wheelset shear stiffness &

K
such that K is greater than -[;f*.

The conventional truck is simulated by using values of X, and K  from
equations (3.1) and (3.2) in which inter wheelset stiffness values (4, and k) are

zero. Also conventional trucks do not permit total decoupling of truck frame mass.

3.4 Unsymmetric Wheelset Truck

The Unsymmetric Wheelset is a configuration of a conventional truck in which the
trailing axle has an Independently Rotating Wheelset (IRW). This configuration is referred
to as an UW truck. The UW truck model is simulated by assuming the value of
longitudinal creep coefficient of the trailing axle to be zero. This assumption is valid for

single point contact of the wheels.

3.5 Conventional Truck with Yaw Damper

To improve the dynamic stability, stiff primary suspension is used in the

conventional truck which deteriorates the curving performance. The curving performance
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can be improved by providing softer primary suspension. Yaw dampers can then be
introduced in the primary suspension to compensate the loss of restraint and maintain
dynamic stability. As shown in Figure 3.7, yaw dampers are fitted between the wheelset
and truck frame as part of the primary suspension. This type of truck with damper in the
primary suspension is referred to as CD truck. If the primary yaw dampers are used, the
longitudinal restraint is removed for low velocity steering motions; for higher frequency
motions the damper resistance increases and the higher restraint helps to achieve desired
critical speeds. Yaw dampers provided in the primary suspension helped achieve a better
performance for the British Rail Class 37 locomotive as was reported by Pennington et al
[52]. In this thesis, linear characteristics for the primary yaw damper are used. The yaw

damper is characterized by the yaw damper coefficient C,, (Ns/m) and the series
damper stiffness K,, (N/m). The damper series stiffness comes from the damper end

mounting and bulk modulus of the damper working medium.

3.6 Unsymmetric Suspension Truck with Yaw Damper

This truck configuration is schematically shown in Figure 3 .8. This type of truck
has an unsymmetric suspension. Yaw dampers are provided in the primary suspension to
improve the high speed performance of the US truck. This design configuration is referred

to as an USD truck.

In Appendix C, the equations of motion for a passenger railway vehicle with C

trucks are derived. The full carbody model has 17 degrees of freedom and the equations
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of motion are given in Appendix C.6. For stability analysis of a truck with yaw damper,
effect of the primary yaw dampers has to be included. The degree of freedom for the yaw

damper can be modelled by the following equation of quasi-static equilibrium:

Cop Wa —¥:)+ Koy (Wa—v,)=0 (3.20)

The equations of motion for wheelsets given in the Appendix C-6 are modified for the

USD truck to include the unsymmetric index a, and the damper parameters. The equation

for yaw motion of the leading wheelset can then be written as

LYT 2f, 26T, [ 2fad 2fiA 2f,,a> ZfJ.
- wy 23 2370 |- 33 33 L/ 2J33
[»':Ww1+( ar) Y " )yl+ka:K,—bK,+ " - e n Ty, W

+(2led§ +Ky, +2fr +0°K, +a*K, —2ba K, - Wa&a)y/l +(bK, ~a,K,), +(b2Ks —afK,)z//z

_2led;'ytl _Kdy/ Va = 0

(3.21)

The yaw motion of the truck frame is given by

Izzlﬁn - Cw Ve + (CW + Csv * 4cpyb2)‘/}rl - ZCPyb(ywl —Yw2) szl//f-‘ +
(K:w + Zled; + 2Kx.7.d;.;.Z +4prbz)l//rl - 2Kp_vb(YWl 'YWZ) -2 led;l/,wl - ZKde}z:y/wZ - pr‘/;d =0
(3.22)

For easier bi-directional operation of the train, Suda suggested the use of switched
primary yaw dampers [53]. Referring to Figure 3.9, the switch of the longitudinal stiffness

is realized by changing fhe damping coefficient of the longitudinal dampers which is in
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series with the hard longitudinal stiffness X, . The soft longitudinal stiffness X, for the
leading wheelset is set in parallel with this series damper-stiffness arrangement. For a
given direction of vehicle travel, damping coefficient of the dampers in the trailing
wheelset is made very high so that the longitudinal stiffness of the trailing wheelset is

K., . On the other hand, the damping coefficient of the leading wheelset is kept at a
designed value to achieve the required critical speed and its longitudinal stiffness retains a

softer value of K ;.

3.7 Tangent Track Stability Analysis

The interesting problem of railway vehicle lateral stability is studied through the
eigen value analysis associated with the unforced response of the vehicle. The dynamic

equations of motion can be expressed in the following matrix form:

M1 {7} +C1{r} +K1 {1} ={0} (3.23)

In the above equation, [M] is the mass matrix, [C] is the damping matrix and [K] is
the stiffness matrix. In order to analyze the various modes of vibration of the railway
vehicle system defined by the above equations, their eigen values and eigen vectors must
be investigated. This is done by converting equation (3.17) into an equivalent first order

form by letting
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so that
{x} = [A]{If:} (3.24)

where

-1 -1
[4] = [M ¢ -M K] (3.25)

The solution of the eigen value problem in equation (3.24) for an N degree-of-

freedom rail vehicle model results in a set of N complex conjugate pairs of roots. These

eigen values, { °s, take the form:

$ = «a tifp (3.26)

where

¢ = i™ eigen value
j =A-1
@; = real part of i eigen value

s

-

= imaginary part of i eigen value

From these eigen values, natural frequencies of the vibration modes w,, and their

damping ratios, £, , can be obtained as:

@, = o + B (3.27)

72



& = — (3.28)

As the rail vehicle velocity increases, damping ratio of one of the lateral modes of the
vibration system will decrease to zero and cross into the negative region at a critical
velocity V. Thus, V_ denotes a stability boundary for vehicle operation without the lateral
instability or hunting. In the design of railway vehicles, it is important to ensure that the
critical speed of the vehicle is comfortably above the maximum operating speed. For this
reason, sometimes velocity for which the damping ratio £, =0.1 in the least damped
mode is also used in the stability analysis. This indicator, referred to as 10% modal

velocity, is used in Chapter S.

The equations (3.10) to (3.13) are used for stability analysis of the different truck
configurations. The results of the computer simulations, discussed in the next section, will
be presented as contours of constant critical speed in the K, —K, plane. As will be
shown, this simple model helps to achieve understanding of the stability characteristics of
the US truck and UW truck and compare them with the stability behaviour of C truck and

R truck.

The stability analysis is extended to a full carbody model with 17 degrees of
freedom based on the equations of motion given in Chapter 5. The critical velocities are
obtained through the eigen value analysis for the following four configurations: (1) C
truck (2) R truck (3) CD truck (4) USD truck. The damper characteristics as given in

equations (3.14) to (3.16) are incorporated in the models for CD truck and USD truck.
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3.8 Stability Properties

The results of computer simulation of the stability behaviour of different truck
configurations are reported in reference [54]. The contours of constant critical speed in
the K, —K_ plane for a C truck, as shown in Figure 3.10, are obtained through a typical
eigen value analysis. As bending and shear stiffnesses are increased from low values, the
critical speed of the truck increases. Thus increasing the truck flexibility helps to stabilize
the truck. The numbers given in the plots adjacent to the lines are the critical speed in m/s.

The figure shows that to achieve a critical speed of 70 m/s the C truck has to be designed
. 6 6 . . - Kb . h
with 5x10° Nm/rad and 3x10° N/m. The line given by the equation K, = re) gives the

maximum possible shear stiffness in the case of the C truck and above this line an

infeasible region is shown.

Figure 3.11 shows the critical speed plot for the R truck. In this case, due to truck
frame decoupling, to achieve the same critical speed lower values of K, and K, are
required. This is because, inter wheelset forces do not pass through the truck frame ina
radial truck. The critical speed is inversely proportional to the square root of the hunting

mass as given by the following equation developed by Wickens [6]:

Ve = (2 se (K 4@+ 57)k, - + @ 0K - 4K K, )) (3.29)
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where V_, is the critical velocity and M is the truck hunting mass.

Since the hunting mass is decreased in the case of the R truck, the critical speed is
higher compared to a C truck. Scheffel showed that a truck suspension using self steering
wheelsets and diagonal constraints had better stability characteristics compared to a
conventional truck [16]. For the critical speed of 70 m/s, the required parameters

areX, = 1.75x10° Nm/rad and K, = 1x10" N/m. Because of the higher inter-wheelset
stiffness in shear achievable in the R truck, lower bending stiffness is required in
comparison to the C truck to achieve a given critical speed. The plot in Figure 3.11 has an
approximate line of symmetry. It is seen that both K|, and K, are equally important for
stability for stiffness values around the line of symmetry. For higher values of the stiffness,

K, & K, are not inter dependent.

The critical speed plots for the US truck are shown in Figure 3.12. The critical

speed of 70 m/s is achieved for the values of X, = 4x10° Nm/rad and K, = 5x10°

N/m. The plot also shows a line corresponds to equation (3.25) and gives the maximum
possible shear stiffhess for a US truck without inter wheelset connections. A comparison
of stability performance of the three truck designs for a critical velocity of 70 m/s is shown
in Figure 3.13. The performance of the US truck is in between the fully decoupled radial
truck and a conventional truck. It is found that introduction of asymmetry reduces the
stability of the truck in comparison to an ideal radial truck. The soft longitudinal stiffness

in the leading wheelset X, in the US truck, designed to provide better curving
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performance, has contributed to the lower critical speed.

In the case of an UW truck, there is a low speed instability zone for low values of
shear stiffness as seen from Figure 3.14. The motion of the trailing wheelset is unstable in
the case of lower values of shear stiffness because IRW has no restoring action towards

the centerline of the track. Above the values of shear stiffness of X, = 1x10” N/m, the

variation of critical speed is seen to be independent of X and depends only on K, . The
variation of critical speed with bending stiffness is shown in Figure 3.15 for K, = 1x10’

N/m. To achieve a critical speed of 70 m/s, a bending stiffness of 175x10° Nm/rad is

required.

The UW truck can achieve a given critical speed with lowest value of bending
stiffness in comparison to other truck configurations. This is probably due to the reduction
of hunting phenomenon in the UW truck because of the independently rotating wheels in

the rear axle.

3.9 Summary

In this chapter, lateral stability of the following truck configurations were
evaluated using simplified truck models: Radial Truck (R Truck), Unsymmetric
Suspension Truck (US Truck) and Unsymmetric Wheelset Truck (UW Truck). The

stability properties of these models were compared with the conventional truck.
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The inter axle shear stiffness in the C truck and US truck are limited to values
given by equations (3.3) and (3.25) respectively. Introduction of asymmetry in the case of
the US truck deteriorated the stability behaviour of the US truck. The critical speed for a
given value of stiffness parameters K, & K, achieved by the US truck was less than that
of the R truck. The R truck achieves higher critical speed because of the higher shear
stiffness and lower hunting mass in comparison to the C truck. The UW truck is unstable
for lower values of shear stiffness. But for values of K, > 1x10’ N/m, critical speed for

UW truck is higher in comparison to other truck configurations. This is due to the

stabilizing effect of the independently rotating wheels in the rear axle of the truck.
In the next chapter, the off flange curving performance of these designs will be

evaluated in detail. Stability-curving trade-off plots will be developed for the different

truck configurations in order to optimize the stiffness parameters.
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Chapter 4

LINEAR CURVING MODELS AND CURVING/STABILITY TRADE-OFF

4.1 Introduction

The lateral stability of railway vehicles on tangent track for high speed operation
have been traditionally achieved by designers through the use of stiff primary suspension
elements. A railway vehicle truck designed with stiff primary suspension elements has poor
curving ability. A number of modified truck designs have been proposed over the years to
resolve this inherent conflict in the design of railway vehicle suspension. Wickens has
reviewed recent progress in the development of suspension design in railway vehicle

trucks that addressed the conflict between stability and curving [55].

In this chapter, linear curving models are developed for the R truck, US truck and
UW truck. The curving analysis of these truck designs are carried out to evaluate their off-
flange and on-flange curving characteristics which are then compared with the
performance of the C #ruck. The off-flange curving behaviour is evaluated in terms of the
maximum curvature for which the lead wheelset lateral excursion is equal to the available
flange clearance. A trade-off analysis is made by plotting together the lines of constant

critical speed and curving performance in the K, — K, plane to determine the optimum

values of the stiffness parameters.

4.2 Linear Curving Model
The curving behaviour of a railway vehicle exhibits effects that are quite different

from tangent track dynamics. In the linear model for lateral stability on tangent track
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discussed in the previous chapter, it was assumed that all wheels have equal vertical load
between wheel and rail, creep forces are linear functions of creepages and wheel/rail
contact conditions are independent of wheelset position. In curving, change in the track
centre line position and the angular orientation of the tangent to the centre line result in
relative displacements between components that must be properly accounted for in the
calculation of suspension forces. The offset of equilibrium positions between components
and the redistribution of static loads lead to unequal vertical loads on the wheels. Linear
creep forces that are calculated using equation (2.4) are then saturated according to the
Vermuelen/Johnson saturation curve such that creep forces do not exceed the wheel/rail

adhesion limit.

4.2.1 C Truck and R Truck

The equilibrium equations for steady state curving can be written in the form

(K] X} = [El{I;dR} "

where K is the stiffness matrix and X is the displacement vector. Two independent forcing
functions describe the curving conditions to which the vehicle is exposed: track curvature

1/R and cant deficiency ¢, (lateral unbalance). An expression for cant deficiency is

derived in Appendix B.2.1. In North America, track curvature is often expressed in terms
of degree curve, D. It is defined as the angle subtended at the center of the curve due to a

100 ft chord, as shown in Figure 4.1. For a conventional or a radial truck, [K] consists
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of primary and interconnection stiffnesses and the equations for static equilibrium is

given by the following equation [6].

F, 2fub
i Ks —bK: —2f22 -Ks _st Ff +7+ R
2f,al y 2
—ff——-—bK: K, +bK, bK., b’K, — K, wl 31%’_
o 1 — \
-k, bK, K, bK, - 2fy || y, | E 2fnb
\ 2f,,a s 2 R
] -bK, b"K_ -K, __ro__—+bK’ K, +b Ks_ v, 2f,a
X R
(4.2)

The wheelset in a conventional truck with high bending stiffness X, will not be
able to align radially in a curve. The wheelset balances the yaw moment applied to it by
the primary suspension by moving further laterally in order to generate equal and opposite
longitudinal creep forces. The wheelset balances the lateral force by yawing more. For a
given curvature and cant deficiency, the attitude of the truck in a curve and a set of forces

acting on it are obtained by solving the equations of equilibrium given above.

As pointed out by Wickens, perfect steering for which the lateral creep is zero, can
be achieved only when the bending stiffness is zero in the case of a conventional or radial

truck [6].

4.2.2 US Truck

The equilibrium equations for an US truck is written using equations (3.15) and

(4.1) as
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Adding the first and third equation in (4.3),

-2f(p, +v,) = F,

For balanced curving, the cant deficiency is zero and hence, y, =

—(a,K, +bK,)
-a’K, +b’K, - K,
a, K, +bK, -2f,

K, +2ba, K, +b°K,

(4.3)

“Y,-

Manipulating the first and second equations and the first and fourth equations to eliminate

¥, Wwe can obtain two equations in terms of y,, ¥, & w, . These two equations can

again be combined to get the following equations in terms of v, & v, .

2Ff.,al 41, A 2
( fi.l (asKs _bK:)_ fﬁz;.f“a -4f,a.K, — ZKstj W +(2Kbe - Juat
= (M’. + asKst;; + 4f22£]ab/1 + 4f22;a:K:

o

For F, = 0, we have y, = -y, and the above equation is simplified as
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) A
v, = 4f'2 (aK +—f”a ) (4.5)

As explained in Appendix A when the truck achieves perfect steering in a curve

b .
(refer Fig.(A-3)), the leading wheelset yaw angle equals — R Using this we can arrive at

the condition for perfect steering for an US truck from equation (4.5). This is given by,

_&

= 4.6
=7 an (o)

The unsymmetric index for perfect steering, a ., is proportional to the bending

ps?
stiffness and is inversely proportional to the wheel conicity. The index does not depend on

the radius of curve. Thus it is seen that for reasonable values of X, & A, perfect steering

is possible for an US truck.

An expression for the unsymmetric index for perfect steering can be derived in

terms of rear axle stiffness X, for an US truck. By using equation (3.6) in (3.5a), we can
get an expression for K, in terms of X, and a,. By using equation (4.6) in the resulting

expression, we get,

bezdﬁro
a =
P bf,aA+ K,rd;.

4.7)

Then from equations (3.6) and (3.5(a)), values of K, and K, can be calculated. This is
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plotted in figure 4.2 from where it is seen that X, and K, initially increase as K,

increases and saturate. From figure 4.3, it is seen that the unsymmetric index for perfect

steering tends to b, the value of the half wheel base. In a conventional truck with

unsymmetric configuration, it is not possible to increase the asymmetry beyond the value

of half the wheel base.

423 UW Truck

The equilibrium equations for the UW truck are obtained from equations (4.2) by

setting the longitudinal creep coefficient f,; for the rear axle to be zero. The resulting

equations can be manipulated to obtain the following expressions for the lateral

displacement and yaw rotation for the leading and trailing wheelsets.

N 1+ 26°K, [,

(aro) -f.llCI2 (Kb +bf22)

AR

Y2 _ 1 + 20K, [, (b1, K — f1194)

Ksrofllaz(Kb +bf5)

w,+b/R) B K,
(b/R) bf,, + K,

l//wz - (b / R) _ - Kb
G/R) B + K,
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Unlike the US truck, the UW truck can not achieve perfect steering for non-zero

values of bending stiffness as seen from equation (4.10).

4.3 Off-flange curving/stability trade-off

The off-flange curving performance is measured in terms of the degree curve for
which the lead wheelset lateral excursion is equal to the available flange clearance. In the
analysis, flange clearance is assumed to be 10 mm. The model used is a steady state
curving single truck model with a simulated half car body. The total degrees of freedom is
eight viz. lateral and yaw displacements of two wheelsets and a truck, and lateral and roll
displacements for the car body. The derivation for the equations of static equilibrium were
discussed in Chapter 2 and listed in Appendix C-7 (equations C-70 to C-77). The steady
state model computes non-linear creep forces according to a modified Vermuelen/Johnson
approximation, using linear wheel and rail geometry [56]. The Vermuelen/Johnson method

is described in Appendix D.

In the case of a free wheelset the offset of pure rolling line towards the outside of a

curve is given by [2,3]

ar
= —2 4.12
Vo R (4.12)

In the case of a rigid truck, the lateral displacement of the wheelset is given by [2,3]
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ar, b\’
Y = Vw2 = m(1+(;) J (4.13)

The off-flange curving performance of practical trucks fall between these two

extreme cases.

Figure 4.4 shows the lateral displacement of lead wheelset as the degree curve is
varied for the various configurations. The K| and K, values chosen for each type is such
that a critical velocity of 70 m/s is achieved. A conicity value of 0.15 is assumed. A

condition of balanced running is simulated.

The UW truck has the best off-flange curving performance followed by the radial
truck. The UW truck can negotiate a 4.5 degree curve before flanging action occurs. In
comparison, the radial truck negotiates a 3.6 degree curve, the US truck negotiates 3.4

degree curve and a conventional truck negotiates a 2 degree curve.

Figure 4.5 shows the tread wear index for the different configurations. The tread
wear index is defined as the product of the normal wheel load and the resultant creepage
at the wheel. Even though the index may not predict the actual wear occurring on a wheel,
it serves as an indicator of comparative performance of different trucks. It is seen that the

UW truck experiences lower tread wear compared to a radial truck for a given
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degree curvature. The performance of an US truck is better than a conventional truck.

For determining the off-flange curving trade-off, lines of constant curving
performance and critical speed are plotted together in the plane in order to find the

optimum curving stability tradeoff.

The following steps are involved:

1. For different sets of K, — K, degree curvature at which flange contact is initiated, is

determined.

2. Curves of constant curvature for initial flange contact in X, — K, plane are

constructed

3. This chart is used in conjunction with chart for critical speed to trade-off stability and

curving performance in the choice of X, and X, .

Figure 4.6 shows a trade-off plot for the C truck for a conicity of 0.15. The
constant critical velocity lines are shown together with contours of curvatures for which
the flanging is initiated. The plot shows that increasing the bending stiffness increases the
critical speed of the truck. But high stiffness value decreases the curvature at which flange
contact is initiated and result in poor curving performance. Assume a critical velocity of 70

m/s is desired. The stiffness values required to achieve the speed of 70 m/s are

K, = 6x10° Nm/rad and K, = 3.5x10° N/m for 1 = 015. The truck so designed
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will negotiate a 2.6 degree curve (671 m radius) without flanging. Figures 4.7 shows the

trade-off for the C truck for 4 = 025.

The results of simulation for the R truck are shown in Figure 4.8 for 4 = 015.
The stiffness values required for the R truck is less compared to a C truck since it achieves
full truck frame decoupling. The radial truck can negotiate a 3.6 degree curve without

flanging by choosing K, and K_ values near the point of minimum separation between the

two curves of constant curvature and constant critical speed .

The results of the trade-off study for the US truck are given in figures 4.9 and 4.10
for the wheel conicity of 0.15 and 0.25 line respectively. The dash-dot line in the figure
satisfies the equation (3.25) which gives the maximum possible value of shear stiffness
realized by this configuration. An US truck can be designed to achieve a critical speed of
70 m/s and negotiate a 3.4 degree curve without flanging by choosing proper values of

bending and shear stiffness from the trade-off plot in Figure 4.9.

In the case of the UW truck, the curving performance does not depend on the
value of K. Simulations were done for K, = 1x10’ N/m. The variation of degree curve

with the bending stiffness is shown in figures 4.11 and 4.12 respectively for conicities of
0.15 & 0.25. It is seen that a truck designed to achieve a critical speed of 70 m/s can

negotiate a 4.6 degree curve without flanging for the case of 1 = 0.15.
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The results of the off-flange trade-off for different truck configurations are
summarized in Figure 4.13 for the wheel conicity of 0.15. The plot shows the maximum
degree curve that can be negotiated by optimal designs as a function of critical speed for
the different truck types. The vehicle is assumed to negotiate the curve at a balanced

speed and run on a smooth track with no geometric perturbations .

The plot shows that the conventional vehicle designed to negotiate a 4 degree
curve without flanging can achieve a speed of 36 m/s. For the same curving performance,
the US truck can achieve a critical speed of 55 m/s (an improvement of 52%) and the
radial truck can achieve a critical speed of 67 m/s (an improvement of 86%). The UW

truck achieves the highest speed of 79 m/s which is an improvement of 119%.

Alternatively, there is a 1.5 degree improvement in off-flange curving of the US
truck for a given critical speed of 60 m/s over the conventional truck. The US truck
designed for a critical speed of 60 m/s could negotiate a 3.8 degree curve compared to a
2.3 degree curve for the conventional truck - an improvement of 65%. The introduction
of asymmetry helps to achieve better off-flange curving performance in the case of the
US truck. The radial truck can negotiate a 4.4 degree curve (an improvement of 91%)

and the UW truck can negotiate a 5.2 degree curve (an improvement of 126%).

Figures 4.14 compares the trade-off performance of the different truck types for

the conicity of 0.25. The trend observed is the same, but the trucks are now able to
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negotiate sharper curves without flanging. Table 4.1 shows the optimized suspension

values to achieve a critical speed of 70 m/s and the corresponding curvature for no

flanging.
4.4 On-flange curving

The on-flange curving are examined in terms of angle of attack and the flange wear
index. The angle of attack is the yaw angle of the wheelset from its radial position as the truck
negotiates a curve. The flange wear index is obtained as the product of the flange force
developed and the angle of attack. Flanging action is approximated by pinning the lateral
excursion of wheelset from exceeding the flange clearance, the lateral force which develops

thereby accounting for the flange force.

Figure 4.15 shows the variation of angle of attack (AOA) of the leading wheelset
for different degree curvature. For negotiating a 6 degree curve, that is a curve radius of
290 m, the angle of attack developed in the leading wheelset of the conventional truck is
7 mrad. For the leading wheelset of the UW truck, it is 2 mrad, an improvement of
71%. The values of angle of attack for the radial truck is 4.6 mrad and for the US truck

is 6.5 mrad. Figure 4.16 shows the variation of the flange wear index with degree curve.

The angle of attack and the flange wear index for the UW fruck increase

dramatically in comparison to the R fruck for curvatures greater than 7 degrees. The trend
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Conicity Type K, x 10° K, x 10° Curvature,
Nm/rad N/m degrees

0.1 C Truck 4.0 24 1.8
R Truck 1.25 1 3.3

US Truck 2.6 5 2.8

UW Truck 1.25 10 3.6

0.15 C Truck 6.0 3.5 26
R Truck 1.75 2 3.6

US Truck 3.8 7 3.4

UW Truck 1.75 10 4.5

0.25 C Truck 10.0 6 3.8
R Truck 4.0 3 4.6

US Truck 4.6 15 4.4

UW Truck 2.5 10 54

Optimized stiffness parameters for different truck configurations

Table 4.1
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appears to be the same for the wheel conicity of 0.25 (Figures 4.17 and 4.18). This is due
to the fact that independently rotating wheels in the rear axle of the UW truck do not
contribute to steering the truck through sharp curves leading to the loss of curving
performance.

Curvatures in the range of 8 degrees to 12 degrees are common on most main line
tracks in North America. Over this range of curvatures, the UW trucks show increased
angle of attack and flange wear, and hence potentially increased track maintenance and
wheel and rail replacement costs in comparison to the R fruck. From the results of on-
flange curving analysis, it appears there will be little benefit in equipping the railway

vehicles with UW trucks.

4.5 Summary

In this chapter, linear curving models were developed for the C truck, R truck and
US truck. The introduction of asymmetry in the US truck improves its curving
performance in comparison to the C truck. The analysis of off-flange curving and
stability trade-off showed that the performance of the US truck is in between the C truck
and the R truck, and the UW truck has a potential for achieving improved performance in

comparison to other truck types.

However, the analysis of on-flange curving behaviour revealed that the

performance of UW truck deteriorates on curvature greater than 7 degrees in comparison
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to the R truck. This is because the independently rotating wheels in the rear axle of the

UW truck do not contribute to proper steering of the truck through sharp curves.
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Chapter S

LATERAL STABILITY BEHAVIOUR OF MODIFIED TRUCK DESIGNS

5.1 Introduction

The lateral stability characteristics of passenger railway trucks having primary
yaw dampers are evaluated in this chapter. The results of stability/curving trade-off were
discussed in the previous chapter using a single truck, half car body model. It was
concluded that the introduction of suspension asymmetry reduced the critical speed of the
US truck. To improve the stability characteristics, analysis of trucks provided with yaw
dampers in the primary suspension, CD fruck and USD truck, are discussed in this
chapter. For the analysis, a full car body model with two trucks having 17 degrees-of-
freedom is considered. The development of this model with conventional trucks was
discussed in Chapter 2. The equations of motion are given in Appendix C.6, equations
(C-62) to (C-69). Values of design parameters for the railway passenger vehicle is given

in Appendix E [7].

Creep coefficients for the tread region measured in field tests are usually lower
than the theoretical value of creep coefficients observed in the laboratory controlled
environment [56]. Because of the uncertainty about predicting accurate values of creep
coefficients, sensitivity of truck performance to changes in creep coefficients, in addition

to parameters like bending stiffness K, and wheel conicity 4, is evaluated [57].
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5.2 Conventional truck

From the eigen value analyses, critical speed as a function of bending stiffness is
plotted in figure 5.1 for the conventional truck. As the bending stiffness increases, the
critical speed initially increases. The critical speed increases as the effective conicity is
decreased. Increasing the truck flexibility or decreasing the effective conicity results in
wheel/rail creep forces in directions that reduce amplitude of kinematic oscillations. As
seen from the figure, critical speed decreases for higher values of bending stiffness. This
is probably because at high K, the amplitude of wheelset oscillation remains constant as
it is disturbed from equilibrium until inertial forces cause wheel/rail creepages in

directions which increase the amplitude of kinematic oscillations.

The bending stiffness to achieve a critical speed of 80 m/s is found to be 5 x 10°

Nm/rad for the conicity of 0.15. If the design critical speed is 60 m/s, the value of
bending stiffness required is 2.5 x 10° Nm/rad. The velocity corresponding to 10%
modal damping (referred to as 10% model velocity) for the C truck is plotted in figure

5.2. The 10% modal velocity is 60 m/s for 5 x 10° Nm/rad and 45 m/s for 2.5 x 10°

Nm/rad.

Figure 5.3 shows the variation of critical speed as the bending stiffness is varied
for different creep coefficients. The wheel conicity is 0.15. For low values of bending
stiffness, the reduction of Kalker's creep coefficient value from 100% to 50% has a

stabilizing influence resulting in slightly higher critical speed. But as the bending
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stiffness is increased, decreasing the creep coefficient from 100% to 50% has a
destabilizing influence as the critical speed now reduces dramatically. The shift of the
peak in the plot indicates that correct balance between creep forces and suspension forces
influence the maximum critical speed. The reduction in the peak for the case of 50%
creep coefficients indicate that inertial forces begin to dominate as creep forces are

reduced.
3.3 Conventional truck with primary yaw damper

To improve the dynamic stability, stiff primary suspension is used in the
conventional truck which deteriorates the curving performance. One method to improve
the trade-off is by providing primary yaw dampers as shown in Figure 3.7. The yaw
dampers are fitted between the wheelset and truck frame as part of the primary
suspension. If the primary yaw dampers are used, the longitudinal restraint is removed
for the low velocity steering motions; for higher frequency motions the damper resistance
increases and the higher restraint helps to achieve desired critical speeds. Yaw dampers
provided in the primary suspension helped achieve a better performance for the British
Rail Class 37 locomotive as was reported by Pennington et al [52]. In this thesis, linear
characteristics for the primary yaw damper are used. In reference [58], equations of

motion for a single wheelset with a non-linear damper is derived.

The eigen value analysis is carried out for the CD truck with a linear yaw damper

in the primary suspension. The yaw damper is characterized by the yaw damper
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coefficient C,, (Ns/m) and the series damper stiffness X (N/m). The damper

dy
series stiffness comes from the damper end mounting and bulk modulus of the damper

working medium. As the yaw damper coefficient increases, the increase in critical speed

is only gradual for low values of the damper series stiffness (figure 5.4). As the damper
series stiffness is increased to 2x10° Nm/rad, the yaw damping coefficient has much

more stabilizing influence on the truck. Accordingly, values of C w =2x10° Nms/rad

and K,, =2x10° Nm/rad are chosen. Figure 5.5 shows the variation of critical speed

for different bending stiffness for the CD truck. For 50% Kalker creep values, primary
bending stiffness of 1.5 million Nm/rad will achieve a critical speed of 120 m/s and
300,000 Nm/rad , a speed of 65 m/s. The velocity for 10% modal damping for 1.5
million Nm/rad is 70 m/s and for 300,000 Nmv/rad is 49 m/s, as seen from Figure 5.6.
Figure 5.7 shows the effect of Kalker's creep coefficient on the stability of CD truck.. For
100% Kalker creep values, bending stiffness value of 3.5x10° Nm/rad will achieve a
critical speed of 90 m/s and the corresponding velocity for 10% modal damping is 62
m/s. The CD truck with bending stiffness of 1.5x10° Nm/rad will be stable up to a speed
of 70 m/s and the corresponding velocity for 10% modal damping is 42 m/s. From figure
5.7, it is seen that 50% Kalker creep coefficient values have a stabilizing effect on CD
truck. A comparison plot of critical speed for the conventional truck and CD truck for
50% Kalker creep coefficient and a conicity of 0.15, are shown in Figure 5.8. The

maximum 10% modal velocity of 69 m/s achieved by C Truck when K, =15x10’

Nmy/rad. The CD truck attains a speed of 103 m/s when the bending stiffness is  5x10°
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Nm/rad. The 10% modal velocity increases by 49% in the case of the CD truck in

comparison to the conventional truck.

5.4 Radial Truck

The variation of critical speed with bending stiffness for the case of radial truck is
shown in Figure 5.9. The radial truck shows improved stability performance compared to

the conventional truck due to the influence of inter-axle shear stiffness. For the case of
A =015, bending stiffiiess is chosen to be 175x10° Nm/rad for the critical speed of

80 m/s and 125x10° Nm/rad for the critical speed of 60 m/s. From figure 5.10, the
corresponding 10% modal velocities are 60 m/s and 50 m/s respectively. The effect of
bending stiffness on the critical speed for different Kalker creep coefficients is shown in
Figure 5.11. The lower values of creep coefficient again has stabilizing effect on

critical. speed for low values of bending stiffness.

5.5 Unsymmetric Suspension Truck with Yaw Damper

The variation of critical velocity with the damping coefficient of the primary

yaw damper of the USD truck is shown in figure 5.12. Based on this, the damping
coefficient of C =2xl 0’ Nms/rad and the damper series stiffness of K,, =2x10°

Nm/rad are selected. The variation of critical speed with bending stiffness for various

values of 1, is shown in figure 5.13. From the figure, which shows the variation of

critical velocity for 50% Kalker creep values, a bending stiffness of 7.43x10° Nm/rad
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for the wheelset conicity of 0.15 is required to achieve a critical speed of 85 m/s and

3.71x10° Nm/rad is required to achieve a critical speed of 63 my/s. If the USD truck is

designed with g =111x10° Nm/rad, the critical velocity will be 101 m/s and the

corresponding velocity for 10% modal damping will be 81 m/s. The critical velocity for
100% creep coefficient is plotted in figure 5.14 . The critical velocity of 103 m/s and 10%
modal velocity of 89 m/s will be attained using full Kalker creep values when the bending
stiffness is 2.23 x1 0° Nm/rad. Table 5.1 summarizes the values of bending stiffness
parameter required to achieve minimum critical velocities of 80 m/s and 60 m/s for various

truck designs.

5.6 Summary

As seen from results of the stability analysis discussed in this chapter, the stability
of a railway vehicle truck is influenced by the dynamic balance of suspension forces,
wheel/rail creep forces and inertia forces. Suspension forces, which increase with bending
stiffness, stabilize the truck by reducing the amplitude of wheelset kinematic oscillations
and help to achieve higher critical speeds. Inertia forces destabilize the truck by increasing

the amplitude of wheelset kinematic oscillations.

A full car body model with 17 degrees of freedom was used to analyze the stability
behaviour of modified truck designs. A model with primary yaw damper was developed to
improve the stability behaviour of the conventional truck and unsymmetric suspension

truck. Suitable values of yaw damper parameters were chosen through the analysis. The
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Truck type Creep Ccv Ccv
Value 80 m/s 60 m/s
C truck 50% 5.0x10° 2.5x10°
100% 4.5x10° 3.0x10°
R truck 50% 175x10°  125x10°
100% 30x10° 2.0x10°
CD truck 50% 1x10° 3x10°
100% 3.5x10° 1.5x10°
USD truck 50% *743x10° ** 371x10° |* asymmetric ratio = 0.4
100% £149x10° ** 743¢]0° |** asymmetric ratio =

0.2

Bending Stiffness for different truck configurations

Table 5.1




values of primary suspension stiffnesses, K, and K,, were selected for design critical

speeds of 60 m/s and 80 m/s. In the next chapter, steady state curving behaviour of these

truck designs will be analyzed using a steady state, non-linear model.
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CHAPTER 6
Steady State, Non-Linear Curving Analysis and Comparison with NUCARS

6.1 Introduction

In this chapter, the curving analysis of different truck configurations is carried out
using a steady state, non-linear curving model. In this model, effects of wheel/rail
geometric non-linearities as described in Section 2.2.2 and creep force saturation as
described in Section 2.3.3 in Chapter 2 are included. The equations of force and moment
equilibrium for a single wheelset were derived in Section 2.5.1. The vehicle model includes
a truck and has the same eight degrees of freedom used in Chapter 4 for the steady state,

linear curving model.

The displacement vector is calculated by solving the following steady-state non-

linear equation:

KY =F(y) 6.1)
where X is the suspension stiffness matrix, ¥’ ié a vector of vehicle displacements and
F(y) are the external forces and moments acting on the vehicle. The analytical technique

is a multi-step iteration on the simultaneous equations of motion for which the IMSL

subroutine is used.

6.2 Analysis of simulation results

The performance of different truck designs are compared using the Steady State
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(SS) curving program. The simulation results will be presented in terms of wheelset yaw

angle or the angle of attack (AOA), wheel lateral force and wear index.

One of the objectives for the present investigation is to reduce wheel and rail wear
in curves. The wear index suggested by Elkins and Allen is used [12]. It is based on the
premise that rates of wheel and rail wear can be related to the forces and creepages
between the wheels and the rail. Mathematically, the work done in the contact patch is

equal to the dot product of the resultant creep force vector with the resultant creepage:

W=F e & (6.2)

In the above equation, W is the work done in the contact patch, F, is the resultant
creep force vector and &, is the resultant creepage. The wear index is not necessarily

indicative of the actual wear in wheel-rail contact patch. But a comparison of wear index
for different truck configurations could be done as a means of measuring their curving

performance.

The trucks considered for evaluation are the Conventional Truck (C Truck), Radial
Truck (R Truck), Conventional Truck provided with Yaw Damper (CD Truck), and
Unsymmetric Suspension Truck with Yaw Damper (USD truck). The suspension
parameters, bending stiffness and shear stiffness, are chosen for two critical speeds, 80

m/s and 60 m/s from the results presented in Chapter 5.
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Figures 6.1 and 6.2 present the equilibrium free body diagrams obtained from the
computer simulation results as the trucks negotiate a 10 degree curve (175 m radius). The
figures show all the creep and suspension forces and the moments generated during steady
state curving for the C Truck and USD Truck. A constant centre plate moment input of
7702 N-m is assumed for each case. The figures shown are for 50% Kalker creep

coefficients. The trucks have a design critical speed of 80 m/s.

The centre plate yaw moment is reacted by wheel/rail lateral forces and wheelset

yaw moments. The moment balance is given by the equation,

M, +2f,b+M,+M,, =0 (6.3)
where
M_, = Centre plate yaw moment
M, M,, = Wheelset yaw moments on axles 1 & 2

S, = Wheelset lateral force
b = Truck wheelbase

In order for the wheelset to achieve equilibrium on curved track, a positive angle
of attack is required, which results in a positive lateral creep force on the leading wheel on
the inside rail (refer to Figure 6.1). The lateral creep force pushes the wheelset into the
flange at the outside rail, causing the outside wheel to develop an increased rolling radius.
The magnitude of the angle of attack is determined by the magnitude of the lateral creep

force balance. The yaw moment applied on the wheelset by the suspension is reacted by

128



_—
Direction of travel

10 degree curve (175 m radius) 31,234

- -- Track Centre Line

—> Force in Newions

) Moment in Nm

Steady State Curving Attitude of C Truck

Figure 6.1

129



_—
Direction of travel

10 degree curve (175 m radius)

14068

s\ -7

_.-Aries

--- Track Centre Line
—> Foxe in Newtions

2 Moment in Nm

Steady State Curving Attitude of USD Truck
Figure 6.2

130



the longitudinal creep forces, generated from the rolling radius difference.

Referring to figure 6.1, for the C truck, 31,234 N of lateral force is generated on
the leading, high rail wheel with an angle of attack of 13 mrad. For the USD truck (figure
6.2), 14068 N of lateral force is generated with an AOA of 1.16 mrad in the leading
wheelset. It is seen that better steering capability of the USD truck reduces the AOA and

the resulting lateral force.

In the following sections, results of the simulation are given in terms of Angle of
Attack (AOA), lateral force on lead high rail wheel and wear index. These parameters are
analyzed for 100% and 50% Kalker creep coefficients. Creep coefficients in reality could
vary over a wide range of values, due to contamination of the rail surface, work hardening
etc. The 100% Kalker creep values would represent a clean, uncontaminated and dry
surface. From Table 5.1 it is seen that trucks in general need higher primary bending
stiffness for 100% creep coefficient values to achieve the same critical speed as compared

to the case of 50% creep coefficient values.

6.2.1 Angle-of-Attack of Leading Axle

Figure 6.3 compares the leading wheelset AOA for 100% Kalker creep values. The trucks
are designed to achieve a critical speed of 80 m/s. For the C truck, the angle of attack
rapidly increases as the curvature is increased. The angle of attack of 15.6 mrad is
developed in the lead axle as the truck negotiates a 12 degree curve (146 m radius). The

AOA is 13.1 mrad for the R truck, 14.3 mrad for the CD truck and 7.63 mrad for the
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USD truck. The USD truck provides the lowest buildup of angle of attack up to a
curvature of 12 degrees. This is because the truck is designed to achieve perfect steering

with an unsymmetric index a,, as given by the equation (4.6). The lower value of bending

stiffness provided in the USD truck also helps it to achieve better steering through the
curve. Beyond this curvature, the angle of attack for the USD truck increases dramatically
and the AOA is higher than the R truck for curvatures beyond 15 degrees. This is probably
because the R truck is designed with high shear stiffness helping it achieve lower flange

forces on tight curves.

The variation of angle of attack shown in Figure 6.4 is for the case of 50% Kalker
creep coefficient. On a 12 degree curve, the angle of attack is 16.4 mrad for the C truck,
8.7 mrad for the R truck, 3.7 mrad for the CD truck and 1.85 mrad for the USD truck.
In general, the AOA is higher for 100% Kalker creep values compared to the case of 50%
Kalker creep value. The performance of the CD truck deteriorates most rapidly as the
Kalker creep value increases from 50% to 100%. The values of AOA for half creep and
full creep values are tabulated for two design critical speeds of 80 m/s and 60 m/s in Table
6.1. It is seen that USD truck achieves superior performance compared to other truck

designs on the 12 degree curve.

6.2.2 Lateral Force on the Leading Axle

The lateral forces exerted on the high rail wheel are shown in Figures 6.5 and 6.6

for the case of full and half creep values respectively. The direction of forces on the rails
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Design Critical Speed 80 m/s Design Critical Speed 60 m/s

Truck type Full Creep Half Creep Full Creep Half Creep
Front Rear |Front Rear |Front Rear | Front Rear
C Truck 15.6 1.67 | 16.4 1.95 13.2 1.4 12.5 1.5
R Truck 13.1 1.3 8.66 1.39 1.6 0.54 4.25 1.17
CD Truck 14.3 1.54 3.7 1.0 4.85 0.83 1.8 1.6
USD Truck 7.63 1.1 1.85 0.95 | 0.84 0.75 1.62 1.54

Angle of Attack of front and rear wheelsets in mrad on a 12 degree curve

Table 6.1
Design Critical Speed 80 m/s Design Critical Speed 60 m/s
Truck type Full Creep Half Creep Full Creep Half Creep
High Low High Low High Low High Low

C Truck -33483 | 22566 | -33476 | 22629 | -32928 | 22403 | -32105 | 22461

R Truck -32966 | 22380 | -30612 | 21708 | -20134 | 12986 | -24104 | 16744

CD Truck -33203 | 22486 | -21343 | 15783 | -28163 | 20658 | -13903 | 10324

USD Truck | -30877 | 21770 | -18032 | 10297 | -13127 8423 | -14415| 9658

Lead wheelset lateral forces in Newton on a 12 degree curve

Table 6.2
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exerted by the wheels cause gauge widening of the track. As the track curvature increases,
the lateral flange force required to keep the lateral displacement of the lead wheelset
exceeding the available flange clearance increases and approaches the adhesion limit
between wheel and rail. The unsymmetric truck configuration, USD truck, provides the
lowest rate of buildup of flange contact force in comparison to the other configurations in
the curvature range of 1 - 12 degrees. Table 6.2 compares the lateral force on the high rail
wheel on a 12 degree curve.

The ratio of lateral force to vertical force on a wheel, more commonly referred as
L/V ratio, gives an indication of the derailment potential of a truck. Typically, a value of
L/V ratio larger than 1.0 is not desirable and all the trucks analyzed have ratios below this

threshold during steady state curving.

6.2.3 Truck Wear Index

One major objective in the evaluation of curving behaviour is to reduce wheel and rail
wear in curves. The variation of wear index for the different truck designs are shown in
Figures 6.7 and 6.8 for 100% and 50% Kalker creep values. The trucks are designed for a
critical speed of 80 m/s. The wear index for the conventional truck increases sharply as
curvature increases. The wear index for the USD truck is less than other designs in the
curvature range. Table 6.3 compares the wear index for different truck designs on a 12

degree curve.
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6.2.4 Summary of Simulation Results

The curving performance indices used in the steady state curving program are
angle of attack, wheel lateral force and truck wear index. The analysis has shown that
USD truck achieves better curving performance in comparison to other truck designs on
curvatures up to 12 degrees. On most main line tracks in the North American Railways,
the curvatures are in the range of 1 to 12 degrees. Thus it is seen that the curving
performance of the USD truck would be superior to the other truck configurations for
main line operations. In the next section, the results obtained here will be validated using

a commercially available software program.

6.3 Curving Analysis using NUCARS

NUCARS (New and Untried Car Analytic Regime Simulation) is a general
purpose, multi-body dynamic program used in the modeling and simulation of railway
vehicles [59]. This program was developed by Association of American Railroads
(AAR). This program has undergone extensive validation since its development and is an

industry-wide standard in North America.

NUCARS models a rail vehicle system as a collection of interconnected lumped
masses. Each rigid body can have multiple connections and each connection is defined by
a resilient and dissipative element that is configured properly to represent the physical

connections between the bodies. A variety of connections in a series or parallel
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Design Critical Speed 80 m/s Design Critical Speed 60 m/s
Truck type Full Creep Half Creep Full Creep Half Creep
C Truck 1079 1137 920 857
R Truck 976 695 577 437
CD Truck 996 322 462 177
USD Truck 624 257 242 173

Wear Index per Truck in Nm/m on a 12 degree curve

Table 6.3
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arrangement can be modelled with either linear or nonlinear properties as discussed in

[60].

In the following sections, curving performance of different truck designs are
evaluated using NUCARS. The objective is to compare the results of the steady state
curving analysis obtained earlier with results from NUCARS. Thus an indirect validation

of the steady state curving analysis program has been carried out.

6.3.1 Angle of Attack

The leading axle angles of attack for C truck, CD truck and USD truck predicted

by NUCARS are shown in figures 6.9 and 6.10. As seen from Table 5.1, the CD truck

requires a bending stiffness in the range of 3x10° N/m to 15x10° N/m, depending on the
creep coefficient considered, to achieve a critical speed of 60 m/s. For half Kalker creep
values, the CD truck has a softer primary suspension compared to the USD truck. As the
creep coefficient is increased, much higher primary bending stiffness is required for CD
truck to maintain the same critical speed compared to the USD truck. The result is
improved steering for the entire curvature range for the USD truck as seen in figure
6.10. Figures 6.11 and 6.12 show a similar trend when the trucks are designed for a

critical speed of 80 m/s.

6.3.2 Lateral force on the Leading Axle
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The lateral force on the high rail wheel obtained from NUCARS simulations are
plotted in figures (6.13) and (6.14). The design critical speed is 80 m/s. The trend is
similar to the plots in figure 6.5 and 6.6 obtained from the steady state curving program.
The absolute values of lateral force obtained from NUCARS simulation for the USD
truck are higher compared to the steady state program. Still the USD truck achieves the

lowest lateral force compared to the C truck and CD truck.

6.3.3 Wheel/Rail Resistance

The wear index developed in NUCARS is similar to the one defined earlier by
equation 6.1. It relates the energy dissipated in the contact patch to the wheel wear. By
summing the wear indices for all wheel/rail contact points on a vehicle the total rolling
resistance of the vehicle due to wheel on rail contact is obtained in NUCARS. This is a
measure of the drag induced in the wheel/rail contact area. The rolling resistance
obtained from NUCARS is different from the wear index used earlier in the steady state

curving analysis in that it takes into account wheel/rail wear of two trucks.

Figures 6.15 and 6.16 compare the total wheel/rail resistance values for the

different truck designs for the critical speed of 80 m/s. The trend is similar to the wear

index plot shewn in figures 6.7 and 6.8.
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6.3.4 Comparison of NUCARS simulations with the SS curving model

Tables 6.4, 6.5 and 6.6 compare the values of angle of attack, wheel lateral force
and the wear index per truck obtained from NUCARS with that obtained from the steady
state curving model on a 12 degree curve for the critical speed 80 m/s. The predicted
AOA by the steady state curving program is 15.6 mrad and 1.67 mrad for the front and
rear wheelsets. The corresponding values predicted by NUCARS is 15.4 mrad and 0.7
mrad for the front and rear wheelsets respectively. The lateral forces for the high rail
wheel are 33483 N and 34936 N for the steady state curving program and NUCARS
respectively. Results of CD truck simulations using NUCARS also match reasonably
with results of steady state curving simulations. The performance of CD truck is much
superior to the C truck as predicted by NUCARS for the truck with stiffness parameters
designed for half creep. For CD truck, designed for the critical speed of 80 m/s for full
creep coefficients, a lateral force of 33,581 N is predicted by NUCARS. This is in
comparison to the value of 33,203 N predicted by the SS curving model. The values of
AOA of the lead wheelset predicted by NUCARS for an USD truck on a 12 degree curve
is 10.8 mrad and the lateral force is approximately 32,595 N. The corresponding values
for the USD truck from the steady state curving model are 7.63 mrad and 30,877 N. Thus
the USD truck achieves the best curving performance compared to other truck designs
for curvatures up to 15 degrees. This is attributable to the better steering capabilities of
the truck with usymmetric suspension and lower bending stiffness for the truck with the

yaw dampers.
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AOA, mrad AOA, mrad

(NUCARS) (SS Curving)
Truck type Front Rear Front Rear

C Truck 15.4 0.7 15.6 1.7

CD Truck, K, = 15x10° 9 1.6 3.7 1.0
CD Truck, K, =35x10° 15 1.7 143 1.54
USD Truck, K, = 742x10° 1.57 1.58 1.85 0.95

USD Truck, K, =1485x10° 10.8 1.43 7.63 1.1

Comparison of Angle of Attack on a 12 degree curve
Critical Speed = 80 m/s
Table 6.4

Lateral Force, N Lateral Force, N

(NUCARS) (SS Curving)
Truck type Front Rear Front Rear
C Truck -34936 22231 | -33483 22566

CD Truck, K, = 15x10° -31503 21724 -21343 15783

CD Truck, K, =35x10° -33581 21974 -33203 22486

USD Truck, K, = 742x10° -19495 12503 -18302 10297

USD Truck, K, =1485x10° | -32595 | 21831 | -30877 | 21770

Comparison of lateral force on a 12 degree curve
Critical Speed =80 m/s
Table 6.5
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Truck type Wear index/truck, | Wear index/truck,
Nm/m Nm/m
(NUCARS) (SS Curving)

C Truck 1129 1079
CD Truck, K, =15x10° 683 322
CD Truck, K, =3.5x10° 1166 996
USD Truck, K, = 7.42x10° 177.5 257
USD Truck, K, = 1485x10° 884 624

Comparison of wear index on a 12 degree curve
Critical Speed = 80 m/s
Table 6.6

155



The steady state curving attitude of the USD truck on a 10 degree curve is shown
in the figure 6.17. The forces and moments shown in the figure are values predicted by
NUCARS. This figure can be compared to the results of the steady state curving analysis
shown in figure 6.2. For the C truck, comparison of results from NUCARS in terms of
the angle of attack and lateral force with that of the steady state curving model are given
in Figures 6.18 and 6.19 respectively. The corresponding plots for the USD fruck are

given in Figures 6.20 and 6.21.

One of the main differences between the two programs is the computation of
wheel/rail interaction forces. In NUCARS, forces are computed using Kalker’s non-
linear creep theory. The non-linear creep force results for a wide variety of creepage,
contact geometry and normal force conditions generated on the basis of Kalker’s non-
linear theory is stored in a table. This tabular data includes the effect of spin and is
referred in the computations. The steady state curving model computes the wheel/rail
forces using Kalker’s linear theory, and then limits these forces when necessary by an
approximate method based on Johnson’s non-linear theory. This method ignores the
effect of spin creep, which become dominant as the truck negotiates sharp curvatures.
This may possibly explain the slight differences in values obtained from the two

programs.
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6.4 Summary

In this chapter, steady state curving behaviour of modified truck designs were
studied using a non-linear, steady state curving program. The non-linearities included in
the models were wheel/rail geometry, wheel/rail contact forces and the secondary yaw
stiffness. The trucks considered for evaluation were the Conventional Truck (C Truck),
Radial Truck (R Truck), Conventional Truck provided with Yaw Damper (CD Truck),
and Unsymmetric Suspension Truck with Yaw Damper (USD fruck). The suspension
parameters, bending stiffness and shear stiffness, are chosen for two critical speeds, 80

m/s and 60 m/s from the results presented in Chapter 5.

The results were presented in terms of the angle of attack of the leading wheelset,
lateral force on the leading, high rail wheel and wear index. The analysis showed that
USD truck could be designed to achieve better over all performance on main line
operations where curvatures vary between 1 to 12 degrees. The results of steady state
curving program were validated using the commercial software package NUCARS. The
comparison of results obtained from NUCARS analysis shows good agreement with the
SS curving model. The comparison of steady state curving behaviour of different truck
designs using NUCARS also showed that USD truck has the potential to achieve superior
performance compared to the other truck designs. For the USD truck to be bi-directional,

switched dampers as discussed in Section 3.6 in Chapter 3 have to be provided.
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Chapter 7
SUMMARY, CONCLUSIONS AND RECOMMENDATIONS FOR FUTURE

RESEARCH

7.1 Summary

In this thesis, modified passenger railway vehicle truck designs have been
investigated with an objective to improve the compatibility between the dynamic stability
and curving ability. A trade-off analysis of lateral stability on tangent track and curving for
conventional truck (C truck), radial truck (R fruck), unsymmetric suspension truck (US
truck) and unsymmetric wheelset truck (UW truck) has been carried out. Based on these
off-flange and on-flange trade-off analysis, C truck and US truck are modified for
improved stability performance by providing yaw dampers in the primary suspension.
These truck designs are: (a) a conventional truck with the damper referred to as CD truck
(b) a US truck with the damper known as USD truck. Suitable design parameters for the
yaw damper are selected through the analysis. Suspension design guidelines are

developed for the modified truck designs.

A non-linear, steady state curving model! has been developed. The curving
performance of C truck, R truck, CD truck and USD truck are evaluated using a non-
linear steady state curving model. The creep force saturation and wheel/rail geometry are

the non-linear effects considered in the model. Secondary yaw stiffness is the only
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suspension non-linearity considered. The curving performance indices used in the steady

state curving program are angle of attack, wheel lateral force and truck wear index.

New and Untried Car Analytic Regime Simulation (NUCARS) , a multi-body
dynamic program used in the simulation of railway vehicles, has been used to validate the
results of the steady state curving program. NUCARS has been developed by the
Association of American Railroads (AAR) and has undergone extensive validation since
its development. The comparison of results obtained from NUCARS analysis shows good

agreement with the steady state curving model.

The technology that would hasten the deployment of a high-speed rail passenger
service is that which can improve the safety, reliability, cost-effectiveness and revenue
generating potential of such a service. It is shown that the unsymmetric suspension truck
with primary yaw damper achieves better compatibility between the dynamic stability and
curving behaviour than existing truck designs. Such a railway vehicle with the
unsymmetric suspension trucks and primary yaw dampers can potentially be operated on
existing rights-of-way without the need for massive investments for new track

infrastructure.

7.2 Conclusions

1. It is possible to design a US truck to achieve perfect steering on curves. The

introduction of asymmetry in the US #ruck improves its curving performance in
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comparison to the C truck. However, introduction of asymmetry in the US truck
deteriorates its lateral stability and lowers the critical speed. An off-flange curving and
stability trade-off has been carried out by optimizing suspension parameters for the
different truck designs. The analysis shows that the performance of the US fruck is better
than the C truck. An optimized UW truck has the potential to achieve the best off-flange

curving/stability trade-off in comparison to the other truck configurations.

2. The analysis of on-flange curving behaviour revealed that the performance of the UW
truck deteriorates on curvature greater than 7 degrees in comparison to the R #ruck. This
is because the independently rotating wheels in the rear axle of the UW truck do not
contribute to proper steering of the truck through sharp trucks. Curvatures in the range of
8 degrees to 12 degrees are common on most main line tracks in North America. Over this
range of curvatures, the UW trucks show increased angle of attack and flange wear, and
hence potentially increased track maintenance and wheel and rail replacement costs in
comparison to the R fruck. From the results of on-flange curving analysis, it appears there
will be little benefit in equipping the railway vehicles with independently rotating

wheelsets.

3. By choosing suitable values of primary yaw dampers, it is possible for CD truck and
USD truck to achieve higher critical speed in comparison to C truck and US truck for a
given bending stiffness. The non-linear curving analysis has shown that USD fruck
achieves better curving performance in comparison to other truck designs on curvatures

up to 12 degrees. On most main line tracks in the North American Railways, the
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curvatures are in the range of 1 to 12 degrees. The curving performance of the USD truck
would be superior to the other truck configurations for main line operations. Thus it is
possible for a properly designed USD truck to achieve near perfect steering as well as

good maintain dynamic stability.

4. The analysis of performance using NUCARS also shows that USD truck has better
curving behaviour compared to other truck designs for curvatures up to 12 degrees. The
trend in performance predicted by NUCARS for the different truck designs is the same as

obtained from the steady state curving model.

7.3 Recommendations for future research

1. Tangent track analysis has been carried out in this thesis using linear wheel/rail profile geometry
and linear suspension characteristics. A non-linear analysis of the rail vehicle for the stability and
forced lateral response will be useful in a quantitative evaluation of the modified truck designs.

Such an analysis should include wheel/rail profile, creep force and suspension nonlinearities.

2. The research reported in this thesis has dealt with steady state curving behaviour. To
look into the safety implications of the new designs, transient behaviour in curves must be
studied. The response of the railway cars in entry and exit spirals should be evaluated. The
effects of track irregularities on the response of cars with these modified truck designs

need to be analyzed. Any further model refinement should also consider rail flexibility.

164



3. Experimental investigation of the stability behaviour of the CD truck and USD truck
would be useful to study the ability of the dampers to provide increased restraint to
achieve desired critical speeds. Of particular importance will be the development of a

switched damper for easy bi-directional operation of the railway car.
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Appendix A

Wheelset Coordinate System

The coordinate system, /., je k. shown in Figure A-1 has its origin at the track
center line and moves at a constant forward velocity ¥ with respect to a fixed inertial

frame. The axes system /; j;,k:; is an intermediate frame that is rotated through an angle

w  about the k. axis. The axes system is, js, ks form the wheel-axle set body coordinate
system and has its origin at the center of mass. Two more contact axes 71, Ji, k; and

ir,jr, k, are used that are attached to the left-rail and right-rail instantaneous points
respectively. These are defined in Fig. A2 and are used to calculate wheel-rail contact

forces.

The transformation equations between the wheelset body axis and intermediate

frame are written as [4]

ip 1 O 0 I;
Jjo |=| 0 cosd sind || ji (A-1)
ke 0 —sind cosd || &

and between the intermediate frame and the equilibrium axis is

i; cosy siny O || 7.
Ji |=| —siny cosy 0 || je (A-2)
ki 0 0 1 k.
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The transformation between the wheelset body axis and equilibrium axis is then written as

ip cosy sin 0 fe
jo» |=| —cosdsiny cospcosy sing || Jje (A-3)
ks singsiny -singcosy cosd || ke

For small ¢ and y equation (A-3) becomes

jb il e 1 d) je (A'4)
ky 0 —¢1 k.

In Figure A-2, §; and 8, refer to the left and right contact angles, r; and 7- are

the left and right contact rolling radii. The transformation from the contact-point axes and

the wheelset body axes are given by

il [1 o o is

jir |=| 0 cosd; sind; || j» (A-5)
| k&t | | O —sind; cosd; || ks
(i ] [1 o 0 is

Jr |=| 0 cos8, —sind, || js (A-6)
| k- | | 0 sind, cosd, || ks
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Axis Systems at Wheel/Rail Contact Points

Figure A-2
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For small angles using equations (A-4) in (A-5), the expression for transformation

from left wheel contact plane axes to wheelset equilibrium axes is given by:

Jiu |=| ~v 1 S+ || Je (A-7)
k. 0 ~(Gi+¢) 1 | ke

Similarly for the right wheel contact plane:

i, 1 U] 0 i
Jr|=lv 1 -G--9) || Je
kr 0 Gr—¢) 1 ke

(A-8)

For the curved track, equations (A-7) and (A-8) should be modified to include an
extra term *  in the equation. In the curved track coordinate system, the wheelset is

radially aligned with the track when (v + QR;) is zero. The term L’Ri will then equal to

+£— for the leading wheelset and —% for the trailing wheelset.

The transformation between contact axes and equilibrium axis is given by

i L w+H) o g
Ju =l W) 1 &+d | Je (A-9)
ki 0 —@Gi+d) 1 ke
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i 1 (w+® o ie
jr = w1 G- | Je (A-10)
kr 0 (5.9 1 ke
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Appendix B

Creepage Derivation

Each wheel experiences relative linear and angular motions between the

wheel and rail which are called lateral, longitudinal and spin creepages.

Longitudinal and lateral creepages are defined as

& __ Longitudinal component of V. (B 1 )
X ™ nominal forward velocity
__ Lateral component of Ve

&y " nominal forward velocity (B- 2)

where V. is the absolute velocity of the wheel at the contact point.

Spin creepage is defined as

a __ Angular velocity component Q- (B 3 )
sP nominal forward velocity

where Q. is the component of the absolute angular velocity Q perpendicular

to the contact plane.

Figure B-1 shows the wheelset body axes from which we can write the

velocity at the contact point V. as

V.=V, +Q xR, +V, (B-4)
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Wheelset axes and velocity of centre of mass

Figure B-1
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in which ¥, is the angular velocity of wheelset axes, Q is the angular
velocity of the wheelset axes excluding the wheelset rolling velocity and R; is

the position vector of the contact point in the wheelset body axes and V, is

the velocity of point of contact measured with respect to the wheelset body

axes.

From figure B-1, the velocity V, can be written as

Vi = (V +x—jw)is + (7 — P@)js + 2Ks (B-5)

In the model, we assume the vehicle is travelling at constant velocity and

hence x = 0. Neglecting the term jy because it is small, we get,

V= Vib +(j1— V\y)jb +2kb (B-6)
The angular velocity € is given in wheelset axes as

Q = dis + (E+W)ks (B-7)

The position vector for the left and right wheel contact points are

Ry =ajy—riks (B-8)

Rcr = —ajb —-r-Ks (B-9)

From equations (B-7) and (B-8), we can write,
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QxRy= —-a(g+ Wip + I‘[d)jb +ad)kb (B-IO)
The relative velocity V, in equation (B-4) is written as
V,-"—‘-(O)-i-B)I‘[ib (B-ll)

where ® is the nominal rolling velocity of the wheelset and B is the

perturbation in the wheel spin.

The absolute velocity of the contact point V,; can be written from equations

(B-4), (B-6), (B-10) and (B-11) as

V= -a(z+W¥)—(@+PB)ris + §— My +rih)js + & +ad)ks (B-12)

Similarly, the expression for the absolute velocity of contact point at the right

wheel is given by

Ve = (V+a(%+\il)—(m+B)r,-)ib +(j1— V\u-i-r,d))jb +(;T—ad))kb (B'13)

The absolute angular velocity at a contact point Q. is written from equation

(B-7) after adding the wheelset rolling velocity as

Q. = dip + (0 +B)js + (5 +W)ks (B-14)

Creepages in general are expressed in contact axes. By using the
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transformation matrices in equations (A-5) and (A-6), equations (B-12),

(B-13) and (B-14) are written in contact axes coordinates as

Va=(V-a(§+¥) ~ (@ +B)rdis + (¢ — Vy +ri)cos; + (¢ +ad)sin8.)jr+
(~@ - Py +ri$)sind; + (z + ad)cos 8:)ki (B-15)

Ver=(V'+ a(g + ) — (@ + B)ro)i, +((7 — Vi +rd)cosd, +(z —ad)sind,)j+
(-G - Yy + rd)sind, + (z + ad)cos 5, )k, (B-16)

0 = i +((@ + B)cos; + (5 +W)sindn)js + (& + ¥)cosd; — (@ +P)sinS)k:
(B-17)

Ocr = §iy + (@ +B)cos 8, — (£ +§)sinS,)j, + ((§ +)cos 5, + (@ +B)sin& )k,

(B-18)
From the longitudinal component of equation (B-15), the longitudinal
creepage for the left wheel can be written as
V., . R
Eo = B (B-19)
and the lateral creepage,
ayl B W+f1¢)°°55ﬁ(;”+a$)5ﬁ151 (B-20)

The spin equation can be obtained from equation (B-17) as
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_ (Frioss~(+B)sing
é.}'l - v

The creepage terms for the right wheel can similarly be written as

Vea(gri-e+)r,
Eer = — T

_ —Wp+r )cos §,~(i—ad)sin 5
éﬂ' - 74

_ (grixcosdHoPysins,
Eor = %

(B-21)

(B-22)

(B-23)

(B-24)

The k; component of equation (B-15) is zero since it is assumed that wheel lift

is not possible. Therefore, we get,
z+adp =@y -Vy+rdtand,

which is used in equation (B-20) to get

é _ G-Viptrid)
YT Veos §;

The right wheel lateral creepage can similarly be simplified as

G~Vip+r )
&yr = Vs

Vcos 8,

B.1 Linearized creepage expressions for tangent track
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For the tangent track hunting model, the creepage terms derived above
are linearized by making use of equations (2.1), (2.2) and (2.3). The simplified

creepage expressions are

Ext =—(,’—;y+%) (B-28)
E=h—y+ T2 (B-29)
Es=t -2t (B-30)
Eer = (Ry+5E (B-31)
Er=t-y+2 (B-32)
Eor =+ (B-33)

Expressions for longitudinal, lateral and spin creep forces can be

derived by making use of the above terms in equation (2.4).

B.2 Linearized creepage expressions for curved track
B.2.1 Wheel load shift

In curving wheel loads redistribute under the influence of cant
deficiency. The wheel load NI(M)—M(a) = A%d)dhcgshift can be approximated

4

by summing moment about right wheel contact point (refer figure B-2),
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Load distribution during curving

Figure B-2
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where a is the half track gauge, 4., is the height of C.G. of the car from

the top of rail and ¢4 is the cant deficiency. This is simplified as
NiNw _ f’.‘.‘.d) d (B-34)

where N,, = k%g- , the nominal wheel load per wheel. The expression for the

normal wheel load on the left wheel is

Ni=Nu(l +224) (B-35)

Similarly, normal wheel load on the right wheel is

heg

Nr=Nu(1-729a) (B-36)

B.2.2 Creepages
Longitudinal creepage

The expressions for curved track longitudinal creepage given in
equations (B-19) and (B-22) are simplified by ignoring the ¥ term for the
steady state curving analysis considered here. The expressions are rewritten by

using the linearizing approximations for r; and r, in terms of y,, as

_a ry Bro

éxl—E_'r:__V- (B'37)
_ a by B"a

éxr __E+"_c._7 (B-38)



The longitudinal creep forces are

Fxl = "fllléx[ (B'39)
Fxr = _fllraxr (B'4O)
Sufur —fu(l'*'zmbd (B-41)

The wheelset is assumed to be rolling with constant rotational velocity
and the net couple about the wheelset rolling axis provided by the longitudinal
creep forces must be zero (assuming no driving or braking torque). This gives

the following expressions for the torque balance about the wheelset axis:

Fxlrl+Fxrrr=0 (B'42)

Substituting expressions derived before in the above equation yields the

following:

A — 21’71@ 18 rea
B=-"t - (B-43)

Equations (B-37) and (B-38) can now be written as follows:
éxl - _ roa)(l _ 2h¢d (B'44)

Exr = 2y~ 222)(1 + 252) (B-45)
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Lateral creepage
Lateral creepage for the steady state curving analysis can be obtained from

(B-26) and (B-27) by neglecting the velocity terms

Eylyr=—(¥+%) (B-46)

where b* is +b for the leading wheelset in a truck and —b is for the trailing

wheelset in a truck.

Spin creepage

~E+28))

Est = —557 (B-47)
_ L) B-48
ésr = v ( = )
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Appendix C

Derivation of Equations of Motion

C.1 Wheel-axle set force balance

The angular velocity ® of the wheel-axle set is given as

o =¢i; + (Q+B)js + vk (C.1)

Transforming the above equation into body axes system,

® = dip +(Q+ B + ysind)js + cos dks (C.2)

The angular momentum of the wheel-axle set in the body coordinate

system is

H = [x0ip + Ly, +[-0:Ks (C.4)

where [.x, [.y and /.- are the principal mass moment of inertia of the

wheelset.

The angular velocity of the body coordinate axes is written as

Oaxs = ip + YK,
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= ¢ip + \ysindjs + W cos oks (C.5)

The rate of change of momentum is obtained as

B =[xy +Luy@yjo +Luzd:kp +0 x H (C.6)

The rate of change of momentum is obtained as

B = (uxd ~ Ly QWi + Ly Be + Ly Qb + Lz W)k (C.7)

The equations of motion are written in the equilibrium axes, from Newton's

law, as

myi=2F (C.8)
H_ v\ (C.9)

where m,, is the mass of the wheel-axle set.

Neglecting the lateral displacements of the contact points from the
equilibrium position, the position vectors for the left and right contact points

in terms of the body coordinate system are (refer figure B-1)

R, =-ajs—rks (C-10)
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R,——.ajb—rlkb (C-ll)

In terms of the equilibrium coordiantes, components of these position

vectors are

R =acos¢siny —r,sindsiny (C-12)

R, =—acosd cosy +r,sind cosy (C-13)

R, =-asind—r-cosd (C-14)
and

Ry =-acosdsiny —rsin¢siny (C-15)

Ry =acoshcosy +rsind cosy (C-16)

Ra=asind —ricosd (C-17)

The equilibrium equations for the wheel-axle set can be written from the
force-moment system shown in figure C-1. From the free-body diagram of a

wheelset the summation of forces and moments are given by

2F=F;+F,+N;+N,+F; + W;k; (C-18)

ZM=R,(F,+N)+Ry(F;+N)+M;+ M, +M; (C-19)

By expressing the components of the above mentioned forces and
position vectors in the equilibrium coordinate system, and making use of
equations (C.8) and (C.9), the following six equations for the wheelset can be

written:

Longitudinal equation
MyXwe = Fxy +Fop + Ny + Ny + F o (C-20)
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Free body diagram of a wheelset

Figure C-1
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Lateral equation

Mmyyw=Fu+Fy +Ny+ Ny +Fy (C-21)

Vertical Equation

mwj:'w:FzI'i‘Fa' +NzI+Nzr+F::_WA (C-22)

Roll Equation

[wx(f)w -'[wy(V/ro)\i/w = Ryr(Fzr +Nzr) —Rzr(Fyr +Nyr) +Ryl(F:I +Nzl) _RZI(F)'I +Nyl)
M+ M + M

(C-23)

Spin Equation
Iu}'Bw =R Fx “er(F:r +N-—'-r) +RaFu —RxI(FZI +N31) +MY’ +MY" +My’
(C-24)

Yaw Equation
[uxq/w +[uy(%)d)w = er(Fyr +Nyr) +Rx1(Fy1 +Ny1) —Ry[Fxl —RyrFxr +M:I+Mzr +‘Mzs
(C-25)

By using the values of linearized creep force terms derived in Appendix B and
making use of equations (C-13),(C-14), C(1-16) and (C-17), equation (C-23)

can be simplified as [4]

Lxb Ly + L;;I((l + 20y - V) +f12(‘1’r7°\il+(51 -8.)—a(Ni—N,;) -M =0
(C-26)
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Multiplying equation (C-22) by a and adding it to equation (C-26), we get,

Ni= 2(nz + Wy = Fy — Fo)a+ [ — Ly vy + L2+ 25 - V) +fa(GRi+
(51~ 5.)) — M)
(C-27)

N, = S((mz+ Wa—Fy—F)a- b — Lymoy + Yu Puy+ 2y — Py) + Fra(By+
(B1-8-)) — M)
(C-28)

From equations (C-27) and (C-28), we get,

s, +5,

Wid:1 - N:8,) = 22w, 1, Ly = WaB)y - Ly(Z)¥8o

(C-29)

C.2 Truck force balance

Figure C-2 shows the free body diagram for the front truck forces.

Front truck lateral

2 2
mrj'/lef, —,_Zleu-glle,,-—F;,—F’;r (C-30)

Front truck yaw
Lt} = ~(Fyty + Fyr1 )b+ (Fya + Fyra) — é Fei—Foy)dy My  (C-31)
Front truck roll
[4) = Fent = Fen)dp + (Fury = Fep)d, + (Fer — FL), (C-32)
196



yr2
‘ —L'x2

L ylr

L xrl

Free body diagram of front truck

Figure C-2
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Similarly, equations for the rear truck can be derived as follows.
Rear truck lateral
mi=F — é Fyi— ;23 Fyn~Fly~F3,
Rear truck yaw
L7 =~y + Fyr2 b + Fyts + Fyra)b = % (Far —~ Fr)ddp = Mo

Rear truck roll
L{:zé;‘ = (F:r:! "FZB)dp +(Fzr4 _F:l4)dp + (F;,- —F:_-l)d:

C.3 Carbody force balance

Figure C-3 shows the carbody force balance.

Lateral

M.y, =F§, +Fyr +Fy+Fl +Fyy
Yaw LeWe = (Fly+ F)l = (o + Fo)ls + My + Moy + My
Roll

Iebe = (Foy+ Fidhes + (Fyy+ FipYhes + o — Fds + (Fo = FL) + Mo
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(C-35)

(C-36)

(C-37)

(C-38)



Free body diagram of car

Figure C-3
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C.4 Suspension forces

The suspension forces acting on the wheelset are:
Fyll = —kpy(Vw1 =y —byn —hpdn)

Expressing truck roll in terms of wheelset roll angle and making use of

equation (2.3), we have,

Ffll =—kpy (Vw1 —yn —byn —hrp%(}’wl +Yw2)) (C-39)
Fy =Fy (C-40)
Ffrl = _kpxdp(\ywl - W) (C-41)
Fi = xdp(Wwi — Wit (C-42)
FI;IZ == p}'(ywl —Yu "'bth —hlp{;(ywl +yw2)) (C-43)
Fin=Fu (C-44)
Fflz = kpxdp(Ww2 — Wn1) (C-45)
F§r2 = ~kpedp(Ww2 — V1) (C-46)
The suspension forces acting on the car body are (Figure C.3):
F{S ksy(ytl _’yc - (ls - le)Wc - hcsd)c - htszi;;(ywl +yw2)) (C-47)
Fyr=F, (C-48)
Mc

Flj = keeds(®e = 350wt +ywa)) = 5 (C-49)
P& = ked(E O +yua) o) — (C-50)
Fr - k;}(}/;z —Ye + (1 - le)Wc csd)c -hlsZLa@\V3 +}’w4)) (C-S 1)
F;’;‘ =Fj (C-52)
Fo = kadi(@e — s +ya)) — 222 (C-53)
F’-'l;’ k d (Za(y\ﬂ +_yw4) d)C) - fo (C-54)

Mo = kay(ua — Z_y.)
=—Toy with yaw break away (C-55)

M = kay(Wa — 3= ve)
=Tay with yaw break away (C-56)
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Suspension forces acting on the truck are negative of the values given above.

in the above equations, force terms relating to stiffness parameters F*

are given. The terms for suspension forces relating to dampers F° can be
obtained by using velocity terms instead of displacements and by using

damping coefficients instead of stiffness constants.
C.5 Gravitational Stiffness Force and Moment:
Refering to Figure 2.1, Section 2.1.2, the equation of lateral

gravitational stiffness force as given in equation (2-23) can be simplified by

using equation (C-29) and linearizing:

N, =2y, Bl (C-57)

Multiplying (C-27) by &; and (C-28) by §, and adding, we get an expression
for the yaw gravitational stiffness given in the equation (2-24). The following

simplified expression is obtained after neglecting the higher order terms.
Ny =Wiad,y, (C-58)

On curved track, the effect of wheel load shift is taken into account. Equation

(2-23) after linearization is

Ny =—=(Ni=N))3, - (N, + N, )&y, (C-59)
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Using equations (B-35)and (B-36), the above equation can be rewritten as

N, = -Wa 2 5, — ZaCeile (C-60)

The yaw gravitational moment for the curved track is

Ny =a(-Ny "‘Nyr)(‘{/w + %)
= Waado(Ww + %) (C-61)

C.6 Equations of Motion - Tangent Track Hunting Model

The equations of motion for the linear hunting model can be written by
inputting terms derived for creep forces, gravitational force and moment, and
suspension forces into the set of force balance equations obtained for the case
of each rigid body, i.e. wheelsets, trucks and carbody (equations C-21, C-25,
C-30 to C-38). The model has 17 degrees of freedom: lateral and yaw for 4
wheelsets, lateral, yaw and roll for 2 trucks and lateral, yaw and roll for 1

carbody.

Wheelset lateral (for i=1,2,j=1; fori=3,4,j=2)

e 2f7'7 2f22" r qu !u"’Sa . . - .
MyPvi +(2¢py + o Wi + (7 — S5 )W — 20y + 2Cy 0y — 20 pphip Oyt

WL p)
+(2kpy + —(:_A) - {ﬁwA)y wi = 2f22 Wi — 2kpyyy — 2kp b Wy — 2kpyhipdy =0

(C-62)

Wheelset yaw (fori=1,2,j=1;fori=3,4,j=2)

. Ly lT 2 2frol 2
[uzw‘vi'*'(-“ayr—o—j[_—?'— S ) Y wi +(20pa. +— f“a Zﬁs)wul ZCPXCFWU-*-
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Lt 228yt Qe + 213 ~ WaaB o) — 2bipediysy = 0

o

(C-63)

Truck lateral (forj=1,i=1;for j=2,i=3)

mgj'/,_,- - chyc - 2C5yh9¢c + (2C;y + 4cpy)j’tj - Zcpy(j)“,f +}-’u(i+l))+
(4cpphp —2c5h5)0y5 +2c5(ls — L) — 2kgy . — 2kghesbc + (2kg + 4kpy)y—

2kpy (i + Yuiien)) + @hipyhey — 2leyhisYby + 2kgy(ls — L) we = 0 (C-64)

Truck yaw (forj=1,i=1; for j=2,i=3)

LWy = Cop Ve +(Csy +ACpdy +4Co b2 2oy — 205w = Pugien) — 2cp:d;
(Wi + Waiisn) — by We + (kg + kpedy + Akpy b2 )y — 2kpy b = Yuinry) — 2kped
(Wi +Waugs1)) =0 (C-65)

Truck roll (for j=1,i=1; forj=2,i=3)

Indy +2hsCyye £ 2RC (L + I e + QPrshescyy — 20 2d?)be + (Rd2cs: + 2h5C o+
Acpyhip +Ad3C )by + (Aephiy = 205hi)yg — 20p5h (v + Vi) + 2Ruskgy o+
2hlsk5y(ls - le)wc + (2hlshcsk$y - 2kszd§)¢c + (ZCFsk:: + 2ht2sk:y + 4kpyhtzp + 4d;21kpz)¢q'
(4kpyh p— 2ksyh )y g— 2kpyh m()’wr' +y u(i+l)) =0

(C-66)
Carbody lateral
meye +4Cqye —ACyleVe +4Cyhede +2cohs(bn +bn) ~ 205 (n +n) + 2kgye
—4kgye —dkgleye +8kgyheshe + 2k ghig(n +bn) — 2kgyn — 2kgy2 =0

(C-67)
Carbody yaw
LYo+ ey + 4C5y[?)\i/c ~2c5ls(n ~yn) + 2C:ylshls(d)(l - ¢rz) —Csy(Wn +Vn)
+(2ksy + 4k 12 o — 2kl s (e — ya2) + 2ksylshis(bn — dr2) —kay(Wua +yY)=0

(C-68)
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Carbody roll

Lxc§o +dcyhespe + 4(Ced? +cyhl)be — AcyhesleVc — 2e5hes(Vn +Ya) +2(heshiscs
+2(hcshr:k:y - d?k:z)(d)tl +¢t2) =0

(C-69)

C.7 Equations of Motion - Steady State Curving Model

The equations for the linear curving model are obtained by including
terms due to curvature and cant deficiency as derived in Appendix B.2. For the
steay state curving model, velocity and acceleration terms are omitted from
the force balance equations given in Sections C.1 to C.3 above. The model has
8 degrees of freedom: lateral and yaw of two wheelsets, lateral and yaw of a

truck and lateral and roll of car body.

Leading Wheelset lateral

2fnA W(T+A)
2f22Ww1 +( ai':: -5 —Z%kgy +8kpyh !p%)}’wl +kph tpgyw +2kpyyn+
2 [ o €
2kpyby = —2fzz,% - % - —Z'JFTL' —mygba+ W ha—g¢d50

(C-70)
Wheelset yaw
hzghy ) 2 | Ussd
—2af11 1 - V ?:; + a—ro' wl =+ aWASO - 2f23 - zd’zkpx) le + zdékpx\u[
_ (e N et o Wbt | Yub  wabe
BN 9saz )R R 3ar, R ~ "R
(C-71)
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Trailing Wheelset Lateral

2f2Wwm + (% - %ﬂ ‘fzfpyd;‘ kpyhyp 'g)y w2 +kpyhep %)’wl +2kpyyu—
2 shebado :
kb =212~ 2{% - —Barj‘? — 1 gha+ Wi Eh a5,

(C-72)
Trailing Wheelset Yaw
2 .2
[—Zafu (1 - 4’;’::"’) % + %%éj!ywq +\aWido —2f23 — Zdékpx) Ywz + Zdékpx\ut
_ _(1 _ 4’;%55 ) Yar i Subde | Vb | Wbt
(C-73)
Truck Lateral
Rkpy — 2kpyhips + kghisS) Wt +Yuz) — (Gkpy + 2k )y, + 2k gy e + 2k (I +L)we
+2ksphesde = —mgda
(C-74)
Truck yaw
2bkpy (Vw1 ~Yu2) + 2‘{Zpkpx(‘l/wl +Yw2) - (4dzpkpr +4b%kpy + sy )We + Koy We = — S\v%
(C-75)
Carbody Lateral
—ksyhtsg(y“’l +Yw2) + Zkf)’yf - 2k5y ¢ +2kgley.— 2k:yhcs¢c =-m.gda
(C-76)
Carbody Roll
(ks:dg - ksyhcshls)%(y\vl +yw2) + Zk:yhcsyt - 2ksyhcsyc + 2k:ylehc.\'\vc - 2ksyhgs¢¢
—2k.d?$. =0
(C-77)
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APPENDIX - D

Cubic Saturation Model

The non-linear effect of contact forces is to be taken into account in a curving

model. The cubic saturation model developed by Vermuelen and Johnson has been used to

account for the saturation of creep forces imposed by the coefficient of friction. In this

process, the linear longitudinal and lateral creep forces are first calculated using the

following equations:

Fxlin =fll§x

Fylin =_/:’.ZE,y +f23§.r

The total creep force is then caculated and non-dimensionalized.

F —Fs—.+FJ—7) for F <3

L
£ for F >3
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The linear forces are then multiplied by the saturation variable @  to obtain the

non-linear creep force relationships,

Fr = Fsin (D'6)

Fy = aF.yIin (D-7)
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Appendix E

Summary of Vehicle Parameters

Parameter Dimension
Half of wheelset contact distance, a 0.7163 m
Half of wheelbase, 5 1295 m
Half of primary spring lateral spacing, d, 0.5852 m
Half of secondary spring lateral spacing, d, 1.143 m
Height of carbody c.g. to secondary lateral springs, #_ 0.896 m
Height of truck c.g. to secondary lateral springs, #,, 0.512m
Height of truck c.g. above axle centre, 4, 0.1067 m
Half of truck centre spacing, /, 9.068 m
Carbody mass, M, 41,738 kg
Truck frame mass, M, 3649 kg
Wheelset mass, M, 1751 kg
Roll moment of inertia of carbody, /_ 103,500 kg-n?*
Pitch moment of inertia of carbody, 7, 2.391x10° kg-m*
Yaw moment of inertia of carbody, /. 2.391x10° kg-m*
Roll moment of inertia of truck frame, 7, 2790 kg-m*
Pitch moment of inertia of truck frame, 7 588 kg-n’
Yaw moment of inertia of truck frame, 3371 kg-n’
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Parameter Dimension

Roll moment of inertia of wheelset, /,_ 761 kg-m®
Pitch moment of inertia of wheelset, /,, 152 kg-m’
Yaw moment of inertia of wheelset, / 761 kg-m’
Centred wheel rolling radius, r, 0.4572 m
Centred contact angle, J, 0.06775 rad
Wheelset roll coefficient, I, 0.06775
Contact angle difference coefficient, A 10.35

Creep Coefficients (50% of Kalker values)

Longitudinal creep coefficient, f,, 6.1x10° N
Lateral creep coefficient, f,, 527x10° N
Spin creep coefficient, f, 121.9 N-n?*
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