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ABSTRACT
A STUDY OF VIBRATION ISOLATION OF ENGINE MOUNT SYSTEM

Ruiping Wang

The engine excitation forces, arising from gas pressure and unbalance force, are
widely considered among the main vibration sources for the road vehicles. Even though
the current engine mount designs are acceptable for vibration isolation of the transmitted
forces from engine to chassis, the performance improvement of the engine mounting
system is still required ‘for the tendency of light weight and higher power of the vehicle.
In this thesis, a coupled three degree-of-freedom engine mount system with both
elastomeric and hydraulic mounts, are developed. The system performance is evaluated
through simulation with the purpose of isolating the vibrations in entire frequency range
and under engine excitation force.

The engine dynamic model is established based on the analysis of the kinematics and
dynamics of its components and gas variation. The unbalanced inertia force caused by
engine reciprocating and rotating parts is derived as the vertical excitation force. The net
torque, generated by the inertia forces and gas pressure, is formulated using geometrical
relationship of the engine components. Two types of individual mounts, including a
nonlinear elastomeric mount and a flexible chamber hydraulic mount, are selected from
the reported work. The validation of their characteristics is implemented in a single
degree-of-freedom (SDOF) system with the response carried out in the time and
frequency domain. The internal specific parameters of the hydraulic mount, such as

chamber pressure, chamber volume change and the flow, are used to assess the hydraulic
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mount properties in static and dynamic situations. The influences of excitation frequency
and amplitude are performed to analyze the mounts characteristics. The results reveal
reasonably good agreement between the selected model and the computed response
characteristics under excitations.

The optimization method of Sequential Quadratic Programming (SQP) is applied to
optimize the system design parameters successfully minimizing the objective function
integrated by the transmitted forces in the entire frequency range. The optimization work
is based on the three degree-of-freedom (three-DOF) model with elastomeric mounts.
The vibration transmissibility characteristics of the system are employed to analyze the
model. The engine mount system model with hydraulic mounts is evaluated by using the
optimal locations of the elastomeric mount, which is proved to not always fit well for

other mounts.
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CHAPTER 1

INTRODUCTION AND REVIEW OF LITERATURE

1.1 General

In the past few decades there have been many research achievements in the field of
engine mounting system design. The vehicle engine mounting system usually comprises
either three or four elastic or visco-elastic mounts that are installed between the engine
and the vehicle structure. Although the current designs of mounts used in the modern
engine mounting systems are known to be effective in isolating the driver and passenger
from both the noise and vibration generated by the engine, further improvements in the
performance of engine mounting systems are still desirable for enhancement of occupant
comfort and to adapt for changing requirements for vehicle weight reduction and increase
in power. To achieve this purpose, different types of engine mounts have been developed,
such as elastomeric, hydraulic, and active mounts. Various optimization approaches have
also been employed to identify optimal mount stiffness, damping and location to
minimize the transmitted vibration. A majority of the studies on engine mounts consider
idealized excitations due to engine, and uniform load distribution of different mounts.
The optimal mount properties, thus obtained, may not be applicable for implementation
in actual engines, which cause distinct excitation forces and uneven loads on different
mounts.

In this dissertation research, the nature of engine excitation force is characterized
through consideration of the physical operation. The force and moment excitations
arising from the engine are also derived using reported experimental data corresponding

to specific crank angles and gas pressures. The analytical description of the excitation



force is applied as input signal for studying of typical nonlinear rubber mounts and the
comparable nonlinear hydraulic mounts. The effect of load distribution of different
mounts is further studied through development and analysis of a three-degrees-of
freedom model of the engine mounting system, in which the engine and gear box are
considered as a rigid body. An optimization algorithm based on the Sequential Quadratic
Programming (SQP) is applied to solve for the constrained nonlinear multivariable
objective function to achieve improved vibration isolation. The influences of different
rubber and hydraulic mounts properties on the performance of the entire engine mounting
system are evaluated on the basis of the simulation results in both the time and frequency

domains based on the optimized engine mount location.

1.2 Literature Review

The research works in the field of engine mounting systems include the analysis of
an engine’s dynamic force, different types of engine mounts (elastometric, hydraulic,
active, etc.), and optimization techniques for identifying optimal mounts properties to
reduce the transmitted vibration and force imposed on the vehicle chassis. The relevant
literatures reported in these areas are reviewed to build the knowledge and scope of the
dissertation work. The reported studies are grouped and discussed under four relevant
areas which are listed below:

(i) Characteristics of engine excitation

(ii) Elastomeric engine mounts

(iii) Hydraulic engine mounts

(iv) Optimization methods to determine optimal engine mounting system



1.2.1 Characteristics of Engine Excitation

A vast number of reported studies have established that the engine is one of the main
sources of vibration transmitted to the vehicle chassis, which is attributed to its unbalance
and disturbance forces transmitted to the vehicle [19, 75]. Without isolation, these forces
could cause rapid fatigue of vehicle components and discomfort for the occupant [28].
Considering that the design of effective mounts strongly relies upon the nature of engine
vibration, the need to characterize the engine excitation forces under applicable operating
conditions has been emphasized for studies on the engine mounting system [29]. The
vibration and force excitations due to the engine is a complex function of the gas pressure,
firing, unbalance and operating conditions, such as load torque and speed. The
disturbance forces, arising from the engine, can be characterized through systematic
considerations of the engine components and gas pressures.

Excitation force

The motion of the engine block is strongly dependent upon the excitation forces
generated by the engine, the design and analysis of the engine mounting system thus
necessitates characterization of the engine’s excitation forces. For an internal combustion
engine, the dynamic disturbances are primarily caused by two phenomena [3, 4, 9]. The
first component is due to gas pressure forces associated with combustion and expansion
of the fuel-air mixture. The second component is attributed to the variable inertia
associated with the slider-crank mechanism of the engine, and dynamic motions of the
components. The inertia force caused by the rotating and reciprocating components,
including the piston, connecting rod and crank, contribute to vertical excitation force and

excitation torque [4]. Furthermore, the variations in the gas pressure yield the principal



force of disturbance at low engine speeds, while the inertia forces may be considerably
larger at higher speeds. Both the gas pressure and inertia forces are considered to yield
the resultant force on the piston that is reduced by the shearing force generated between
the piston assembly and the cylinder wall [3]. The net result is a force along the
connecting rod axis that resolves itself into a force and a torque on the crankshaft.
Consequently, the gas pressure and inertia forces may be combined to determine the net
force acting along the center-line of the cylinder [9].

~ In a multi-cylinder engine, the motion produced by the group of cylinders is the
resultant of motions produced by the individual cylinders. The nature of the unbalance
disturbance force depends on the number of cylinders and their arrangement within the
engine. For example, for a four-cylinder, four-stroke engine with cylinders uniformly
spaced in line, the first order forces as identified from the Fourier series representation,
are balanced [2-4]; the second order forces point in the same direction. These components
thus result in an unbalanced force. Six and eight cylinder engines do not exhibit such
inertia force but are known to cause oscillatory torque [2].

The presence of unbalance forces and variations in the gas pressure cause various
vibration modes of the engine leading to motions along the translational and rotational
axes (Figure 1.1) [61]. Apart from the magnitude of the unbalance force, the frequency of
this force strongly depends upon the engine speed and the stroke number [8]. For a four
cylinder, four-stroke engine, the frequency of fundamental disturbances is of the second
order of the engine speed. The predominant frequency of unbalance force lies in the 20-
200Hz range for engine operating speed in the range of 600-6000rpm. For an eight-

cylinder engine, the frequency of the disturbance torque is of the fourth order of engine



speed [3]. The frequency of unbalance excitation would lie in the range of 40-400Hz for
the same operating speed. In general, at low engine speeds (near idle) the engine
disturbance will result in an annoying shaking of the vehicle. At higher speeds, a
booming sound could be created inside the vehicle compartment, when the engine’s

disturbance force coincides with the acoustic resonance of the passenger compartment.

g’ " 1 1 ENGINE MOUNT

Figure 1.1: A schematic of the engine illustrating 6-DOF motion [61].

Engine model

A vast number of analytical engine models have been developed and analyzed to
study the variations in the engine inertia force and excitation torque [6, 9, 10, 12]. The
engine system is considered as a torsional dynamic system in many of these studies,
which focus on the analysis of the excitation torque [7]. Doughty [9] introduced a
fundamental model of the torsional vibration of the internal combustion (IC) engine, as

5



shown in Figure 1.2, where J, and J, are the mass moments of inertia due to crankshaft
and the load. I, and I, are the mass moments of inertia of the slide-crank components

and k, is the torsional stiffness of the shaft. The simplified model of a two-stroke single

cylinder engine with load was developed and analyzed to derive the essential features of
the IC engine torsional dynamic system, such as the natural frequencies and the forced
vibration response [9]. The study established a relation between the motions of the engine
slider-crank mechanism subject to combustion gas pressure and using the constant inertia
-model subject to torque expressed by a Fourier series. Furthermore, the simplified model

did not include the damping, while the equations of motion were linearized.

Figure 1.2: Single Cylinder IC Engine with Load [9].

Shiao et al- [75] derived the nonlinear governing equations for the internal
combustion engine kinematics and dynamic forces by applying Newtonian and
Lagrangian methods. The study also discussed the discrepancy between nonlinear time-

varying inertia model and the earlier constant inertia models in terms of variations in the
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shaft velocity and acceleration. While the constant mass moments of inertia models
showed satisfactory results at low-speed operation, the results revealed considerable
deviations at high speeds. When compared to those derived form the variable inertia
model, the study concluded that the constant inertia assumption yields inaccurate
estimates of the inertial forces at high speeds, and cannot predict the dynamic responses
and failure of many engine components. Rizzoni [6] filled some of the existing gaps to
th@ unresolved problems in the complex task of modeling the performance of the internal
combustion engine. A robust model for the steady-state dynamic analysis of the spark
ignition (SI) engine was proposed based upon rational parameter models of the rotating
and reciprocating assemblies subject to stochastic excitations. The study developed a
relationship between the cylinder pressure, net engine torque, and acceleration of the
crankshaft. This relationship is explained in terms of a lumped, constant parameter
electrical circuit model, considered valid under all engine-operating conditions. The net
engine torque is thus expressed as a sum of torques due to gas pressure force, friction and
pumping losses, and reciprocating inertia forces.

Experimental verification of the proposed equivalent circuit model demonstrated that
fhe measured crankshaft acceleration can yield significant information regarding engine
torque and cylinder pressure, the two fundamental engine performance variables. The
proposed measurement of crankshaft acceleration is relatively inexpensive and feasible
for production vehicle engines. Rizzoni [10] further developed a global model for the IC
engine, which incorporated a robust submodel for the dynamics of the IC engine. The
engine submodel is viewed as a system with input from the cylinder pressure, and outputs

as the crankshaft angular acceleration and crankshaft torque. In the model, the cylinder



pressure is deterministically related to net engine torque through the geometry and
dynamics of the reciprocating assembly. The relationship between net engine torque and
crankshaft angular acceleration is described through a passive second-order electrical
circuit with constant parameters. Experimental results confirmed the validity of the model
over a wide range of engine operating conditions, including transient conditions. The
robustness of the model was demonstrated over a range of engine operating conditions.
Furthermore, the validity of the crankshaft acceleration transient respbnse was
demonstrated. The model was thus considered to provide an effective and compact
solution to the problem of modeling the dynamics of the SI engine. Time—varying friction
and pumping losses, however, were considered negligible in this model. The proposed

equivalent circuit model of engine is presented in Figure 1.3, whereT,(N),N =12,...,N
is the torque developed by each cylinder, and C , is the corresponding capacitance

representing the stiffness of the crankshaft between individual cylinders.

T,(1) T,(2) T,(N)
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Figure 1.3: Equivalent circuit model of an SI engine [10].

Cho et al. [12] proposed a mean torque predictive model subject to mean pressure.
Experiments were carried out to validate the simulation model for step changes of the

throttle at a constant engine speed. The indicated mean effective pressure was predicted



cycle by cycle, while the engine model was simulated in real time along with an engine
operation in a test cell.

The majority of the reported models consider relatively small magnitudes of
torsional vibration. The engine excitation torque, however, has been identified as the
major source of excitation to the driveline under higher magnitudes of torsional vibration
[7, 9-13]. In many reported models, the automotive driveline systems are assumed as a
set of inertia discs representing rotating masses linked by linear springs, representing the
torsional stiffness of the rotating shafts. The dynamic torques developed by individual
cylinders are properly phased and applied to each cylinder inertia, and coupled to the
dynamic models for the driveline. The model parameters have been evaluated
experimentally in many studies [7, 10-12]. The reported models have been analyzed
under excitations at frequencies up to 500 Hz. The results suggested the presence of
many resonant frequencies of the driveline system at frequencies below S0Hz.

One of the typical torsional dynamic models was studied by Rabeih [7], which
confirmed that the torsional vibration response of the coupled driveline system are
closely related to the torsional vibration of the individual system components, such as
fluctuating engine torque. The total fluctuating torque applied to the crankshaft is the sum
of the gas pressure torque and the reciprocating masses inertia torque. The gas pressure

torqueT, can be adequately represented by a Fourier series comprising a steady partT,

and a fluctuating component [10]. While the steady component of the torque determines
the mean output power from the engine, it does not excite torsional vibration modes of
the system. This component is thus neglected in the dynamic analysis of the engine and

the driveline. Figure 1.4 illustrates the schematic of a coupled system model proposed by



Rabeih [7]. Owing to the periodic nature of the gas pressure, the torque due to gas

pressure is usually expressed in the form of the Fourier series, given by [7]:
By hy
T, =T, + Y a, cos(kar) + )b, sin(kar) (1.1)
k k
where k=0.511.5,..., for a four-stroke engine, and A, is the maximum number of

required harmonic orders, often chosen in the 8-12 range [7]. a, and b, are the Fourier

coefficients, and & is the fundamental frequency of the gas pressure in rad/s.
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Figure 1.4: Driveline torsional vibration model [7].

Zweiri [16-18] developed three models to study the non-linear transient dynamic
responses of a generic direct-injection single-cylinder diesel engine in order to predict the
instantaneous engine speed and torque, as shown in Figures 1.5 and 1.6. The models are
based on an analysis of all the major internal forces of the engine and the dynamometer.
The addition of the dynamometer model permitted for analysis of the engine’s behavior
under loading. A more comprehensive model incorporated the friction force of the piston

assembly, the bearings, the valve train, and the pumps, as shown in Figure 1.6. The
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second proposed model includes not only the friction components but also takes into
consideration the effect of temperature variation on the viscosity of the oil. The third
model is established based on the second one by considering more factors, such as fuel
supply and air as well as fuel burning rate. The model, validated using experimentally
measured cylinder pressure and instantaneous engine speed, could be used as an effective
simulation tool for evaluating the diesel engine control system design and dynamic
analysis.

Jacob et al. [11] introduced a family of non-parametric models using the radial basis
function (RBF) networks. These may be applied for reconstructing the cylinder pressure
based on easy-to-obtain measurements of instantaneous crankshaft angular velocity and
cylinder head vibration. The conventional parametric models of the cylinder pressure in
engines have been derived from the angular momentum of the reciprocating components
[6]. Assuming steady state operating condition and rigid crankshaft system, the motion of
the engine crankshaft is described on the basis of various torques, including those due to

gas pressure, inertial forces, friction and external load.

Engine Coupling Dyn.

I

ey

Figure 1.5: Engine and dynamometer model [16].
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Figure 1.6: Schematics of models illustrating forces and motions of the piston-crank
mechanism [17].

Combustion pressure

It has been widely reported that the engine vibration responses are directly related to
variations in the gas pressure. Different approaches have been proposed to identify
relationships between the gas pressure and the engine vibration. Du et al. [26] presented
an approach to reconstruct the gas pressure in the internal combustion engine using radial
basis function (RBF) networks. The relationship between the cylinder pressure and the
engine cylinder head vibration was analyzed. The validation of this approach to derive
cylinder pressure from the vibration signals is demonstrated for a two-cylinder and four-
stroke direct injection diesel engine over a wide range of speed and load settings. The
non-linear variations in the gas pressure with the engine vibration and the signal noise
resulted in poor accuracy of the estimation approach.

Kao and Moskwa [27] demonstrated that engine cylinder pressure has long been a

useful mean to determine the engine vibration response. A need to accurately characterize
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the engine cylinder pressure was thus emphasized. A nonlinear sliding observer approach
was used to estimate the rapidly changing engine cylinder pressure for both steady-state
and transient operations. The simulated cylinder pressures under varying engine speeds
were obtained through analysis of a detailed cylinder-by-cylinder model using a fourth-
order Runge-Kutta method. The tuning of the observer design was accomplished for a
one cylinder case and later extended to a six-cylinder engine [27]. Except for the errors
around the top dead center, the observed cylinder pressure was considered to be accurate
in relation of the actual values. The observed variations in the cylinder pressure, reported
in this study, could thus be applied for enginé vibration analysis, and performance

evaluations and designing of engine mounts.

1.2.2 Engine Mount

The vehicle engine mounting system generally consists of an engine (vibration
source) and several mounts inserted between the engine block and the vehicle structure.
The primary functions of the engine mounting system are to support the weight of the
engine and to reduce the transmission of engine vibration to the chassis. The design of the
engine mount system thus requires considerations of the static and dynamic forces. Apart
from these, an engine mount system is designed to accommodate the motions of the
engine block with respect to the chassis and to provide acceptable service life [28].

The engine mount system has to comply with numerous constraints that are
contradictory, which poses considerable design challenges [29]. Modern engine mounting
systems have been successfully used to isolate the driver and passenger from both the

noise and vibration generated by the engine. A need for further improvement in the
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performance of engine mounting systems, however, still exists, because modern car
designs tend towards lighter car bodies and smaller engines. The need for higher power to
weight ratio often imposes adverse effects on the vibratory behavior, and generally yields
higher vibration and noise level [8]. Different types of engine mounts, ranging from
simple elastomeric to complex hydraulic, and from passive to active, have been widely
investigated to enhance the noise and vibration isolation performance.

Elastomeric Mounts

Simple elastomeric mounts are widely used within the engine mounting systems.
These are designed to support the load and to provide necessary stiffness characteristics
in all the directions to achieve vibration isolation [29-31]. Such mounts are mostly
modeled as a parallel combination of either linear or nonlinear spring and a damping
element [30]. Such mounts offer advantages in view of their compact configurations,
lower cost and undemanding maintenance. The elastomeric mount can be represented by
the familiar Voigt model, which consists of a spring and a viscous damper, as shown in
Figure 1.7 [44]. The stiffness properties of the elastic mounts exhibit nonlinear variations
with excitation frequency, static load and deflection. The dynamic stiffness of an
elastomeric mount at higher frequencies is generally higher than its stiffness at lower
frequencies [50]. This characteristic makes it difficult to design a mount system that
satisfies all of the design requirements under a wide range of operating conditions. A
high stiffness or high damping elastomeric mount can yield a low shake level at low
frequencies, but its performance at high frequencies could be poor. On the other hand,
low stiffness and low damping mounts yield low noise levels, but induce high shake

levels [8]. Despite such inherent performance limitations, such mounts have been
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successfully and widely used for engine mounts for many decades due to their compact
design, low cost, and long service life. Some typical ealstomeric mounts are shown in

Figure 1.8 and Figure 1.9[28].

Figure 1.7: Mechanical model for elastomeric mount [44].

Current trends toward light weight, front wheel drive vehicles and smaller size
engines with low idle speeds could cause lower frequency vibration of the chassis, closer
to the comfort and perception range of the occupant. Elastomeric mounts with potential to
provide isolation of lower frequencies vibration are thus desirable. Furthermore,
nonlinear force-deflection properties could yield variations in the natural frequency with
changes in the speed. Rivin [29] investigated nonlinear characteristics of an elastomeric
mount and concluded that of the engine mount could be obtained in a broad load range.
The study used materials with high internal damping with highly amplitude-dependent
damping and stiffness properties to achieve variable stiffness properties. Many different
methods have also evolved for characterizing the elastomeric mounts. While the majority
of the studies characterize the mounts through static-force-deflection properties, a few

studies have investigated the rate dependent stiffness properties [29, 30]. Richards et al.
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[30] proposed experimental methods involving single and multi-degree-of-freedom
configurations and different types of excitations. The static stiffness experiments are
conducted to measure time-invariant load-deflection curves and the influences from a
rubber durometer. Kim et al [31] developed a bush type engine mount using the method
of parameter optimization. A commercial non-linear finite element program is used to

determine the design that satisfies the stiffness requirements of engine mounts.

SAFETIED
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Figure 1.8: Typical elastomeric mounts [28].
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PLATEFORM

Figure 1.9: Typical rear mounts installations [28].

Hydraulic Mounts

A range of hydraulic mounts have been developed to realize enhanced variable
damping properties. These mounts could be classified in three different categories on the
basis of primary principles, such as, passive, semi-active, and active. Since the early
1980’s, various types of passive hydraulic mounts have been developed to reduce engine
vibration and noise transmitted to the operator cabin. Hydraulic mounts are currently
being employed in several vehicle models [40]. The hydraulic mounts offer many
desirable properties: (i) variable damping properties through fixed or variable orifices and
inertia track [41, 43]; (i) superior dynamic properties to achieve lower resonant

transmission and good isolation vibration at higher frequencies, and thereby improved
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ride and acoustic comfort [40, 42]; and (iii) compact design performs the required
performance through variable projected piston area of the top chamber [41].

It has been reported that significant improvements in ride comfort and noise levels
can be achieved by using the hydraulic mounts instead of the conventional elastomeric
mounts [32-33]. Corcoran et al. [33] presented a comparison of performance
characteristics of both the hydraulic and elastomeric mounts for a V-6 gasoline rear-
wheel drive passenger car engine. The results of the study revealed that the hydraulic
mounts presented a superior advantage in reducing the transmitted vibration in the lower
frequency range (less than 20 Hz), while the noise level decreased as much as 5 dBA for
a smooth road maneuvering. The study also showed that the acceleration levels at the seat
tracks were significantly reduced when operated on a simulated bumpy road. Superior
resonance control capability of the hydraulic mounts was further demonstrated at the
engine-mounting system’s natural frequency of 11.3 Hz. The superior performance of
hydraulic mounts was also demonstrated by Bernuchon [32] through experiments. The
study employed hydraulic shakers to excite the vehicle’s front wheels in the frequency
range of 2-20 Hz with an amplitude of 1.5 mm. The measurements clearly showed that
the hydraulic mounts could reduce the acceleration levels at the seat rail considerably,
while the car noise level was reduced by 5 to 6 dBA on an open road.

A wide range of designs and design concepts have evolved to realize variable
damping and stiffness properties of passive hydraulic mounts. These developments could
be further grouped in three categories on the basis of the design concept and construction:
simple orifice, inertia track, and inertia track with decoupler [8, 41, 43]. A hydraulic

mount with a simple orifice is schematically shown in Figure 1.10. The simple orifice
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type hydraulic mounts provide nonlinear damping force approximately related the square
of the velocity. The damping force tends to increase at higher frequencies and thus limits
the vibration attenuation performance at higher frequencies. The inertia track mounts
with and without decoupler offer variable damping to achieve both resonance control and
improved vibration isolation. Damping causéd by inertia track is considered to be more

effective due to its long channel [36, 37, 41].

Figure 1.10: Simple hydraulic mount [43].

Flower [43] analyzed the performance characteristics of all three types of hydraulic
mounts for power trains, including a hydraulic mount with simple orifice, a hydraulic
mount with inertia track and a hydraulic mount with inertia track and decoupler. The
study concluded that mounts with an inertia track help to yield high damping at a low
frequency, to achieve lower resonant transmissibility, while it yields relatively poor
isolation performance at higher frequencies. Mounts with an inertia track with a de-
coupler revealed superior vibration isolation performance, and relatively low dynamic
stiffness under lower magnitudes of excitation. A typical hydraulic mount with inertia

track and decoupler is shown in Figure 1.11 [39].
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compliance

Figure 1.11: Hydraulic mount with inertia track and decoupler [39].

The hydraulic mounts comprise two fluid chambers made of compliant elastomeric
materials. The properties of the elastomeric enclosures coupled with fluid flows through
orifice and dynamics of the inertia track yield highly nonlinear stiffness and damping
properties. A wide range of analytical models, including single-DOF and multi-DOF, and
varying complexities associated with short and long orifice flows have been developed
[32-33, 35-36, 41, 47]. Matthew [35] developed a linear two-DOF model of a hydraulic
mount to study the significance of the inertia track. The proposed model was validated
using the experimental data for the mount. The study showed that under small forcing
amplitudes (<0.3mm), the fluid is free to move between the upper and lower chambers of
the mount through the decoupler. The decoupler is thus suspended in the fluid and offers
- very little resistance to flow. For large amplitude (>0.3mm) vibrations, the pumping
action of the top chamber forces the decoupler to bottom against its seat and thereby

terminates the flow through the decoupler channel. In this case, the fluid flow is forced
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through the inertia track, which results in a sharp increase in the magnitude of dynamic
stiffness at low frequencies.

A number of nonlinear analytical models of the automotive hydraulic mounts have
been reported during the last two decades [36-39, 41, 50]. Through analyses of the
nonlinear models, Kim and Singh [36-37] concluded that highly nonlinear dynamic
properties of hydraulic mounts are significantly frequency-dependent and highly sensitive
to the deflection amplitudes. The study employed experimental and analytical approaches
to characterize the nonlinear properties of a generic hydraulic mount with an inertia track
without a decoupler [37]. This study was the first one to propose a low-frequency
lumped-parameter mathematical model of the hydraulic mount, considered valid in thev 1-
50 Hz frequency range and based on the measured nonlinear system parameters, such as
the steady-state inertia track fluid resistance and fluid chambers compliance.

Ahmed et al. [38] developed and analyzed nonlinear analytical models of hydraulic
mounts with short and long orifices, as well as with flexible chambers. The simulation
results demonstrated the influence of oscillatory flows on the dynamic characteristics of
the mounts. The study further presented the influence of variations in the diameter of the
short orifice, varied between 0 to 5Smm on the dynamic properties. The effect of
additional bleeder orifice flows on the dynamic performance is specifically explored to
enhance the shock as well as vibration attenuation performance of the hydraulic engine
mounts. Geisberger et al. [39] presented a new approach in non-linear modeling of
hydraulic mounts following the models reported by Kim and Singh [36-37] and other
studies. Continuous algebraic functions were developed to model the decoupler cage

contact and its effects on the dynamic responses of the hydraulic mount. The model
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further incorporated the decoupler leakage flows. An experimental apparatus was
developed to isolate the mount componeﬁts for identifying their parameters, over the full
range of loading conditions (frequency and amplitude). The model predicted the
hydraulic mount behavior with the error being less than 5%.

The vast majority of the studies have investigated the dynamic properties of engine
mounts, assuming negligible coupling with the vehicle system. Only a few studies have
investigated the dynamic responses of the mounts in conjunction with a vehicle dynamic
model. Kim and Singh [36] examined the dynamic performance of hydraulic mounts
coupled with a simple single-DOF vehicle model, as shown in Figure 1.12 . The study
developed a mathematical model of the hydraulic mount with an inertia track and
integrated it to a single-DOF vehicle model with linear suspension properties. The study
demonstrated that this nonlinear model can reasonably represent the frequency variant
dynamic properties of the inertia track mount in the frequency range up to 20 Hz.
Experiments were also performed to identity the performance features and limitations of

the conventional hydraulic mounts.

Suspension

Figure 1.12: A simple vehicle model with hydraulic engine mounts [36].
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A number of studies have also investigated semi-active hydraulic mounts, which
consist of a passive controllable element [8]; Electro-Rheological (ER) fluids have been
employed to achieve rapid variations in the damping properties [46-48]. ER fluids offer
rapid variations in the fluid viscosity when an electric field is applied. Such fluids have
thus been applied for semi-active vibration control, which is usually adapted to dissipate
the vibration energy by changing the dynamic properties, such as damping, of the engine
mount [46]. The semi-active engine mounts are mostly based on hydraulic fluid, either
through modulation of the flow resistance or by varying the viscous properties of the
fluid. The designs provide high damping during the low frequency shock excitation.
The structure of the semi-active mount with ER fluid is similar to that of a conventional
passive hydraulic mount, except that the hydraulic is replaced by an ER fluid. The mount
also comprises electrodes to establish a controllable magnetic field and thus the damping
properties. The ER fluids, however, require high voltage to achieve rapid variation in the
fluid viscosity.

The dynamic responses of most semi-active hydraulic engine mount systems are very
sensitive to the system parameters. The reported works have established that semi-active
engine mounting systems are used mainly to improve the system performance in the low
frequency range. Only fully active engine mounts can be used to tune the performance at
a high frequency. Active mounts use the addition of energy to realize vibration reductions
over traditional passive mounts [50]. A mechanical model of a hydraulic active mount is
shown in Figure 1.13, where an active dynamic force (F) generated by an actuator is used
to add or remove energy in response to a command signal based upon the response and

excitation variables [51, 54, 55].
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Figure 1.13: Mechanical model for active hydraulic mount [50].

A number of concepts in active mounts have evolved over the past few decades;
these include hydraulic as well as elastomeric active mounts. Elastomeric mounts are
used to achieve variable stiffness properties control algorithms to realize high stiffness
under low frequency excitations (1-50Hz) and low stiffness at higher frequencies have
been proposed to achieve enhanced vibration isolation {49]. Active hydraulic mounts, on
the other hand, are mostly formulated to achieve variable damping and stiffness behavior.
Such mounts are tuned to achieve high damping in the vicinity of the engine bounce
frequency for resonance control and relatively low stiffness under high frequency
excitation [49, 50]

Many different active mount configurations together with the actuation technologies,
and sensor and controller designs, have been thoroughly reviewed by Swanson et al. [50-
51]. Nakaji et al. [51] implemented an active mount system in a sport-utility vehicle with
a transversally mounted 2.5L four-cylinder turbo-diesel engine to test its effectiveness in
reducing the engine vibration. The study concluded that the floor vibration and the
booming noise can be significantly reduced when active control is applied. Despite the

superior performance potentials of active engine mounting systems, their
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implementations have been limited to cases, where the high cost and complexity of an

active mount is justifiable.

1.2.3 Engine Mounts Design

The performance characteristics of an engine mounting system, generally consisting
of three to four mounts, depends not only on the performance and properties of the
individual mounts, but also on the orientation of different mounts within the complete
system. The load distribution over different engine mounts, and the locations of the
mounts, determine the pitch and roll oscillation centers for the engine mass and thus the
nature of vibration transmitted to the chassis. The design of an engine mount system
generally includes the selection of stiffness coefficients, load distribution, location and
orientation of the individual mounts. The stiffness properties of individual mounts are
chosen in relation to the distribution of the engine weight and the corresponding static
deflections of the mounts. The vast majority of the studies have employed nonlinear
modeling and optimization techniques to identify optimal stiffness and damping
properties of individual mounts with little or no consideration of the orientations within a
multi-DOF engine system [55, 57-60, 62]. The mounting configuration of the mounts
within the total system plays an important role in identifying the optimal properties of the
mounts. Only minimal efforts, however, have been made to identify optimal locations of -
the mounts for a particular engine [61]. The identification of a near optimum initial
mounting configuration is not an easy task due to the complex nature of the engine’s
inertia properties and packaging constraints imposed on the mount locations by the

manufacturability considerations.
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In almost all the studies, the engine is modeled as a six degree-of-freedom rigid body
to freely translate and rotate about the three independent Cartesian axes as shown in
Figure 1.1 [61]. It is reasonable to model the engine as a rigid body because its natural
frequency is much higher than the mounting system’s. Ashrafiuon [57] pointed out that it
is standard practice for better isolation of the engine’s vibration if the engine mounts are
installed in the orientation, at which their line of action converges around the center of

mass. This theory was used by Geck [61] and is shown in Figure 1.14.

Figure 1.14: Engine model [61].

The foundation is usually modeled as a rigid body [59-61]. The reasons for
excluding the vibration of the foundation [58] are: (a) the displacement on the body side
of the engine mount is small compared to the engine side so that the engine and mounting
system can be treated outside the context of a full vehicle; (b) it is difficult due to its
complexity to fully optimize the mount system in the context of a full vehicle. The

flexibility foundation model has also been reported in previous papers [56-58]. The
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results show that coupling effects are enormous for low frequency modes of foundation
and that high frequency modes have no coupling effect.

The primary work of the optimization is defining the objective function, which is
considered different in each of the literatures. One is to tune the natural frequency of the
engine mounting system to some desired range to avoid resonance and to improve the
isolation of vibration and noise and shock excitation [63, 56]; another one is to minimize
the dynamic force transmitted from the engine to the body [64, 65]. The second method is
considered more effective because it can directly realize the design goal considered as the
isolation of engine vibration. The constraints on the design variables must be determined
once the objective is established [8]. Two kinds of constraints are used in the engine
mount optimization. One is the constraint that directly keeps the design variables within
lower and upper limits, such as how the mount location and the orientation are limited by
the available engine compartment space. Another one is an indirect constraint like the
maximum allowable deflection for the engine’s center of gravity or the desirable natural
frequency range.

The optimization methods have been explored by many researchers in the field of
engine mount system design. However, some limitations still exist in the present work.
For example, only elastomeric engine mounts, linear stiffness and damping were
considered. The hydraulic mount is rarely used in optimization of engine mount systems.
A few works [57] mentioned hydraulic mount optimization modeled with linear
frequency dependent damping properties. The nonlinear stiffness and damping in
elastomeric mounts, and the complex characteristics of hydraulic mounts such as

nonlinear frequency and amplitude dependent stiffness and damping have not been
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considered. As pointed out by Rivin [29], there is a great variation in mount stiffness,
total engine weight, the position of Center of Gravity of the engine and the moment of
inertia in actual vehicles; these variations will greatly affect the results of optimization of

engine mounting systems and lead to limitations for their practical use.

1.3 Scope of Dissertation Investigation

From what has been discussed above, the primary functions of an engine mounting
system are not only to support the weight of the engine, but also to supply the
performance requirements for isolating engine vibrations caused by engine disturbances
in a complete speed range. Meanwhile, the handling of vibration resources and engine
excitation force shown in both forms of gas pressure and inertia force, will cause
considerable discrepancy in the solution. A great quantity of reseafch has described the
fundamentals of engine vibration by using different engine dynamic models that focus on
torsional vibration. However, few models are related to the mechanism of the transmittal
of the engine excitation forces. Specifically, the engine combustion pressure is
considered as the system input given in the form of measured numerical signals.

Although the vibration isolation performance of an engine mounting system can be
dependably assessed through experiments in the vehicle, this approach will result in high
expenses and time limits. The effective optimal methodology is expected to solve the
design problem of the engine mounting system with an analytical system model as well
as an engine mount model. Much research has been done in the area of engine mounting
system design and optimization. The effectiveness of optimization work requires
modeling of the properties of the engine mounting system, which consists of three or four

engine mounts supported at selected locations and orientations. Furthermore, different
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types of engine mounts, from conventional elastomeric to hydraulic, from passive to
active mounts, have been proposed in the published studies, which are selected to be used
in the modeling of engine mounting system. Nevertheless only a few prior studies have
analyzed the effect of hydraulic mount nonlinearities on the dynamic response of a
vehicle model.

In the optimization approach, most of the methods reviewed in the literature only
focus on the linear rubber mount. In this thesis, the well designed three-DOF engine
mount system with three nonlinear elastomeric mounts is optimized. The most commonly
used optimization algorithm called Sequential Quadratic Programming (SQP) is expected
to achieve a satisfactory solution with the more accurate model used. Nonlinear
constraints include the stiffness and damping of the mounts, and the individual engine
mount locations and orientations are employed as variables in the optimization processes.
In addition, the comparison work between rubber mounts and hydraulic mounts is
achieved by measuring their performance differences simulated on a vehicle. As a
consequence of the complexity of the hydraulic mount characteristics, the performance of

the hydraulic mount system is compared by using the optimal elastomeric mount location.

1.4 Objectives of the Dissertation Research

The overall objective of this dissertation research is to develop a simulation
methodology for identifying optimal locations of engine mounts and optimal design of
engine mounting system. This will be achieved by analyzing the influence of the engine
mounting system with respect to the isolation of vibrations.

The specific objectives of the study are:
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(i) Identify engine excitation forces and moments considered as inputs to the
engine mounting system, through systematic considerations of the combustion
process, and kinematic and dynamic motion of the rotating and reciprocating
components.

(i) Develop nonlinear analytical models of an elastomeric and a hydraulic mount,
through consideration of their nonlinearity, especially nonlinear compliance of
hydraulic mount and its influence to the chamber volume change and chamber
pressure.

(iii) Characterize static and dynamic properties of the elastomeric and the hydraulic
mounts from previous publications.

(iv) Derive a multi-DOF engine mounting system model for different engine
mounts, such as rubber mounts and hydraulic mounts, incorporating the bounce,
roll and pitch motion of the engine block.

(v) Formulate and solve an optimization problem with appropriate constrains for
minimizing the total transmitted forces and moments in the entire frequency
range of 1-200Hz.

(vi) Compare the performance characteristics of the hydraulic mounts with those of
the rubber mount in MDOF by employing it in the optimal location generated

in the optimization solution of the rubber mount system model.

1.5 Organization of the Thesis

The thesis is divided into seven chapters. Chapter 2 of the thesis establishes the
engine dynamic model with a force analysis of the engine cylinder and reciprocating

parts; the engine excitation force is identified. An analytical elastomeric mount and
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highly nonlinear flexible chamber hydraulic mount model are developed based on the
reported work. The characteristics of the mount with the internal detailed parameters,
typically for a hydraulic mount are performed. The nonlinear equations of motion are
solved to characterize the damping properties. Chapter 3 presents models of the
characteristics of an optimized nonlinear elastomeric mount, and a flexible chamber
hydraulic mount with one and two short orifices.

The analytical model for the engine mounting system is developed in Chapter 4 for
both elastomeric and hydraulic mounts. The detailed derivation of the differential
equation is completed for static and dynamic motion of the system. Chapter 5 primarily
deals with the performance of the engine mounting system with the model developed in
Chapter 4. The performance of the mount in terms of vibration isolation is presented in
the form of transmissibility in the frequency domain. The displacement, acceleration and
transmitted forces are also simulated in the time domain.

Chapter 6 presents the optimization methodology for the optimum placement of the
elastomeric mount established in Chapter 4. The objective function and its weighting
factors are decided to success the optimization program with nonlinear multi-constrains.

Chapter 7 of the thesis concludes the present investigation with highlights of the
findings in the considered models. It also presents a list of recommendations for future

work.
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CHAPTER 2

ENGINE EXCITATION FORCES

2.1 General

The vibration responses of I.C. engines are most significantly dependent upon the
nature of excitation forces and moments. The principal disturbances in an engine arise
from variations in the gas pressure forces, and unbalance forces and moment due to the
reciprocating mechanism. The analyses of engine vibration and design/selection of
engine mounts thus necessitates total characterization 6f'the disturbance forces and
moments. A vast number of studies have analyzed engine mounts under idealized
vibration excitations [52-65]. The design parameters and optimal designs derived from
such studies thus may not be directly applicable for real engines. The characterization of
the gas pressure forces and unbalance forces thus form the essential task in design and
analysis of engine mounts. The characterization of the disturbing forces, however,
requires the treatment and understanding of the gas pressure variation, combustion
process and the variable inertia aspects of the engine components [6, 7,10].

In this chapter, the combustion process and the dynamics of a four-cylinder internal
combustion engine are examined in an attempt to devélop an understanding of the
excitation forces. The principal goals are to construct a rational parameter model for the
dynamics of the rotating and reciprocating assemblies as well as cylinder block
components, and to characterize the engine’s self-excitation forces to serve as primary
excitations to the engine mounting system. A relationship between the cylinder pressure,
net engine torque, and acceleration of the crankshaft is formulated, while the equivalent

vertical excitation force is derived from the analyses of the rotating and reciprocating
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subsystems. The roll excitation torque is further analyzed through formulation and
analysis of a torsional vibration model. The excitations arising from the engine are
formulated in terms of three different components: (i) the unbalanced inertia forces due to
reciprocating and rotating parts; (ii) the torque developed by gas pressure and unbalanced
inertia force and the corresponding roll excitations; and (iii) the pitch torque generated by

the unbalanced inertia force about the axis perpendicular to the crank in a lateral direction.

2.2  Sources of Engine Vibration

It has been acknowledged that the engine ié the primary vibration source along with
external disturbance forces to the vehicle. The firing cycle from each cylinder and the
moving masses resulting from the firing cycle impart dynamic forces and moments to the
internal combustion engine block which in turn may be transmitted through the engine
mounts into the frame. For this reason, the characterization of engine disturbances forms
one of the most important tasks for developing effective mounts for isolating the
transmitted force from engine to the vehicle frame. On the basis of the reported studies,
the dynamic disturbances for an internal combustion engine could be grouped in three
categories:
(i) Firing pulse, due to the explosion of the fuel in the cylinder, causes a moment
to act on the block about an axis parallel to the crank [28, 3, 4].

(i1) Inertia forces and torques caused by rotating and reciprocating parts, namely
the piston, connecting rod, and crank, where the direction of the inertia forces
are both parallel to the piston axis and perpendicular to the crank and piston

axis. The inertia torque acts about an axis which is parallel to the crankshaft.
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For multi-cylinder engines, this inertia torque acts about axes that are parallel
to the piston axes and perpendicular to the piston and crank axes [28, 5, 9].

(iii) Friction and pumping losses form the third source, which is attributed to piston
and ring sliding friction, and the pumping action of the engine [6]. These losses
have traditionally been lumped together due to the difficulty in separating the
effects of one from the other. Frictional losses in particular are the subject of
considerable research efforts [15-17] at present. The friction losses are
neglected in this study, since they are small compared to the torque generated
by the process combustion [6,9].

An analysis of the dynamics of the internal combustion engine can be found in many
textbooks and research articles [1-29]. Considering the case of a three degree-of-freedom
(DOF) engine model, the system disturbances will cause engine bounce, roll and pitch
vibration. The detailed three DOF engine model under the support of engine mounts will

be established in Chapter 4.

2.2.1 Unbalance Force

The forces acting on the principal moving parts of a reciprocating engine are the gas
pressure forces, the inertial forces of the reciprocating parts, and the inertia and
centrifugal forces of the rotating parts [5]. The principal reciprocating parts of an engine
are included in the piston assembly. The upper part of the connecting rod is assumed to
have a reciprocating motion, its weight being added to the weight of the piston assembly
[5]. The crank end of a connecting rod undergoes a rotating motion, while its weight is

lumped with the weight of the crank pin assembly. The rotating parts will counterbalance
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in both the static and dynamic conditions by either adding or reducing the mass
appropriately on the crankshaft [5].

Figure 2.1 shows the engine balancing in the first, second and fourth harmonics for a
four cylinder engine. The first harmonic is inherently balanced (Figure 2.1b). When
cranks 1 and 4 are at the top dead center (Figure 2.1c), all the weights representing the
second harmonic for all cranks will be located at the top dead center, resulting in
unbalanced force. Thus, the unbalanced second harmonic causes a vertical vibration with
a frequency twice that.of the engine speed. The fourth harmonic (Figure 2.1d) and all
higher even harmonics act as the second harmonic but have a higher frequency and exert
less force [1,3,4]. they can usually be neglected in the calculation of the unbalanced force.

For the multi-cylinder engine, the components of the unbalanced engine disturbance
depend on the number and arrangement of the engine cylinders. The four-cylinder, in-line,
and four-stroke engine has a vertical inertia force which acts on the engine block in
addition to the oscillatory torque about the crankshaft. The frequency of fundamental
disturbances occurs at the second order of the engine speed. The frequency range is 20-

200Hz for an engine speed range of 600-6000rpm [8]. The function of unbalanced force

will be derived in the next section.

3

Four-cylinder crankshatt . e .
; First harmonics  Second harmonics Fourth harmonics

Figure 2.1: A schematic of the crank shaft and reciprocating cylinders illustrating the
balancing property of the engine [5].
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2.2.2 Inertia Force

The inertia forces occur in the vertical and horizontal directions [28]. The primary
component of the vertical force is equal to the inertia action of the combined rotating and
reciprocating masses as if they were moving up and down harmonically at the crankshaft
frequency and amplitude. The secondary vertical component is equal to the inertia action
of the reciprocating mass moving up and down with twice the crankshaft frequency. The
horizontal inertial force has a primary component due only to the rotating mass. The
position of the piston depends on the crank position and the connecting-rod-crank ratio as
demonstrated in Figure 2.2. The distance z,, describing the piston position from the top

dead center (TDC) corresponding to a crank angle of & measured from the same dead

center, is given by:

Figure 2.2: Kinematic relationship of the piston-crank motions.
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zll =R+ L~-Lcosf—Rcos8 2.1
where L is the length of the connecting-rod, R is the crank throw, and /S is the
connecting-rod angle to the line-of-stroke. From geometry, Lsin f=Rsin8 ;

sin f = Rszla;and

L

. 2
Leosf=Ly1-sin? B =L 1—(Rsm 9) 2.2)

Substitute Equation (2.4) into Equation (2.1) yields:

(2.3)

. 2
z' =R (l—cos9)+% 1- 1—(RS‘L“9j

Adding R*sin* @/4L* to the terms under the radical to complete the square, results

in the approximate relation of the form:
. R
z = R[(l ~cosf)+ Zz(l —cos 29)} (2.4)

The time derivative of (2.4) yields the piston velocity z,, as:

zf = @R)| sin 8 + —B—-sin 26?) (2.5)
2L

where « is the constant angular velocity of the crank (@ = ). The piston acceleration,

as it moves downward from the TDC, can thus be expressed as:
g = a)zR(cosﬁ + —’Z-cos 29) (2.6)

The downward inertia force Ff due to the reciprocating motion for the individual

ith cylinder, is given by Tylor [4], which equals the equivalent mass times the vertical
acceleration of the piston:
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{ =l
Fr=m,% (2.7)
where m,, is the equivalent mass of the reciprocating and rotating parts constituted by

the piston, connecting rod and crankshaft mechanism.
Upon substituting for Z, into equation 2.7, the unbalanced inertia force can be

completed as:
{ 2 R
F (@) =m, 0 R(cosl9+zcos 26) (2.8)
The upward inertia force is derived in a similar manner, and given by:
Fl.T 0) = Fl.l @+7m)=m, qza)zR(-I—E cos20—-cosf) 2.9

The total inertia force is obtained by summing the forces due to the four cylinders

with appropriate consideration of the phase [6].
F()=F'@)+F @+m)+F' @)+ F'(@+m)=2F*+F") (2.10)
Equation (2.10) to yield the total unbalanced inertia force for a four-stroke, four-
cylinder inline engine as:

4meqza)2R2
=——"——Cos2ut (2.11)

The above formulation of the total unbalanced inertia force has been applied in many

studies to study the effectiveness of the engine mounts {66, 67].

2.2.3 Net Torqué
The gas pressure and inertia forces result in a net force on the piston that is reduced

by the shearing force of the oil film between the piston assembly and the cylinder wall.
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The net result is a force acting along the connecting rod that resolves itself into a turning
effort or torque on the crankshaft [5]. The net torque is generated due to the resultant
force, which is the algebraic summation of the gas pressure and inertia force. The gas
pressure in the internal combustion engine process varies from below atmospheric to
above 1000 psia in some cases [5]. The gas pressure force acting against the piston acts
along the same line as the vertical inertia force. Consequently, the gas pressure and
inertia forces may be combined algebraically to determine the net force acting along the
center-line of the cylinder [3].

The net force F,is exerted in a direction along the cylinder axis, as illustrated in
Figure 2.3. The angular position of the connecting rod causes the net force to be divided

into two components: a component ( P,) producing piston thrust against the cylinder wall
and the component ( F, ) acting along the axis of the connecting rod. The tangential force
component F, acting at the crankpin is determined by resolving the force F, along the

rod into two components, one acting tangentially to the crank circle at the crankpin, and

the other acting radially at the crankpin. The tangential force F, would yield the desired

drive torque.

From Figure 2.3, it is evident that the relationship between the net force F, and net
torque T, is a function of the engine geometry. A precise derivation of the functional

relationship between net force and net torque is presented below. The net torque may be

expressed as a function of the geometry in the following manner:

T,(0)=F,g(0) (2.12)
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Figure 2.3: Resolution of the net force [5].

where F, represents the net force formed by both gas pressure and inertia force,

and g(0)is the function of the geometry relationship between net force and net torque,

such that:
Rsin(0+ )
g0)=—""— (2.13)
cosff
which can be further expressed as:
g(6) = R(sin 8 + cosGtan f3) (2.14)
where,
2RLsin @
anfj 2[ —R*sin’* 6 2.15)

Equation (2.15) is obtained similarly as the derivation of Equation (2.4) by adding

R*sin* @

L to the terms under the radical to complete the square to get an approximate
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solution. The geometric relationship between the net force and the net torque is thus
expressed as:

2RLcos@sin 8

) = R(sin 0 +
8(6) =K 21 —R%*sin* @

(2.16)

The above function for individual pistons would require the appropriate coordination
of the phase angles between the pistons. The net torques developed during downward and

upward motions of the piston can be expressed as:

Tie(g)-_:FeR_SiPiQiﬁ_). (2'17)
cos ff

TTE(H)zFeM (2.18)
cos B

2.3 Engine Excitation Force and Moments

The analyses of vertical excitation force, and roll and pitch moment excitations due
to engine require the kinematic and dynamic analyses of reciprocating parts and cylinder
block. The excitation forces and moments are primarily generated by the motions of the
reciprocating parts, which are then transmitted to the chassis of the vehicle through the
cylinder block. Figure 2.4 illustrates a model representation of the rotating and
reciprocating component, and the cylinder block. The analysis of this model is presented

in the following subsections to derive the excitation forces and moments.

2.3.1 Vertical Excitation Force
The vertical excitation force is considered the same as the unbalanced inertia force.
The differential equations of motion for the model are derived to quantity the dynamic

relationships between the excitation force and the motion. Figure 2.4(a) shows the motion
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of the reciprocating parts consisting of the piston displacement relative to the engine
block, and the displacements of the crank and the connecting rod. The engine block
forces and displacement with respect to the vehicle chassis are shown in Figure 2.4(b).
The index i=1to 3 represents respectively the masses and motions of the piston,
connecting rod and crank throw. Thus, the inertia forces for the three masses can be

expressed as:

3 3 3
Zmizai =Zmizi +Zmiz (2.19)

where z,, is the absolute displacement, z; is the relative displacement of the motion

components, and z is the displacement of the cylinder block, where all displacements are
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in the vertical direction. The equation of motion of the reciprocating and rotating parts in

the vertical direction is:
3 3 3
S mi,==F,+F, +N;=Y mg=> m(%+%) (2.20)
i=1 i=1 i=1

where F, is the gas pressure force acting on the piston, Fis the friction force between

the piston and the cylinder block, and N,is the support force from the cylinder block

transferred to crankshaft. The equation of motion for the cylinder block can be expressed

as:

myi=F,+F,—F, -~N,-mg (2.21)
where F, is the total support force of the engine mounts in the vertical direction, F 1', is
the reaction gas pressure force to the cylinder block, F f is the reaction friction force

between the piston and the cylinder block, N, is the reaction force from the crankshaft to
the cylinder block, and m, is the mass due to the cylinder block.

Since the forces F [', , F, and N, are, respectively, the reaction forces of F, ,

F,and N, , the following equally holds: Fl', =-F

14 b

F, =-F

., N, ==N,. Combining

Equations (2.20) and (2.21), yields the equation of motion for the entire engine in the

vertical direction:

3
mi=F,-mg—>Y m3, (2.22)
i=1
where,
4
m=Zmi =m, +m, +m, +m, (2.23)
i=1
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3
The term, Zm,.'z‘,. in Equation (2.21) and (2.22) forms the excitation force and is

i=1

expressed as:
3
> mz; =F, (2.24)
i=1

It is noted that the excitation force in the vertical direction is the same as the
unbalanced inertia force as evident from Equation (2.7), such that:

F. =m,,?, (2.25)

ez ~ leqz

Equation (2.24) and (2.25) yield:

3
Zmizi = meqzz'l (226)

i=1
Furthermore, the bounce excitation force F, is related to the engine speed as
observed in Equation (2.11). The vertical excitation force is thus identical to the

unbalanced inertia force F; Equation (2.11). The identification of equivalent mass m,,

due to reciprocating components, however, is a formidable task. The reported
experimental data are thus examined for this purpose and discussed in section 4

[67].

2.3.2 Roll Excitation Moment

As the engine cycle progresses, three different forces act on the connecting rod and
ultimately produce a torque on the crankshaft [7]. These are the gas pressure, inertia and
friction forces, which collectively produce the periodically varying rotational torque on
the crank. The magnitude of the friction force, however, is known to be relatively small
[56], its contribution to the net force is thus considered negligible in this study. The
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engine torque, arising from the combined effects of the varying gas pressure in the
cylinders and the motions of the reciprocating masses, is evaluated as the principle cause
of roll vibration. A detailed study of the gas pressure force and the inertia torques is
presented below.

Engine fluctuating torque

For the engine, the main source of excitation is the torque fluctuations arising from
the four-stroke operation. Irregular ignition or misfiring can also lead to comprehensive
magnitudes of vibration, but these factors will not be treated in this study because they
represent faulty conditions. The torque delivered by the engine is not constant in
magnitude, but it comprises a series of pulses corresponding to the stroke of each
cylinder. Figure 2.5 shows the torque variations against the crank angle for a typical four-
stroke, four-cylinder engine [7]. The flywheel inertial acts to smoothen the torque output
which consists of a steady-state component superimposed with torque variations.

The torque produced from the gas pressure of an internal combustion engine exhibits
periodic variations corresponding to every complete working cycle. For a four-stroke

single cylinder engine, the fundamental period of oscillation is given by two revolutions

of the crankshaft ( 4z radians) resulting in a period of an , where @ is the angular
a

velocity of the crankshaft. Therefore, the torque due to gas pressure M, can be

represented by a Fourier series consisting of a steady component M, and an oscillatory

component. The steady part determines the useful mean output power from the engine,
but does not excite the torsional vibration modes of the engine assembly. The steady

component is thus omitted from the vibration analysis. Many studies have employed the
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Fourier series representation of the dynamic or oscillatory component for analyses of

torsional vibration behavior of the engines [11, 12, 16, 18, 65].
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Figure 2.5: Typical torque variations at the output of a four-stroke engine [7].

The gas torque M, due to the gas pressure arises from the combustion pressure. Let
M, represent the torque due to the effective reciprocating mass and piston motion,

M , be the torque due to friction and the pumping action of the engine, and M, be the

external load torque. The engine excitation torque may then be considered as the

difference of the external load torque (M) and the net torque. For the engine mount
system, shown in Figure 2.6, the torque M, generated by the engine mount forces is also

considered in addition to the excitation torque, to study the roll motion of the block. The

equation of motion describing the roll motion of the engine can be expressed as:
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Figure 2.6: Pitch plane representation of the engine mounting system.

JO=M,_-M, 2
where J_ is the roll mass moment of inertia of the engine assembly about an axis passing
through the crankshaft, and M _ is the net excitation torque, given by:

M,=M,-M,-M,-M, (2.28)

The torque due to friction and pumping losses is considered to be relatively small
and thus disregarded in this study. The effective inertial torque M, is determined from the
inertia force F, derived in Equation (2.11), and M, — M, is considered as the dynamic or

oscillatory torque, which contributes to the roll motion of the engine.

Roll excitation moment

The roll moment excitation of the engine is generated by the gas pressure and the
inertia forces, where the torque due to gas pressure forces is referred to as the indicated
torque. The foremost source of engine vibration arises from the gas pressure forces,
generated by the conversion of the chemical energy to the thermal and subsequently to
the mechanical energy during the combustion process [5, 6]. Following the relationship in

Equation (2.12), the gas torque can be expressed as:
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M, (0)=F,g(0) (2.29)
where the gas pressure force F, is related to the gas pressure and the effective area, such

that:

F,=P(0)A (2.30)
where P(6) is the uniform gas pressure acting on area A of the piston, corresponding to

crank angle 4. It has been reported that the gas torque attributed to vibration excitation is
usually in the range of 1-5% of the indicated torque [5]. The magnitude of the roll
moment excitation in this study is thus assumed as 5% of the total gas torque, such that:

M, =0.05M, (2.31)
where M , is the magnitude of the roll moment excitation. The 5% value selected in this

study would relate to the upper bound, as suggested in [5].

Apart from the component of above indicated torque, another component also plays a
very important role in determining the net torque applied to the crankshaft. This
component is due to the reciprocating action of the piston and of the upper position of the
connecting rod, which are constantly being accelerated upward or downward. The torque
caused by inertia force can be expressed in a similar manner, as:

M,=Fg(0) (2.32)

The fluctuating component of the torque at the crankshaft is the sum of the gas
pressure torque and the reciprocating masses inertia torque [65]. Consequently, the total
excitation torque that forms the roll excitation applied to the cylinder block is the reaction

torque to the total fluctuating torque applied to the crankshaft. The torque generated by
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the gas pressure and the inertia force, and thus the roll excitation which can be attained

by the same geometry relationship described in the form of g(&), is given as:

M, =M,+M,=(F+0.05F,)g(0) (2.33)
substituting ‘Equations (2.11), (2.16) and (2.30) into (2.33), yields following expression
for the roll moment excitation:

4R*M RLsin 260
_ eqz 2 1
= [ 0" 00520+ 0.05R, (D) AIRGin 0 + ——5———) (2.34)

2.3.3 Pitch Excitation Moment

Pitch excitation torque is commonly considered to be caused by the unbalanced
inertia force for an inline four-cylinder engine. The excitation torques can be obtained
from the amplitudes of inertia forces due to each cylinder, and the distances between each

cylinder center to the center of gravity of the engine parallel to the crankshaft [66]. This

relationship is shown in Figure 2.7, where F, and F,, are the support forces from the

front and rear engine mounts. The total pitch excitation torque is the resultant of the
torque due to each cylinder. The firing order for a four-cylinder engine is usually chosen
as 1-3-4-2. The inertia forces due to each cylinder are considered together with the
corresponding phase in accordance with the known firing order. The analysis of the pitch
excitation torque thus involves consideration of inertia forces due to each cylinder. The
inertia force generated from the cylinder #1, where the force is directed downward, is

cbmputed from Equation (2.8):

F' = Rm, 0" (cos@ + %cos 20) (2.35)
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The inertia force due to cylinder #3, directed upward, is derived in a similar manner,

as:

F' =F,

1(@+7m)

= Rm, &’ (-Iz—cos 26 —cos 8) (2.36)

The inertia force due to cylinders #4 and #2, directed downward and upward,

respectively, are given by:

Fj =F,gi2m = Rmeqa)2 (cosH+~I£cos 26) 2.37)

F} = Fyp,, = Rm, 0" (% c0s26 —cos 6) (2.38)

In the above equations, F,, F, , F,and F, are the inertia forces generated from the

four cylinders respectively. The superscript arrow represents the direction of the inertia
force as either upward or downward.

In order to simplify the calculations, it is assumed that the c.g. is located at the
central axis of the fourth cylinder [63]. The total pitch excitation torque from the inertia

forces is thus computed from:

M, =-3d F +2d.F,+ Fd, (2.39)
where M, is the pitch excitation torque acting on the engine, and d. is the distance

between the center lines of two adjoining cylinders.
Upon substituting for inertia forces due to individual cylinders from Equation (2.35)

to (2.37), the pitch moment excitation is derived as:

M., =—6d Rm, " cosd (2.40)
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The above formulation for the pitch excitation agrees with that reported in [66],
although this reported study utilizes a different approach based on total inertia forces as

shown in Equation (2.11).

Y
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Figure 2.7: Force analysis of engine pitch motion.

2.4 Gas Pressure

The analysis of the roll excitation necessitates characterization of the gas pressure, as
it is evident from Equation (2.34). The gas pressure is known to vary considerably
depending on the engine and cylinder sizes, injection system, and various thermal factors.
The characterization of the gas pressure variation is thus a relatively complex task. Many
studies have attempted to characterize the variations in the gas pressure in the cylinders
through measurements [10-12,26]. The reported results reveal considerable differences
that are attributable to different engines and cylinder designs employed in different
studies, and variation in the test conditions. It is thus vital to characterize the gas pressure

variation for a particular engine under consideration, and typical operating conditions.
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The majority of the studies on vibration analyses of engines and engine mounts either do
not consider the variations in the gas pressure or consider an idealized gas pressure force
in terms of selected harmonics [7, 9]. It has been reported that the predicted vibration
amplitudes can only serve as estimates [11]. The gas pressure variations within the
cylinders need to be determined under different operating speeds and load conditions by
installing a pressure transducer inside the combustion chamber. In this study, the data
reported by Minghui et al. [27], for a four—cylinder diesel engine is considered to

describe the gas pressure by discretized values as a function of the crank angle.
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Figure 2.8: variations in the cylinders pressure of a four cylinder engine.

Figure 2.8 illustrates the measured variations in the cylinder pressure corresponding
to the crankshaft rotating speed of 3000rpm, which is considered as the optimal operating
condition [27]. The measured data was discretized and fitted by an interpolation approach.

The result will be applied as inputs in the simulation of engine mount system in Chapter 5.
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2.5 Summary

In this chapter, the engine as a vibration source is analyzed on the basis of
kinematics and dynamics of its components and the gas pressure variation. The engine
model is formulated for the purpose of evaluating the engine excitation force along the
vertical direction, and roll and pitch moments. The unbalanced inertia force caused by
engine reciprocating and rotating parts is analyzed to derive the vertical component of the
excitation force in the engine mounting system. The net torque, generated from net force
produced by the gas pressure and inertia forces, is derived using the geometry
relationship. The variation in the gas pressure is characterized on the basis of the data
reported in a published study. The measured pressure is characterized as a function of the
crankshaft angle, and is expressed in the time domain to compute the roll moment
excitation. The excitation forces and moments derived in this chapter are applied to the

total engine mount model in the subsequent chapters.
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CHAPTER 3

MODELING OF RUBBER & HYDRAULIC MOUNT

3.1 General

Besides supporting the static weight of the engine and restraining it from large
movements, the primary function of the engine mount is to isolate the vehicle structure
from the engine disturbance forces. An IC engine, especially the popular four-cylinder
engine, is a highly vibro-active unit and the attenuation of its vibration is required over a
broad frequency band up to 200 Hz. The growing trend for lighter car bodies and more
powerful engines imposes more complex requirements for engine mounts in terms of
their noise and vibration isolation performance. A vast number of engine mounts have
been developed to enhance the noise and vibration isolation performance. These include
the passive, semi-active and active engine mounts [33-50]. The rubber and hydraulic
mounts are commonly applied in the modern automobile designs [29-31]. Even though
semi-active and active mounts have achieved successful applications with enhanced
performances, the high cost and complex maintenance associated with such mounts
prohibits their general applications [50-51, 54-55]. The passive rubber and hydraulic
mounts thus remain the common and meritorious choice.

In this chapter, the elastomeric and hydraulic engine mounts are considered for
model development and analyses. The nonlinear static and dynamic properties of both,
the elastomeric and hydraulic mounts, are described and systematically applied to

develop the analytical models for analyzing their vibration isolation performance.
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3.2 Characterization of a elastomeric Mount

The elastomeric mounts are most commonly used in the engine mounting systems
due to their low cost and more or less maintenance free design. The visco-elastic
properties of such mounts strongly depend upon the material and the geometric properties
of the elastomer. The elastomeric mounts in general yield nonlinear force-deflection
characteristics, and light damping. The design of such mounts involves appropriate
considerations of the static load supported by a mount and the nature of disturbance
forces (magnitude and frequency contents) arising from the engine. Figure 3.1 illustrates
a schematic of a bush type rubber mount proposed for applications in the automobile
engines. The geometry of the engine mount was proposed to satisfy the stiffness

requirements for typical automobile engines [31].

Figure 3.1: Schematic diagram of bush type engine mounts [31].

The proposed rubber mount exhibits highly nonlinear force deflection properties and
is chosen for vibration isolation performance analysis, when considered either as a single
mount or as a multiple mount arrangement within the total engine-mount system. The

mount is considered to be loaded along the x-axis. The force-deflection data, described in
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[31], are used to describe the mount force as a polynomial function in deflection along

the x-aXis, such that:

F, =kx+k,x* +k,x° (3.1)
where, F, is the static force developed by the mount due to deflection x, and k;, k,and
k, are stiffness coefficients.

For the given force-deflection data [31], the stiffness coefficients are identified
as: k, =160N/mm , k,=-24N/mm’ and k, =14N/mm’ . Figure 3.2 illustrates a

comparison of the force-deflection characteristics derived from the polynomial function
with the measured data. The polynomial model yields reasonably good representation of
the measured data, except in the vicinity of x =—5mm and x =15mm , where the mount
stiffness changes significantly. The force-deflection characteristics reveal low spring
constant in the vicinity of the operating point, to be determined from the static load
supported by the mount. This property would yield improved vibration isolation at
frequencies of predominant engine vibration. The mount also exhibits strongly stiffening
and softening properties under high magnitude deflections in compression and extension,
respectively.

It should be noted that an engine mounting system employs a combination of three
to four mounts to support the engine load and to provide the isolation from the engine
disturbance forces. The distribution of the static engine load in the mounts would thus
affect the static deflection of each mount and thus the stiffness near the static equilibrium -
or the operating point.

For a single equivalent mount, the static deflection of the mount can be derived upon

solving the polynomial function, described in Equation (3.1), such that:
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F, =kx, +k,x; +k;x; (3.2)
For a typical engine mass of 139.5 kg [67], the above model yields a static

deflection, x, = 0.014m .
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Figure 3.2: Comparison of force-displacement characteristics of the elastomeric mount,
derived from the polynomial function, with the measured data [31].

3.3 Dynamic Properties -SDOF analysis

The dynamic properties of the elastomeric mount could be conveniently evaluated
through consideration of a single degree-of-freedom (DOF) system, as illustrated in
Figure 3.3. In the model, the mass m represents the engine mass supported by the mount,
and the nonlinear stiffness and damping coefficients are represented by k(x) and c,
respectively. The dynamic response of the engine mount may be conveniently derived
under base excitation of harmonic nature, x,(¢) = X, sin ax . The equation of motion for
the engine mass, constrained to move along the x-axis alone, can be expressed as:

mx, =F +F, —mg (3.3)
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. 4

Figure 3.3: A single-DOF engine mount model.

where F, and F, are the stiffness and damping forces due to the rubber mount, x, is the
engine mass displacement and g is acceleration due to gravity. Defining the relative
motion across the mount, x = x, — x, +x_,, and applying the nonlinear force model of the

mount, defined in Equation (3.1), the mass acceleration can be expressed as
X, = 1 (k,x+ k2x2 +kx’+F, —mg) 3.4)
m

Assuming linear damping due to the mount, the damping force of the rubber mount
is expressed as F, = cx, where cis the viscous damping coefficient. Figure 3.4, as an
example, illustrates the time-histories of the engine mass displacement, velocity and
acceleration, when subject to 1mm excitation at the base ( X, =1 mm) at a frequency of
10 Hz. A damping coefficient of 1000Ns/mis assumed for the analysis. The results show
asymmetric displacement and acceleration responses due to nonlinear mount stiffness.
The displacement and acceleration response amplitudes are larger in compression, when
compared to those in extension. This is attributed to differences in hardening and

softening force-displacement characteristics, as shown in Figure 3.2.
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Figure 3.4: Time histories of displacement, velocity and acceleration responses of the
engine mass, derived from the single-DOF model subject to harmonic
excitation at 10 Hz.

Transmitted Force

The performance characteristics of the engine mount can be better assessed in terms
of the force transmitted to the chassis. A simple single-DOF model may be employed to

study the fundamental force-transmission characteristics of the nonlinear elastomeric

mount, as illustrated in Figure 3.5. Let F,(f)represent the unbalance force arising from

the engine, as described in Chapter 2. F,.(¢) represents the force transmitted to the chassis,
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which is assumed to be fixed. The governing equation of motion for the engine mass can
be expressed as:

mi, = F,+mg—F, - F, (3.5)
where F, =k (x,+x,)+k,(x, +x,)* +k,(x,+x,) and F, = cx,.

The total force transmitted to the chassis structure, can be expressed as:

F,=F, +F -mg (3.6)

. gk

FTi
[

|
ST 7777777777

Figure 3.5: Single-DOF representation of the engine mass and mount subject to
unbalance excitation force.

In the above formulation, the unbalance inertial force, expressed in Equation (2.11),
is applied as the excitation force. The magnitudes of the transmitted force play an
important role in the vibration analysis of the chassis structure. Owing to the nonlinear
behavior, as evident in Figure 3.4, the force transmission of the mount can be effectively
evaluated in terms of the root mean square (RMS) value of the force. The RMS value of

transmitted force F;. is defined as:
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{1 o
FTrms_ }_1-_[) FT (t)dt (37)

where T is the observation period, and F,,, _is the RMS force corresponding to

frequency. The RMS value of the transmitted force may also be estimated from the

discrete values of the force, such that:

F,, ﬂf%i F.(i) (3.8)

where n is the number of force data points used to calculate the RMS value, and i refers
to discrete value of the time. The RMS value of the excitation force can also be computed

in a similar manner:

Py ()=~ S R0 (3.9)

The force transmissibility 7 of an engine mount is then described as the ratio of the
RMS value of the transmitted force to that of the unbalance excitation force at each

frequency:

FTrms (f)
T(f)=Tms s o 3.10
(f) FOrms (f) ( )

The excitation force described in Equation (2.11), is a second harmonic force, which

implies that the excitation predominantly occurs at a frequency f, , which is twice the

frequency f, corresponding to the engine speed:

fo=2f =+ (3.11)

where n_ is the engine speed.
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Equation (3.5) is solved under excitation arising from the engine unbalance force F,
described in Equation (2.11), while the engine speed is varied from 100 to 6000 rpm in
increments of 100 rpm. The unbalance excitation force is computed using a crankshaft
radius (R) of 0.0337 m, a connecting rod length (L) of 0.1285m and equivalent mass
(m,,) of 0.7kg, while the total engine mass is held the same as 139.5 kg. Figure 3.6
illustrates the RMS values of the engine mass displacement, velocity and acceleration

responses as a function of the engine rpm. The RMS values of the excitation and

transmitted forces, together with the force transmissibility, are presented in Figure 3.7.
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Figure 3.6: RMS displacement, velocity and acceleration responses of the engine mass as
a function of the engine speed.
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The results show peak values of the engine mass displacement and transmitted force
near 210 rpm, which corresponds to excitation frequency of 7 Hz and the resonance of
the elastomeric mount. The force transmissibility corresponding to this speed approaches
as high as 4.6, suggesting higher degree of vibration and force transmission to the chassis.
The engine mount, however, provides effective attenuation of force at speeds above 300
rpm, while the RMS acceleration of the engine mass approaches significantly higher

levels at higher rpm.
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Figure 3.7: RMS excitation and transmitted forces, and force transmissibility as a
function of the engine speed.
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3.4 Characterization of a Hydraulic Engine Mount

Although elastomeric mounts serve as simple and low cost means to achieve
attenuation of vibration and transmitted force, their performance is limited due to fixed
stiffness characteristics and light damping property of the elastomer. Alternatively, a
number of hydraulic engine mounts have been developed to realize higher damping and
variable stiffness properties [35-37, 40-42]. Such mounts with flexible chambers are
known to represent a fundamental improvement over the conventional elastomer mounts
[42]. Hydraulic mounts can offer high damping under large motions induced by engine
shake and low dynamic stiffness [8]. Moreover, the flexible chambers coupled with flow
modulations through an orifice or damper valve can offer variable stiffness and damping
properties, as opposed to the rubber mounts, which exhibit static and dynamic properties
practically invariant with the excitation amplitude and frequency over a wide frequency
range. It has been suggested that despite their variable properties, the hydraulic mounts

are less effective in isolating forces and motion in the high frequency range [42].

3.4.1 Development of the Analytical Model

The damping properties of a hydraulic mount mostly derive from hydraulic flows
through an orifice. The hydraulic flows within a mount may occur through short or
relatively long orifices. The short orifice mounts are considered desirable due to their
simple and compact construction [41]. Moreover, such mounts do not employ any
moving parts. A simple passive hydraulic mount comprising a short orifice and compliant
chambers is thus considered for the analysis. Figure 3.8 illustrates a schematic of such a

mount. The mount comprises two hydraulic chambers, coupled through a short

A
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cylindrical orifice. Both the upper and lower chambers are made of flexible rubber
material to permit the flows from one chamber to the other and to provide the desired
flexibility of the total mount. The flows to and from the chambers, and thus the damping
property depends upon the geometry of the orifice. The top chamber consists of elastic
material such as rubber, shaped like a conical frustum. An analytical model of the mount
is developed assuming incompressible fluid, and identical cross-sectional areas of the top
and bottom chamber projections. The flow through the orifice is assumed to be of
turbulent nature, which does not seem to be amenable to accurate analysis. Therefore, a
lumped-parameter modeling approach is consideréd to be more appropriate for
representing the dynamic responses of the hydraulic mount [37]. The rubber material of
the top chamber of the hydraulic mount serves as the spring to support the engine load
and to act as an isolator. It also acts as a piston, and therefore the need for moving parts,
as required for a rigid wall orifice damper, is eliminated. The bottom chamber of the
mount is often designed with relatively higher compliance and acts as a reservoir for the
fluid. The application of an external excitation causes the deformations of the top
chamber, which causes the fluid to flow through the orifice to produce a damping effect.
The upper and lower chambers of the mount are typically filled with a glycol fluid
mixture of anti-freeze and distilled water due to its relatively low sensitivity to

temperature variations.
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Figure 3.8: Schematic diagram of an orifice type hydraulic mount with flexible chambers
[41].

In the model formulation, the fundamental equation of continuity is considered to
determine the fluid flow characteristics. Fluid flow through the orifice Q,, top chamber
pressure P, , bottom chamber pressure P, , piston areaA,, and orifice diameter D, , are

considered as the primary variables for the mathematical formulation. The flow through
the short orifice can be related to the pressure differential across the orifice in the

following manner:

2|B(1)- By (1)

Q= AoCD\/ sgn(P, — F;) (3.12)

where C, is the discharge coefficient for the orifice and the ‘sgn’ function determines the
flow direction, where a positive flow refers to the flow from the bottom to the upper

chamber. A, is the short orifice area, and P, and Py are the pressure states in the top and

bottom chambers, respectively, The discharge coefficient C,, is a function of the orifice
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diameter D, and the Reynolds number R, of the flow. It has been shown that the C,, can

assume values ranging from 0.13 up to 0.816, depending primarily on the Reynolds

number [77]:
R, = P22 (3.13)
HA,

where  is the kinematic viscosity of the fluid.

The effective chamber compliance may be defined as the increase in the chamber
volume per unit rise in the chamber pressure [41], such that:

¢ _av
dp (3.14)
The compliance of the rubber chamber is known to be considerably higher than that
of the fluid. The fluid is thus assumed to be incompressible. The compliance properties of

the chambers however may vary in either linear or nonlinear manner. Two different

compliance models are thus formulated under static as well as dynamic loading.

3.4.2 Static Equilibrium

The hydraulic pressure developed within the two chambers under the application of a
static load depends on the static mass, spring stiffness of the rubber, chamber compliance
and equivalent piston area of the damper. Since linear and nonlinear compliances are
considered for the investigation, two sets of equations will govern the static equilibrium
condition of the mount.

Linear Chamber Compliance
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Assuming that the pressure variations in a particular chamber occur as a linear
function of the volume change, caused by a static deflection, the top and bottom chamber
pressures, P, and P, , can be written as:

P@)=AV,(t)/Cyp + P, (3.15)

P,(t) = AV, 1)/ Cpy + Py, (3.16)
where, AV,., AV, are the volume changes of the top and bottom chambers, respectively,
due to an increase in the fluid pressure or application of a static load. C; and C,; are
constants representing the linear compliance of the top and bottom chambers,
respectively, and P, is the atmospheric pressure.

In static equilibrium the fluid pressures in the top and bottom chambers approach the
static pressure, P, , such that:

B =P =Py (3.17)

Equations (3.15) to (3.17) yield following relationship between the compliance and

volume change of the top and bottom chambers:
Vst = Vst Cop 1 Cop (3.18)
where V., and V.. are the volume changes of the top and bottom chambers,

respectively, under a static load.
Based on the assumption that the projected cross-sectional areas of the top and
bottom chambers are equal, the static load is given by:

Fy =KgXg +Ap Py —Pyr) (3.19)
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where K, and X, are the constant stiffness coefficient of the rubber material and static
deflection of the mount, and A, is the projected area of the top chamber, which is
identical to that of the bottom chamber A,,.
The definition of the chamber compliance, given in Equation (3.14), yields following
relationships between the static volume and change in the top chamber pressure:
Cyr =Vigr (P = Pyy) (3.20)
Py —Py =V 1Cp (3.21)
Furthermore, the static deflection of the mount can be obtained from the total change

in the chambers volume, as:
X =~(Vesp + Vs ) App (3.22)
Upon substituting for V. from Equation (3.18), the static deflection may be

expressed as a function of the linear compliance ratio and static volume of the top

chamber alone:
X ==+ Cp I Cpp Wi [ App (3.23)
Equations (3.19), (3.21) and (3.23) yield the following expression for the static force:
Fo = K (14 Cyp / Cop Wasy ! Ay + Ay Vs | Co) (3.24)
Equation (3.24) can be solved for a given preload to compute the volume change of
the top chamber (V) caused by the pressure change from initial atmospheric pressure
to static pressure. The application of volume change in equation (3.15) would then yield
the static pressure Py, . The volume change of the bottom chamber caused by pressure
change from atmospheric pressure to static pressure V., can be derived from Equation
(3.18). The static deflection of the mount is then computed from equation (3.23).
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Equations (3.15) to (3.24) are solved for static load of mg and diameter of top chamber
projection (D,) of 70 mm. The solutions resulted inV,, =1.0347cc, Vi, =10.347cc,
Py, =204.77kPa and X i =-0.003m.

It should be noted that the top chamber volume change Vi is positive, when a
compressive static load is applied and negative during expansion. The static pressure P,
and volume change of the bottom chamber V,, also remain positive, when the bottom

chamber is expanded. Both these parameters do not approach negative values. Table 3.1
summarizes the parameters used in the analysis of the linear compliance model, as

reported in [41].

Table 3.1: Simulation parameters of the hydraulic mount with linear compliance

D, (mm) D, (mm) m(kg) App(m?)
70.0 4.5 125 0.00385
C,, (m* I N) Cyp(m’ IN) K. (kN /m) P,, (kPa)
1x107" 1x107"° 200 101.3

Figure 3.9 shows the variations of the top and bottom chambers volume changes, and
the static pressure increment as a function of the static load. The figure also illustrates the
static deflection of the mount under varying static loads. It is apparent that volume
change primarily occurs in the bottom chamber, which is attributed to its high compliance,
as evident in Table 3.1. Owing to the linear compliance, the static deflection and pressure
increase linearly with the static load, while effective stiffness of the mount is

considerably larger than that of the rubber material (K g; ).
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Nonlinear Chamber Compliance

It has been reported that the top and bottom chambers of a hydraulic mount exhibit
nonlinear compliant properties [37, 40-42]. Kim [37] performed experiments to
characterize the chamber pressures and the corresponding changes in top and bottom
chamber volumes under different static loads. The study revealed nonlinear variations in
the static chamber pressures with varying chamber volume. The experimental data was
used to characterize the chamber pressures by regression functions in volume decrements,

expressed as:

3
P, =P, +Y C, AV ;for AV, >0 (3.25)

i=1
3
Py =P +Y CaAVy ;for AV, >0 (3.26)
i=1
where C,, and C,, are the regression coefficients for the top and bottom chambers

pressures, AV, and AV, define the change in volume with respect to the free volume, and

o, and B, are the corresponding exponents. The volume change in the above regression

models is expressed incm’ , while the pressure is in kPa .
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Figure 3.9: Effect of static load on the variations in the chamber volumes and pressures,
and static deflection of the mount.

The high compliance of the bottom chamber does not permit its pressure to drop
below the atmospheric pressure. Furthermore, the high compliance yields considerably
larger change in the bottom chamber volume when compared to that of the top chamber.
This is also evident in Figure 3.9, when linear compliant properties are considered. The
static deflection of the mount is mostly attributed to the volume change of the bottom
chamber. This is also attributed to high compliance of the bottom chamber, such that

Visr <<Vper and Vo, =V + Vi . The static deflection of the mount is thus mostly

related to the volume change of the lower compliant chamber.

X =V [ App 3.27)
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Considering that the pressures in both chambers approach identical values under

static equilibrium, the static force of the mount can be derived from Equation (3.19), the

static pressure of top and bottom chambers can be derived from Equations (3.25) and

(3.26) such that:

V
Fo =Kg( BST)+ATP

ATP { i=1

3
Z CBiVlfoT

|

3 3
P =Py + Z CTiVTL;iT =P+ z CBiVBﬁsiT

i=1

(3.28)

(3.29)

Table 3.2 summarizes the regression coefficients of the hydraulic mount (Figure 3.8)

with D, =70 mm. Application of static load due to assumed engine mass of 125kg and

solution of above equations yields:

V... =0.7561cm®, V,.. =22.8512cm’, P,, =111.3547kPa and X i, =-0.0061m .
TST BST ST ST

Table 3.2: Regression model constants of the hydraulic mount [41]

Constant Value Constant Value

Cn -6.4 Cp 5.26x107°
Cr, 29.2 Cy, -8.9x107°
Cps 0 Cps 1.41x107°
a, 1.0 By 2.5

a, 716 B, 6.0

a, 0 B 6.5

Equations (3.27) to (3.29) are solved, using the regression models constants,

summarizes in Table 3.2, to determine the variations in the volume changes in the top and

bottom chambers, the static equilibrium pressure and the mount deflection, under varying

static loads. Figure 3.10 illustrates the variations in the volume change, and static
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pressure and deflection, as a function of the static load. The results show nonlinear
variations in both the volumes and the pressure with the static load. The results also show
that the bottom chamber volume change is significantly larger than that of the top
chamber, while the static pressure tends to grow rapidly under loads above 200kg. A
comparison of Figure 3.9 and Figure 3.10 reveals relatively higher static stiffness of the
mount, when nonlinear compliant properties are considered. This is mostly attributed to
the progressively hardening property of the compliant hydraulic chambers, as evident
from the static pressure variations, the results shown in Figure 3.10 revealed good

agreement, which is exactly the same with those presented in [41].
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Figure 3.10: Effect of static load on the volume change, static pressure and static
deflection responses of the mount with nonlinear compliant properties.
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3.4.3 Dynamic Properties of Hydraulic Mount
The dynamic properties of the hydraulic mount with either linear or nonlinear
chamber compliance could be derived using a simple single-DOF model, as shown in

Figure 3.11. In the model, m represents the engine mass and F is the total force
developed by the mount when subjected to a base excitation x,(¢) . The total force

developed by a hydraulic mount comprises a restoring force component due to the
elastomeric material, damping force due to the elastomeric material, and a component
due to pressure change, which also incorporates the variable damping force attributed to
orifice flows. The equation of motion for the single-DOF isolator is derived on the basis

of Equation (3.19) and linear damping coefficient of the rubber material, such that:
mix, =—Kx—Cx+ App (P, — Py )—mg (3.30)

where x =x, —x, —x_,, Cis linear damping coefficient of the rubber material and Kis

st?
the constant dynamic stiffness coefficient of the rubber material, which is larger than the

static value (K¢, ) applied in Equation (3.19) [41].

r 4

Figure 3.11: A single-DOF model of the engine mass supported on a hydraulic mount.
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The equation of motion of the isolator may be rewritten with respect to the static
equilibrium, in the following form:

mx, =—K(x, = x)—C(X, = X))~ Ap (Psy — ;) (3.31)
where P is the ﬂuid\pressurc in the top and bottom chambers corresponding to static
equilibrium position.

Both the static and instantaneous top chamber pressures are derived from the
hydraulic flow through the orifice, and compliant properties of the chambers. Assuming
linear compliance of the top andkbottom chambers, the flow through the orifice can be
derived from the continuity equation:

Q, = Api+C,P, (3.32)

The flow through the orifice also determines the variations in the bottom chamber
fluid pressure, such that:

0y =~Cyy Py (3.33)

Assuming turbulent flow through the orifice, the flow rate Q,is expressed in

Equation (3.12). The fluid pressures in the top and bottom chambers can thus be

expressed by the following expression for linear compliant properties:

2| F

. -P
Cor P =—Apx+ AC), ————p—‘?—l sgn(P, — P;) (3.34)

: 2|P, P
CpuPy =—4A,C,y /'—Tp—-——”i—' sgn(P, — P,) (3.35)

The dynamic force developed by the mount and thus the force transmitted to the base

can be simply derived from:

F, =—K(x,—x)—C(%, %) — Ap(Pz — B) (3.36)
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The instantaneous hydraulic damping force is obtained by:
Fp=A,(P —Pp) (3.37)
The variations in the top and bottom chamber pressures are evaluated for harmonic

base excitation (X, =1mm and f = 10Hz), and the parameters described in Table 3.3.

The fluid density p is taken as1059kg/m’, while the discharge coefficient as 0.806.
Equations (3.31), (3.34) and (3.35) are solved with the initial conditions:

P.(0)=P,(0)= Py 5 AV, (0) =V 55 AV,(0) =V,

Table 3.3: Parameters of hydraulic mount with linear compliance (dynamic)

D, (mm) D, (mm) m(kg) K(kN /m) C(Ns/m)
70.0 4.5 125 280 180
C,(m° I N) Cyy(m’ I N) C, plkg I m*) P,.(kPa)
1x107" 1x107"° 0.806 1059 101.3

Figure 3.12 illustrates the time histories of fluid pressure in the top and bottom
chambers and the mass deflection. The results show that the chambers pressures vary
around the static pressure, Py, =204.77kPa . The steady-state amplitude of the top
chamber pressure is considerably larger than that of the bottom chamber pressure, which
is attributed to the large compliance of the bottom chamber. The peak magnitude of the
engine mass displacement with linear compliance of the hydraulic mount approaches near
2 mm, suggesting amplification of the base excitation at 10 Hz.

Nonlinear Chamber Compliance

In the nonlinear case, compliances are assumed to be a function of chamber pressure
and chamber volume change. The top chamber pressure P, is a function of the top
chamber volume change as expressed in Equation (3.25) with regression coefficients
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shown in Table 3.2. When AV, > 0, the top chamber is compressed. Here, P is measured
in Pascal and AV, is measured in cubic millimeter. When AV, <0, the top chamber is
under extension and it is in a state of vacuum. It is assumed that an amount of entrapped

air V, contributes to the volume change following the Boyle’s Law [55]
P.=P,V, IV,  for AV, <0 (3.38)

Vi =V, +[AV| | (3.39)
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Figure 3.12: Variation in the mass displacement and chambers pressures of the hydraulic
mount derived using a linear compliance model, under harmonic base
excitation.
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It has been suggested that a negative compliance of the top element exists when
P.<P,,. A definite amount of air, initially dissolved in the glycol fluid, may be released
and the glycol fluid may become a mixture of liquid and gas phases. Furthermore, in
extreme cases, a vaporous cavitation may occur. The characterization of dynamic
behavior of the mount incorporating all of the above-mentioned phenomena, expressed
by a negative compliance is quite complex to measure and not amenable to accurate
analytical predictions. Alternatively, the negative compliance in the model may be

considered by assuming that a small amount of air volume V, is initially entrapped

within the top portion of the upper chamber. The volume change in the top chamber is

thus given by:

AV, =V, + Vo — Ap (X, — X)) (3.40)
where

Vio = J;:Qodt (3.41)

is the total volume of the fluid transferred from one chamber to the other chamber. The

flow through the orifice is given by Equation (3.12). In Equation (3.12), the bottom
chamber pressure P, is derived as a function of the volume change AV, , as expressed in

Equation (3.26) with regression coefficients shown in Table 3.2. Moreover, the total

volume change of the bottom chamber can be expressed as:
AVy =~V + Vs (3.42)
The instantaneous fluid pressures within the top and bottom chambers ( P, and P, ),

and the mass displacement x, can be computed by solving Equations (3.25), (3.26),

(3.31), and (3.38) to (3.42). The results are obtained in both time and frequency domains
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to demonstrate the damping characteristics in terms of orifice flow, chamber pressure,
damping force and transmitted force. The results are described in the following
subsections.

Characteristics of the mount

The analytical model of the nonlinear hydraulic mount is solved using the parameters
summarized in Table 3.4, representing the dynamic and static properties, respectively.
The above parameters are selected from the data reported in [37], in order to compare the
results with the available experimental data. Table 3.5 lists the static deflection, the

corresponding pressure and changes in fluid volumes of the top (V,,, ) and bottom (Vg )

chambers, as derived from the solutions. These results show very good agreement with
the experimental data reported in [37]. Figure 3.13 illustrates the variation in the top and
bottom chambers volumes, as derived from Equations (3.25) and (3.26), (3.38) and (3.39).
The results clearly show that the bottom chamber volume undergoes significant
variations, while the corresponding change in the top chamber volume is quite small.
This is attributed to relatively higher compliance of the bottom chamber, as observed
from Figure 3.10 for the mount with linear compliance. Furthermore, the bottom chamber
volume asymptotically approaches a steady value under higher fluid pressures. The static
equilibrium response results are also shown in Figure 3.13, which show good agreement

with the simulation results presented in Table 3.5.
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Table 3.4: Simulation Parameters of hydraulic mount with nonlinear compliance(dynamic)

D, (mm) D, (mm) m(kg) K(kN [ m) C(Ns/m)
80.0 5.9 122.5 280 180
U(N.s/m*) V,(cc) C, plkg Im?) P,.(kPa)
3.6x107° 4.5 0.806 1059 101.3

Table 3.5: Static equilibrium responses of hydraulic mount with nonlinear compliance

D,(mm) Visr (€C) Vysr(cC) Py (kPa) X (m)
80.0 0.9850 28.2441 116.4597 -0.0058
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Figure 3.13: Increments in the top and bottom chamber volumes with fluid pressure,

illustrating nonlinear compliance.

The equations of motion derived for the hydraulic mount with nonlinear compliance

are solved using Runge-Kutta ode45 algorithm to determine the dynamic responses. A

hydraulic mount with two flow orifices of the same cross-section area, are considered to
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reduce the effective damping and thus the transmitted force in the isolation region. Figure
3.14 illustrates the variations in the fluid pressure and changes in volume of the top and
bottom chambers under application of a 0.5 mm harmonic excitation at selected
frequencies, namely, 7, 10 and 20 Hz. Figure 3.15 illustrates the corresponding responses
in terms of transmitted force, damping force, flow rate and Reynolds’s number.

The results show asymmetric variations in the top and bottom chambers volumes and
fluid pressures, which is attributed to nonlinear compliance of the chambers, and
relatively high compliance of the bottom chamber. The fluid pressure in the top chamber
approaches as low as 80kPa at an excitation at 10Hz. This subatmosphric pressure
distribution for the mount agrees quite well with the experimentally obtained data for a
long orifice hydraulic mount reported in [37]. The variations in the fluid pressure in the
bottom chamber, however, are quite small due to high compliance of this chamber, while
the pressure remains about the static pressure of 116.46kPa, with peak to peak difference
of only 16kPa at 10 Hz. The results further show a decreasing tendency for the peak to
peak difference as the frequency increases from 10 Hz to 20 Hz. Figure 3.15 illustrates
the relationship of the transmitted force and the hydraulic force with the flow rate and the
Reynolds number. The peak magnitude of the transmitted force is observed to be quite
high, as evident in Figure 3.15. The results further sh.ow peak transmitted force occurs at
an excitation at 10 Hz, signifying the resonant frequency. The Reynold’s number of the
flow approaches high values suggesting turbulent flow during majority of the vibration

cycle.
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Figure 3.14: Variation in the pressure & volume of the two chambers under different
frequency excitation.
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Figure 3.15: Variation in the transmitted force and hydraulic damping force, flow &
Reynolds number under harmonic displacement excitations at different
frequencies.

Figures 3.16 and 3.17 illustrate the effect of excitation amplitude on the response
characteristics of the hydraulic mount with two short orifices, while the frequency of
excitation is held as 15 Hz. The simulation results are obtained under 0.5, 0.7 and 1.0 mm
displacement amplitudes. The peak volume changes and fluid pressures increase
considerably with an increase in the excitation amplitude, as evident in Figure 3.16. It
should be noted that the top and bottom volume changes are referred to their respective
free volumes. Figure 3.17 shows that the transmitted force and the damping force

increase as the excitation amplitude increases from 0.5mm to 0.7mm, and then to 1.0mm.

Both the hydraulic and transmitted forces tend to be more asymmetric and non-harmonic
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as the excitation amplitude increases. The asymmetric behaviour is more apparent from
the hydraulic force. This tendency is attributed to the orifice flows and the nonlinear
compliance. In addition, the results presented in Figure 3.17 show the variations in the
flow rate and the Reynolds number. A positive flow rate refers to the flow from the
bottom chamber to the top chamber, while a negative rate relates to the opposite flow.
The asymmetric orifice flow rate characteristics, attributed to lower compliance of the
lower chamber, show nonsinusoidal behavior due to turbulent orifice flows. For each
cycle, the magnitude of maximum flow is higher in reverse flow than in the forward flow
and is asymmetry increases with increase in the excitation amplitude. The degree of
asymmetry in the maximum and minimum pressure corresponding to compression and
extension also increases with the excitation amplitude, which is attributed to the

asymmetric compliance of the top and bottom chambers.
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Figure 3.16: Variations in the pressure & volume of the two chambers under harmonic
displacement excitations at different amplitudes.
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3.5 Summary

Two typical engine mounts consisting of elastomeric and hydraulic flows are
analytically modeled and analyzed in this chapter. The characteristics of the rubber and
hydraulic mounts were identified from their static and dynamic properties. Linear and
nonlinear chamber compliances of the hydraulic mount were considered in the modeling
and simulations.

The force-deflection characteristics of the nonlinear elastomeric mount are expressed
by a third-order polynomial in deflection, while the model is formulated to study the

transmitted force and vibration transmissibility under engine excitation and engine
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unbalance force. From the simulation results, it is concluded that the resonance frequency
is one-half of the natural frequency due to the influence of the second harmonic
excitation force.

The hydraulic mount is modeled with flexible chambers through a short orifice, and

the simulation results are applied to examine the model validity while assuming the
| single-DOF engine mounting system model. At static equilibrium, linear and nonlinear
chamber compliances were employed to evaluate the static characteristics of the
hydraulic mount. The influence of the static load on the static deflection, top and bottom
chamber pressures and volume changes are demonstrated. The dynamic responses of
hydraulic mount with linear and nonlinear compliances are also implemented in the time
domain at selected excitation frequencies of 7, 10 and 20 Hz. The results suggested the
presence of natural frequency close to 10 Hz at which the highest force is transmitted.
The damping force tends to nonharmonic and highly asymmetric, while the degree of
asymmetry increases with the increase in excitation frequency and amplitude due to the
nonlinear compliance. Analytical models of the mounts are further applied in a total
engine-mount system in the following chapter to study the performance behaviour of the

coupled system.
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CHAPTER 4

MODELING OF ENGINE MOUNTING SYSTEM

4.1 General

The performance characteristics of a vibration isolation mount rely upon its elastic
and damping properties, and the load. The vast majority of studies on vibration isolation
mounts have been performed assuming idealized single-DOF dynamics constrained along
a single axis and subject to idealized vibration excitations [28, 32, 37, 42]. The
automotive engines are invariably supported on 3 to 4 vibration isolation mounts and may
cause vibration along the translational as well as rotational axes. Moreover, the mounts
may be subjected to different static loads. The designs and assessments of engine mounts
should thus be performed through analyses of the coupled engine-mounts system. The
analyses based upon uncoupled single-DOF models can not provide the performance
characteristics under vibration induced along multiple axes. A coupled engine-mounts
system model permits for analyses under representative excitations arising from the
unbalance due to the reciprocating components and gas forces, as described in section 2.2.

In this chapter, the coupled engine-mounts system is represented by a three-DOF
dynamic system incorporating vertical, roll and pitch motions of the engine block. The
purpose of a well-designed mounting system is to control the transmission of vibration
caused by the firing pulses, inertial forces and the torques generated by the engine, to the
vehicle chassis. The compliant characteristics of the engine mounts in the axial and shear
directions cause the motions along all the three translation and rotational directions [7].
Therefore, the engine may induce forces and moments to the vehicle body in directions

other than the vertical, roll and pitch axes as a result of the inherent imbalances in the
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reciprocating/rotating masses. The proposed three-DOF model in this dissertation,
however, is limited to the study of vibrations along the rotational direction of the
driveline system and the pitch and bounce axes of the engine, which are known to be
more significant [7, 9,16]. In particular, the typical nonlinear rubber and flexible chamber

hydraulic mounts are applied in the three-DOF model of the engine mount system.

4.2 Model Development

The transmission and engine assembly is considered to be supported on three elastic
mounts as schematically shown in Figure 4.1. Notations ‘L’ and ‘R’ represent the front
left and right mounts. The figure shows the axis system with origin located at the mass
center of the assembly, and two front mounts and a single rear mount. Figure 4.2
illustrates the model in the pitch plane. Each of the two front mounts is inclined in the roll
plane with an angle @ with respect to a horizontal axis, as shown in Figure 4.3, while the
rear mount is supported centrally at the rear of the gearbox. The front mounts undergo

axial and shear deformations, and the corresponding forces developed are shown in

Figure 4.4.
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Figure 4.1: Schematic representation of the engine mounting system.
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Figure 4.2: Pitch plane representation of the engine mounting system.

Figure 4.3: Roll plane representative of the engine mounting system model.



4.2.1 Force Analysis

The forces transmitted to the chassis due to the bounce, pitch and roll motions of the
engine assembly can be studied using the model shown in Figures 4.1 to 4.3. The vertical,
roll and pitch motions are defined with respect to the static equilibrium position and
denoted asz , @ and ¢, respectively. The static axial and shear forces of the rubber
mounts are derived from the static deflections of the mounts. The dynamic forces and
deflections caused by engine excitation force and moments, derived in Chapter 2 in
Equations (2.11), (2.33) and (2.40), are further formulated. In Figure 4.4, the L’, ‘R’,

and ‘Re’ represent the front left, front right, and rear mounts, respectively. z,,6,, @,

represent the static deflections of the mass center in bounce, roll and pitch directions,
respectively. The total deflections of the mounts along their axial direction can be

expressed as:

A ~
I
L

5

¥
F kfrs F cfra F kfra I’ilg F kfla F fla F, s
F,, %% o F
F krea
F, creaI
R L
RE

Figure 4.4: Axial and shear forces (front view).
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81 =z, — 0,0, —5,0,)—(2+Db0+a0)lsin (4.1)
8 o =z, —ap, +,0,)—(2—b,0 + ap)lsin 4.2)
3., =2, ta,@, —(z—a,p) 4.3)
where &,,,d,,and J,,, are the axial deflections of the front-left, front-right and rear

mounts, respectively. ¢, ¢, are the inclination angles of the front-left and right mounts,

with respect to a horizontal axis, as shown in Figure 4.4. In a similar manner, the

deflection along the shear axis for the left and right mounts can be expressed as:

8y, =l(z, — a0, —b0,) - (z+b0+ap)lcose, 4.4)
s =2y ~ a0, +5,0,)—(z-b,0+ag)lcosa, (4.5)
5. =0 (4.6)
where 8, , ,, and J,,, are the shear deflections of the front-left, front-right and rear

mounts, respectively. The forces shown in Figure 4.4 utilize the subscripts * fl’and ‘ fr’

for the front-left and front-right mounts, and e’ for the rear mount. ‘c’and ‘k’ refers to

damping and spring constants, ‘a *for the axial force and ‘s’ for the shear force.

4.3 Engine Mounting System Model with Nonlinear Elastomeric Mount

4.3.1 Determination of Static Deflection of Rubber Mount
The rubber mounts invariably yield nonlinear force-deflection characteristics, as
described in section 3.2. The static deflections of the mounts are derived on the basis of

the static load distribution and the nonlinear force-deflection relationship presented in
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Equation (3.1). The loads shared by each mount are determined from the static
equilibrium, which yields:

a,w a,w

w, = ;and w, = 4.7)
a1+a2 a1+a2
b,w bw

w, =———;andw, =—7 (4.8)
b, +b, b, +b,

where w is the weight of the engine assembly, w, andw, are the loads shared by the
front and rear mounts, and w,andw, are the loads shared by left- and right-front mounts,
respectively. The constantsa,, a,, b, and b, define the geometry, as illustrated in Figures
4.1 to 4.4.

Denoting the total load shared by the left-and right- front mounts by F a and F Fs

the static forces could be related to the axial and shear forces developed by the elastic

mounts, such that:
;’:fj = Fkﬁa sin ¢, +ijjs cosay; j=1,r 4.9)
whereFkﬁa and kajs are the static forces developed by the front mount ( j =1[,r) along

the axial and shear directions, respectively. The axial force developed by the mount can

be derived from the force-displacement relationship defined in Equation (3.1), such that:

— = =2 -3 .
Fkﬁa:kflé‘jja +kf25ﬁa +kf35ﬁa; ]=l,r (410)
where k,,, k., and k., are the stiffness coefficients of the nonlinear elastic mount, and

)

7o 18 the axial deflection of mount j(j=1,r).

Considering that the engines are mostly installed in the roll plane, the static roll

deflection can be negligible (&, =0), when identical front mounts are used under
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symmetric load distribution in the roll plane. The static deflection of the mounts may thus
be simplified to:
O = (z, —a,0,)sin e,
Spa = (z, —a,p,)sin, (4.11)
The static forces developed by the front left and right mounts along the shear axis are:
Fus = ky_é—;ﬂs =k, (z, —a,¢,)c080; -
Fus =k, 0 =k, (2, —a,0,)c080, (4.12)
where & as and S s are the static deflections in the shear direction for the left- and right-

front mounts. Equations (4.7) to (4.12) yield the static force equilibrium for the front-left

and front-right mounts, which are derived by assuming linear stiffness coefficientk ,

such that:

b, a,w . 2 2 i3
X =k (z,—a@,)sin" o, +k ,(z, —a@,) sin”
b+b, a +a, 18 = AP SN + K (2 = ) ‘ (4.13)

3 .4 2
+kp(z, —a@,) sin” o +k (2, —a@,)cos” o

b, a,w . 2 2 i3
X =k.(z, —a sin“o, +k.,(z,—a sin” «.
b1+b2 a1+a2 fl( st 1¢st) 2 f2( st 1¢st) 2 (414)

3 s 4 2
+kf3(zs,—al%) sin a2+ky(zs,—al¢7st)cos a,

The static force equilibrium for the rear mount can also be derived in a similar

manner. Denoting the effective vertical force as Fr, and applying the nonlinear force-
deflection relationship, yields:

—f’:re = krl(zst + a2¢st) + kr2 (Zst + a2¢xt )2 + kr3(zst + a2¢xt)3 = ﬂ (4 15)

a, +(l2
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where k_,, k,and k, are the stiffness coefficients of the rear mount. Assuming

symmetrical mounting of the two front mounts (¢, =, = &), the total vertical load

supported by the front mounts can be expressed as:

koAl sin® @ +k,,Alsin® otk A sin® @+ kyA cos? @ - —28— =0 (4.16)
2a, +a,)

where m is the engine assembly mass, and A, =z, —a,@,, is the static deflection of the

mount.

The total vertical force developed by the rear mount can also be expressed.in a

similar manner, by letting A, =z, +a,¢,,:

a,mg

koA +k, A +k A, — =0 (4.17)

a, +a,
The static deflections A,and A, of the front and rear mounts can be determined by

solving for the roots of the polynomial equations (4.16) and (4.17), respectively. The

vertical and pitch static deflections of the engine assembly, z, and ¢, are then obtained

as:

g =ttt g, A (4.18)

4.3.2 Equations of Motion of the Engine-Mount System Model

The equations of motion for the coupled engine-mount system are formulated by
applying Newton’s second law of motion and by considering all the support forces, and
the input excitation force and moments. The coupled differential equations of motion

describing the vertical roll and pitch motion of the engine assembly are expressed as:
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Vertical motion

mi=F, +F, +F,, —mg+2}w (4.19)
Roll motion

10=M, +M

Jfrx + Mr&x + Z Mexj (4.20)

Pitch motion

Iﬁ=Mm+Mm+MW+ZMw - 4.21)

j=l

where I, and I, are the roll and pitch mass moments of inertia of the engine assembly
about the mass center, respectively. F, , m, and m, define the vertical excitation force,

and effective roll and pitch moment excitations, respectively. F,, , F, and F,, are the

rez
vertical components of the compression/extension forces developed by the front-left,
front-right and rear mounts, respectively. The mount forces are derived from the dynamic
deflections along the axial and shear directions, such that:

=(F, wia T Fopa )sin &, + (F, s T Fops ycos¢, 4.22)

( kfra cfra )Sln a2 + ( kfrs cfrs )COS aZ (4'23)
where the axial and shear elastic forces are derived from

F,

o =k 80 +k 582 k8% and By =k, 8,5 j=1,r (4.24)

o) g and o 4N the above equations define the deflection of mount j(j =I,r) along the

axial and shear axes, respectively, as defined in Equation (4.1), (4.2), (4.4) and (4.5). The
damping forces developed by the mounts are derived assuming linear viscous damping,

such that:
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F,

cfia = cfaSjja and Fcfjs =cfs5jj: ; .] = l’r (425)

The vertical force developed by the rear mount, in a similar manner, is expressed as a

combination of the nonlinear restoring force and linear dissipative force:

Fopp = Fpy + Foy (4.26)
where

F,, =k,0,, +k,0° +k,0°, (4.27)

Fpy ==C a2 = a,00) (4.28)

In the above equations,d,,, defines the deflection of the rear mount along the axial

axis, as described in Equation (4.3). The terms M ;. , M , and M, in Equation (4.20) are
the roll moments caused by the forces developed by the front and rear mounts,
respectively. While the force due to the centrally located rear mounts does not yield a roll
mount (M, =0), the axial and shear forces developed by the front left and right mounts
yield roll moment about the x-axis, expressed as:

M, =F,b~F,hadM, =-F,b,—F,h (4.29)
where h is the height of the front left and right mount, and F,, and F, are the lateral

forces caused by the front left and right mounts along the y direction, given by:

Fy, = (Fy, + F ) cos0 = (Fy +F g )sin (4.30)

A

F

oy = —(Fig + Fp)cosa, +(F + Fp)sina,

The terms M ,, , M , and M, in Equation (4.21), in a similar manner describe the
pitch moments caused by front and rear mount forces, given by:

M, =Fya, M, =F,a andM , =-F,a, (4.31)

rez
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The roll and pitch moment excitation in Equations (4.20) and (4.21), ZM w =M

j=

€x

and Z M, =M,,are described in Equations (2.33) and (2.40), respectively.

j=l

4.4  Engine Mounting System Model with Flexible Chamber Hydraulic Mounts

4.4.1 Determination of Static Deflections of the Hydraulic Mounts

The engine mounting system with hydraulic mounts is also modeled as a three-DOF
dynamic system, as illustrated in Figures 4.1 to 4.3, where nonlinear hydraulic mounts
replace the rubber mounts. The forces developed by the hydraulic mounts depend upon
the static equilibrium pressure and thus the static deflection. It is thus essential to
determine the static deflections of the mounts in order to derive the total forces. The static
vertical force developed by a mount comprises three components: (i) static axial force
due to the compliance of the rubber material; (ii) the shear force due to compliance of the
rubber material; and (iii) the hydraulic force.

The vertical component of forces developed by the front mounts can thus be

expressed as:

F=(Fua+Frg)sina+Figscosa; j=1,r (4.32)
where Fige and F i are the static axial and shear spring forces of the rubber material of
mount j(j=Lr), andfhﬁ is the static hydraulic force. Assuming linear compliance due
to the rubber material, the axial force developed by the mount,—Fkﬁa , can be expressed as:

Fige =k, Sp; j=Lr (4.33)
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where &, is the constant stiffness coefficient of the rubber material along the axial

direction and & fiais the axial deflection of the mount, given by:
850 = (2, —a,@,)sin (4.34)
The shear force component due to compliant rubber material can be derived from the

constant lateral stiffness & » and the deflection along the shear axis, F) 5s » given by:

Figs =k, 0 5s (4.35)
where
8 = (2, —a,p,)cosl (4.36)

The hydraulic force component developed by a front mount is related to the static
chamber pressure, P and the effective area A, as described in Equation (3.19). The
hydraulic force developed by the front mount is given by:

Fug = App (P = Pyr) (4.37)

The static force equilibrium for the front-left and right mounts can thus be expressed
as:

b a,w
2 X 2

=[k,(z, —a@,)sino + Py —P,;)]sin ¢
b1+b2 a1+a2 [ fa( K l¢.\t) 1 ATP( STF AT)] 1 (438)

2
+k, (2, —a,@,)cos” &

b a,w
1 X 2

=[k,(z,—a,@,)sina, + Py — P )]sin .
b1+b2 al+a2 [ fa( i 1¢t) 2 ATP( STF AT)] 2 (439)
tk,(z, a9, )cos® &,

The static force equilibrium for the rear mount can also be derived in a similar

manner, by considering negligible shear force component, such that:
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aw

= Koo (2 + 0, 0,) + Arp (P = Pyr) (4.40)

a +a,

where k, is the stiffness of the rubber material, J,,, =z, +a,@, is the static deflection

rea

of the rear mount, and P, is static chamber pressure of the rear mount.

4.4.2 Equations of Motion

The differential equations of motion for the three-DOF engine mount system with
compliant hydraulic' mounts are derived in a manner similar to that described in section
4.3. For linear compliant properties, the static forces developed by a mount are
considered to offset the static load imposed on the mount. The equations of motion are
thus derived upon consideration of the dynamic force components alone, while the
displacement coordinates (z, 8 and ¢ ) refer to the static equilibrium position. The
equations for the roll and pitch motions are thus identical to those expressed in Equations
(4.20) and (4.21), respectively, where the moments occur due to forces developed by the
hydraulic mounts. The equation for the vertical motion about the static equilibrium is

simplified to:

mi=F,+F, +F, +)F,_, (4.41)
j=1
where F, ,F, and F, are the vertical components of the forces developed by the front-

left, front-right and rear hydraulic mounts, respectively.
The vertical force developed by the front mount comprises the components due to

axial and shear forces (k,, andk, ; j =1,r) due to rubber material, hydraulic force (F,;)

and the damping forces due to rubber material ( F, and F; ; j =1, r), such that:
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Fo=(Fg +Fg +tFg)sina+(Fg +Fg

Jeosa; j=1,r (4.42)
where the components are derived from the constant stiffness and damping coefficient

(k,, andc,, ) and the dynamic deflections, &, , given by:

F,, =k,0, and F , =c,,0,; j=1lr (4.43)
where
p =(2+b0+ap)sin e and 8, =(z-b,0+ap)sina (4.44)

The hydraulic force component is derived from the effective area of the top chamber

and the instantaneous fluid pressure in the top chamber, P (j=1,r), such that

Fhfj = App (})TF] — FPorp) (4.45)
The restoring and damping forces along the shear axis ( F; and F; ) are derived

assuming constant stiffness and damping coefficients:

Fy =ky0y and Fy =¢85 j=1,r (4.46)
8y =(z+b0+ap)cosa and &, =(z—b,0+ap)cosa (4.47)

The dynamic vertical force developed by the rear mount is expressed in a similar
manner as:

F_=F_+F +F

rez krea crea hre

(4.48)

where F,__and F,_  are the stiffness and damping forces due to the compliant mount and

krea crea

F,,, is the hydraulic force component.

Assuming constant stiffness and damping coefficients, the stiffness and damping

forces are derived from:

Fkrea = —krea (Z - a2¢) (449)
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. =—Cpe (2 —a,@) (4.50)

crea

The hydraulic force developed by the rear mount is dependent upon the

instantaneous fluid pressure in the top mount, Py, , and is given by:

Fy,. = App (Prp = Pygg) (4.51)
where P, is the top chamber static fluid pressure.

The roll moment generated by the axial and shear forces developed by the front-left
and front-right mounts can be derived from the vertical and lateral components of the

forces, such that:

M, =Fyb ~Fyh (4.52)

M, =~F,b,~F,h (4.53)

frx =
where the lateral force developed by the front-left and front-right mounts can be derived
from the elastic and hydraulic force components, as:

Fy, = (F,

+ Fp, + Fyp)cosa —(Fiy + F g )sing, (4.54)

a

Fo, =—(Fy, + F

ia T Fip)€Os 0y + (Fipy + F i )sin @, (4.55)
The pitch moments developed by the forces due to three mounts about the y-axis, are
derived in a manner similar to that used in section 4.3. The pitch moments due to front-

left, (M 4, ), front-right (M ;) and rear (M ,, ) mounts are expressed as:

rey

M, =Fpa,M, =F,a and M, =~F, a, (4.56)
Equations (4.19) to (4.21) together with Equations (4.22) to (4.31) completely
describe the forces and moments developed by nonlinear elastic mounts and thus the

dynamic motions of the coupled engine-mount system with elastic mounts, Equations

(4.20), (4.21) and (4.41), together with Equations (4.42) to (4.56) describe the forces and
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moments developed by compliant hydraulic mount and thus the dynamic motion of the

engine assembly.

4.4.3 Method of Solution

The solution of differential equations of motion for the hydraulic mounts
necessitates the determination of the static characteristics of the three hydraulic mounts,
specifically the static fluid pressure, under a given load distribution. Owing to the
symmetric location of the front mounts in the roll plane and negligible static roll
deflection, the two front mounts will have the same stafic deflection. The rear mount,
however, undergoes different static deflection due to different static load supported by
this mount and static pitch inclination of the engine assembly. The deflection of the
engine mass center can be derived from the static deflections of the different mount. The
dynamic response of the engine mass center is also governed by the three static and
dynamic chamber pressures. The method of solution and the computational procedure for
the hydraulic mount system is described below:

The static pressures of fluid within the front and rear mounts, and the static

deflections ( z, and ¢, ) of the engine mass center are computing using the static

equilibrium equations, as described in section 3.4.2. At static equilibrium, the

relationship between the chamber pressure of the front and rear mounts,

Py, (j=fl, fr,re), and volume change Vi, and Ve, (j= fl, fr,re), for the top and

bottom chambers are derived from Equation (3.29), such that: (3.28)
3 @ 3 2
Py =P+ CoVr =P+ Y. CpViadn s j=fl, frore 4.57)
i=1 i=1
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where the regression coefficients C,, and Cy,of the hydraulic mount are shown in Table
3.2. The static forces developed by the front and rear mounts Fg; ( j = fl, fr,re) are

computed from Equation (3.28), and expressed as:

Vi, ) ,
Fo; = Ksr(—j:” )+ ATP[Z CB,-Vé’;"Tj} s j=fl, fr.re (4.58)
P i=1

Using the static equilibrium for the front-left mount and rear mount, shown in

Equation (4.38) and (4.40), and by combining Equations (4.57) and (4.58), yields:

3

P I (AN S C oV [X10" kg (Vagre | 43y X10Isin

b+b, a+a, i=1 4.59)
. cos’x |
+k 5 (Vasre [ App ) X107 X———
smo
3

a'll'w = ATP I:Z CBiVBﬂ;TR } X 103 + kreas (VBSTR / ATP ) X 10_6 (460)

aqTa, i=l

The above equations are solved to compute the static volume of fluids in the bottom

chambers of front and rear mounts, V. and V.. . Furthermore, the static pressure of
fluid in the front and rear mounts, Py, (j= fl, fr,re), and top chamber volume changes
Visr; (j = fl, fr,re) are derived from Equation (4.57). The deflections of the front and
rear mount along the axial direction at static equilibrium, X, (j= fl, fr,re), are then
obtained from Equation (3.22), such that:
X = Vi +Vasp) App s =11, frre (4.61)
The static axial deflection of the front and rear mounts, X ;. and X, can also be

expressed from Equation (4.11), as:
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(z, —a@,)sina =X g

(z, +ta,p,)sinax=X gy, (4.62)

The static displacement of the engine mass center z,, and ¢, are thus derivable from
Equation (4.62), and given by:

_ a X +a,Xgr

st

(a, +a,)sinx

X —X
0, = STR STF

= 4.63
(a, +a,)sinx (4.63)

The instantaneous pressure of fluid in the top and bottom chambers of the front-left,

front-right and rear mounts is related to the fluid volume changes. The top chamber

pressure of the front-left, front-right and rear mounts, P, (j=fl, fr,re), can be derived

from Equation (3.25), such that:
3
Py =Py +Y CAVy  for AV, >0 j=fl, frore (4.64)
i=1

The instantaneous pressure is further related to the entrapped air volume V, in
Equation (3.38), such that:

By =P,V IV, for AV, <O j=fl, fr,re (4.65)

The bottom chamber fluid pressure, Py, (j = fL, fr,re), is derived in a similar manner

from Equation (3.26), as:

3
Py =P, +Y ChAVy for AVy, >0; j=fl, fr,re (4.66)

i=1

The total volume of the entrapped air in the fluid, Vi,;(j = fl, fr,re), is expressed as:

Vi =V +|AV |5 j = fi, fr,re (4.67)

\/
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The change in the top chamber volume of the mounts, AVTj (j= A1, fr,re), is related
to the static volume and the relative deflection of the mount along the axial direction:

AV =Vig + Vi, — Appx;s j = fl, frire (4.68)

Here, the relative displacements of the front-left, front-right and rear mounts
x;(j= fl, fr,re) are derived from:

xg =(z+b0+a@)sina

x, =(z—-b,0+a,@)sinc

X, =2—a,p (4.69)

Equation (3.42) can be applied to determine the bottom chamber volume change,
AV (j= fl, fr,re), such that:

AV = V5 +Vaes J= JL, fr,re

Moreover, the total volume of fluid transferred from one chamber to the other,

Vig; ( j=fl, fr,re ), derived from Equation (3.41), is related to the orifice flows,

Qy; (j= 11, fr,re), given by:

The motions for bounce z, roll @ and pitch ¢, as described by their respective

equations of motion (4.20), (4.21) and (4.41), are finally solved in conjunction with
Equations (4.42) to (4.70) to determine the bounce, roll and pitch deflections of the
engine assembly. Equations (4.57) to (4.70) further define the static and dynamic

characteristics of the hydraulic mounts.
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4.5 Summary

A three-DOF engine mounting system model is formulated using the bounce, roll
and pitch motions of the engine assembly as the generalized coordinates. The engine
excitation forces, derived in Chapter 2, are applied to determine the forces and moments
developed by the mounts. Two different analyticall models are formulated for the
nonlinear rubber mounts and flexible chamber hydraulic mounts. The static load due to
the engine assembly was considered in the elastic mounts model due to the nonlinearity
of the rubber mounts. For the hydraulic mounts, the three hydraulic mounts were
considered to exhibit different static, as well as dynamic deflections due to differences in
their chamber pressures, volume changes as well as flow rates, caused by different static
loads. The simplified three-DOF engine mounting system models can provide the
essential performance of characteristics in terms of the bounce, roll and pitch motions
under representative excitation force. The two orifices flexible chamber hydraulic mounts
are applied in the system model to derive the response characteristics that are presented in

the following chapter.
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CHAPTER 5

CHARACTERISTICS OF THREE-DOF ENGINE MOUNTING SYSTEM

5.1 General

Internal combustion engines are known to transmit significant levels of vibration
caused by the forces due to combustion and the unbalance. A well-designed engine
mounting system should effectively isolate the vibration transmitted from the engine to
the chassis of the vehicle and thus the occupant [16]. The coupled engine-mounts system,
analytically modeled in Chapter 4, is described by a three-DOF dynamical system
comprising the vertical, roll and pitch motions of the engine assembly. The engine
excitation forces arising from the firing pulses, inertial forces and the torques, described
in Section 2.2, are applied for the vibration isolation analysis of the engine mount system.
Two different analytical models of the engine assembly with, the nonlinear rubber
mounts and flexible chamber hydraulic mounts with two orifices, are employed in the
coupled three-DOF engine mount system.

In this chapter, the nonlinear static and dynamic properties of the three-DOF engine
mount system with both, elastomeric and hydraulic mounts, are analyzed in order to
evaluate the performance characteristics of the engine mount system. For the hydraulic
mount, the performance characteristics are also illustrated in terms of intermediate
physical variables, such as orifice flow, top chamber pressure and the damping force. The
transmitted force, as well as the vibration transmissibility under engine excitation force

and moments remains the primary performance measure.
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5.2 Characterization of the Three-DOF System Model with Elatomeric Mounts

5.2.1 Static Equilibrium

The three-DOF engine mount system model combines three elastomeric or hydraulic
mounts to support the engine load. The static deflection of each mount is determined
from the distribution of the engine load on the mounts and the static properties of the
mounts. The parameters, used in the analysis of the three-DOF system engine mount
model, are summarized in Table 5.1, which are based upon engine parameters reported in
[67]. The parameters of the front two mounts are identical to those described in Chapter 3,
while those of the rear mount are chosen in accordance with the static load on the mount.

The stiffness coefficients of the rear elastomeric mount (%, , k,,andk,,) and that of the

rear hydraulic mount (k, ), are obtained from the static engine load imposed on the rear

rea
mount, as described in Equation (4.7). The results suggest a relatively softer rear mount
when compared to the effective stiffness of the two front mounts. The engine assembly
thus undergoes a small magnitude of static pitch deflection.

For the elastomeric mounts, the static equilibrium responses are derived by solving
for the roots of the polynomial expressions described in equations (4.16) and (4.17). The
static vertical and pitch displacements of the mass center of the engine assembly are

evaluated as, z, =-0.0032 m and ¢, =0.0049 rad. The corresponding deflections of the

are evaluated as: -0.0017 m and -0.0049 m,

str

front and rear mounts z, and z

respectively.
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Table 5.1: Simulation parameters for three-DOF engine mounting system with

elastomeric and hydraulic mounts

Parameter Value

Engine mass, m (kg) 139.5

Mass moments of inertia, I and [ y (kgmz) 3.505 and 8.473
Distance between two adjoining cylinders center lines, d,(m) 0.100

Top area of the engine piston, A (m*) 0.00665
Longitudinal locations of mounts, a, and a, (m) 0.300 and 0.350
Lateral locations of mounts,b, and b, (m) 0.300 and 0.300
Vertical locations of mounts, A (m) 0.200

45°

Inclination of the front mounts in the lateral plane, «

Axial stiffness coefficients of the front rubber mount,
k; (N/mm), kp, (N/mm®) and k5 (N/mm’)

160, -24 and 1.4

Axial stiffness coefficients of the rear rubber mounts,
k,(N/mm), k,,(N/mm*)andk,, (N/mm’)

272, -40.8 and 2.38

Shear stiffness of the front rubber mount, &k, (kN /m ) 304
Axial damping coefficient of the front rubber mount, ¢ a (Ns/m) 300
Axial damping coefficient of the rear rubber mount, c,,, (Ns/m) 300
Shear damping coefficient of the front rubber mount, ¢, (Ns/m) 150
Axial static stiffness of the front hydraulic mount, &, (kN /m) 200
Shear static stiffness of the front hydraulic mount, k s (kN/m) 200
Axial static stiffness of the rear hydraulic mount, &, (kN /m) 280
Axial stiffness of the front hydraulic mount, k ;, (kN /m) 280
Shear stiffness of the front hydraulic mount, &k, (KN /m) 392
Axial stiffness of the rear hydraulic mount, k,,, (kN /m) 392
Axial damping coefficient of the front hydraulic mount, c,, (Ns/m) | 140
Axial damping coefficient of the rear hydraulic mount, c,,, (Ns/m) | 140
Shear damping coefficient of the front hydraulic mount, ¢, (Ns/m) | 100
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5.2.2 Dynamic Responses of the Engine-mount System with Elestomeric Mounts

The dynamic response charatcteristics of the three-DOF engine mount system model
with elastomeric mounts are evaluated through analyses of the nonlinear differential
equations of motion formulated in Section 4.3.2. The static deflections of individual
mounts are considered in the dynamic simulation process due to the nonlinearity of the
elastomeric mount. The stiffness properties of the rubbef mounts galong the shear axis are
also incorporated in the analyses as described in the model. The analyses are performed
under engine excitations, arising from the unbalance force/moment due to reciprocating
components, and the gas forces along the bounce, roll and pitch axis. The variations in
the gas pressure, described in Section 2.4, are discretized and applied to the model as a
function of the crank angle. The discretized values of the gas pressure variations are
obtained from the data presented in Figure 2.8, which are subsequently smoothened by
using an interpolation approach.

Figure 5.1, as an example, illustrates the time-histories of the displacement responses
of the engine mass, under excitations arising the discretized gas pressure and unbalance
force due to reciprocating components. The results are presented for an engine speed of
3000 rpm, considered to be more frequently used speed for automotive engines. The
results show oscillations at the primary frequency of 50 Hz corresponding to the chosen
rpm, while the presence of secondary frequency components equal to twice the primary
frequency is also observed. This second frequency component is more apparent from the
vertical displacement response, which is mostly associated with the vertical unbalance
force, as described in Equation (2.11). The magnitude of this particular spectral

component in the roll response is relatively small due to weak coupling between the
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vertical and roll motions. The results further show relatively small magnitudes of pitch

and roll deflections of the engine mass.
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Figure 5.1: Time histories of engine mass displacement along the bounce, roll and pitch
axes, under engine excitations at 3000rpm.
The responses are further evaluated over a wide speed range and expressed in terms
of performance measures, namely, the transmitted force and vibration transmissibility.
Owing to the asymmetric and non-harmonic responses, the magnitudes of the transmitted

force and vibration are evaluated in terms of RMS quantities from Equations (3.7) to
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(3.10). The dynamic properties of the elastomeric engine-mount system are evaluated
over the entire range of frequencies of the related engine speed of 1-6000 rpm.

Figures 5.2, 5.3 and 5.4 illustrate the RMS magnitudes of excitation force or moment,
transmitted force or moment and force/ moment transmissibility along the vertical, roll

and pitch axes, respectively.
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Figure 5.2: Vertical RMS excitation and transmitted forces, and force transmissibility
responses of the three-DOF engine mount system model with elastomeric
mounts
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Figure 5.3: RMS values of excitation and transmitted moment along the roll axis, and the
moment transmissibility of the three DOF engine-mount system model with
elastomeric mounts.
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Figure 5.4: RMS values of excitation and transmitted moment along the pitch axis, and
the moment transmissibility of the three-DOF engine-mount system model
with elastomeric mounts.

The magnitudes of transmitted force or moment corresponding to a particular engine
speed are computed from equations (4.19) to (4.21), presented in section 4.3.2. The force
and moments transmitted to the chassis along the vertical, roll and pitch axes are derived
from:

Vertical axis
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F,=F,+F, +F, —mg (5.1)

reg

Roll axis

M, =M, +M, +M,_, (5.2)

Pitch axis

M, =M, +M, +M,, 5.3)
where F,, M, and M are the vertical force, roll moment and pitch moment transmitted

to the chassis.

The steady-state force and moments are expressed in terms of their respective RMS
values. The force/moment transmissibility values corresponding to different operating
speeds are computed from the ratio of the RMS transmitted force/moment to the RMS
excitation force/moment. The transmitted force/moment and the transmissibility ratios are
the primary performance criteria for the engine mounting system, as mentioned in
Chapter 2. The results show that the peak values of transmitted vertical force, and roll
and pitch moments approach 760 N at 900 rpm, 30 Nm near 1200 rpm and 260 Nm near
900 rpm, respectively. The results suggest that the influence of bounce motion is most
significant in view of the force transmitted to the vehicle chassis, which is mostly
attributed to the engine unbalanced inertia force excitation. On the contrary, the influence
of roll motion appears to be relatively small when compared with the moment caused by
the pitch motion.

The excitation force and moments tend to increase in proportion to the square of the
speed, suggesting major contributions due to the unbalance effects. The force
transmissibility ratio reveals peaks near 300, 360 and 900 rpm, which correspond to

frequencies of 10, 12 and 30 Hz, respectively. The roll moment transmissibility response,
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in a similar manner reveals peaks near 360 and 1200 rpm or 12 and 40 Hz. The peak
values of the pitch moment transmissibility are observed near 300, 360, 900 rpm,
identical to those observed for the vertical force transmissibility. These frequencies are
associated with the vertical, roll and pitch mode frequencies of the engine-mount system.
The results further show that the peak transmissibility ratios approach 6, 6.8 and 2.9 in
the bounce, roll and pitch axes, respectively, corresponding to natural frequency 10, 12
and 30 Hz. The results clearly show significant amplification of the force and moments in
the vicinity of the resonant frequencies of the engine-mount system with elastomeric

mounts.

5.3 Response Characteristics of the Three-DOF Engine-mount System with
Hydraulic Mount

Owing to the pitch inclination of the engine assembly, the front and rear hydraulic
mounts support different static loads and thereby yield different values of static pressures
and volumes of the hydraulic chambers. The static deflections, pressures and chamber
volumes of the front and rear mounts are computed using the methodology described in
Section 4.4.3. Table 5.2 summarizes the static response quantities for the three-DOF
engine mount system employing hydraulic mounts with two orifices. The table also

summaries the static deflections of the mounts (X g and X i) and those of the engine
mass center (z,and@, ). The results suggest slightly higher pressure and thus higher

deflection of the rear mount. The resulting top chamber volume change of the front

mounts is thus lower than that of the rear mount.
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Table 5.2: Static response quantities of the three-DOF hydraulic mount system

P, (kPa) Py (kPa) Visr (€C) Visrr (€€) Visrr (€C)
102.0 103.4 0.17 6.50 0.31
Vs (€€) X s7p (mm) X sz (mm) z,, (mm) @, (mm)
11.15 -0.0013 -0.0025 -0.0023 0.0021

The differential equations of motion derived for the three-DOF model, presented in
Section 4.4.2, are solved to determine the dynamic responses of the individual mount and
the overall engine—mpunt system in terms of the transmitted force and moments. Figures
5.5 to 5.7 illustrate the dynamic responses of the front and rear mounts, respectively,
under engine excitations caused by unbalance force and gas pressure, at a frequency of 15
Hz. The results show only minimal change in the fluid volume of the top chamber of the
three mounts, which is attributed to lower compliance of the bottom chamber, as
described earlier in Section 3.4.3. The negative change in the volumes of the top
chambers cause the chambers in a state of vacuum, as observed from the results attained
from the single-DOF model of the mounts. Moreover, the volumes and thus the pressures
of fluid in the top chambers vary in a highly asymmetric manner, where the pressure
values approach as low as 92 and 89 kPa, with respect to front-left and front-right mounts.
This trend of sub-atmospheric pressure for the mounts agrees quite well with the
experimentally obtained pressure for a hydraulic mount reported in [37]. The peak values
of the pressure of the top chambers approach near 111 and 113 kPa for the two mounts.
- The variations in the bottom chambers pressures are very low compared to those of the
top chambers, due to the high compliance nature of the bottom chambers, where peak-to-
peak difference is observed to occur in the 0.9-4.4 kPa range. The changes in the volumes

of the top and bottom chambers of the rear mount, however, are observed to be larger
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then those obtained for the front mounts. This is attributed to its higher effective axial

stiffness. While the top chamber pressure approaches significant vacuum state (minimum

pressure =65 kPa), the bottom chamber pressures remains just above the atmospheric

pressure. The volume-pressure relationships of all three mounts are observed to be

nonlinear, while the volume change increases with the fluid pressure.
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Figure 5.5: Variation in the pressure & volume of the two chambers in a three-DOF
system (front left mount).
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Figure 5.7: Variation in the pressure & volume of the two chambers in a three-DOF
system (rear mount).

Figures 5.8 to 5.10 show the time-histories of the responses in terms of transmitted

force, hydraulic damping force and flow rate for the three individual mounts. The peak
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values of the transmitted forces approach peak magnitudes of 70, 90, and 550 N for front-
left, front-right and rear mounts, while the corresponding hydraulic damping forces
approach as 45, 50, and approximately 310 N, respectively. The variations in the
damping are observed to be non-harmonic due to turbulent flows through the orifices.
The considerably higher flow rates of the rear mount is attributed to high relative motion
across the mount, which is most likely caused by the pitch mode oscillation of the engine
mass. This tends to cause very high transmitted force at the rear mount. The figures also
show the force-velocity properties of the three mounts, which show significantly higher
relative velocity of the rear mount and thus the magnitude of the damping force. The
results show that the damping coefficient of the mounts increases progressively with the
relative velocity, while the damping coefficient is low in the vicinity of lower velocities.
The results also show that a positive flow occurs from the bottom chamber to the top
chamber (reverse flow), and a negative flow occurs from the top to the bottom chamber
(forward flow). The variations in the flow rate of the mounts exhibit strong differences
between the front and the rear mounts, which is partly attributed to the load distribution
and the orifice sizes. The asymmetric orifice flow rate characteristics show lower peak to
peak changes for the two front mounts, which is attributed to relatively lower load
supported by each mount. The asymmetric nature of fluid flow in the reverse and forward
directions is caused by the relative compliance properties of the top and bottom chambers.
The figures also illustrate that the magnitudes of the top chamber pressures and
transmitted forces of the front mounts are lower, compared with the results obtained for
the single-DOF system model due to the load being shared by the front and rear mounts

in the three-DOF system model.

122



Figure 5.8: Variation in the transmitted force, hydraulic damping force and flow in a
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Figure 5.10: Variation in the transmitted force, hydraulic damping force and flow in a
three-DOF system (rear mount).

The response characteristics of the engine-mount system with hydraulic mounts are
further evaluated in terms of transmitted force/moment and the corresponding
transmissibility ratios as a function of the engine speed. Figures 5.11 to 5.13 illustrate the
RMS magnitudes of excitation force or moment, transmitted force or moment and
transmissiblility ratio responses along the vertical, roll and pitch axes, respectively, under
the excitations arising from the unbalance and the gas pressure variations. The results
show significant magnitude to the transmitted force around the engine speed of 1250 rpm.
The peak magnitude of this force, which approaches 500 N, is much lower to that
attained with the elastomeric mounts, while the corresponding engine speed is higher
than that obtained for the elastomeric mounts (near 900 rpm). This is attributed to its
higher bounce and pitch mode natural frequencies. The peak value of the force

124



transmissibility ratio of the hydraulic mounts system occurs near 300 rpm, while its

magnitude of 5.7 is slightly lower than that attained with the elastomeric mounts.

The peak values of transmitted roll and pitch moments is apparently observed to

approach 3.4 and 400 Nm near 500 and 1250 rpm, while the magnitude of roll

transmitted moment shows much lower than that appears in elastomeric mounts model,

however, the magnitude of the pitch moment reveal quite higher than that attained from

the elastomeric model. Furthermore, the peak transmissibility ratios appear as 5.2 and 2.3

in roll and pitch axes, respectively, and corresponding to the engine speeds of 130 and

1250 rpm.
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Figure 5.11: Vertical RMS excitation and transmitted forces, and force transmissibility
response of the three-DOF engine-mount system model with hydraulic

mounts.
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Figure 5.12: RMS values of excitation and transmitted moment, along the roll axis, and
the moment transmissibility of the three-DOF engine-mount system model
with hydraulic mounts.
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Figure 5.13: RMS values of excitation and transmitted moment, along the pitch axis, and
the moment transmissibility of the three-DOF engine-mount system model
with hydraulic mounts.

54 Summary

In this chapter, the response characteristics of the 3DOF engine mount system model,
with rubber and hydraulic mounts, are evaluated under excitations. The probable natural
frequencies and the modes of the two nonlinear models are identified from the forced
responses, arising from the unbalance and the gas pressure variations. It is evaluated for

the individual hydraulic mounts and the total engine-mount systems, and the responses
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are presented in terms of the RMS transmitted forces and moments, and the
transmissilibity ratio along the vertical, roll and pitch axes.

The transmissibility responses of the hydraulic mounts system in bounce, roll and
pitch axes are observed to be lower than those of the rubber system. The peak values of
the transmitted bounce force for the hydraulic mount model is quite lower, while the
hydraulic mounts also yield improved performance in roll. The peak value of the
transmitted roll moment was only 3.4 Nm, compared to 30 Nm for the elastomeric
mounts system. The hydraulic mounts, however, cause excursive pitch moment, with
peak magnitude of 400 Nm, which is much higher than the peak magnitude of the pitch
moment caused by the elastomeric mounts. The results also show that the engine mount
system with hydraulic mounts yields lower natural frequency in roll and higher natural
frequency of the pitch mode. This is most likely attributed to the uneven axial stiffness of
the front and rear mounts. The pitch moment and the vertical force transmissibility of the
mounting system could be enhanced by adequate selection and tuning of the mounts
properties. A softer elastomeric mount, however, may provide good performance at
higher frequencies but could cause shock excitation caused by sudden acceleration or

deceleration at low frequencies.
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CHAPTER 6

OPTIMIZATION OF THE ENGINE MOUNT SYSTEM

6.1 General

The negative effects from engine vibrations such as dynamic forces and moments
can be reduced by the judicious selection of the position and the characteristics of the
engine mount system [67]. The performance characteristics of the three-DOF engine
mount system with elastomeric and hydraulic mounts are evaluated in Chapter 5. The
nonlinear properties of the coupled system, including bounce, roll and pitch motions, are
analyzed under engine excitations. In this chapter, a well-known Sequential Quadratic
Programming (SQP) optimization method is selected for the elastomeric mount system to
minimize the transmitted force and moments from the engine to the vehicle chassis.

The objective function based on the total transmitted forces and moments in the
entire frequency range of interest for all of the mounts is minimized. Weighting factors
representing the rank of the effect of each force or moment are applied in the objective
function. The optimization program fmincon, the nonlinear constrained multi-variable
optimization technique, is used to determine the mount design parameters which
minimize the transmitted forces in the mounts, subject to constraints on the maximum
allowable deflection of the engine to static forces [64]. The design parameters considered
are stiffness, damping coefficient and orientation of each individual engine mount. The
characteristics of the engine mount system with hydraulic mount are finally simulated at
the optimal location of the elastomeric mount system, in order to compare the

performances of the two systems.
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6.2 Objective Function for Elastomeric Mounts

Different objectives were considered for the current optimization work. One
objective is to tune the natural frequency of the engine mounting system to some desired
range to avoid resonance and to improve the isolation of vibration, noises and shock
excitation. Swanson et al. [65] showed that the transmitted force could be directly
minimized in order to determine a truly optimal design of the mounts. The latter
approach is applied in this thesis to minimize transmitted forces from the engine to the
foundation in the excitation frequency range of 2-200Hz, which corresponds to the
engine speed of 60-6000rpm. In order to save computer-running time, twenty frequencies
with unequal intervals were used in the optimization program.

The objective function U for this study is defined as the sum of the RMS values of
the transmitted forces and moments from bounce, roll and pitch vibrations. By applying
weighting factors for the RMS values, one can adjust the computed values in different
frequencies to allow for their significance in a particular context. The objective function
is obtained by considering the transmitted force and moments in the entire frequency
range. Twenty frequencies are selected and divided into two frequency bands. The ten
frequencies selected in the low frequency band are from 2-51Hz, which includes all the
frequencies where peak values of transmitted force/moment occur, while another ten
frequencies are selected in the high frequency band of 51-200Hz. The peak values at the
low frequency band and the maximum values at the high frequency band are employed,
respectively. The rest of the transmitted force and moment values in the two frequency
bands also play an important role in order to reduce the transmitted force in the entire
frequency range. Therefore, the sum of the corresponding forces is also taken into

account in the objective function.
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The weighted transmitted force and moments in bounce, roll and pitch axes at low
and high frequencies are thus represented in four separate equations, such that:

1. Weighted three peak values of transmitted force and moments at low frequency
band are expressed as:

F, = o [max(F, ,.;i=12,..10)]+a,[max(M ,; _,;i=12,.10)] .

+a[max(M,, ;i =12,...10)]

tyi_rms ?
where i is the number of the selected frequencies, iis from 1 to 10 in low frequency
band.

2. Weighted three maximum values of transmitted force and moments at the high
frequency band is given as:

F,

s = Qo [max(F, . 3i = 1112,..20)] + @, [max(M i =11,12,..20)]

i=11,12,..20)]

txi _rms* (62)
+ Oy [max(M

tyi _rms >
where the number of the selected frequencies i is from 11-20 in high frequency band.

3. Weighted sum value of three transmitted force and moments at low frequency

band, excluding the frequencies selected in Equation (6.1), is described as:

10 10 10
F, =a31<\/z . +\/2M;,-_,m +\/2M;i_m> 63
i=1 i=1 i=1

where, i does not include the one selected in Equation (6.1).
4. Weighted sum value of three transmitted force and moments at high frequency

band, excluding the frequencies selected in Equation (6.2), such that:

i=11 i=11

20 20 20
Es_2 = a32(\/ZEi2_rms +\/ZMt,2ti_rms +J2Mt§11_rms) (6'4)
i=11

where i does not include the one selected in Equation (6.2).
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5. The objective function is finally formed by the four terms described above, such
that:

U=F

..

1 + Ep_Z + Es_l + F‘ts_Z (65)

where, &, 0, , Q0 , Oy , Oy , Oy, Oy, are weighting factors used to represent the

importance of the relevant terms. Weighting factors are user-defined numbers ranging

from zero to one. The weighting factors, «,,, ¢, and ¢;;, which represent the peak

values of the transmitted force and moments are selected larger due to their significant
effect on the characteristics of the vibration isolation of the ehgine mount system.

F,

w1 and F,, , are the weighted sum of the peak values of the RMS of the

[/

transmitted force and moments in the low and high frequency band, respectively. F,; ,

and F,

Is_

, are the weighted sum of the RMS of the transmitted force and moments
excluding the values corresponding to the peak response as identified by F,, ;, and F,, ,.

F are the overall RMS value of the transmitted force and

ti_ms

M and M

txi_rms tyi _rms
moments, along the vertical, roll and pitch axes.

The constraints are imposed to limit the displacement of the engine in bounce, roll
and pitch motion. The constraints for static deflection of the engine mass center are
limited in the vertical and pitch axes, due to the roll angle which is set to zero at the static
equilibrium and expressed as:

Z, <S¢ (6.6)

P, <c, 6.7)

where ¢, ¢, are constants and are the maximum allowable static displacement of the
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engine. The constraints for the dynamic displacements of the engine in bounce, roll and

pitch axes are given as:

max(z;) <S¢, , (6.8)
max(é,) <c, 6.9)
max(@,) < cs 6.10)

where i=1, 2...20, c,and ¢, are constants and are the maximum allowable dynamic

displacement of the engine. In addition, constraints must be imposed to keep the design
variables within the lower (/b ) and upper (ué ) i)ounds:

Ib<b<ub (6.11)
where, b represents variables applied in the optimal process. The stiffness coefficients of

front and rear mounts k,, k;,, k;3, k,.,k,,, k,5, k, and the damping coefficients ¢, ,

and c,, of the front and rear mounts, as well as the engine mounts location

Cp

parameters q,,a,,b,,b,,h,a are considered as the sixteen variables in the optimization

process.

6.3 Optimization Method

For the purpose of effectively minimizing the total amount of transmitted forces
from engine to chassis, the target value which is considered as the value of the objective
function is computed by using the optimization program. The flow chart of the
optimization process is shown in Figure 6.1.

The optimization program fmincon, which is chosen from the MATLAB
optimization package, is applied to find a minimum of a constrained nonlinear

multivariable function. The algorithm fmincon uses a Sequential Quadratic Programming
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(SQP) method. The SQP implementation consists of three main stages: updating of the
Hessian matrix of the Lagrangian function, solving a Quadratic Programming (QP)
subproblem at each iteration, and performing a line search using a merit function. The QP
subproblem is solved using an active set strategy. The solution procedure involves two
phases. The first phase involves the calculation of a starting point. The second phase
involves the generation of an iterative sequence of feasible points that converge to the
solution. In this method an active set is maintained that is an estimate of the active
constraints at the solution point. As a result, the SQP method is widely used for solving
nonlinear constrained optimization problems in terms of minimizing computer time and

number of function evaluations.

Starting points

* Evaluate new starting points

Y A

Compute objective function

h 4

Calculate Hessian of function

A Yes
Convergence — Optimal

No

Line search

Figure 6.1: Algorithm of optimization
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6.4 Optimization Results for Elastomeric Mounts

To optimize the objective function U, the transmitted forces are obtained by solving the
differential equations (4.19), (4.20) and (4.21). The design parameters, shown in Table
5.1, are considered as initial conditions to complete the optimization. The design
constrains for nominal design parameters are determined in reference to paper [67].
Typically, due to engine bay space limitations, the engine mount locations may be
constrained. The design constraints, including mount stiffness and damping coefficients,
as well as mount lpcgtion, are shown in Table 6.1. The engine and mount displacements,
including both static and dynamic motion for engine mass center and each individual
mounts, are also constrained, owing to the limitation of the engine bay. The
corresponding constrains, shown in Table 6.2, are selected as referred to in paper [57].

Table 6.3 presents the weighting factors of the objective function, which are
empirical coefficients that determine the influence of the dynamic transmitted forces and
moments to enable different dimensions to be converted into a unique one. A few trial
iterations were performed to select the correct weighting factors, which can minimize the
optimal value of the objective function. The weights for the peak of transmitted force and
pitch moment in the low frequency band are selected to be larger values owing to their
large magnitudes, while roll transmitted moment has minor effect due to its small values.
The factors for the sum of the other transmitted force and moments are much smaller
compared to the former. The optimal result proved that the influences of the peak value
of transmitted force and moments are significant on the objective function.

It is well known that all methods of nonlinear programming will converge to the
nearest minimum but depends on the proper estimation of the starting points of the

optimizing parameters [67, 55]. The trail method is used to start the optimization program.
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The nominal parameters determined from the analysis in Chapter 5 are used as the initial
condition of the optimization operation at the first iteration. The optimal result from the
first iteration is used as a feedback to modify the initial values for the next iteration. This
method is repeated until the final optimal result is reached. The nominal design
parameters, the initial conditions of the final iteration in the optimal process and the
optimal results for the sixteen parameters are listed in Table 6.4. The comparison

between nominal design and optimal result can thus be implemented. The optimal results

appear. that the stiffness coefficient of the front mount (k,, ) decreased from 160 to

127.79 N/ mm. The stiffness coefficient of the rear mount (k,,) shows a slight decrease
from 272 to 252.53. The damping coefficients of the front and rear mount are also
decreased. On the other hand, the locations and the inclination angle of the mounts are
adjusted slightly. The front and rear mounts are located closer in the longitudinal
direction in the optimal result and the distance between the front left and right mounts is
wider to some extent. The optimal inclination angle of the front mounts on roll
plane, 54.2°, is larger than the nominal angle 45° However, the static deflection of the
mounts shows larger than that of the nominal design due to the mount softening in the
optimal results. A comparison of the target value, between that of nominal and optimal
results, shows a decrease from 304.30 to 27.25. The ratio of the target value reduction is

up to 91%.
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Table 6.1: The band of nominal design parameters

Variables

Band

Axial stiffness coefficient of the front mount £,

100 <k, <300 (N/mm)

Axial stiffness coefficient of the front mount &,

-40<k,, <10(N / mm?*)

Axial stiffness coefficient of the front mount &,

25k, SAN/mm?)

Axial stiffness coefficient of the rear mount k

136 < k,, <340 (N/mm)

Axial stiffness coefficient of the rear mount &,

~68<k,, <170 (N/mm)

Axial stiffness coefficient of the rear mount & ,

1.0< k,, <2.3(N/mm)

Shear stiffness coefficient of the front mount ky

200<k, <350 (N/mm)

Axial damping coefficient of the front mount ¢,

150 < ¢, <500 (Ns/m)

Shear damping coefficient of the front mount c¢

100< ¢, <300 (Ns/m)

Axial damping coefficient of the rear mount c,,,

150<c,,, <500 (Ns/m)

Longitudinal location of mounts a,

0.28<a, £0.34 (m)

Longitudinal location of mounts a,

03<a, <038 (m)

Lateral location of mounts b,

025<5,<0.32 (m)

Lateral location of mounts b,

028<b, <032 (m)

Vertical location of mount 4

0.18<1<0.22 (m)

Inclination of the front mounts in the lateral plane &

/e
—6—SaS rad

w |y
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Table 6.2: Constraints of engine and mount displacement

Constrained variables

Constrain bond

Static displacement of engine mass center Ly z, <0.010 (m)

Static pitch angle of engine mass P Py <0.035 rad

Static deflection of front mounts ~** Zgr <0010 (m)

Static deflection of rear mount s z,, <0.010 (m)
Maximum displacement of engine mass center max(z,,) max(z,,) < 0.006 m
Maximum roll angle of engine mass max(6,) max(6};) < 0.006 rad
Maximum pitch angle of engine mass max(¢,) max(g,) < 0.006 rad
Maximum displacement of front left mount max(z,;) max(z,;) < 0.006 (m)
Maximum displacement of front right mount max(z,,) max(z ) < 0.006 (m)
Maximum displacement of rear mount max(z,,) max(z,;) < 0.006 m
Table 6.3: Weighting factors of objective function

Factors of weighting Values
Peak of transmitted bounce force at low frequency band o, =0.25
Peak of transmitted roll moment at low frequency band o, =0.15
Peak of transmitted pitch moment at low frequency band o, =02
Highest value of transmitted bounce force at high frequency band a, =02
Highest value of transmitted roll moment at high frequency band a, =0
Highest value of transmitted pitch moment at high frequency band o, =0.1
Sum of total transmitted force and moment exclude the peak value at low _
frequency band in bounce, roll and pitch axes o, =0.00
Sum of three transmitted force and moments exclude the highest value at a,, =0.04

high frequency band in bounce, roll and pitch axes
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Table 6.4: Comparisons of nominal, starting and optimal parameter values

Yo | S| opina
Axial stiffness of the front mount k,, (N [ mm) 160 160 127.79
Axial stiffness of the front mount k., (N/ mm?) -24 -24 —40
Axial stiffness of the front mount & 5 (N / mm®) 1.40 3.00 2.00
Axial stiffness of the rear mount k,, (N /mm) 272 272 252.53
Axial stiffness of the rear mount k,, ((N/ mm*) —-40.8 -40.8 —-45.12
Axial stiffness of the rear mount &, (N/ mm?) 2.38 1.3 4.00
Shear stiffness of the front mount &, (N /mm) 304 260 261.69
g;(:;lrln)damping coefficient of the front mount ¢, 300 300 150
(Sg:j\; )damping coefficient of the front mount c 150 150 100
E’?\)I(Sl/a; )damping coefficient of the rear mount c,, 300 300 219
Longitudinal location of mount a, (m) 0.30 0.30 0.2910
Longitudinal location of mount a, (m) 0.35 0.35 0.3350
Lateral location of mount b, (m) 0.30 0.30 0.3073
Lateral location of mount b, (m) 0.30 0.30 0.3048
Vertical location of mount 4 (m) 0.20 0.20 0.18
Inclination of the front mounts in the lateral plane o | 45° 45° 54.2°
Static displacement of engine mass center z;t (m) 0.0032 0.0118 0.0040
Static pitch angle of engine ¢, (rad) 0.0049 0.0330 0.0029
Static deflection of front mount z. (m) 0.0017 0.0019 0.0032
Static deflection of rear mount z . (m) 0.0049 0.0233 0.0050
Target value U 304.30 268.61 27.25

139




A performance comparison between the nominal and optimized system is illustrated
in Figures 6.2 to 6.4. The results show that the optimal transmitted force and moments
are all much lower than the original values in the entire frequency range except at a
frequency lower than the natural frequency. Typically, the transmitted bounce force of
the optimal system shows a huge reduction as compared to that of the nominal design
system from low to high frequencies, while the peak decreases from 760 to 50 N. The
transmitted roll and pitch moments also decrease in the most of the frequency band, and
the peaks decrease, respectively, from 30 to 17 Nm and from 260 to 75 Nm. However,
the penalty is in the peaks for optimal transmissibilities which are slightly larger than
those of the nominal design.

Table 6.5 shows a comparison of natural frequencies between the nominal design
and optimal results. The natural frequencies for bounce, roll and pitch motion are all
lower than that of the nominal design. The range of the subsystem natural frequencies for
a midsize passenger vehicle is listed in Table 6.6 [66]. In analyzing these data, it can be
established that the optimized natural frequencies are acceptable because they coincide
neither with the resonant frequencies of the vehicle subsystems nor with the engine

running speed which is higher than the idle speed usually set at 800 rpm (26.7Hz).

Table 6.5: Natural frequencies comparison of nominal and optimal

Vibration Modes | Nominal natural frequency (Hz) | Optimized natural frequency (Hz)

Bounce 10 6.24
Roll 12 8.77
Pitch 30 14.03
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Table 6.6: Modes and frequencies of powertrain and vehicle [66]

Vibration Modes Freq. (Hz) Vehicle Modes (Hz)
Vertical 6~8 Rigid Body Modes(1~2)
Roll 7~9 Suspension Hop / Tramp(12--13)
Yaw 7~12 Front End Pitching(17~19)
Pitch 10 ~ 20 Bending(18~24)
Lateral 8 ~25 Torsion(23~30)
Fore/Aft 8 ~ 25 Steering Wheel (25~30)

Engine Idle Freq.(25~30)
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Figure 6.4: Comparison of nominal and optimal transmitted pitch moment and
transmissibility of the three-DOF engine mount system model with
elastomeric mounts.

6.5 Parameters Sensitivity Analysis:

The optimal results, summarized in Table 6.4, can be used to study parameter
sensitivity in order to decide parameters which have primary influence on the transmitted
force/moment. Each of the sixteen variables will be selected as a variable while the other
15 parameters stay as constants. The selected variable increase or decrease by 10%, 20%

and 30% of its optimal value. The parameters with superscript ‘*’ present the optimal
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parameter, the x axial represents the ratio between the varied parameters and the optimal
parameters. The influences of the selected variables on the target value along with their
variations thus are evaluated and demonstrated in Figures 6.5 to 6.7.

The stiffness coefficients of the front mounts & s k Y k fzand ky, and the stiffness

coefficients of the rear mount k,, k,, and k,, apparently have the most significant

effect on the target value, while either increasing or decreasing the parameter values of
the stiffness coefficients. Similarly, the location of the mounts in the longitudinal
direction a, anda,, as well as the inclination of the front mounts in the lateral plane «
also appear to have large influence in the target value, which are obtained through the
integration of the transmitted force or moments in bounce, roll and pitch axes.

Meanwhile the damping coefficientsc, , ¢ andc,, , as well as the lateral and vertical

location of the mount; b,,b,and h reveal nearly no effect. The results can be applied in
the optimization design of the engine mount system, so as to identify the most sensitive
parameters which can be employed to reduce the transmitted force from the engine to the
vehicle chassis. The results further show that the optimal parameters of the sixteen

variables all lead to the minimum target value.
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Figure 6.7: The influences of the lateral and vertical locations to target value for the
three-DOF system with elastomeric mounts.

6.6 Comparison of Hydraulic System Response Using Optimal Elastomeric Mount
Locations

The optimal locations, listed in Table 6.4 for the three-DOF engine mount system
with elastomeric mounts are employed to verify the characteristic performance of the
three-DOF hydraulic mount system. The simulation results shown in Figures 6.8 to 6.10
indicate that the transmitted force in the vertical direction decrease; however, the
transmitted roll and pitch moments increase at the optimal locations due to the higher

stiffness of the hydraulic mount. It can be concluded that the optimal location attained
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from the optimization result of the elastomeric mount system can not fit for all the other

mounts, thus the optimization work for the entire hydraulic mount system is suggested in

the future work.
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Figure 6.8: Comparison of the transmitted vertical force of three-DOF hydraulic mount
system model at the optimal location of the elastomeric mount system.
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Figure 6.10: Comparison of the transmitted pitch moment of three-DOF hydraulic mount
system model at the optimal location of the elastomeric mount system.

6.7 Summary

The simulation and numerical optimization of an engine mounting system is
demonstrated with a widely used computer optimization program for nonlinear multi-
variable objective functions and nonlinear constraints. Vibratory forces and moments
transmitted through the elastomeric mounts under certain engine excitation conditions are

minimized by adjusting the stiffness and orientation of the engine mounts. Inequality

151



constraints on the maximum allowable deflection of the engine to static load and
maneuvering conditions must also be satisfied. The constrained variable metric
optimization technique is applied to find the optimum design. The technique has been
demonstrated successfully after running the program for over 20 hours under the final
closest initial conditions. The last optimal result will be used as the reference for the
initial conditions for the next optimization procedure until no better an optimal result can
be obtained.

The weighting factors of the objective function are applied to specify the relative
importance of each individual vibratory excitation or force condition in each direction,
and at the entire frequency range of engine operation. The procedure has been rerun
many times with different sets of weighting factors until the optimization has been
completed successfully with satisfied optimal results under the weighting factors in Table
6.3. The optimal characteristics of the system can be observed considerably reducing the
transmitted force and moments. The Sequential Quadratic Programming (SQP) method
has proven reliable and effective to solve such a complex nonlinear multi-variable
vibration isolation problem under imposing nonlinear constraints. The optimization of the
locations and characteristics of the engine mounts has been achieved.

Even though the optimal locations for the elastomeric mount do not suit well for the
hydraulic mount, the procedure developed for the optimization of the engine mount
system is applicable to both elastomeric and hydraulic mounts system. The parameter
sensitivity analysis can also provide a guide to the design engineer of the engine

mounting system.
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CHAPTER 7

CONCLUSION

7.1 General

The primary focus of this thesis research is to study vibration isolation of an engine
mounting system, using both nonlinear elastomeric mounts and flexible chamber
hydraulic mounts, under engine gas pressure and unbalanced force excitations. The
research is conducted in six phases including: (i) Establishment of a dynamic engine
- vibration .m;)del to identify the engine excitation forces. (ii) Development and validation
of the analytical nonlinear elastomeric mount model and complex flexible chamber
hydraulic mount model. (iii) Derivation of a three-DOF engine mounting system model
using the elastomeric mount and hydraulic mounts, and the simulation of the established
systems to determine their respective performance. (iv) Application of an optimization
method to the 3DOF elastomeric mounting system to determine optimal design
parameters and mount locations. (v) Sensitivity analysis of the design parameters. (vi)
Application of the optimal elastomeric mount locations in the three-DOF engine mount
system replaced by the hydraulic mounts. The major highlights and contributions of this
investigation are summarized as follows:

(i) Develop the engine dynamic performance with a separate model of the
reciprocating and rotating parts, as well as cylinder component to derive the
excitation force transmjtted. from the engine to the chassis.

(ii) Identify the engine vertical unbalanced inertia force and related roll and pitch
moments, arising from unbalance force and gas pressure attained from reported

data.
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(iii)

@iv)

()

(vi)

(vii)

Determine nonlinear elastomeric mount parameters by using the experimental
characterization of the elastomeric mount in order to perform its static and
dynamic properties in the time and frequency domains with both base and force
excitations.

Validate and modify the reported flexible chamber hydraulic mount model,
while simulating the static and dynamic performance of the mount with its
detailed parameter study, including chamber pressure and its volume change,
flow through the orifice etc., under base excitation loaded with a rigid mass.
Analyze the influence of the frequency and amplitude on the vibration of the
single-DOF engine mount system with the hydraulic mount.

Establish a three-DOF engine mount system with elastomeric and hydraulic
mounts respectively, with three-point mounts (two front mounts, one rear
mount) supporting the engine as a rigid mass.

Analyze the vibration transmissibility characteristics of the three-DOF engine
mount system with both elastomeric and hydraulic mounts in the entire

frequency range (1-200Hz) of engine operation.

(viii) Apply the advanced optimization method with a three-DOF elastomeric mount

(ix)

system to realize the optimal design for the purpose of minimizing the
transmitted force from the engine to the vehicle chassis by setting the mount
parameters and their locations as sixteen variables.

Evaluate the sensitivity of the parameters, such as mount stiffness, damping

coefficients, mount locations and orientation in order to evaluate the influence
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69)

of the parameters on the vibration isolation of the three-DOF engine mount
system.
Assess the performance of the three-DOF system with the hydraulic mounts at

the optimal locations of the elastomeric mount system.

7.2 Conclusions

On the basis of the results attained in this study, the following are the major

conclusions drawn:

@)

(i)

Engine excitation forces are identified as the unbalance inertia force in the
vertical axis, the roll moment is generated by the unbalance force and gas
pressure, while the pitch excitation force is caused by the sum of the vertical
forces.

The nonlinear elastomeric mount and hydraulic mount static characteristics are
nonlinearly dependent on the preload. The dynamic properties of the mounts,
typically for the hydraulic mount, are a strong nonlinear function of the
frequency and amplitude of excitation. The detailed parameters of the hydraulic

mount change along with the frequency and amplitude.

(iii) The dynamic properties of the engine mounting system with the hydraulic

(iv)

mounts present highly nonlinear characteristics, which rely on their nonlinear
chamber compliance. The three mounts show different characteristic response
due to their different deflections.

The optimization method of Sequential Quadratic Programming (SQP) was
successfully used to optimize the system design to find the optimal placement

of all sixteen parameters including the stiffness and damping coefficients, as
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v)

(vi)

well as the mount locations. The reduction ratio of the target value, which is
combined with transmitted force and moments in bounce, roll and pitch axes in
the entire frequency range, decreases 91.1%. As a result, the greatly obvious
improvement has been achieved in vibration isolation of engine mounting
system by the implementation of the effective optimization method.

The sensitivity analyses provided suggestions for the design of the system by
giving the influence of the design parameters.

The optimal location only fits well with the specific mounts involved in the

optimization process.

7.3 Future Work

The following studies described are recommended for future research:

@

(i)

(ii1)

(iv)

The optimization of the three-DOF engine mount system with hydraulic
mounts is suggested to further improve the system design.

Experimental work is required to validate the developed model and simulation
results for the engine mounting systems;

The stiffness variation along with the frequency, typically for higher
frequencies should be considered in the performance identification of the
hydraulic mount since lower stiffness in high frequency is required to perform
better vibration isolation characteristics.

In order to evaluate further performances of the engine mount system in a
realistic environment, studies incorporating a full-scale or scaled—down vehicle

model are recommended.
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