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Abstract

Active Independent Front Steering for Yaw-Rate Control and Tire Work-Load
Equalization in Road Vehicles

Vaibhav Rawat

Several control strategies can be implemented in road vehicles to avoid roll over,
improve ride quality or customize handling performance. Handling performance is one of
the crucial areas of research from the safety point of view. Most of the control strategies
depend on manipulating the motion of the tires, which are the prime source of the forces
acting on the vehicle. Some of the common control strategies for handling explored in
recent years include: active control of tractive and/or braking torque; and a wide
variations in active steering control. For vehicle stability and handling improvement,
Active Front and Rear Steering (AFS, ARS) prove to be excellent control techniques, as
active torque control fails to generate required forces and moments in certain situations.
In recent years, major research effort has been directed towards active steering control,
where the steer angle of the wheels is actively controlled to improve handling
performance at high speeds. Such controls, however, have limitations as they do not
attempt to utilize tires’ force generating potential. The present study proposes a new
Active Independent Front Steering (AIFS) technique with independent control for each
front wheel. A non-linear 4-wheel vehicle model incorporating tire ‘Magic formula’ and
load shifts in longitudinal and lateral direction is studied. This model agrees well with a
simpler bicycle model and CarSim simulation. The 4-wheel vehicle model with proposed

AIFS is simulated for step and sinusoidal lane-change inputs. A simple PI control

1l



algorithm that differentiates between under and oversteer handling characteristics is
developed and utilized for the simulations. The results show that by controlling one
wheel only, AIFS can provide the ideal yaw-rate and trajectory responses at any speed,
and the performances are as good as those obtained by AFS and significantly better than
conventional uncontrolled system. Furthermore, AIFS is shown to equalize the tire work-
load at the left and right front tires improving the vehicle’s ability to generate maximum
possible lateral force. Only exception to this is when the vehicle is strongly oversteer. It
is also shown that this limitation can be overcome by introducing an AIFS where both
wheels are actively controlled. A physical design using tandem planetary gear trains is
proposed for the AIFS that can provide the required control and is fail safe. The present is
a first investigation of AIFS control that has significant potential for the integrated

control of road vehicles and is identified in proposed future studies.
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1 Introduction & Literature Review

“The shortest distance between two points is under construction.”

~Noelie Altito

1.1 Introduction

“Drive-by-wire” [1, 2], a concept derived from “fly-by-wire” [3], is a new step in
automation. The ongoing research in the areas of vehicle handling and control all around
the world promises that automated vehicles will be soon on the roads. National Advanced
Driving Simulator (NADS) setup by National Highway Traffic Safety Administration
(NHTSA) at Iowa State University, Partners for Automated Transit and Highways
(PATH) at University of California at Berkeley and Transportation Data Center (TDC) at
the University of Michigan Transportation Research Institute (UMTRI) are a few of the
major attempts towards this goal [4, 5, 6]. Stanton and Marsden [7] presented a detailed
summary of trends in drive-by-wire systems. Their arguments are based on three main
assumptions: increased driver well-being as drivers will be relieved of several
monotonous tasks, increased safety by avoiding possible driver errors as most of the road
accidents are caused by driver’s lack of attention or inability to control the vehicle in
emergency maneuvers and finally, cost optimization as automation will enhance the
desirability of the product and thus lead to substantial increase in unit sales, hence lower

production cost. With the cutting edge technology already available, such as fly-by-wire



and glass-cockpit [8], Unmanned Aerial Vehicles (UAV’s) [9] used as spy planes and
Autonomous Ground Vehicles (AGV’s) [10] used for space exploration, the concept of
drive-by-wire appears to be easily achievable. But an important concern in vehicle
automation is cost effectiveness. The maintenance cost and the simplicity of the operation
are other major concerns as the road vehicles are maneuvered by a wide variety of people
of all ages and not by a group of experts as in UAV’s or AGV’s. These challenges make
it difficult to implement full automation in the road vehicles. In addition, vehicle system
crucial components and sub-systems must be designed with fail-safe features such that
lack of maintenance or partial failure does not jeopardize the safety.

In any development of a vehiclé system it is essential to acquire a thorough
understanding of tire mechanics and tire-road interaction, since the major forces and
moments are developed at the tire-road interface. An understanding of resulting vehicle
dynamics is also essential to carry out further development work in improving the
performance, may it be in ride or handling. Vehicle models have been developed to
understand the dynamic behavior for over six decades by engineers and researchers. Very
simple 2-degrees of freedom (DOF) [11] to complex full vehicle 94-DOF models [12]
were used to simulate the vehicle motion. Industries are working on developing tire
models and new tire material to improve traction and control on dry asphalt and icy
conditions. Control algorithms for Anti-lock-Braking System (ABS), Traction Control
System (TCS) and Direct Yaw-moment Control (DYC) [13] have been developed to
assist driver in extreme maneuvers. Active suspensions are designed to prevent roll over
and improve the ride comfort [14, 15]. In recent years increasing attention has been

directed towards control algorithm to improve vehicle handling performance under all



maneuvers and road conditions. The present study is focused on improving handling

performance using simple control algorithm for steering system.

1.2 Motivation and Objective of this Research

The conventional road vehicle steering mechanism is designed to closely follow the
Ackerman steering ratio which is based on different steer angle required at the inner and
outer wheels at low speeds. The dynamics of a vehicle and its influence on the ability of
inner and outer tires to generate forces are, however, significantly different at higher
speeds than those at low speeds. Hence a fixed ratio at all speeds will fail to generate the
forces each tire is capable of generating.

In attempts to overcome this limitation an actively controlled steering input is
proposed to improve the stability [17]. This input is applied on both the front tires
following the Ackerman geometry. Various sensors measure the vehicle state parameters,
such as, longitudinal and lateral velocity, yaw-rate and steering command from the
driver. Using a control algorithm the additional steering command is calculated. The only

control variable in this case is the additional controlled steering input (J, ). The next step

to improve handling characteristics of vehicles is 4-Wheel Steering (4WS), where the
rear wheels are also steered actively with respect to the front wheels. 4WS has shown an
improvement in handling over Active Front steering (AFS) [18-20], but has not made a

great impact on the marketplace due to its added complexity and cost [21]. The AFS

control system can be presented in form of a block diagram as shown in Figure 1.1 [22],

where, the front steering angle 8, is composed of the driver commanded steering wheel

angle, 5, and an additional controller steering command, 9, :
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Figure 1.1: Block diagram of a vehicle with AFS [22]

5, =8, +8, (1.1)

The control law G(s) generally requires input of the driver commanded steering
wheel angle as reference and measurement of dynamical variables, such as yaw-rate and
lateral acceleration. The parameters to be matched to reference or set point values are
yaw-rate and vehicle side-slip. Since there is only one control variable, front steering
angle, only one of the two parameters can be controlled, yaw-rate in this case, and thus
other techniques, such as Active Rear Steering (ARS) and Direct Yaw-moment Control
(DYC) are incorporated to achieve a full control [18, 19, 23].

Most of the studies related to AFS employ a bicycle model and assume that both
front tires can generate equal lateral forces. At high speeds, vehicle roll plays an
important role in normal load transfer from inner to outer wheels. Since, the lateral force
generated by tire depends on normal weight, the ability to generate lateral forces during
cornering is different for inner and outer tires [24]. The inner tire with less normal load
can generate less lateral force in cornering when compared to the outer tire and hence,
becomes the limiting factor for the actively commanded steering angle. The outer tire,

though can generate higher lateral force, can not be exploited to its capability so as to



prevent the skidding of the inner tire, which is a major concern in vehicle handling safety
[15].

In the current study, it is proposed that if both front wheels are steered
independently this limitation can be overcome. The independent steering will increase the
number of control variables to 2 and an optimized ratio of the front wheels steering can
lead to a better control when compared with the conventional AFS. Such a system
proposed in this investigation is referred to as Active Independent Front Steering (AIFS).
The AIFS can be designed to apply Ackerman steering ratio at low speeds and modify the
steering angle at one or both front wheels to achieve improved vehicle control and tire
work-load [19, 23]. Tire work-load is measure of utilization of frictional forces developed
by each tire under a given normal load. Such control strategy would also be useful to
enhance the performance of split-u driving when the coefficient of friction at one side of
the tire-road interface is not same as that at the other side [17, 23, 25, 26].

To examine the proposed AIFS it is essential to develop a 4-wheel vehicle
handling model that includes tire non-linearity and vehicle roll dynamics. It further
requires identification of response variables to be controlled. A thorough literature review
is carried out on various aspects of the proposed investigation as presented in the

following subsection.

1.3 Literature Review

Literature survey in various fields, such as, tire modeling and scrub, vehicle modeling,
active steering control and parameter estimation is carried out to establish the state of the

art.



1.3.1 Tire Modeling

Tires play the most important role in dictating vehicle handling performance. Tires
transmit most of the external forces to the vehicle; other forces being air drag and gravity.
Nonlinear characteristics of tire, wear with time and dependency on other factors such as
temperature, normal load etc. make it difficult to model force-slip characteristics of the
tire. Different researchers have developed mathematical and analytical models based on
physical principles and empirical models derived from field test data. Chang ef al. have
done a thorough survey on the development of tire models [27]. It includes the
comparison between different approaches such as lumped-parameter, semi-analytical and
FEM models. The survey concentrates mainly on vertical and longitudinal motions of the
tire.

Three different approaches are used for tire modeling. The first approach is to use
a physical model of the tire where the tire is made up of discrete deformable radial spokes
[28]. Other workers use a series of springs which produce forces in the contact patch
[29]. A good review of this type of approach has been given in [30]. The parameters in
these models must be set to create a match with measured tire data. A second approach
entails the storage of a large amount of experimental data and use of interpolation to
describe arbitrary conditions [31]. The final approach, which appears to be most popular,
is to determine a function which relates tire forces and moments to physical parameters
such as slip-angle and camber [24, 32-34].

In 1987 Pacejka, Bakker and Nyborg presented a semi-empirical approach for tire
longitudinal and lateral force calculation [24]. Well known as “Magic formula”, it utilizes

the data from field tests to calculate the coefficients of stiffness, shape factor, etc. The



model also gives lateral and longitudinal forces in combined cornering and braking, along
with self aligning moments. The work is limited to steady state conditions and has been
used by several researchers for vehicle handling studies [12, 35-41] and for real-time tire-
road friction estimation [42, 43]. It is also used extensively in the vehicle simulation
software such as CarSim to predict vehicle behaviour [44]. Later, many researchers
improved the model for transient analysis, yet using the simple bicycle model and
neglecting the effects of self aligning moment [45, 46]. Liu and Peng improved the ‘brush
model’ matched to the Magic formula curve for vehicle path prediction and to calculate
‘time to lane crossing’ (TLC) by road friction coefficient estimation [47]. A brush model
is a physical tire model based on the tire-road contact patch properties of adhesion and
sliding. The brush tire model was a popular method in the 1960’s and 1970’s before the
empirical approaches became dominating, and is still used by researchers for various
vehicle dynamics studies [42, 47-53]. A detailed description of brush model can be found
in [54].

In 1988, just after the development of the Magic formula, Szostak ef al. proposed
another semi-empirical tire model [55]. Based on a physical tire model they used the
Calspan tire test data to include effects of normal load and camber [56, 57]. The
simulation results were compared to other test results and matched very well. The
formulation had the ability to differentiate between radial and bias-ply tire. Being
extensively computational, the model could not become as popular as Magic formula and
is rarely used by the researchers. Ray has used Szostak’s tire model to develop tire forces
in a 9-DOF vehicle model and then estimated these forces from a 5-DOF and 8-DOF

vehicle models [58, 59], respectively, using an Extended Kalman Filter [60, 61].



DiMaggio and Bieniek presented a new method of dealing with the force-
producing mechanism at the tire-road interface [62]. The model consists of a
representation of the tire elasticity and the relations between the interface forces and the
contact patch displacement. The model appears to be capable of reproducing the tire
behavior under both free-rolling and fully locked wheel conditions. Maurice developed a
pragmatic tire model based on the analytical frequency response functions of the
pneumatic trail of the brush type model [63]. The model consists of a phase leading
system in series with the first-order model for the lateral force. The self aligning moment
is calculated by multiplying the force with the pneumatic trail.

Beato et al. [41] obtained the relation between tire force and slip-angle as a
function of normal load using a Milliken test [64] on a flat track roadway simulator
(FTRS). This test has advantage over field tests as it has better repeatability and each
tire/axle can be tested at a time, thus all tires are not damaged each time the test is run
unlike other ‘constrained tests’ [64]. The results matched well with the Magic formula.
Qu and Liu developed an empirical formula for qualitative analysis of nonlinear
characteristics of the tire applying the approximate analytical methods of nonlinear
vibration [65]. The coefficients in the formula are found by least mean square regression
and it seems to give precise results when compared with experimental data. In another
attempt, Lacombe developed an analytical model for lateral tire deflection using elastic
beam theory [66]. Unlike the empirical formulae, the model requires limited set of easily
obtained input parameters. Also it can be used in nonlinear range of operation unlike

most of the analytical models available.



Although, the Magic formula predicts the tire forces under steady state conditions,
many researchers have used it in transient vehicle handling analysis due to its ability to
predict tire forces and moments under varying load and combined braking and cornering
[12, 38, 67, 68]. In the current study same tire model based on Magic formula is used as

presented in [24].

1.3.2 Vehicle Modeling

Several simple and complicated vehicle models have been formulated after Segel first
developed a theoretical vehicle model for vehicle response prediction [69]. The less
complex single track model, commonly known as bicycle model, was first developed by
Marquard [11] in 1966 and was followed by McHenry [70] in 1968. This model takes
advantage of the fact that the steering angle difference between inner and outer wheels is
small and hence, both tires on each axle can be combined together to form a single track
model and uses average steering angle for the front wheel. This model is explained in
detail in texts such as [13, 16]. Shladover [71] has substantiated the use of such model for
the vehicle performance analysis when effect of roll steering is not a concern and hence,
the model has been extensively used by researchers even today, when high computing
facilities are available. Bicycle model has proved to be an excellent choice for vehicle
handling performance tests including vehicle state prediction [65, 72-74] and active
steering [22, 26, 75]. Bicycle model also helps in understanding the vehicle handling
characteristics such as understeer nature [16].

Though the bicycle model has its own advantages, it has limited application when
the track width of the vehicle plays an important role, for example in vehicle roll-over

[17, 20, 67, 76-78] and DYC [17, 23, 79-82] studies. Since most of the vehicle handling



studies consider only yaw, lateral and longitudinal motion, a yaw-plane [83] model is
commonly used. This model considers the vehicle as a rigid body, neglecting the effect of
the suspension, and hence can be defined by 3-DOF: longitudinal, lateral and yaw. Such a
model is most commonly used in various vehicle dynamic studies [21, 25, 36-38, 42, 48,
83-85]. In other studies more complex vehicle models, such as 94-DOF model [12]
developed by Hegazy et al. considers suspension stiffness, steering compliances and tire
inertia. Takezono et al. [86] have taken the asymmetry of the vehicle into account to
develop a vehicle model with off centered centre of gravity of the vehicle.

From the above studies it is clear that a bicycle model is sufficient for
understanding the vehicle behavior and for active stéering control, but a more complex 4-
wheel model is necessary to take vehicle roll and lateral load shift into account. Also, for
active traction control as in DYC, a 4-wheel model has to be employed. Although the
current study deals only with active front steering and does not include any traction
control, the importance of lateral load shift and the independent active steering command
for both front wheels make it necessary to use a 4-wheel model. Both a bicycle and 4-
wheel models are developed in this investigation, assuming rigid suspension and
neglecting tire inertia. Although the effect of dynamic load shift due to roll is included,
the vehicle in each case is only assigned lateral, longitudinal and yaw degrees-of-

freedom.

1.3.3 Active Control

Vehicle control can be divided into two main categories: control algorithm and control
technique. The control algorithm is the mathematical formulation which operates on the

input variable to give the output. By improving a control algorithm, stability of the given

10



control system can be improved and the factors such as response time delay and
overshoot can be reduced. A control technique is based on a physical phenomenon which
defines the state variables to be matched to reference values (set points) by changing
other parameters. The current study focuses on developing a new control technique by
independently controlling the steering angles of the front wheels.

Various control techniques used for vehicle handling improvement and reported
in literature, include Active Front Steering (AFS), Active Rear Steering (ARS), 4-Wheel
Steering (4WS) and Direct Yaw-moment Control (DYC). While AFS, ARS and 4WS
control the lateral forces acting on the tires, DYC controls the longitudinal forces. The
state variables to be controlled are side-slip angle of the vehicle’s CG and vehicle yaw-
rate. AFS and ARS actively control the steering angle of the front and rear wheels,
respectively, and hence control the lateral forces acting on the vehicle. These lateral
forces can be used to generate yaw moment about the vehicle’s CG and hence control the
yaw-rate. By using a combination of AFS and ARS (4WS) one can control the side-slip
of the vehicle by steering the rear wheels in proportion to the front steering angle. As
early as 1969, Kasselmann and Keranen [87] developed an active steering system based
on feedback from a yaw-rate sensor.

DYC uses the commonly used hardware of Antilock Braking System (ABS) and
Traction Control System (TCS). DYC controls the longitudinal force of each tire in
relationship with the vehicle motion which in turn controls the lateral motion of the
vehicle to stabilize its behavior. The differential longitudinal forces generated at different

tires result in a yaw-moment about the CG. A proper combination of this yaw-moment
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along with the braking forces can be used to control either yaw-rate or vehicle side-slip.
A detailed explanation about these control techniques can be found in [13] and [81].

Many researchers have shown the advantages of DYC over AFS and ARS [19,
81, 88]. The limitation of AFS and ARS lies in tire’s inability to generate enough lateral
forces in near saturation state [81], and hence such techniques fail to control the vehicle
in combined braking and cornering. Furthermore, the longitudinal load shift from the rear
axle to the front axle in braking decreases the ability of the rear tires to generate lateral
forces, and hence deteriorates the ability of ARS [19]. A comparison of side-slip type
DYC, yaw-rate type DYC and side-slip control by 4WS is presented in [88]. The results
show that side-slip type DYC is better than yaw-rate type DYC. Similar results are shown
in [18] and [81]. Also 4WS control seems to be as good as side-slip type DYC for certain
situations. Hence, DYC alone has been used for vehicle control in various studies, [79,
82, 88]. However DYC is still not a popular practical choice due to its added complexity
[81].

Even with its limitations, AFS has maintained its importance in research as well
as in industry. AFS as an integral part of vehicle has been shown to control the yaw-rate
in split-u tracks [17] and side-force disturbance [80]. In other studies [65, 76] AFS has
shown significant improvement in roll-over prevention. Similarly [21, 75, 77, 89] have
shown the importance of 4WS control technique and its advantage over AFS [18-20]. A
comparison of fixed-ratio, in-phase and out-of-phase response using 4WS system is
presented in [89]. ‘Quadrasteer system’, currently used in General Motors’ pick-up
trucks, is one such active 4WS strategy implemented with electronic rear-wheel steering

system. Control strategies and algorithm using 4WS system are, however, complex,
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expensive and not practical for most general vehicle applications. Since all of the above
techniques control only one of the two state variables, yaw-rate or vehicle side-slip, an
integrated control technique is adopted for a full vehicle control. A review on integrated
control and its applications is given in [90]. Several studies [18, 19, 23, 76, 80] show the
improvement in vehicle handling by integrated control over any of the control techniques
used individually. The test conditions used in these studies are step steer input,
single/double lane-change and split-# maneuver. Studies [26, 36, 77, 91-94] have been
conducted using different control algorithms to improve the performance of above

control strategies.

1.3.4 Parameter Estimation

For any of the above controls to be implemented in vehicles, the first task is parameter
measurement/estimation: various vehicle state variables such as vehicle velocity, yaw-
rate, roll angle, tire spifﬁmegs, tire-road friction, vehicle side-slip, tire slip-angle, tire
longitudinal slip etc. sﬁould be known in order to employ a control strategy. Some of
these variables are easily measured, such as velocity, roll-angle/rate, yaw-rate and
acceleration by velocity sensors, accelerometers and gyro sensors [79] already available
in production vehicles these days. But other variables such as tire-slip and forces can not
be measured directly and can only be estimated from other known variables.

A new dynamic tire/road friction model is presented in [95-100] to estimate the
longitudinal and lateral tire forces. It uses LuGre tire friction model based on Coulomb
friction, Stribeck effect and hysteresis [101]. Shang et al [102, 103] have used tire modal
parameters from experiments to model unsteady cornering properties of the tire. Cadiou

et al. [104, 105] have presented two methods to calculate tire lateral forces. The methods
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proposed are estimation based on simulation (EBS) and estimation based on observer
(EBO). Fukada [106] combined such two methods utilizing a vehicle model and direct
integration, to estimate the tire slip-angle. This model has the advantage of being
independent of the tire properties as well as does not accumulate integration error.

Yi and Jeoung [107] estimated the tire-road friction using wheel speed
measurement, which can easily be realized with RPM sensors. In [108] Umeno presented
a novel way to estimate the tire-road friction using the rotational vibration of the tire. The
method is based on the power spectrum density of the wheel angular velocity, which is
related to the tire-road friction. Ray [58, 59, 109] has used an extended Kalman filter to
estimate the tire stiffness as well as friction coefficient between tire and road from
measured motion of vehicles on smooth surfaces. The method neither requires a priori
knowledge of u nor a tire force model. Hahn et al. [110] presented a Global Positioning
System (GPS) based tire/road friction coefficient measurement technique using the lateral
dynamics of the vehicle. In other attempts Gerdes et al. [73, 74] used the GPS sensors to
directly measure vehicle side-slip, tire slip-angle and roll parameters. Researchers have
also developed driver models to be used in vehicle dynamics simulations [111, 112].

With all these estimation techniques along with the tire hardware-in-loop systems
to measure experimental data [113, 114], online estimation/measurement of most of the
vehicle parameters is possible. The most practical system should, however, be the most
simplest that requires the readily available and easily measurable parameters to achieve

the control.
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1.4 Contribution of the Thesis

Even after the development of many control strategies discussed above and advanced
computing facilities available, it was not possible to exploit the advantages of AFS to full
extent as explained earlier. The conventional AFS techniques rely on adding a small
additional controlled input to the steering using compliance in rotational motion of the
steering column or lateral motion of the steering rack [17]. This can provide 2-3° of
active steering command, which may not be sufficient in emergency situations. Only after
BMW?’s approach towards active steering through the use of a planetary gear in steering
column, active front steering seems to be a promising control strategy [115, 116]. This
steering mechanism uses a planetary gear train between the driver steering command and
the rack-pinion mechanism of the steering. A planetary gear train is a 2-DOF system,
which means that the output steering to the rack can be controlled by 2 separate inputs:
driver command and controller command. Although with this steering mechanism it is
possible to fully implement the AFS control, still the front wheels in all cases maintain
the Ackerman ratio. In the current study it is proposed that the planetary steering
mechanism can be improved to control both front wheels independently in order to
accomplish a active independent steering control. This can be achieved by using 2
planetary gear trains and 2 separate rack-pinion mechanisms connected to the same driver
steering command. This proposed mechanism, as opposed to steer-by-wire approach, is a
fail-safe design that can be attractive for vehicle systems.

Other shortcoming of the conventional active steering control lies in the fact that
the lateral forces can not be utilized fully due to the saturation of the forces on the inner

tire in cornering. As explained earlier, the inner tire has less normal load and hence is less
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capable of generating longitudinal and lateral forces in cornering maneuver [117].
Despite its inability to generate lateral forces, a conventional steering system and active
steering strategy requires inner tire to be steered more than the outer tire (Ackerman
geometry). A performance parameter, tire work-load, defined as the ratio of the total
forces generated by a tire and the maximum capability to generate forces, is never
optimized between the inner and outer tire [19, 23]. This leaves the outer tire at a very
low tire work-load while the inner tire reaches near saturation state. If the inner tire
reaches the saturation state, i.e., tire work-load = 1, wheel lockup or skid can occur which
leads to loss of control and instability of the vehicle.

The present thesis focuses on equalizing the tire work-load between inner and outer
tires, and hence, utilizing the maximum friction force available to control the vehicle. For
this purpose anti-Ackerman geometry is followed for high speed turning by feed-forward
and feedback algorithms. The primary objective achieved in this study is the
improvement in tire work-load by AIFS when compared with the conventional control
strategies, while maintaining the similar yaw-rate response. The secondary objectives,
also achieved in the present work, are:

e To design a control algorithm that differentiates between understeer and oversteer
vehicle.
¢ To conceptualize a mechanical steering mechanism to implement the independent

steering control.
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1.5 Organization of the Thesis

The thesis is divided in five main parts:

e Vehicle Modeling (chapters 2 and 3)

Design of Control Technique (chapter 4)
e Design of Control Algorithm (chapter 5)
e Design of Hardware (chapter 6)

¢ Conclusion and Recommendations (chapter 7)

Chapter 2 describes the formulation of a simple 2-wheel bicycle linear model. The
tire forces are analyzed for linear and non-linear models. Steady state analysis is carried
out to define the understeer nature of the vehicle. Equations of motion are formulated and
transient analysis is carried out which agrees with the steady state analysis. Also, loss of
energy in cornering is accounted for.

In chapter 3 conventional steering mechanism with Ackerman geometry is
analyzed. A detailed 4-wheel non-linear vehicle handling model is developed. The model
is based on Pacejka’s Magic formula that also incorporates load shifts and other factors.
The developed vehicle model response matches with the well established bicycle model
as well as CarSim simulations.

In chapter 4, control strategies using longitudinal and lateral forces are discussed.
Vehicle response for no-control and conventional active steering control is analyzed. Tire
work-load is defined and limitations of conventional AFS are shown. An Active
Independent Front Steering (AIFS) technique is proposed which can overcome the

limitations of the conventional AFS.
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In chapter 5 a control algorithm using a PI controller is applied to the 4-wheel
model presented in chapter 3. This algorithm is modified to take care of understeer and
oversteer vehicle. The same active independent control is applied to lane-change
maneuver. Tire work-load in AIFS is studied and compared to the conventional control
strategies and improvements are shown.

A steering mechanism using planetary gear trains is proposed in chapter 6. This
practical design for road vehicles can be used to realize the AIFS system investigated in
this research.

Finally, chapter 7 presents the highlights of the study, major conclusions, possible

other applications of independent steering control and recommendations for future work.
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2 Bicycle Model

The basic model to study the vehicle handling response is a ‘Bicycle Model’. In this
model, both wheels on each axle are combined together to have a 2-wheel model. Each
tire bears the total load of each axle and the tire stiffness is doubled. Average steering
angle is used for the front wheel. Such model neglects roll dynamics and the resulting
load shift between the wheels. Bicycle models are commonly used for assessment of
handling performance and comparative studies. Typically, these models assume constant
forward velocity and thus, are represented by lateral and yaw degrees-of-freedom (DOF).
For handling performance the tire lateral properties play the most important role. Most
handling studies assume small motions and tire characteristics to be linear [22, 72, 77, 80,
83, 85, 86]. For large motions, however, the tire characteristics are very non-linear, and
one must therefore adopt a non-linear model. A steady-state handling model can provide
useful performance characteristics and response to given fixed steering angle. For
transient response, however, it is necessary to develop a transient model represented by a
set of differential equations. This chapter is devoted to developing a vehicle handling
model with bicycle assumptions. The non-linear tire model is developed using Pacejka’s
Magic formula [24]. This is followed by the formulation for steady-state and transient
response along lateral, yaw and longitudinal DOF. These models are essential part of
handling study as they can be validated against each other as well as the 4-wheel model

developed later in this investigation for application of AIFS control system.
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2.1 Tire Model

As discussed in the literature review, tire plays the most important role in vehicle
dynamics as most of the forces act at the tire-road interface. Tire models have been
extensively studied over the years. Although linear tire model can represent the forces
reasonably well for small motion, it is known to be very non-linear for large motions. The
most common non-linear tire model is Pacejka’s Magic formula [24]. For linearized
analysis, the initial slope of the curve can be utilized if the motion is small.

The Pacejka’s tire model calculates lateral force and aligning moment based on
slip-angle, and longitudinal force based on percent longitudinal slip. The model
parameters are dependent on the normal force, F, on the tire, where the normal force is
given in kN. The formula is expressed as [24]:

(%) = D sin{C tan" [Bx-E(Bx-tan"' Bx)]} (2.1)
where y(x) denotes cornering force, aligning moment, or braking effort, and x represents
slip-angle (a) or percent slip. Different coefficients in Equation (2.1) are:

B = stiffness factor; C = shape factor; D = peak factor; E = curvature factor

The characteristic curve is assumed to pass through origin when initial conditions
such as camber and conicity are neglected. The Magic formula further provides the
coefficient values or the procedure to establish them as a function of normal load (F%)
using the following:

C = 1.30 (for cornering force); 2.40 (for aligning moment)

— 2 . 2
D=aF +a,F,; E=aF +a,F,+a

2
aF; +a,F,
e”st

BCD =a, sin(tan’l (a,F, )) (for cornering force); (for aligning moment)
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The coefficient B can thus be calculated from:

_ BCD

B=-"""
CD
where a; to ag are the empirical coefficients, given in the Table 2.1 below [24].

Table 2.1: Pacejka’s Magic formula coefficients for a medium car tire [24]
ai ay a3 ag as de ay as

F,N -22.1 | 1011 | 1078 |1.82 |0.208 |0.000 |-0.354 |0.707

M, Nm|-2.72 |-228 |-1.86 |-2.73 |0.110 |-0.070 | 0.643 | -4.04

If a side force F is applied to a tire, at the tire-road interface a lateral force will be
developed at the contact patch, and the tire will move along a path at an angle a with the
wheel plane, as OA shown in Figure 2.1 [16]. The angle between the tire heading and tire
travel direction is the slip-angle, a. The phenomenon of side slip is mainly due to the
lateral elasticity of the tire.

The tire lateral (cornering) force (F) and self aligning moment (A£;) as a function
of slip-angle (a) can be established using Equation (2.1) and corresponding parameters
from Table 2.1. Sample results for the front tire normal load of 4018 N and rear tire
normal load of 3482 N are shown in Figure 2.2. As the results show, both characteristics
are non-linear for slip-angle beyond 2°.

For steady-state bicycle model, linearized tire stiffness can be established from

the initial slope in each case, and can be derived from the Equation (2.1) as:

dy _ d [D sin{C tan™ [Bx - E(Bx —tan™ Bx)]}]

i . BCD 2.2)
dx dx

x=0

C,‘J':

where subscript i refers to the force or moment and subscript j refers to front or rear tire.
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The values of C;;’s for the candidate vehicle calculated from Equation (2.2) are:

Crr = 1028.60 N/deg
Crr = 979.90 N/deg
Cns = -26.35 N.m/deg

Cr = -21.86 N.m/deg

(Cornering force stiffness for each front tire)
(Cornering force stiffness for each rear tire)
(Aligning moment stiffness for each front tire)

(Aligning moment stiffness for each rear tire)

Wheel Heading Direction la Wheel Travel Direction

A

Force from the Vehicle

Bottom View

Figure 2.1: Bottom view of a tire showing deformation during cornering

For a bicycle model, as mentioned earlier, the influence of roll is neglected and

the stiffness and normal load for both tires on each axle should be added consequently.

Each axle’s stiffness in this case becomes

2*C;; = 2057.3 N/deg

2*Cy, 1959.8 N/deg
2*Cpy = -52.70 N.m/deg

2*C,,, = -43.72 N.m/deg

(Cornering force stiffness for front axle)
(Cornering force stiffness for rear axle)
(Aligning moment stiffness for front axle)

(Aligning moment stiffness for rear axle)
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Figure 2.2: Lateral force and aligning moment vs. slip-angle using Magic formula

The linear tire model stiffness are compared with those established by Magic
formula, and are found to be identical for a < 2°. The above tire properties along with the
vehicle parameters presented in Table 2.2 are used in the following sections to carry out
the steady-state and transient modeling. The physical parameters presented in Table 2.2
are typical for a medium size car [20, 67, 82, 83, 85] and are same as those used later for
the 4-wheel model.

Table 2.2: Physical parameters for Bicycle model

Mass of the vehicle, m 1530 Kg
Wheel base, L 2.8m
Distance of CG from front axle, b 1.3m
Distance of CG from rear axle, ¢ 1.5m

Centroidal mass moment of inertia about z axis, .. 3500 Kg.m2

Height of CG from ground, /., 0.4 m
Front axle weight, W= (m.g.c)/L 8035.7N
Rear axle weight, W, = (m.g.b)/L 6964.3 N

23



2.2 Steady State Model

Steady-state handling performance is concerned with the directional behavior of a vehicle
during a turn under time-invariant conditions; such as vehicle traveling on a circular path
with constant forward velocity. Such a model is useful for defining the steering
characteristics of the vehicle, such as oversteer, understeer or neutral steer of the vehicle
depending on the front and the rear tire stiffness. The steady state model is used to
validate the transient response results. In case of a bicycle model steering input can be

calculated as a function of turning radius R and wheel base L, as follows [16]:

5,=E+af—a

Si

(2.3)

r

where, o, and «, are the front and rear tire slip-angles, respectively. Using the relation

between the slip-angles with cornering forces and tire stiffness, and replacing the force

with normal load on each axle, the above equation takes the following form [16]

W 2 2
5s,=£+[ L ]V_z.e”%z. @)
R 2C,, 2C,,)gR R gR

where K, is the ‘understeer coefficient’ and found to be 0.3524 deg for the vehicle
parameters used. The positive value of K, indicates the understeer nature of the vehicle
for the given set of parameters. Hence, the model will show increase in the radius of
curvature with increasing speed and vice-versa, at constant steering input. The steady-
state handling Equation (2.4) can easily be extended to express steady-state yaw-rate,

radius of curvature and lateral acceleration as [16]

SV

Yaw-rate Response, Q = ——-F—r—
L+K, V' /g

(2.5)
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L+K V*/
Curvature Response, R = g = ++g_ (2.6)

st

2 S VZ
Lateral Acceleration Response, a, = Vo _ 8%V

2.7
R gL+K V’ @7)

1l

These simple steady-state response expressions can be used to validate response
of a transient model. However, a transient model with longitudinal degree-of-freedom,
may not reach steady-state even for fixed steering angle. The speed may reduce with time
due to work done by cornering forces. One must, therefore, be careful to ensure their

validity when the responses from the two models are compared.

2.3 Transient Model

2.3.1 Equations of Motion

Transient analysis is typically carried out utilizing a 2-DOF model with lateral and yaw
motions. The cornering forces are assumed to act perpendicular to the vehicle’s direction
of motion and hence, do not affect the forward velocity. The forward velocity is assumed
to be constant, if no tractive or braking forces are applied, and hence the equation of
motion in the longitudinal direction is neglected. As stated earlier, the transient model
developed for this investigation also includes the longitudinal motion to be consistent
with the 4-wheel model developed later in chapter 3.

During turning the reaction to centrifugal force acts on the vehicle through the
tire-road contact patch. As discussed for tire model in Section 2.1, the lateral force leads
to a deviation between wheel heading and direction of travel referred to as slip-angle. The

path the vehicle follows is thus dictated by the steer angle and resulting slip-angles
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developed at the front and rear wheels. The lateral forces acting on a bicycle model for
radius of curvature R, are shown in Figure 2.3. The lateral forces on each tire act perpen-
dicular to the direction of wheel heading and not wheel travel as shown in Figure 2.3.

The lateral force, F} s makes an angle a, with the perpendicular to the tire travel
direction. This results in a component of the force in the direction of the tire travel as

F,s sin(ay). This component opposes the motion of the tire and hence, does a negative

work causing deceleration of the vehicle. This force is known as ‘induced drag’ and has a

significant effect on vehicle deceleration [64].

Direction
of travel

Vehicle's moving
)/ coordinate system

Difection of
heading 90

Q Direction of
travel

X
Global coordinate
system

Center of
rotation
Y

Figure 2.3: Direction of lateral forces acting on the bicycle model
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Thus, though there is no braking or tractive effort, there is an opposing force
during turning. Hence, it is suggested to use all the three equations of motion, including
the longitudinal equation, during turning maneuver. The negative work done by the
induced drag and the self aligning moment causes loss in energy, and hence deceleration
of the vehicle, which is further discussed later in this chapter.

The three equations of motion, namely, longitudinal, lateral and yaw, can now be
easily expressed in the form [16]:

ma, = —Fy’f sin(d,)
ma,=F, .cos(6,)+F,, (2.8)

1,Q=b-F, cos(5,)~c F,,-M,-M,
where a, and g, are longitudinal and lateral accelerations, respectively. In Equation (2.8)
F,;and M; (i = f, r) represent tire lateral force and self aligning moment, respectively.
The steer angle is represented by J,, and it is assumed that there is no tractive or braking
effort. The longitudinal and lateral acceleration can further be expressed as [23]:
a, = Vx -Q-V,

a =V +Q-V 29)

¥y y x
where V, and ¥, are the longitudinal and Iateral velocities of the vehicle’s CG, and Q is

the angular velocity. The models for steering angle as well as the tire lateral forces and

moments are derived separately in the following subsections.

2.3.2 Steering Model

The gear ratio between steering wheel and the road wheels is taken as 1 and hence, the

driver steering command is used as the front steering angle directly. The steering
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command for a circular motion is given as a step input. The sharp ends of the input are
smoothened using sinusoidal function as shown in Figure 2.4. As shown, the steering

input J, is initiated at # = 2 sec, and reaches 0.1 rad (5.73°) at ¢ = 4 sec, with a period of 2

s€cC.

T
i

(5.73/deg)

04F-----

0.08 -

_———— L

0.06 |~ -~ m e

N

X

Steering Angle, 5, (rad)

0

N R

0

3
Time (sec)
Figure 2.4: Steering input for the circular motion

The equation of the above steering command is given as follows:
0 ; 0<r<2
st

5 = o.ossin(g-t—iz’ﬁ)w.os . 2<t<4 (2.10)

0.1 ; t>4

2.3.3 Slip-angle Model

The lateral force and self aligning moment developed at each tire are functions of slip-
angle. The slip-angles for the front and rear tires can be calculated using the steering
input and the direction of motion of the vehicle. Based on the vehicle longitudinal (V5),
lateral (V,) and yaw () velocities, the slip-angles for the front and rear tires can be

expressed as [16]:
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+ . + .
V,+Q-b AV, +Qb
tan(&s, —af)z Y >a,=0,—tan” | ———
* ' (2.11
Q.c-V, 4RV, )
tan(,) = ——2 = a, =tan”| ———2%
VX Vx

Once the slip-angles are calculated, cornering forces and aligning moments acting on

each axle can be calculated using linear tire model as:

F,=2C,-a ;M =2C,  -a, (i=fr) (2.12)

2.4 Vehicle Handling Response

The above equations are combined together to create a Matlab-Simulink model and is run
for 500 sec. The equations of motion represent the motion in vehicle local co-ordinate
system. To find the response of the vehicle, a global co-ordinate system is required as

shown in Figure 2.3. The relation between these two co-ordinate systems is given by

[25]:

X(t) = ](VX cos® —V, sin6)- dr

! (2.13)
Y(0)= [(v, cos8 +V, sin6)-dt

0

where X and Y are the global co-ordinates and 4 is the yaw angle.

The trajectory of the vehicle in global co-ordinate system obtained from above
relation is shown in Figure 2.5 for a simulation carried out with step steering input and
forward speed of 15 m/s for 500 sec. The vehicle parameters were presented in Table 2.2

for which the vehicle’s understeer coefficient was found to be 0.35°.
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Figure 2.5: Vehicle trajectory for step steering input (bicycle model)

Figure 2.5 shows a band of vehicle trajectory with decreasing radius of curvature
which is shown in Figure 2.6. From Figure 2.6 it is clearly noticed that the steady-state is
not reached even after a long time. This can be attributed to the fact that the longitudinal
velocity of the vehicle reduces with time due to the longitudinal component of the
cornering force. The longitudinal velocity time history for the simulation is shown in
Figure 2.7(a). As the results show, the velocity from its initial value of 15 m/s reduces
significantly with time as the vehicle enters a curved path. This reduction is present even
though there is no resistance due to rolling or air drag and is purely due to the energy loss
in cornering. This reduction in speed leads to reduced radius of curvature for a fixed
steering angle, since the vehicle simulated is understeer in nature. However, the radius of
curvature R, is bounded by a lower limit of 28 m [R = L/tan(d,)] and in 500 sec reaches a
value of 28.3 m as can be seen from Figure 2.6. This value is with in 1% limit of the
steady state value and the vehicle can be assumed to have reached steady state at this
time. Hence other state parameters, such as velocities and forces would also be

considered to have reached steady state at time ¢ = 500 sec.
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Figure 2.6: Radius of curvature for circular path (bicycle model)
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The corresponding longitudinal acceleration is presented in Figure 2.7(b). From
Figure 2.7 it is also evident that the rate of change of forward velocity diminishes after a
long time. The lateral velocity and corresponding acceleration of the vehicle’s CG are
presented in Figures 2.7(c) and 2.7(d), respectively. The steady-state values for these two
responses are 0.20 m/s and 0.00 m/s*, respectively. Figures 2.7(e) and 2.7(f) show the
yaw-rate and respective acceleration. The effect of continuously decreasing forward
velocity can be seen in the yaw-rate response as the yaw-rate decreases with time and
reaches a steady-state value of 0.1465 rad/s after 500 sec. The corresponding value of
yaw acceleration is 0.00 rad/s*.

Further, tire slip-angles, lateral forces and self-aligning moments are plotted in
Figures 2.8 and 2.9. The slip-angles increase as the vehicle is steered during 2-4 sec and
decrease thereafter due to vehicle deceleration. Though both tires on each axle are
combined to form the bicycle model, slip-angles represent the average slip-angle of both
tires on each axle, while the lateral forces and self-aligning moments are the total force

and moment generated at each axle.
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Figure 2.7: Velocities and accelerations for circular motion (bicycle model)
axle (b = 1.3 m, ¢ = 1.5 m) and the lateral forces are proportional to the weight on each

This is consistent with the steady-state analysis since the vehicle CG is closer to the front

axle, and self-aligning moments are result of the lateral forces [16].
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2.5 Comparison between Transient & Steady State Models

It is observed that when the vehicle is traversing a curve, the velocity decreases
continuously with time and never reaches steady-state. Hence, a comparison between the
steady state and transient models can be done only under some common conditions. Such
a common condition is the steady radius of curvature reached in the transient model. This
condition is reached around 500 sec as seen in Figure 2.6. At ¢t = 500 sec, the forward
velocity is 4.1m/s as shown in Figure 2.7(a). This value is used for validation of the

transient model with steady-state model. A comparison of selected performance measures

obtained from two models is presented in Table 2.3.

Table 2.3: Comparison of transient bicycle model with steady state model

Performance Parameter Steady state Transient Bicycle
Yaw velocity, Q 0.1459 rad/s 0.1465 rad/s
Radius of curvature, R 28.1 m 28.3 m
Lateral Acceleration, a, 0.60 m/s” 0.59 m/ s
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It should be noted that the lateral acceleration presented in Table 2.3 is the
centripetal acceleration of the vehicle as defined by the Equation (2.7) and can be
represented as V*/R for the transient response (V = 4.1 m/s, R = 28.3 m). The parameters
follow the expected trend when compared with steady-state values. In view of
incorporating linear tire model and neglecting the lateral load shift, the bicycle model has
limited scope in vehicle dynamics studies. This model, however, helps in understanding
the general behavior of the vehicle. The model developed in this section will be extended
to include non-linearity and lateral load shift utilizing a 4-wheel system. Since, the
change in longitudinal velocity in a transient model is attributed to the longitudinal
component of the cornering force, it is interesting to examine and quantify the associated
energy. The following section presents a closer look at the energy loss in a turning

maneuver.

2.6 Loss of Energy in Turning Maneuver

As explained in section 2.3.1, the lateral forces acting on both tires oppose the motion in
the form of an “induced drag”. Similarly, the aligning moments also contribute to the
negative work. The linear velocity for both tires is calculated using vehicle forward

velocity and yaw velocity as:

v, =\/Vx2 +(b-Q+ Vy)2

(2.14)
v, =V +lc-Q-v,)f

where, Vyand V, are the front and rear tire velocities. The power loss due to the work

done by the forces and moments is given as:

P=F,sinla,) ¥, + Fsin(e,)-V, + M, - (Q+ (3, —a,)+ M, -(@-a,) (2.15)
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which can be integrated to give the work done as:
W, = [P-di (2.16)
0

The negative work causes loss in the kinetic energy of the vehicle. If 7, is the
initial forward velocity of the vehicle, the total loss in kinetic energy at a given time can

be calculated as:
AE=%[m'V02—{m-(Vx2+Vy2)+Iz-QZ H @.17)

The negative work done and the loss in energy are calculated separately from Equations
(2.16) and (2.17), respectively, and compared in Figure 2.10 as functions of time.
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Figure 2.10: Energy loss and work done by external forces/moments

This energy loss can be attributed to the non-conservative component of the lateral

force in Equation (2.8), ma, =—F, ,sin(J,, ). This can be explained as: when a side force

acts on the wheel, the tire develops a slip-angle due to the deformation in its side walls as
shown in Figure 2.1. The tire side wall is deformed from point ‘a’ to the maximum

deformed shape at ‘b’, due to the tire-road contact forces. When this patch comes out of

35



the contact, the side wall regains its shape at ‘c’. The work is done by the road contact
force to deform the tire from ‘a’ to ‘b’ which is not re-gained when the tire comes back to
the original shape. This hystersis in the tire accounts for the energy loss during turning.

Similar explanation, relating the energy loss to the heat generated in tires is given in

[118].

2.7 Summary

Steady-state and transient bicycle models have been formulated using the same physical
parameters which will be used to formulate a 4-wheel handling model in the next chapter.
Non-linear tire characteristics using Magic formula were analyzed. Linearized tire model
was assumed for this section in order to compare the transient response with steady-state
model. But as higher slip-angles are expected in active control, a non-linear tire model
will be adopted later for 4-wheel model. The results from transient bicycle model are
consistent with those from the steady state model. A bicycle model is good for analyzing
the understeer nature of the vehicle and would be used later to realize given understeer
characteristics of the vehicle. The transient model developed and studied in this section
included the longitudinal DOF. The results show that in the absence of any tractive or
braking effort, rolling resistance, and aerodynamic drag, the forward velocity decreases
due to longitudinal component of tire lateral forces. Due to deceleration of the vehicle, it
was found that significant time is required for the vehicle to reach a state when it can be
compared with steady-state model. The deceleration of the vehicle was explained and the

loss of energy during cornering was accounted for.
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3 Four-Wheel Model

Bicycle model with linear tire characteristics for vehicle handling studies was developed
in Chapter 2. Such a model is often used for its simplicity and closed form steady-state
responses. The 2-wheel 3-DOF transient model developed in Chapter 2 demonstrates its
effectiveness in predicting response to steering input. Many studies utilize such a model
to investigate tire dynamics and active control. However, a bicycle model can not be used
to study independent steering control and hence, a 4-wheel handling model must be
developed. Prior to introducing the control, the model, however, can be validated against
the one developed in Chapter 2.

The 4-wheel model developed in this chapter will include the provision to apply
independent steering input to inner and outer wheels, lateral load shift and nonlinear tire
characteristics. The model is compared for simple steering input by comparing responses
with those presented in Chapter 2, and with responses from a commercial software

“CarSim”, utilizing same vehicle parameters.

3.1 Equations of Motion

As in the bicycle model developed in Chapter 2, the 4-wheel vehicle system is assigned

lateral, longitudinal and yaw motions to describe handling response. For a steering input
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6, and &, at the left and right wheel, respectively, the forces and moments developed at

each tire-road contact patch are shown in Figure 3.1.

Right

Rear
Top View

Figure 3.1: Forces and moments acting on the vehicle
The forces shown in Figure 3.1 are generated as a reaction to centrifugal force due
to cornering, and are complex functions of normal load and slip-angle at each tire. In
addition to the lateral force, each tire also develops self aligning moment which can also
be established based on tire mechanics. In the absence of any longitudinal tire forces due
to acceleration or braking, the longitudinal, lateral and yaw motions of the vehicle CG

can be expressed as [21, 23, 25]:
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ma, =-— [F s xSINGe) + Fy p S0, )]

ma, = [Fy' rCOS@OR) + F, ;- cos(5, )] + [Fy, r+FE, L]

LO=- [iM,.] + [F, x {beos®,)~T, sin@y) }+ F, ,, {beos@,)+ T, sin(s,) }]

—-¢ [F yrr T Fy.r.L ]
3.1

where the longitudinal and lateral accelerations can be expressed as shown in Equation
(2.9). The steer angles for the left and right front wheels in Equation (3.1) must be
derived as a function of driver steering input. The Magic formula tire model presented in

Chapter 2 is utilized to generate the tire forces and moments in Equation (3.1).

3.1.1 Steering Model

As discussed earlier, vehicle steering system is designed to minimize wheel scrub on a
turn by providing different steer angles at the inner (left) and outer (right) wheels, such
that all wheels will be in pure rolling. Such a geometry, known as Ackerman geometry

based on pure rolling at low speeds, is shown in Figure 3.2. Defining radius of turn for

rear axle centre as R, the steer angle for the right and left wheels can be expressed as:

S, =tan” L
R+Tf

§L =tan"](R LT )
s (3.2)

The ratio between steer angle of left and right wheels can further be expressed in

terms of vehicle wheel base and track width to yield:
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cotd, —coto, = —zf— (3.3)
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Figure 3.2: Ackerman geometry
Using above relation, the outer steering angle can be written in terms of the inner steering
angle as
8, =cot™ (K +cotd, ) (3.4)
where K is the ratio of the track width and the wheel base. The ideal steering geometry is
simulated for different values of K and the results are shown in Figure 3.3. The results

show that as the value of K increases, i.e. as the track width increases, the difference

40



between &, and J, increases. The steering angle for the inner and outer wheels would be

derived using this ideal geometry for a given driver steering input.
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Figure 3.3: Ackerman steering relation for different K values
The average angle to be used as driver command can be taken as the angle
required at mid front axle as shown in Figure 3.2:

L L
tan(é_,)=— R=—— 3.5
220)= R O = e G-

Substituting for R in Equation (3.2) the right and left steer angles as functions of &, are:

—_ -1 sin 63!) . _ -1 sin 53!)
O, = tan T, sm( ) ; O, =tan T, sin 551) 3.6)
cos(J, )+ cos(s, ) - L —"

L

The above equations are nonlinear and are not limited to small angles.
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3.1.2 Tire Forces and Moments

The forces and moments generated at each tire shown in Figure 3.1 and Equation (3.1)
are nonlinear functions of slip-angle and can be established using Magic formula. The
Magic formula coefficients, as discussed, are dependent on the tire normal load. The tire
normal load and slip-angle in turn are dependent on vehicle response.

The vehicle geometry and co-ordinate system used to establish tire vertical loads
is shown in Figure 3.4. The position of the CG determines the load ratio on two axles.
The acceleration of the vehicle in longitudinal direction (in traction or braking) causes a
load shift between the front and the rear axles. Also, due to the lateral forces on the
vehicle (during a turn, banking or due to wind gust) load shift takes place from the inner
wheels to the outer wheels as illustrated in Figure 3.5. Since the vehicle is considered to
be stable in vertical direction, i.e., bounce and pitch motion of the vehicle are neglected,
the forces in vertical direction (z) can be established by taking sum of the forces along z,
and sum of the moments about x and y axes.

The final expressions for vertical forces at each wheel as a function of
longitudinal and lateral accelerations are [21, 23, 80]:

ma_h ma, h_c

Front, Right wheel: F , =W, - —— % 4 Y %
£ S Y Y )
ma, h, ma,h,c
Front, Left wheel: F, ., =W, 6 - -
o 2L 2T, L
3.7
) ma_ h, ma,h,b
Rear, Right wheel: F,,, =W, + £
- 2L 2T, L
ma, h, mah,b
Rear, Left wheel: F,,, =W, + -
v 2L 2T L

42



x
t [ b ' g
Rear] I >! Front
hcg MR
27r . 3
Front View Side View
F 3 ¥
Left
X
27, o >
. Right
Top View
Figure 3.4: Vehicle co-ordinate axis system
»
z T z
x
M, - >
Xy

IF&R ' Fx.r

Front View Side View
Figure 3.5: Longitudinal and lateral load shift

where, W, and W, are the static normal loads on each front and rear wheel. The required

slip-angles at each tire can also be expressed in terms of vehicle responses (Vy, V;, Q).
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Similar to Equation (2.11), the slip-angles for the 4-wheel system can be expressed as

[23, 67, 76, 77):

Jo-a+v, ] -7,
App=0p—tan" | ————|; @, =tan | —-——

Ve+T,-Q V.+T -Q
:b . - - (3.8)
. -+ C - —
a,, =6 —tan| ——-21|; @, =t —"
V,-T, Q V.-T, -Q

For a computed vertical load on a given tire and its slip-angle, the Magic formula is used
to establish the tire forces. Due to the interdependence of these models, it is necessary to
formulate a closed loop simulation scheme. For this, Matlab-Simulink is selected and the

simulation steps are shown in Figure 3.6.

0,
Steering st Pp|Steering Accelerations }—
Driver Model
Forces/Moments Velocities
Equations of Motion
Fy’ M, Steering Ost
o —Slip Angle Ve Vy, Q
Velocities ¢
Slip Angle
JForces/Moments Slip Angle Model
Normal Load Fz
Normal Load Acceleration j«¢ G, dy
Tire Model
Magic Formula Normal Load Model

Figure 3.6: 4-Wheel vehicle Simulink model
The simulated results can now be readily compared with those derived in Chapter 2. For

further validation of the results, a comparable model is also developed using CarSim.
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3.2 CarSim Model

‘CarSim Educational’ edition 4.51, a vehicle dynamics simulation software from
Mechanical Simulation Corporation (USA), is used for the verification of the Matlab
model. Although, CarSim is not a precise tool for vehicle design purposes, it has been
established as a robust tool for vehicle dynamics studies in auto industry. Vehicle
parameters and tire properties along with different simulation conditions (braking/
throttle/steering input etc) can easily be defined in CarSim and hence, it proves to be an
excellent means for validation purposes. The vehicle properties and simulation
parameters for CarSim model are developed using comparable vehicle parameters.

The tire stiffness in CarSim is defined as the function of the normal load. For this
purpose the Magic formula is used to find the stiffness values for variable load. The
initial slope of the curve is used as the stiffness. These values are used to generate the
stiffness characteristics of the tire model in CarSim as shown in Figure 3.7.

CarSim also supports the conventional control strategies and provides a platform
for running tests such as constant radius, constant speed, constant steering input etc. It
also provides the flexibility of changing design parameters such as camber, toe-in/out,
suspension properties, tire model etc. A CarSim model can be integrated with Simulink to
develop conventional control strategies. Despite all these facilities CarSim still does not
provide the freedom to design a new variable-ratio steering mechanism, which limits its
use to only verification purposes for uncontrolled vehicles or for comparison of active
control with conventional control strategies. This justifies the development of the 4-wheel

Matlab model.
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3.3 Simulation and Validation

Equations formulated in Section 3.1 are solved simultaneously using a Simulink program.
The simulation process is shown in a flow chart in Figure 3.6. Driver command is given
as input to the system. The output variables are displacement, velocity, acceleration,
normal loads, lateral forces, self aligning moments, and slip-angles. Driver command for

circular motion is chosen as a step input. Equation (2.10) with Equation (3.6) is used to
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generate the driver input and outputs at both front wheels for circular motion as shown in
Figure 3.8. The global trajectory can be derived from the body fixed co-ordinates as

explained earlier in Equation 2.13.
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Figure 3.8: Steering input for circular motion

The vehicle parameters used for the simulation are same as those used for the
simulation in Chapter 2. These parameters for the 4-wheel model are presented in Table
3.1. The initial velocity of the vehicle is 15 m/s (54 km/h). Since the vehicle slows down
continuously in case of the circular motion, no steady state can be reached. Thus, the
results at 500 sec when the radius of curvature reaches a steady state value are taken for
the comparison with steady state bicycle model. The comparison of 4-wheel model with
steady state and transient results of the bicycle model is shown in Table 3.2.

The transient results for other state and performance parameters such as
displacement, velocity, acceleration, normal load, slip-angle, lateral force and self

aligning moments are verified with the CarSim simulation for 25 sec.
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Table 3.1: Physical parameters for 4-wheel model

Mass of the vehicle, m 1530 Kg
Centroidal moment of inertia about z axis, L. | 3500 Kg.m*
Wheel base, L 2.8 m
Distance of CG from front axle, b 1.3m
Distance of CG from rear axle, ¢ 1.5m
Height of CG from ground, 4., 0.4m

Half Track Width - front axle, 7 0.7m

Half Track Width - rear axle, T, 0.7m

Table 3.2: Comparison of 4-wheel model

At 4.1 m/s forward velocity Transient Steady state Transient
analysis analysis- bicycle analysis-
4-wheel model model bicycle model
Yaw Velocity, Q , rad/s 0.1459 0.1459 0.1465
Lateral Acceleration, a, m/s’ 0.60 0.60 0.59
Radius of Curvature, R, m 28.10 28.11 28.30

The effect of understeer drive is clearly seen on the vehicle trajectory as shown in

Figure 3.9. The radius of the path decreases with the decrease in velocity. Due to negative

longitudinal acceleration shown in Figure 3.10(b), the longitudinal velocity of the vehicle

decreases continuously (Figure 3.10(a)). This trend matches with the transient bicycle

model response in Figure 2.7. Steep rise in the lateral acceleration as the vehicle enters

the turn and gradual decrease thereafter due to vehicle deceleration can be seen in Figure

3.11(b).
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Figure 3.10: Longitudinal velocity and acceleration for circular motion
Similar trends are seen in the vehicle yaw response in Figure 3.12. From the
transient vehicle response results, it is clear that the proposed 4-wheel model not only
follows similar trend as of the simpler bicycle model, but it also matches well with the
CarSim simulations. Vehicle response in terms of forces and moments are plotted further.
Figure 3.13 shows the effect of normal load shift in roll. Both tires on each axle

start with equal normal loads, 4020 N on each front and 3480 N on each rear tire. As the

vehicle enters the turn, the lateral acceleration causes a load shift from inner, i.e., left
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wheel to the outer, i.e., right wheel. The normal load on each tire when maximum load
shift takes place is found to be: F. sz = 5660 N, F.7; = 2460 N, F_,r = 4825 N, and F’,;
= 2055 N. These results show that, the total load on the front axle increases from 8040 N
to 8120 N and total load on rear axle decreases from an initial value of 6960 N to 6880 N,

due to the longitudinal deceleration of the vehicle.
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Figure 3.11: Lateral acceleration for circular motion
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Figure 3.12: Yaw velocity for circular motion

Considering only lateral load shift, a significant normal load of 1600 N on the front axle
and 1405 N on the rear axle takes place from left to right wheels, which is approximately

40% of the load on respective wheels. This load shift affects the lateral force generating
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ability of the tires as stated by the Magic formula. The slip angles for both tires on each
axle are approximately same as shown in Figure 3.14, but the lateral forces generated
from both right tires are significantly higher than the left tires as shown in Figure 3.15.

Higher lateral forces on right tires cause higher self aligning moments as shown in Figure

3.16.
Matlab CarSim
6000 : : . 6000 . ; |
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Figure 3.13: Normal load variation for circular motion
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Figure 3.14: Slip-angle variation for circular motion
The CarSim model considers both, sprung and un-sprung mass of the vehicle,

while the Matlab model is based on a single lumped mass system. This accounts for small
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differences in the normal loads, and hence lateral forces and self-aligning moments in

two models.
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Figure 3.16: Self aligning moment variation for circular motion

3.4 Summary

For the circular motion the transient performance agrees well with the steady state

bicycle model analysis. The vehicle follows the intended trajectory at lower speeds, but at

higher speeds, the understeer characteristics come into picture, as the path radius

increases with higher velocity. The significance of roll-load shift is seen clearly in the
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normal load response (Figure 3.13) where both right tires (outer) have significantly
higher loads than left tires (inner); though the difference decreases as the vehicle slows
down. To calculate lateral forces and moments on the tires, Magic formula was
incorporated which shows the effect of both, the slip-angle and normal load. Though the
slip-angles at left tires (inner) are slightly greater (Figure 3.14), the higher normal loads
on right tires account for higher lateral forces and moments (Figures 3.15, 3.16). This
phenomenon will be used to generate higher lateral forces from outer tires later in the
study. The analysis is not constrained to small angles and can be used for a wide range of
input parameters. The response of the vehicle follows the expected trend when compared
with CarSim model.

It is also observed that the effective tire stiffness for the 4-wheel model is less
than that assumed in linear bicycle model, which results in higher slip-angles. This is a
result of load shift and non-linear nature of the tire stiffness as a function of normal load.

A bicycle model may thus overestimate the vehicle’s ability to negotiate turns.
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4 Development of AIFS Control Strategy

4.1 Introduction

A 4-wheel vehicle handling model developed in Chapter 3 was compared with steady-
state and transient bicycle models. Although, bicycle model has been shown to be
effective and widely used for handling analysis, it has severe limitation for this
investigation as it neglects the effect of load shift and can not incorporate independent
steering angle input. The 4-wheel vehicle model developed is capable of simulating
handling responses which include tire nonlinearity, effect of lateral and longitudinal load
shift and most importantly independent steering input to the left and right wheels.

The main objective of this chapter is to explore and develop a control strategy for
independent steering input in order to improve handling performance. For this, it is first
necessary to examine the forces that are developed at each tire-road interface and
understand the existing control strategies. The 4-wheel model is utilized to simulate the
responses with conventional steering as well as with existing active control strategy. The
results are critically examined and shortcomings are identified. Based on the results in
terms of ability of tires to generate forces during a handling maneuver, it is established
that the concept of anti-Ackerman steering ratio can improve the handling by utilizing the
available tire work-load. An adaptive front steering control strategy is then finally

proposed in this chapter to adopt a differential front steering ratio based on a selected
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response performance and vehicle handling characteristic. The vehicle’s handling

performance with the proposed control strategy is explored in the next chapter.

4.2 Longitudinal Vs. Lateral Force Control

One of the main focuses in current automotive research is vehicle chassis control
which includes handling performance, ride quality improvement, and traction/braking
performance. One such focus is on the handling performance via active front steering
control. An extensive review of literature in the area presented in Chapter 1, showed that
there are primarily two methods for control of tire-road interaction forces that are
explored for the improvement of the handling performance. One deals with longitudinal
force control in traction or braking and is the basis of ABS, DYC and TCS. On the other
hand, AFS, ARS and 4WS systems are based on the control of lateral forces developed
by the tires.

Both these methods utilize the friction force between the tire and the road. It has
been shown that a combination of both methods is required for an ideal control. However,
the cost, complexity and practicality play an important role in deciding which strategy to
be used.

For pneumatic tire, it is well known that the lateral force that can be developed for
a given slip-angle is dependent on whether any longitudinal force is also developed or
not. The force developed by pneumatic tire in the x-y (longitudinal-lateral) plane
represented by available friction in each direction can be represented by a friction ellipse

as shown in Figure 4.1 [16, 67, 119].
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Figure 4.1: Friction ellipse for longitudinal and lateral tire forces

As seen in the above figure, the maximum lateral (y-axis) or longitudinal (x-axis)
force is achieved only in the absence of the other force. For a combined longitudinal and
lateral slip, the total available friction force has components in two directions. Also, the
higher value of maximum longitudinal force shows that the lateral force saturates much
faster than the longitudinal and hence, lateral force can not be used in extreme cases, such
as wheel lockups.

For the purpose of introducing active control of vehicle yaw, it is easy to show
that the lateral tire force, if introduced, can provide larger net counter moment than a
longitudinal force alone. It can be visualized easily by the two control strategies
presented in Figure 4.2 [17], where forces are generated only at the front tires to produce
a counter-clockwise yaw-moment. As the figure shows, a longitudinal tire force Fnax

developed by introducing braking of the left wheel introduces a net moment of F, -T .

Whereas, if same lateral force is developed at each front tire (Figure 4.2, right), assuming

Fymax = Fxmax, @ net moment of 2- F,_ -27T is realized.
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Figure 4.2: Maximum moment generated in front wheel braking and steering [17]

This shows that AFS utilizing lateral tire force can produce up to 4 times the
stabilizing moment compared to active braking control or longitudinal tire force used in
DYC. Even if active torque is implemented along with active braking in the first case
(braking from left and traction from right tire), active steering would still generate twice
the amount of moment.

Furthermore, in a split-u case, the active steering can be shown as a very useful
method to stabilize the vehicle, along with active braking. A typical split-u case is shown
in Figure 4.3, when there is a difference in friction coefficient between the right and left
tires and the road. Both tires on right side experience a low friction surface and hence,
can not generate enough force for traction/braking or cornering. In such a situation, if
brakes are applied, the longitudinal force will be generated only on the left side, which
will produce a net counter-clock-wise moment and hence, causes instability. Thus, active
braking alone could prove to be dangerous in such cases. If active steering is
implemented along with active braking, the lateral force from the front left tire can be

used to generate a clock-wise moment, which would help in stabilizing the vehicle.
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Figure 4.3: Effect of active steering control in split- p condition [17]

In [81], it is further shown that the lateral force control can stabilize the vehicle in
side wind-gust disturbance where longitudinal control fails. These arguments justify that
given a choice, lateral control with active stéering should be an integral part of any
control system for improved handling and stability. Present investigation thus examines
the potential of active steering control where the lateral forces developed at the left and
right tires may be different. Vehicle behavior with conventional steering and
conventional active front steering control is first thoroughly examined in the next section

prior to establishing a control strategy.

4.3 Vehicle Behavior with Ackerman Steering - No Control

A theoretical steering mechanism based on Ackerman geometry is described in Section
3.1.1 and shown in Figure 3.2. Such a geometry is closely followed in road vehicles using
a rack-pinion with 4-bar linkage mechanism. Ackerman geometry is necessary in road
vehicles to avoid tire scrub at low speed turning [117]. The Ackerman geometry makes
sure that all four wheels rotate about a common centre of rotation, thus avoiding
unnecessary lateral scrub of the tires. However, as the speed increases slip-angles are
generated in each tire as described in section 2.1. The slip-angles cause a shift in the

centre of rotation as shown in Figure 4.4 [117].
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These results are obtained for candidate vehicle parameters presented in Table 3.1
by drawing perpendicular lines from each wheel’s direction of motion. The centers of
rotation are obtained for constant steering angle of 5.73° as forward velocity is varied
from 5 m/s to 14 m/s. The shift in the centre of rotation with increasing speed causes the
vehicle to deviate from its desired path and yaw-rate. Depending on vehicle’s handling
characteristic, understeer or oversteer, the vehicle may follow a path of larger or smaller
radius at high speed [16, 64]. Vehicles with different handling characteristics and

different steering input are simulated in this section for an analysis of handling behavior.

4.3.1 Steering Input Command

A step steering input for circular motion was presented in Figure 3.8 in Section 3.3.
Similar steering command is used for circular motion and another steering command with
sinusoidal input for lane-change is developed in this section. For comparison purposes,
vehicle’s ideal path is required. It is assumed that the vehicle will follow the ideal path at
close to zero forward velocity, since the slip-angles generated are nearly zero [119]. This
ideal path can easily be established by simulating the vehicle response to a step steering
input at low velocity. At higher velocity, however, the input period must be modified to
obtain comparable response. A velocity dependent rounded step input is thus defined to
generate vehicle’s circular motion. A rounded step input function to reach 0.1 rad in 2 sec

is selected for V=15 m/s as:

0.05sin| Zr-Z 14005 : 0<t<2
2 2 (4.1)

st

01 ; t>2

For an equivalent input at 1 m/s, the time period of the function is modified to yield:
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o.OSSin(-’it - f) +0.05 ; 0<t<30
30 2 (4.2)

st

0.1 ; r>30

A time history plot of above input functions are presented in Figure 4.5.
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A steering input for lane-change maneuver is modeled by a full period of a sine wave.

The steering command for lane-change at 25 m/s forward velocity can be written as:

0.015sin(r) ; 0<r=<2
= { Sll’l( ) ﬂ} (43)

0 ; t>2n
Again, an equivalent input at 1 m/s is obtained by changing the steering frequency to

give:

0.015sin z ; 0<t<50x
st = 25 (4.4)

0 ; t>50x

The resulting time history of the steering input for lane-change at 1 m/s and 25 m/s are

presented in Figure 4.6.
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The candidate vehicle with parameters presented in Table 3.1 is simulated for the
above input. The parameters represent a vehicle with understeer characteristics as was
established in Section 2.2. The characteristics can easily be changed to oversteer by

modifying CG location. The following subsections present the circular motion and lane-

change responses for both under and oversteer configurations of the vehicle.

4.3.2 Circular Motion - Understeer Vehicle

The 4-wheel vehicle system developed in Chapter 3 is used as the basic model for
simulation in this section. The parameters in Table 3.1 with K,; = 0.35° represent an
understeer vehicle. To examine possible parameters that can be used in control strategies,
forward velocity is kept constant for all the simulations hereafter. For a given steering
input at a given velocity, ideal radius of curvature and yaw-rate are taken as the reference
response parameters. These reference values can be defined in terms of the steering

angle, the forward velocity and the vehicle parameters as:
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R, - b
tan(S,, )
4.5)

V., V,.-tan(d,)

R, L

Q,, =

where, R, is the ideal radius of curvature and €, is the ideal (reference) yaw-rate.

The circular motion is obtained from the x-y coordinates of CG at a constant
forward velocity of 15 m/s and steering input as shown in Figure 4.5. The trajectory of

the vehicle with understeer characteristics at low velocity (ideal path) is compared with

that at 15 m/s in Figure 4.7(b).
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Figure 4.7: Yaw-rate and trajectory, understeer vehicle, no-control, circular motion
The results clearly show that the conventional Ackerman steering geometry will lead to
deviation of trajectory with increasing velocity. Any attempt to conform to ideal path will
require further driver-vehicle interaction.

The understeer vehicle generates higher slip-angles at the front tires compared to
the rear and hence, follows a larger radius of curvature for the same steering input. With

an increase in the radius of curvature, the yaw-rate of vehicle will reduce as the velocity

increases. A comparison of resulting yaw-rate with that of reference yaw-rate (Equation
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(4.5)) is presented in Figure 4.7(a). The results show that for an understeer vehicle, both

transient and steady-state yaw-rate will be less than the reference yaw-rate for higher

velocities.

The normal load experienced at each tire during the simulation is shown in Figure
4.8(a). The results show a very significant lateral load shift from the inner to the outer
tires. The normal load on tires directly affects the lateral force generated at tires during

the maneuver. Figure 4.8(b) shows the resulting lateral force at each tire for the circular

motion at 15 m/s.
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Figure 4.8: Normal and lateral forces, understeer vehicle, no-control, circular motion

4.3.3 Circular Motion - Oversteer Vehicle

The results presented in the previous section are for the candidate vehicle with understeer
characteristics. The steering characteristics for the same vehicle can be modified to
oversteer by moving the CG location closer to the rear axle. For thisb=1.7m,c = 1.1 m.
are used to establish the new characteristics. Using appropriate static tire load and

cornering tire stiffness, the understeer coefficient (Ky) is established using Equation

(2.4).
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The new “understeer coefficient” for this model is found to be K, = -1.055° (-
0.0184 rad) resulting in oversteering. An oversteer vehicle is characterized by its critical
velocity; a forward speed at which the vehicle will be unstable for any steering command

[16]. This concept is valid only for a bicycle model and does not necessarily apply to a 4-

wheel model. The critical velocity, V,,; for the new model is found to be:

v = 8L —386m/sor 139 kv (4.6)

The oversteer vehicle tends to follow a smaller radius of curvature for a constant steering
input with increasing speed due to higher slip-angles at rear tires. This results in higher
yaw-rate when compared to the reference yaw-rate. The developed oversteer vehicle is
simulated at 1 m/s and 15 m/s to obtain its response to rounded step inputs used in the

previous section. Low speed trajectory considering as ideal path is compared with that at

15 m/s, and is presented in Figure 4.9(b).
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Figure 4.9: Yaw-rate and trajectory, oversteer vehicle, no-control, circular motion

The reduced radius of the trajectory shows the oversteer nature of the vehicle. The yaw-
rate of this vehicle, when compared with the reference yaw-rate in Figure 4.9(a), shows

comparable transient response, which settles at a higher value than the reference value.
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The corresponding normal load at each tire during the maneuver is shown in Figure
4.10(a). This shows higher normal load on rear axle and a significant lateral load shift

from inner to outer wheels as the vehicle negotiates the turn.
Finally, tire lateral forces are shown in Figure 4.10(b), where the effect of higher
normal loads can again be seen on the lateral forces for both outer tires. Both of these

under and oversteer vehicle models are simulated for lane-change maneuvers in the next

subsections.
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Figure 4.10: Normal and lateral forces, oversteer vehicle, no-control, circular motion

4.3.4 Lane Change - Understeer Vehicle

The vehicle model from subsection 4.3.2 is simulated for a lane-change maneuver using
the sinusoidal steering input presented in Figure 4.6. The computed results in terms of
vehicle trajectory at 1 m/s and 25 m/s are shown in Figure 4.11(b). The deviation of the
vehicle path from the ideal path can be explained with understeer nature and low yaw-
rate as shown in Figure 4.11(a). As seen in Section 4.3.2, low yaw-rate results in larger

radius of curvature and hence, vehicle’s actual path lags behind the ideal path.
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Figure 4.12: Normal and lateral forces, understeer vehicle, no-control, lane-change

In Figure 4.12(a) the effect of sinusoidal steering input can be seen as the right
and left tires act as inner and outer for each half cycle and load shift takes place from left
to right for the first half and from right to left for the latter. Finally, the effect of higher
normal loads on lateral forces for each half cycle is presented in Figure 4.12(b), where
right and left tires generate slightly higher forces for first and second half of the
maneuver, respectively. Variation in both load shift and tire lateral force in this case are
less severe than those found for circular motion due to less severity of the input used in a

lane-change maneuver.
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4.3.5 Lane Change - Oversteer Vehicle

Vehicle model with modified CG position as described in subsection 4.3.3 is simulated
for lane-change maneuver at 1 m/s and 25 m/s. The oversteer vehicle is expected to
follow a smaller radius of curvature when compared to the ideal curve for a given

steering input. This effect can be seen in vehicle’s trajectory in Figure 4.13(b) where the

vehicle makes a sharper turn, as if it was given a larger steering angle.
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Figure 4.13: Yaw-rate and trajectory, oversteer vehicle, no-control, lane-change
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Figure 4.14: Normal and lateral forces, oversteer vehicle, no-control, lane-change

The higher yaw-velocity can be observed in Figure 4.13(a), which causes the

deviation of vehicle from its ideal path. The CG position, being closer to the rear axle,
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causes higher normal load on rear wheels. The normal load shifts from left to right and
right to left for each half of the sinusoidal cycle, which results in load variation on four
tires as shown in Figure 4.14(a). Again the higher normal load causes higher lateral
forces to be generated at right and left tires for each half cycle as shown in Figure
4.14(b).

The results obtained in this section clearly indicate that the conventional steering
system with fixed steering ratio based on low speed handling can not provide the
response at higher speeds. Furthermore, the effect of speed is dependent on the vehicle’s
handling characteristic. It is also observed that there is a significant dynamic load shift
which changes the tires ability to generate forces. In an uncontrolled system, therefore,
the tire’s ability to work is not maximized. Tire work-load and effect of steering ratio on

tire work-load is next examined in the following section.

4.4 Tire Work Load and Anti-Ackerman Steering

In a handling maneuver there is significant load shift between left and right tires.
Furthermore, longitudinal acceleration or braking causes load shift between front and rear
axles as shown in Equation (3.7). If the location of CG is changed due to loading, the
load on the wheels will also change. The load on a tire is thus a very dynamic parameter.
Lateral forces using Magic formula at front and rear tires for static normal load for an
understeer vehicle were compared in Figure 2.2. The higher normal load on front tire
enables it to generate higher lateral force compared to the rear tire. Similar results were
obtained in the previous section in Figures 4.8 and 4.12, where front tires with higher

normal loads generate higher lateral forces compared to the respective rear tires, while
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rear tires generate higher lateral forces in Figures 4.10 and 4.14 due to higher normal load
for an oversteer vehicle. This ability to generate higher forces as a function of normal
load can be clearly deduced from the Magic formula and is quantified in Figure 2.2.

Similar trend in lateral force generation from right and left tires on each axle can
be noticed in each case in above section, as the vehicle negotiates a turn, which needs to
be quantified. For this purpose the understeer vehicle discussed in section 4.3.2 and the
similar circular motion condition would be used. Figure 4.8(a) shows the load shift due to
the vehicle roll motion while negotiating a turn. Both outer tires (right tires in this case)
show a significantly higher normal load than the inner (left) tires. For the front axle the
normal load on the right tire is 5600 N while that on left tire is 2400 N, at 15 m/s,
negotiating a 30 m radius turn. Using the Magic formula, lateral force generating ability
as a function of slip-angle for both tires is drawn and shown in Figure 4.15.
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Figure 4.15: Lateral force generating ability for front tires

According to the Magic formula, the lateral force generated at a particular normal

load reaches a maximum value at a particular slip-angle and decreases thereafter for any
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further increase in slip-angle. Both, the value of maximum lateral force and
corresponding slip-angle depend on the normal load. With increase in the normal load,
both of these values increase [64, 117]. From Figure 4.15, it can be seen that the right
(outer) tire with higher normal load generates a maximum of 5000 N at 11° slip-angle
while the left tire can generate maximum of 2300 N when slip-angle is 7°.

The lateral forces generated at both front tires are shown in Figure 4.8(b). In this
case, the left tire contributes 2100 N while the right tire generates 3800 N. The respective
slip-angles for this maneuver ére found to be 4.3° and 4.1° for left and right tires,
respectively. From these results it can be deduced that the left tire, which acts as inner tire
in the present case, is generating near saturation lateral force, while the right tire (outer)
is capable of generating much higher force, which can be utilized for control purposes.

To compare the tire’s ability of generating forces under given normal load, a
performance parameter in terms of tire work-load is defined [19, 23]. Tire work-load is a
measure of utilization of total frictional forces available and is defined as the ratio of total
forces being generated by the tire to the maximum forces that the tires can generate at
instantaneous normal load and can be expressed as:

Tire work-load = ———————M 4.7
p-F,
where, F, and F are the lateral and longitudinal forces, F; is the normal load and u is the
average coefficient of the friction between the tire and the road. As the tire work-load
reaches unity, i.e., the force reaches its maximum value, any further increase in slip or
slip-angle decreases the force (Figures 2.2 and 4.15) [117]. In the current investigation,

the longitudinal forces in traction or braking are neglected and the coefficient of friction
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between the tire and the road is assumed to be same for all tires. Hence, the tire work-
load can be simplified to:

. F
Tire work-load = -I?y— (4.8)

This definition of tire work-load will be used throughout this study as a performance
parameter to compare different control strategies.

Using Equation (4.8) tire work-load for all four tires are calculated for the cases
simulated in Section 4.3 and are presented in Figures 4.16 and 4.17. Figure 4.16(a) shows
the tire work-load in circular motion for the vehicle with understeer characteristics for
which tire lateral forces were presented in Figure 4.8(b). Comparison of these results
show that although the front right (outer) tire generates almost twice as much lateral force
as the left (inner) tire, it still operates at low work-load (< 0.7). The front left (inner) tire,
on the other hand, operates at close to saturation value (~ 0.9). Thus, the inner tire may
impose a limit over the amount of active control, as any further increase in steering angle,
and hence slip-angle, will saturate the lateral forces at inner tire. This will in turn
decrease the net forces generated from inner tire and hence, can cause instability in the
vehicle. At the same time, the ability of outer tire to generate higher force remains
unexploited.

For the oversteer vehicle, the tire work-load for both front tires are high as shown
in Figure 4.16(b), since the vehicle is operating at higher yaw-rate compared to the
reference value. In this case a controller would be desirable to reduce the steering angle
to improve the relative stability of the vehicle. However, if the steer angles of both front
wheels are reduced, it may decrease the tire work-load at the outer tire, but inner tire may

still experience a relatively high work-load.
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Figure 4.16: Tire work-load, no-control, circular motion

For lane-change maneuver, both front tires act as inner tire for half cycle and
hence, show higher tire work-load for respective half cycles as shown in Figure 4.17.
Again, the oversteer vehicle experiences higher work-load compared to the understeer

vehicle due to higher yaw-rate.
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Figure 4.17: Tire work-load, no-control, lane-change
It can be clearly noticed from above discussion that the inner tire always
experiences higher tire work-load irrespective of the vehicle handling characteristics or
steering maneuver and is at the risk of saturation. To avoid such a situation and to utilize
the higher lateral forces from the outer tire for better traction, certain vehicles such as

race cars, utilize an anti-Ackerman geometry [64, 117, 118, 120, 121]. Anti-Ackerman
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geometry requires outer wheel to be steered more than the inner wheel. It generates
higher slip-angles and hence, higher lateral forces at outer tire as discussed in the next

subsection.

4.4.1 Vehicle Behavior with Anti-Ackerman Steering

A steering mechanism can be designed in such a manner that the outer wheel is steered
more than the inner wheel. This type of steering geometry is known as the anti-Ackerman
geometry. The anti-Ackerman steering ratio helps in shifting the tire work-load from the
inner tire to the outer tire and hence, avoids the inner tire from reaching its maximum
capacity. This can generate higher total lateral forces in cornering and is often used in
race car steering design [120]. A comparison of total lateral forces for Ackerman and
anti-Ackerman steering is shown in Figure 4.18 for four different normal loads. These
results show that for a given normal load anti-Ackerman generates significantly larger
force. Such geometry, however, does not allow for pure rolling of the wheels at low
speeds and makes it difficult to push the car around the pit [117].

The 4-wheel vehicle model is next examined for handling performance with anti-
Ackerman geometry. A 10% anti-Ackerman geometry is realized by assigning:

s, =1.15,

4.9
5 =095, (+9)

where outer wheel is steered more than the inner wheel. Such steering system is
simulated for a step steering input for circular motion of the understeer vehicle. Vehicle

trajectories for 10% and 20% anti-Ackerman and ideal path are compared in Figure 4.19.
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Figure 4.18: Anti-Ackerman geometry for the race cars

The results show that anti-Ackerman does not change the understeer characteristics by
much and follows a similar path as that of the Ackerman geometry. The results in terms
of tire work-load are presented for the three cases in Figure 4.20. These results show that
with the increase in anti-Ackerman ratio the work-load is more equalized between front
inner and outer tires. Thus, anti-Ackerman geometry proves to be a promising design for
better lateral control at high speed operations, while it is desirable to have Ackerman
geometry at low speeds.

A steering can be designed to follow Ackerman or Anti-Ackerman ratio by
changing the physical parameters in the 4-bar steering linkage mechanism or by setting
an initial toe-in [117]. Road vehicles are, however, designed for close-to-Ackerman
geometry to avoid tire scrub, and the same ratio is maintained for all speeds. Even with
conventional active control, Ackerman ratio is used for input at the left and right wheels

while A, is introduced to improve handling. A typical active front steering (AFS)

control system for the 4-wheel vehicle model is formulated in the following section.
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Figure 4.20: Tire work-load for Ackerman and anti-Ackerman steering

4.5 Vehicle Behavior with Conventional AFS

In order to achieve ideal state of a response, active feedback control is employed in road
vehicles. The controller changes one of the input parameters to achieve one of the
reference or set-point state parameters. In the present investigation, front steering input is
controlled in order to achieve the reference yaw-rate. The conventional active front

steering (AFS) controller, developed in this section is based on a simple feedback
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proportional-integral (PI) control strategy [122]. A conventional controller, as discussed
earlier, controls steering angle of both front wheels simultaneously following an
Ackerman ratio between inner and outer wheels. The controller calculates the reference
yaw-rate from forward velocity and the driver steering command as shown in Equation
(4.5). The response can be used to define an error in the yaw-rate as:

AQ=Q

Q (4.10)

ref — SSact
To minimize this error an actively controlled additional steering command has to
be added to the driver input. The amount of active steering command is proportional to

the error in the yaw-rate. The steer gain factor, K can be defined as:

K st = 55’
Q,,
Substituting for Q, . from Equation (4.5), the gain can be written as:
551 L

* "V tan(s, )

For control purposes, for small Jy, tan(ds) is assumed to be equal to J; and hence, the

steer gain factor reduces to:

K = 4.11
0=y (4.11)

The corrective steering angle can be calculated from the gain factor and the yaw-rate
erTor as:
AS, =K, -AQ (4.12)

and the actively controlled steering command with PI controller can finally be calculated

as:

8, =kAs, +k, [AS, (4.13)
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The first and second terms on the right hand side of the Equation (4.13) represent the

proportional and integral part of the feed-back controller, and k; and %, are the weight

assigned to proportional and integral parts. In the present study the weight for

proportional and integral parts used, based on optimized overshoot and response time lag

are: ky =4,k =6.

The controlled steering command, J., is added to the driver steering command and

given as input to both front wheels. Since the controller is based on only proportional and

integral parts and the differential part is not considered (PID controller), an overshoot in

the response is expected. The controller is similar to the one shown in Figure 1.1 and is

represented by block diagram in Figure 4.21.
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Figure 4.21: Schematic of the feed-back controller with vehicle model

This conventional AFS is applied to the circular motion of the understeer vehicle to

achieve the reference yaw-rate. Maximum forward velocity at which the control can be

applied depends on the total tire lateral force available during a maneuver. For the

proposed simulation the maximum velocity can be established from:
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V2
MY hax = Fmax
R

For a given steering angle (Jy), reference radius being R = (L/dy), the Fpnax can be
calculated from Magic formula. For the vehicle parameters used, and d5 = 0.1 rad, the
maximum forward velocity is found to be: 16.4 m/s. It is thus safe to use the same
velocity as the previous section, which is 15 m/s.

At velocities higher than this, the vehicle can never reach the reference values and
thus, the controller will become unstable. The understeer vehicle equipped with this
conventional AFS controller is simulated for step steering input for circular motion. The
total steering angles at the front wheels are result of driver steering command added with

active controller command as shown in Figure 4.22.

8
a e o o o o 350 5 0 o 1 Y 0 0 0t 0 ]
[+3) I‘/’w,’
s
i’i -3 S A
3
3 - —
S / ——— Driver steering commnad
24 Outer steering, AFS B
o /e inner steering, AFS
a
£
o
£
S
[0)]
L
17

5 Time (sec) 10 15
Figure 4.22: Steering angle with AFS

The results show that in order to meet the required reference yaw-rate,
significantly larger steering angles are produced by the AFS controller. The ratio of inner
to outer wheel, however, remained according to the Ackerman geometry. The resulting
yaw-rate during the maneuver is shown in Figure 4.23(a). This result clearly shows the

effectiveness of AFS in realizing the reference yaw-rate.
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Figure 4.23: Yaw-rate and trajectory with AFS
Since the vehicle achieves the reference yaw-rate with AFS control, it follows
close-to ideal path as shown in Figure 4.23(b). The radius of the path is same as the ideal
path and the horizontal and vertical offset is due to the response-time delay of the

controller. The response time delay can further be improved with robust control

techniques.
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Figure 4.24: Slip-angles with AFS
The slip-angles developed at the front tires of vehicle with AFS shown in Figure
4.24 indicate that the maximum slip-angles developed by inner and outer tires are 6.5°

and 6.2°, respectively. It would be interesting to compafe the tires’ ability to generate

lateral force for the same operating conditions. For AFS control of the vehicle with
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understeer characteristics it is noticed that the active control increases the steering angle
to bring the vehicle yaw-rate towards the reference value. This causes further lateral load
shift and the inner tire further loses its ability to generate lateral force. The normal loads
on each front tire after implementing active control are found to be:
F, Right (outer) tire = 5900 N
F., Left (inner) tire = 2100 N
The ability of each tire to generate lateral force under above normal loads is calculated

using Magic formula and is presented in Figure 4.25.
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Figure 4.25: Lateral force generating capability for front tires in AFS

The maximum lateral force for each tire and corresponding slip-angle, in this case, are
found to be:
F, max, Right (outer) tire = 5200 N, a. = 11°
F max, Left (inner) tire = 2000 N, o = 7°
which shows a decrease for inner tire and increase for outer when compared to no-control
case presented earlier in Figure 4.15. Thus, the active control further reduces inner tire’s
ability to generate lateral force which may have a negative effect on the performance of

the active control. This effect can be noticed in Figure 4.26, where the lateral force at the
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inner tire reaches its maximum value of 2100 N, but as the active control keeps

increasing the steering angle at the inner wheel, further load shift takes place and the

lateral force drops to 2000 N rather than increasing any further.
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Figure 4.26: Lateral forces with AFS
The outer tire generates 4800 N and is still capable of generating up to 5200 N of lateral
force. Finally, the tire work-loads for front tires are compared for AFS with no-control
case in Figure 4.27. Since the coefficient of friction while calculating tire work-load in
Equation (4.8) is taken as 1, the inner tire shows a work-load of 0.95, but it is actually

operating at full work-load. The outer tire on the other hand, is not utilizing the maximum

available frictional forces.
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From the results of step steering input and circular motion of the vehicle with
AFS, it is observed that a conventional AFS may achieve the reference state in terms of
yaw-rate. It is further found that in such control inner tire’s force saturation may lead to
vehicle instability as any further actively controlled steering command will reduce the
forces at inner tire while outer tire may be further capable of generating forces. This is
expected since the steering ratio remained unchanged and no attempt is made in
maximizing the tire work-load. An improvement of AFS can thus be proposed by
implementing an independent steering control for each front wheel. Such an Active

Independent Front Steering (AIFS) is developed in the next section.

4.6 Active Independent Front Steering Control Technique

The results presented so far in this chapter provide insight into the important issues
related to the vehicle handling performance and the potentials for improvement. It is
obvious that Ackerman steering geometry is essential for passenger vehicles to minimize
tire scrub and related noise and wear. On the other hand, anti-Ackerman ratio as used in
race cars has its merits where the tire, capable of developing higher lateral force, is
allowed to do so.

The control strategy available in literature, namely AFS, has been shown to
improve handling response as it can match the yaw-rate to reference response. It may,
however, saturate tire force prematurely and fail to utilize potential of each tire.

A new control strategy is therefore proposed in this investigation that utilizes
Ackerman steering geometry with active independent front steering (AIFS) control. Such

control strategy will allow anti-Ackerman ratio for high speeds when necessary to realize
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the reference yaw-rate, while maximizing the tire work-load. Based on the observations
of previous simulations, it is established that the proposed AIFS should:
e be able to identify the sign of steering command, i.e., turning left or right, to
assign outer tire as right or left respectively.
e add the active command to the tire with low work-load, i.e., outer tire, in case of
an understeer vehicle.
e subiract the active command from the tire with high work-load, i.e. inner tire, in
case of an oversteer vehicle.
Based on the above rules a control algorithm is designed and is represented in form of a
flow-chart in Figure 4.28.

In the algorithm shown in Figure 4.28 the driver steering command (Jy) for a left
turn is assigned positive and negative for right turn, thus making right tire as outer and
left as inner for a positive steering command and vice-versa. The proposed technique
changes the controller input from right to left wheel according to the direction of steering
command for left and right turn. Also, it adds the controller command (d.) to the outer
wheel in case of an understeer vehicle, while adding a negative command and hence,
subtracts the controller command from inner wheel in case of an oversteer vehicle, thus
maintaining an equalized tire work-load between front tires. The controller command (d.)
can be established using the procedure outlined in Section 4.5 for AFS system. The

controller table based on driver input and vehicle handling characteristic for the proposed

AIFS is shown in Table 4.1.
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Figure 4.28: Flowchart for AIFS control technique

Table 4.1: Controller table for AIFS

Steering
Angle + -
Handling
Characteristic
Understeer R L
Oversteer L

Above table shows the wheel to be controlled depending on the steering command
and the vehicle handling characteristic. This gives a relation between active steering

command and the wheel to be controlled as shown in Table 4.2.
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Table 4.2: Deciston table for AIFS

Controlled wheel
Active + R
command, . L

This algorithm can be combined with a conventional AFS control technique developed in
Section 4.5 (Equations 4.10 - 4.13) to give an AIFS control. Such a controller is designed
and integrated with the vehicle model in the next chapter, where simulation results are

also compared with those of no-control as well as conventional AFS.

4.7 Summary

Chapter 4 was devoted to in-depth understanding of vehicle handling response to a step
input and lane-change maneuver. For this, simulations were carried out for Ackerman and
anti-Ackerman steering geometries. The results were compared with those derived from
AFS control. In each case results were examined with respect to various performance
measures, namely ideal path, reference yaw-rate, tire vertical and lateral forces and most
importantly, the tire work-load. From the results it was concluded that in order to obtain
effective control at all speeds while maximizing the tire work-load, it is necessary to
utilize a controller that can modify the left or right wheel steer angle independently based
on vehicle’s understeer characteristics, speed and driver steering command. A control
strategy using active independent front steering (AIFS) is finally proposed in this chapter.
The handling performance of the candidate vehicle with the proposed AIFS is examined

in the next chapter.
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5 Vehicle Behavior with AIFS Control

In Chapter 4 it was established that the front tire lateral forces provide practical and
effective means to enhance vehicle stability. Front steering control was thus selected for
the present investigation. Conventional AFS was also studied in Chapter 4 to examine its
performance and to identify its limitations. A performance measure based on tire’s ability
to generate lateral force and actual lateral force developed was defined as tire work-load.
Chapter 4 finally proposes an AIFS control strategy that can provide AFS performance
with maximized tire work-load. This chapter presents a controller design for such an
AIFS control algorithm.

An AIFS controller formulated in Simulink is integrated with the 4-wheel vehicle
model developed in Chapter 3. The candidate vehicle with under and oversteer
characteristics under different steering angles is simulated to observe the handling
performance. The results are compared with no-control as well as conventional AFS

control to demonstrate the effectiveness of the proposed AIFS control.

5.1 AIFS Controller Design

A controller based on the AIFS technique proposed in the previous chapter is developed
in this section. The controller design is similar to the one designed for conventional AFS,
using a PI-controller (Equations 4.5, 4.10-4.13), but the active command would be given

to only one of the front wheels according to Tables 4.1 and 4.2. This decision is based on
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the tire work-load for inner and outer tires on the front axle. The active command is
added to the outer wheel, and subtracted from the inner when required.

The AIFS controller integrated with vehicle system is shown in Figure 5.1. The
controller requires driver steering command and vehicle longitudinal velocity as inputs to
calculate the reference yaw-rate as given by Equation (4.5). The active steering command
is then calculated based on yaw-rate error using speed dependent gain as shown in
Equations (4.10-4.13). The weights of the proportional and integral part of the controller
are 4 and 6, respectively, which are same as those used in conventional AFS control in
Section 4.5. When the active steering command is added to the driver steering command,
the AIFS strategy is implemented. Based on the sign of the active command, positive or

negative, it is either added to the right or left wheel, respectively, as given by Table 4.2.

St_ref
Driver = >§?——> Active steering command  Vehicle State Parameters }—

Driver Command,
St reference

Vehicle Mode!

St_controller

15t Reference

»{Vx Active steering command —

Omega_act
” Feedback Controller

Figure 5.1: AIFS controller integrated with vehicle model

Selected vehicle configurations equipped with AIFS controller are simulated for different

driver steering command in next section.
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5.2 Vehicle Behavior with AIFS

Vehicle models, developed in Section 4.3 for circular motion and lane-change maneuver
are simulated for AIFS control in this section. The steering commands for both
maneuvers were presented in Section 4.3.1. The forward velocity for circular motion is
taken as 15 m/s and for lane-change as 25 m/s. Vehicle behavior is observed and
compared with conventional AFS control-equipped vehicle. Simulation results for
circular motion are shown first in the next subsections, followed by lane-change

mancuver.

5.2.1 Circular Motion - Understeer Vehicle

The understeer vehicle model is given a step steering input of 0.1 rad (5.73°) as driver
command. As seen earlier in Sections 4.3.2, understeer vehicle’s yaw-rate is less than the
reference yaw-rate and hence, active control adds a control steering command to achieve
the reference value. The resulting left and right wheel steer angle for AFS and AIFS are
shown in Figure 5.2 along with the driver steering command. As was seen earlier, the
AFS adds the control steering command to both wheels as it maintains the same ratio.
The AIFS is designed to provide additional angle to one wheel only; in this case it adds
the control steering command, J,, only to the outer (right) wheel to achieve the reference
state, keeping the left wheel steering angle untouched.

From Figure 5.2 it can be further seen that the final outer wheel steering angle is
greater in case of the AIFS control compared to the AFS, to compensate for not
controlling the inner wheel. The slip-angles generated due to the active independent

steering command are shown in Figure 5.3(a).
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Again, the slip-angle at outer tire in AIFS is slightly greater than the one in AFS;
however, a low slip-angle for inner tire is maintained in AIFS. These slip-angles cause
different lateral forces at front tires when compared with conventional AFS as shown in
Figure 5.3(b). The outer tire generates slightly higher lateral force in AIFS control
compared to AFS. The inner tire generates low lateral force, which may be near
saturation.

Vehicle yaw-rate as a result of these lateral forces in AIFS control is shown in
Figure 5.4(a). The yaw-rate response shows similar result as that of conventional AFS
and is very close to the reference yaw-rate. Since AIFS control is able to achieve the
reference yaw-rate, vehicle is expected to follow a close-to-ideal trajectory, which is
shown in Figure 5.4(b). The radius of the circular path followed by the vehicle is equal to
the reference radius where the response time-delay causes the overall shift in the

trajectory.
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From Figures 5.3 it can be noticed that in AIFS:

Outer tire generates a lateral force of 4950 N with a maximum ability to generate

5200 N and operates at a slip-angle of 6.85°.

Inner tire generates a lateral force of 1900 N with a maximum ability to generate

2000 N and operates at a slip-angle of 4.75°.

When these results are compared with conventional AFS control in Section 4.5, it is

clearly noticed that the tire work-load between front tires is equalized in AIFS which is

shown in Figure 5.5. A slight increase in tire work-load for outer tire, from 0.82 for AFS
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to 0.84 for AIFS, helps reduce tire work-load for inner tire from 0.95 in AFS to 0.90 in

AIFS.
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Figure 5.5: Tire work-load, understeer vehicle, circular motion

As shown in the above figures, the active independent control not only achieves
the set point (reference) yaw-rate and ideal trajectory, but also equalizes the tire work-

load between front inner and outer tires. The same control algorithm is now applied to an

oversteer vehicle model.

5.2.2 Circular Motion - Oversteer Vehicle

The oversteer vehicle parameters used in Section 4.3.3 is simulated here for AFS and
AIFS control. Since oversteer leads to higher yaw-rate with speed, the active control
should reduce the steering angle in an attempt to achieve the reference yaw-rate. Though,
a conventional AFS control will not increase the tire work-load of the inner tire in this
case, since the steering angle is reduced, an AIFS can reduce the tire work-load of inner
tire by a significant amount, thus bringing it closer to the work-load of the outer tire. For
this purpose, AIFS controls only the inner wheel and leaves outer wheel uncontrolled.
The steering output after active independent command is shown in Figure 5.6 along with

those of driver command and AFS system. The AIFS, as designed, reduces the inner
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wheel steer angle from 5.75° to 3.3° to achieve the target response. The resulting slip-

angle time history for both AFS and AIFS system is shown in Figure 5.7(a).
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Figure 5.7: Slip-angles and lateral forces, oversteer vehicle, circular motion

These results show that AIFS requires slightly longer time to reach steady-state,

and the slip-angle for outer wheel of AIFS is larger and for inner wheel is smaller than

AFS. The corresponding lateral forces at both tires are shown in Figure 5.7(b). It can be

seen that the outer tire generated much higher forces than the inner tire, but tire work-

load results, plotted in Figure 5.8, show that both tires in case of AIFS generate equalized

work-load (0.84 for inner and 0.87 for outer), which is not the case for AFS.
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Above forces result in controlled yaw-rate and vehicle trajectory which are shown
in Figure 5.9. Since the controller operates only on inner wheel, the value of active
steering command is large and hence takes more time to be applied. This causes a higher

overshoot in yaw-rate response when compared with AFS.
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Figure 5.9: Yaw-rate and trajectory, oversteer vehicle, circular motion
This overshoot in yaw-rate, however, does not seem to affect the vehicle trajectory by
large amount and the vehicle follows the ideal path closely.
The results presented in Section 5.2.1 and 5.2.2 for under and oversteer
configurations, respectively, show that the AIFS algorithm is stable and is effective in

providing required response, while improves the tire work-load significantly. To further
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examine the applicability of AIFS control, it is applied to a lane-change maneuver which

is discussed in the following subsections.

5.2.3 Lane Change - Understeer Vehicle

In line with the analysis presented in Chapter 4, the understeer vehicle with a forward
velocity of 25 m/s is given the driver command for lane-change as shown in Figure 4.6.
Due to the sinusoidal nature of the steering command each front tire acts as outer for each
half cycle as discussed earlier. The AIFS hence changes the active command from right
to left wheel after the half cycle. The steering output, after AIFS is applied, is shown in
Figure 5.10 and is compared with conventional AFS results. While conventional AFS
acts on both front wheels, AIFS controls only one wheel at a time and hence, maintains
low slip-angle at respective inner tire for each half cycle as shown in Figure 5.11(a). The
right wheel acts as outer wheel for first half of the cycle and left wheel acts as outer
wheel for the other half cycle. Similar results for lateral forces generated at front tires can
be seen in Figure 5.11(b).

The vehicle’s response to lane-change input in terms of yaw-rate is shown in
Figure 5.12(a) for AFS, AIFS and without control. The results when compared to
reference yaw-rate show the effectiveness of both AFS and AIFS in achieving target
response throughout the cycle. The corresponding vehicle trajectory is shown in Figure
5.12(b). Again, both AFS and AIFS performance are identical. In this case of lane-change
of understeer vehicle, there is slight deviation from the ideal path during transient,
however, the steady-state coordinate for the controlled cases are same as that defined as

ideal.
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These results show that the similar performance can be achieved by actively
controlling only one wheel at a time, since the contribution of the inner tire lateral force
is not significant. Thus, AIFS control technique works as good as a conventional AFS
control technique without risking the inner tire forces to saturate, which is evident from
the tire work-load results presented in Figure 5.13. It is clearly noticed that both front
tires operate at approximately same peak tire work-load of 0.34 in AIFS control, while
there is a difference of 30% in the peak tire work-load values of inner and outer tires for a

conventional AFS, with 0.3 tire work-load for outer and 0.4 for inner tire.
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The AIFS technique is further applied to more complicated situation of lane-change

maneuver of the oversteer vehicle in the next subsection.

5.2.4 Lane Change - Oversteer Vehicle

The vehicle model with oversteer characteristics due to modified CG position is

simulated for similar steering command for lane-change as presented in the previous

subsection. Two factors, namely, vehicle handling characteristic and sinusoidal steering

command, both play their role in deciding the wheel to be controlled by AIFS. Since the

vehicle yaw-rate is expected to be higher than the reference value due to oversteer nature,
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the active steering command will be subtracted from the inner wheel for each half cycle.
The driver steering command and resulting steer angles of left and right wheels for AIFS
and AFS control are shown in Figure 5.14.

Due to the presence of an integral term in the PI controller as shown in Equation

(4.13), 6, =kAS, +k, IA&S, , the active control command . does not change sign in

phase with steering command J, but before or after Jy, governed by both ‘P’ and ‘I’
terms. This causes differential command to be applied to right or left wheel not for exact
half cycle but changes within each half cycle as illustrated in Figure 5.14.

Tire slip-angles and respective lateral forces are shown in Figures 5.15. Since
lateral force from only one tire at a time is controlled, an overshoot in yaw-rate response
can be seen in Figure 5.16(a), compared to the conventional AFS. The vehicle,
nevertheless, follows the ideal trajectory closely in this case as well which is

demonstrated in the trajectory plot presented in Figure 5.16(b).
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Figure 5.14: Steering output, oversteer vehicle, lane-change
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Since the sign of controller command does not change in phase with steering
command as explained earlier in this section, tire work-load is not equalized as shown in
Figure 5.17. This would require further improvement in the control algorithm, and is
likely that it can be realized by controlling both wheels, rather than only one at a time.
Since the present control is based on one wheel, it is identified as a limitation where the
proposed controller fails to equalize the tire work-load in case of lane-change of an
oversteer vehicle. Although, an oversteer vehicle is not designed for road vehicles, an
attempt to equalize tire work-load in this case is made by distributing the active steering
command to both front wheels.

For an AIFS to operate on both front wheels simultaneously, it is suggested to
distribute the active command on both wheels, by controlling the previously uncontrolled
wheel in proportion to the controlled wheel. For the current case of lane-change of an
oversteer vehicle, the other wheel is given a 40% controlled steering angle of the
controlled wheel, which can be represented as:

0i = Ost + Oc

0o = 05 + 0.40, 5.1
Due to the oversteer nature, inner wheel is considered as the controlled wheel and only
40% of the controller command is added to the outer wheel. The results for tire work-load
and resulting yaw-rate with distributed AIFS are shown in Figure 5.18 and are compared
with AFS controlled vehicle. It is clearly noticed that the distributed AIFS is able to
equalize the tire work-load better than the conventional AFS control. Although
conventional AFS reduces the tire work-load for both front tires compared to no-control

vehicle, it is incapable of equalizing them.
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Figure 5.18: Tire work-load and yaw-rate, Distributed AIFS

From the results presented in this chapter so far it is seen that the proposed
algorithm has the ability to control the vehicle with both under and oversteer
characteristics. In each case, under step as well as sinusoidal inputs, the controller
provides ideal responses at higher velocities. At the same time it equalizes the tire work-
load between the left and the right tires in all cases except for lane-change of an oversteer
vehicle, for which further improvements have been suggested. This equalization of work-
load by AIFS will in turn prevent lateral force saturation and improve the stability limit
of a vehicle.

Since AIFS can perform as well as AFS while providing important equalization of
tire work-load, it may be interesting to examine the tire work-load characteristics
reported in the literature for other control techniques. Figure 5.19 [23] presents the tire

work-load time history for two different 4WS based controllers.
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These tire work-loads were generated for a circular motion using 4WS+4 wheel active
torque control and 4WS alone. In both cases a 4-wheel model is simulated for a step
steering input of 6° steering angle towards right, making the right wheel as the inner
wheel. It can be seen that both right (inner) tires experience higher tire work-loads. The
outer tire (left in this case) is not exploited to its limit to generate lateral forces and work
under low tire work-loads.

In another study [19], vehicle handling is improved with integrated controls
(DYC+AFS and DYC+4WS). The vehicle is simulated for a lane-change maneuver and
tire work-loads were presented as shown in Figure 5.20 [19]. It is again observed that
there is a significant difference in the tire work-loads developed at the inner and outer
tires for all the control strategies. This shortcoming of available control strategies puts a
limit on the control that can be exercised by active systems. This limitation of active
controller can be overcome by the proposed AIFS system. The AIFS system can be easily
integrated with DYC to provide improved handling and stability. It is easy to see that the
proposed AIFS system will allow the integrated DYC system to generate required lateral

force for stability even under the most extreme handling maneuvers.
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5.3 Summary

An AIFS controller was developed based on the AIFS algorithm presented in the
previous chapter. The controller proved to be stable for different vehicle models and
steering commands. The AIFS controller when compared with conventional AFS control,
showed significant improvement in tire work-load while giving similar handling
response. Such AIFS control proves to be a promising control technique since higher
forces can be generated from the same vehicle model. For further improvement of vehicle

handling response, AIFS technique may be integrated with other control techniques.
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Though, AIFS technique developed in this investigation did not show tire work-load
improvements in an oversteer vehicle for lane-change maneuver, it is not of critical
importance to improve the algorithm, since most of the road vehicles are designed to be
understeer in nature. Further exploration of this is proposed in the future studies. Even
though a control algorithm for AIFS is formulated, a control system is designed and
vehicle response is analyzed, the most important question remains as how to implement
such a control strategy in road vehicles without a ‘drive-by-wire’ system. For this

purpose a steering mechanism with mechanical linkages is proposed in the next chapter.
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6 Steering Mechanism for AIFS

The most important part of any control strategy is to implement it practically within given
constraints. Without a suitable hardware to install a controlled steering mechanism, any
proposed control technique is not of practical use at present. Due to issues such as
electronic component failure risk, regulations require a mechanical linkage between the
driver steering wheel and the road wheels. These regulations impede the use of
electronically controlled ‘drive-by-wire’ system in road vehicles and physical constraints
inside the car body and cost effectiveness make it difficult to design appropriate
mechanical hardware. Due to such limitations most of the active steering control
techniques could never be applied in road vehicles.

Only after BMW applied an active steering strategy [115, 116] using a planetary
gear, discussed later in this chapter, it is now possible to fully implement an active front
steering control in road vehicles. Unlike earlier active steering control techniques [17],
BMW’s active steering is not constrained to 3-4° steering angle. The proposed active
independent steering technique is based on the similar principal of using planetary gear,
but the independent command to both front wheels requires an unconventional steering
rack design. Such a design for independent steering mechanism is conceptualized and

presented in this chapter.
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First, kinematics of conventional steering mechanism is discussed. Alternate
steering mechanism is suggested. Then, BMW’s active steering mechanism is analyzed.

Finally, steering mechanism for active independent control is discussed.

6.1 Conventional Steering Geometry

As discussed earlier road vehicles must follow Ackerman ratio for the front wheels for a
scrub free low speed turning. The theoretical relation between steering angle of inner and
outer wheel is defined by Equation (3.4). A mechanism is required which allows the front
wheels to be steered in this ratio for the given driver steering command. A mechanism
with 4-bar linkage can be employed for this purpose. The mechanism used in road
vehicles is based on a double slider-crank mechanism; one slider-crank pair for each

wheel.

6.1.1 Slider-Crank Mechanism

A slider-crank mechanism consists of 4 linkages; 3 moving and 1 fixed. There are 3
rotary pairs and 1 sliding pair of joints. Gruebler's equation [123] is used to calculate the
degrees of freedom of planar, closed linkages. The number of degrees of freedom of a
linkage, also called its mobility, is:
m=3(n-1)-2f (6.1)
where, m = mobility = degrees of freedom
n = number of links (including a single ground link)

/= number of one degree of freedom joints (pin or slider joints)
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Figure 6.1: Slider-crank mechanism

A 4-bar slider-crank mechanism is shown in Figure 6.1. This mechanism
according to the Equation (6.1) with n =4 and /= 4, is a 1-DOF system. The slider (link
2) or crank (link 3), both can act as input to the mechanism and the other acts as output
link, while the connecting rod (link 4) relates the motion between the two. Using this
mechanism and changing different parameters such as linkage length, slider offset and
initial angle of the crank, a steering mechanism can be designed to follow the Ackerman
geometry closely. Two such mechanisms are joined together to form a steering
mechanism. The steering rack acts as the slider for both mechanisms as input. The wheels
are connected on cranks on each side. A half steering mechanism is shown in Figure 6.2
and the kinematical analysis is carried out to find the relation between the inner and outer
wheel steering angle for a given input to the rack.

As seen in Figure 6.2, the relation between the inner and the outer steer angle
depends on the length of linkages, [y, l, the initial angle & and the slider offset height A.

The equation relating these parameters is derived as:

Lsin(@—-38,)+y,* <[], cos(0—5,) ~ h}? =

(6.2)
L,[ 2sin(@) —sin(@ + 8,) ] + 2\/112 ~[1, cos(8) — h)* — \/1,2 —[l,cos(@+8,) - h}

Above equation gives a relation between d, and J;, the inner and outer steering angles. By
varying other parameters, one can achieve different ratio of inner and outer wheel
steering for a given slider motion, i.e., for a given driver input. The parameters used in

Equation (6.2), namely, /;, I, 8 and h are optimized to achieve the Ackerman ratio as
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closely as possible in road vehicles, while it may be set to follow anti-Ackerman ratio for
race-cars. This mechanism is also popularly used in industrial application to convert a
sliding motion into a rotary motion or vice-versa due to least number of sliding pairs

present and hence, avoiding unnecessary friction.

i
L7

~— ly) 5,‘ 01’50

I

<=} [~

Figure 6.2: Half steering mechanism using Slider-crank
A slight modification to the slider-crank mechanism can convert it into what is

known as Scotch-yoke mechanism which is discussed in the next subsection.

6.1.2 Scotch-Yoke Mechanism

By changing one more rotary-pair joint to a sliding-pair joint, a slider-crank mechanism
can be converted to a scotch-yoke mechanism. Thus, a scotch-yoke mechanism consists
of 2 rotary and 2 sliding pairs of joint as shown in Figure 6.3. According to Gruebler's
relation (Equation 6.1), this mechanism can be shown to have 1-DOF. This setup is most
commonly used in control valve actuators in high pressure oil and gas pipelines and has
some distinct advantages over slider-crank mechanism, namely high torque output; fewer
moving parts; smoother operation. As shown in Figure 6.3, the crank (link b), acts as a

driving or driven link. Link c, the connecting link, acts as a slider inside the link d, which
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is in turn a slider in the fixed link and works as a driven or driving link. A scotch-yoke
mechanism is suggested as another possibility to be used in steering mechanism. Scotch-
yoke mechanism gives freedom to vary the radius of curvature of the second slider, link
d, and hence, the relation between inner and outer wheel steering angles can be
manipulated precisely. A scotch-yoke mechanism with a finite radius of curvature for

link d is shown in Figure 6.4 and the kinematical analysis is carried out.

Figure 6.4: Half steering mechanism using Scotch-yoke
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In the above figure a half steering mechanism using a scotch-yoke is presented.
Depending on various parameters, such as, crank length /, crank initial-angle 6 and

radius of curvature r of link d, the relation between &, and J,, inner and outer wheel

steering angles, can be derived and is given by the following equation:

L [sin(@ + 8,)— sin(@) 1+ 2r = \[r? =1, [cos(@) —cos(0 + 8} = (6.3)

1, [sin(@) —sin(@ - 5,) ]+ \/r2 ~1,> [cos(8 — 8,) — cos(O)]
By varying different parameters the relation between &, and &, is plotted and compared

with the ideal Ackerman curve in Figure 6.5:
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Figure 6.5: Ackerman vs. scotch-yoke mechanism
It is seen that the scotch-yoke mechanism follows the ideal curve very closely and

can be optimized for better results. In the above mechanism a constant radius of curvature
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for link d is used. The deviations from the ideal curve in different regions can be
eliminated by changing the radius of curvature of link d at various points. Thus, a scotch-
yoke mechanism provides flexibility of changing the relation between input and output
within given constraints. However, due to continuous sliding of link ¢ in the grove of link
d, rapid wear of the slot in the yoke (link d) takes place, which prevents scotch-yoke to be

a popular choice in industrial applications.

6.2 BMW’s Active Steering

In recent years, there has been renewed interest on drive-by-wire, where the mechanical
linkages in the steering assembly are replaced with torque/angle sensors and
electric/hydraulic actuators to transmit the steering command from driver to the wheels.
Sometimes, a single motor is used to steer the rack, while sometimes two motors are used
to steer each wheel independently. But the applications of such mechanisms are very
limited, as the government regulations impede the use of ‘drive-by-wire’ in road vehicles,
and it is mandatory to use a mechanical linkage between steering wheel and the road
wheels.

Within this constraint, BMW has designed a semi-mechanical steering mechanism
using a 2-DOF planetary gear train. The system that BMW uses has a speed dependent
variable steering ratio and also the ability to adjust for disturbances during driver reaction
time via Dynamic Stability Control (DSC) [116]. This is achieved with a planetary gear
with two inputs and one output and a fast transmission of information (100 Hz) from

different sensors. The planetary gear is able to add or subtract a signal from the response
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of the steering wheel that controls the road wheel angle. The planetary gear is situated

between the steering column and the conventional steering rack as shown in Figure 6.6.

Figure 6.6: The placement of the planetary gear and the electric motor [116]

The planetary gear, also known as epicyclic gear is a gear system that consists of
one or more outer gears, or planet gears, rotating about a central, or sun gear. Typically,
the planet gears are mounted on a movable arm or carrier which itself may rotate relative
to the sun gear. Planetary gearing systems may also incorporate the use of an outer ring
gear or annulus, which meshes with the planet gears through its inner teeth. A typical

planet gear system is shown in Figure 6.7.
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Figure 6.7: Planetary gear system

In many planetary gearing systems, one of these three basic components (sun,
planet carrier or annulus) is held stationary; one of the two remaining components is an
input, providing power to the system, while the last component is an oufput, receiving
power from the system. The ratio of input rotation to output rotation is dependent upon
the number of teeth in each gear, and upon which component is held stationary. One
situation is when the planet carrier is held stationary, and the sun gear is used as input. In
this case, the planetary gears simply rotate about their own axes at a rate determined by
the number of teeth in each gear. If the sun gear has S teeth, and each planet gear has P
teeth, then the ratio is equal to -S/P. This rotation of the planet gears can in turn drive the
annulus, in a corresponding ratio. If the annulus has A4 teeth, then the annulus will rotate
by P/A turns for each turn of the planet gears. Hence, for the planet carrier being
‘locked’:

e One turn of the sun gear results in -S/P turns of the planets

e One turn of a planet gear results in P/4 turns of the annulus

So, with the planetary carrier locked, one turn of the sun gear results in -S/4 turns of the

annulus.
In other case, the annulus can be held stationary and the sun gear is used as the

input, the planet carrier will be the output. The gear ratio in this case will be 1/(1+A4/S).

113



This is the lowest gear ratio attainable with a planetary gear train. However, if input is
given to both, sun and annulus, the output at planet carrier will be a linear superposition
of these two inputs. Based on above two special cases, relation between the gear ratio of
sun, annulus and carrier can be derived which is discussed further.

As discussed above, let the number of teeth in sun, each planet and annulus are S,
P, and A, respectively. Let the angular velocity of each part is s, p, a and ¢ for the sun,
planet, annulus and carrier, respectively. The angular velocity of sun (s) and the carrier
(c) is assumed to be in clock-wise direction and taken as positive, while the angular
velocity of planet (p) and the annulus (a) is in the counter-clock-wise direction and is
taken as negative. The clock-wise velocity would be represented with a ¢ sign while the

[3ab

counter-clock-wise velocity is represented with a ‘” sign. For the first case of fixed
carrier, the relation can be written as:

s'S=pP=aA (6.4)

If the carrier is not restricted and allowed to rotate, the effect of rotation of carrier

would come into the picture. For this case, if the system is observed from the carrier

rotating frame of reference, above relation would still hold good for the relative velocities

of each part with respect to the carrier. Hence, the absolute velocities of each part would

follow:
(s"-cHS=@+c P=(@+c" )4 (6.5)
The values of s, p, a and ¢ are taken as the absolute values and hence, the carrier

velocity is added to the planet and annulus velocities and not subtracted. From the first

and last term of Equation (6.5) a relation between s, ¢ and a can be derived as:

s*S—a A

st-cNS=@+cH)A = ¢t =
( NS =( ) S 4
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For the annulus velocity in the same direction as of the sun, one can write from the above
equation:

c+=sS+aA 0rc=s-S+a—A (6.6)
S+ 4 S+ A4

Thus, the carrier velocity can be calculated as a linear superposition of known sun
and annulus velocities. It can be observed that both special cases of fixed carrier and
fixed annulus discussed earlier are satisfied by the above equation. According to the
Equation (6.6) a planet gear system can have two independent input variables, from sun
and annulus, and gives one combined output from the carrier.

In the BMW Active Steering system the sun gear is the input and the planet
carrier is the output. The annulus is used for controller input by an electric motor steered
by a computer. If the annulus is held fixed, then the steering ratio is constant and only
dependent on the steering wheel. This way the active steering acts as a conventional rack
and pinion steering mechanism. But if the annulus is in motion at the same time as the
steering wheel, a variable steering ratio is attained. In some situations the annulus
increases the response of the steering wheel, while in other situations the response is
decreased.

At low vehicle velocities the planetary gear adds a contribution to the steering
angle by rotating the annulus in the same direction as the steering angle, which makes the
steering wheel lock-to-lock positions less than two rounds on the steering wheel. This is
advantageous in parking situations and other ‘slow moving - sharp turn’ situations, since
the driver can maintain the grip on the steering wheel. On the other hand, at high vehicle

velocities the planetary gear subtracts a contribution to the driver steering angle by
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rotating the annulus in opposite direction. This increases the safety for evasive maneuvers
on the steering wheel and it provides an increased precision at highway driving.

This planetary gear system is not only used for changing the steering gear ratio
between the driver steering wheel and the road wheels dependent on speed but also is
used for actively controlling the vehicle yaw-rate by DSC. The active steering control
calculates the vehicles desired path from the driver steering command and vehicle’s ideal
yaw-rate from vehicle forward velocity. If the vehicle shows a higher or lower yaw-rate
than the desired yaw-rate due to its understeer characteristics, the active steering control
reduces or increases the front steering angle by a small amount in order to achieve the
desired or reference yaw-rate; keeping the driver steering wheel undisturbed. A detailed
analysis of control technique using this active front steering control can be found in
[124].

Although, such an active system can prove to be an excellent control strategy as
all of the present AFS control techniques can be implemented using this 2-DOF steering
system, yet, the use of planetary gear is limited to change the steer ratio between the
steering wheel and both road wheels simultaneously, and not individually for each front
wheel. If two of these planetary gears are used, one for each wheel, both front wheels can
be steered independently for a given driver input. Such a steering mechanism is discussed

in the next section.
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6.3 Active Independent Steering Mechanism

An active steering for conventional steering mechanism was discussed in the previous
section. The present investigation, however, is focused on an unconventional active
independent steering technique and therefore requires an unconventional active steering
mechanism to perform this task. An independent steering mechanism using 2 half racks
and 2 planetary gear systems is developed in this section. The practical constraints under
which the mechanism should be developed are:
e The mechanism should be symmetrical for right and left wheels.
e It should be fail safe and should be backed up by a conventional mechanical
steering mechanism.
e It should be compatible with present road vehicles’ physical constraints and
should not require major changes in the chassis/suspension design.
e It should give the same feel to the driver as that of a conventional steering/active
steering system.
e The cost should be reasonable.

Keeping all of the above constraints in mind, a design based on the available
BMW’s active steering mechanism is proposed. The independent steering mechanism
employs 2 independent rack and pinion mechanisms for each wheel, driven by individual
planetary gear systems. Each ‘planetary gear - rack/pinion’ mechanism works in the
similar manner as the BMW’s active steering [116]. The sun gears of both planet gears
are directly driven by the steering column. The planet carrier of each gear system acts as

the pinion for each rack. The annulus of each gear system is controlled by an individual
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computer controlled electronic motor, which makes it possible to control each planet gear
system individually. A schematic of this mechanism is shown in Figure 6.8.

The planet gear systems and the racks used for both wheels have same design
parameters which makes this mechanism symmetrical for both front wheels. The
mechanical connection between the steering wheel and the road wheels is maintained
through the planet gear, thus making it safe. In case of any electronic failure, the annulus
of both planet gear systems can be ‘locked’ as in the BMW’s active steering [116],
converting it into a conventional steering system. The only extra hardware added in this
mechanism compared to the BMW’s active steering are a half rack and another planet
gear system with electronic motor, keeping rest of the mechanical linkages similar. This
way, the proposed mechanism seems to be easily installable within the present vehicles
without major changes in the chassis design. For the driver, the proposed steering
mechanism would be similar to BMW’s active steering mechanism in operation, since the
proposed mechanism can also include the active steer ratio for slow and fast vehicle
velocities. Finally, due to most of the hardware already present in the market and being
implemented in the road vehicles, the proposed mechanism is expected not to impose a
high cost from the manufacturing point.

A 3D model of the proposed mechanism is developed in graphics design software,
Maya. The model only represents the mechanical connections between various parts and
is not precise from the kinematical analysis. Screen shots of the model are shown in
Figures 6.9-6.11. As seen in these figures, the input from the steering column goes to the
sun gear of the first planetary gear system and then goes through the planet carriers to

connect to the sun gear of the second planetary gear system. The planet carriers of both
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gear systems are attached to individual pinion gears which run the racks for each wheel.
Each rack acts as the slider for the slider-crank mechanism on either side, crank of which
turns the road wheel on either side. The annulus of each gear system is also meshed with
an electronic motor. Both of these motors are controlled independently by the computer.
This way, for a given driver command, only outer or inner wheel can be controlled as

required. Thus, perfect Ackerman or anti-Ackerman ratio can be attained when required.

Wheel 1

— [/ Planetary
X Gears
U

o

v

[V

Steering Input

o
X
U
Controller Motors ch

Wheel 2
Figure 6.8: Mechanism with dual planetary gears for independent steering

Furthermore, through controller design, same system can be extended to provide
independent input to selected wheel regardless of any driver command. Such input can

generate a lateral force at the selected tire for enhancement of stability.
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Figure 6.9: AIFS mechanism, full view
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6.4 Summary

This chapter presented the kinematical analysis of a conventional steering system. It was
shown that the similar relation for inner and outer wheel steering angles can be obtained
by using a scotch-yoke mechanism in place of a slider-crank mechanism. Though, the
scotch-yoke mechanism provides a higher torque output for the given input compared to
the slider-crank mechanism, this deficiency of slider-crank is overcome by the power-
steering system, installed in almost every vehicle currently. Yet, the scotch-yoke
mechanism showed more flexibility in terms of the kinematical relation between inner
and outer steer angle and hence, can be looked further into.

The active steering system developed by BMW was discussed. This mechanism
opens doors to the existing AFS techniques and variable steer ratio, making driving easier
and safer. The planetary gear system has been used in various industrial and auto
applications, such as bicycle hub, construction equipment to provide high torque to drive
wheels, automatic transmissions and other applications requiring large gear ratio of high
torque transmission and velocity reduction. It has finally found its way in active steering
control; an area which was incomplete due to physical constraints and could not be
implemented.

The proposed mechanism takes the BMW’s active steering one step further,
controlling both front wheels individually, thus making proposed AIFS technique a

practical approach to enhance handling performance and to introduce added stability and

controllability. Only the mechanical concept for the system is presented here. A
kinematical synthesis of the proposed independent steering mechanism and final design

needs further study.
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7 Conclusions & Future Recommendations

7.1 Highlights of the Study

The present investigation employed a 4-wheel vehicle model to study handling
performance of road vehicles. The model developed was based on various nonlinearities
encountered in vehicle dynamics studies and was compared with simpler bicycle model
as well as professionally used CarSim simulations. Most other investigations in the field
of vehicle handling utilize an approximate approach of a 4-wheel model in the form of a
linear bicycle model. Therefore, use of a 4-wheel model in the present investigation gives
more conservative and hence, safer results when compared to the other studies. For
comparative study, performance measures were defined as target path, yaw-rate and
resulting tire work-load. Target yaw-rate at any given speed is defined as V/R, where R is
the radius of curvature of a neutral steer vehicle given by L/tan(dy). Ideal path is defined
as the path that would be followed by a neutral steer vehicle. Vehicle behavior for
understeer and oversteer handling characteristics was examined and compared with those
of a neutral steer vehicle.

Various control strategies for handling performance improvement were studied
and the importance of active front steering control was established. After comparing
various control strategies, yaw-rate control using AFS proved to be an excellent choice.

Vehicle behavior under a closed loop AFS control was examined. Effect of vehicle
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handling characteristics on vehicle behavior and hence, on performance of the AFS
control was observed. Shortcomings of the conventional control strategies in terms of
possible vehicle instability were discussed. Comparing performance of road vehicles and
race cars, anti-Ackerman steering mechanism certainly proved to be a better choice for
handling improvements at high speeds. A conventional AFS control based on Ackerman
steering, though could control vehicle yaw-rate, but failed to utilize the maximum
available friction. On the other hand, a passive anti-Ackerman steering geometry showed
not only improved vehicle path compared to the passive Ackerman steering, but also
improved tire work-load.

Tire work-load was shown to be an important performance parameter and hence,
should be optimized while applying any control strategy. Based on these experiences, a
control strategy with independent control for both front wheels was suggested and
implemented in the 4-wheel vehicle system. A mechanical steering mechanism based on
a dual epicyclic gear system was proposed to realize a fail safe independent front steering
input that can be adopted for AIFS system investigated in this work. Specific conclusions
drawn from this investigation and a list of recommendations for future work are

presented in the following sub-sections.

7.2 Specific Conclusions

The present investigation covered various aspects of vehicle dynamics study, including
vehicle modeling, handling performance, active control and steering design. Based on the

results of this investigation, following conclusions can be drawn:
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Similar handling performance results in terms of vehicle yaw-rate and target path
were obtained with a single wheel control in AIFS when compared with a

conventional 2-wheel control AFS system.

Based on the theory of tire mechanics to generate forces, the proposed AIFS
technique utilizes the maximum ability of the outer front tire to generate lateral
forces. This strategy showed significant improvements in the tire work-load when

compared with the conventional AFS.

The logical yet simple algorithm, developed for AIFS technique, was able to
control vehicle with understeer as well as oversteer characteristics under various
steering maneuvers. The qualitative analysis of the proposed technique showed its

contribution in stabilizing the vehicle, by maximizing the lateral force output.

The only limitation observed for the proposed AIFS is its inability to equalize the
tire work-load when the vehicle is strongly oversteer. In this case, in fact, a very
large corrective steer angle is required. This deficiency, as illustrated, can be

overcome by distributing the control to both front wheels.

To implement the proposed AIFS control technique, a fail-safe steering
mechanism, based on BMW’s active steering, was proposed. The kinematical
study of the mechanism was carried out; however, an accurate model design is

required to finalize the mechanism.
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7.3 Recommendations for Future Work

The present investigation can be considered the first step in exploring the concept of
independent front wheel steering system. The potential of the concept was explored using
a 4-wheel handling model and simple control system. As stated earlier, present
investigation covers different aspects of vehicle dynamics study, further improvements in
all of these areas is required before such an independent control technique can be
implemented in the production vehicles. To this end, further study in the following areas

can be carried out:

Vehicle Model

Although the vehicle model used in this study was a 4-wheel nonlinear model, it can
further be improved by introducing the effects of aerodynamic drag, rolling resistance
and suspension stiffness. These parameters will affect the normal load on tires and the
friction forces acting on them. Also, combined slip during braking or accelerating while

negotiating a turn will affect the lateral force generation ability of the tires.

Robust Control System

The control system used in the present study is based on a typical PI controller. The
control algorithm is linear and the controller has no information about the saturation state
of the tire lateral forces. In this case, if the forward velocity of the vehicle is higher than a
certain value for a given steering command, such that the vehicle can never reach the
reference state due to limited lateral forces, the controller will steer the wheels

indefinitely, leading to vehicle instability. This shortcoming can be eliminated by using a
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nonlinear robust controller. A quantitative stability analysis of the control algorithm

should be carried out.

Severe Test Conditions
Vehicle behavior in severe conditions, such as side wind disturbance, double lane-change
and split-y maneuver can be examined to establish the robustness of the independent

control technique.

Integrated Control

In the proposed control algorithm, only one wheel was controlled at a time. The equalized
tire work-loads of the front tires in the present study are results of yaw-rate control, and
are not optimized directly. If both front wheels are controlled independently with
optimized steer angles, tire work-load can be optimized along with yaw-rate.
Furthermore, the proposed AIFS can be integrated with other conventional control
techniques, such as DYC to realize full vehicle control, i.e., yaw-rate and vehicle side-

slip control.

Other Applications

The proposed mechanism with a full control capability at front wheels can be used for an
optional drive-by-wire technology in future. The 2-DOF planetary gear system opens the
possibility of controlling the vehicle path on automated guided highways and lane-

keeping without any driver interference and without disturbing the steering wheel. This
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mechanism can also be used in “automatic parking”, already available in certain
production cars, again, without disturbing the driver steering wheel.

Other major application of AIFS control technique could be the stability control in
split-u tracks. As shown in Figure 7.1, independent steering system makes it possible to
actively steer only left wheel to generate lateral forces and counter moments, while the
right tire on low friction surface is held straight to generate maximum possible

longitudinal force for braking purpose, without risking it to get “locked”.

0.6 Finax

Figure 7.1: AIFS in split-u condition

These arguments further establish the potential of AIFS control technique to
improve the vehicle handling performance and hence, further research in this area would

certainly take active steering control to another level.
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